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Section 1
VIBRATION TESTING

PITFALLS IN RANDOM SIMULATION

Warren C. Beecher
Instrument Division
Lear Siegler, Inc.
Grand Rapids, Michigan

input wide band random g plots.

recommended.

This paper outlines certain problems in producing proper simulation of
field environmerts and specification requirements for random vibration
at the mounting points of the test specimen. These problems fall inte
two general categories: the equalization process and testing practices.
Under the first heading, two general types of equalizers (series-
connected and parallel bandpass) are discussed and four methods of
equalization by matching transfer plots are compared: constant input-
voltage swept-sine G plots, constant-output inverse-input swept-sine
plots, constant input-voltage scanning-random g plots and constant-
The last method shows consistently
good results and is the basis for automatic equalization equipment. A
new method is developed for the successful appiication of wide band
noise equalization to the series-connected peak/notch type equalizer.

Under the second heading, the effects of holding fixture design and
accelerometer mounting practices are discussed, and the significance
of notches in the fixture response curve is explored. The construction
of dummy loads is outlined, and their application is explained. Labo-
ratory experiments show the unsuitability of narrow band sweep testing
techniques for multi-degree-of-freedom test items. Some tentative
boundary selections for wide band segmented random noise tests are

INTRODUCTION

Ever since the advent of jet and rocket
propulsion, an incrensing proportion of meas-
ured environments have departed from
sinusoidal-type vibration and adhered more or
less closely to wide band random noise. There
has been some controversy in the past about
the desirability of duplicating these environ-
ments, but the practicing engineer faced with
a requirement from a military specification
has no doubt about the necessity. It has often
been assumed that after the acquisition of ran-
dom noise vibration test equipment, faithful
adherence to the manufacturer's recommenda-
tions for its use should resull in adequate sim-
ulation of the required environment. However,
it is impossible for the manufacturer to treat
the subject with this much detail in the average

instruction manual; in addition, the nature of
certain problems and their solutions are just
now becoming evident.

Continuing experiments at this laboratory
have resulted in improved practices in the twin
fields of random equalization and testing which
should prove of interest to others engaged in
these fields ~ either through corrcobcration of
their findings, or by the stimulation of further
investigation.

EQUALIZERS

The first equalizers to reach the market
consisted of several peak/notch-type filters
supplemented by general curve-shaping devices
including bandpass filtcrs, low pass filters and




"graphic'' equalizers. All filters in use are
connected in series or cascade, and only as
many filters are used as are required. Al-
though newer devices are considerably more
efficient, they also require a considerable
capital outlay, and many series-type equalizers
are still in use. In the discussion of equaliza-
tion methods, a new method is proposed which
increases the speed and accuracy of equaliza-
tion with the series equalizer.

The parallel bandpass-type equalizer con-
sists of multiple bandpass filters parallel con-
nected so as to divide the spectrum into small
bits, each adjustable in amplitude. If a second
set of parallel-connected bandpass filters is
furnished, a parallel bandpass filter analyzer
can be constructed to monitor the parallel band-
pass filter equalizer. When the equalizer is
servoed to the analyzer, the autocmatic equal-
izer results. Tt is obvious that the servoed
equalizatior is extracted from a comparison
with wide band random: noise by inherent de-
sign necessity.

STANDARD EQUALIZATION
TECHNIQUES

Two standard equalization techniques for
peak/notch equalizers are frequently mentioned
in the manufacturer's literature, each using a
sweeping sine oscillator to scan the test item
over the specification range. In the first
method the oscillator voltage is established at
a fixed point and held constant over the fre-
quency range. The resultant variations in out-
put g levels corresponding to the test item re-
sponse are plotted. The apparent disadvantage
of this method lies in the fact that rather high
g levels may be reached at the test item moni-
toring point if high Q resonances are present.
If the actual test item {(or in some cases a fac-
simile thereof) is present, damage may occur.
For this reason, a rather low input level is
usually chosen.

This difficulty is eliminated by the second
method, which frequently utilizes the same ref-
erence point as the first, but holds the g level
constant instead of the voltage. To see the
shape of the test item response, the inverse of
the amplifier input voltage is plotted. Where a
log converter is employed, it is usually possi-
ble to plot in inverse by revarsing the polarity
of the output cable plug.

The connection diagram used {or plotting
output g response curves at constant input volt-
age (Method 1) is shown as Fig. 1. The connec-
tion diagram used for plotting inverse input

voltage response at constant g level (Method 2)
is shown as Fig. 2.

The third equaiization technique utilized
involves substitution of a narrow band scanning
random generator for the sweeping sine oscil-
lator [1]. With the exception of this substitution,
the connection diagram remains unchanged.

Two types of narrow band scanning random
generators may be employed — constant band-
width or ¢onstant Q types. If a constant Q
generator is employed, a 3 db/octave power
spectral density rolloff filter must be used to
correct the amplitude level for increasing
bandwidth as the frequency is increased. This
is the method :Iat was employed at Lear Siegler,
Inc.

The fourth equalization technique that was
employed involves submitting the test item to
vibration created by a wide band white random
noise generator band limited according to the
test specification. The true root-mean-square
{TRMS) output g level was adjusted to equal the
level called out in the test specification for the
final equalized value. The connection diagram
is shown as the alternate connection of Fig. 1.

SELECTION OF i'EST ITEMS

If an equalization technique is to be ac-
counted satisfactory, it must encompass scme
of the more difficult test conditions, as well as
selected simplified cases. For this reason, a
horizontal table driving an intermediate fixture
was used. The test item consisted of a rectan-
gular plate fastened at the four corners and
suspended across a slot in the end of the main
fixture. The dimensions of the plate were made
unequal to insure that at least two degrees of
freedom would have tu ve equalized. Two of
these plates were used. Evidence collected
over a period of time seemed to indicate that
equalizing a resonance higher in frequency than
that of the driving resonance of the shaker-
horizontal table combination presented addi-
tional problems. For-this reason, Sample A
was chosen so that the resonances associated
with the lateral and lengitudinal modes fell
lower in frequency than the shaker-horizontal
table driving resonance (hereafter referred to
as prime resonance (PR). Sample B was chosen
so that the corresponding frequencies lay above
FR.

Figure 3 is a general view of the shaker as
it is coupled to the test item. Figure 4 shows

NOTE: References appear on page 14.
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Fig. 3 - General view of shaker and test
sample with intermediate fixturing
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the details of the two test samples and their
mounting provisions. It should be noted that
the test item mass was kept very low compared
to the fixture mass, so that there could be no
backdriving of the fixture by the test item
resonances.

RESULTS OF TESTING PROGRAM

Figure 5 shows actual response plots for
Samples A and B using the first three equaliza-
tion techniques. The results demonstrate dif-
ferences in both frequencies and amplitudes
between the three methods. Furthermore,
changing the input reference levels in the case
of the sine sweeps caused noticeable changes
in the shapes of the response curves, again
affecting both frequencies and amplitudes. Al-
though equipment availability at the time the
scanning random test was conducted limited the
results to only one curve with thes. iest sam-
ples, previous testing showed that scanning
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narrow band random testing behaved quite sim-
ilarly to sweeping sine, and differences nearly
vanished as the bandwidth was progressively
narrowed. For the curve in Fig. 5d, the band-
width = 0.15 £ where f_ is the operating fre-
quency for any point on the curve.

Later it will be seen that if the fourth
method of wide band random noise input is
used for the basis of an equalization procedure,
correct equalization will result. There is a
corollary to this proposition; i.e., if some other
equalization method is as good as wide band
random input, it cannot show significant devia-
tions from the same response curve that wide
band random input will produce. For this rea-
son the various response curves produced by
the first three equalizati 'n teclmigues are
compared with those prod.ccu from wide band
white noise input for Sample A in Fig. 6 and for
Sample B in Fig. 7.

These curves show that constant output g
sweeping sine (inverse input voltage) plots
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Fig. 5 - Comparison of sweeping sine response curves with each other and with narrow band
scanning random response curve: (a) Sample A with constant input voltage at 1 and 0.2 g rms
at 150 cps; (b) inverse input voltage plot of Sample A to 5 and 1 g rms constant output g sine
sweep;(c) inverse input voltage plot of Sample B to 3 and 1 g rms constant output g sine sweep;
and (d) Sample B - constant input voltage scanning random noise (ref. 1 g rms at 200 cps) vs

1 g rms constant output sweeping sine
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The basic curve for Fig. 6 comparisons is the
GJV cps response of Sample A to an input of wide band white random vibration with a meas-
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Fig. 7 - Sine v; random response curves for Sample B: (a) response at 10 g rms random vi-
bration; {b) constant voltage (ref. 3 g rms at 200 cps); (c) constant g level (inverse plot of input
voltage at 1 g rms); and (d) constant level uniform power spectral density scanning random

noise vs wide band noise. The basic curve for Fig, 7 comparisons is the G/V

cps response of

Sample B to an input of wide band randorn vibration with an output level measured at 10 g rms,

20-2000 cps.

produce slightly closer resuits than constant
input sweeping sine when compared to response
curves plotted from wide band white noise con-
stant input. Moreover, these curves show much
closer correspondence for Sample A (sample
resonances below PR) than for Sample B (sam-
ple resonances above PR). Since constant out-
put g sine sweeps are less apt to produce
damage and tend to correlate better with wide
band random, only tiiese are shown for Sam-
ple B.

In the case of Sample A (Fig. 6), the largest
deviations of the comparison were at the low
ends of the spectrum where the sine tended to
roll off more rapidly than did the random re-
sponse curves, especially for the constant input
voltage response curves. The amplitude of re-
sponse at PR was larger for sine than for ran-
dom. The excessive low-end rolloff could be
partially corrected at constant g output by in-
creasing the output level, but this did not nec-
essarily guarantee a match in resonant ampli-
tudes and frequencies. For this reason, and

for the reason that broadband white random input
was just as convenient and could produce more
accurate results, the best constant g level for
sweeping sine has not been determined. It is
probable that a best value does exist, however.

In the case of Sample B (Fig. 7), the largest
deviations of the comparison took place as a
high-end rollup of the sine curve especially in
the frequency region above PR, This was ac-
companied by a tendency for too much sine re-
sponse rolloff at the extreme low end. Heavier
level constant output g shakes tend to match
wide band white random response curves, but
the chance of finding a sine level which will
match all portions of the curves for both fre-
quency and amplitude appears to be quite re-
mote in the case of Sample B, where resonant
peaks occur beyond PR.

All of the above is of little importance un-
less it can indeed be proved that equalization
to the wide band white noise response curve
will produce a valid equalized response.




Figure 8 shows the steps in a procedure which
yields experimental proof of this proposition.
In Fig. 8a the unequalized response curve of
tice test item is obtained with constant inpu*
voltage wide band white noise in accordance
with the connection diagram of Fig. 1. The in-
put ncise level is adjusted for a voltage that
will produce the specification output level (10.0
rms g in this instance) when the input noise
bandwidth is the same as the specification
bandwidth. To equalize to this curve, the
equalization filters are connected to the white
random noise generator as in the connection
diagram of Fig. 9. The bandpass filter is em-
ployed to band limit the noise to specification
values before feeding it to the equalization
filters. Figure 8c shows the inverse response
of the filters as matched to the unsqualized re-
sponse of Fig. 8a. The closeness of match at-
tained here was limited by the number of peak/
notch filters employed and by the amount of
time available for adjusting them. Some dis-
crepancies do exist, so that the resultant equal-
ization will show some small errors. This is
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borne out by Fig. 8d which represents a close
approach to perfect equalization but with some
errors as large as +5 or +6 db. These were
the result of employing too few peak/notch fil-
ters to get perfect match in Fig. 8c, rather than
of any failure of the method.

TESTING METHODS
Sweeping Sine Tests

Random noise simulation is expensive in
both equipment and in man-hours required.
For this reason, it has been only reasonable
for industry to examine the possibility of sub-
stituting sweeping sine tests for wide band
random tests. Since we have shown that in
almost every instance the measured response
of the typical test item is going to be different
when subjected to sweeping sine than when ‘sub-
jected to wide band random noise, it is fairly
obvious that equivalence of results can be ex-
pected only in a few special cases.
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Fig. 8 - Equalizing Sample B to wide band noise response curve: (a) response at 10 g rms
random vibration; (b) inverse voltage (IV) plot of console output as modified by equalizers to
match (a); (c) comparison of (a) and IV curves showing where filters failed to give perfect
match;and (d) resultant response of Sample B as equalized by equalizer adjustment to IV curve.

The basic curve for Fig. 8 comparisons is the

V cps response of Sample B to an input of

wide band random vibration with an output level measured at 10 g rms, 20-3000 cps.
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Partitioned Random Tests

Many environmental laboratories have
equipment suitable for random noise simula-
tion, but are faced with the problem that mod-
ern test specifications frequently involve higher
specification power spectral densities than
were prevalent in the past. Often the situation
is further complicated by heavier test items.
As an alternative to purchasing equipment with
more force capability, environmental labora-
tories are considering the practicability of
substituting scanning random tests or seg-
mented random tests for a broadband random
test covering the required spectrum in one step.

A series of experiments was devised to
examine the effects of segmenting random noise
spectra into two or more parts covering the
total frequency range, and to attempt to arrive
at suitable dividing boundaries for the partition-
ing process. Figure 10a shows the test item
response to the unsegmented random noise
from 20 to 3000 cps. Figure 10b shows the test
item response when the high end is partitioned
at 2000 cps. 2 frequency above PR (at 1200 cps).
The shape of the response curve below the
partitioning boundary remains unchanged.
Figure 10c shows the test item response when
the high-end boundary is lowered to 1000 cps,

a frequency below PR. In this case, failure to
include the PR peak within the segment has al-
tered the frequency response within the seg-
ment, producing an excessive low-frequency
rolloff. Since it now appears that the

low-frequency segment should include PR

within its boundaries, it is necessary to know if

the same requirement applies to the high-
frequency segment. This was determined as
foliows:

Figure 10d shows the test item response

when the low-end boundary is set at 600 cps to

include the PR peak within the segment. The
portion of the response well above 600 cps is

seen to match the broadband response. Figure
10e shows the test item response when the low-

cnd boundary is set at 1500 cps, 30 as to be

above PR. Again, the portion of the response
well above 1500 cps is seen to match the broad-
band response. In this instance, it is not nec-
essary to include PR within the boundaries of

the segment.

In the case of substitution of scanning ran-

dom tests for wide band random noise tests,
one is forced to raise the question of what is

likely to be gained over sweeping sine tests. It
would appear from the evidence accumulated at
this laboratory that very little is to be gained
unless the scanning random is broadband, in-
deed. Originally it was thought that if the scan-
ning random bandwidth would include the first

two even and first two odd overtones of the
fundamental (a bandwidth of approximately
2 1/3 octaves), reasonably gooc « untization

would probably result. A giance at the results
of segnienting random noise, as dewnonstrated

above, raises serious doubt as to the validily
of any test segment below PR which does not
include PR.
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Fig. 10 - Effects of segmenting random noise, Sample B: (a) response a at 10 g rms random
vibration; (b) response a' compared with a, if high-end cutoff is reduced from 3000 to 200 cps;
(c) response a" compared with a, if high-end cutoff is reduced from 3000 to 1000 cps; (d) re-
sponse b' compared with a, if low-end cutoff is raised from 20 to 600 cps; and (e) response b"
compared with a, if low-end cutoff is raised from 20 to 1500 cps. The basic curve for Fig. 10
comparisons is the GVV cps response of Sample B to an input of wide band white random vi-
bration with a measured output level of 10 g rms, 20-3000 cps.
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Testing With Parallel Bandpass
Filter Systems

Automatic equalizers (and some manual
equalizers with parallel bandpass filters) em-
ploy parallel bandpass-type analyzers with
matching bandwidths. It is poseible for a me-
chanical resonance to have a bandwidth much
narrower than that of the filters. In this case,
it is likely that the resonance will not be prop-
erly equalized, but that the matching analyzer
will not indicate any error. For this reason, it
is wise to check new fixtures with a second
analyzer of narrower bandwidth on the first
equalization attempt. Ideally, the bandwidth
should be very narrow (of the order of 1- or
2-cps bandwidth) but such bandwidths involve
extremely long analysis times. Usually, it is
sufficient to check with an analyzer bandwidth
that is substantially smaller than that of the
parallel bandpass filter analyzer that is being
checked. Bandwidths of the order of 5 to 10 cps
are normal for this purpose. If no apparent
differenc= in results is recorded, the original
equalization should be adequate.

Systems with bandwidths of 25 ¢ps or nar-
rower are nat nearly as prone to the type of
error under discussion as are some of the
wider bandwidth types. It should be realized,
however, that narrower bandwidths are required
for equalizing low-frequency resonances than
for equalizing resonances at the oppos.te end of
the spectrum. This situation arises from the
fact that natural mechanical resonances tend to
cluster around constant Q, rather than constant
bandwidth limits, and this leads to very narrow
bandwidths at the low end of the spectrum even
if the test item resonance is of only average Q.
The majority of resonances fall within the Q
range of 3 to 30. Very few show Q's in excess
of 50.

Whether or not the user buys very narrow
bandwidth filters at the low-frequency end will
depend on his estimate of whether he will need
to equalize any large test items with low-
frequency resonances. Filters with somewhat
wider bandwidths may be employed where the
only function is general shaping. Conversely,
the user may still find it necessary to buy quite
narrow bandwidth filters at the high-frequency
end, if he anticipates test items with high Q
resonances in this frequency region. Items
with high Q resonances also require additional
dynamic range from the equalizer. Ranges of
50 db or more may be required with some tast
items, especially in the case of stepped spectral
specifications.
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Fixturing and Monitoring

The art of designing and using fixtures is
too-involved to more than scratch the gurface
in the space devoted to it here, but a few com-
ments may not be out of order.

The test item is usuaily mounted to some
basic fixture plates at three or more attachment
points. When these attachment points are dis-
tributed in such a way as to make it feasible to
use a single plate, this arrangement is desir-
able. Even when a single plate is possible, it
may be difficult to assure equal inpuis at all
mounting points. One way to improve the
chances for this desirable situation is to place
the attachment points as symmetrically as
possible on a mounting plate that is in itself
symmetrical in a plane transverse to that of
the forcing vibration function. Plates that are
circular, square, or in the form of the other
regular polygons are suitable. I, by careful
fixture design, equal inputs at all attachment
points are achieved, any location immedia.ely
adjacent to these points may be used for the
monitoring accelerometer for equalization or
for monitoring sine vibration. If this equality
is not achieved, worst-point monitoring may be
used, or the technique of averaging outputs of
accelerometers adjacent tc each attachment
point to form one electrical signal may be a
desirable substitute [2,3].

It is desirable to place all fixture resonant
frequencies substancially Lkigher than the top
frequency limit of the specification, but when
this is impossible, a satisfactory equalization
can usually be achieved if there are no pro-
nounced notches in the response curve within
the frequency limits of the specification. If
these notches occur, they do not necessarily
mean a failure on the part of the fixture to ab-
sorb energy from the shaker at the notch fre-
quencies. This condition usually indicates that
the fixture is absorbing energy in such a way
as to produce "oil-canning" or vibration in a
direction transverse to the desired direction.
Another cause of notches may be the absorption
of energy in exciting harmonic or subharmonic
modes rather than fundamental modes. The
presence of major notches in the response
curve of the fixture is a cause for real concern
until the extent and nature of the energy absorp-
tion is understood and verified to be below ac-
ceptable limits for any undesirable modes that
may have been excited. A cross-mode vibration
greater than 100 percent of the in-line mode
is usually considered to be excessive.




When equalization is first attempted on a
new fixture, it may be desirable to use a three-
axis accclerometer and to analyze the cross-
mode response., This practice is particularly
recommended when automatic equalization is
employed, as the servo will attempt to cancel
the notch if this is at all possible. If the notch
is caused by cross-moding, the test item may
be overtested or even destructively tested along
22 axis other than the test axis. The only re-
course the test engineer can follow upon dis-
covering such a situation is to place the affected
channel in the manual mode and reduce the drive
to acceptable limits. If this results in excessive
notching, he may obtain a deviation by showing
the cause of the notch, or he may alter the fix-
ture to remove the problem. Although this
problem may be more dangerous with an auto-
matic equalizer because it is more easily over-
looked, its solution must be accomplished with
any type of equalizer employed.

Since a parallel bandpass filter equalizer
with appropriate bandwidths and sufficient dy-
namic range will "equalize" almost any fixture,
there is a natural tendency to slough off the
nastier problems of good fixture design on the
basis that equalization will take place even if
the fixture is not very good. We have just seen
that what this attitude really means is that we
can excite undesirable modes in the fixture to
almost any extent and thereby invalidate the
test.

It has been pointed out that a failure to fill
a notch may be caused when the energy is being
absorbed in harmonic or subharmonic modcs.
When this occurs, the energy appears as mys-
terious "unequalizable' peaks at the harmonic
or subharmonic frequencies. These peaks can-
not be notched out unless the energy is sub-
tracted at the fundamental rather than at the
peak frequency.

An even more exotic response has been
noticed in a few cases. A fixture may act as a
highly nonlinear device. In this case, two
prominent signals of different frequencies may
mix to form sum and difference peak frequen-
cies, also "unequalizable.” In certain cases,
the sum frequency peak may lie higher in fre-
quency than the frequency of any energy being
supplied to the system. Peaks of this sort will
disappear when either of the causative frequency
components is removed. An investigation will
usually show that the causative components are
high level inputs being used in canceling notches.

It is obvious that the existence of drastic

response notches usually points to equalization
troubles and to fixture design inadequacies.
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Dummy Loads

If the test item mass is a substantial frac-
tion of, or is greater than, the holding fixture
mass, the holding fixture rescnances may shift
appreciably in frequency after the test item is
mounted in place. If the test item has a stiffen-
ing effect on the fixture, other aspects of the
fixture response curve may change as well.

For this reason, empty-fixture equalizations
should be rechecked with the test item in place.
The best solution to problems in this area is
better holding fixture design with fixture-mass
to test-item-mass ratios of 5/1 prefcrred, or
3/1 if at all possible. However, this ideal solu-
tion is not always possible. In some instancee,
it is known in advance that empty-fixture equal-
izations will be invalidated when loaded with the
test item. In this case, equalization may re-
quire that the test item be mounted on the fix-
ture. To preserve the test item from damage
during equalization, three alternatives may be
pursued:

1. The test item and fixture may be ex-
posed to 2 short burst of a few scconds of white
random noise input band limited fo the specifi-
cation limits and regulated to give an acceler-
ometer output level equal to the specification
output level. This short burst is tupe recorded
and formed into a loop for analysis. This anal-
ysis yields the plot for the unequalized response,
and the inverse of the equalizer filter output
voltages may then be matched to this plot as
previously described. This protects the test
item by limiting the time of exposure to possibly
damaging vibration.

2. The level of the white random noise in-
put may be reduced well below that of the test
specification to obtain the unequalized response
directly or from a short-bursi tape recording,
as described above. The results of cqualization
to a reduced level should always be checked at
the full level, as some discrepancies may occur
when the level is shifted.

3. The real test item may be replaced with
an inert dummy test item which has the same
mass, centexr of gravity, and moments of inertia
as the real item. By specifying an inert test
item, the intent is to construct a dummy load in
which all major resonances within the frequency
range of the specification have either been
eliminated or damped to very low levels. It is
quite difficult to construct dJummy loads with
these requirements by machining and assem-
bling solid pieces. Where the real unit has an
outside case, very satisfactory dummy loads
have been constructed by fiiling a spare case
with sand mixed with other granular materials




to provide the proper mass. Partitioning or
the addition of local masses may be required to
locate the center of gravity properly or to pro-
vide proper moments of inertia. The inert
dummy is often better than the real test item
for testing fixture loading because it eliminates
the possibility of test item resonances fceding
back into the fixture.

In all fairness to automatic equalization, it
should be mentioned that some types of auto-
matic equalizers permit a gradual increase in
gain with continual servo action to correct re-
sponse shifts as the test level is gradually
raised to the specification requirement. Pre-
calibration of the specification requirements un-
der a no-shake condition is especially desirable
in this connection. With these types of auto-
matic equalizers, the precautions used to pro-
tect the test item from unequalized shakes as
outlined above are no longer required, provided
always that the fixture does not have cross-
modes, harmonic or subharmonic modes, or
intermodulation modes.

CONCLUSIONS

Equalization to wide band white noise inputs
is the applicable method for series-type peak/
notch equalizers, as well as for paraliel
bandpass-type manual and automatic equalizers.
A satisfactory method of performing this task
for series-type peak/notch equalizers has been
devised.

The converse of the ahove proposition is
equally true — narrow band sweeping sine or
scanning random inputs are not generally ap-
plicable to all equalizations. They are satis-
factory only in some special, and usually sim-
plified, cases. In reviewing the curves in this
paper, it may appear that the region of discrep-
ancies is sniall because of the logarithmic fre-
quency scale employed, but close examination
reveals that these regions occupy 30 to 60 per-
cent of the total spectrum.

We cannot equalize satisfactorily to narrow
band input methods and cannot get correlation
between their response curves and those gener-
ated by wide band random noise; therefore,
they do not seem to be justifiable as substitute
tests for wide band random noise tests.

The only method cf reducing the bandwidth
of wide band random noise tests that seems to
hold much promise is the segmented noise test.
However, the segment boundaries cannot be
chosen arbitrarily. The lowest segment must
have an upper limit above PR. The higher
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segments do not require the inclusion of PR on
the basis of present evidence and, if more than
one segment is used, it appears that the next
boundary can be chosen on an arbitrary basis.
This approach should be viewed as highly tenta-
tive at the present time, and should be investi-
gated in considerably more detail. It is possible,
for example, that successive members of a test
item would act as a series of consecutive PR's
and would have to be treated accordingly. This
would explain why a test item such as a relay
maounted on a partition, which is part of a black
box mounted to a fixture on a shaker, gives such
radically different results when subjected to
random rather than sine vibration [4,5]. It is
hoped that mobility methods may eventually
yield exact mathematical models of the observed
phenomena.

Parallel bandpass-type equalizers offer
tremendous advantages in speed and efficiency
of equalization. It is necessary for the buyer
to specify bandwidths and dynamic ranges
compatible with the characteristics of antici-
pated test items. Scme types of automatic
equalizers protect the test item during the
equalization process, provided the fixture does
not have cross-modes, harmonic or subhar-
monic modes or intermodulation modes.

Fixture design must be conscientiously
perfected for good testing. The presence of
deep notches in a fixture response curve usu-
ally indicates the presence of undesirable modes
caused by inadequate fixture design. These
modes can result in severe overtesting or even
in destructive testing.

Although automatic equalizers offer many
advantages, some precautions are necessary in
their use. They tend to conceal the presence
of notches in the fixture response, so some
check on spurious modes should be made to
aveid the dangers just mentioned. They tend to
show perfect equalization of high Q resonances
much narrower than the bandwidth of the system
filters, whether or not the equalization is cor-
rect. Some checks with a narrow band analyzer
sheuld be made under these conditions.
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VIBRATION MEASUREMENTS

R. W. Mustain
Douglas Missiles and Space Systems Division
Huntiugton Beach, Califoraia

A general discussion of desirable methods and systems for the collec-
tion of vibration information is presented, including a brief review of
previously used and presently available methods of transducing, trans-
raitting, and calibrating dynamic excitations. Vibration instrumenta-
tion techriliques applicable to flight tests and to laboratory vibraiion
tests are studied. Calibration methods and circuits are reported, with
special attention given to end-to-end calibrations of complete systems.
The usage of parallel end-to-end calibrations is recommended, and
empirical data are presented which show the effects of different atten-

measurements.

uators in parallel end-to-end calibrations.

The limitations of telemetry systems are considered. Various
telemetry systems are available for the transmission of flight data.
Because of the diverse instrumentation requirements of aircraft,
missiles, and space vehicles, no single telemetry package, with fixed
capabilitics, will satisty even a majority of applications. Several of
the telenietering systems are described. Measurement of mechanical
impedance is briefiy discussed. Impedance measuring techniques are
reported, and suggestions are given for obtaining reliable impedance

INTRODUCTION

The eminence of vibration measurements
has increased during the past decades with each
advance in aircraft, missiles, space vehicles,
and propulsion systems. For instance, the
transgition from one type of propulsion system
to newer and more powerful units has resulted
in greater flight velocities, larger payloads,
system complexities, and intensification of
dynamic environments.

The trend to greater power plants has ac-
companied the tremendous expansion of the
aerospace industry through two world wars, the
Korean War, and one major depression. World
War I provided the first real encouragement in
this rapid development as the airplane began to
revolutionize warfare. In the 1920's and 1930's,
the advent of in-line and powerful radial engines
created noticeable vibration problems and minor
acoustic enigmas. With the World War .i, the
airplane came into its own as a mighty weapon
of attack and destruction. The accelerated
developments of this second major conflict
produced manned aircraft which were complex
systems with powerful engines capable of

indvcing relatively large vibrations. Further-
more, development of delicate airborne elec-
tronics for controls and guidance created
components with low fragility levels. A notable
transition in aircraft engines occurred near the
end of World War II when the first jet-propelled
aircraft appeared (the P-59 and the P-80) to
present a new dynamic environment encompass--
ing troublesome acoustic excitations. In due
time, the dynamic engineers became acquainted
with the many pitfalls of the jet engines and
their attendant vibrations that caused failures
of equipment, systems, and structures.

It was during this period, in the 1940's,
that some of the first airborne recordings of
vibration data were obtained. It was then that
recording oscillographs with string-type
galvanometers were first utilized to collect
vibration data transduced by potentiometers,
strain gages, and variable reluctance pickups.
The potentiometer accelerometers provided
data at very low frequencies and were used
rather unsuccessfuily to record aircraft
maneuvers, landings, and takeoffs. The most
useful and meaningful vibration data were ob-
tained during this period by the utilization of




strain gages. These data consisted of structural
loads measured with bonded strain gages ard
dynainic excitations reproduced rather faithfully
by unbonded strain gage accelerometers.
Bonded strain gages were used in great quanti-
ties on various aircraft for many purposes. For
example, loads on longerons, spars, frames,
panels, landing gears, landing hooks, and
similar items were measured by the application
of strain gage elements smaller than postage
stamps. Many unique schemes were devised to
take advantage of these small devices. Bounded
strain gages were cemented to Bourdon tubes,
rudder pedal links, control sticks, and special
beams to measure pressure, rudder forces,
stick forces, and relative position, respectively,
in flight test aircraft. The unbonded strain
gage acceleroraeters (considerably larger than
the bonded gages) provided electrical signals of
semistatic aircraft motions and structural
vibrations. The useful frequency range, in
generai, of these unbonded seismic elements
ranged from dc to somewhere around 100 cps.
These unbonded strain gage accelerometers
became the first real work-horse instruments
for the definition of aircraft vibration environ-
ments.

Simple calibration techniques were the rule
of the day for these early instrumentation sys-
tems. For instance, it was accepted procedure
during the 1940's to perform only zero g, +1 g,
and -1 g stalic calibrations within the aircraft.
These static calibrations were accomplished by
turning the accelerometer around physically
while it was connected to the balancing circuit
and the recording equipment. Also, additional
calibration steps were provided by precision
calibration resistors connected across the
strain gage bridge. However, these calibrations
resulted in static or dc values only and, conse-
quently, yielded no information on the frequency
response of the system.

The last decade has seen the space age
become a reality with its multistage vehicles
and its thunderous rocket engines produc’ng
thrusts in the millions of pounds. Phasing into
the high-thrust rocket systems created severe
shock, vibration and acoustic environments.
The previous engines had produced some diffi-
culties, but these difficulties were magnified by
several degrees in the missile and space pro-
grams. These conditions enhanced the value of
defining dynamic environments. Since it was
apparent that dynamic excitations existed (both
in jet aircraft and rocket-propelled vehicles)
well above 100 cps, it became highly desirable
to develop instrumentation systems with
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high-frequency characteristics [1]. This
impetus resulted in noticeable advancements in
vibration mensurations during the 1950's. This
rapid advancement led to the popular accept-
ance of piezoelectric accelerometers with their
inherently higher irequency response. Concur-
rently, advances in electronics and recording
media augmented the piezoelectric capabilities
to create inestimable improvements in the
measurement of dynamic environments. Thus,
the 1950's and the early 1960's have seen the
profitable use of high-fidelity magnetic tape
recordings, with and without telemetry sys-
tems, to compile immense amounts of vibration
data from aircraft, missiles, and space vehicles.

Because there is a never-ending quest for
information and improvements on vibration
instrumentation, this report continues with a
general discussion on methods and systems for
the collection of vibration data. This discussion
includes a brief review of previously used and
presentiy available methods of transducing,
transmitting, recording, and calibrating dynamic
excitations. System parameters and procedures
that will prevail within the rext few years are
described and recommended.

TRANSDUCERS AND
CONSIDERATIONS

Many variegated versions of transducer
elements have been developed for the purpose of
converting mechanical motions into equivalent
electrical signz's. These elements include
strain gage, piewzdelectric, variable inductance,
variable capacitance, variable resistance, and
magnetoelectric instruments. Although most of
these elements have been used in various
instrumentation systems to measure vibrations,
the elements that have provided the most satis-
factory vibration measurements are the strain
gage bridge and the piezoelectric crystal. In
general, the bulk of vibratory measurements in
aircraft, missiles, and space vehicles has been
compiled by utilization of these two devices. In
environmental laboratories, the strain gage and
the piezoelectric sensors have been augmented
by the self-generating velocity transducer.
However, these self-generating (magneto-
electric) transducers are rapidly being replaced
in most environmental laboratories by piezo-
electric accelerometers with their inherently
higher frequency response.

Primarily, the unbonded strain gage
element owes its remaining popularity as an
accelerometer to its low-frequency response.

NOTE: References appear on page 43,




Of all the practical sensing elements, the un-
bonded strain gage accelerometer provides th.
best response in the low-frequency end, for this
element is useful down to dc. Thus, the strain
gage accelerometer, on occasion, is specified in
place of, or in support of, the piezoelectric ac-
celerometer to investigate low-frequency mo-
tions. The strain gage is defined as an element,
or group of elements, which change resistivity
as a function of applied stress. The unbounded
strain gage accelerometer consists of four {ine
wires or filaments arranged so that two wires
are stretched (tensioned) and two wires are re-
laxed (contracted) upon application of the force
being measured. The application of tensile force
to a filament increases the length, decreases the
radius, and increases the resistivity of the fil-
ament. These changes are related to Poisson's
ratio, (Ar/r)/(AL/L), where r is the radius and
L is the length of the filament. The utilization
of the stressed filament is based on the above
effects of strain on the electrical resistance of
the filament. The change in resistance AR is a
function of strain, (dJL)/L, i.e., increased re-
sistance for tension and decreased resistance
for compression. In usage, the strain gage
wires or filaments are connected electrically

to form a Wheatstone bridge. The active
elements are wired so that opposite legs of the
Wheatstone bridge increase or decrease their
resistance at the same rate for a given mechan-
ical input. The greatest censitivity of the strain
gage Wheatstone bridge is attained when two
opposite legs are in compression (decreasing
resistance) and when, simultaneously, the other
two legs are in tension (increasing resistance)
(Fig. 1). Electrically, under these conditions,
the results are additive in the Wheatstone
bridge, and thus, the four active legs, correctly
wired, provide the greatest sensitivity of the

Rs

Wheatstone bridge. In this casc, the output
voltage, E_, is a Iunction of the algebraic
factor,

AR
R
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Whereas the unbonded strain gage is used to
measure accelerations, the smaller bonded
strain gage is admirably suited to establishing
fatigue criteria on panels and structural mem-
bers. Strain-gaged paiels have been used to
study fatigue failures caused by extreme pres-
sure fluctuations associated with high-intensity
acoustic excitations from jet and rocket engines.

In 1880, Pierre and Jacques Curie founded
the science of piezoelectricity when they dis-
covered that certain crystals generated an
electric charge when compressed in particular
directions. The Curie brothers noted that the
charges were proportional to the applied pres-
sure and disappeared when the pressure was
withdrawn. They observed the piezoelectric
effect on zinc blende, sodium chlorate, boracite,
tourmaline, quartz, calaiiine, topaz, tartaric
acid, cane sugar, and Rochelle salt. Since
that time, over 1,000 piezoelectric crystals
have been identified [2]. Some of the materials
investigated for their ability to perforni as
piezoelectric accelerometers are barium
titanate, lead titanate—lead zirconate, am-
monium dihydrogen phosphaie (ADP), potassium
dihydrogen phosphate (KDP), quartz, lithium
sulfate, lead metaniobate, Rochelle salt, and
tourmaline. These materials contain crystal
domains oriented in the same direction, either
by nature or by polarization during the manu-
facturing process. When stress is applied to
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Fig. 1 - Typical strain gage circuitry




these piezoelectric materials, minute motions
of the crystal domains generate electrical

charges Q proportional to the applied force [3,4].

A strain x causes an electric polarization equal
to the strain times an appropriate piezoelectric
stress coefficient. Similarly, an electric field
causes a piezoelectric stress cqual to the elec~
tric field times the piezoelectri~ stress coef-
ficient. Figure 2 [5] shows a simplified test
circuit for the measurement of open circuit
crystal voltage. The following relationship
applies:

Qp = Ey (CotCytC+Cy) . (1)

The crystal open circuit voltage = E = Q,/Cp
and the energy = 1/2 Q E, = 1/2 C,E}
expressed in joules.

The importance of obtaining high-frequency
vibration measurements has resulted in the
general selection of piezoelectric accelerom-
eters for most aircraft, missiie, and space
vehicle applications. These self-generating
crystals have the ability to reproduce faith-
fully high-frequency excitations. The frequency
range of the piezoelectric accelerometer is a
function of the type of material, the rechanical
design, and the desired sensitivity. Elements
have been made with natural frequencies as
high as 90 ke [6]; however, most environmental
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Fig. 2 - Simplified test circuit for meas-
urement of open circuit crystal voltage
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vibration tests have been limited to 2000 cps,
and supporting field data have not greatly
exceeded this limit. A partial cause for this
limitation has been the lack of telemetry sys-
tems with responses greater than 2100 cps.
Recent developments in single sideband telem-
etry have resulted in frequency ranges from 50
cps to approximately 3000 cps. Satisfactory
magnetic tape recorders are available with FM
electronics for recording from dec to 20,000 cps.
Presently, the response range of commercially
available piezoelectric accelerometers is
indeed adequate for vibration measurements.
Piezoelectric eleinents have been developed as
integral impedance heads for the measurement
of the ""esoteric' parameter of mechanical im-
pedance. The measurement of mechanical im-
pedance is becoming a requirement throughout
the aerospace industry.

Any consideration of the application of ac-
celerometers must encompass various charac-
teristics influencing the quality of the data to
be obtained. The user and the maker of ac-
celerometers are concerned with fundamental
characteristics such as frequency response,
linearity, axial sensitivity, transverse effects,
response to acoustic excitations, temperature
effects, vacuum effects, shock fragility, and
vibration fragility. In addition, other factors
such as transducer location, impedance match-
ing, recording media, method of transmission,
method of installation, service life, storage life,
and reliability are of primary interest tothe user.

An indication of expected values of pertinent
transducer characteristics can be obtained by
examining Table 1 which gives data on some of
the piezoelectric accelerometers that are avail-
able commercially. No one accelerometer is
capable of matching the transducer character-
istics given in this table. The values listed are
the extremes of many different accelerometers
taken from commercial literature. From this
array of characteristic ranges, the transducer
best suited for the task can be selecled.

The location of sensing elements is depend-
ent on the particular environmental problem.
Pickups may be required to establish panel
fatigue criteria, to measure vibration response
of primary structure, and to measure the re-
sponse of equipment in dynamic environments.
Pane! fatigue criteria are best measured by
bonded strain gages. Responsec can be deter-
mined by the use of accelerometers.

Obviously, panel fatigue studies are best
obtained with bonded strain gages appried ai the
point of greatest stress. The exact method of




TABLE 1
Characteristics of Some Commercially Available
Piezoelectric Accelerometers

Characteristic Value
Dynamic range (g) 10-5 - 105
Frequency response (cps) 0.1 - 32,000
Temperature range (°F) -452 - +750
Linearity (%) +0.5, +1, +2
Sensitivity (Mv/g) 0.5 - 3500
Lowest resonant frequency (ke) 1.6 - 140
Transverse sensitivity (%) +0.25, +.5, +1, +3, %5
Acoustic response at 155 db SPL (g) .01 - 0.1

locating the strain gage will vary with each type
of panel. Gages should be located adjaceint to
fasteners, rivets, and boundaries of panels.
Most panel failures caused by acoustic excita-
tions will tend to propagate outward irom rivet
and fastener lines. It is also useful as a
method of monitoring panel response to place
strain gages in the middle of panels where the
greatest deflection occurs and where there are
no steep stress gradients. In laboratory tests,
this serves as a warning of impending trouble.

The determination of vibration gradients
through aircraft, missiles, and space vehicles
can be accomplished by placing accelerometers
on primary structure. Accelerometers, with a
minimum of bracketry, should be mounted on
heavy members such as spars, longerons, inter-
costals, and rigid ring frames. The location of
accelerometers on skin panels should be
avoided for this will produce data with panel
resonances. The primary structure serves as
a better reference for future investigations and
tests. Figure 3 shows an ideal installation of
accelerometers on primary structure. Ac-
cclerometer mounting blocks are not used.
Whenever possible, environmental 3imulations
in the laboratory should be referred to flight or
field measurements obtained on primary struc-
ture. The measurement of the vibration en-
vironment surrounding individual critical items
can be established by installing accelerometers
on the critical items' supporting structure.
Where equipment is mounted on flimsy struc-
ture, measurements should be obtained on both
the flimsy structure and on the nearest rigid
structure. This recomraendation is made so
that laboratory tests will correlate with flight
and field tests. Laboratory vibration tests are
difficult to control when the control acceierom-
eter measures the response of soft structures
such as skin panels. It is more desirable to
control on rigid primary structure; therefcre,
the vibration test specimen should, if practi-
cable, include rigid primary structure.
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The selection of accelerometer locations
for optimum controi of shaker equipment
deserves additional discussion. Figure 4
displays a vibration test specimen with
numerous accelerometers. The test specimen
consists of a large fiberglass panel, with
electronic equipment, which is mounted on
special vibration isolation strips and support-
ing structure. The supporting structure con-
sists of intercostals, ring frames, and vehicle
skin. In turn, the supporting structure is
secured to a strong magnesium fixture and an
electrodynamic exciter with a force rating of
30,000 pounds. Acceleromecters have been
located to measure vibration inputs to the
isolators, transmission across the isolators,
response of the panel, and responses on scme
of the electronic equipment. If the vibration
test criteria apply to the structure side of the
isolators, where is the best place to locate the
control accelerometer? The optimum test
control occurs when all of the supporting struc-
ture is vibrating at the same vibration level.
This is difficult to achieve, for there is only
one shaker input; furthermore, the large speci-
men will display modes which will create
various levels throughout the structure. Any
method of control will provide only a compro-
mise for the ideal lest control. lmprovements
in control methods are always in order; new
measuring devices, vibration surveys, experi-
ence, and good engineering judgment will tend
to improve control conditions. With the speci-
men shown in Fig. 4, the control could be
placed at several locations on the structure.
As noted earlier, the control accelerometer
should not be placed on the skin panel, for the
response of the panel will not permit adequate
control of the test. Fortunately, this specimen
has relatively rigid boundaries: the ring
frames and the intercostals. The test was
conducted satisfactorily by controlling at the
left upper corner {(acceleromeler No. 1)
where Lhe intercosial and the ring fraimne con-
nect.
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Fig. 3 - Ideal installation of accelerometers
on primary structure
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Fig. 4 - Accelerometer locations on typical
complex vibration test
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Commercially available maximum ampli-
tude and averaging control circuits were not
used during the above vibration test because
limitations were found in both of these instru-
mentaiinn systems during previous tests. The
maximum amplitude control circuit selects the
largest of several (1 to 5) accelerometer sig-
nals for controlling the shaker servo system,
The limitation of this particular system is the
slow switching time of the electrical components
which causes the shaker to generate harmful
transients. Similarly, the averaging system
causes transients in the shaker system when
out-of-phase signals from the accelerometers
add to an algebraic sum of zero. This zero
signal has occurred with as many as four ac-
celerometer signals being averaged. It is
recommended that the maxirnum amplitude and
averaging systems be improved electronically
to eliminate their limitations. These improve-
ments are a simple design problem for any com-
petent electronic engineer. Transistor switch-
ing circuits are available which can provide the
fast switching needcd for the maximum ampli-
tude control circuit, and rectification circuitry
can be used to provide an absolute value for the
averaging circuit. If it is desired to use the
present averaging system without modification,
odd numbers of accelerometers should be used
to avoid the out-of-phase problem and the ac-
celerometers should be placed on the specimens
where known in-phase amplitudes occur.

AMPLIFIERS

Signals from dynamic transducers are
transmitted to magnetic tape recorders either
directly or through telemetry systems. Addi-
tional support is provided by amplifiers designed
to match transducer impedances. The recording
oscillograph, formerly the primary recording
medium, has been delegated the role of display-
ing playbacks of magnetic recordings for exam-
ination of signal fidelity and dynamic time
histories.

Amplifiers designed for dynamic instru-
mentation place certain limitations on the trans-
mitted signal. The term "amplifier' includes
cathode followers (primarily matching devices)
and electronics used to increase the dynamic
signals to levels satisfactory for transmission
and recording. These units are available in
miniaturized and transistorized versions with a
range of characteristics. Table 2 shows the
range of characteristics found in some of the
presently available accelerometer amplifiers.

Since telemetry systems are used to trans-
mit vibration data in most missile and space
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TABLE 2
Char.cteristics of Some Available
Accelerometer Amplifiers

Characteristic Value
Input impedance (megohms) 0.1 - 1000
Gain 0.90 - 500
Frequency response {cps) 1 - 100,000
Output impedance {(ohms) 10 - 10,000
Linearity (%) +1 - 15
Gain stability (%) £0.25 - 5

vehicle applications, it is appropriate to present
the specifications of an amplifier which produces
the required 5-volt peak-to-peak signal for
telemetry. Subminiature "charge' amplifiers
suitable for telemetry have been developed by
several of the accelerometer/amplifier manu-
facturers. The specifications for one of these
amplifiers are as follows:

Source impedance: not less than 50 M

Output impedance: 500 ohms
Bias: +2.5 £5% vdc with
100 K load

Maximum linear ac
output voltage: +2.5 v, nominal.
Instantaneous out-
put limited at O v
+0.05v/-0.00vand
5.50 v z0.15 v.

100 X or more

2 to 20 mv output/
picocoulomb input

Load impedance:
Charge gain:

Frequency response: +5%, -10%; 3 to 10ke
+5%; 5 to 10 ke

Linearity: +29,

Warmup time: 30 sec, maximuin

Power: 28 + 4, -8 vdc ar 20

ma, maximum
1x 1.115 x 2.165 in.
95 grams nominal

Dimensions:
Weight:

Phase shift data on accelerometer ampli-
fiers are displayed in Fig. 5 [7]. The upper
curves represent the phase shift found in a
typical cathode follower under no load and full
load conditions. The lower curves are phase
shift data for amplifiers with gains of 10 {solid
line) and 100 (dashed line). It can be seen that
the cathode follower with its impedance match-
ing properties deviated less from ideal zero
phase shift conditions. Response spectra of
some amplifiers are shown in Figs. 6 and 7 [7].
Figure 6 shows the response for a galvanometer
amplifier with an output of 110 ma into 10 ohms.
The amplifier is flat from 15 to 1500 cps; how-
ever, this amplifier, with proper calibration
techniques, can be used to encompass the fre-
quency range from 5 to 10,000 cps. Figure 7
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depicts the response of a laboratory amplifier
used to obtain voltage gains of 1 and 10 with no
loads duwn to 2500 ohms. The left side of the
graph shows the effeci of load on the low-
frequency response of the amplifier. The am-
plifier's response rolls off with increased load
below 30 cps. The right side of the graph
shows the effect of gain on the high-frequency
response of the amplifier. The amplifier's
response rolls off with increased gain at fre-
quencies above 30 kc. The no load/gain of 1
curve is essentially flat from 1 cycle to 500 kec.
On the other hand, the 2.5-K load/gain of 10
curve rolls off rapidly from 30 to 2 cycles on
the low end and from 30 to 300 kc on the high
end. In spite of this, it is felt that usable data
can be obtained from 5 to 150,000 cycles under
these 2.5 K-load/gain of 10 conditions.

TELEMETRY

Whereas transducers and amplifiers have
been discussed briefly, the next logical step is
consideration of the advantages and limitations
of telemetry systems. Various telemetry sys-
tems are available fcz rhe transmission of flight
data. Because of the diverse instrumentation
requirements of aircraft, missiles, and space
vehicles, no single telemetering package with
fixed capabilities will be satisfactory for all
applications; however, the FM-FM system has
been used widely to compile dynamic data.

Following are some of the telemetering systems’

that are available:

23

FM Frequency modulation
FM-FM Frequency modulation—
frequency modulation
SSB-FM Single sideband—frequency
modulation
DSB-FM Double sideband—frequency
modulation
PCM-FM Pulse code modulation--
frequency modulation
AM Amplitude modulation
AM-AM Amplitude modulation—
amplitude modulation
FM-AM Frequency modulation--
aniplitude modulation
PAM Pulse amplitude modulation
PAM-FM Pulse amplitude modulation—
frequency modulation
PCM Pulse code modulation
FSK-PCM Frequency-shift keying—pulse
code modulation
PSK-PCM Phase-shift keying—pulse
code modulation
PACM Pulse amplitude code modula-
tion
PACM-FM Pulse amplitude code modula-
tion—frequency modulation
PDM Pulse duration modulation
PDM-FM Pulse duration modulation—

frequency modulation

The FM-FM system is the workhorse of
aircraft, missile, and space vehicle telemetry;
however, advancing missile and space vehicle
data acquisition and transmission requirements
will result in the utilization of other telemetry




systems. Recently, the PAM-FM system was
used by one of the missile contractors to pro-
vide eight vibration channels of 2-kc response.
The PACM combination has frequency re-
sponse capabilities to 10 ke, according to its
backers. The FM-AM system has been used
for years by British engineers to supply 10- to
10,000-cps information over six simultaneous
channels. A system is presently being used
which employs the SSB-FM techniques. A new
development is a DSB-FM telemetry system
which provides wide band {dc tu 3 kc) response.
Most of the telemetry equipment used today is
analog, but digital systems should play an im-
portant role in the future.

The British system, known as the Bristol
High Frequency Telemetry System, is a FM-AM
system which provides six continuous channels
with a response from 10 cps to 10 ke with
proper cailibration. The calibration is neces-
sary, for there is some falling off in response
outside the 50- to 2000-cps band. The Bristol
system has an accuracy of +5 percent for only
the telemetering equipment. Bristol engineers
have used barium titanate accelerometers with
+5 percent accuracy (separate from the telem-
etry accuracy) and inductance transducers with
2 percent accuracy. The frequency of the

Bristol system is within one percent. Gne

drawback of this British system is the limited
range of 20 miles. The range can be increascd
by approximately 50 percent by reducing the
usable bandwidth and by using only two chan-
nels. The range can be increased by 100 per-
cent with the addition of low-pass filters atten-
uating above 2000 cps. Ia this system the
subcarrier signal of each channel is FM mod-
ulated and the mixed subcarriers are used to
amplitude moduiate a 465-Mc transmitter |31,

The single sideband technique is being
used presently on space vehicles. Basically,
the SSB-FM system consists of 15 single side-
band subcarriers summed into a composite
signal to modulate a FM carrier. The data
signals are fed to a balanced (first) modulator
with a 455-ke carrier (Fig. 8). The 455-kc
carrier is modulated by 0.G5- io 3.0-kc data
input signals which produce sidebands near the
carrier frequency. Following the first mod-
ulator is a two-stage amplifier and a bandpass
filter which passes only the upper sideband of
455.0 to 458.0 ke and rejects all others. Next,
the upper sideband signal is sent to the second
modulator with a carrier frequency selected to
place the difference signal at the desired loca-
tion in the 15-channel passband. The cutputs of
the second modulators provide 15 evenly spaced
frequencies: 1.74 to 4.74 kc (Channel 1), 6.48 to
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9.48 kc (Channel 2), .. . 68.10 to 71.0 kc (Chan-
nel 15). Thus, each of the 15 data channels
contain a first modulator (455-kc carrier) and
a second modulator with a selected carrier
frequency. All 15 signais from the second
modulators are combined in a linear mixing
network with an amplitude and frequency ref-
erence tone (75.83 kc). The composite signal
is passed through a 100-kc low-pass filler and
amplified prior to modulating the FM signal in
the FM telemetry transmitter. The composite
signal to the transmitter is 50 to 75,833 cps.
Figure 9 is a simplified block diagram of the
SSB demultiplexer. The demultiplexer reverses
the frequency transposition process of the mul-
tiplexer. Input signals to the demultiplexer are
provided by a standard telemetry receiver or 2
suitable instrumentation tape recorder. The
multiplexed signal (50 cps to 75.83 kc) passes
through a 76-kc low-pass filter which prevents
entry of extraneous high-frequency information
into the demodulating channel units. Next, the
haseband signals are attenuated and isolated by
a splitting network for injection to the 15 indi-
vidual channel units. From the splitting net-
work, the signals enter the first demodulator
with the same selected carrier frequency used
in the multiplexer. The sidebands produced by
the carrier tone and baseband frequencies fall
within the ranges of 461.48 to 464.48 kc and
458.0 to 455.0 kc. The first modulator is

followed by a two-stage amplifier with a 455.0-
to 458.0-kc bandpass filter. The second step of
demodulation uses a phase split demodulator.
The 455.0- to 458.0-ke information signal is
demodulated into the frequency range from 0.05
to 3.0 kc. Finally, the data signal is passed
through a 3.0-kc low-pass filter, amplified, and
presented to a data recording device [9]. The
15 channels of the SSB/FM systems have band-
widths from 50 to 3000 cycles. Empirical cal-
ibration data recorded over 15 channels of a
SSB/FM telemetry system show a 10 db
decrease at 50 cps (Fig. 10); therefore, FM-
FM channels are required for lower frequency
vibration data.

Although various techniques havc been
utilized to apply modulations, the most reliable
and commonly used method is the FM-FM
telemetry system. In the FM-FM system, the
transducer signal modulates a subcarrier fre-
quency which is mixed with other subcarriers
to create a coniposite signal that, in turn, fre-
quency modulates the main carrier frequency
(usually from 215 to 260 Mc). A study of FM-
FM telemetering characteristics requires an
examination of the main units that comprise
the FM-FM systems. M2ajor units include sub-
carrier oscillators, radio-frequency transmit-
ters, amplifiers, bandpass filters, radio-
frequency receivers, and subcarrier
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Fig. 9 - Block diagram of single sideband demultiplexer
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SSB/FM telemetry system
discriminators. FM-FM channels are stand-

ardized according to Inter Range Instrumenta-
tion Group (IRIG) specifications. Eighteen
subcarrier frequencies are available for +'M
modulation. The intelligence freguency which
can be transmitted by individual subcarriers is
proportional to the subcarrier bandwidth in
cycles. Table 3 gives the IRIG subcarricr
bands; Table 4 gives a proposed expansion of
IRIG specifications.

Sample information on the characteristics
of FM-FM telemetry is displayed in Figs. 11
through 15. Figure 11 shows linearity data

from a 40-kc (Channel 16) subcarrier oscillator.

The curve of Fig. 11 (input signal vs frequency
deviation) shows that the subcarrier oscillator
hag excellent linearity. Subcarrier oscillators
are available commercially that maintain this
linearity with negligible sensitivity shift over
the temperature range from 75 to 150°F. Re-
sponse curves, based on actual field calibra-
tions, tor Channels A (22 kc +15 percent
deviation) and C (40 ke +15 percent deviation)
are given in Figs. 12 and 13.- These data were
obtained from end-to-end calibrations of the
telemetry system. The calibration signal was
inserted across 100 ohms in series with a
piezoelectric accelerveicr inslalled in a miis-
sile. The calibration signal passed through a
charge amplifier, a low-pass filter, a voltage-
controlled oscillator (VCO), a wide band am-
plifier, a FM transmitter, antennas, a2 FM
receiver, tape recorders, a discriminator, and
a Gaussian filter. The calibrations were
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performed at the band edge of the voltage con-
trolled oscillators (5 volts peak-to-peak).
Figures 12 and 13 show data passed thiough a
1200- and a 2100-cps low-pass Gaussian filter,
respectively. The data in these two figures
indicate that the better frequency response is
obtained with thc 2100-cps low-pass Gaussian
filter, however, the S/N ratio is decreased and
the noise floor is raised (4 to 10 db) with the
higher filter. To assure intelligent transmis-
sion in FM systems, interchannel modulation
can be kept at a minimum by keeping the output
potentials from transducers and amplifiers
between 0 and 5 volts dc. This can be ac-
complished by the addition of limiting circuits
that prevent any higher-than-anticipated vibra-
tion signals from exceeding the 5-volt range
and causing undesirabie intermodulation.
Various limiting circuits are available; one is
described in Ref. 1. The radio frequencies
generally used for FM-FM transmission lie in
the range from 215 to 260 Mc. Other frequen-
cies (108, 378, and 960 Mc) have been used for
space probe telemetering systems with low-
frequency subcarrier bands, IRIG Channels 1
to 6. The FM-FM telemetry signals may
occupy a bandwidth from 75 to 500 kc. IRIG
specifications call for the rf carrier frequency
to be stable within +0.01 percent of the carrier
frequency. The relationship between noise ard
rms error in a receiver with a bandwidth of
500 kc is exhibited in Fig. 14 [10]. The rms
error, an average of 8 subcarrier bands,
approaches one percent for signal-to-noise
ratios of 12 or greater. The rms error as a




TABLE 3
IRIG Subcarrier Bands

Center Lower Upper Max. Frequency
Band Frequency Limit Limit Dev. Response

(cps) (cps) (cps) (%) (cps)

1 400 370 43 7-1/2 6.0

2 560 518 602 7-1/2 8.4
3 730 675 785 7-1/2 11
4 960 888 1032 7-1/2 14
5 1300 1202 1398 7-1/2 20
6 1700 1572 1828 7-1/2 25
7 2300 2127 2473 7-1/2 35
8 3000 2775 3225 7-1/2 45
9 3800 3607 4193 7-1/2 59
10 5400 4995 5805 7-1/2 81
11 7350 6799 7901 7-1/2 110
12 10500 9712 11288 7-1/2 160
13 14500 13412 15588 7-1/2 220
14 22000 20350 23650 7-1/2 330
15 30000 27750 32250 7-1/2 450
16 400C0 37000 43000 7-1/2 600
17 52500 48560 56440 7-1/2 790
18 70000 64750 75250 7-1/2 1050
Ax 22000 1870 25300 15 660
B 30000 25500 34500 15 900
C 400090 34000 46000 15 1200
D ' 52500 44620 60380 15 1600
E | 70000 ! 59550 80500 15 2100

Based on maximum deviation and deviation ratio of 5.

*Bands A through E are optional and may be used only by omitting adjaceni bands as follows:

Band Used

Hoaos>

function of rms carrier deviations for a 300-kc
bandwidth is displayed in Fig. 15 [10]. This
curve indicates that values of 100-kc deviation
or less are desirable; however, most FM-FM
systems in use today are set for carrier devia-
tions of 125 ke. Hecewer bandwidths from 200
to 500 ke with rms carrier deviations from 60
to 125 ke are considered o be practical sys-
tems. Accuracies of 2 to 3 percent rms arc
considered to be reasonable in FM-FM telem-
etry syvstems (aside from transducer and am-
plifier accuracies).

Proposed uses for space telemetry include
the uiilization of new spectra: 136 to 137 Mc
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Omit Bands

15 and B
14, 16, Aand C
15, 17, Band D
16, 18, Cand E
17 and D

(replaces 108 Mc), 400 to 401 Mc (takes over-
flow from 136 to 137 Mc band), 1427 to 1429 Mc,
1435 to 1535 Mc and 2225 to 2300 Mc. The 2290
to 2300 Mc band wilil be used for primary telem-
etry and tracking for deep space. This is con-
sidered to be the nearly i eal frequency for
present 85-foot antenna dishes; use of this band
permits high gain and narrow beamwidth. Con-
centrating all doep space research into this
nearly ideal frequency area will result in
economy [11]. Telemetry is supposed to move
into the 1435 to 1535 and 2200 to 2300 Mc bands
by 1970. The overcrowded 215 to 260 Mc band
continues to be used extensively because there
has been a lack of components for use in the
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TABLE 4

Future Expansion of 1RIG Standards

Channel Center Intell. Frequency (cps)
No. Frequency (kc) =5 3
(a) 7-1/2% Dev.
18 70 1,050 5,250
19 92 1,380 6,900
20 120 1,800 9,000
21 160 2,400 12,000
22 210 3,150 15,750
23 280 4,200 21,000
24 370 5,550 27,750
25 490 7,350 36,750
26 650 9,750 48,750
27 860 12,900 64,500
28 1,100 16,500 82,500
(b) 15% Dev.
F 120 18,000
G 210 31,500
H 370 55,500
J 650 97,500
K 1,100 165,000
(¢) 30% Dev.
N 10.5 3,150
P 20.0 9,000
Q 70.0 21,000
R 160.0 48,000
S 370.0 111,000
T 860.0 258,000
(d) 40% Dev.
W 14.5 5,800
X 70.0 28,000
Y 220.0 88,000
7. 750.0 300,000
(e) Base Bands
HH 320 100,000
J 650 - 917,500
KK 1,100 100,000
i

bands and because engineers prefer *o use
familiar workhorse equipraent. Some equipment
is available commercially to cover the addi-

tional telemetry bands. An advanced VHF/UHF

215 to 270, 430 to 500, 1435 te 1535, and 2200
to 2300 Mc bands. Thus, a gradual transfer to

receiver accepts frequencies from 55 to 2300
Mc. This receiver has nine tuners: 55 to 260,
135 to 155, 215 to 260, 215 to 315, 370 to 410,
920 to 1000, 1435 to 1535, 1700 to 1850, and
2200 to 2300 Mc. Solid state telemetry trans-
mitters are presently available that cover the
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the higher telemetry bands can be expected.

Future developments in the transmission of
dynamic data encompass the use of dizital tech-
niques with high sampling rates (PCM ..nd
PACM), satellite relays, on-board reduction
and analyses of data, higher frequency FM sub-
carriers, and the transmission of vibration
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analyses (in the form of X-Y plots) by tele-
vision. In the far distant future are telemetry
systems that use ultraviolet waves (photomul-
tiplier sensors) and cohercnt light (laser am-
plifiers).

MAGNETIC TAPr RECORDERS

Since magnetic tape recordings provide the
optimum storage of dynamic data, a brief dis-
cussion on magnetic tape recorders is in order.
Basically, magnetic tape recorders fall into
three general classes: direct (AM), frequency
modulated (FM), and digital recorders. The
direct recorders do not have the ability to re-
produce low-frequency signals, but have an

excellent high-frequency response; consequently,

AM recorders are suitable for recording com-
posite and rf telemetry signals. In the direct
recording process, the signal to be recorded is
amplified, mixed with a high-frequency bias,
and presented directly to a recording head as a
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varying electric curreit. No coding or modula-
tior. are used in the AM recorders. Variations
in the signal level arc recorded directly as a
magnetic-signal level on the tape. The FM tape
recorders are ideal for recording vibration and
acoustic signals. The FM recording technique
overcomes the two basic limitations of the AM
recorders, i.e., the inability to record very low
frequencies and the instability caused by tape
dropouts. Using FM recording techniques, it is
possible to multiply or divide the frequency of
an FM carricr without affecting the modulation.
An FM tape may be played back slower or
faster than it was recorded, changing the time
base without changing the absolute or relative
amplitude of the data. This time base expansion
and contraction permits the frequency com-
ponents of a given signal to be scaled up or down
by large factors. For example, high-frequency
data can be analyzed on low-frequency readout
devices. Most FM tape units provide frequency
responses from dc to 10,000 cps at tape speeds
of 60 ips. Several FM recorders are available




presently with responses from dc to 20,000 cps
at tape speeds of 60 ips. A modification of the
FM recorder is the wide band (multi-megacycle)
recorder for radar, video, and high-frequency
pulse techniques. In the wide band method, the
carrier is frequency modulated by the data, but
the modulated carrier is recordea transversely
across the entire width of the {ape. The
recorded signal is similar to the FM carrier
signal except that much higher frequencies are
accommodated. Wide band recorders are avail-
able with frequency ranges from 10 cycles to

4 Mc [12,13]. The digital recorders have fast
stop and start features and are utilized to record
pulse data where the magnetic tape is either
saturated or nonsaturated. Digital recording is
accomplished by magnetizing the tape to satura-
tion in either of its two possible directions

(+ or -) at discrete points along its length.
Thus, there is only one of two states of magne-
tization at any point on the recorded tape;
namely, saturation in one direction (+) or satura-
tion in the opposite direction (-) [12]. Pulse
code modulation signals are recorded on the
digital tape units. Other recording techniques
such as pulse duration modulation are used

also for recording pulses. The AM recorders
which are used to record composite telemetry
signals are, generally, ground-based units.
Some airborne AM units are being used to
record composite tclemetry signals during
re-entry biackouts and flame attenuation black-
outs of rf signals. Flame attenuation blackouts
can be caused by firing of retro and ullage
rockets. Antennas are normally designed for
optimuin coupling into the characteristic imped-
ance of free space, 377 ohms. The engine
exhaust products are highly ionized and thev
alter the dielectric constant of the surrounding
medium which may be translated into a change
in characteristic impedance. Thus, the total
available energy is not radiated. The portion
radiated is attenuated by the collision of charged
particles, chiefly electrons [14]. Aside from
these limited uses of airborne AM recorders,
most airborne recordings of dynamic data are
made on FM airborne recorders. Also, a'l
hardwire recordings on ground installations
utilize FM magnetic tape recorders.

Many commercial versions of airborne and
laboratory magnetic tape recorders are
presently on the market. Recently, a small
recorder was developed for recording during
blackouts in space vehicles, and for later play-
back during favorable transmission periods.
This airborne recorder has a recerd or playback
time of 3 minutes at a tape speed of 60 ips. The
frequency response of this recorder is +3 db or
tess from 300 cps to 125 ke. Composite telem-
etry signals can be recorded during the blackout

and played back {on command) into the FM
transmitter. The power requirement for this
small recorder is less than 40 watts at 28

+4 vdc, and the weight is approximately 8
pounds.

A ruggedized FM recorder, suitable for
airborne operations, has been developed for
high-g sled test operations. This recorder has
14 FM channels and can be operated at tape
speeds of 3-3/4, 7-1/2, 15, 30, or 60 ips. The
recording time of this recorder is 4 minutes
20 seconds at 60 ips and the power requirements
are either 115 volts, 400 cycles, or 24 vdc. The
input impedance is 100 K and the sensitivity is
0 to 5 volts or +2.5 volts for full-scale deviation.
The frequency response is dc to 10 ke at 60 ips.
The drift of this sled recorder is +1 percent in
center frequency and +2 percent in bandwidth
over the temperature range from -20 to +185°F.
Linearity of this recorder is +2 percent.

The specifications for one of the popular
airborne magnetic tape recorders are as
follows:

Tape speeds: 1-7/8, 3-3/4, 7-1/2, 15, 50
and 60 ips

Tape specifications: 1/2- or 1-in. tape,
10-1/2-in. reels

Heads: Interchangeable, plug-in, referenced
by precision base-plate

Track configurations: 7 analog or 8 digital
on 1/2-in. tape; 14 analog, 16 or 32 digital
or a combination of 7 analog and 16 digital
for 1-in. tape

Recording: Direct, FM-carrier, PDM and
NRZ digital

Frequency response: Direct—100 to 100,000
cps +3 db with 34-db signal-to-noise at G0
ips; FM-carrier—dc to 20,000 cps at 60 ips
with 0.5-db total

Weight: 120 pounds

Volume: 1.9 cubic feet of space

Power requirements: 200 watts, 28 vdc

The finest magnetic tape recorders are
those that have been developed for iaboratory
operations. Excellent tape units with many
desirable ancillary functions have been
marketed. These include ""Cadillac" systems
with 14 channels of recording at tape speeds to
120 ips and frequency response to 1.5 Mc.
These precision instrumentation recorders are
ideal for predetection recording of telemetry
signals which has becn developed within the past
five years and is steadily growing in popularity.
The popularity of this recording method is due
to its many advantages over conventional re-
cording methods. Predetection recording con-
sists of hetcrodyning the intermediate frequency




carrier of a receiver so that a new i-f carrier
and its sidebands fall within the passband of a
recorder. Then, this new i-f carrier and side-
bands can be easily recorded and reproduced on
magnetic tape recorders. Predetection equip-
ment cousists of a telemetry receiver, a pre-
detection recording converter, and a wide band
recorder; all are available commercially. The
advanced vhi/uhi receiver described in the
section on telemetry can be obtained with a
predetection recording converter that has a
range of i-f center frequencies. These center
frequencies are 112.5, 225, 450, 600, and 909
ke. During predetection data colle~tion, the i-f
of the telemetry receiver is heterodyned by the
predetection ceonverter to the center {riguency.
The ""Cadillac' tape recorder with a-response
to 1.5 Mc and a 1.2 Mc bandwidth is suitable
for predetection recording. Basically, prede-
tection recording stores information as a
cpectrum before the information is detected.
In this manner, the data signal is stored for
detection at a later time. Predetection re-
cording has many advantages:

1. A single predetection system can handle
several data formats: FM/FM, SSB/FM, PCM/
FM, PAM/FM, and PDM/FM.

2. Predetection recording almost totally
eliminates the detrimental effects of dropouts.

3. High-quality third or fourth generation
copies of criginal tapes can be reproduced.

4. Excellent linearity and amplitude
stability are attained in predetection systems.

5. There is less signal-to-noise degrada-
tion in predetection recordings.

6. Predetection recording methods offer
simplified operation, reliability, and reduced
maintenance {15,16].

SYSTEM CALIBRATIONS

The optimum vibratior instrumentation
system will provide accurate data only when
competent calibrations are made of the complete
system. These calibrations must be supported
by satisfactory transducer calibrations. Most
laboratory calibrations of vibration transducers
are referenced to secondary laboratory stand-
ards calibrated by the National Bureau of
Standards (NBS). Secondary laboratory stand-
ards can be calibrated by NBS from 10 to
20,000 cps. The NBS calibrations from 10 to
2000 cps are periormed on electrodynamic
vibration standards previously calibrated by the
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reciprocity method [17,18,19]. Dynamic cali-
brations between 2000 and 20,000 cps are per-
formed on piezoelectric vikration exciters at
NBS [20]. Satisfactory calibrations of trans-
ducers are suppliedwith each accelerometer by
accelerometer vendors. These calibrations are
usrally supplemented by additional laboratory
calibrations conducted by accelerometer users
prior {o and/or after laboratory viration tests
and field or flight tests. Actual system cali-
brations for laboratory vibration tests can be
accomplished on complete vibration measuring
systems by using vibration exciters to provide
a mechanical input as the calibration stimulus.
The use of vibration shakers in field and flight
tests is rarcly practical, although it is possible
to provide a partial systein check by using
small shakers in field and flight test vehicles.
A small portable device which provides a 60-cps
10-g rms sinusoidal moticn to accelerometers
is described in Ref. [21].

The strain gage circuit shown in Fig. 1 and
modifications of that circuit were used by the
author in the 1940's to obtain strain gage data
from flight test vehicles. The circuit of Fig. 1
is suitable for both bonded and unbonded strain
gages. For an unbonded accelerometer, the
unbalance produced by a given calibration may
be determined by the formula:

6
R, {N(IZK) - O.S} R. (2)
where
R. = calibration resistor (ohms),
R = bridge resistance (ohms),
N = g equivalent to bridge unbalance, and
K = sensitivity factor (microvoits open

circuit output per volt input per g
input).

The strain gage circuit of Fig. 1 provides
output signals satisfactory to drive low-current
devices such as sensitive galvanometers which
operate with microamperes of current; conse-
quently, this circuit requires amplification for
transmissions via telemetry. Figure 16 shows
a strain gage carrier system developed in the
eariy 1960's toc provide signals from 0 to 5 vdce
for telemetry. Included in the amplifier are
balancing and gain potentiometers. The ac-
celerometer is fed a 10-kc square wave carrier
of 5 volts {nominal) peak-to-peak. Capacitor C;
is selected to obtain an optimum signal wave
shape across pin F and ground. Calibration
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unbalance is provided by R_. This accelerom-
eter system may be calibrated in the iaboratory
by turning the accelerometer around physically,
by connecting R_ across the strain gage bridge,
or by vibrating the accelercmeter on a vibra-
tion exciter. All three of these methods should
be used and correlated for field and flight cali-
brations. Sample calibrations of a strain gage
carrier system are shown in Figs. 17 and 18.

A 2-g turnover calibration which utilizes the
earth's gravitational field as a calibration
standard is plotted in Fig. 17. Plus 1-g,

and minus 1-g static calibrations are shown
with and without the calibration resistor, R_, in
the circuit. The calibration data of Fig. 17 are
augmented by the calibration data of Fig. 18
which were obtained on a vibration exciter. The
dvuatnic calibration data of Fig. 18 correlate

fairly well with the static calibrations of Fig. 17.

[t must be noted that the amplifier output of

Fig. 17 is given in volts dc, and that the ampli-
fier output in Fig. 18 is given in volts rms. The
data frum Fig. 18 must be increased by 1.414
for comparison with the data of Fig. 17.

An ideal piezoelectric accelerometer sys-
tem is displayed in Fig. 19. This system has
provisions for end-to-end calibrations of six
accelerometers simultaneously by the insertion
method. This common insertion recuces cali-
bration time in the field. Each accelerometer
circuit contains either a 100-ohm resistor or a
i0C-ohm resistor plus a 62-picofarad capacitor
in series with the piezoelectric crystal. The
input calibration voltages are inserted across

7ero-g,
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the six 100-ohm resistors in parallel. The
optional 62-picofarad capacitor is used only
when additional attenuation is required in the
instrumentation system. System noise is
minimized by mounting the calibration resistor
and capacitor in shielded containers. Also, thc
calibrators should be installed near the trans-
ducers to lessen cable capacitance, and
laboratory shaker calibrations of the accelerom-
eters should include the complcte system.
Charge amplifiers are used in the system of
Fig. 19 to optimize impedance matching. The
insertion voltages may be determined from the
following relationships [22]:

2 @)

wliere
E;, = calibration voltage sensitivity (peak
volts/peak g),
Q, = transducer charge sensitivity (peak

picocoulombs/peak g).
C, = transducer capacitance (pf), and

€, = external capacitance (pf) betwcen
accelerometer and point of calibra-
tion voitage insertion.

Also
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where

|

P ¢

known voltage sensitivity (peak volts/peak g)
with an external capacitance, C_.

An empirical investigation was conducted
in the loboratory to study the effects of cali-
brators on six parallel circuits. Data from
typical vibration exciter calibrations of a
piezoelectric accelerometer system are
exhibited in Figs. 20 and 21. The calibrations
were conducted on a system such as that dis-
played in Fig. 19. The data in Fig. 20 present
empirical values of input voltage E, vs ire-
quency for 5-, 10-, and 15-g peak inputs fromn a
vibration exciter. The vibration input was
appiied to one accelerometer while it was con-
nected electrically to its associated amplifier

35

and five other systems as shown in Fig. 19.
Data are given in Fig. 20 for two different sys-
tem ecalihrations: one with six of the 100-ohm
calibrators (Type 2944.1) and the other with six
of the 100-ohm plus 62-pf calibrators (Type
2945.2) in the circuits. The input calibration
voltage E, was measured across the calibra-
tors. Thus, in this calibration, E,  was
actually an output voltage across the calibrator
caused by the mechanical input. These data
were in reasonable agreement with calculated
values of E,, based on Eq. (4). Additional data
on the effects of calibrators on accelerometer
systems are presented in Fig. 21. This figure
displays the output of an accelerometer ampli-
fier vs acceleration (g peak) for different cali-
brater configurations: no calibrators in the
system, six 100-ohm shielded calibrators (Type
7944.1) in the systems, six 100-ohm pius 52-pf
shielded calibrators (Type 2945.2) in the sys-
tems, six unshielded 100-ohm resistors (denoted
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on the graph as 16.5 ohms) in the systems, and
six unshielded 100-ohm resistors in the systems
with an unshielded 62-pf capacitor in the circuit
of the accelerometer being vibrated. An exam-
ination of the data shows that the largest devia-
tions are displayed by the data obtained with
unshielded resistors in the systems. This is
probably due to electrical noise pickup in the
laboratory by the unshielded portions of the
circuit. Itis concluded that the use of shielded
calibrators for end-to-end system calibrations
is desirable, practical and most satisfactcry.

This section has presented a brief descrip-
tion of some calibration techniques used on
strain gage and piezoelectric accelerometer
systems. Of these techniques, the end-to-end
system calibrations provide the most accurate
data acquisition. In the past, many aircraft,
missile, and space programs have obtained

vibration data without using end-to-end calibra-
tions. It is recommenaed that all vibration
measurements be obtained with ac end-to-end
system calibrations. End-to-end system cali-
brations include the complete instrumentation
system from the transducer through the re-
cording media and the data reduction system.

IMPEDANCE/ADMITTANCE
MEZASUREMENTS

Within recent years there has been a
gradual increase in the number of studies and
experiments dealing with mechanical impedance
and ad:iittance parameters. The application of
impedance/admittance techniques to dynamic
problems will result in improved performance
and greater reliability of aircraft, missiles, and
space vehicles. Admittance measurements of
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sources are essentialtothe sclection of optimum
dynamic designs. Proper application of admit-
tance source data can produce designs wherein
fragility levels safely exceedthe dynamic envi-
ronment levels. Admittance source data allow
the calculation of transmissibilities of equip-
men? mounted directly to the source or installed
on iv.lator/source combinations. A procedure
for such a dynamic design has been developed
by the SAE G-5 Committee on Aerospace Shock
and Vibration [23,24,25,26].

The G-5 procedure requires measurements
of source mechanical admittancc, the motion of

the source, and fragility levels of thc equipment.

In this case, the sourcc is considered to be the
supporting structure and the equinment is
considered to be the receiver. Thc mechanical
admittance of the source is the ratio of the
complex amplitude of velocity to the complex
amplitude of the driving force producing that
velocity, both quantities being measured at the
structural support of thc equipment. The me-
chanical admittance of the source Y_ is equal
to A+ jB, where A_ and B, are the real and
imaginary parts of the admittance, rcspectively.
The reciprocal of admittance is the mechanical
impedance Z_ which is equalto R_+ jX_ whcre
R. and X, are the rcal and imaginary parts of
the mechanical impedance, respectively. At
iirst, the G-5 procedure was based on the
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utilization of mechanical impedance; however,
it was found advantageous to use the mechan-
ical admittance because the isolator-source
combination produces a modified source whose
admittance is the sum of the admittance of the
source and of the isolator.

It is apparent that the measurement of
mechanical admittance (or its reciprocal, im-
pedance) is essential to thc accomplishment of
suitable dynamic designs and analyses. The
coverage of all the problems associated with the
measurement of mechanical admittance is
beyond the scope of this paper; nevertheless, a
few notes on admittance/impedance measure-
ments will bc presented (see [23,27,28,29,30,31,
32,33] for detailed coverage). The instrumenta-
tion engineer is called upon to develop and em-
ploy special transducers and supporting cir-
cuitry designed to obtain measurements of
mechanical admittance (synonymous with "mo-
bility'). The success of future dynamic progress
degends on the utilization of mechanical imped-
ance heads and force gcnerators with improved
recording media which provide accu. ate meas-
uremernts of force, motion, and phase relation-
ships. Transducers for obtaining mechanical
impedance or admittance data are available
commercially. In the past, numerous measure-
ments were obtained with separate force and
motion transducers. Furthermore, most




nieasuremcnts and resultant analyses were
made without measurements of phase angles
between force and motion signals. Today,
there is an increasing use of integral instru-
ments containing both the force sensing and
motion sensing transducers. Several versions
of these integral instruments have been devel-
oped that are ideal for measurement of driving
point admittance. When the velocity and force
are referenced to the same point and in the
same direction, the resulting quantity is called
the "mechanical driving point admittance."
When the velocity and force are referenced to
different points, the resulting quantity is called
the "mechanical transfer admittance." The
measurcment of impedance or admittance re-
quires an input force to drive both the imped-
ance head and the structure being investigated.
Electrodynamic vibration exciters are, gener-
ally, used to supply the input driving force
necessary for the impedance or admittance
measurements. Satisfactory head-driver com-
binations should provide driving point capability,
high-frequency response, high sensitivity,
center mounting, minimum relative phase shift
between transducers, and a high stiffness for
suitable admittance or impedance measure-
ments. Dynamic characteristics of three pres-
ently available impedance heads are given in
Table 5.

Many instrumentation systems have been
devised to measure mechanical impedance and
admittance. The trend in impedance measuring
instrumentation has been from manual systems
to efficient automatic systems. These systems
have run the gamut from simple meters requir-
ing tedious manial measurements to complex
automatic equipment with graphical and digital
outouts. The simplest systems consist of im-
pedance heads, force generators, amplifiers,
oscillators, power supplies, voltmeters, and

phase angle meters. In these simple sysiems,
the motion, force, and phase angles are obtained
by visual observations and are tabulated by
hand. Variable bandpass filters may be added™
to this array of equipment to eliminate harmon-
ics and noise from tie transducer signals. Ad-
ditional equipment may include oscilloscopes to
monitor signal quality and to assist in the deter-
mination of phase angle relationships, eput
meters to establish signal frequencies, and
special electronics such as mass cancellation
circuits. The automatic systems may include
additional items such as tracking filters, log-
arithmic voltmeter converters, sweeping oscil-
lators, X-Y, Y! recorders, analog to digital
converters, and digital printers. One system
computes mechanical impedance digitally from
tape-recorded analog signals [32]. This system
is composed of analog recording equipment,
playback equipment which converts analog data
to a digital format, a computer program to
determine the mechanical impedance digitally,
and automatic digital data plotters. The out-
standing advantage of using this digital system
(or any similar system) is that large volumes
of data can be conveniently handled and proc-
essed in computational routines to solve a
variety of dynamic problems.

It is obvious that the use of taped data and
large computers offers the greatest versatility,
however, inexperience and technical problems
associated with magnetic recorders and com-
puters in the acquisition of impedance data have
delayed the wide acceptance of digital computer
systems for the measurement of mechanical
impedance or admittance. Thus, there is pres-
ently an increasing utilization of automatic im-
pedance measuring systems which provide
analog plots of motion/force ratios (or their
inverse) and phasc angle relationships. One of
these popular automatic mechanical impedance

TABLE 5
Dynamic Characteristics of Impedance Heads
Value
Characteristic

Model #1 Model #2 Modeil #3
Accelerometer sensitivity (mv/g) 25 200 70
Force gage sensitivity (mv/1b) 400 200 52
Frequency range (cps) 1-10,000 1-4,000 2-4,000
Mass below force gage (1Lb) 0.065 0.35 0.3
Stiffness (Ib/in.) 6 x 106 5 x 108 3 x 108
Relative phase shift (degrees) +1 x1 +1
Maximum acceleration (g) 1,000 1,000 2,000
Maximum load in compression (1b) 500 20,000 22,000
Matching force generators (lb) 0.75 1.5 1

21In mv/g.
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measuring systems contains the following
equipment: an automatic vibration exciter
control, integral impedance heade, force gen-
erators, a two-channel tracking filter, a car-
rier generator, a constant output level adapter,
two log voltmeter converters, a precision phase-
meter, two high impedance accelerometer
amplifiers, a dc power supply, a X-Y, Y! re-
corder, and an 80-watt monophonic power am-
plifier. The system incorporates also a control
panel with artificial integration, mass cancella-
tion, system calibration, and signal monitoring
jacks. The automatic vibration exciter control
provides a 5- to 5,000-cps signal, in a continu-
ous logarithmic sweep, to the 80-watt power
amplifier. The e2xcilter control supplies also a
dc voltage proportional to the logarithm of the
excitation frequency for driving the X axis of
the X-Y, Y! recorder, and a dc voltage utilized
in the artificial integrator. The 80-watt power
amplifier drives the force génerator that, in
turn, drives the impedance head and the struc-
ture being investigated. The signals from the
force and motion transducers are conditioned
by the accelerometer amplifiers and the track-
ing filters. The filters track to the excitation
frequency and eliminate the noise and distortion
from the force and motion signals. The constant
output level adapter takes a signal from the
vibration exciter control and maintains it at a
constant level for input to the carrier generator.
Next, the carrier generator drives the tracking
filter at the system excitation frequency. The
logarithmic converter performs a logarithmic
conversion of the linear input signals and pro-
vides a visual check, on meters, of the input
levels over a 70-db dynamic range. Since each
channel has a 70-db dynamic range, the result-
ing dynamic range of any ratic is 140 db. The
precision phasemeter sends a signal to the Y!
axis of the X-Y, Y! recorder which is propor-
tional to the phase angle between the motion and

force signals over a range from 0 to 180 degrees.

The force and motion signals pass from the
logarithmic voltmeter converters to the artificial
integrator, are converted to select ratios or
functions, and are sent to the Y axis of the X-Y,
Y! recorder for final plotting.

This system automatically provides X-Y,
Y! plots of various amplitude ratios and the
phase angle that the acceleration leads the force
vs frequency. On selection, any of the following
ratios can be plotted as a function of frequency:

1. Force/accezleration, effective mass or
apparent mass;

2. Force/velccity, mechanical impedance
or immobility;

3. Force/displacement, dynamic or ap-
parent stiffniess;

4. Acceleration/force, inertness;

5. Velocity/force, mechanical admittance
or mobility;

6. Displacement/force, dynamic flexibility
or compliance; or

7. Acceleration/acceleration, transmissi-
biiity.

In addition, individual curves of displacc-
ment, velocity, acceleration, and force can be
plotted as a function of frequency by this system.
The determination of the real, A_, and the imag-
inary, B_, parts of the admittasce can be ac-
complished by automatically recording |v_|, the
rdtio of the velocity amplitude to the force am-
plitude, and the phase angle that the acceleration
leads the force. It then becomes a simple cal-
culation to use the admittance amplitude, |Y |,
and the phase angle, ¢, to determine the real,
A,, and imaginary, B_, parts of the admittance:

A () = |Y()] sin 6, (D)

and

B (£)

[Y ()] cos @. (6}

Figures 22, 23, and 24 present some data
recorded on the automatic system described
above. Figure 22 shows three calibrations of
the system obtained by using the weight below
the iorce gage as a calibration weight. This
type of calibration does not require any infor-
mation on the sensitivities of the force and
motion transducers. The impedance head used
during these sample calibrations had a mass
below the force gage of 0.065 pound. Actually,
the upper curve represents two different cali-
brations that were equal and identical. These
two identical calibrations were made with the
driver-head combination oriented vertically,
facing upwards, and vertically, facing down-
wards. The lower curve on Fig. 22 was ob-
tained by a third calibration with the driver-
head combination in a horizontal position. On
the basis of these data, it is rccommended that
admittance/impedance measurements be ob-
tained with the driver-head combination oriented
in a vertical direction. Furthermore, this
eliminates cantilever torques created by hanging
driver-head combinations horizontally on struc-
tures. Figure 23 shows the effect of the mass
cancellation circuit in the automatic impedance
measuring system. One curve shows data
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obtained without mass cancellation, and ancther
curve shows data obtained with mass cancella-
tion. Mass cancellation is an electronic method
of cancelling the effect of the weight below the
force gage. In the automatic system, mass can-
cellation is accomplished by subtracting from
the force signal a feedback from the accelera-
tion channel equal to the force signal being
developed by the mass below the force gage.
This cancellation (Fig. 23) is effective as long
as the impedance head and adapter (in this case,
1.625 pound) display mass characteristics. As
seen in Fig. 23, the mass cancellation: actually
increases or adds to the impedance value when
the impedance head and adapter exhibit stifiness
characteristics. Since structural impedances
display many peaks and valleys and correspond-
ing changes from mass to stiffness character-
istics, it is recommended that systems be cali-
brated with weights (as in Fig. 22) and without
mass cancellation. This recommendation is
supported also by the results presented in Ref.
[30]. Figure 24 displays mechanical impedance
measurements of a structure recorc -d with
three different system gain settings. These
three sets of data agree reasonably well and
show stiffness controlled characteristics below
the first resonance of 400 cps, antiresonances
at 500 and 3,500 cps, and mass-like character-
istics above 1,200 cps.

This section has presented a short discus-
sion and explanation of mechanical impedance
measurements. It is predicted that practical
applicaticns of mechanical impedance and
admittance measurements to the solution of
dynamic problems will greatly increase during
the next decade. In addition, it is recommended
that impedance and admittance measurements
be obtained on more aircraft, missile, and space
programs; and that these data be applied to
solve dynamic structural and equipment designs.

CONCLUSION

Information on vibration transducers, am-~
plifiers, telemetry systems, magnetic tape
recorders, and impedance measurements has
been given herein. The scope of this report
has limited the discussion to salient detailis;
thus, each subject has received but minimum
coverage. It is felt that many improvements are
desirable in vibration instrum entation svstems.
and that the science of vibration measurements
will expand and advance with each new aircraft,
missile, and space project. An adequate defini-
tion of dynamic environments can be obtained
by careful attention to the techniques of trans-
ducing, transmitting, recording, and reproducing
dynamic signals.




Finally, the compilation of reliable
dynamic data requires more than perfunctory
calibration techniques. Complete system cali-
brations are a definite necessity to produce
valid dynamic information. This calls for end-
to-end system calibrations wherein a full range
of frequencies and amplitudes are injected into
the transducer end of the instrumentation sys-
tem, transmitted through each unit in the chain,

and recorded on magnetic tape for final data
reduction and analysis.
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FORCE-CONTROLLED VIBRATION TESTS: A STEP TOWARD
PRACTICAL APPICATION OF MECHANICAL IMPEDANCE

John V. Otts
Sandia Corporation
Albuquerque, New Mexico

The Vibration Division at Sandia Corporation is experimenting with,
and in some cases testing under, a test concept whereby the test item
is allowed to affect its own environment as it does in the field. This
test concept includes controlling the vibratory force input below a test
system which consists of the test item and a mass representing that of
the foundation. Results from this type of vibration test are presented
and compared with the test results where the input to the test item is
motion controlled. In addition, the methods used in deriving and con-
trolling the force input levels, and the mass magnitude representing

the foundation are discussed.

INTRODUCTION

Vibration tests, as they are presently con-.
ducted throughout the country, rarely (if ever)
simulate the environmental conditions for which
they are intended. Conseguently, the true envi-
ronmental response characteristics of the test
item are seldom determined or even approxi-
mated. The test results often force designers
to concentrate on unrealistic problem areas
and/or overlook those that are potential prob-
lems.

The two basic reasons for unrealistic vi-
bration tests are constant motion control of the
input to the test item, and the methods used in
deriving motion-irput specifications. The first
requires the false assumption that the founda-
tion has infinite mechanical impedance. Con-
sequently, the test item is not allowed to affect
its own environment. Unfortunately, test spec-
i{ications are sometimes arbitrarily selected
without reference to any applicable field data.
However, it is just as unfortunate that those
specifications derived from field data consider
only the peak responses of the foundation,
neglecting the characteristic valleys. Again,
the test item's environmentzl effects are
neglected. When the above practices are
combined iu a vibration test, overtests as high
as 100:1 can result at some frequencies. At
other frequencies, the test item may not be
tested sufficiently.
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A few individuals have insisted for years
that we are basically wrong in utilizing the
constant-motion/input-control philosophy. At
the same time, it has been suggested that the
ultimate solution lies in the complete incorpora-
tion of the mechanical impedance concept.
Unfortunately, there are factors which prevent
this concept's immediate practical application.
Some of these factors are the lack of field data
from which to derive test specifications, the
practical inexperience in applying the mechan-
ical impedance concept, and the complexity of
the concept.

In the past, we have been somewhat like the
man who lost his billfold in a dark alley and
hunted for it under a streetlight. Most people
involved in vibrations will admit to the fallacies
of our present test methods. However, the ease
with which accelerometers can be used and the
complexities involved in changing over to force
transducers create some resistance to the
change.

We in the Vibration Division at Sandia
Corporation, with support of the Dynamic Stress
Group, have begun to utilize a form of the me-
chanical impedance councept—thus inserting
more meaning into test results. The area in
which we are now working comprises controlling
the mechanical impedance of the foundation at a
finite value and controlling the force input below
the simulated foundation.




The intentions of this paper are to illustrate
the fallacies that exist under the constant-
motion/input-control concept, discuss the ad-
vantages of force-input control below a simulated
foundation, and consider some of the methods
used in applying this concept.

DISCUSSION

Vibration tests naturally differ in their
objectives and complexity. Thus, to be specific
in this presentation is impossible. Although
this discussion is limited to considering simple
systems and constant sinusoidal inputs, the
ideas apply to complex systems and inputs as
well.

Mechanical impedance zZ is the complex
ratio between an applied force (sinusoidal) and
the resulting velocity. Effective mass M, is
the complex ratio of an applied sinusoidal forre
to the resulting acceleration. Thus, the rela-
tionship between z and M, is expressible as
«M, = Z, where « = 2nf. There is also a 90-
degree phase difference between M_ and z.
Since M_ is directly related to acceleration,
this term will be used throughout this discus-
sion rather than the more commonly used
term z.

INFINITE M, TEST

Constant motion control of the vibration
input to a test item i1s equivalent to assuming
that the foundation's motion is independent of
the test item. This is physicaily possible only
if the foundation M, is nearly infinite compared
to that of the test item. Thus, this type of test
is classified as an infinite M, test.

The system in Fig. 1 represents a test
item m; mounted on a foundation mg. The
spring and damper are representative of the in-
herent characteristics of the test item and/or
the connection between m; and mg. In this
discussion, all equipment above the control
point is assumed similar to that in the field.

For a constant sinusoidal acceleration in-
put at Point 2, the force required below mg and
the acceleration responses of mg and m; are
as shown in Figs. 2a, 2b, and 2c, respectively.
The following discussion is based on these
response characteristics. Although the test
concept implies that mg is infinite, it is finite
in any test setup. In this particular illustra-
tion, mg is representative of the shaker arma-
ture and test fixture mass located below the
intercomnnector.

Fig. 1 - Vibration
system

Fig. 2 - Response to in-
finite M, test: fa) force
below mg, (b) accelera-
tion of mg, and (c) ac-
celeration cf mp
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The test item, my, is not allowed to affect
its own environment. This is obvious, since the
foundation motion is not variable over the fre-
quency range (Fig. 2b}. Thus, the true anti-
resonant and resonant responsc amplitudes are
not allowed to occur. Antiresonance of the
complete system (Fig. 1) is defined as:

1 k 1
fl'l] = 2__" ‘El; . ( )

Resonance is defined as:
£ = (2)

.i /k( my + msz

2m ERES -

The important results of not allowing my to
affect its own environment are discussed below.

At f ., alarge amount of force is required
to maintain the input motion of mg at the speci-
fied magnitude (Fig. 2a). The resulting re-
sponse of my is thus extremely high, which
leads to overtesting.

In the true cnvironment, and where the
system is light} {amped, m; is more suscep-
tible to a high response at f _, than at any
other frequency; i.e., applying the same level
of sinusoidal force input (F,) across the fre-
guency test range, the response of m, is many
times greater at f_, than at any other fre-
quency (even f_,}. The low response of mg
(at f,,) caused by thc severe notching of the
force is radically unrealistic compared to the
condition that exists in the lield. Consequently,
the test results are vulnerable to undertesting
at this frequency.

Unfortunately, a design engineer conirols
the frequencies where high force requirements
occur during testing by physically changing m,
k, and c. Also, these extremes will shift in
frequency due to test items and/or intercon-
nectors having different properties, even though
they are fabricated from the same design.

In summary, infinite M, testing causes
excessive overdesign due to overtesting 7' f_,,
and in all probability results in a low safety
factor or undertest at f,,.

TEST SPECIFICATIONS

The faults of the infinite M_ testing, specif-
ically the overtest at f_,, are further magnified
by the methods used in deriving test specifica-
tions. Input specifications are usually derived
from field data obtained under one of the follow-
ing conditions:
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1. The foundation response is monitored
while the test item is mounted;

2. The foundation response is monitored
without the test item being mounted;

3. The foundation response is monitored
with a different test item mounted; and

4. Input specifications are arbitrarily
selected without reference to any applicable
field data.

The field data are analyzed intc an ampli-
tude vs frequency spectrum. Unfortunately, the
highest peaks from this spectrum are some-
times encompassed, and this level is called out
as the constant motion input.

What is wrong with these practices? Con-
dition 1 disregards the antiresonant frequency
(f,,), where the foundation motion has a tend-
ency to be low. The test item's influence on its
environment is again ignored. Condition 2 ccm-
pletely ignores the test item's environmental
influence. We are often forced to use one of the
last two methods due to a lark of field data. As
will be discussed later, the new test methods
will allow more intelligent test specifications
when this problem exists.

ALTERNATE TEST METHODS

The penalty for not allowing the test item
to affect its environment as it does in the field
is that the amount of overtest and undertest can-
not be predicted from the test results. As the
demand for higher field performance and reli-
ability increases, with the simultaneous require-
ment of reduced size and weight of the test item,
future vibration tests must be more accurate.

Several alternate test rmethods have been
recoinmended and/or used in an attempt to
insert more meaning into vibration testing.
Some of these alternatives are discussed below.

Zero M, Testing

Controlling the force input to the test item
(Point 2, Fig. 1) is classified as zero M, test-
ing, since the force is maintained irdependent
of the foundation M_. Assuming the force input
to be constant results in the force requirement
below mg and the acceleration responses of mg
and m; shown in Figs. 3a, 3b, and 3¢, respec-
tively. In this illustration, mg is representative
of the shaker armature and test fixture mass
located below the interconnector.
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The test item does affect its environment
at f,,, but the responses of mp, at f , and f_,,
are both suppressed. Unless the input force is
quite high, a low safety factor would result at
these two frequencies. If the force were high
enough to avoid undertesting at f, and f_,, an
overtest would result at the other frequencies.

Based on the fact that the force below mg
and the response of mg approach infinity (with
increasing frequency) to maintain the input
force at the prescribed level (Figs. 3a and 3b),
it i: apparent that this method is not represent-
ative of the conditions in the field.

Simulating Foundation Motion
Determined From Field Measurements

Measuring the field response of the founda-
tion (with test item mounted), and reproducing
this motion in the laboratory, eliminates the
need to be concerned about M, of the foundation
being simulated in the test. As long as the
equipment above the control point is the same
in the test as it is in the field, the test item
responses are closely simulated. With the
exception that inaccuracies result hecause each
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test item and foundation do not have the same
characteristics, and motion in the field is not
repetitive, this method is basically sound.

This practice would vndoubtedly be used in
our test laboratory if field data were available
from which to derive the proper input. Howewer,
since this field data is not available, we have
adopted another method with which to insert
more realism into our vibration tests. This
method is discussed below under controlled M_
testing.

Acceleration Limiting

The first method used at Sandia to reduce
the ridiculous force requirements at antireso-
nance was acceleration limiting. Not allowing
the acceleration response of a test item or one
of its internal components to exceed a prede-
termined level is classified as acceleration
limiting.

During an infinite M_ test, acceleration
limiting would allow the test item to have an
influence on its environment at frequencies
where the specified input level would have
resulted in responses above the set limit. This
normally means th:at the high force requirements
at f_, will be reduced.

Controlled M, Testing

Recent efforts at Sandia have been directed
toward controlling the sinusoidal force input
below the foundation mass mg, where the effec-
tive mass of the foundation is set at some finite
value. This method is called constant M_ test-
ing if the foundation M_ is maintained constant
across the test range.

For a constant M, test, and where the
sinusoidal force input below the foundation is
maintained constasnt, the response character-
istics of the system (Fig. 1) are as depicted in
Figs. 4a, 4b, and 4c. The advantages of this
method over that of infinite M testing are as
follows:

1. There is a definite control of the force
input below the foundation (Fig. 4a). Thus, the
force will not have sharp peak or notch charac-
teristics across the frequency test range (par-
ticularly at f,_, and f_,). The magnitude of
overtesting and the possibility of undertesting
can both be lessened.

2. As can be seen in Fig. 4b, the test item
has influenced the response of the foundation.
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As a result, the test item response at f_, is
lower than it would be for infinite M_ tesiing,
and the higher response at f_ , is allowed to
occur,

Another advantage of controlled M_ testing
is that the axial fundamental response of the

test item is not a function of the test equipment,

The test equipment below the force-control
point (armature and fixtures) has no funda-
mental influence on the system above the con-
trol point. However, the test equipment's
effects on rotation, distortion, etc. are still
not eliminated.

The degree of test accuracy resulting from
controlled M, testing obviously depends on the
force spectrum used and the M_ used to
simulate that of the foundation. At the present
time, the selection of these test values is quite
arbitrary. However, the basic principle is
aimed in the right direction, since the test item
is being allowed to affect its environment. As
the available field data increase and/or our
ability to predict test conditions improves, we
will come closer and closer to a truly simula-
tive vibration test.
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FORCE LEVEL

Until a better understanding of the environ-
mental forcing function can be obtained through
field measurements, a constant sinusoidal force
input will be used. Normally, the specified g
input level is used as a guide in determining the
force input. For example, for a test item of
weight W, pounds to be tested with a simulated
foundation of weight W, pounds, if the specified
acceleration input was to be 2.0 g from 20 to
2000 cps, the constant force input below the
foundation would be set at 2.0 (W, +W,) pounds
from 20 to 2000 cps. Simulating the foundation
weight will be discussed below.

Another method which has been used in the
past is the application of 10 percent of the
maximum rocket thrust as a constant force
input into the payload and simulated rocket
motor mass.

REPRESENTING FOUNDATION M,

As long as a constant force input is used, it
is necessary to insert a foundation mass above
the control point to allow the test item to affect
its environment as it would in the field. Without
this mass, a zero M_ test would result.

Currently, the foundation #, is selected in
one of the following ways. In tests where there
is no reference available, a constant M, equal
to the mass of the test item is being considered
for use. For tests on rocket payloads, an M,
equal to that of the empty rocket motor is held
consiant across the test range. Motor empty
M_ is used rather than that of motor full, since
the former results in a higher test item
response during testing.

Two metheds are used to insert the desired
foundation M_ into the test setup. The first is
physical addition of a mass. In this case, it is
desirable to design a mass that remains rigid
across the frequency test range, if at all pos-
sible. As long as the mass is rigid, M, is
controlled at a constant known value. The
second method, which is being used almost
exclusively, is electronic simulation of the
desired M, value. This concept utilizes an
analog computer circuit which determines what
the force input to the test item would be if the
desired M, were actually inserted in the test
setup. A complete description of this procedure
will be presented in a detailed paper on this
subject at a later date.

Two advantages of electronic representaticn
over physical representation are the economics




and the ability to vary M_ electronically during
a test. For example, it is known that a founda-
tion's M_ is not constant. When the variable
function is determined from field measure-
ments, it will be possible to reproduce this
function in the laboratory.

As mentioned previously, it is quite prob-
able that field data will eventually eliminate the
constani force input and the insertion of a sim-
ulated foundation M_. If the input motion at the
base of the test item or the force input to the
test item is determined from field measure-
ments and reproduced in the laboratory, there
is no need for either constant force input or
duplication of M, .

CONSTANT FORCE INPUT
AND CONTROLLED M, TEST
ON RFD II RE-ENTRY VEHICLE

The first constant force input and controlled
31, test run at Sandia Ccrporation was on the

Fig. 5 - RFD II re-entry vehicle

mouated on vibration machine

RFD II re-cntry vchicle (RV). The RV was
designed to furnish re-entry for a SNAP i0A
nuciear reaclor. The RV and reactor are shown
mounted on a vibration fixture in Fig. 5.

At the time of the test request, the 450-
pound system was to be powered by a four-stage
NASA Scout rocket, which is connected to the
RV by the interconnector shown in Fig. 6.

With the exception of momentary pulses at
ignition of each stage, field data indicated that
the only significant vibration caused by the Scout
motors occurred during the fourth stage burn-
ing. Thus, only this vibration was requested to
be simulated.

Prior to testing, decisions had to be made
concerning the input force level, the motor M_
representation, and the type of force transducer
to be used. Vibration energy during flignt was
mainly attributed to burning of the rocket. Since
there was no reference from which to determine
the proper forcing function, the value of 500
pounds, constant force (recommended by NASA)
was used over the frequency range of 20 to 2000
cps.

The test and field setups were identical for
the system above the motor. Thus, the only
decision remaining was the value of M, to be
used in represerting that of the motor. Since
field data indicated that the maximum vibration
response (30 g) occurred just before fourth
stage burnout, when the motor weight was 60
pounds, it was decided to represent the motor
empty condition. Another strong factor in the
decision to represent the motor empty M_ were
the results obtained in an electrical analog
study, where the response of the RV was in-
vestigated for both motor empty and motor full
conditions. For the same force input below the
motor, it was determined that the empty condi-
tion resulted in RV responses about seven times
higher at f_, than for the motor full condition.
Thus, a 60-pound cylinder was used to represent
the motor (Fig. 6). The attachment between the
cylinder and interconnector simulated the actual
connection between the fourth stage motor and
interconnector.

The force transducer used in the first
series of tests is shown in Fig. 6. Forty strain
gages were mounted around the periphery. with
every fourth gage connected in series to form
the four legs of the bridge. Two of these legs
were used for temperature compensation. Due
to low sensitivity (<0.1 microvolts per pound),
the signal-to-noise ratio was low enough to
cause accuracy problems during input centrol.
The final test series utilized ten commerciai




Fig. 6 - R¥D II test setup (internal)

transducers mounted under the 60-pound
cylinder. The transducer outputs were instan-
taneously summed. The resulting force sensi-
tivity was about one thousand times that of the
first transducer.

Tvpical response characteristics of the
RV and motor are shown in Fig. 7. As pre-
dicied, the response characteristics during
testing simulated that of the siimple system
shown in Fig. 8. In this sketch. m; represents
the weight of the RV, the reactor, and all
internal components of the RV. The spring k
represents the relatively light adaptor's spring
characteristics, and m; represents the 60-
pound motor.

As can be seen by the antiresonance (f_ )
ind resonance (f_,) of the motor, the system
bove the adaptor was allowed to affect its own
nvircnment. As a result, the highest response
on the RV oceurred at f_, rather than f ,.

o

Do

Had a constant acceleration of 1.0 g (in-
finite M_ test) been maintained on the motor,
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Fig. 8 - Simple represen-
tation of RFD Il test setup

! v

I F = 500 Sin wt

the force required at f_, would have been about
3000 pounds, six times the force estimate actu-
ally used for an input. The resulting RV re-
sponse at [, would have been about 10 g rather
than 1.6 g. Also, the force required at f_,
would have been about 50 pounds, and the
resulting RV response approximately 1.0 g.

Belsham and Harris have made apparent
weight (M_ X 386) analyses of the full and empty
fourth stage motor (X-248) {1]. These plots are
reproduced in Fig. 8. The dashed lines super-
imposed on this figure represent the motor full
and motor enipty apparent weights that were
considered for use in the RFD II tests. The
antiresonant frequency (f_ ,) and resonant fre-
quency (f_,) which were found during vibration
tests are also shown on these plots.

Up to about 120 cps, the 60-pound apparent
weight used in the test was fairly accurate in
«s repiésentation of the actual empty motor.
There was considerable error involved at the
frequency (=130 cps) where there was a peak in
the apparent weight (antirescnance). Above 200
cps, 60 pounds was higher than either motor
empty or motor full apparent weights, with the
exception of two frequencies on the motor empty
plot.

NOTE: Reference appears on page 53.
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A better representation of the system's
response to motor full and motor empty M,
above 200 cps, would have been obtained if the
apparent weight of the motor had been rolled
off as some function of frequency after being
maintained constant up to 200 cps. However,
at the time of this test sequence, we were not
aware of the method whereby apparent weight
could be electronically varied.

The above discussion applies to random as
well as sinusoidal force inputs. Several random
tests have been 1un in which the force spectrum

was equalized, and electronic M_ representation
was used. No difficulties or discrepancies in
the data were experienced.

In summary, hindsight is a great teacher.
We in the vibration test laboratory at Sandia are
continually facing up to the fact that our new test
philosophy is subject to considerable criticism,
mainly from ourselves as we learn more and
more each day. In spite of the known limitations
in our new test methods and levels, we feel we
are advancing in the correct direction, since the
test item is allowed to affect its own environment.
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SELECTION OF VIBRATION TEST LEVELS
USING FATIGUE CRITERIA

LaVerne W. Root
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specimen material,
usage of the equivalence equations.

This paper uses the Palmgren-Miner and the Corten-Dolan hypotheses

for fatigue damage accumulation in the development of two sets of equa-
tions relating vibration test levels to the use environment,
tions are in terms of excitation levels and are independent of all test
specimen properties except the siope of the fatigue curve of the test
A sample computation is included to clarify the

The equa-

INTRODUCTION

The problem of selecting vibration test
levels has received considerable attention at
previous shock and vibration symposia. Many
techniques have been suggested for a rational
selection of the vibration test levels. Histori-
cally, these have included the following tech-
niques:

1. Early techniques which appear to be
more closely related to limitations of the
mechanical vibration table than to the use
vibration,

2. Exact reproduction of use vibration fol-
lowing the introduction of the electrodynamic
vibration machine, and

3. Recent attempts to simulate failure
modes rather than the use environment.

Most of the recent papers [1-13] have been
based on fatigue damage. The present paper is
also based on fatigue damage, but the results
differ in the following three ways from previous
papers:

1. Equations relating test levels to use vi-
bration are directly in terms of the environment
parameters (that is, acceleration, velocity, or
displacement) rather than test specimen stress
levels.

NOTE: References appear on page 64.
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2. The derived equations depend on the test
specimen material but are independent of the
test specimen geomeiry.

3. The Palmgren-Miner (PM) hypothesis
[14,15] for fatigue damage accumulation and the
Corten-Dolan (CD) hypothesis [16] are used, re-
snectively, to obtain similar equivalence reia-
tionships.

The mathematical model (single degree of
freedom, linear oscillator) is comparable to
that used in the previous papers so that the
limitations of the derived relationships are, in
general, identical to previous results. The su-
periority of the present equations is their inde-
pendence of the test specimen geometry.

Although the present derivation is based on
transforming between like types of vibration
(e.g., random-to-random), it is possible to
derive analogous equations based on either
hypothesis which will relate unlike types of vi-
bration. The equations based on the CD hypo-
thesis have been derived and are to be verified
experimentally. Since the experimental veri-
fication is just beginning, these equations will
not be included in this paper.

NOMENCLATURE

a  Peak amplitudes of random process

1

b Stress exponent for fatigue curve
equation




(T)

E(]

Constant from fatigue curve
equation

Fatigue damage arcumulation at
time T

Stress exponent froin Corten-Dolan
modified fatigue curve equation

Mathematical expectation of quan-
tity in brackets

Frequency

Constant

Number of cycles to failure at con-
stant stress from random or sine
fatigue data

Number of cycles to failure at con-
stant stress from Corten-Dolan

modified fatigue curve equation

Number of cycles applied at the ith
stress

Order of quantity in brackets
Probability density function
Amplification factor

Time

Excitation spectral density
Excitation amplitude
Relative response amplitude

Proportion of total cycles at ith
stress

Dummy variable used in derivations
Gamma function

Dummy variable used in derivations
Scaling factor on time or cycles
Dummy variable used in derivations

Expected frequency of narrow band
process

Peak stress

Root-mean-square stress
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Subscripts
1 ‘issociated with highest stress, excita-
tion, etc.

g Equivalent value

r Random
s Sine
t Test

EQUIVALENCE EQUATIONS BASED
ON PALMGREN-MINER HYPOTHESIS

The PM hypothesis is probably the most
widely used fatigue damage accumulation hypo-
thesis. For this reason, it will be used to de-
velop a set of cquivalence equations. The pri-
mary equation of interest from the PM papers is

g

1V

=

This can be rewritten in an alternate form
(Appendix A) which has sowme advantages in cer-
tain portions of the derivations:

R 2 (L)b ' (2)

The interpretation of Eq. (2) is the same
as in the case of the CD hypothesis whick has a
similar form (Appendix A). Two slight modifi-
cations of Eq. (2) are considered in this paper:

1. In the case of random vibration, the
stress will be defined as the root-mean-square
stress rather than the peak stress to avoid the
possibility of the stress being infinite.

2. In the case of continuously varying
stress levels, Eq. (2) can be rewritten as:

2z

4 ) 1

R (%)b d ®)

Js

2z

The following assumptions are used with
Eg. {2) in deriving equivalence equations relating
use vibration envelopes to a single equivalent
envelope:




1. The test specimen may be representcd
by several noninteracting linear oscillators.

2. The majority of fatigue damage occurs
at the resonant frequencies. This requircs
smoothly varying use vibratiou envelopes
and/or a kigh-Q response.

3. The fatigue curve may be represented
by a straight line on a log-log plot.

The equivalence equations are given as
Egs. (4) and (5) with the complete derivation
being given in Appendix C:

:Il @

(5)

=
"

These equations are used to obtain a point-by-
point transformation betwecn the use vibration
and the equivalent vibration. The equivalence,
based on Egs. (4) and (5) requires times equal
to original use vibration times; that is, a dwell
test must be performed for a period T, at each
resonance, and a random test cf duration T,
niust be performed.

In general, it is necessary to shorten the
test time since actual use vibration time may
be several hours. Once an appropriate test
time is selected, il is possible to use the fatigue
curves to scale the equivalent levels given by
Egs. (4) and (5). The scaled equivalence equa-
tions are obtained using results from Appendix
D:

o 1/b
X, [T, /x,\P
Xe - ELZT" X, ©
nls/ .1 st
and ‘
W, S W, \P/2 e
— ) (L
e 2/b ZTr (Wl) ) ()
e i=1

Equations (6) and (7) are used in thc same
manner as Egs. (4) and (5) except that the
scaled times T,, and T, , are used instead of
T, and T,.
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The following things should be noted about
Egs. (6) and (7):

1. The equations are independent of test
specimen geometry with the only limitation
being that stresses remain proportional to the
excitation.

2. The parameter b is related to the
fatigue characteristics of the test specimen
material.

3. Any consistent units may be used for
the vibration levels; for example, in Eq. (6),
the excitation could be accelerat’on, velocity,
or displacement; and in Eq. (7) the excitation
could be acceleration spectral density, velocity
spectral density, or displacement spectral
density.

4. Equations (6) and (7) can k¢ rewritten
in terms of continuously varying stress levels:

X . =1/b
P(x>(x) dx

1 rj‘ !
1 'bL 7
Mg 0 J

X, =

®)

X
1

and

2/b

)

W, ¥ w\b/2
W, = 275 |:J P(W) (W—) dw
0 1

DERIVATION BASED ON CORTEN-
DOLAN HYPOTHESIS

The CD hypothesis is one of the several
modifications of the PM hypothesis which at-
tempt to account more accurately for interac-
tion of varying stress levels. It is shown in
Appendix A that it may be considered as a PM
summation using a modified [atigue curve which
has a different slope on a log-log plot and inter-
sects the sine fatigue curve at the highest stress
cominon to both. The slope of the modified fa-
tigue curve may be obtained by random fatigue
tests or from two level programed sine tests
as discussed in the CD paper [16].

The primary equation from the CD paper
is:

=z
=
E

‘ o

N
q]_:
\_/Q-

(10)




1t is shown in Appendix A that this may be ve-
written in an alternate form comparable to the
PM equation:

(11)

m nl
2 ~r = 1.
i=1 N

Two modifications of Eq. (10) are required
in this paper. In the case of random vibration,
the maximum stress o, will be interpreted as

the maximum root-mean-square stress. For
continuously varying stress levels
Ne . 1
(12)

i j‘cl P(o) (L—’—l)d do

0

The assumptions used in deriving the
equivalence equations (Appendix C) are identi-
cal to those used in the PM derivation.

The relationships from Appendix D are
used to obtain the scaled levels:

o J1ve
5]
X, = l'b{ZT_s —)C' (13)
775 i=1 _J
and
w l—%\ T W d/2 CUs
1 1 (i)
¥y 2/d L;T_J<le> (19)
e =t f B

These equations are used in the same way as
the analogous PM equations. The following
things should be noted about Eqs. (13) and (14):

1. The equations are independent of the
test specimen geometry.

2. The parameter b is related to the sine
fatigue curve and the parameter d is related to
the random fatigue curve.

3. Any consistent units may be used for the
vibration levels.

4. Equations (13) and (14) may be rewritten
in terms of continuously varying stress levels:

X X

1

1/b [! L4
Mg Y

1/b

"

(15)

X, =

and
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W 2/4d

Ll d/2 _‘
W, - \V“ P(W) (w—w‘) de

”!‘

(16)

USE OF EQUIVALENCE EQUATIONS

The use of Eqgs. (6), (7), (13) and (14) will
be demonstrated by performing a set of sample
calculations for the test specimen in Fig. 1.
Since this test specimen has three natural fre-
quencies, the vibration envelopes are divided
into three frequency intervals as indicated by
dotted lines in Fig. 2.

—

Fig. 1 - Test specimen from
Project ‘*Contused'

The test specimen consists of 6061-T6
aluminum. The values of b and d are 6.87 and
.66, respeciively (18],

The {inal test will consist of a one-hour
dwell at each natural frequency followed by a
cne-hour random vibration test:

T

- st _ 1
Mg = T AT 0.025 (17)
Trt 1
, _rt 1 )
= § ° 0.125. (18}

PM Computations

1. Sine
TR B(AV(R) 7 AY
Xa %, T, T X X AX /AKX TAX/ X
f,[3 409 0.1 3/4 4/40.138 1.000 0.224 S.44
t'2 $ 209 0.1 5/5 2/51.000 0.002 0.900 8.35
fa 2 1 0.9 0.1 2/2 1/2 1.000 0.009% 0.901 3.31




M T -36HR T T -4HR

I r

- | | ==

o el g | : ) - : )

- | }— —_ - = t_ hadeatiiaa |
I ' | I .

- | | LT ! F-- 1o

)
| | | 1 | 1
[ [
T - 0.5HR [ T-15HR

Fig. 2 - Use vibration from Project "Con-
fused": (a) ground transportation by three-
legged mule, (b) air transportation by tired
pelican, (c) design testing -- substitute for xylo-
phone in local syinphonic orchestra, (d) pro-
duction testing -- paperweight in boiler factory,
and (e) end use — mechanical frequency stand-
ard for Project '"Befuddled"

2. Random \b b
el (B} 5 I (k)
W,/ T AW, W,
T, Ty T, wc
w.ooW, W T, T, T, W, f,] 0.173 0.2895 6.34
- £, 1 0.9500 7.08
S 4 3 0.0625 0.1875 0.75 5/8
1 f.11 0.7601 9.97

2.5 4 4 0.0625 0.1875 0.75 2.5/4 .
CD Computations

3 2 6 0.0625 0.1875 0.75 3/6

The computational form is similar to the
computations of the PM test levels so compu-
tations are presented in an abbreviated form.

' 1. Sinc
W, oW, <wc)b 2 (wd)b 2
i £ == =4 s \d d d
W oW oW (e (257 (%)
- X, X, \X; X, T, \X, X,
4’5 3/5 1 0.465
' f, {3 4 0.147 1.000  0.232 5.47
4/4 4/4 0.200 1 f,s 2 1.000 0.002 0.900 8.35
2/6 6/6 0.002  0.023 £,12 1 1.000 o0.010 0.901 3.31
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2. Random levcls considerably higher than those predicted
- by the PM hypothesis, if the use environment

w42 [gad/2 has a very large percentage of low-level vibra-
<-—“) ( ) tion. The sample calculation represents a poor
choice of times and levcls to demonstrate the
two hypotheses, since the differences in test
1p5 4 3 1 0.475 levels were less than five percent.

Both methods are equal in computational
ease and intuitive appeal. The CD hypothesis
requires the detcrmination of ¢. This should
not preclude its usage if experimental work in-
(Vv’e)d"z ST (W;>d/2 dicates it is morc realistic. It is recommendcd

W ya \ W, that a study be undertaken to compare the re-
S sults in using the two hypothcscs for predicting

./ 3 2 6 0.099 0.026

£, 0.182 0.2881 6.42 vibration test levels.
fo] 1 0.9505 7.36 Regardless of which hypothesis is used in
¢ 1 0.7611 10. 31 selecting test levels, the equations as presented

in the present paper offer certain advantages
over previous formulations. It is possible to go
« directly from use vibration to the equivalent
CONCLUSIONS levels without knowing the specimen stresses
or geometry. This should make the present
formulation more useful in early design stages
when the geometry is stiil unknown.

Most of the published experimental data
indicate that the random fatigue curve has a
steeper slope than the sine fatigue curve. The
CD hypothesis predicts this difference in slope
for d < b. This indicates that the CD hypothesis ACKNOWLEDGMENTS
may be a more accurate representation of fa-
tigue damage accumulation than the PM hypo- The analysis presented in this paper was
thesis. prepared originally as part of the continuing

program at Collins Radio Company to improve

The CD hypothesis weights the low stresses the environmental design of its products. Ad-

heavier than the PM hypothesis. Therefore, it diticnal analysis and experimental verification
is expected that the equivalence equations based are currently being carried out under contract
on the CD hypothesis will predict equivalent NAS8-11278 with NASA-Huntsville.

Appendix A

ALTERNATE FORMS OF PALMGREN-MINER.
AND CORTEN-DOLAN EQUATIONS

CASE 1. PM EQUATION N

Z Ny (A2)

The usual form of the PM equation is given / “i N

as Eq. (1). This equation can be rearrangcd He=g

into a form which is equivalent to the CD equa- . .

tion. It is assumed that the fatigue curve is Using Eq. (A2) to replacc N,/N; interms

represented by of a stress ratio gives Eq. (2) Whlf:h is identical
to the CD equation with the exception of the
stress ratio exponent.

NoP = c. (A1)
CASE II: CD EQUATION
Rccognizing that n;/N, = a; and rearranging The usual form of the CD equation is given
Eq. (1) after multiplying by N,/N, and N,/N, as Eq. (10). This equation can be rearranged
gives into a form equivalent to the PM equation.
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Rearranging Eq. (10) and recognizing that
ay = o0y ’Ng gives

>

i=1

\

—
—

(A3)

Defining N; as

(Ad

and substituting this value into Eq. (A3) pre-
duces Eq. (11).

Equation (11) is identical in form to the PM
equation. Consideration of Eqs. (A4) and (A5)
shows that the CD equation can be interpreted
as a PM summation cn a modified fatigue curve:

N. o .d

ii Nl (Tld = C (AS)

The equivalence between the PM and the
CD hypotheses allows considerable simplifica-
tion in derivations in Appendixes B and C.

Appendix B

RANDOM FATIGUE EQUATIONS

The fatigue curve may be represented by
Eq. (Bl), where 5 and ¥ maybe b and c or d
and ¢, respectively, for the PM hypothesis and
the CD hypothesis: D
Nof = y. (B1)
The incremental damage due a single
stress cycle of amplitude a is given by 1/N(a)
for the PM hypcthesis (or CD hypothesis on the
modified fatigue curve). The fractional damage
between a and a + da is given by Eq. (B2).

n(a) = v T E-)- da . (B2)
N( a) ° N{a)

The total expected damage is ootained by
summing the incremental damage from Egq.
(B2). It may be assumed that the stress peaks
are represented by a Rayleigh distribution and
Eq. (Bl) can be used to evaluate N(a):

E[D(m)] =

LoT —B( £
- WIHAT(L + 2). (B3

At failure, the damage is one and v/ - N,
so Eq. (B3) can be rewritter as follows:

= /

NFA
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The random fatigue equation for the PM
hypothesis is obtained from Eq. (B4) by setting
3=b and y=c:

B . c
N (B5)

This equaticn indicates that the random fatigue
curve should be parzllel to the sine fatigue
curve when plotted on log-log coordinates.

CASE II

The random fatigue equation for the CD
hypothesis is obtained from Eq. (B4) by setting
S=d and vy = ¢

Ned = ¢
24721 (1 +

) ' (B6)

N

This equation indicates that the random fatigue
curve should be parallel to the modified sine
fatigue curve when plotted on log-log coordi-
nates.

The preceding derivation follows that given
in Ref. {17] in its general form.




Appendix C

EQUIVALENCE EQUATIONS

The test specimen may be represented by N, 1
a number of noninteracting linear oscillators. N, = g
In considering any one of the oscillators as St (}_,) (C3)
depicted in Fig. C1, it is desired to obtain an = TEAX,
equivalent excitation, X_, which will accumu-
late an identical amount of fatigue damage as . . ) .
the m use vibration envelopes accumulate. The _ Since Eq. (C3) is for a given frequency, it
fatigue damage is governed by Eq. (C1) which is possible to substitute the proportion of the
may represent either the PM hypothesis or the time at the ith level for «;:
CD hypothesis, depending on the value of ©:
N
N_g: 1 N, yv—ri 'Xi 8 (c4)
N ] ; I . ( kv
oy (%) (&) FETEE R
. -
&= e
The fatigue curve will be renresented as a
straight line on log-log coordinates (Fig. C2)
leading to Eq. (Al), No® - c.
T
log ¢
K % C & b
7 7 M 2 ——
log N
Fig. Cl - Mathematical q .
model representing the Fig. CZ‘ = Uypdeal
ith oscillator straight line represen-

tation of fatigue curve
on log-log plot

CASE 1
The use vibration may consist of = vibra- b thThqet cycle r?tio( i th't.(C‘l) \\t/?ll) b(i'replr;aced
tion envelopes, each of which may be repre- y the siress ralio {excitation ratlo) using iq.

T AN
sented by several fixed frequency components AlL):

separated by Af = O(f/Q). With each envelope a0

is associated a time T,. The frequency spacing Sm" T, (X\? ] .
of the individual components of a given envelope X, = X% /T \X—l> J (€3)
allows the fatigue damage accumulation to be i=1 °
represented by m terms (onc from each enve-
lope). This equation is applied at each frequency
of interest and by correct value of ¢ will rep-
The reiative displacement at a given fre- resent eithcr the PM hypothesis (7 -b) as Eq.
quency is a linear function of the excitation, and (4) or the CD hypothesis (7~ d) as
the stress is a linear function of the relative =/
displacement: x -x v LoX d (c6)
* ! g Ts (xl)
i=1
oo~ K Y = KX (C2)
CASE 11
Equation (C1) can be rewritten in terms of The use vibration may consist of / vibra-

the excitation using Eq. (C2): tion envelopes, each of which may be represented
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by a smoothly varying spectral density W,.
With each envelope is associated a time T;.

It is assumed the Q is sufficiently high and
the spectral density is sufficiently smooth that
a white noise approximation can be used at any
given frequency cf interest. The root-mean-
square relative response at a given frequency
is a linear function of the square root of the
spectral density, and the root-mean-square
stress is a linear function of the response:

&, = Kyy; Kywpt/2. (cn
Equation (C1) can be rewritten in terms of

the excitation using Eq. (C7):

2

[ 1

23

Nl
p=1

{C8)

As before, a; will be replaced with the
proportion of the total time spent at thc jth
level.

or the CD hypothesis (Appendix B), varics, re-
spectively, as

N&® = ¢ (C10)
or

Not = g (C11)
These two equations will be represented by a

single equation where 3 can be cither bt or d
and y_ can be either ¢ or ¢ .

NZE =y (C12)
The cyclic ratio in Eq. (C9) will be re-

i
placed by the stress ratis (excitation ratio)
using Eq. (C12).

(C13)

!—‘*"T» l/w_ a8/2
W= W Z = —’)
g 1L;=1T'\w1

This equation is applied at each frequency

N, 1 of interest; by correct values of ¢ and g, it
N T represents the PM hypothesis (9-b, 5=1b) as
! Z 'y ('\vi>” 2 (C9) Eq. (5) or the CD hypothesis (¢ =d, 5-d) as
[T \F,
i=1 2/d
DT (w2
The random fatigue curve, depending on W, o= oW, Z T—’ (w—’> (Ci4)
whether it is obtained using the PM hypothcsis =1 7!
Appendix D
TIME AND LEVEL SCALING
The use time may be scaled hy a factor - og (D4
to obtain the test time: : . )

T, = nlg. (D1)

The cycles to failure at a given frequency is
directly proportional to the time:

N, N - (D2)
The fatigue curve is represented by Eq. (Bl),

No

SN (D3)

-

Equation (D4) represents the stress rela-
tionship, and the test level scaling equations
can be obtained by substituting the relationship
for stress and the correct value for 7.

CASE 1

Sine Levels — PM or CD:

(D5)
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DISCUSSION

Mr. Phelan (Cornell Univ.): How do you
handle the horizontal part of a fatigue endurance
limit curve when you get into random vibrations
where many ol your cycles would be at such low
stress that you could have an infinite number
without any failure?

Mr. Root: 1 believe, if you will look into
the fatigue data, that even the ferrous alloys
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lose this endurance. In other words, they
essentially have no endurance limit when you
mix stress levels. There are expzrimental
papers to back this point. Probably the rep-
resentation is better for the nonferrous al-
loys, but even the ferrous considerably re-
duces the endurance limit so you probably
can use this on either.




ANALOG EXPERIMENTS COMPARE IMPROVED SWEEP
RANDOM TEST WITH WIDE BAND RANDOM AND
SWEEP SINE TE..S

Galt Booth
MB Electronics
New Haven, Connecticut

and

Jens Trampe Broch
Bruel & Kjaer
Naerum, Denmark

A major problcm with previous sweep random tests has been the rela-
tively long test time required for the same damage-producing capahil-
ity as a wide band random test. An improved technique is presented
which appreciably shortens this test time. A further problem in the
application of the sweep random technique to component or subassem-
bly testing has been the difficulty of appraising the degree to which thc
sweep random process approaches the damage-producing capability of
a widc band random excitation., The experimental results presented in
this paper should aid in this 2pproizall

An experimentai study is described in which the elcctrical analog of a
resonant mechanical device on a vibration exciter was subjected to a
number of carefully controlled vibration tests. These tests included
the common wide band random tcst, the sweep sine test, and a variety
of different sweep random tests with differing systein time constants.
The responses of this resonant system to the various tests were care-
fully measured in a standardized manner and plotted in a common form
so that the results of the different vibration test techniques may be di-
rectly compared.

The measurcd parameter chosen as having sigaificance for all vibra-
tion test techniques is the count of the number of times the analog of
the instantaneous acceleration or stress of the resonant mechanical
device exceeds a specified reference level during the complete vibra-
tion test. To characterize a complete vibration tcst the distributions
of cesponse peaks are formed by making such counts at numerous ref-
erence levels. Since the same lcvels arc used for each type of vibra-
tion test, the counts for the different vibration test techniques are di-
rectly comparable,

Normalized curves are prcsented which show the counts at each refer-
ence level for each of the vibration test techniques. Since these curves
show the number of stress or acceleration peaks to be expected above
various levels, the curves are useful both to compare the various types
of vibration tests and as aids to the mechanical designer concerned
with cyclic fatigue in the vibration environment. The plausibility of
these experimental curves is enhanced by a comparison with curves
predicted by thcory.

The results of the experiments are used to dcvelop accelerated sweep
random tests. A new sweep random test technique is proposed which
better takes into consideraticn the time available for testing.
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HISTORY

Although the wide band random test is gen-
erally accepted, it is costly and a less costly
substitute has been sought ever since its first
introduction. Various "equivalent'' sweep sine
tests have been proposed but since the sweep
sine test cannot produce the same distribution
of acceleration and stress amplitudes within
the test specimen, no general equivalencc be-
tween the two types of test is ever likely to be
found. In 1957, M. W. Olesen of the Naval Re-
scarch Laboratory proposed a sweeping narrow
band random vibration test which actually con-
stitutes a compromise between a wide band ran-
dom vibration test and a sweep sine test. It
operates on the principle of replacing the low
acceleration density wide band random excita-
tion with an intense, narrow band random exci-
tation sweeping slowly over the frequency range
of the test. In 1960, G. B. Booth showed how to
calculate the acceleration level and the test time
needed to make a sweep random test correspond
to a wide band test. It was shown that the sweep
random test can produce the same number of
important stresses and accelerations, at each
level, as the wide band test. For a long time
the equipiment necessary to perform this kind
of testing was not commercially available, and
very little progress was made in the use of the
method. Recently, the complete control equip-
ment required for sweep random vibration test-
ing has been developed in the form of two units:
a sine-random generator and a vibration meter.
Alsc, considerable efforts have been and are
being made to evaluate and extend the test. The
more theoretical parts of the work are being
confirmed by tests on electromechanical mod-
els, while a number of comparative damage
studies are currently in the planning and pre-
liminary test stages.

OBJECTIVES

The program reported in this paper has
four objectives:

1. To confirm experimentally the theoreti-
cal calculations (appendix) of the distribution of
response accelerall. © *~ -~ ~weep random test,

2. To determine experimentally other re-
sponsc acceleration distributions obtainable
with the control equipment,

3. To develop time-level exchange curves
useful in the shortening of sweep-randoin test
times, and-

4. To propose an improved sweep random
tect procedure.
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TECHNIQUE

The block diagram (Fig. 1) shows the
equipment used to perform the sweep random
test. The narrow band random acceleration
excitation to the test specimen is monitored by
an accelerometer, read on a meter, and ap-
plied to a compressor circuit which controls
the gain of a variable gain stage. The level of
a narrow band random voltage of sweeping cen-
ter frequency is controlled by this variable
gain stage. The power amplifier then amplifies
this sweeping narrow band random voltage to a
level adequate to drive the vibration exciter and
specimen.

-

GOMPRFSSOR

N

Fig. 1 - Block diagram showing operation
of equipment to perform the sweep ran-
dom test
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To study the distribution of response accel-
eration peaks, an electrical analog of a mechan-
ical specimen was built. Figure 2(a) shows the
mechanical block diagram of any normal vibra-
tion mode of the test specimen. a_ is the accel-
eration of the vibration table and a_ is the re-
sponse acceleration of the mass. The ratio,
a,/a_ of the response acceleration to the table
acceleration is shown by the curve to the right.

The electrical analog shown in Fig. 2(b)
was chosen for experimental convenience. The
input current i is made proportional to the vi-
bratcr table acceleration a,. The integral of
the voltage across the capacitor is then propor-
tional to the mass acceleration a_. The diagram
to the right shows that the ratio of the integratcd
capacitor voltage to the input current has the
same form as the response of the mechanical
systeni.

Figurcs 3 and 4 show the control equip-
ment, the analog, and the measuring instrumen-
tation. The circuit was fed from the sine-
random generator set to produce a constant
acccleration gradient (Egs. (A18) and (A19)) by
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Fig. 3 - Schematic showing control equipment,
analog, and measuring instrumentation

the feed-back through the vibration meter. To
keep the current independent of the impedance
of the test circuit, a 10-megohm isolation re-
sistor was used. The circuit was tuned to 1965
cps and adjusted to a Q of 20.2 by a damping
resistor. To measure an output propcrtional
to the acceleration of the mass, the output volt-
age from the circuit was isolated from the test
circuit by an amplifier having a high input im-
pedance (10 megohms). Finally, the output of a
second isolation amplifier was fed to a counting
arrangement. A special random noise voltme-
ter, having a wide selection of integration time
constants and an rms rectifier, was used to
measure the rms value of the output signal.
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A counting arrangement was used to count
the number of times the signal crossed a ref-
erence level t with positive slope (Fig. 5).

The level was set by the battery and was ad-
justed to the following multiples of the rms re-
sponse level: 0.5, 1.0, 1.5, 2.0, 2.5, 3.0, 3.5.
The rms value was arbitrarily chosen to be 8
volts, making the variation in the counter firing
level, about 0.2 volts, negligible. A further in-
accuracy is due to the difficulty in setting the

dc voltage exactly to the correct multiple of the
rms value. This is most critical at high multi-
ples of the rms value because of the steepness
of the slope of the measured curve. It was found
that this error was about 0.1 volt. Furthermore,
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Fig. 4 - Authors, analog shown 1in 1ront ot control equipment {tett)
and measuring instrumentation (right)

Fig. 5 - Narrow band random acceleration
signal and reference acceleration lewvel o
(counts made of number of peaks exceud-
ing b)

the resulting counts are subject to the usual
statistical errors related to the sample sizes;
however, these statistical errors are small
except at 3.5 times thc rms response level
where the counts come in clumps.

MEASUREMENTS

A number of tesis were made, keeping the
level b in Fig. 5 fixed, and sweeping the nar-
row band of noise back and forth through the
resonance of the analog, counting the number
of level crossings.

By changing the level I and repeating the
experiments for various settings of the sweep-
ing bandwidth and compressor speed, the set of
curves shown in Fig. 6 were plotted. The var-
ious curves are marked with 5, defined as the
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ratio between the compressor speed and the
test noise bandwidth. The ratio ' is significant
because only the interaction beiween the fluc-
tuations of the noise envelope and the regulation
speed changes significantly the distribution of
vibration excitation peaks.

The ordinate of the curves is the ratic of
the number N, of peaks exceeding thc level b
to the total number of peaks oceurring in a
sweep over the -3 db bandwidth of the analog
circuit. Although during the experiments the
frequency was vaiied between the -10 db points
of the circuit rcsonance curve, most of the vi-
brational energy imported to the specimen
during test is between the -3 db frequencies.

It can be seen from the curves that no
change in the peak distribution occurs ior
lower than 33, which means that {or these val-
ues of / no interaction takes place between the
fluctuations of the nnise enveleope and the auto-
matic level regulation. The results obtaincd
for these low values can also be verified the-
oretically (Fig. 7: appendix).

Finally, for the sake of comparison, the
peak distribution obtained by sweeping a sine
wave through the rescnancc is also shown in
Fig. 6. A certain upper limit, 1.42, in peak
level exists and the shape of the distribution
is considerably different from thcse obtained
with a fluctuating signal. Also, when sweep-
ing with a sine wave, the peak buildup re-
peats itsel® each sweep, which is significantly
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random tests with various compressor speeds and for

sweep sine test

different when fatigue damage accumulation
is considered.

PEAK DISTRIBUTION MATCHING

To obtain an equivalence between a wide
band and a sweep random test, the distribution
of acceleration response peaks at the higher
response levels must be similar. It is well
known that the distribution of response peaks
of a lightly damped single-degree-of-freedom
system follows the Rayleigh distribution when
the system is excited by wide band Gaussian
noise. Since the integral of the Rayleigh dis-
tribution, shown in Fig. 8, is known, it was used
to confirm the operation of the instrumentation.
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To match a sweep random test to a wide
band test, the distribution curves shown in Fig.
§ must be matched to the integrated Rayleigh
curve. Figure 9 shows an example of the match-
ing technigue. As all curves shown are plotted
Lo logarithmic scales, a "'sliding' of the axis by
the amounts q and s actually means a multipli-
cation of the quantities involved, as with a slide
rule. Thus, looking at the x-axis (abscissas),
the rms level of the sweep random test is mul-
tiplied by the factor q to provide the best pos-
sible peak matching.

The test level of the sweep random equiv-

alence is
y=a Vs M)
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Fig. 9 - Matching of sweep random response acceleraiion
peak distribution to wide band random response accelera-

tion peak distribution showing test

level factor, q

Similarly, the test time for the sweep repre-
sented by the ordinates in Fig. 9 must be raul~
tiplied by the factor s:

i
t, s-20twlni. (2)

In Egs. (1) ar.d (2), which are derived in the
Appendix, v is acceleration gradient (g Jsec),
G is acceleration spectral density (g2/cps), t,
is test time for the sweep random test (min),
t, is test time for the wide band test (min), f,
is upper limit of the frequency sweep, and f;
is lower limit of the frequency sweep.

awnon
RS Y

To set up a random test which com-
plies with the wide band specifications, G = 0.2
g?/cps from 20 to 2000 cps, and t, = 2 minutes;
if the matching shown in Fig. 9 were used, the
acceleration gradient would be » = 0.058 g.'sec
and t_ =156 minutes. This test time may be

considered too long. It is possible to reduce

time factor, s, and

this time, while retaining a good distribution of
acceleration response peaks, by the technique
described in the next section.

ACCELERATED TESTING

As an objective, accelerated testing should
reduce the duration of the sweep random test,
while keeping the number of response acceler-
ation peaks at each level the same as the wide
band test.

Since the curves of Fig. 6 have differing
shapes for the various / values, it is possible
to match the curves to the integrated Rayleigh
curve of Fig. 8 in many ways. Figure 10 illus-
trates three of the morc useful matching situa-
tions. In each case the sweep random curve
was placed te give approximaiely the same num-
Ler of acceleration response peaks during the
sweep random test as occurs during the wide
band random test throughout the critical region
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10(b) - Distribution matching for moderately
accelerated sweep random test

Fig.
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Fig. 10{c) - Distribution matching for sweep

random test with six-fold reduction in test time

from two to three times the wide band rms re-
sponse acceleration.

The result of such matching is to reducc
the test time factor s by a relatively large
amount and increase the level factor q by a
small amount, while maintaining the number of
response acceleration peaks at the critical
levels essentially unchanged by an adjustment of
the compressor speed of the control equipment.

Figure 10(a) shows the matching for the
slow sweep random test. A match with the slow
compressor speeds, / < 33, provides the de-
sired distribution of acceleration peaks over a
very large amplitude range. The tcst time
factor s is 0.65, and the level factor q is 1.2.
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Figure 10(b) shows a match which reduces
the sweep random test duration to about one
third of the time for the slow sweep random
test. The number of acceleration peaks is
matched within +1 db from two to three times
the rms response acceleration to the wide band
test. Or, in the colloquial language of the test
floor, it is matched within 13 percent from 2 to
3 "sigma.'" Although the test time factor s is
reduced to 0.21, it is not without disadvantage,
since the level factor q must be increased
from 1.2 to 1.8, which requires more force
from the vibration exciter system.

Figure 10(c) shows a match which further
reduces the test time. The accuracy of the
distribution of acceleration peaks is not quite
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so good, however, becoming +3 db in the criti-
cal 2- to 3-"sigma' region. The tcst time has
been reduced by about another factor of two, to
s = 0,11, with only a small additional increase
in drive level, to q = 1.96. Visual observation
of the response acceleraticn signal on the
screen of an oscilloscope shows that the typical
fluctuating narrow band character of the re-
sponse of a resonating circuit to a random ex-
citation is maintained.

The curves of Fig. 11, providing sets of
values for q and s, summarize the results of
many such matches. Three curves are shown:
one for slow compressor speeds, 7 < 33: one
for an intermediate compressor speed-bandwidth
relationship, A = 100; and one for the highest
recommended compressor speed-bandwidth re-
lationship, # = 300. The accuracy of the match,
in decibels, iu the 2- to 3-"sigma' region, is
shown by notations beside the dots on the
curves.

Although it was possible to obtain a com-
pressor speed-bandwidth relationship ° equal

to 1000, this is not recommended since the am-
plitude distribution is unsatisfactory. .ligh
compressor speeds also cause distortion at the
lower frequencies, since they tend to distort the
wavciorm of the oscillator output. Figure 12
shows the distortion caused by compressor
speeds of 1000, 300, and 100 db/sec on both
sine and 3-cps bandwidth random signals at
both moderate and high cowpression levels.

NEW TEST APPROACH

A new test approach is proposed. Due to
the possibilities shown for accelerated testing
it is reasonable to first determine what time is
avuilable for testing. With this information, the
most suitable S-value and test accuracy are
determined and the corresponding q and s val-
ues are found from the curves given in Fig. 11.

The control equipment is then adjusted to
produce an acceleration gradient given by Eq.
(1) and the test continues for a time given by
Eq. (2).

Appendix

DERIVATION OF EQUIVALENT SWEEP RANDOM TEST

This derivation is applicable to the normal
Raylcigh distribution of acceleration peaks of
narrow band random signals. Thais Rayleigh
distribution is produced when the control equip-
ment is adjusted so that the quotient of the
compressor speed in decibels per second and
the bandwidth in cycles per second is equal to
or less than 33.

OBJECTIVE

The sweep random test shall cause the
same number of stress reversals at eacn stress
level as does the wide band random test. Since
for each resonance, the stresses are propor-
tional to the response accelerations, the num-
ber and amplitude distribution of the larger re-
sponse accelerations for the sweep random test
are adjusted until they agree with the number
and amplitude distribution of the larger response
acceleratinns for the wide band random test.

WIDE BAND RANDOM EXCITATION

The response of a single-degree-of-freedom
system or of a lightly damped mode of a complex
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structure to a wide band random vibration

¢Xcitation 1s
7Gf_Q
. o
e |/ > i (A1)

where

,\
1]

"+» = rms accelerations response, wide
band (g);

(9]
1]

acceleration de. "¢ (g2/cps);

f, = frequency of responding resonance
(cps); and

Q = magnification factor of resonance.

If a wide band random vibration is filtered
to narrow bandwidth, either electrically or
mechanically by a resonance, the response is a
random vibration of nearly constant frequency
but varying amplitude.

The peaks of any narrow band random
acceleration response are distributed accord-
ing to the Rayleigh distribution
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py = % e 27 . (A2)

wherc p, is the probability density of an ac-
celeration peak of magnitude v and o is the
rms acceleration response. The probability
that an acceleration peak will have a magnitude
greater than y is given oy the integral of p,
from y to =:

- - ==
P 1 f ve e dv ., (A3)
y Ur2 Jy M >
which 1s
o
20 2 (A4
P = c ) a)

shown in Fig. 9.

If the wide band excitation continues for a
time t,, the maximum number of acceleration
response peaks is f_t . The expected number
of peaks which exceed the magnitude y is then

N, = f t P._. (A5)

SWEEP RANDOM EXCITATION

¥f the same strusture is excited by a ran-
dom vibration with bandwidth much narrower
than the bandwidth f_/Q of the resonance, the
response is

-rrn = Hce’ (AG)

where o is the rms acceleration response,

Ty
narrow; o_ is the rms acceleration excitation,
and the transmissibility of the structure, H, is
given by

H - ___1____‘.

£\? 8 7%
= 7)) & &~ A7)
(@) ot |

As the center frequency of the sweep ran-
dom excitation approaches f_, the response
increases until it reaches a maximum rms
magnitude Qo,.

If the center frequency of the narrow band
random excitation changes so slowly that the
resonance can build up to full response, and
also if the time constant of the compressor in
the control loop is so slow that the amplitude
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distribution is unaffected by compressor action,
the protrability that an individual acceleration
peak will exceed the level b is given by

e B (A8)

-
b ®

A logarithmic frequency sweep rate is defined
by

d

dt of (AQ)

In the time period dt, the number of ac-
celeration peaks exceeding the level b is

dN = P, dt Py (l; 0 (AIO)

The total number of peaks exceeding the
level b becomes

’ j.!‘*lzo 2
N, = }—J df - e c . (All)
o

With substitution of ¢* = f/f_, expansion
of the exponent, and discard of small terms,
Eqg. (A11) becomes

b? ( 1]
2
4x‘ 1 —
20 2| "’J
o b

Lol

Ny, = %.J( df e

o -,2 [4X2+—1-2-}
LJ e Tob % @1
r

With the further substitution y = x - (o,/2b)?,
Eq. (A12) becomes

. szyz ~ szl: 1 R -04 ]
b r . 0
which integrates to
4
262 | 1 7
= |=5° ==& 4
z e fy o2 Loz lﬁb“} (a14)
Ny = l/'2— = .

Equation (Al4) expresses the number of re-
sponse peaks exceeding the level b when a
resonancc is excited with a narrow band random




excitation, with bandwidth much narrower than

f,/0 and rms value o, which is swept past thc
resonance frequency f  ata sweep rate

df/dt - rf, when the control compressor time

constant is long.

It is convenient to normalize Eq. (A14) by
dividing by the total number N, of acceleration
cycles occurring during the sweep through the
bandwidth of the resonance

which is plotted in Fig. 7.

The curve o1 Fig. 7 may be superimposed
on the integrated Rayleigh curve of Fig. 9 to
give Fig. 8. The two curves are close in the
critical regiou between Lo - 2 and b'o = 3,
and deviate little from b/o = 1 to b/o_ 4.

The fact that these curves can be made
nearly to coincide 1s important because it per-
mits the sweep random test to reproduce
closely all damage-producing response accel-
eration peaks over the entire amplitude range.

The sweep randomn sweep rate and excita-
tion level are determined from the relative

position of the graphs when the curves coincide.

The excitation for the sweep random test

is found by equating the horizontal axes of Fig. 8:

y b
PO T2 (A17)

The ratio q of the positions of the horizontal
axes is 1.2 for the case of slow compressor
speed. Since for a wide band excitation, the
rms response - is given by Eq. (Al), the
sweep random acceleration excitation becomes
ey = a Yo - (A18)
Since this acceleration excitation varies
as f! ?, it is convenient to introduce a new
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parameter, the acceleration gradient » which
is independent of frequency and is maintained
constant by action of the compressor during the
sweep random test:

e
v o= -

’ NGLE '

The excitation level for the sweep random test
may then be expressed as an acceleration

gradient
@
veaVag -

Since the magnification factors @ of the
many resonances in a specimen are unknown, a
median value must be arbitrarily chosen which
is approximately right for all resonances. A
value of 20 is recommended for 0, which keeps
the response within +3 db for the normal ©
range of 10 to 40 and within +7 ab for the ex-
treme range 4 to 100. The test is conservativs;
the high @ resonances are the ones tested ex-
cessively, and the low 0, niore resistant reso-
nances, are the ones inadequately tested. Using
this recommended value, the acceleration gra-
dient for the sweep random test may now be
given by Eq. (1).

(A19)

(A20).

Tl e sweep rate is found by matching the
vertical axes of Fig. 8:
N, Ny, st N, Q

s =

f ot N f

O " w T o

(A21)

The ratio, s, of the vertical axis positions is
0.65 for the case of slow compressor specd.

Since it is desired that the number of peaks
at each level be the same, N - N, the sweep
rate becomes

1
swa . (A22)

By using Eq. (A9), the total sweep random
test time t  is

fu f

daf 1, fu )
[ TooTte (A23)
“f

L

= =

where f; and f, are the lower and upper limit
frequencies, respectively. By using r from Eq.
(A22), this becomes

fIl

B sQt, In T, ° {A24)




When the recommended vaiue of 20 for @
is used, Eq. (2} for the sweep random test time
results.

BANDWIDTH

Whenever possible, a narrow test bandwidth,
perhaps 3 ¢ps, is chosen. Such a narrow band-
width requires a relatively slow compressor
speed if the high acceleration peaks are not to
be compressed undesirably. However, for some
tests it may be nec2ssary to sweep rapidly
through frequencies where high Q0 resonances
exist. If this is so, then wider bandwidths per-
mit faster compressor speeds and improved
correction.

These wide test bandwidths require modi-
ficaticn of the test procedure at those low fre-
quencies where the test bandwidth exceeds the
bandwidth of the resonant response. A {first ap-
proximation, exact if the reaction of the rcso-
nance on the vibration exciter is ncgligible, is
derived as follows:

If the narrow band excitation is much wider
than the resonance, the rms low-frequency re-
sponse acceleration is like the response to a
wide band excitation of Eg. (A1) and becomes

where

(A26)

and o,y ¢ is the low-frequency rms accelcration
excitation.

If the rms response acceleration of the
prototype wide band test ~  is equated to the
low-frequency response acceleration of Eq.
(A25), the low-frequency aceeleration excitation
of Eq. (A26) then becomes

~ - ./
TeLf A

[»]

{A27)

where G is the acceleration density of the wide
band test and B is the bandwidth of the sweep
random test.

The low-frequency excitation, Eq. {(A27),
equals the high-frequency excitation of Eq.
(A18) at the frequency

. 2BQ

= (A28)

Below this frequency the excitation accelera-
:ion is kept constant at the value of Eq. (A27),

~ [7G, f:zz‘_ (A25) and above this frequencv the acceleration gra-
TrLf V 2 : dient is kept constant at the vaiue of Eq. (A20).
DISCUSSION

Mr. Gorton (Pratt & Whitney Aircraft):
How wide was the nar.ow band random segment
you used? Was it constant bandwidth or per-
centage bandwidth ?

Mr. Booth: Really, it's not too critical as
long as the band of random vibration is narrow.
We would usually use 10 cps. We'd like to use
3 cps. if possible, but 10 ¢ps turns out to be
more convenient. If you use a 3-cycle band-
width, the instrumentation which has to follow
the envelope gets very sluggish and it is awk-
ward for the lab technician. So the compromise
is about a 10 cycle bandwidth, but is not criti-
cal. It's the energy in the band.

Mr. Stearns (Wyle Labs): What type of
electronics do you use to generate this swept,
narrow band random ?

Mr. Booth: Wc take a wide band random
signal, put it through a filter of the right
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bandwidth and heterodyne it down to the
audio fringe .

Mr. Beecher (Lear Siegler, Inc.): I noticed
in the analog that this was apparently a single-
degree-of-freedom system. I wonder if you
have attempted anything in more than one degree
of freedom.

Mr. Booth: No, we were attempting in the
analog to match a singie rcsonant vibration
mode — a mode of vibration of a complex struc-
ture which would have many vibration modes but
which would be separated. So we were trying to
simulate a mode, not necessarily just a single-
degree-of-freedom system. We didn't perform
experiments with multiple-degree-of-freedom
systems.

Mr. Beecher: With multiple-degree-of-
freedom responses, the responses that I have
measured seemed to show that the narrower




the narrow band random was the more it ap- response. I'd like to see some measure-

peared like sweeping sine and the greater ments made where there is more than one-
discrepancy we had between a wide band degree-of-freedom.
* * *
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SIMULATING MISSILE-FIRING ACOUSTICAL ENVIRONMENT
BY EQUIVALENT MECHANICAL ViBRATION

John H. Putukian
Raytheon Company
Wayland, Massachusctts

lated,

discussed.

This paper describes the experimental effort undertaken to simulate
the acoustical environment of the electronic packages of radar equip-
ment in a rocket motor blast environment.
replace an expensive high-power (approximately 170.db overall SPL}
broadband acoustic test facility. By use of a reverberant acoustic
chamber, the vibratory response of the sensitive electronic component
is measured and is extrapolated to the high intensity acoustic levels,

It is shown, by a theoretical approach, that a ''modified" steady state
test is suitable even for the transient environment; the total laboratory
testing time is limited only by the fatigue properties of the components,
The feasibility of simulating the missile-firing environment depends
basically on the degrea of coupling of the test structure (the closcr the
coupling between the component mounting and the package panels, the
easier the sirnulation) and on the frequency sensitivity of the mechani-
cal shaker and the shape of the acoustic energy spectrum to bz simu-
Operating tests of electronic units in the simulated acoustic en-
vironment as high as 171-db overall SPL are described. Some design
techniques employed to permit satisfactory performance of sensitive
electronic units in the high-level acoustic environment are briefly

High-frequency shakers

INTRODUCTION

This paper outlines the effort undertaken
to simulate, in the environmental testing labo-
ratory, the acoustical environment of the elcc-
tronic packages of radar equipment in a rocket
motor blast environment. The basic idea is the
use of high-frequency shakers to replace an ex-
pensive high-power (approximately 170-db over-
all SPL) broadband accustic test facility. The
efficiency of shakers is a few orders of magni-
tude greater than the efficiency of equivalent
sound sources. A shaker is directly attached
to the structure being tested. However, in the
casc of an acoustic test chamber, the prime
power has to be converted first into acoustic
power with an efficiency of only a few percent.
Furthermore, some power is absorbed by the
walls of the test room. Thus, the power ab-
sorbed by the test object becomes a small
fraction of the prime power.

Our effort in this paper consists of:

1. Discussing the conditions which must
be satisfied by the structure and its environment
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to enable acoustic tests to be replaced by
mechanical ones;

2. Presenting a step-by-step procedure of
the technique used to simulate the rocket motor
blast environment by a vibration shaker;

3. Showing, by a theoretical approach, that
a modified steady state test is suitable even for
the transient environment; and

4. Describing the application of this simu-
lation method to an operating test and showing
some of the design techniques used to prevent
malfunction of the sensitive electronic units.

MISSILE-FIRING ENVIRONMENT

Figure 1 shows the energy flow path from
the missile-firing noise environment to the
sensitive component. The acousto-mechanical
path consists of the acoustic excitation of the
equipment compartment panel structure, the
internal reradiation of the panels, and the
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Fig. 1 - Energy flow path from
noisc cnvironment to component

absorption of acoustical energy by the package.
Also, the mechanical path consists of transmis-
sion of vibrational energy through the compart-
ment panel structure to the package mounts and
into the package which then excites the compo-
nent mounting and finally the component itself.

ASSUMED SIMULATION CRITERIA

The basic conditions which must be satis-
fied by the struciure and its environment to
enable acoustic tests to be replaced by mechan-
ical ones are as follows:

1. The structure must respond linearly,
thus permitting scaling of the levels of the
monitored points proportionately to the desired
level of simulation. We have experimentally
verified this assumption to be valid for the
various electronic packages tested.

2. The acoustic field to be simulated must
be a random noise and a diffuse one with - jual
probability of incident energy in ull directions
and random enough in time so that its power
spectrum is a fairly smooth function of fre-
quency. The field then is such that it contains
most frequency components.
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3. The test structure must have many
modes within each frequency band and they
must be spatially uniformly and randomly dis-
iributed throughout the structure. In our simu-
lation we are using one-third octave frequency
bands, considered to be sufficiently broad to
accept several motdes for the statistical model
on which the simulation theory is based and yet
sufficiently narrow to show significant {requency
variations in the response. It can readily be
scen that this assumption does not apnly at the
low frequencies, namely, below the fundamental
frequency of the test structure; however, in most
equipment, the low-frequency vibrations induced
by mechanical vibration inputs exceed those due
to acoustic sources, thereby making the response
to acoustic excitation relatively unimportant at
the low frequencies.

DEFINING MISSILE-FIRING ENVIRONMENT

Figure 2 shows the expected peak reverber -
ant acoustic field around a typical package in
each one-third octave frequency band with an
overall SPL of 160 db. The spectrum of the as-
sumed peak random vibration input at the mount-
ing points is also given. These levels must be
simulated in the laboratory to proof-test the
various operating electronic packagcs.
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SIMULATION OF HIGH ACOUSTIC
IL.EVEL BY LOW ACOUSTIC
LEVEL SOURCE AND VIBRATION
SHAKERS

The idea of using a vibration shaker to sim-
ulate the acoustic environment was suggested
by Noiseux {1]. This simulation methed is ap-
plied here using a tyvrical aluminum package
having walls 0.09 inches thick and measuring
17 x 5 x 7 inches. Figure 3 shows the three
identical circuit boards inside the package used
in this investigation. The boards slide tightly
down the insides of the package on Birtcher
guides. The bottom of the circuit boards is
held to a connector chassis, which is in turn
fixed to the sides of the package. When the
cover of the package is installed, it presses
against the tops of the circuit boards. The
package and contents weigh about 16 pounds.

The procedure is as follows:

1. The package is suspended in a rever-
berant acoustic chamber and subjected to a
low-level acoustic field in each one-third oc-
tave frequency band. The circuit board vibra-
tory response is measured and extrapolated to
the speciiication acoustic level as shown by the
solid line in Fig. 4.

NOTE: References appear on page 90.
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2. The circuit board vibratory response to
random vibration excitation at the mounting
points is measured and extrapolated to the
specification vibratory levels as shown by the
dash-dot line in Fig. 4.

3. The extrapolated circuit board vibratory
responses due to the acoustic and vibration ex-
citations are added on an uncorrelated power
basis tc get the combined response to the total
environment (Fig. 4).

4. This combined excitation response is
modified to account for the transient condition
of the environment (Fig. 4). This phase is dis-
cussed in detail later in this paper. This modi-
fied combined excitation response should then
be the same as the direcily measuied response
of the circuit board during an operational mis-
sile firing.

5. An optimum location on the packugze for
attachment of the shaker to prcoduce maximum
vibratory response cn the circuit board is de-
termined experimentally. The input to the
shaker in the one-third octave frequency bands
is adjusted to produce the response levels
chown by the dotted line in Fig. 4.

6. The overall response level of the circuit
board due to a broadband excitation source from
125 cps to 8 ke is then obtained by adding, on a




Fig. 3 - Internal view of package
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Fig. 4 - Predicted response of circuit board
for acoustic and vibration environment

power basis, the resporse of each one-third
octave frequency band. For our problem, this
overall level totals 37.2 db (Ref. 1 g rms).

The random mechanical vibration input
governs at the lower frequencies and the air-
borne acoustical input governs at the higher
frequencies. Also, the reduction in the accel-
eration levels to account for the transient con-
dition of the environment is significant only at
the low frequencies.
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MODIFICATION OF STEADY STATE
TESTING TO INCLUDFE TRANSIENT
EFFECTS

Due to the short duration of the acoustic
excitaticn caused by a missile firing, it be-
comes necessary to modify the results of the
combined excitation response shown in Fig. 4
to account for the transient effect. To substi-
tute a steady state test in the laboratery to re-
place the short-lived transient environment,
the fullowing must be known:




1. Transient effect on energy absorption —
an estimate of the portion of the total energy
absorbed by the package, which is a function of
the duration of the missile excitation and the
reverberation time of the package;

2. Dynamic response factor — an estimate
of the dynamic response factor, which is a func-
tion of the duration of the energy pulse absorbed
by the package and the fundamental {requency of
the package; and

3. Fatigue characteristics — an estimate
of the fatigue life of the sensitive component.
The allowablc laboratory testing time can be
computed if one knows the fatigue life charac-
teristics of the sensitive component by using
the cumulative damage concept [2]. This phase
i. beyond the scope of this paper. For our in-
v stigation we have assumed that the sensitive
comuone 1ts are designed for a proper stress
level which permits us to run our laboratory
test for a long time without incurring fatigue
damage.

TRANSIENT EFFECT ON ENERGY
ABSORPTION

where

= damping loss factor {3] 13.8/.T_,
« = center radian frequency of band of
randoin excitation,

s = reverberation time — the time it takes
for an acceleration to decay to 1073
of original value in a specific frequency
band,

duration of missile acousto-mechanical
excitation, and

E, = energy at time equal to infinity.

Equation (1) can be written in the following fnrm:
E(t -13.8 t/T
10 log,, ‘(‘3 T log,, (1— e ) 2)

A plot of Eq. (2) as a function of the dimension-
less parameter t/T_ is shown by the solid line
in Fig. 5.

In the same manner, the energy decay can
be represented by the {ollowing relationship:

The energy buildu» in a structure subjected E(t') = Ee @t g 0° ¢T, @)
to a continuous acoustic excitation can be repre- ° °
sented by the following relationship: and
E(t") -13.8 t'/T
E(t) - E(1-e“"%, (1) 10 log,, “E, 10 log,, e (4)
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where E_ = total energy absorbed by the struc-
ture. A plot of Eg. {4) is shown by the dashed
line in Fig. 5.

As the ratio of duration of rocket motor
blast excitation to reverberation time of the
structure approaches 0.3, the transient effect
can be neglected and the full value of the energy
used. For our package, the reverberation time
varied from 2.5 seconds at 125 cps, to 0.85 sec-
onds at 630 cps, and 0.2 seconds at 8000 cps.
This means that above €3¢ cps where the ratio
t/T, exceeds 0.3, the package will receive all
the generated energy. Therefore, reduction of
the steady state energy to account for the tran-
sient effect becomes significant only at the low
frcquencies.

The application of Fig. 5 may be illustrated
by considering the one-third octave band having
a center frequency of 160 cps for which the ratio
t/T, is equal to 0.1. This gives a value at E
1.25 db below the steady state value. Because
energy is proportional to the mean square ve-
locity, this implies that the accelerationlevel for
this specific case will be decreased by 2.5 db.
From this point the structure will begin to lose
energy as shown by the decay curve of Fig. 5. If
we go 3 db below E_, thus assuming that our in-
terest ceases after the energy has decayed to
half of the original amplitude, and scale the
dimensionless value of t,/T = 0.125, then the
duration of the exciting pulse, t,, using 2.5 sec-
onds as the reverberation time of the package,
becomes 0.212 seconds.

DYNAMIC RESPONSE FACTCR

We have thus far shown the portion of the
total energy that the typical package would ab
sorb due to the transient missile-firing effect;
the second phase of the transient effect is the
dynamic response of the package. Figure 6
shows the time history of the energy pulse ab-
sorbed by the package. The dashed lines are a
straight line approximation of this pulse. For
our package, with a natural frequency of 400
cps, the peak dynamic response factor resulting
from application of this pulse was calculated,
by use of a digital computer, to be 0.992.

This phase of the investigation dealing with
the dynamic response factor is negligible be-
cause the ratio of the duration of the encrgy
pulse absorbed by the package to the natural
period of the package is high, and thus, the
peak dyramic response factor approaches 1.0.

wn = 552
PACKAGE tn= 400 CPS
DYN. RESPONSE FACTOR = 0.692

173 0.B. =160 CPS
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Fig. 6 - Pulse shape of energy
absorbed by package

CIRCUIT BOARD ACCELERATION
LEVELS TC BE SIMULATED

Making the proper corrections for the en-
ergy absorbed and the dynamic response factor
gives the acceleration levels in the circuit board
to be simulated by using a steady state labora-
tory test. For our package, these values are
shown by the solid line of Fig. 7.

Figure 7 shows the capability of one 20-
pound Goodman 390A shaker to simulate the de-
sired acceleration levels. For this package,
the capability is below the desired simulation
levels by about 6 to 10 db in the 320- to 1250-
cps frequency bands and 4 to 6 db in the 4- to
8-kc frequency bands. Thus, it seems that a
shaker having the same characteristics as the
20-pound Goodman 3904, but having approxi-
mately three times its static force, should be
capable of simulating the desired levels. Also
by using a rigid vibration fixture and a 1200-
pound C-10 M.B. shaker, we were able to sim-
ulate easily the desired levels in the 125- to
2500-cps frequency bands, but above 2800 cps
the cfficiency of the M.B. dropped to levels
lower than the Goodman 390A shaker.

SOME OPERATING TESTS

Just as an individual's reaction to noise
depends on his daily activities, the malfunction
of a component will depend on its opcrating
mode. It will have differing sensitivities to
noise, derending on whether it is used in a local
oscillator or an amplifier. The proper design
of electronic equipment for service in a high-
frequency vibration environment thus depends
on a knowledge and understanding of the sensi-
tivity to vibration of the individual component.
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An arc detector device, basically composed
of a waveguide and a crystal mcunt rigidly at-
tached thereto, represcnt: a very closely cou-
pled structure. Figure 8 shows the acoustic
spectrum this component has to withstand with
an overall sound pressure level oi 171 db. Us-
ing one 20-pound Goodman 390A shaker and the
procedure outlined earlier in this paper, we
wcre able easily to obtain the equivalent me-
chanical vibration levels and thus proof-test this
componcnt in its operating mode.

Mechanical shakers are frequency sensitive.

Another spectrum could be drawn with an over-
all SPL of 171 db which would peak at about 4000
cps instead of at 1000 cps. For this type of
spectrum we could not have achieved our simu-
lation in the high frequencics.

Figure 9 shows a schematic view of another
sensitive component resting on a plate isolated
froni the package by vibration isolators. The
predicted vibratory levels of the component
mounting showed that the component would mal-
function under the missile-firing environment.
An average acceleration reduction of about 30
db (Ref. 1 g rms) was desired. A successfiul
solution was to use 0.05 inches of lead sheet
lining on the inside faccs of the package. This
increascd the composite-structure damping
factor and the mass of the package panels. The
effect is that the partitioning of the total energy
absorbed by the package is mostly in the panels
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and a lower value of the energy is thus trans-
mitted lo the component mounting [4].

CONCLUSIONS

This investigation revealed the following:

1. It is possible, under certain conditions,
to simulate an acoustic environment by use of
an cquivalent mechanical vibration. The feasi-
bility of this simulation depends basically on
the degrec of coupling of the test structure (the
closer the coupling between the component
mounting and the package panels, the easier the
simulation) and on the frequency sensitivity of
the mechanical shaker and the shape of the
acoustic energy spectrum to be simulated.

2. A steady state test is suitable even for
the transient cnvironment. The total laboratory
testing time is limited only by the fatigue prop-
erties of the components.

3. Although the simulated tests now appear
capable, in some practical cases, of replacing
full-scale acoustic tests, more investigation is
needed to provide the detailed knowledge re-
quired to make this simulation technique a reli-
able testing tool.
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DISCUSSION

Mr. Himelblau (Nortli American Aviation):
Could you describe how you would handle tire
problem if you had two sensitive components
within the same piece of electronic equipment,
cach having scparate characteristics?

Mr. Putukian: Wcll, you havce cither to
look at both together cr one at the time, which-
ever can be done. Sometimcs you can't do it:
scmetimes you can.

Mr. Himelblau: For example you had a
plot of rms g. 1 assume that was rms gata
single point. If you have twe different compo-
nents, usually at two different locations, it
would be hard for me to visualize how you
would handle it for both of them and still have
a good test in each case.

Mr. Putukian: Well that may be truc. The
only thing I can say is that you may have to put
two accelerometers at these two places and then
hope for luck. If there is coupling between themni,
you probably cannot find exactly what each is
doing. In this investigation we are looking at
one component only. When you have two of them,
it's a good question.

Mr. Murray (Wyle Labs.): In your first pic-
ture (Fig. 1), you showed the energy paths com-
ing nto the package, then combining and going
through the component's mount before it gets to
the component itself. Assuming that this is thc
mount on which the board is mounted, the energy
can get to the board directly without having to
go through its mount even after it gets inside
the package. I'm wondering if this really gives
you a realistic simulation.

Mr. Putukian: Ycs, it does. You will find
that it is practically impossible to think of a
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case where the airborne acoustical energy
around a component has enough amplitude to
vibrate that component. Usually it is assumed
that the sensitive components would malfunction
because of the vibration of the component mount-
ing rather than the acoustical energy around the
component itsclf. Basically, then, you have the
problem of malfunction caused by the vibration
of the component mounting.

Mr. Nieswiadomy (LTV Military Electronics
Div.): I wonder if you would Iike tc comment on
Mr. Strike's* paper which he gave yesterday.

He was concerned with the energy above 20 kc.
You were concerned only to 8 ke, if I recall.

Mr. Putukian: I wasn't here yesterday so I
didn't listen to Mr. Strike. In any event, I'm
just trying to show a concept which happens to
apply oniy to 8 kc because the reverberant
acoustic chamber which we have goes only to
10 kc. There would be no way for us to run a
reverberant acoustic test at low levels and then
extrapolate. If you had the facility, you could
ge to 20 ke.

Mr. Nieswiadomy: You still think the
equivalence would hold for gctting back to
mechanical vibration when you carry this out
to 20 ke ?

Mr. Putukian: Yes.

*#R. Strike and G. G. Sundberg, " Sonic and
Ultrasonic Vibration Sensitivity of X-Band
Microwave Components,”™ Shock and Vibration
Bulletin No. 34, Part 2.




TEST CONTROL DEVICES - SNAP 10A
VIBRATION TEST PROGRAM

Edward L. Gardner and Ralph M. Oliva
Atomics Internaticnal
Canoga Park, California

the apex.

The SNAP 10A is a long hollow conical structure approximaiely ten feet
high with a hcavy mass (reactor and radiation shield) concentrated at
Nhen attached to the launch vehicle, it becomes the ncse
cone of the integrated missile assembly, Its dynamic response is not
unlike that of an inverted pendulum.
nance, high amplifications, high Q at some frequencies, noise and/or
harmonic content on the inpui or response control instrumentation, etc.,
combine ‘o present many test control problems to the test engineer.
The solutions to various test control problems are rccorded in this
paper which discusses the input, response, and safety control devices
employed during testing on past and current SNAP 10A vehicles.
device's description, function, and operation are discussed in detail.

The low lateral fundamental reso-

=

Each

Power requirements for space propulsion
systems of the future make the use of space-
borne nuclear reactors inevitable. By convert-
ing reacter heat to electricity, a continuous
long-term automatically cortrolled sourcc of
electrical power can be prcduced for both mis-
sile propulsion and missile payload systems.
Reactor-convcersion systems to satisfy missile
propulsion power requircments arc destincd
for the near future. Thc stepping stones to
these systems are the smaller reactor-
conversion systems now being developed as
power sources for present missile payloads.

In April 1957, an Atomic Energy Commis-
sion (AEC) system development contract was
awarded to Atomics International for a compact
nuclear powerplant capable of converting the
heat generated by a nuclear reactor to electri-
cal power. Because this unit was intended for
space application, it had the following general
design objectives: one-year unattended auto-
matic operaticn, minimum weight, maximum
reliability, operational safety, and launch and
orbital environmental capability. Most of these
were relatively unimportant in prior land-based
nuclear reactor systems where totual size,
weight, and geometrical configuration were not
nceessarily critical design parameters and
where systems were not called upon to perform
in abnormal environmenis. This vehicle
(SNAP 2), which employed a mercury rankine
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cycle for power conversion, marked a milestone
in nuclear reactor development; a nuclear re-
actor and compatible conversion system was to
be reduced in size and weight so that orbital
flight was not cnly possible but could be attained
using existing United States launch vehicles. A
subsequent contract was awarded to Atomics
International for a nuclear power unit employing
a thermoelectric pcwer conversion device.

This unit, SNAP 10A, will produce 500 watts in
space with no moving parts at a system weight
of about 950 pounds. SNAP 10A will be the first
nuclear reactor power unit demonstrated in
space; the flight tcsting is scheduled for the
spring of 1965.

The structural configuration of the SNAP
10A (Fig. 1) sets it apart from most orbital pay-
loads. Instead of being a smali compact pack-
age, it is a long hollow conical structure ap-
proximately ten feet high with a heavy mass
(reactor and radiation shield) concentrated at
the apex. When attached to the launch vehicle,
the SNAP 10A becomes the nose cone of the
integrated missile assembly.

With the reactor-shield mass {in excess of
500 pounds) mounted on the tall thin shell struc-
ture, the SNAP 10A system takes the form of
an inverted pendulum. Inherent with this con-
figuration is a low first fundamental lateral
rescnant frequency — in the case of SNAP 104,
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between 15 and 20 ¢ps. Amplifications of 20 at
this resonant condition make accurate control
of vibration test inputs difficult. Vibration and
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TABLE 1

SNAP 10A System Vibration Inputs?

shock test inputs used in the SNAP 10A program

are given in Table 1. Because of response lim- UGS L

Frequency Band
(cps)

Input Level

itations which must be necessarily imposed on

any large test specimen, the shaker input to the
test unit at the first fundamental resonance can

(a) Acceptance Test

at times be so low that the servo systems' out- Longitudinal 5-9 3/8 in. DA
put drops iuto the noise region of the shaker 9-400 1.5 ¢g
instrumentation. The presence of a high Q at 400-2060 5.0 g
this resonance can coniplicate control prob-
lems because it increases the danger of an ac- Lateral 5-8 2/8 in. DA
cidental overload of the test structure. To and normal 8-250 lg
further complicate input and response control 250-400 3 g
problems, the test vehicle (like most) never 400-2000 5¢g
cooperates by responding with a clean sine r
wave. Signals generated at control points are (b) Qualification Test
typically distorted by harmonic and/or noise
content. Longitudinal 5-9 1/2 in. DA
9-400 2.3 ¢

The methods employed for input and re- 400-2000 75¢g
sponse control on the SNAP 10A program are
best described by dividing the instrumentation Lateral 5-8 1/2 in. DA
into the groups noted in Fig. 2. The shaker and normal 8-250 1.7 g
table input control instrumentation coutained in 250-400 45 ¢g
Block A contrels and conditions the sh.ker in- 400-2000 75 ¢

put. Vehicle response control is maintained by
components noted in Block B. Tabie input con-
trol and/or vehicle response control, as the
specification dictates, are monitored and main-
tained by the instrumentation assembled in
Block C. A test vehicle safeily circuit 1o
preclude the possibility of accidental overload
to the specimens is shown in Block D.

3Sweep rate of 1 min/octave.

SHAKER TABLE INPUT CONTROL

No test item can be tested in a shaker in-
capable of imparting sufficient force to drive




the moving mass to specified test levels over
the entire frequency band. An excess of force,
then, is generally available at the input point.
Without proper control of this force, the danger
of exceeding specified inputs (with possible
damage to the test item) is always present,
especially at vehicle major resonances.

Selection of a point to measure applied in-
put is always a problem, especially on a test
package having a large mounting area. One
sensor will not do because it cannot give an
accurate picture of true specimen input at all
frequencies. If the accelerometer happens to
lie on a node line, the sensor could be virtually
at a standstill while other points of vehicle
attachment are greatly exceeding desired input
levels. If the sensor happens to fall at a loca-
tion where excessive localized fixture amplifi-
cation is taking place, other specimen support
points might be grossly undertested. One tech-
nique used to solve this problem is to place
several accelerometers in strategic locations
around the mounting area and average the out-
puts of the sensors. This average of the

Conditioning

Accelerometer

Amplifiers

sensors is used as the input signal. Another
method uses similarly located sensors which
auction from accelerometer to accelerometer
depending on which is at the specified test
level. This latter technique has been utilized
with success on the SNAP 10A test program.

Switching from sensor to sensor is accom-
plished by a Ling SML-100 multilevel selector
which is simply an auctioning device to indicate
to the shaker's servo system when one of the
input accelerometers (five is maximum) has
reached its maximum preset level. If the sen-
sor commanding conirol reduces for any reason,
the muliilevel selector automatically commands
the servo to increase the input to the shaker
until one of the other sensors attains the re-
quired table input value. When this occurs,
control of the shaker is transferred automati-
cally to the accelerometer reaching its preset
value first. Constant auctioning is maintained
so that at any instant at least one accelerome-
ter is at the specified test input level.

Filtering of the table input signal becomes
an important part of the test because the test
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Fig. 2 - Control schematic -- SNAP 10A test program




engineer must know the character of the input
waveform, Control on a noise euvelope does
not result in a realistic sinusoidal input. Only
the fundamental waveform can present the most
reasonable input condition. To assure that only
the fundamental is employed, Spectral Dynam-
ics' tracking filters are placed immediately
ahead of the accelerometer auctioning device.
The filter is essentially a narrow window that
varies with and centers on the oscillater fre-
quency imparted to the shaker. Only those fre-
quencies falling within the window are allowed
to pass. Noise and harmonics are virtually
eliminated froim the fundamental waveforin,

The placement of these filters is shown in
Block A of Fig. 2.

The resultant signal from the shaker table
input control circuit emerges as a fairly clean
sine wave having peak values in agreement with
required input values. In many tests, this sig-
nal would be fed directly into the shaker's
servo control system to control the shaker,
Because the SNAP 10A vehicle had center of
gravity response limitations, this signal would
lose its prominence whenever vehicle response
attained its preset limits. The auctioning be-
tween the table input control signal and the ve-
hicle response control is diagramed in Block C
of Fig. 2.

VEHICLE RESPONSE CONTROL

The control of test vehicle response is
critical in vibration testing. Without exercising
preper control, a specimen can be inadvertently
and needlessly destroyed when overexcited at
its fundamental resonai.ces or when excessive
table inputs are accidently applied. Therefore,
every test specification describing a system test

normally defines response limitations which
cannot be exceeded during test. These limita-
tions are derived from the dynamic analyses of
the integrated flight vehicle and are based on
the maximum values that can be attained and/or
sustained by the missile system structure dur-
ing its launch and flight.

On SNAP 10A, three vehicle locations were
designated as response control points: reactor,
shield, and instrumentation compartment. Ac-
celeration response at these points was not al-
lowed to exceed the values given in Table 2
between 5 and 250 cps. Above 250 cps, response
restrictions were not always required.

Response control at the noted points was
maintained by the instrumentation noted in
Block B of Fig. 2. This instrumentation is
identical to that employed for shaker table input
contrcl and its function is the same, except that
in this case it considers vehicle response rather
than table input. Its function is to act as a sen-
sor to warn the servo system whenever a re-
sponse limitation has been reached at any of its
designated vehicle locations. The output from
this auctioning circuit is fed into the table input
control and/or vehicle response control cir-
cuitry (Block C) to effect its contribution to
input control.

TABLE INPUT CONTROL AND/OR
VEHICLE RESPONSE CONTROL

The function of the table input control and/
or vehicle response control circuitry is to con-
sider the signals from the table input control
(Block A} and the vehicle response control
(Block B) and select the appropriate signal for
servo control use. To accomplish this, a third

TABLE 2
SNAP 10A System Response Restrictions
Vehicle Response Limits
Frequency (2)
Test Axis Band
(cps) Acceptance | Qualification
Test Test
Longitudinal 5-9 3 3
9-250 3 3.5
250-400 3 3.5
400-2000 5 7.5
Lateral 5-8 3 3
and normal 8-250 3 3
250-400 3 5
400-2000 5 7.5
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auctioning system is used. The prcselected
table input and vehicle response signals are
individually fed into Ling M-14 vibration me-
ters, appropriately calibrated to some predec-
termined full-scale vaiue. Outputs from the
vibration meters are monitored by a single
Ling DA10 selector chassis which automatically
selects and then controls on whichever channel
(table input or vehicle response) has attained
its specified value. Table input will normally
be the channel in command and will remain at
its maxinmuum or peak setting except when con-
trol necessarily reverts to the channel covering
vehicle response.

A single signal emanates from the DA10
selector. This signal is fed into the shaker
servo control system where amplifier output to
the shaker is ultimately controlled. This com-
pletes the closed-loop circuit controlling shaker
operation.

Unfortunately, no system and no one link in
the system is infallible. In spite of all precau-
tions, instrumentation malfunction with possible
vehicle overload is possible. To safeguard
against any such occurrence, a test vehicle
safety circuit was developed. The operation of
this device is completely independent cf the
shaker control circuitry.

TEST VEHICLE SAFETY CIRCUIT

The test vehicle safety circuit is a two-
channel device that monitors the outputs of two
accelerometers and immediately cuts the power
to the shaker amplifier in the event that the
preset response limitation is exceeded. This
instrument has its own power supply and is in-
dependent. of the driver signal servo system,
except for being patched into the signal circuit
between the B & X oseillator and the power
amplifier.

97

Since thc acceleration signals from the
sensors are unfiltered, the safety circuit is
equipped with two low-pass filters. Each is
manually controlled during test to climinate
high-frequency acceleration inputs to the safety
device. The cutoff action of this system occurs
in milliseconds; therefore, it is important to
look at and sense on essentially a fundamental
signal rather than on sporadic high-peak but
low-energy spikes.

Calibration of the safety circuit is per-
formed by shaking each control accelerometer
to its specified g limit and adjusting a potenti-
ometer in the safcty circuit until tripping oc-
curs. Once similar cutoff has taken place
during test, reset is required before testing
can resume. Resetting cannot take place if the
master gain control on the test console has not
been reduced to zero. This eliminates the pos-
sibility of inadvertently returning the shaker to
full power by 2 reset procedure. Since the
shaker drive signal passes through tlie tesi
vehicle safety circuit's power on-off switch,
operation of the shaker is impossible if the
safcty circuit power is turned off. Three man-
ually operated shutoff switches are incorporated
in the system to permit interruption of the tes”
by any of three test observers. These are in-
cidental to the operation of the basic device but
are an additional safeguard in the vehicle pro-
tection system.

This safety circuit is described in detail in
a previous paper [1]. A circuit diagram is
shown which will permit any interested labora-
tory to build an identical overload protection
device.
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TRANSMISSICN OF VIBRATION TEST FORCES
BY MEANS OF VISCOELASTIC LAYERS

A. J. Yorgiadis and S. Barrett
North American Aviation, Inc.
Downey, California

Environmental vibration testing of large but fragile and relatively light
structures, as typified by space vehicles, has introduced many new
complex problems, Even to attempt solutions to these problems, some
new basic concepts must supplement or regplace conventional concepts
presently used in vibration tcsting of smaller, structurally more rigid
packages.

The absence of true ""hard points’ on certain test structures makes it
often recessary not only to limit the total vibratory force input at a
given location, but also to distribute this force over a significant area
to limit its intensity. One practical method ¢f accomplishing this is by
using viscoelastic layers to transmit the vibratory forces from the ex-
citer to the test structure, Results are presented of a computer study
to determine the behavior of a simple lunped parameter system, driven
through a viscoelastic layer. It is shown that actual vibration response
of the system can be reasonably well simulated by selecting a visco-
elastic layer of suitable properties, Expioratory test data are pre-
sented on the vibration transmission properties of a neoprene rubber
layer. The results show that adequate vibratory energy can be trans-
mitted through this layer even at frequencies higher than the natural
frequency of vibration of the system.

INTRODUCTION

Very significant advances have been made
in the field of vibration testing during the pasi
decade. The improvement in the performance
of vibration exciters, controls, and instrumen-
tation has been far reaching. Knowledge of dy-
namic properties of materials has been con-
siderably expanded. Modern computers have
simplified the labor involved in obtaining math-
ematical solutions to multi-degree vibration
systems, and hence, have expanded the process
of prediction of vibration phenomena. These
and many other developments have advanced
the state of the art and given better tools to the
vibration test engineer. Nevertheless, it would
be misleading to state that present-day vibra-
tion test programs have all become a matter of
routine. It is quite evident that the planning and
proper execution of vibration tests is by no
means simple, particularly when the test objects
are large, flexible, fragile, and mechanically
very complex, such as typified by aerospace
assemblies ard structures.

There are, as is well known, many types of
vibration tests, such as environmental tests,
modal tests, qualification tests, off-limits tests,
and systems tests. Even the nomenclature for
the various tests becomes complicated, and not
very uniform. There are tests on a given com-
plex assembly in which only one or a few items
are of concern. In other tests, many or most of
the items in one assembly have to be vibration
tested simultaneously with different permissible
amplitude limits from one point of the structure
to another. Except for small resonance-free
components, it is no longer adequate to define a
vibration test by the amplitude at one point,
either on the exciter table (the input), or at the
specimen (the output).

Instead of the actual weight of a test speci-
men, we now think in terms of its "apparent
mass" or mechanical impedance, and these
quantities vary with frequency. Not only sinus-
oidal vibrations, but wide band random vibra-
tions are oiten Téquired. The path of the vibra-
tion test forces through the specimen structure




was previously of no concern because ample
strength was available at the attach points with
major structural supports to transmit the ex-
citer forces. The fragility of present aero-
space structures makes it necessary to analyze
carefully the matter of transmission and dis-
tribution of vibratory test forces, so as to avoid
unnecessary and unrealistic local overloading
during the vibration test.

TRANSMISSION OF VIBRATORY
FORCES

The principal object of this study is to in-
vestigate one aspect of modern vibraticn test-
ing, namely, the means for transmission of the
vibratory forces from the exciter to the test
member. While this study is very general and
is not limited to one type of exciter, examples
and explanations have been written around the
elecirodynamic vibration exciter, which is
most widely used.

Examining the typical vibration tesi, the
overall mechanical system can be considered
to have three elements: the item to be vibrated,
the moving part of the exciter, and the fixturc
that mechanically connects the test item to the
exciter. The resulting assembly forms a vibra-
tion model, with combined dynamic properties
that depend on the properties of the individual
elements.

There is almost universal acceptance of
the philosophy that the best fixture is one that
is very rigid, light, and resonance free within
the frequencies of the test. True, this require-
ment could be met when the highest frequency
was 500 cps, and when packages were consid-
cred large if they exceeded 200 pounds. Cur-
rent test assemblies can be 10, 20, or 30 feet
and larger along one axis and weigh thousands
of pounds. Occasionally, the test units contain
large volumes of liquids. It has become evident
that for such testing, the concept of a rigid
resonance-free fixture has no practical signifi-
cance. Thesc limitations of the vibration sys-
tem have been overcome or circumvented by
techniques such as:

1. Equalization of the vibration excitation
spectrum by means of peak and notch filters,
and

2. Careful control or monitoring of the
vibration responses at one or more sensitive
locations cn the specimens to protect against
local overstressing at a resonant condition.

Another somewhat different approach in-
volves the elimination of the conventional test
fixture concept by utilizing many exciters [1],
each unit being connected at a different point on
the test structure by a thrust rod. This method
has considerable merit, in that it climinates the
cost of a fixture. It is particularly applicable
to modal testing. Neverthelcss, complexities
develop in the proper amplitude distribution and
phasing of the various exciters, and the force
transmission is still concentrated at a few cdefi-
nite points, rather than distributed over larger
arcas.

In this study, the concept of an unspecificd
rigid connection is abandoned, and it is assumed
that this connection has the properties of a
viscoelastic material; namely, it is defined by
a finite spring rate and a damping constant. In
part, this is thc recognition of an existing situa-
tion; even a solid metallic conncction is tech-
nically a spring and a damper, since ali mate-
rials have elasticity and damping. Of course,
the concept of using flexibility as a desirable or
acceptable fixture property will be auestioned
as being contrary to the principles that have
been taken for granted for so long.

By using the mathematical models of Iig. 1
and the analytical techniques explained in Ap-
pendixes A and B, it will be shown that ihe use
of suitable viscoelastic layers for proper test
force transmission has definite possibilities, ai
least for the lumped parameter models studied.
It is realized that such oversimplification of the
mecharical systei reduces Uie accuracy of the
results, and very wide generalizations should be
avoided. Nevertheless, such studies can provide
useful pointers towards better solutions.

NOMENCILATURE

M, Mass of moving part of vibration jig

M, Mass representing outer structure of
test specimen

M, Mass representing inner structure of
test specimen

My  Total moving mass, M, + M, + M,
Mass ratio, M,/M,

K, Stiffness of lower spring

, Stiffness of upper spring

NOTE: References appear on page 114,
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Fig. 1 - Lumped-parameter representations
of vibration test systems

Uncoupled natural frequency of lower
system = JK,/M,

Uncoupled natural frequency of upper
system = JK,/M, '
Frequency ratio, «,/~,

Frequency of sinusoidal excitation

Viscous damping ratio for lower
system

Viscous damping ratio for upper
system

Hysteretic damping constant for lower
system

Hysteretic damping constant for upper
system

Deflection of lower mass, M
Deflection of intermediate mass, M,
Deflection of upper mass, M,

By definition, F/M

Peak acceleration of upper mass, M,
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Peak magnitude of sinusoidal excitation
force

Acceleration spectrzl density of ran-
dom excitation

Mean or expected value of stationary
random process

Mean square acceleration response of
reference system

Mean square acceleration respouse of
lower mass

Mean square acceleration response of
upper mass
V-1

Time

LUMPED PARAMETER MODELS

The models of Figs. 1a and 1b represent
the combined three-element mechanical assem-
bly in a vibration test. In Fig. la, the test
structure is depicted as consisting of two ideal
masses M, and M, connected by linear spring
K, and with hysteretic damping 7, as defined




in Appendix B. M, corresponds to the primary
structure, outer structure, or the member
through which vibrations are usually introduced
to the test assembly. M, corresponds io the
inner structure, secondary structure or payload.
The approximation of an actual assembly by

this mathematical model may sometimes be in-
accurate, but the procedure for defining this
model simply requires that it have the same
total mass as the actual unit, the same major
fundamental natural frequency, the same reso-
nance amplification, and the same mass dis-
tribution across a line through the first node.
The viscoelastic layer is defined by the param-
eters K, and 7,, the latter also being the same
type of danping as in 7»,. This model was used
for the study on transmission of sinusoidal vi-
brations and can be identified as the three-mass
two-degree-of-freedom system illustrated con-
ventionally in Fig. 1b.

The model shown in Fig. 1¢c with motion
input was used for the evaluation of the trans-
mission of white noise random vibrations. This
model was chosen for the random study because
of the existence of analytical solutions, as 2x-~
plained in Appendix A. The model of Fig. 1c
has viscous damping, while that of Fig. 1b has
hysteretic damping. For purposes of compar-
ing results on the two models, the viscous
damping values were represented by the term
27 rather than [, since in case of systems with
medium to low damping

n o~ 2;%

, ®

D)=

where Q is the resonance amplification factor.

ANALYSIS QF RESULTS

Before discussing the analytical results, it
is appropriate to definc the significance of
proper vibration force transmission in such
tests and to explain the basis for evaluating the
various viscoelastic layers. It was previously
stated that the test structures under considera-
tion are relatively large and flexible. This
means that the models of Fig. 1 have low spring
rates K,, and therefore, a low natural frequency

., at least relative to the maximum test fre-
quencies. It was further assumed that the pri-
mary object of the vibration test is to simulate
or induce rertain predetermined vibration ac-
celeration levels X, to payload M,. These are
the rms acceleration levels in the case of ran-
domn tests, and the peak resonance accelerations
for the sinvsoidal tests, that would apply if we
had absolutely perfect, massless, rigid, but suf-
ficiently powerful vibration exciters and fixtures

to vibrate the structure without changing any
dynamic propertics of the sysiem. The accel-
eration value X, has an added significance in
that it is proportional to the peak dynamic force
transmitted through member x,, and this rep-
resents the peak internal resonance fatigue
loading through the test structure. For actual
structures in service, these loads are many
times the input of external loads because of
resonance amplification.

Randomly Excited Model

Translated into mathematical terms, this
requ1res that the rms response E[X ] of masses
M, in the models of Figs. 1c and 1d be equal, or
nearly equal, for a given motion input. The
ratio of these two rms acceleration values was,
therefore, plotted as the ordinate of the charts
in Figs. 2, 3, and 4. Further expianations cf
the applicable variables can be found in Appendix
A. The plots in Figs. 2a, 3a and 4a are for a
sppr'imon damping 27, of 0.05, while those in
Figs. 2b, 3b and 4b are for cases in which the
damping is twice as high. The frequency ratio
used as the abscissa for these charts was a
medasure of the spring constant X, of the visco-
elastic layer, as cai be seen in the nomenclature.
Four difierent values of the viscoelastic damp-
ing constant were used in each of the figures,
as this appeared to be an important parameter.
Finally, Figs. 2, 3, and 4 cach represent a dif-
ferent mass ratio M,/M,.

As expected, the response ratio approaches
the desired value 1.00 when the frequency ratio
w,/w, i8 small, since then the system of Fig. 1c
approaches that of Fig. 1d. Up ic the valuc

2, /@, = 1.00, the response ratio remains within
20 percent of the value 1.00, even though the
viscoelastic damping constant varies over a
wide range. Furthermore, higher mass ratios
M,/M, and higher specimen damping tend to
stabilize the value of th1s response ratio and

make it less sensitive to variaticns in «_/«

2 1’

Sinusoidally Excited Model

The plots in Figs. 5 to 13 represent the re-
sults of the study on models of Figs. la and 1b,
as explained in Appendix B. The abscissas of
these curves remain «,/»,, as in the previous
curves. The same variahles are again investi-
gated with one addition, namely, the ratio spec-
imen mass to exciter mass, i.e., (M; + M) M_.

The ordinate in Figs. 5 to 13 is the ratio
x x , defined in Appendix B and representing
the actual peak resonance amplification of M,,
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as part of a two-degrce-of-frcedom system.
Proper transmission of the vibration test forces
requires that this ratio be nearly equal to the
resonance amplification of the specimen above
which, in turn, is nearly equal to 1/,,. Thus,
to select a viscoelastic layer having proper
damping and stiffness, it is necessary to have
a peak acceleration response of approximately
20 in cases covered by Figs. 5a through 13a.
For Figs. 5b to 13b the corresponding vaiue
should be 10.

In this case, the effect of decreasing the
mass ratio M,/M; tends to improve the per-
formance of the system by making it less sen-
sitive to the damping of the viscoelastic layer.
For cxample, there is a wider spread in the
plots of Fig. 5a than in those of Fig. Ta al val-
ues of «,/«, less than 1.00. Some curves
rcach an intermediate maximum value, higher
than either of these values, as in Figs. 7b and
10b. The practical significance of this is that
peak resonance amplifications can occur which
are higher than corresponding amplifications
of the two separate individual spring dampers
in the systems.

The design and selection of a suitable
viscoelastic layer is simplificd as the specimen
weight increases relative to the exciter weight.
This can be seen by comparing the plots in

Mt M,

1

M

o

Figs. 5, 6, and 7, representing small relative
specimen weight, with those in Figs. 11, 12, and
13, in which the specimen weight is ten tinies
that of the exciter. In the latter plots, the de-
sired response is achieved over a wide range of
values of «,/w,. In many of the large test struc-
tures, the specimen weight is large relative to
the exciter weight.

TEST DATA ON VISCOELASTIC
MATERIALS

Therc is a considerable amount of published
uata on dynamic properties of viscoelastic ma-
teriais {2]. However, this information should,
in practice, be obtained on the specific material
with the same geometric configuration as in-
tended for the test. Exploratory experiments
were conducted on neoprene rubber samples,
and the results are plotted in Yig. 14. The vi-
bration test setup is shown in Fig. 15. Two
washer-shaped samples of Neoprcne Rubber
AMS 3208, 3/4 inch thick and having a net area
of 16 square inches each, were used to hold a
50-pound cylindrical weight on an electrody-
namic vibration exciter. The rubber samples
were preloaded in compression, and the 50-
pound weight was guided by flexures so as to
restrict its motion to only one direction (verti-
cal). Using suitable calibrated force, displace-
ment, and acceleration transducers, the
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following variables were recorded as a function
of frequency, during sine sweeps in which the
X, was kept constant:

X

o

1}

input acceleration,

deflection amplitude of neoprene
layer, and

Y

phase angle between force and deflec-
tion amplitudes across neoprene
layers.

The plot of Fig. 14a represents the accel-
eration response ratio of the system at +2 g
output acceleration (+ 100 pounds of transmitted
force). The resonance ircauency was 185 cps
and the peak amplification was 4.5. The varia-
tion of the spring constant or stitfness K of the
viscoelastic samples is shown in Fig. 14b. This
is the ratio of the dynamic force amplitude to
deflection aniplitude. The measured values of
the damping factor, n = tan ¢, are plotted in
Fig. 14c. The assumptions made in the analyti-
cal models, that stiffness and damping are in-
dependent of frequency, do not apply for this
material. Both of these values tend to increase
with frequency in the range of frequencies re-
ported, but the two increases are not compara-
ble. Although these characteristics tend to

M+ M,

M

o
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complicate such vibration analyses, the artual
deviations observed cause dcsirable effects as
regards vibration force transmission. The plot
in Fig. 14a also represents the vibration trans-
mission properties of the viscoelastic layer.
The transmission efficicncy is understandably
poor at the higher frequencies since the layer
acts as an isolator. At the higher frequencies,
vibration transmission depends primarily on
the damping of the layer. Thus, damping in-
crease with frequency is a desirable property.
The two circied points on the plot of Fig. 14a
represent 50 and 20 percent values of trans-
mission efficiency, and they occur at roughly
twice and three times the natural frequency of
the system, respectively. This efficiency would
be reduced had the properties of the viscoelas-
tic remained unchanged with frequency. It was
observed that the stiffness and damping of this
particular material was not significantly de-
pendent on force amplitude within the range of
conditions studied, as shown by the points on
Figs. 14b and 14c.

It is well known that such materials are
very temperature sensitive, and the tempera-
tures of the samples were observed to be in the
range of 82 to 85°F during the period of the ex-
periments. Tests at +8 g (+400 pounds) were
also attempted, but the higher damping at this
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Fig, 15 - Views of test setup for measuring
izcoelastic material characteristics
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higher amplitude caused gradual ‘emperature
increase beyond the 82 to 85°F range. The
stiifiness of the rubber kept dropping and the
deflection amplitude kept increasing. This in-
dicated that the vibraiory force capacity of the
material had been exceeded.

To enable proper selection of such a mate~
rial for a vibration test, it would be essential
to conduct such tests on many applicable mate-
rials to find the one that has the most desirable
properties ‘or the particular application.

CONCLUSIONS

On the basis of the simple analyses pre-
sented in this study, it becomes apparent that
under ~ertain conditions, transmission of vi-
bration test forces by a so-called "'viscoelas-
tic member" is practical, and is possibly the
best overall solution to the problem of vibra-
tion test design. The advantages of such an
analysis are most significant when:

1. The test structure has a low natural
frequency.

2. The damping ratio of the structure is
relatively high, and a viscoelastic member can
be provided with comparable damping.

3. The test structure is heavy relative to
the moving parts of the exciter.
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Appendix A

RESPONSE OF TWO-DEGREE-OF-FREEDCM SYSTEM
TO RANDOM VIBRATION

The behavior of the randomly excited two-
mass system illustrated in Fig. 1c has been
studied by several authors [3,4,5]. Morrow [3]
assumed that the upper mass did not load the
lower, so that the presence of the upper mass
did not significantly affect the motion of the
lower mass. This assumption is reasonably
valid for a system in which the upper mass is
very light and flexible compared with the lower
mass but would lead to inaccuracies for many
practical applications.

The dynamic coupling between the two
masses of the system is taken into account by
Curtis and Boykin [4], who obtained response
in terms of integral functions of the white noise
input; these were then evaluated numerically
for a range of parameters. Crandall and Mark
[5] adopt the same apprcach but derive closed-
form analytical expressions for the mean
square responses.

Both of the preceding references restrict
their treatment to systems having the upper
mass smaller than the lower mass. However,
many practical acrospace structures which
may be reasonably well represented by the
two-mass analogy have upper masses up to ten
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times larger than their lower masses, making
it desirable to analyze such cases. The re-
sponse equations of Crandall and Mark [5] were,
therefore, coded for the IBM 7090 and a para-
metric study was performed for an extended
range of values of mass ratio, uncoupled fre-
quency ratio and damping coefficients. For
coding convenience, and to suit the special re-
quirements of this study, these equations were
rearranged into the form summarized below.

The system under consideration consists
of twe concentrated masses, two linear springs
and two viscous dampers. The base of the sys-
tem is eXcited by a stationary random process
with an ideally white spectrum having zero
mean and a uniform acceleration spectral den-
sity, for all frequencies from zero to infinity.
It follows that the acceleration responses are
also stationary random processes with zero
mean. It is convenient to normalize the re-
sponse data by reference to the response of the
single-degree-of-freedom system shown in Fig.
1d. This represents the test structure mounted
on the vibration machine without an interposed
viscoelastic layer, so that the normalized re-
sponse ratio clearly demonstrates the effects
of adding such a layer.




The mean square acceleration response of
the single-degree-of-freedom system is

E(X2) = 25, 2 vy, (A1)
2%

In the two-degree-of-freedom system, the
rcsponse of the upper mass is

vy 2 2 (N
E(X2] = 20S w? o (B) (A2)
where
N = Nywd+ Nyofo, + Nyo 3 G N, o3 (A3)
and
D = D, )15 0, * Dzu)l“wzz + D3w13 w23
5
+ D“wl2 wz“ + D5 0y W2 . (A4)

The coefficients in Egs. (A3) and (A4) are given
by

2
Ny = 04400,

and
D, = 4L,C

172

2 2y 2
2= ARL ¢ 16l 2

y 3 3
Dy = =800, + 160, + 15(1+ AL, L, ,

(A6)
D, = 480 + 16¢14 By F 2,
and
D, = 411520,L,.
Dividing Eq. (A2) by Eq. (Al) yields
, (N
EXA 4ol 0y (T)’)
— = . (A7)

v 2 2
E(X?] 1+ 4L,

This equation gives the normalized mean

_ & 2, Ay 2 2,3 o
Ny = AL+ 4L, + 41+ L, + 1607, . square response ratio. The root-mean-squre
. 9 0 B g 2. 2 (A5) response ratio, cf course, is given by the
N = / 3y 7 s X .
Ny = BLy+al, + 41+ DLy + 1608, square root of this expression.
and
N, = (1+3)20, r &1+ 00,7,
Appendix B

RESPONSE OF TWO-DEGREE-OF-FREEDOM SYSTEM TO SINUSOIDAL VIBRATION

For this analysis, it was assumed that the
test setup could be represented dynamically by
the lumped-parameter systcm illustrated in
Figs. 1la and 1b. The system consists of two
upper masses and an additional lower mass.
These three masses are connected by linear
springs and hysteretic dampers. The phe-
nomenon of hysteretic damping (also called
structural damping) has bcen discussed in
detail by Bishop [4,5] and Soroka [6]; the ex-
pression implics a rcsisting force which is in
phase with velocity but proportional in magni-
tude to displacement.

The combination of a linear spring and a
hysteretic damper produces a resisting force
which may be expressed as

f K(1+inmX, (B1)

in which K is the spiing rate, n is the dimping
coefficient, and X is the deflection.

The equations of motion for the system
shown in Fig. 1b, when excited by a sinusoidally
varying force, are

M X, 0K (1 in (X, - X)) F sin Ot
MX, - K (1+in)(X, - X,)
+K,(1+87,)(X, - X,) - 0, (B2)

and

MX, - Ky(1+im,)(A, -%,) = 0.
Steady state conditions are assumed.

By definition

X, = o (B3)




and 5&2 is the peak acceleration of the upper
mass, M,. It was required to find thc variation
of the ratio X, 'X_ with the ratic of uncoupied
natural {requencies, «,/«,, for particular val-
ues of the mass ratios M,/M, and (M, + M,)/M,.

Using Laplace transforms, Egs. (B2)
were colved and the solution was coded for
the IBM 7090. A parametric study was per-
formed, and the results are summarized in
Figs. 5 through 13.
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FREE-FREE BENDING VIBRATION MEASUREMENTS OF THE
OAQ BOOST VEHICLE UTILIZING AIR-BEARING SUPPORT

R. L. Turney, J. D, Joncs and K. F. Koehl
General Dynamics/Astronautics
San Diego, California

This free-ifree test program was initiated to verify experimentally ihe
analytically predicted free-free mode shapes and modal frequencies of
the Orbiting Astronomical Observatory (OAO) flight vehicle. This
verification was desired because the vehicle is of the splil-beam vari-
ety in that the Agena/OAO cornbination 1s an interbeam located within
load-carrying fairings. Verification was sought primarily for the first
five free-free elastic modes in four different mmass conditions. Of the
five modes investigated, three were vehicular bending modcs and two
were engine response modes,

The desired free-free boundary condition was approximated by floating
the test specimen vertically on a pair of air bearings attached to the
booster engine gimbal points, =0 as to introducc negligible restraint to
motion in the test plane. Stability was provided by hcorizontal soft
springs attached at the nose and at the booster thrust longeron. This
technique provided a tcst configuration that was essentially free in the
appropriate plane, accommodated various testing conditions with one
test setup, and dissipated negligiblc energy.

Comparison with analytically predicted modes of the OAQO launch vehi-
cle _"iowed good mode shape and frequency agreement in the vehicle
bending modcs. The bouster engine and sustainer engine rcsonanccs
were somewhat higher than predicted, due to higher spring constants
present in the test configuration than those used in the analysis.

INTRODUCTION 2. A partially tanked Atlas and fully tanked
Agena representing 60 seconds of flight time,
The Orbiting Astronomical Observatory herein referred to as 60 second — full condition,
(OAOQ) is to be boosted into orbit by an Atlas/
Agena space launch vchicle. This paper pre- 3. A dry Atlas and fully tanked Agena rep-
sents the results of a bending vibration meas- rezenting the Atlas burnout condition, herein
urement program conducted on a full-scale referred to as empty-full condition; and
article set up to represent the configuration
during the boost phase of flight. The program 4. A dry vchicle for close comparison with
was carried out under NASA Contract NAS3- analytical results without liquid effects, herein
3807. The actual measurements were made at referred to as empty-empty condition.
the General Dynamics/Astronautics Pt. Loma
Test Site during March and April 1964. The verification was desired because this vehi-
cle is of a split-beam variety in that the Agena/
Verification was sought primarily for the OAQC combination is housed within load-carrying
first five free-free elastic modes in four dif- fairings, thus requiring a more complex ap-
ferent mass conditions, namely: proach to the vibration analysis problem.
1. A fully tanked vehicle representative of The desired i{ree-free boundary condition
a launch condition, herein referred to as full- was approximated by floating the test specimen
full condition; vertically on a pair of air bearings attached to
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the booster engine gimbal points, so as to in-
troduce negligible restraint to motion in the
test plane. Stability was provided by soft hori-
zontal springs attached at the nose and at the
booster thrust longeron. This technique pro-
vided a test configuration that was essentially
free in the appropriate plane, accommodated
various testing conditions with one test setup,
and dissipated negligible energy.

TEST ARTICLE

The vehicle tested consisted of the actual
OAOQ Atlas booster flight tank, with inactive
hydraulic and electrical packages, actual ilight
pneumatic hardware, and the interstage adapter.
The Atlas propulsion hardware used was sal-
vaged from a static test vehicle, with the ex-
ception of the booster engine nozzles which
were cylinders, mass simulated to represent
the booster engine nozzles and to provide hous-
ing for the lower portion of the air-bearing
system. The Agena used was a facility checkout

vechicle representative of the mass and stiffness
characteristics of an actual Agena stage. The
OAO spacecraft used was a dynamically simu-
lated full-scale model. The external fairings
used were actual OAO fairings that were used
later for ejection testing. This configuration
was in "A' tower at the Pt. Loma Test Site as
shown in Fig. 1.

The test articie was floated on air bearings
located at each boester engine gimbal point and
stabilized with soft springs located on the nose
cone and the booster thrust longeron.

Figure 2 depicts the general suspension
system and a cutaway of the air-bearing instal-
lation. The air-bearing plates were made of
4340 steel heattreated to produce austenitic
grain structure. These surfaces were nickel-
plated for corrosion prevention and the plating
was heattreated to increase abrasion resist-
ance. The two surfaces were then handlapped
to as fine a smoothness as possible. As evi-
dence of tne smoothness and fit of the two

Fig. 1 - Complete OAO test vehicle installed in
"A" tower at Pt. Loma; '""B" tower (left) conlain-
ing water storage tank and Building 3 (right) is
blockhouse
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Fig. 2 - Test vehicle:

surfaces, the bearing would not leak a nitrogen
-purge until enough gas pressure was applied to
separate the surfaces. Dry nitrogen was used
as the gas for the air-bearing operation. (A
motion picture is available showing the opcra-
tion and freeness on the suspension system.)

The stabilizing springs were designed to
afford very small restraint in the plane of ex-
citation and yet to restrain motion adequately
in the plane normal to the plane of excitation.
The resultant rigid body frequencies were al-
ways 1/6 or less than the lowest elastic mode
frequency to be investigated.

INSTRUMENTATION

Thirty-nine Statham +5 g strain gage ac-
celercmeters were used w ineasure the mode
shapes and modal frequencies. Several addi-
tional accelerometers and linear displacement
transducers monitored the total motion of the
specimen in all three axes. Standard IRIG
multiplexing was used to record all monitor-
selected data signals during the test. Later
playbacks of the magnetic tape throuch normal-
izing networks to the monitoring recorder pro-
duced complete data sets for manual analyses.
Figure 3 is a block diagram showing the sam-
pling and commutating circuits developed for

o 3
UPPER-FACE ! '-’?:V/ B "‘g
Q\

LOWER-FACE

L

(a) suspension system,
and {b) cutaway view of air bearing

RESPONSE
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GATE PULSE
GENERATOR

A

Xy L &

OSCILLOSCGPE

A

OSCILLOSCOFPE
CAMERA

TIME BASE
GENERATOR
(39 CHANNELS)

Fig. 3 - Sampling and commutating circuits
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this test. Combined with the oscilloscope and
cameia, this systen1 became a mode shape
display and recording instrument for steady
state vibration of the specimen. The sampling
amplifiers were gated by the pulse generator in
phase with the reference signal. Filtering
within each amplifier produced dc signal levels
proportional to the phase and amplitude of the
input signals for steady state conditions; dc
signal levels proportional to accelerometer
location were provided by the time base gener-
ator. Commutating these signals to drive the
two axes of an oscilloscope produced mode
shape displays similar to that shown in Fig. 4.

Sinusoidal viktration excitation was fur-
nished by three closed-looo servo controlled,
linear hydraulic exciters employing displace-
ment feedback. Seismic weights were used to
react the exciter forces. The drive points for
these exciters were on the nose cone, the top of
the OAO and the booster thrust longeron. A
mechanical release clamp, hydraulically actu-
ated, was used to uncouple each exciter-seismic
system from the specimen for free damping
decays (Fig. 5). A mechanical fail-safe unit
employing dual shear pins was a part of each
system for the protection cf the specimen when
coupled to an exciter. Load cells were used to
monitor excitation forces. All control and
monitoring was dene remotely from the block-
house through landline circuits.

TEST PROCEDURE

The Agena and Atlas tanks were filled with
distilled water to a level equivalent to the pro-
pellant mass condition under investigation.

Flight pressures were used in the launch and
60 seconds of flight conditions. Lower pres-
sures were used in the other two test conditions
due to large ullage hazard problems.

After tanking and pressurization, the vehi-
cle was raised on the air bearings a minimum
of 0.0003 inch. The various linear motion in-
struments were monitored to insure that no ad-
verse movement occurred while the vehicle
was supported by the cushion of air.

The exciter to be used was then centered
and attached to its vehicle drive point. As a
general practice, the nose cone exciter was
used initially for mode determinuation. The
other exciters were used only when mode defi-
nition proved difficult utilizing the nose cone
exciter.

A low-level, slow frequency swecep was
begun, and exciter force, vehicle displacement,
and mode plotter display were noted. The mode-
plotter and other visual display units would in-
dicate when a natural mode was being approached.
Each mode was '"tuned" to the frequency of
minimum force and/or maximum displacement.
The vehicle was then released, vibrations were
allowed to decay, and the damped frequency was
noted. The vehicle was then "fine tuned" to the
indicated damped natural frequency, and the
mode shape was recorded. This procedure was
repeated for each mode of each tanking condi-
tion until the first five modes of all test con-
figurations were determined.

When closely coupled modes were encoun-
tered, different exciter units were used (o at-
tempt to separate the modes in question, Vory

Fig. 4 - Polaroid camera shot
of typical mode plotter display




RELEASE
CLAMP

Fig. 5 - Details of relcase clamp
and stinger paddie

fine frequency tuning was used with each ex- TEST RESULTS
citer along with the mode plotter display un-
til separation of the modes could be accom- Table 1 is a summary of data obtained.
plished. This proved tc be a satisfactory Figures 6 through 9 depict the first {ive mode
approach in all cases. shapesand frequencies of each test configuration.
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9.7 cps; (d) Mode 4, 14.5 cps; and (e) Mode 5, 18,5 cps

Computation of a damping ratio for each
mode involved construction of an envelope
faired through the harmonic beats and nonline-
arities present in the structural acceleration
decay of the instrumentation channel possessing
maximum response in a given mode. The ac-
tual waveshape was then replaced by an equiva-
lent sinusoid of the frequency and following the
constructed envelope.

The damping ratio was calculated as
S(75% A}) (1)

where

dimensionless damping ratio,

cycle number following disconnect,

120

wave amplitude at ith cycle, and

; = number ot cycles to half amplitude
after cycle i.

Values of the resulting damping ratios are
shown in Table 1.

Inasmuch as the accuracy of this method
decreases with increasing i, initial values
calculated were weighted heaviest. Repeated
runs indicate a 7 percent tolerance nn =
sulting from aggregate variations inherent in
these procedures. Figure 10 is a typical rec-
ord from which the damping ratio was computed.

re-

Reference to Table 1 shows that the values
recorded for booster engine resonance are
substantially the same for all tanking conditions
except the Atlas-empty, Agena-empty case




TABLE 1
Summary of Modal Data

Mode Atlas Empty Empty 60 Seconds Full
— Agena Empty Full Full Full
1 Frequency (cps) 7.5 6.7 3.9 3.6
Damping?2 - 0.0106 0.0096 0.0072
Shaker #2 #1 #1 | #1
(1st Vehicle Bending) >
2 Frequency (cps) 9.3 9.4 8.5 7.2
Damping? 0.0176 0.0176 0.0176 NDAb
Shaker #2 #1 #1 . #3
. . 2nd Vehicle
A >
(OAO & Fairing Out of Phase) Bending
3 Freguency (cps) 9.75 9.7 8.7 8.2
Damping? 0.0115 0.0115 NDAP 0.0157
Shaker #1 #1 #1 #1
: OAO & Fair-
(Sustainer Resonance) > gnd Vghlcle ing Out of
Bending
Phase
4 Frequency {cps) 16.3 14.5 9.7 9.5
Damping2 0.0120 0.012¢ 0.0115 0.0115
Shaker 1 #3 #1 #1
(Booster Resonance) > (Sustainer Resonance)
5 Frequency 20.2 18.5 14.8 15.0
Damping?2 0.0170 0.0202 0.0120 0.0120
Shaker #1 #3 #3 #3
(2nd Vehicle Bending) > (Booster Resonance)
6 Frequency 26.7 26.2 26.0 25.2
Damping®© NDT NDT NDT NDT
Shaker #1 # #1 #1
(OAO-Agena 2nd Bending) >

2A11 damping readings made at 0.1 g acceleration level.

InT A

NDA = no damping rccords available due to this mode damping in another mode.

CNDT = no damping records taken.

which is approximately 2 cps higher than the
rest. The Atlas-empty, Agena-empty case

was run first before appreciable experience
had been attained. During the frequency sweep,
a force reduction was noted at approximately
14.5 cps. When released to damp, however, the
apparent resonance damped at 16.2 cps. This
indication of a strong No. 1 booster response
led to the falsc conclusion that the 16.3-cps

mode was the booster resonance. In the
later configurations, it became evident that
14.5 cps was the resonant frequency at which
both booster engines were of almost equal
amplitude, whereas the 16.3-cps apparent
resonance was predominately that of the No.
1 booster engine. Unfortunately, time did not
permit the rerunning of this condition to get to
14.5-cps mode.
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CONCLUSIONS

Comparison with analytically predicted
modes of the Atlas/Agena/OAO combination in
these test configurations showed good frequency
and mode shape agreement in the vehicle bend-
ing modes. The major discrepancies existed in
the sustainer and booster resonances.

For the analysis, the only spring constants
available on the booster engines were those in
the pitch plane. Inasmuch as the test vehicle
was excited in the yaw plane, which has a
higher spring constant, the test results were

approximately 40 percent higher than calculated
analytically. The test vehicle sustainer engine
was shimmed tight at the gimbal block to take
out the normal no-thrust slop that exists on
Atlas vehicles. The resulting tight fit may have
been tighter than a flight article with an operat-
ing sustainer, thus producing an approximate
20 percent increase in the sustainer resonant
frequency.

The damping values obtained were higher
in all cases than those used in the control sys-
tems analysis of the OAO flight vehicle, thus
validating the stability analysis of the OAQ
vehicle.




THE RESPONSE OF THE OGO SPACECRAFT STRUCTURE
TO HIGH-INTENSITY ACOUSTIC LOADING*

P.J. Alfonsi
Goddard Space Flight Center
Greenbelt, Maryland

During the launching phase, a spacecraft is subjected to random vibra-
tion with a broad frequency spectrum from about 5 cps to in excess of
10 ke. The lower frequency excitaticn (up to about 250 cps) is mainly
the result of mechanical vibration of the launch vehicle structurally
coupled to the spacecraft. ‘fhe higher frequency spectra are the result
of acoustic excitation of the spacecraft and adjacent structure,

To evaluate these effects in the Orbiting Gecphysical Ghservatory
(OGO) spacecraft, the full-scale acoustic test program was performed.
The specific purpose of this program was to determine experimentally
the magnitude and spectra of high-frequency vibration resulting from
the OGO spacecraft acoustic environment. Verification of the shroud
transmission loss characteristics was a secondary objective.

The test was performed in the sound field generated by the Langley Re-
search Center's 9 by 6 ft thermal structures wind tunnel. The test
assemblage was placed in the proximity of the tunnel exhaust, isolated
from all but airborne excitation and subjected to a simulated launch
environment,

The article was instrumented to provide vibration data pertinent te
about 150 positions and acoustic data from about 4C locations. All data
were acquired on magnetic tape with the recorders and electronics
hecused in an instrumentation trailer located approximately 300 ft from
the test assemblage.

A preliminary wide band analysis of the vibration data indicated little
energy above 3 kc on the spacecraft structure. The initial analysis
also showed that the acoustic loading at the reference location on test
specimen was uniform within 1 db,

This paper presents a description of the test article, test procedures,
acoustic noise environment and results of a detailed analysis of a por-
tion of the acquired data.

BACKGROUND different boosters and accommodate up to 50
different experiments on each mission.
The Orbiting Geophysical Observatory

(OGO) (Fig. 1) was developed as part of a step- The main body of the OGO spacecraft is a
by-step program to gain further knowledge of box-like structure approximately 3 x 3 x 6 feet
the earth and its environment so that optimum with projecting panels, gas jets, antennas and
exploration of the universe can be accomplished. experiments. Two sides of the main body are
The OGO versatility as an observatory-type hinged to provide interior access as shown in
spacecraft allows it to be launched from several Fig. 2. Scientific experiments are mounted on

*This paper was not prlesented at the Symposium,
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Fig. 1 - A1tist's conception of OGO in orbit

Fig. ¢ - OGO with one experiment door open




the inside of these doors and on extendible
booms with subsystems mounted on shelves
and walls within the structure. Flectrical
power is supplied by a pair of large solar pan-
els. Coarse orientation is achieved by cold gas
jets and fine positioning by a set of reaction
wheels. For geophysical missions, the space-
craft carries a number of external experiment
packages. Experiments of high sensitivity or
special orientation angle requirements are
mounted on booms projecting from the space-
craft box. Solar oriented experiments are
located on each solar paddle while orbit plane
experiments are continuously oriented parailel
to the orbital plane. The spacecraft is depicted
in the launch configuration in Fig. 3.

INTRODUCTION

During launch and initial stages of boost, a
spacecraft is subjected to vibration inputs with
a frequency spectrum from 5 cps to more than
10 kc. The lower frequency vibration (up to
about 250 cps) is mainly the result of mechani-
cal vibrations of the launch vehicle structuraliy
coupled to the spacecraft. The higher frequency

HARGE CONTROL FINS v\/ SHROUD

«SUN SENSOR
SOEP NO 2—

tPND 2

1 2 SOLAR ARRAY

SEPARATION BAND

INTERSTAGE —~————]
AGENA SHROUD RING —_|

spectra are primarily due to acoustic energy
from the booster engine jet and aerodynamic
turbulence during the period of maximum aero-
dynamic pressure.

Generally speaking, the acoustic environ-
ment is most severe at lift-off, with a lesser
buildup occurring during maximum dynamic
pressure. The main difference between these
conditions is that the spectrum peak shifts up-
ward in frequency about two octaves during the
latter. The acoustic environment at maximum
dynamic pressure is a direct function of the
aerodynamic shape of the payload shroud and
the induced turbulence.

To evaluate the acoustic environmental
effects in the OGO spacecraft, the subject full-
scale acoustic test program was performed.
The specific purpose of this program was to
determine experimentally the magnitude and
snectra of high-frequency vibratica response in
the OGO spacecraft structure due to the asso-
ciated acoustic environment. The verification
of estimated shroud transmission losg charac-
teristics was a sccondary objective, related
to the first because it governs the degree c°
acoustic energy impinging on the spacecraft.
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Fig. 3 - OGO in launch (folded} configuration




This paper presents a description ol the
test program and a summary of the more sig-
nificant results obtained to date.

DESCRIPTION OF TEST
Test Facility

The OGO acoustic test was conducted at
Langley Research Center (LRC) in the sound
field generated by the 9- x 6-foot thermal
structures wind tunnel (Fig. 4). In this blow-
down facility, a large volume of air from high-
pressure storage tanks is heated and then re-
leased through an aerodynamic test section and
exhausted into the atmosphere at supersonic
speeds. Since the tunnel utilizes blowdown
techniques, the maximum run time is limited to
about 40 seconds (providing about 38 seconds of
constant noise level), depending on tunnel oper-
ating parameters. The force developed by the
tunnel discharge is equivalent to a jet with
more than 450,000 pounds of thrust and it gen-
erates acoustic power on the order of 3 million
acoustic watts {1},

#

:

»
 §
B

Instrumentation Troiler

its utilization for acoustic testing of large flight
payloads.

Specified test conditions are achieved
(within limits) by adjusting the tunnel operating
parameters and by choice of a suitable location
within the sound field. For example, to roll off
the high-frequency end of the spectrum, one
would choose a location farther frem the ex-
haust exit where this energy originates. The
overall level and some spectrum shaping can
be accomplished by adjusting the mass flow and
heat content of the iunnel exhaust.

Since the facility was utilized for several
previous acoustic tests including that on the
Mercury capsule [2], sound field data were
available pertinent to varied operating parame-
ters.

The tunnel operating parameters and exact
sound field location to satisfy the OGO acoustic
spectrum requirements could not be specifically
met from any of the past data. Past mcasurc-
ments did indicate a general area and the tunnel
operating parameters for the test; however, a

Fig. 4 - Test setup at 9- x 6-foot tunnel

The large amount of acoustic power avail-
able makes the sound field generated by the
tunnel a very suitable test area for large speci-
mens. Since an actual launch acoustic environ-
ment is essentially "free field,"” the same char-
acteristics of tunnel sound field further enhance

NOTE: References appear on page 140,

sound survey was necessary to determine an
exac' location within this area.

After the lcoation was selected, a direc-
tional survey was performed to determine the
azimuth to the "apparent source' of the energy
in the 1000-cps region. The test article was
oriented to provide "'grazing incidence" of the
i1000-cps energy with the Agena skin. Since
1000 cps is the coincidence frequency of the
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skin, this crientation allows maximum trans-
mission of energy through the skins.

Test Article

The test specimen was an assemblage of
the OGO spacecraft structural model, an OGO/
Agena forward equipment rack, and the OGO
shrond. The assembly is shown in Fig. 5, with
half of the shroud in position. As indicated, the
OGO structural model was in the launch config-
uration and presented about the same dynamic
characteristics as the flight unit. The OGO/
Agena forward equipment rack is the upper
portion of the Agena vehicle located adjacent to
the spacecraft. This compartment contains a
truss network on which the guidance and con-
trol systems of the Agena normally are mounted.
For this test, dummy masses were utilized to
simulate the components normally mounted in
this compartment, thereby providing a dynam-
ically similar structure. The forward equip-
ment rack was included in the test assembly to
evaluate the magnitude of vibration energy
originating in this area and transmitted to the

Fig. 5 - Test specimen

with one-half shroud
installed
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spacecraft structure. The aft end of the for-
ward equipment rack was terminated by a sand-
filled baffle to simulate the acoustic transmis-
sion loss charactcristics of the cmitted booster
structure.

The assembled test specimen was mounted
on a flatbed cargo trailer (Fig. 6) where it was
supported at four locations. Each support point
utilized a vibration isolator to provide an over-
all suspension system with a natural frequency
of less than 15 c¢ps. The purpose of the isola-
tion system was {c reject all but airborne en-
ergy inputs to the test article. Trailer mounting
providad mobility for the specimen and allowed
inside storage during periods c¢f nontesting and
inclement weather.

Instrumentation

The vibrational responses of pertinent
locations on the spacecrait and adjacent struc-
ture were sensed by accelerometers oriented
in each of the orthogonal axes of the spacecraft.
In addition to these, 14 locations were moni-
tored on the interstage fittings and Agena for-
ward equipment rack. A total of 189 measure-
ments were recorded during the test. Of these,
43 were acoustic measurements and 146 were
vibration measurements.

Microphones were used to record the
acoustic environment within the spacecraft box,
between the spacecraft and the shroud, and ex-
terior to the shroud. Acoustic measurements
were also taken within the Agena forward equip-
ment rack.

The data were recorded on two 14-channel
tape recorders in conjunction with a five-channel
constant band multiplex system which allowed a
totzl of 32 recording channels. All instrumen-
tation was located in a trailer located about 300
feet from the test area as shown in Fig. 4.

The requirement to obtain information
from some 190 locatiors with 32 available mag-
netic tape recording channels necessitated di-
vision of the data into seven groups. The first
was a group of six "'reference' transducers
which were recorded during each run. The
remainder were divided into six groups which
were recorded during one run oiily.

Test Requirements
The general test specifications listed in

Table 1 were derived from predicted and launch
data from booster vchicles similar to those




Fig. 6 - Trailer-mounted test assembly

planned for the OGO flight. The test levels are
approximately 1.5 times the predicted flight
levels tc account for combined effects and sta-
listical variations in the actual launch cnviron-
ment. The test specimen also incorporated an
increase in the high-frequency end to encom-
pass both the launch and maximum dynamic
pressure conditions.

TABLE 1
OGO Acoustic Test Specification Levels®
Octave Band Frequency Level
(cps) (ab)
20-75 138
75-150 139
150-300 142
300-600 143
600-1200 142
1200-2400 139
2400-4800 135
4800-10,000 129
Overall Level 149
$lolerances are ¢ 3 db on both overall

and spectrum levels.

The high-level run provided an increase in
the overall level of 3 db, the result of an in-
crease in cach of the ociave band levels of
about 3 db. The purpose of this run was to ob-
tain data on the linearity of the structural re-
sponse. The high-level run simulated the envi-
ronment anticipated from a thrust-augmented
type beooster vehicle.

The initial directional survey led to an
erronecus orientation of the test article depicted
as Position 1 of Fig. 7. Four 30-second runs
were performed in this orientation. On the fifth
run, microphones on the +X (downstream) side
revealed an asymmetric distribution of the
acoustic loading of the shroud. An examination

of the microphone data revcaled that the overall
level at this locaticii was about 5.5 db too low.

later spectrum analysis (Fig. 8) indicated
that the loss was caused by a general decrease
of the spectrum. The apparent cause »f the
discrepancy was shading of this side ot the test
article from all but the very-low-frequency
energy developed several diameters downstream
of the exhaust.

A resurvey of the sound field revealed the
correct 1ncation and ori. ntation to he Position 2
of Fig. 7. The test was performed at this loca-
tion with symmetrical acoustic loading, as indi-
cated by Fig. 9. The high-level test was con-
ducted with the assembly in Position 3 of Fig. 7.

Tecst Procedure

During periods of nontesting, the trailer-
mounted test assembly was housed in the shop
area of the 9- x 6-foot tunnel. The test sequence
was initiated with transportation of the trailer
to the test site and positioning in the predeter-
mined location and orientation. The transduc-
ers monitored during the particular test run
were connected and a system calibration was
performed. Upon verification of all instrumen-
tation channels, the area was cleared of person-
nel and the tunnel activated. The period be-
tween runs, necessary for recharging the
tunnel, was utilized for a quick look at the re-
corded data and preparation for subsequent test
ruis.

The initial pian speciiied six 30-second
runs; however, the test time was reduced to six
15-second runs. The factors considered in the
reduction of the test time included test time on
the shroud during misoriented runs. Since the
shroud was a backup flight unit, excessive ex-
posure to the acoustic energy was undesirable.
The program was consequently expedited with-
out compromising the number of locations
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menitored by allowing 3 runs per day. The Tth RESULTS
run, an increased-level run with an cverall
sound pressure level (SPL) of 153 db was a 30~ Acoustic Input

second run, as originally planned, with the
specimen located in Position 3 of Fig. 7. The
spectrum levels of this run are presented in
Fig. 10.

There was some concern prior to the test
about the repeatability of the sound field gener-
ated by the wind tunnei. This was justifiable
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since, because of the large number of data
points involved, most data were acquired from
one run only. Substantial variation in the exci-
tational forces would have complicated any
direct comparison of response data acquired
from subsequent runs. The maximum and mini-
mum octave band levels recorded at the refer-
cnce location during the six low-level runs are
presented in Fig. 10. As indicated, the repeat-
ability of the sound field was excellent, with no
more than 1-db variation in the data from these
runs. The repeatability is further verified by
the reference vibration transducers recorded
during all runs. Table 2 shows that the overall
rms vibration levels at the base of the inter-
stage fitting on the Agena ring were virtually
the same for each low-level run. It can also be
seen from Fig. 9 that the test spectrum was
well within the specified tolerance region.

The acoustic loading over the approximately
22-foot length of the test assembly varied some-
what as anticipated, but not severely enough
from the specified values to cause concern.

The microphone positions ace shown in Fig. 11.
The specified levels were established in the
plane of location II, which is the approximate
center of experiment grouping about the space-
craft box. At this location, as shown in Fig. 9,
the loading around the shroud was uniform
within +1 db, with one exception — the upper
nmicrophone in the first-octave band. This
microphone indicated about 3 db !ower than the
others at this station, probably the result ¢f a
changed ground reflection path.

The distribution of acoustic energy at the
forward and aft ends of the shroud are pre-
sented in Figs. 12 and 13, respectively. As in-
dicated, the general spectrum shape remained
the same fore and aft with the high-frequency

-z

TABLE 2
Vibration: Reference Location rms G2
(Agena Ring at +27.5Z, -10.125X Sta. 251.5)

Run Rv(Y) | Rv,(X) | Rv,(2)

No. (rms) (rms) (rms)
1B 3.0 3.6 5.0
28 3.0 3.5 5.0
3B 3.0 3.5 5.0
4B 3.2 3.8 5.0
5B 3.0 3.5 5.0
6B 3.2 3.8 5.0
7 (high level) | 4.0 6.5 4.8

4Runs 1A through 5A were performed in mis-
oriented condition; therefore, B series listed
herein.

end raised somewhat at points closer to the
tunnel centerline, as might be expected. Even
s0, the data exhibit uniformity within + 2 db.

The high level run spectrum is shown in
Fig. 10. The overall level was 153 db, about
3 db higher tiian the low level runs. The in-
crease was attained by a general increase in
the overali spectrum of about 3 db per octave,
rather than reinforcementi in certain frequency
bands only.

Shroud sound transmission losg informa-
tion was obtained from locations I and II and is
lotted in Fig. i4 along with estimated values
}. In general, the values shown are in reason-
able agreement.

Vibration Response

To date, only a limited amount of vibratior
response data has been analyzed. Plots of
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Fig. 11 - Microphone locations
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acceleration spectral density, including overall
levels, are rresented in Figs. 15 through 1&.
The analysis was performed on a TPC Model
627 analyzer with the following effective squared
filter bandwidths (BW): 20-300 cps with 3-cps
BW, 300-1000 cps with 7-cps BW, and 100C-
5000 cps with 25-cps BW. These points were
selected for the initial analysis since it is felt
that they are typical of the vibration response
of the base of the interstage, the base of the
spacccraft box, the decor-mounted experiments

and the boom-mounted experiments. From
these plots it can be seen that, although the
acoustic input spectrum is continuous up to at
least 10,000 cps, the vibration response cuts
off sharply at 2500 cps or less. This high-
frequency cutoff, plus the fact that the overall
levels do not exceed those of the qualification
tests, lends some assurance that the environ-
mental vibration qualifications tests, con-
ducted on the spacecraft and experiments, were
adequate.
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Prcbability density curves of representa-
tive acoustic and vibration data are presented
in Figs. 19 through 22. These data were ob-
tained using a Briel and Kjaer Model 160 Prob-
ability Density Analyzer. These curves are
very close to a normal distribution and further
confirm the qualification test using Gaussian
random inputs.

Further Analyses

The plan for the compleiion of the analysis
of thetest data includes two separate approaches.
The first is to complete the acceleration spec-
tral density analyses of all vibration data. This
will provide a large sample of response infor-
mation covering a wide range of dynamicaliy
different structural locations and will enable
evaluation of the different empirical and theo-
retical methods proposed for predicting the re-
sponse tc acoustic inputs.
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Secondly, the use of cross-correlation
techniques is planned to provide a better under-
standing of the acoustically induced vibration.
The basic question we hope to answer is: "What
portion of the vibratory respense af a point in a
spacecraft structuce is due to direct acoustic
excitation and what portion is transmitted from
the launch vehicle attachment points up through
the structure?” The answer to this question
will provide information on the relative merifs
of acoustic vs vibration tests of subasseniblies
and on the adequacy of random tests of a com-
plete spacecraft.
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Fig. 21 - Probability density analy-
sis, vibration response at base of
intcrstage
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Fig. 22 - Probability density analy-

sis, wvibralion response at top of
spacecraft
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A LOW-LEVEL VIBRATION TEST SYSTEM*

R. C. Klinger and M. A, Kollodge
Honcywell, Inc.
Minneapolis, Minnesota

A vibration test system used to produce a calibrated low-level vibration
environment is described. Salient features of the system are double

amplitude of vibration as low ac 10 micreinches; frequency range of §
to 300 cps (below 5 cps if sufficient driving power is provided); readout
accuracy to better than 1 microinch; isolation from ambient vibration
level; high signal-tc-noise ratio for table excitation; capability for
vibrating test items weighing up to 8 ounces; and selectable vibration

waveform.

INTRODUCTION

There are many commercial vibration
systems available for test engineering, but a
vibration system capable of prodncing con-
trolled low-level vibrations in the microinch
region is unique. In addition, the method used
for measuring these low-level vibrations must
be tailored to the application. A low-level
vibration test system and its associated meas-
uring method are considered here as iwo sepa-
rate but related topics. This system is a
proven evaluation vool, and it can be fabricated

at low cost and tailored to specific applications.

VIBRATION SYSTEM

The low-level vibration test system de-
scribed meets the following specifications:

1. Double amplitude of vibration as low as
10 microinches and at least ¢s high as 200
microinches;

2. Frequency range of 5 to 300 cps;

3. Ambient vibration levels transmitted to
system limited to 10 microinches in a typical

environment;

4. Capable of vibrating test items weighing
up to 8 ounces; and

5. Selectable vibration waveform.

*This paper was not presented at the Symposium.

Figure 1 is a schematic diagram of the vi-
bration test system, and Fig. 2 is an illustration
of a typical physical configuration of such a
system. The speaker illustrated is a University
Model C-15HC 15-inch high-compliance woofer
with a free air resonance of 15 cps and a high-
frequency response cutoff of 800 cps. A 1/8-
inch aluminum plate serves as a mount for the
test item, and is attached to the speaker cone
by a piece of styrofoam. Styrofoam is iight,
yet rigid; thus the entire system has a trans-
missibility of nearly 1 to 1 over the desired
frequency range.

Assembly of the aluminum vibration mount-
ing plate to the speaker cone (Fig. 3) was ac-
complished as follows: styrofoam was poured
inte a form inserted in the speaker and was
2lowed to adhere to the speaker cone. After
the siyroioam hardened, the form was removed,
and epoxy (Epon 934. Shell Chemical Co.) was
used to cement the aluminuia plate to the styro-
foam. This cement was used because it will
not chemically attack styrofoam.

The entire system is isolated with nylon
cords, selected because of their elasticity with-
out undue springiness. Other isolation means,
such as foam rubber cushions, were investi-
gated but proved inadequate. As an exampie,
under typical test conditions, foam rubber will
reduce the ambient level transmitted to the
system to 70 to 80 microinches as compared to
5 to 10 microinches for the nylon cords.
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The driving signal to the speaker can be
provided by a funciion generator connected
directly to the speaker; however, the particular
generator used for the configuration shown is a
Hewlett Package Audio Oscillator, Model
400-CD. Such an arrangement provides suifi-
cient power for driving the vibration system
over the frequency range of 5 to 300 cps. Fre-
quencies above 300 cps were not a requirement
for Honeywell's application, but low-level vi-
brations at these higher frequencies could be
realized with this system by tha addition of an
amplifier for the driving signal, and by locating
the plate closer to the voice ccil of the speaker
cone so that a smaller plate could be used to
reduce the weight to be vibrated.

Use of a speaker as a vibration transducer
has two distinct advantages:

1. The transducer is small and light enough
so that it can be suspended by elastic cords

which provide isolation from ambient vibrations.

2. Because ol its light voice coil mass, a
speaker does not require a large driving signal
at the higher frequencies.

The first advantage is self-evident, but further
explanation is presented for the second. Use of
a low-mass vibration system permits the use of
low-power amplifiers with their inherently
better signal-to-noise ratio. In the system
descrived, amplifiers were actually omitted;
consequently, noise in the system was mainly
limited to that associated with the signal gener-
ator. As a result, even at low frequencies
where the required driving signal is smalil, the
signal-to-noise ratio remains high.

MEASURING SYSTEM

Specifications for the measuring system
used with the vibration system described are
as follows:

1. Readout accuracy to better than 1 micro-

2. No moving mass within the measuring
device required for operation; and

3. Readout unaffected by ambient vibrations.

The apparatus used for measuring low-level
vibrations consists of a distance detecto* sys-
tem (Model D-152, Bently-Nevada Corp.), and a
conventional power supply and oscilloscope.
The sensing head of the detection system is a
precision electromechanical transducer which
has the cagability of electronically sensing the
distance to a conductive surface, whic:i in this
application is the aluminum plate used for
mounting tiie test item. Within the sensing head
is a pick-off element that consists of a pancake~
wound coil which may be electrically loaded by
the presence of an externally shorled secondary
element (the aluminum plate). The coil loading
is proportional to the distance from the coil to
the aluminum plate; thus, when the aluminum
plate is vibrated, the output voltage of the dis-
tance detecting system is proportional to the
amplitude of vibration, and the frequency of the
output voltage is the same as the frequency of
vibration. The signal from the seusirg head is
detected and amplified, and displayed on an
oscilloscope.

Figure 4 is a calibrotion curve for the dis-
tance detection system described. Data for this
curve was obtained by making static measure-
ments of the vertical displacement of the alumi-
num plate for corresponding voltage values of
the output of the distance detection system. An
outprit of three volts was selected as a starting
point for calibration measurements in order to
use the straight line portion of the curve for the
distance detection system. The operating point
for zero displacement of the aluminum plate
during vibration was then chosen at a convenient
point (6 volis output) on the straight line portion
of the curve. A crystal-pressure device with a
meter readout indicator (an Indi-Ac-Jr, Cleve-
land Instrument Co.}. was used to make calibra-
tion displacement mieasurements. This device
was in turn calibrated from gage blocks.

As illustrated in Figs. 1 and 2, the sensing
head and the vibration system are secured to
the same system mounting plate sc that ambient
vibrations will not affect the measuring system.
With the sensing head isolated in this manner,
and with the calibration curve of Fig. 4, read-
out is possible to less than 1 microinch.

No moving mass is required within the
selected measuring system, and this feature
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provides a distinct advantage not offered by
conventional measuring devices such as accel-
erometers. As an example, accelerometers
are dependent on u moving mass, and their
measuring capabilities are limited to 30 micro-
inches of displacement at 10 cps. However, at
the higher vibration frequencies, the displace-
ment measuring system described becomes
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limited in frequency response because the op-
erating carrier frequency of the sensing device
is of such a value that distortion-free modula-
tion of that frequency by the table displacement
motion can only be ovtained io approximately
300 cps. A piezoelectric accelerometer should
be used for displacement measurements at these
higher vibration frequencies.
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SYSTEM RESONANCE, A FUNCTION OF VIBRATION
TEST PARAMETERS*

A. M. Samborsky and C. J. Van Vliet
U.S. Navy Electronics Laboratory

San Diego, California

Vibration tests have often appeared to
reveal cormplex mechanical design problems
and inferior equipments which, in fact, did not
exist. These tests were conducted in accord-
ance with Military Standard 167, "Mechanical
Vibration of Shipboard Equipment,' which re-
quires great care in the proper simulation of
vibration frequency and amplitude. However,
the vibration tests typically neglect considera-
tion of the fundamental parameters of system
damping, mass, and spring constant which ap-
pear in the laboratory because of the testing
equipment. These fundamental parameters
may not be worthy of noting when the test arti-
cle mass is very small compared to the mass
of the vibration test machine; in this case,
monitoring of amplitude and irequency is valid
and a shipboard condition is simulated with
reasonable accuracy. But failure to consider
tecting system parameters may easily cause
vibration test results to be misinterpreted;
what appear to be faults in the equipment often
are rcally reflections of conditions related to
the testing equipment.

The MIL-STD-167 test ., desirable tc
locate ond analyze isolated minor resonances
which may result in premature fatigue failures,
but if system resonance occurs in the test
range of frequencies, more information is
needed about the system parameters of mass,
damping, and spring constant. A useful test
program can provide this information, along
with specific recommendations for adaptation
of the tested equipment to some unusual ship-
board environmental condition. Such a test
program is possible only if the test is fully
instrumented and the results are completely
assayed. It follows, then, that the tcst must
not only be planned to give a time schedule of
tests but also designed to direct the tester to
make changes in test conditions to take into
account the fundamental parameters.

*This paper was not presented at the Symposium.

The necessity for such a "designed" test is
illustrated by examining what often appears
to te a lack of damping. Since the test machine
adds little damping but a great deal of mass,
the effect on marginal equipment undergoing
testing is not only to depress the rescaant fre-
quency into the test range but also to cause a
phase change to rapidly reach i80 degrees at
the resonant frequency. The damping will then
appear to have a lower value. If we gage stress
level by displacement and use transmissibility
as a basic parameter, then the following for-
mula may describe the stress undergone by the

test article:

i A+ A
S e S ¢
l An - Ai (1)
where
S = .*resc in phase,
S' = stress, 180 degrees out of phase,
A; = input amplitude, and
A, = output amplitude.
Ao Ai I S

A, } i

T

Under traditional testing, this condition is

iransiated as an equipment damping problem,
when it may well bea test system dampingproblem.




Recently, at the Navy Electronics Labora-
tory (NEL), a vibration test was conducted for
a large rectangular structure, a planar array
radar antenna. Previous tests indicated that
resonance had been encountered between 5 and
33 cps. Efforts to raise the resonant frequency
by redesign of the structure for increased ri-
gidity seemed to have little effect. The sus-
picion then arose that system parameters were
so oriented as to cause resonance of undeter-
mined severity in the test range of frequencies.
1t was reasoned that if system parameters
caused resonance in the test range of frequen-
cies, then any design modifications made to the
equipment would be a function of the particular
test system parameters and would be transfer-
able to actual environmental ccnditions only to
the extent that the system parameters of mass,
spring constant, frequency, amplitude, and
damping simulated the actual environment.

A simple test, based on sound mechanical
mathematical concepts, was designed to verify,
or refute, the existence of system resonance
as being different from article resonance and
bring attention to the possibility that such sys-
tem parameters as mass, spring constant, and
damping might be as significant as amplitude
and frequency.

The test consisted of loading an additional
7200 pounds of steel plate on an L.A.B.

RVH-96-10,000 vibration machine. It was the-
orized that this weight change would change the
resonant frequency observed if system reso-
nance had occurred. The resonant frequency
would not change if only minor article resonance
took place. Therefore,

) @

N

where fy, isthe system natural frequency for
W, equal to 27,381 pounds and fxn, is the sys-
tem natural frequency for w, equal to 34,581
pounds [1]. (W, equals 27,381 pounds plus the
additional 7200 pounds.) fn, may now be calcu-
lated from Eq. (2): fn, = fy, (34,581 1bs./
27,381 lbs.)! ¥ = 1.124 £y .

Equation (2) was found to be in good agree-
ment with the test results. Statistical analysis
of the test data revealed fy, and fn, to be
27.94 and 24.76 cps, respectively, or fy, =
1.128 fy,, thus proving the existence of two dis-
tinct resonant frequencies and vcrifying system
resonance as a basic parameter. This 1s shown
in Fig. 1. ¥For analytical purposes a parabola
was used to approximate the two frequencies.

NOTE: References appear on page 148.
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Fig. 1 - Effects of mass as a basic parameter of system resonance
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Further study and conservative judgment
resulls in the minimum value for the tiuc nat-
ural frequency of the test article, as follows:

where
k. = combined test article and machine
spring constant,
k. = equivalert machine spring constant;
and
k , = equivalent article spring constant,

assuming the minimum value for &k
is k;

according to Timoshenko and Young [2],

3)

1 .
kg W:é—ka (Series)

or

2k, (Parallel);

(4)

s a m

therefore, if as according to Thomson {3]

fa

fy = Vo (5)
- s m
5 s
where
m_ = systeri mass, and
—
1
By =5 =2,
a 27T my,
then
o
N w
o 1 s s
1> . = (Series)
= V2 (Series), (6)
Ng a
or

2 - kb (Parallel).
N Wa

(7
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Consequcntly, it is apparent that if mass is
lowcred at a greater rate than the spring con-
stant, or ii Lthe spring constant of the system
is increased while mass is held constant, sys-
tem resonance may be avoided or changed.

In the NEL test, system resonance occurred
at 24.8 cps. In this case the natural frequency
of the test article for a weight of 4400 pounds
and system weight of 27,381 pounds is

1/2

Ual o (27,3}11)1/2
fy = 0.707(\wa/ fy 0.707 { 4553

a

~ 24.8 ¢ps - 43.06 cps.

Thais value is well above the test range of fre-
quencies called out in MIL-STD-167, the maxi-
mum frequency called out being 33 cps.

Presently, vibration tests of large struc-
tures do not, and are not designed to, yield
system parameters. Fatigue tests, complving
with MIL-STD-167, are periormed which are at
times unrealistic and destructive.

The mechanical design of vibration tests
1S necessary since system resonance may occur
in the test range of frequencies. If existing
procedures are used, minor test article reso-
nance may cause dramatic failure. This will
occur since system resonance may result in
amplification which appears exceptionally vio-
lent. In some cases, this can happen with sys-
tem resonance barely discernible. The minor
assembly then behaves as a dynamic vibration
absorber [4] and acts to suppress system motion
by absorption of energy. The high energy lev-
els prcsent may even excite assemblies which
would normally be sufficiently damped, causing
premature fatigue failure and resulting in an
unrealistic, destructive test. Equipments which
may actually meet the fatigue requirements of
MIL-STD-167 are rejected for shipboard use
or must be accepted through waiver. Other
equipments, which survive system resonance,
may be overdesigned. Higher costs, resulting
from overdesign, can then restrict acquisition
of modern cquipment.
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A TEMPERATURE CONTROLLER FOR COMBINED
TEMPERATURE-VIBRATION TESTS*

R. E. Seely

U.S. Naval Research Laboratory

+
i

Washington, D.C.

A compact tempe rature controller has been designed for use when vi-
bration tests must be performed at extremes of temperature. The
control box is inserted into the wall of any enclosure and maintains
constant internal temperature over a range of -100 to 300°F. An elec-
tric heater is used for the high temperatures while liquid carbon diox-
idc is used for temperatures below ambient.

INTRODUCTION

It frequently becomes necessary, in most
vibration laboratorics, to perforin tests at ex-
trcmes of tcmperature. In those locations wherc
liquid carbon dioxide {(LCO,) is available, the
temperature controller described makes the
test setup very simple. Control is reasonably
accurate and dependable over a range of tem-
perature from -100 to 30G°F.

DESCRIPTION

Thc controller is an assembly of easily
available components containing all of the ele-
ments necessary to provide either Leating or
cooling capacitiy to a temperature chamber and
to maintain the temperature autematically ¢
any preset point. In operation it is simply
placed in the wall of any chamber, a LCO, hose
is connccted to it by a quick-connect coupling,
110 volt power is provided, and it is ready to
function. If temperatures below ambient are
desired, a switch indicates this choice and thc
temperature is adjusted and maintained by the
appropriate thermoswitch. A similar proce-
dure is followed for temperatures above ambi-
ent, except that a choice of heating rates is
provided.

Figure 1 shows the controller installed in
the wall of a temperature chamber. Figure 2

*This pape~ was not presentad at the Symposium.

shows the front panel with the simple operating
controls. Other details are shown on Figs. 3
and 4. Figure 5 is a schematic diagram and
identifies many of the components which make

epyn 4
ap the ascembly.

DESIGN FEATURES

The design is the result of experimentation
over an extended period of time to find the most
suitable combination of features. The most im-
portant of these are:

1. LCO, is injected into the chamber by a
solenoid valve specifically intendcd for use in
this type of service. Nevertheless, it was found
that it would operate more reliably if it was
modified by using a somewhat stiffer spring.

An orifice of 0.032 inches is used.

2. The heating coil is made up of the ele-
ment from a 660-watt, 220-volt heating unit.
By using it with 110 volts, the surface temper-
ature is much reduced and control is much
smoother. The power, of course, is reduced to
165 watts but this is sufficient to maintain a
constant temperature in all but extremely large
chambers. For those cases where a rapid
heat increase is desired, a tap is provided
so that only half of the element is used.

In this position it will dissipate 330 -watis.

TThis work was performed wnile the author was employed at the U.S. Naval Ordnance Laboratory,

White Oak, Maryland.
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Fig, 3 - Frout view with pancl removed
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Fig. 4 - Rear view

151




5 AMP

[a) AN
0.062
AMP
no
VOLT
AC ) asco L
7 FANH SOLENGID L ) L
‘ VALVE = EAGLE ELECTRIC
TYP
AIRMARNE  goeda O ERllL
MOTORS 220 VOLT
MODEL 660 WATT
1221-36
o 1
mF
FENWAL THERMOSWITCH | FENWAL THERMOSWITCH
TYPE 17321-0 TYPE 17300-0
CONTACTS CLOSE ON CONTACTS OPEM ON]
TEMP RISE TEMP. RISE |
o ‘

Fig. 5 - Schematic diagram of temperature controller

3. Circulation is provided by a fan mounted
in such a way that the shaft and fan blade extend
into the chamber while a 1arge part of the body
of the motor is con the outside. A major portion
is thus exposed to room temperatures. Prior
designs had either the entire fan and motor in-
side the chamber, or the motor entirely on the
outside with a fan blade extension shaf* sup-
ported by separate bearings. Both arrange-
ments proved inferior to the present design.
Proper air circulation is provided by beveling
one edge of the chambcr opcning and perforat-
ing the aluminum structure.

4. Adjustable thermostatic switches are
used which have a 10-amp rating. This
eliminates the use of relays. The conserva-
tive rating results in long life and dependable
service,

5. Simple Weston stem thermometers are
used as temperature indicating devices. The
sensitive element extends about 8 inches into
the chamber and gives a good indication of the
temperature of the return air. At least two
thermometers must be used to cover the entire
useablz range of the controller. The accuracy
of these thermometers has been found to be
surprisingly good. Experiments have shown
that they are generally accurate to within 1.0
percent.
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6. Pilot lights indicate that the thermo-
static switches are adjusting the temperature.

CONTROL ACCURACY

Thermocouple measurements made inside
a temperature chamber of moderate size
(2 x 2 x 2 feet, see Fig. 1) have shown that con-
trol may be maintained above ambient at any
preset point + 2°F. Below ambient the injection
of the LCO, directly into the chamber causes a
somewhat wider variation of air temperature.
Generally, however, return air temperaturc
may be rnaintained within +5°F. It should be
specifically noted that this accuracy appiies to
return air temperature; the temperature of a
test specimen will vary much less because of
the thermal lag. Variation depends on the mass,
material, and configuration of the test object
but is commonly less than 0.5°F.

Air circulation is such that temperatures
measured 6 inches away from the walls of the
chamber vary less than + 3°F at any point ex-
cept for a small area directly at the point of
LCO, injection.

TEMPERATURE CHAMBER

The controller is a complete instrument
which requires only the application of power




and LCO,. It will function with any chamber
where it may be inserted in the wall. Consid-
orable success has been achieved by using rigid
polyurethane foams with a density of about 3 pcf
for this purpose. Figure 1 shows one such
chamber. They are easily constructed of slab
stock with a variety of adhesives; they are very
light in weight, quite inexpensive, and have ex-
cellent thermal properties. Odd shapes may be
built up quickly for special tests.
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CONCLUSION

The temperature controller has been in
frequent operation for over a year. It has
proven to be extremely rugged, simple to use,
and quite reliable. It is not intended ior ex-
treme precision of temperature control. Never-
theless, it is judged to be entirely satisfactory
for the large majority of tests where a com-
bined environment is rcquired.




Section 2
DAMPING

VIBRATION RESPONSE CHARACTERISTICS OF
VISCOELASTIC-DAMPED STRUCTURES

J. E. Ruzicka
Barry Controls
Watertown, Massachusetts

The basic concepts involved in damping structural fabrications using
viscoelastic damping materials are reviewed, and a procedure is out-
lined for designing cornposite structures consisting of two elastic mem-
bers with an intervening layer of viscoelastic shear-damping material,
T n-ideration is given to damping, structural stiffness and weight as
joint design criteria and the effects of environmental tempercture on
darmping and the structure resonant frequency are discussed. Experi-
mental data are presented indicating the vibration response character-
istics of laboratory specimens and practical structural fabrications to
establish the degree of vibration control that is available by appropri-
ate application of the damping techniques described.

INTRODUCTION

While the damping characteristics of
structural systems have been investigated by
scientists and engineers for well over a cen~
tury, early investigators focused their attention
primarily on the internal damping properties of
structural materials. More recent investigations
have been concerned with the damping properties
of composite structures because of the need ior
a Supsiantizl increase in the energv dissinated
by structural fabrications undergoing vibration.
For flexural vibrations, the most successful
approaches developed to incornorate high-energy
dissipating mechanisms in structural fabrica-
tions involve the use of viscoelastic damping
materials [1-9].

This paper presents a review of the basic
concepts involved in damping structural fabri-
cations by use of viscoelastic damping mate-
rials and outlines various means of designing
structural composites incorporating viscoelastic

NOTE: Reference® appear on page 175.
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shear-damping mechanisms. Since practical
structural fabrications require consideration of
concentrated mass lnadings, boundary condi-
tions, fastening devices, strength requirements,
and ervironmental conditions, experimental dat=
are provided for actual in-service damped struc-
tures, as well as for idealized laboratory spec-
imens, to aid in determining the degree of vi-
bration control available from viscoelastic-
damped structures.

VISCOELASTIC DAMPING CONCEPTS

Structural fabrications may be damped by
viscoelastic damping materials employed either
as unconsirained layers applied to surfaces of
stractural members or as constrained layers
interposed between the surfaces of members
comprising a structural composite. An uncon-
strained viscoelastic layer experiences pri-
marily cyclic tension-compression strains when
appliad to a structural member undergoing flex-
ural vibrations, whereas a constrained visco-
elastic layer experiences primarily cyclic
shear strains when incorporated in a structural




composite. Therefore, structures damped by
unconstrained layers of viscoelastic material
rely predominantly on an extensional-damping
mechanism for energy dissipation, and damped
structures employing constrained layers of
viscoelastic material rely predominantly on a
shear-damping mechanism. Itgenerally is nec-
essary to use relatively thick layers of damping
material in unconstrained-viscoelastic-damped
structural configurations, while relatively thin
layers are usually adequate in constrained
viscoelastic-damped structural configurations.

Either unconstrained or constrained layers
of viscoelastic materials may be employed to
damp structural members undergoing flexural
vibrations. The unconstrained viscoelastic
damping treatment is particularly useful for
adding damping to existing structures, whereas
the constrained viscoelastic damping treatment
has proven to be more suitable for producing
integrally damped structural members. Recent

investigations have shown that large structural
plates which properly incorporate constrained
viscoelastic layers provide more damping with
less added weight than plates damped by uncon-
strained viscoelastic layers [10].

STRUCTURAL COMPOSITE DESIGN
CONFIGURATIONS

Special design configurations have been
developed which incorpcrate viscoelastic shear-
damping niechanisms in typical structural mem-
bers such as plates and beams. Satisfactory
approaches to damping structural members in-
clude desigis employing laminated sheets and
cell-insert configurations. Cross sections of
typical damped structural plates and shapes
involving laminated sheets are illustrated in
Fig. 1; cross sections of typical cell-insert
beams are illustrated in Fig. 2.
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Fig. 1 - Cross sections of typical viscoelastic
shear-damped structural plates and shapes
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The damped laminated structural plates
consist of a multiplicity of flat structural sheets
which are either solid or honeycomb, whereas
the damnped laminatc. structural shapes consist
of a multiplicity of flat and formed solid struc-
tural sheets; the individual structural sheets in
the damped laminated structural members are
separated by layers of a viscoelastic shear-
damping material. The cell-insert damped
beams consist of a longitudinal cellular struc-
tural mermbper in which siructural insert mem-
bers are separated frcm the longitudinal hollow
cells by a layer of viscoelastic shear-damping
material. When these viscoelastic-damped
structural members undergo flexural vibrations,
the layers of visccelastic damping material are
subjected to cyclic shear strains, which cause
energy of mechanical moticn to be converted
into thermal energy. As a result cf this cnergy
conver sion process, viscoelastic-de mped struc-
tures exhibit extremely kigh damping properties.

Each individual structural sheet in a damped
laminated structural plate or shape and both the
cell and insert member of a cell-insert beam
are load-carrying mambers. The number and
size of individual sheets, cellular body, and in-
seris required for specific application is deter-
mined by considering weight, stiffness, space,
and damping as joint design criievia.

STRUCTURE LOSS FACTCOR

Design criteria for most unconstrained
viscoelastic-damped structural configurations
have been established and are documented in
the technical literature; however, the analysis
of constrained viscoelastic-damped structural
configurations is considerably more difficult to
perform and design criteria are available only
for relatively simple configurations. Even for
simple structural configurations, general equa-
tions for the loss factor of the composite str:c-
ture are extremely complicated and difficult to
apply in practical design probicius. Desipu
equations may be simplified somewhat for those
applications which involve the use of thin layers
of viscoelastic damping material that is soft
compared to the stiffness of structural mate-
rials employed in the structural composite. For
these cases, the composite structure loss fac-
toTt 7 may be expressed in terms of three pa-
rameters, as follows:

n = o6 X,Y), (1)

where 3 is the loss factor of the viscoelastic
shear-damping material, X is a shear parame-
ter, and Y is a geometrical parameter. The
loss factor 2 is given by
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. _ G"
B =5 (2)

where G” and G’ are the loss modulus and the
storage modulus of the viscoelastic shear-
damping material, respectively. The shear
parameter X depends in a complicated way on
the sterage modulus and amount of the visco-
elastic damping material used, the weight load-
ing on the structural member, the flexural ri-
gidity and extensional stiffness of the structural
member, the geometry of the cross section, and
the frequency of vibration.

The geometrical parameter Y is a function
only of the geometry of the cross section and
may be expressed mathematically as foliows
14,8,7]:

(EL,,

(ED)

-1, (3)

0

where (E1), and (EI), represent the flexural
rigidity of the composite structure for zers and
infinite shear modulus of the viscoelastic damp-
ing material; that is, (EI), is the flexural ri-
gidity of the structural composite when its elas-
tic members are uncoupled and (EIY_ is the
flexuzal rigidity of the structural composite
when its elastic members are completely cou-
pled. Since the natural frequency of a struc-
tural beam or plate varies as the square root

of its flexural rigidity EI, where E and I rep-
resent the modulus of elasticity cf the structural
ma‘erial and the cross-sectional moment of
inertia, respectively, the geowetrical parame-
ter is also given by

f \2 .
= [==2) - 4)
Y (fo/ '

where f, and f_ are the fundame ital-mode
resonant frequencies of the structaral comipo-
site for zero and infinite values of the visco-
elastic dampiig w.atcrial shear niodulus.

For the case where the composite structure
consists of two elastic members with an inter-
vening viscoelastic damping layer, the structure
loss factor = is given by [7,8]

i BXY
T I XY (18 X xry ©

where the geometrical parameter Y is as pre-
viously defined and the shear parameter X is
given by

G'b,d?
p2h, Y(EI), |




In this relation, b, is the mean length of the
viscoelastic damping layer in the cross-section
plane, h, is the constant thickness of the damp-
ing layer, d is the distance between the neutral
planes of the elastic members, and p is the
flexural vibration wave numter given by

2 m
PT S Y VTEDG,

where w is the frequency of vibralion, m is the
mass per unit length of the structure, and (EI)4
is the effective flexural rigidity of the damped
structure. Unfortunately, (EI), is difficult to
determine since it is a function of the shear
parameter X. The shear parameter is a meas-
ure of how well the layers of viscoelastic ma-
terial couple the flexural motions of the elastic
members of the structural composite and the
degree of coupling determines the value of the
effective flexural rigidity (EI),. However, it
is known that (EI), < (EI)y4 < (EI), and, since
the values of (E1), and (EI), are readily cal-
culated, an estimate of (EI), is frequently
made in lieu of calculating its value through an
iteration process.

Optimum Parameters for
Maximum Damping

Inspeccion of the general equation for the
structure loss factor n rcveals that an optimi-
zation of design parameters is required to max-
imize the degree of structural damping. It is
noted that, for values of the shear parameter X
or the loss factor 3 equal to zero or infinity, 7
is zero. For intermediate values of X and 3,

7 is finite and achieves a maximum value when
specific relationships exist between X, 3, and v.

Since a high » is obtained for structural con-
figurations having large values of the geometri-
cal Y, this parameter is generally established
prior to determining appropriate values of the
shear parameter X and loss factor 2.

Based on the procedure of establishing the
geometrical parameter Y and selecting a
damping material having specific values of loss
factor 8 and storage modulus G’ , the value of

the optimum shear parameter X_  for which 7
is maximized is given by [§]
1
Xop = 77— (6)

VY + 1)1+ 8%
which is shown graphically in Fig, 3. Maximum

damping is achieved by incorporating a visco-
elastic damping layer having a.thickness

G'b,d? [(EL)
(hv) - v d .
op wxop Y(ED), m

For this condition, the maximumn structure loss
factor n___ is given by [8]

max

- BY

Tmax = N (7)
Y+ 24 2J(Y+1)(1+8Y)

This relation, shown graphically in Fig. 4, in-
dicates the desirability of selecting a damping
material having a relatively large loss factor s
over the frequency and temperature ranges of
interest. The curve for A=« is an approximate
upper-bound curve for the case o: pure viscous
damping. It must be emphasized that the struc-
ture loss factors indicated in Fig. 4 are attain-
able only when the shear parameter takes on its
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optimum value X__; a reduced value of the
structure loss factor 7 will result if the shear
parameter X is greater or less than the opti-
mumn value.

The approximate reduction in the damping
exhibited by a viscoelastic shear-damped com-
posite structure when nonoptimum values of the
shear parameter X are employed is indicated
in Fig. 5. The variation of »/7,,, with the shear
parameter ratio X/X_  is symmetrical about a
shear parameter ratio of unity. Curves describ-
ing this variation generally fall within the re-
gion between the two curves indicated on the
graph. The location of a specific curve depends
on the values of the damping material loss fac-
tor £ and the geometrical parameter Y. The
lower curve applies for the case of pure viscous
damping where J3 approaches infinity and Y has
any value [6]; the upper curve applies for rela-
tively low values of 3 and values of the geomect-
rical parameter Y < 10 [2].

Fortunately, a highly damped structure will
be obtained by employing a shear parameter
having only near-optirnum properties. On the
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Fig. 5 - Reduction in damping of visco-
elastic shear-damped structure for non-
optimum values of the shear parameter

average, a structure loss factor that is only 15
percent less than its maximum value is obtained
when the shear parameter is one-half or twice
its optimum value. In all cases, the structure
loss factor is greater than one-half its maximun
value when the shear parameter is approximately
less than four times and greater than one-fourth
its optimum value. The noncritical nature of

the shear parameter optimization is of consid-
erable practical significance inasmuch as it
provides flexibility in designing structural com-

posites incorporating visccelasti- hear-
damping mechanisms.
An alternate procedure for deter - ng up-

timum parameters for maximum dampi. ; in-
volves establishing the geometrical parameter
Y, specifying the value of the shear parameter X,
and employing a viscoelastic shear-damping
material having a loss factor 3, which maxi-
mizes the structurc loss factor ». However,
this approach is not as preferred as the one
previously outli~~d because of the practical
difficulty in obtaining damping materials having
the specific value of the loss factor required.

The preferred method of designing visco-
elastic shear-damped composite structures re-
quires evolving a cross-scction geometry which
will provide a value of the geometrical param-
eter v sufficiently high to allow for a high
structure loss factor 7 if near-optimum con-
ditions are met, selecting a viscoelastic damp-
ing material that has a high loss factor 5 over
the frequency and temperature ranges of inter-
est, and determining the optimum thickness of
the damping material layer (h,),, which will
maximize the structure loss factor. This pro-
cedure involves trial-and-error calculations

<




because of the complex interrelations between
the shear parameter X and the flexural vibra-
tion wave member p, and because practical
considerations from the fabrication point of
view may place restrictions on the damping
material thickness h,. It should be noted that
the design equations and graphs presented ap-
ply only for the case where the composite
structure consists of two elastic members with
an intervening viscoelastic damping layer; ap-
propriate design relations must be developed for
composite structures not satisfying this re-
quirement. However, even for more complex
damped structure designs, it is clear thata
high value of the geometrical parameter Y is
desirable and near-optimum values of the
shear parameter X are required to obtain high
degrees of structural damping.

STIFFNESS AND WEIGHT

By applying the viscoelastic damping tech-
niques described, structural fabrications having
large loss factors can be produced. However,
the stiffness and weight of the structure are
design consideraticns that are frequently as
important as the energy dissipation capability
of the structure. Therefore, when designing a
viscoelastic-damped structure, consideration
must be given to the stiffness and weight char-
acterisiics of the composite structure, as well
as to its loss factor.

Static stiffness and weight characteristics
of a viscoelastic shear-damped structure em-
ploying a low-modulus viscoelastic damping
material are illustrated qualitatively in Fig. 6,
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where an increase in the damped structure loss
factor = is produced by increasing the geomet-
rical parameter of the structure through varia-
tions in the cross-section geometry. When com-
pared on the basis of equal weight, the static
stiffness of the damped structure is less than
that of the conventional structure, as shown in
Fig. 6(a). Consequently, if a conventional struc-
tural member having a relatively low loss fac-
tor is to be replaced by a viscoelastic-damped
member of equal weight, a reduction in static
stifiness of the structural member can be ex-
pected. However, due to the coupling between
the individual elastic members of the structural
composite, as determined by the shear param-
eter X, the dynamic stiffness of the damped
structure will generally be greater than its
static stiffness.

When compared on the basis of equal static
stiffness, the weight of the damped structure is
greater than that of the conventional structure,
as shown in Fig. 6(b). Consequently, if a con-
ventional member is to be replaced by a
viscoelastic-damped member of equal static
stiffness, an increase in the structure weight
can be expected. However, due to the dynamic
coupling betwezen the individual elastic members
of the structural composite, the dynamic stiff-
ness of the damped structure will be greater
than that of the conventicnal structure. There-
fore, the resonant frequency of the viscoelastic-
damped structure will be greater than that of
the conventional structure.

The variation cf the static stiffness K,

with the value of the geometrical parameter
Y of a viscoelastic-damped structure is

VISCOELASTIC-DAMPED STRUCTURE
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Fig. 6 - Comparison of static stiffness and weight characteristics of
solid and viscoelastic-damped structures having {a) cqual weight and
(b) equal static stiffness, where increase in damped structure loss fac-
tor is produced by increasing value of geometrical parameter




shown graphically in Fig. 7 and is given by

(8)

where K_ is the stiffness of the structurc when
the individual elastic members of the struc-
tural composite are complctely coupled. It is
assumed that the viscoclastic damping material
is soft compared to the stiffness of the struc-
tural materials empleyed in the fabrication and,
therefore, the static stiffness of the struciure
is determined solely by the flexural rigidity
(EI),. Since the stiffncss K, represents the
stiffness of the structure prior to adapting its
cross section to accommodate a viscoelastic
shear-damping mechanism, the curve in Fig. 7
provides a comparison between the static stifi-
ness properties of conventional and viscoelastic-
damped structures having the same weight.

A substantial decrease in the static stiff-
ness of the structure results even for relatively
low values of the geometrical parameter Y.

The static stiffness of the damped structure is
one-half thal of the equal-weight conventional

structurc when the geometrical parameter Y = 1.

For values of the geometrical paranmeter egial
to Y = 2 and Y = 3, the static stif{fness of the
structure is reduced by a factor of one-third and
one-fourth, respectively. In most cases, the
static stiffness will be greater than stated be-
cause of the contribution of stiffness by the
viscoelastic damping material. Nevcrtheless,
the fact remzins that the geometrical parame-
ter Y should have a high value to obtain a large
structure loss factor » and a low value to main-
tain a relatively high static stiffness K , fora
specified weight of structure; therefore, selec-
tion of the value of the geometrical parameter
is made based on the relative importance of
damping and static stiffness as design require-
ments.

FREQUENCY AND TEMPERATURE
EFFECTS

The cffect that frequency and temperature
have on the dynamic elastic properties of
viscoelastic shear-damping materials may be
used to determine the interrelations between
resonant frequency, environmental temperature,
and the loss factor of a viscoelastic-damped
structure. The effects of environmental tem-
perature and resonant frequency on the loss
factor of a viscoelastic-damped structure are
illustrated in Fig. 8(@). For very low environ-
mental temperature or high resonant frequency,
iite viscoelastic damping material operates in
its "glassy' region and, since little energy is
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Fig. 7 - Variation of static stiff-
ness of viscoelastic shear-damped
structure with geometrical pa-
rameter

dissipated (G* is small), the structure loss fac-
tor is small. A similar situation exists for
viscoelastic-damped structures that have a very
low resonant frequency or are exposed to a very
high environmental temperature; the damping
material operates in its "rubbery" region and,
since little energy is dissipated (G* is small),
the structure loss factor is small. In the "tran-
sition'' region of the viscoelastic damping ma-
terial, for intermediate values of environmental
temperature and resonant frequency, the
viscoelastic-damped structure dissipates a
high degree of energy (G" is large), thereby
resulting in a high value of the structure loss
factor. Consequently, a specific viscoelastic
damping material should be selected for a given
application so that its transition region encom-
passes the frequency range of interest, as well
as the expected environmental operating tem-
perature.

The effect of environmental temperature on
the fundamental resonant frequency of a visco-
elastic-damped structure is illustrated in Fig.
8(). For very low temperature, the viscoelas-
tic damping material becomes stiff in shear,
since it is operating in its glassy region, and
the resonant frequency is given approximately
by the frequency f_ determined by the stiffness
of the structure when its elastic elements are
completely coupled. For very high tempera-
ture, the viscoelastic damping material becomes
soft in shear, since it is operating in its rubbery
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region, and the resonant frequency is given ap-
proximately by the frequency f, determined
by the stiffness of the structure when its elastic
elenients are completely decoupled. The reso-
nant frequency of the structure varies between
f, and f_ for intermediate temperatures at
which the viscoelastic damping material oper-
ates in its transition region.

EXPERIMENTAL DATA

Experimental dynamic response character-
istics have been deterniined for a series of
idealized laboratory specimens, as well as for
a number of practical structural fabrications,
to demonslirate the effectiveness of viscoelastic
shear-damping technigues. EXperiments on
labcratory beam specimens provide an indica-
tion o1 the effect of varying the geometrical
parameter and temperature on the structure
loss factor and resonant frequency. Laboratory
chassis models are employed to investigate the
effectiveness of viscoelastic shear-damping
materials incorporated in the chassis struc-
tural members; also, the chassis models are
used to evaluate viscoelastic junction damping
mechanisms. Finally, the response of damped
structural fabrications are presented to provide
an indication ol the degree of vibration control
available in practical applications where con-
centrated mass loadings, boundary conditions,
fastening devices, strength requirements, and
environmental conditions must be considered.
Vibration response and structural damping data
are expressed n terms of the transmissibility
of the structure and the structure loss factor,
respectively, as determined for conditions of
harmonic vibration excitation.
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Beams

The icss iactors of solid and viscoelastic
shear-daimped clamp-iree diuaigum beams
vibrating in their fundamental mode are pre-
sented in Fig. 9 as a function of the vibration
amplitude imposed at the clamped boundary.
The cross sections of the beams are designed
so that the flexural rigidity (EI), of the solid
and damped beams are equal, thereby giving a
comparison of the damping property of solid
and damped beams having the same static
stiffness.

The loss factor of the damped beam ranges
from approximately 0.1 to 0.2, whereas the
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Fig. 9 - Loss factors of solid and
viscoelastic shear-damped beams
for variations in the amplitude of
excitation vibration




solid beam exhibits a loss factor that is less
than one-tenth that of the damped beam. The
loss factor of the solid beam is strongly af-
fected by the level of vibration excitation be-
cause of the nonlinear nature of the hysteretic
material damping mechanism, whereas a rela-
tively linear damping charactcristic exists for
the viscoelastic-damped beam over a wide
range of excitation vibration level.

The manner in which the geometrical pa-
rameter affects the lnss factor of a viscoelastic-
damped structure is shown in Fig. 10 for the
casc where a constant total thickness of a rec-
iangular beam is maintained, but the geometry
of the cross section is changed to produce four
values of the geometrical parameter Y ranging
from 1.3 to 15. For this equal-weight compari-
son, the loss factors are determined at the fun-
damental resonant frequencies of the beams,
which range from 20 to 300 cps depending on
the beum length. The shape of the experimental
less factor curves demonstrates the frequency-
dependence of viscoclastic-damped structures.
The loss facters of the bcams are strongly de-
pendent on frequencies less than approximately
75 cps whereas, for frequencies in the range of
75 to 300 cps, the loss factor is relatively in-
sensitive to changes in frequency.
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Fig. 10 - Loss factors of viscoelastic-
damped rectangular bzams as function
of the beam resonant frequency

The loss factor » incrcases from approx-
imately 0.1 to 0.3 by increasing the geometrical
parameter Y from 1.3 to 15, thereby demon-
strating that damping can be increased by de-
signing structures taving large values of the
geometrical parameter. However, it shou'd be
noted that, beyond a certain point, a substan-
tial increase in the value of the geometrical

parameter is necessary to provide only a slight
increase in the structurc loss factor. This
characteristic is illustrated in Fig. 11 which
indicates thc approximate variation of the struc-
ture loss factor as a function of the gecmetrical
parameter for the four bcam configurations;

-this curve applies for the beams vibrating at

frequencies between 75 and 300 cps. A consid-
erable increase in loss factor is provided when
the value of the geometrical parameter is in-
creased from 1.3 to 3. By increasing the value
of the geometrical parameter from 3 to 8, the
loss factor is increased, but not in proportion
to the increase in the value of the geometrical
parameter. Increasing the value of the geomet-
rical parameter to 15 represents a clear case
of diminishing returns inasmuch as the damping
has been increased by only a small amount;
furthermore, increasing the geometrical param-
eter to this high value results in a substantial
reduction in the static stiffness of the structure
which may be undesirable in many applications.
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Fig. 11 - Variation of loss factor with
geomctrical parameter for viscoelastic-
damped rectangular beams

The effect that environmental temperature
has on the loss factor and fundamental resonant
frequency of viscoelastic-damped clamp-free
aluminum beams is determined by measuring
the damping property and resonant frequency
after the beams are subjected to specific tem-
peratures for a period of four hours. The varia-
tion of structure loss factor with temperature
is shown in Fig. 12 for damped beam specimens
employing four different viscoelastic damping
materiais. Damped beam specimens A and B
employ adhesive transfor films as the visco-
elastic damping material, whereas specimens
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Fig. 12 - Loss factor of viscoelastic-
damped rectangular beams as func-
tion of environmental temperature
for four different viscoelastic shear-
damping materials

C and D employ 2 silicone-based viscoelastic
damping material processed through different
cure cycles. These curves indicate that the
structure loss factor is relatively small at ex-
‘remely low and high temperatures, as com-
pared with the value of the loss factor at inter-
mediate temperatures. Beam specimens A and
B exhibit high damping over a relatively limited
temperature range, whereas beam specimens

C and D offer high damping over a fairly broad
temperature range. ‘The maximum loss factors
of beams A and D are approximately equal and
occur in the neighborhood of 100°F; beams C
and D exhibit their maximum loss factors in
the neighborhood of 250°F. Beam D offers the
best damping for very low temperatures, beams
A and B offer good damping for intermediate
temperatures, and beams C and D offer the best
damping for higher temperatures. Therefore,
viscoelastic damping materials can be selected
which provide thc maximum amotnt of damping
in the temperature range of interest.

The variation of the fundamental resonant
frequency of the beam specimens with environ-
mental temperature is shown in Fig. 13. The
curves indicate the resonant frequency of each
beam at the specified temperature for which the
loss facter is given in Fig. 12. For extremely
low and high temperatures, the damped beams
exhiLit resonant frequencies nearly equal to f_
and f,, which are the resonant frequencies re-
sulting for infinite and zero values of the visco-
elastic damping material shear modulus. This
results from the fact that, for low temperatures,
the viscoelastic material operates in its glassy
region and becomes rather stiff in shear, where-
as for high temperatures the damping material
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Fig. 13 - Resonant frequency of
viscoelastic-damped rectangular
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elastic shear-damping materials

operates in its rubbery region and becomes soft
in shear. For intermediate temperatures, the
resonant frequencies of the beams have a value
between f_ and f, as the viscoelastic damping
material operates in its transition region.

Chasses

The effect of incorporating viscoelastic
shear-damping mechanisms into electronic
chuasses ur bux struciures is investigated by
use of an idealized box chassis having the ap-
proximate dimensions 10 x 5 x 1-1/2 inches.
Solid and damped chasses are fabricated using
solid and viscoelastic-damped structural sheets;
the structural sheets are designed so that the
weight of the solid and damped box chasses are
equal.

Transmissibility and shock response curves
are presented in Fig. 14 for both the solid and
damped box chasses, where the transmissibility
is equal to the ratio of the aniplitude of har-
monic acceleration at the center of the chassis
to the ampiitude of the excitation harmonic ac-
celeration. The fundamental resonance of the
solid chassis occurs at 170 ¢ps. Due to its lam-
inated configuration, the equal-weight damped
chassis has a lower stiffness than that of the
solid chassis; the fundamental resonance of the
damped chassis occurs at 120 cps. The rel-
atively undamped solid chassis exhibits a
resonance-amplification factor of 25, while
the viscoelastic-damped chassis exhibits a
resonance-amplification factor of 5.5. Thus,
the damped chassis exhibits approximately
four and one-half times more damping in the
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fundamental mode of vibration than does the
solid chassis. Furthermore, the viscoelastic-
damped chassis design provides an appreciable
reduction of chassis vibration throughout the
broad range of viliraiion excitation.

The effect of incorporating damping in the
corner junctions of aluminum box chasses is
indicated in Figs. 15 and 16 which present the
vibration and shock response characteristics
of box chasses on which are attached a number
of concentrated masses to simulate practical
loading €onditions. The transmissibility curve
shown in Fig. 15(a) indicates that the chassis
made from solid structural sheet exhibits a
resonance-amplification factor of 15 at its fun-
damental resonant frequency. By replacing the
solid structural sheet by a :wo-laminate
viscoelastic-damped sheet, the fundamental-
mode resonance-amplification factor is reduced
to 5, as shown in Fig. 15(b). By employing
viscoelastic-damped structural sheet and in-
corporating a viscoelastic chear-damping
mechanism in the corners of the chassis, the
fundamental-mode resonance-amplification

factor is reduced to approximately 2, as shown
in Fig. 15(c). The reduction in vibration level
at the primary structural rcsonances of the
chassis, as well as the increased attenuation

~f vibration in the high-frequency region, de-
monstrate the improvement in structural damp-
ing and vibration control that results by em-
ploying viscoelastic junction damping mecha-
nisms 1n addition to damping the structura
sheet used to fabhricate the chassis. The in-
creased degrees of structural damging provided
by application of the viscoelastic shear-damping
techniques is also indicated by the transicnt re-
sponse time histories presented in Fig. 16

Circuit Boards

It is particularly appropriate to apply visco-
elastic damping techniques to electronic circuit
boards heeausa of their widespread use in severc
dynamic envirvnn.ents. A circuit-board damper
can be constructed which consists of a layer of
viscoelastic shear-damping material coated on
a thin fiberglas constraining sheet. This damper
assembly is attached to the botton side of thc
circuit board and held in place by virtue of the
adhesive property of the viscoelastic damping
material. The layer of viscoelastic darping
material should be sufficiently thick to aliow
the circuit-board damper to conform to the sur-
face «f the hottom side of the circuit board,
which is generally irregular because of wiring
and soidering processes.

< Transmissibility curves for conventional
(solid) and damped circuit boards installed in
conventional plastic guide rails attached to a
rigid support structure are presented in Fig.

17 for vibration normali to the planes of the cir-
cuit boards [11]. As indicated in Fig. 17{a), the
fundamental resonant frequency of the conven-
tional circuit-board configuration is 73 c¢ps and
the resonance amplification factor is 42; iur-
thermore, resonance amplification factors of
approximately 3 are observed at the higher
modes of vibration of the circuit board. A sub-
stantial reduction in circuit-board vibration is
obtained by use of the circuit-board ¢amper
without significantly changing the fundamentai
resonant frequency of the circuit-board config-
uration. As indicated in Fig. 17(b), the
fundamental-mode resonance-amplification
factor for the damped circuit-board configura-
tion is 4.5 and the vibration response at the
higher modes of vibration is greatly reduced.
Therefore, use of the viscoelastic shear-
damping techniques increases the damping in
the fundamental mode of vibration of the circuit
board by a factor of approximately 10 and pro-
vidas a substantial degree of vibration control




‘sTsseyd pros (e)

sisur0d syt ur wstueydaur Jurdwep-ieays d213SeI
_00STA (L% STISSBYD padIep-211SB[3025TA (D) pue *sIsseyd padwep-211se[2028T4A (q)
isessew payeIjuaduo0d jo AJTdIdrjInw B paydwije 2in ydiym uo
sasseys Xoq paduwIeE -21}STI900STA PUR PIJOS I0J §3AINT Anprqrsstwasued ], - g1 "8t g

(2) (9} (0)
(SdD) ADNINDIYA ($d2) ADNINOIY (SdD) ADNINOI¥4
008 004 009 00§ 0or 00€ 4414 00! [ 008 00£ 009 vos 0or. 00¢ 00 001 ) PR} 004 009 00S our 0ot 002 001 0
L - T T 100 T T 100 100
ﬁ ] |
{ 5 ! A,
‘M 1o b \l.{\\/ | ‘o
i i 3 La
- o | = |
1z 4
\ N |1 &
g ¢ w
+ wo 1 M - } 0l W 1 ot
m vigdivw m .
= ONIEWYD 5000 n“.
| - JISYHCITA -— == J
1 =< =<,
|
= |
- SN oL - = - ot — =N
1 4
-~ oroc ,..IIID [n\\ |
1 2
a =) NVII0 #INEOD
T a0 eme0d . Y130 4INEDD -
it 001 oct = 001

ALNIBISSIWSNYL

167



CORNER DETAILS SHOCK RESPONSE

0.G40

A
= VISCOELASTIC
0.005 DAMPING
MATERIAL

jo— VISCOELASTIC
0.005 CAMPING
MATERIAL

Fig. 16 - Transient response time histories for solid and viscoelastic-
damped box chasses employing various corner designs
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Fig. 17 - Transmissibility curves for (a} couventional and
{b} viscoelastic-damped circuit boards installed in plastic
guide rails attached to rigid support structure

tnroughout the frequency range of vibration
excitation.

An equipment-rack vibration isolation sys-
tem used to support four electronic communi-
cations units in a jet aircraft is picturcd in Fig.
18. The isolation system consists of a visco-
clastic-damped aluminum equipment rack, which
is approximately 38-1/2 x 15-1/2 x 1-1/4 inches,
supported by four elastomeric vibration isolators

positioned near each of the four corners of the
equipment rack. The equipment rack supports
four electronic units weighing 220 pounds and
tne total weight of the equipment rack and vibra-
tion isolators is 38 pounds. The cquipment rack
is a box-beam structural fabrication in which
the skin members are viscoelastic-damped
structural plates consisting of two structural
shcets between which is constrained a thin layer
of a viscoelastic shear-damping material.

The major difficulty with the rack-mounting
concept is the resonant structural vibrations of

Fig. 18 - Equipment-rack vibration isolation system
used to support four communications electronic units in
jet aircraft
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the rack that are likely to occur at relatively
low frequencies because of the heavy weight
that the electronic equipment imposes on thc
long thin equipment rack. This problem is ade-
quately solved by incorporating a viscoelastic
shear-damping mechanism in the equipment-
rack fabrication, as indicated by the typical
transmissibility curve for vibration normal to
the plane of the damped equipmerit rack illus-
trated in Fig. 19. The fundamental resonant
frequency of the equipment rack is approxi-
mately 62 cps, and the transmissibility of the
isolation system when the equipment rack is
vibrating in its fundamental mode of vibration
is 0.6. Considerable energy is dissipated by
the viscoelastic-damped rack when it vibrates
at its various resonant frequcncies. There-
fore, thr application of viscoelastic
shear-damping concepts, the communications
electronic equipment is provided with a high
degree of vibration control throughout the fre-
quency range of vibration cxcitation.
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An aluminum electronic chassis used to
house jet zircraft communications electronic
modules is pictured in Fig. 20; the chassis has
the appreximate dimensions 16 x 10 x 1-1/2

inches with a 6 1/2-inch high rear panel, weighs
6 pounds and supports electronic modules weigh-
ing 33 pounds. It was desired to attach the elec-
tronic chassis directly to the jet aircraft sec-
cndary structure, but excessive resonant struc-
tural vibrations of the chassis, when fabricated
from solid aluminum sheets, caused fatigue
failures to ozcur, greatly amplified the accei-
eration experienced by the electronic modules,
and caused the closely located modules to collide
with each other resulting in equipment malfunc-
tion. Clearance was not available for vibration
isolators and a high structural stiffness of the
chassis was required. Therefore, viscoelastic
damped structural stiffeners and gussets were
designced and installed in a conventionally fabri-
cated electronic chassis to reauce the vibration
experienced by the electronic modules.

Typical transmissibility curves are pre-
sented in Fig. 21 for a solid chassis and one
with viscoelastic~damped structural stiffeners
and gussets installed, for vibration normal to
th e of the chassis [11]. Through the ap-
plication of viscoelastic shear-damping con-
cepts, the fundamental-mode resonance-
amplification factor is reduced from 17 for the
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Fig. 20 - Viscoelastic-damped electronic chassis used to
support communications electronic modules injetaircraft
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Fig. 21 - Transmissibility curves
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solid chassis (o 5 for the damped chassis. In
wddition, the high-frequency vibration rcsponse
i the chassis is reduced, thercehy eliminating
he problems of structural fatigue and collisions
retween electronic modules.
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The circular structural plate pictured in
Fig. 22 is used to support the arming-and-
fuzing electronic components in an ICBM mis-
sile. The 1/2-inch thick fiberglaz plate struc-
ture has a diameter of 20 inches, weighs 8
pounds and supports electronic components
weighing 35 pounds. It is bolted at its pcriphery
to the missile structure.

Typical transmissibility curves for vibra-
tion normal to the plane of the arming-and-
fuzing system plate structure are presented
Fig. 23 {11]. The fundamcntal resonant fre-
quency of the solid plate structure is 160 c¢ps
and the resonance-amplification factor is 38.
For excitation frequencies grcater than 300
cps, the transmissibility of the solid plate
structure ranges betwecen 1 and 2 with no no-
ticeable degree of vibration attenuation at high
excitation frequencies.

in

By fabricating the plate structure out of a
viscoelastic-damped plate consisting of three
fiberglas shects between which are constrained
thin layers of a viscoelastic shear-damping ma-
terial, the resonance-amplification factor is
significantly reduced and a substantial degree
of vibration attenuation is provided at high ex-
citation frequencies. The fundamental resonant
frequency of the viscoelastic-damped plate
structurec is 80 cps, the resonance-amplification
factor is 4.6 and vibration attenuation occurs
for excitation frequencies greater than 120 cps.
Because of the viscoelastic shear-damping
mechanism incorporated in the plate structure,




Fig. 22 - Circular structural plate used to
support armiag-and-fuzing electronic com-
ponents in ICEM missile
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Fig. 23 - Transmissibility curves for solid
circular plate structure and viscoelastic- -
damped design
considerable energy is dissipated by the struc- at high excitation frequencies. Specifically, for
ture when it vibrates at its various resonant excitation frequencies greater than 200 cps,
frequencies; for the fundamental mode of vibra- less thun one-haif the amplitude of excitation
tion, the resonant transmissibility is decreased vibration is transmitted to the arining-and-
by a facter of 8 by use of the viscoelastic shear- fuzing electronic components.
damping concept. Furthermore, because of the
reduction of the fundamental resonant frequency A truncated conical fiberglas structure used
and the damping of the flexural vibration waves, to support the arming-and-fuzing electronic
a high degree of vibration attenuation is provided components in an ICBM missile is pictured in
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Fig. 24 - Truncated conical structure used to
support arming-and-fuzing electronic compo-
nents in ICBM missile

Fig. 24. The structure weighs 5 pounds and 100 - —
supports 25 pounds of electronic components P it T j{:
on its top circular surface, which is 1/2 inch sol ] pime o /\] | e T
thick and 13 inches in diametcr. The conical

structurc is bolted to the missile at its bottom
peripheral ring which is 15-1/2 inches in ———
diameter; the height of the conical structurc is 20 TTTTTIT

3 inches, which allows sufficicnt clearance for %{g{"gg@g&ne\
components to be mounted on either side of the |

top surface. : it T i F |

T T Fypical-transmissibility curves for vibra- -
tion normal to the truncated plane of the arming- CONICAL STRUCTURE ST i
and-fuzing conical structure are presented in et '\ / ==
Fig. 25 [11]. The fundamental resonant fre- " L L LALL / | |
quency of the conical structure having a solid / ‘ ,A/
fiberglas top surface is 320 cps and the \
resonance-amplification factor is 36. While 10 — * Y
some attenuation of vibration occurs for exci- - | L i o 4 A n
tation frequencies greater than 530 cps, the ! e 1
transmissibility is 1.3 for the second mode of 051 EEEEE ‘ 1
vibration occurring at 925 cps. R ‘7Y~
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The top surface of the viscoelastic-damped 02+—— i —r——t
conical structure consists of seven fiberglas ‘ Lol
shecets between which are constrained thin lay- | | ]
ers of viscoelastic shear-damping materials. oL y y ¢
The fundamental resonant frequency of the
viscoelastic-damped conical structure is 95
cps, the resonance-amplification factor is 3.6 Fig. 25 - Transmissibility curves for a
and vibration attenuation occurs for excitation solid truncated conical structure and the
frequencies greater than 160 cps. For the viscoelastic-damped design
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fundamental mode of vibration, the resonance-
amplification factor of the structure is de-
creased by a factor of 10 by use of the visco-
elastic shear-damping concept. Furthermore,
because of the reduction of the fundamental
resonant frequency and the damping of flexural
vibration waves, a high degree of vibration at-
tenuation is provided at high excitation frequen-
cies. Specifically for excitation frequencies
greater than 220 cps, less than one-half the
amplitude of excitation vibration is transmitted

to the arming-and-fuzing electronic components.

Viscoelastic damping techniques are being
applied to the design of spacecraft structures to
minimize the amplification of vibration imposed
by booster vehicles at the resonant frequencies
of the spacecraft structures. Successful appli-
cation of viscoelastic shear-damping structural
designs have been made in the fabrication of
spacecraft solar panels, electronic support
structures, and other critical structural
members.

Typical transmissibility curves are pre-
sented in Fig. 26 for a 1/2-scale dynamic model
of a spacecraft structure in which conventional
anrd viscoelastic -damped solar panels are em-
ployed [12]. The spacecraft model tested has
an overall height of 69 inches (including the
spacecraft/missile adapter section) and a lat-
eral diameter dimension of 30 inches. The two
solar panels attached to the spacecraft body are
approximately 20 by 48 inches in plan view with
a thickness of 0.1 inch at its horizontal center-
line tapering down to approximately 1/16 inch
at its tips. The solar panel assembly consists
of a tapered balsa-wood core to which are

CONVENTIONAL
|

TRANSMISSIBILITY

DAMPED

01+

50 100
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Fig. 26 - Transmissibil-
ity curves for 1l/2-scale
dynamic model of space-
craft structure emplov-
ing conventional and
viscoelastic-damped so-
lar panels
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atlached two thin aluminum sheets. For the
conventional solar panel assembly, the alumi-
num sheets are bonded to the wood core with an
epoxy cement, whereas the damped solar panel
is fabricated by bonding the aluminum sheets
to the wood core by a viscoelastic shear-
damping material.

The transmissibility curves presented in
Fig. 26 represent the amplification of vibration
from the bottom of the spacecraft/missile
adapter to the bottom of the hinge line on the
panel transition, for vibration normal to the
longitudinal axis of the spacecraft. A number
of resonances of the spacecraft structure occur

“for frequencies less than 50 cps at which the
resonance-amplification factors are typically
35 for the conventional structure and 5 for the
damped structure. A significant structural
resonance occurs at approximately 80 cps at
which the resonance-amplification factor is re-
duced from 30 to 2 by employing the viscoelas-
tic shear-damping mechanism. The reduction
in vibration response level provided by the
viscoelastic-damped structure design is im-
pressive, particularly in view of the fact that a
weight increase of less than 3 percent results
in applying the viscoelastic damping technique.

SUMMARY AND CONCLUCSCIONS

The basic concepts involved in damping
structural fabrications by viscoelastic damping
materials have been reviewed ard experimental
evidence has been provided to substantiate that
a high degree of vibration control is available
if viscoelastic shear-damping mechanisms are
properly incorporated in composite structures.
Conclusions that may be stated with regard to
the vibration response characteristics of
viscoelastic-damped structures include:

1. A high value of the structure loss factor
can be attained by employing a viscoelastic
damping material having a high loss factor and
obtaining a near-optimum value of the shear
parameter by making appropriate changes in
the cross-section geometry and in the thickness
and amount of viscoelastic damping material
used. A trial-and-error solution is required to
maximize damping inasmuch as different damp-
ing materials may have to be consiaered if the
optimum thickness of the damping layers are
too small or too large from a practical point
of view.

2. A high value of the structure geometri-
cal parameter is required to obtain high values
of the structure loss factor; however, since in-
creasing the value of the geometrical parameter




decreascs the static stiffness of the structure
for a given weight, a compromisec between
damping and stiffness requirements may be
necessary to evolve a satisfactory design.

3. The viscoelastic damping material
should be selected so that its transition region
encompasses the frequency and temperature
ranges of interest in order to obtain high
damping for actual operational conditions.

4. The resonant vibration response of
practical structural fabrications can be de-
creased by a factor of 5 to 10 by use of visco-
elastic shear-damping techniques, as has been
demonstrated in this paper for various types of
structures including electronic circuit boards
and chasses, arming-and-fuzing system support
structures, clectronic equipment racks, and
spacecraft solar panels.
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MATERIAL DAMPING OF ALUMINUM
BY RESONANCE-DWELL TECHNIQUE

N. Granick and J. E. Stern
Goddard Space Flight Center
Greenbelt, Maryland

Material damping has been considered as stress amplitude dependent
in intermediate and high stress levels. In this same stress range, con-
tributions to material damping {rom frequency dependent anelastic
mechanisms have been considered negligible, These conditions are at
variance with the findings of this investigation for the material tested.
The relation between material damping, stress amplitude and frequency
was experimentally examined for aluminum 2024-T4. The test method
used was a resonant-dwell technique with "identical" double cantilever
reeds. Tests were run in air (760 mm, 70 F) and in vacuum (0.2 mm,
70 F) at stress amplitudes up to 20,000 psi and at frequencies from 15
to 1500 cps. Results showed Lhat damping as measured in air was
largely aerodynamic drag and was displacement amplitude and fre-
quency dependent, and damping as measured in vacuum was wholly ma-
terial damping, independent of stress amplitudes up to 20,000 psi and
dependent on frequency. Good correlation with the Zener theory of

thermal relaxation was found.

INTRODUCTION

Damping is an energy dissipative process
manifested during the mechanical vibration ot
structural elements and systems. It is of par-
ticular interest to the dynamicist and designer
whose problems are concerned with the analysis
and development of equipment which must func-
tion successfully and survive in a mechanically
dynamic environment.

The damping of structural systems may be
separated into three general types:

1. Joint damping arising from the friction,
lippage and slapping between joint interfaces;

w

2. Air or fluid damping arising from loss
or transmission of energy to the surrounding
fluids; and

3. Material damping, an internal energy
loss, arising from complex internal behavior
of the material itself.

To design and predict the behavior of
structural systeins with greater accuracy, it is
necessary to have quantitative damping infor-
mation. This report is concerned with the
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quantitative evaluation of material damping of
aluminum. Aluminum was selected for initial
investigation because of its extensive use as a
structural material for spacecraf.. Other ma-
terials will be investigated in tie near future.

NATURE OF EXPERIMENT

Considerable effort has been made in ex-
perimentally determining the material damping
properties of metals subject to vibration. Most
metals investigated have exhibited a nonlinear
dependence of material damping with respect to
vibration amplitudes and, in some cases, have
alse exhibited a dependence on frequency.
Crandall [1] investigated the problem of mate-
rial damping and proposed the following
relations:

~
oL

< (5) @

NOTE: References appear on page 195,




where

material damping coefficient,

w
|

stress amplitude,
vibration frequency (rad),

relaxation time for temperature
equalization in a specimen by
transverse heat flow, and

material constants.

So,n

The frequency dependent term in Eq. (2) was
suggestced by Zener's [2] relation

a? ET wT
4 —_ 3a
€ ( 1+ {”2 72 ) ( )
for a flat beam of uniform thickness
h2c
— 3b
7%k ( )

where
coefficient of linear expansion,
c = specific heat per unit volume,
modulus of elasticity,
absolute temperature,
thickness of cantilever, and
i = thermal conductivity.
From Eqgs. (1) and (2), Crandall derived explicit
rclations for evaluating the specimen damping

cocfficicnt of a cantilever becam at its first modc
rcsonance:

1 n+1
o Rn+1<2_.71_w s ':> )
: Sn 1
or
n_ 1
1 _ +1 1+ 1
=5 /(2. 717E L\ 7oy
g. - R —_— e (5)
? Sa '1) Tewlr? s

mass density of beam material,

acccleration amplitude of beam root,

= first mode resonant {requency,
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R = f (material, mode shape), and
g, = specimen damping coefficient related
to ¢ by
. gR . (6a)
Crandall also showed that
Bt G (6b)
and fur a cantilever
0+ rat )
where
Q = magnification factor at rescnance,

input root displacement at reso-
nance, and

'res = oOutput tip displacement at resonance.
For a given material, geometry and mode shape

R, .y E, S,, n, and 7 are constants and Egs. {(4)

and (5) rcduce to

3

S

=
=
3
=

and

) w(x . v (8a)
i ( ‘1) (1+ ‘1272)
If thc relaxation time - is large such that
272 >> 1, then Eq. (82) reduces to
T 8b)
b = k(2 (
()
where
1
(8c)

Equations (6), (7), and (8b) show that:

1. The specimen damping coefficient can
be determined by measuring the magnification
factor at resonance;




2. The material constant n can be evaluated
by measuring the slope of a log-log plot of &,
vs +/w, for Eq. (7), and ¢, Vs a for Eq. (8b);
and

3. s_ cau be cormputed when n has been
determincd.

A check of Egs. (7) and (8b) against data
taken by Vet [3] showed good correluation of Eg.
(7) for stcel and brass but failed for aluminum,
and good correlation of Eq. (8b) for aluminum
but failed fur steel and brass. Vet's data in-
cluded air damping and probably some joint
damping. To evaluate more accuraiely the
validity of Crandall's proposed relationships,
it was considered necessary to run damping
tests which eliminated, minimized, or accounted
for these external effects. This was accom-
plished by lesting in air and in a vacuum, and
by Geveloping improved test techniques. Details
are discussed in a later section of this report.

TEST SPECIMEN

Test Specimen Geometry

The test method sclected for this investi-
gation was a steady state excitation of a canti-
lever heam by an electromagnetic vibrator.
Before selecting a beam corfiguration, consid-
eration was given to two problems affecting the
dynamic behavior of the vibrating system: joint
damping at the beam-vibrator table interface,
and the gencration cf an undesired rocking mode
on the beam-vibrator table system.

An examinatinn of the single reed canti-
lever, Fig. la, shows that a moment reaction
Mp at the fastener will always cxist and have a
value equal to or greater than the root moment
M!'. The moment My increases the probability
of joint damping. Further, to prevent a rocking
mode, it is necessary that F! 4! = M!'. To ac-
complish this, thc beam must be positioned by
a tedious, time-consuming trial-and-error
process until rocking is eliminated.

An examination of the double reed cantilever
in Fig. 1b shows that if F = F,, M, - M,, and
F, and F, are equidistant from and parallel to
the elastic axis, then My, the moment reaction
al the fastener, vanishes and the probabiiity of
joint damping is reduced. Further, the sum of
the moments (F, d, +F,d, +M, + M,) also vanishes
and thc causcs of rock are eliminated. Thesc
criteria can be achieved by a double reed canti-
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lever becam in which the geometry of both reeds
are identical and where the center of the base
block is located on the geometric center of the
vibrator table. For a well-designed table, the
geometric center is coincident with the eclastic
axis, the cg of vibrator table, and the resultant
electromagnetic driving force. For these rea-
sons, the duubie reed cantilever beam was
chosen for the test beam configuration.

Adequacy of the test specimen depends on
an ability to fabricate carefuily each reed of a
given specimen to the same geomctry in order
to have an identical and symmetrical response.
In practicc, there will always cxist a small dif-
ference iu "identical" reeds duc to manufactur-
ing techniques. To ovcrcome this problem, the
reeds were manually tuned to the same fre-
quency. This was accomplished by exciting the
beam specimen, observing the resonant frequen-
cies of both reeds, then adding additional mass
to the tip of the reed exhibiting the higher reso-
nance until the rescnant frequencies of both
reeds were equal.

The test specimens were designed with
first bending mode resonances in the frequency
range 15 to 1500 cps. Length-to-width ratios
of at least 6:1 were held to minimize the effects
of Poisson's ratic. Rced thickness for some
specimens was varied to determine the eflect
of the relaxation time -. Finally, the root ra-
dius was chosen equal to the reed thickness.
This choice was based on a compromise which
provided a stress concentration factor of only
1.1 with a miror effect on the length and cross-
sectional properties of the beam (Table 1).

Spccimen Manufacture

A numbecr of restrictions were placcd on
the methods used to control material homoge-
neity and finish. For uniformity, all specimcns
were cut from a single bar stock of 2024-T4
aluminum material. Machining tolerances werc
held to +0.001 inch on reed thickness and to
+0.005 inch on reed length and root radius.

Machining of the beams was done in suc-
cessively reduced depths of cut so that final
material surfaces would be as free as possible
of residual machining stress. For examplc, the
last four cuts were only 0.001, 0.001, €.0005 snd
0.0005 inch thick, respectively. The iast opcr-
ation was a hand polish to an 8 rms surfacc
finish. Specimens wcre inspected for conform-
ity with these tolerances prior to test.
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ERRORS
Errors Due to External Damping

Material damping is an internal energy
loss process. To measure its value accurately,
it is necessary to eliminate, reduce, or account
for damping contributed from external sources.

In this investigation, external damping
arises from joint damping, eddy current damp-
ing and air damping. Joint damping is virtually
eliminated by securely clamping the beam spec-
imen to the vibrator table and by eliminating,
through design, conditions which foster exces-
sive loads on the joint. Eddy current damping
arises from the movement of the beam in the
magnetic field of the electrodynamic exciter.

ol
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Tests were run on specimens in which the dc
field current of the exciter was varied from 10
to 40 aniperes. No measurable change in re-
sponse was observed under these conditions. 1t
was concluded the eddy current damping was
negligible in these tests. All subsequent tests
were run at an 8-ampere field current. Air
damping and energy transfer to the air was
eliminated by .esting in a vacuum.

Measurement Errors

It was previously shown that the specimzn
damping coefficient is related to the magnifica-
tion factor at resonance. Therefore, any errors
in producing and measuring the input and output
amplitudes must be eliminated.




TABLE 1
Beam Geotnetry

/

|

o

1 , b
A e L e )
77 ==
h I,
A B
First Mode
Beam | Thickness | Width Length | Radius | Frequency,
Type h (in.) b (in.) a (in.) r (in.) Nominal
(cps)
A 0.100 1.000 14.758 0.100 15
A 0.100 1.000 10.436 0.100 30
A 0.100 1.000 6.832 0.100 70
B 0.100 0.500 4,667 0.100 150
B 0.100 0.500 3.300 0.100 300
B 0.100 0.250 2.161 0.100 700
B 0.100 0.250 1.478 0.100 1500
B 0.050 0.250 2.334 0.050 300
A 0.200 1.000 9.334 0.200 5

The technique employed in this investiga-
tion requires a translational rigid body response
of the beam-vibrator table system in the direc-
tion of the exciting force. The appearance of a
coupled rocking mode on the system presents
two problems in evalualing the relation between
the input excitation and the output amplitudes
of the reeds, and the amount of beam energy
transferred to or dissipated in the vibrator
table support system. The use of the tune:i
double reed cantilever beam virtually eliminated
these problems.

Since material damping is small, a high Q
may be cxpected. From Eq. (6c) it can be seen
that errors in measuring 6, and 5 ., are
critical, particularly with respect to ¢, which
may be orders of magnitude smaller than
The input displacement ¢  was derived by
measuring the input frequency and acceleration
with a calibrated high sensitivity, high signal-
to-noise ratio, accelecrometer-amplifier system.
The system sensitivity was 500 mv/g, the sys-
tem noise level was about 2 mv, and the lowest
measured signal during the tests was about 20
mv for an acceleration of about 0.04 g. The
accuracy of this measurement technique was
about 3 percent of reading. Ripple in the input
displacement was eliminated by energizing the
vibrator field with direct current from storage
batteries rather than by a rectified alternating
current supply.

res’

1€1

Reed tip displacements were measured by
Optron optical displacement followers, a mass-
less noncontacting method of measurement. The
Optrons provided an electrical signal propor-
tional to displacement which perniitted the si-
multaneous measurement and comparison of the
two reed tip motions on a meter-oscilloscope
arrangement. In addition, it was also possible
to compare input and output moticns. The accu-
racy of the Optron measurement sysiem was
about 1 percent of 1ull scale.

Overall Accuracy of Data

Measurements taken during this investiga-
tion were repeatable within 4.5 percent.

TEST TECHNIQUE CRITERIA

Damping and Resonant Frequency
Differences

An analog computer study [4] was made to
determine the effects on reed motion caused by
differences in damping and resonant frequencies
between the two reeds of a given test specimen.
The results showed:

1. A 1 percent danmping difference produced
about a 1-1/2 percent amplitude difference and




no significant phase difference between the two
reeds;

2. A 0.1 percent resonant frequency dif-
ference produced about a 50 percent amplitude
difference and about 60-degree phase angle dif-
ference between reeds; and

3. For ecach reed the phase angle between

Determination of Resonant Frequency

The natural frequencies of the reeds must
be experimentally determined before material
damping data are obtained. During this deter-
mination, it was observed that two significant
frequencies appear: a "notch" {requency at
which the input {root) ampiitude reacied a
minimum for a fixed input force ampliwude, and

input and output displacements rapidly changed
at frequencies very close to the resonant fre-
quency of each reed.

a "peak" frequency at which the output (tlp)
amplitude reached a maximum for the same
fixed force input amplitude (Fig. 2).

The dif-

ference between these frequencies was small.

It was concluded from this study that it is
"~ 'tical {or each reed to have the same natural
irequency if valid data are to be obtained. It also
indicated that the phase angle difference between
the two reeds can be used as a highly accurate
means of tuning the reeds to the same frequency.

It was also observed that large differences in
magnification factor existed when the rceds
were excited at the '"notch' or "peak." This
raised the questions, ""What are the
'peak’ frequencies?' and ""At what irequency do
we excite the test specimen ¥’ i

'notch’ and
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ig. 2 - Magnification factor plot 150-cps
Beam A-10, 0.10 inch thick




To answer these questions, a simplificd
analysis was performed. The following assump-
tions were made:

1. The beam-vibrator table system isa
two-degree-of-freedom system with lumped
parameters.

2. The system is rcsponsive only in trans-
lational modes.

3. Damping is neglected since it is very
small and has no effect on resonant frequencies.

A schematic arrangement of the system is shown
in Fig. 3. The differential equations of motion
for the system are:

m,X, + (k,+ky)x, - kyxy = P, osin wt (9a)
and
my Ry o+ Ry - x) v . (9b)
The solutions to these equations are
2 hY
[ - (2) |,
‘Jb H o
X, 4 r— sin wt
1\ 2 ky L2 ki Ky
b [
L “b _] v ‘2 v
(10a)
and
x ( S— L Po sin .ot
b - I 1. -
5 2][‘ Ky, 27 ky, Ky
e
b _] L v x‘2_J v (].Ob)
My
Beam
ky
" :
Vibrator Table
PO Sin wt ky Xv

Fig. 3 - Model for analysis of beam-
vibrator combination as two-degree-
of-frcedom system
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where

exciting frequency,

natural frequency of the beam,

natural frequency of vibrator
table assembly,

displacenient of m, with re-
spect to ground, and
displazement of m, with re-
spect to ground.

By setting the denominators of Egs. (10a)
and (1.0b) equal to zero, the following expression
is obtained:

',.:2
- 2]
Lt

2
)

+ k—z (1 +
OJb

;
k—)r -4 ’Z'j (11)
“b

Equation (11) identiflies two system resonant
frequencies, each of which is different from ¢
or «,. One of these system resonant frequen-
cies is close to the natural frequency .. This
is the ""peak’ frequency.

It was previously shuwn that Q is related
to the specimen damping coefficientby g_ = 1/Q.
Q is defined as the magnification facter at reso-
nance or the maximum magnification factcr. The
magnification factor ¥ for the beam is

(12)

and

at © = o . It can be seen also from Eq. (10a)
that when « - «, the displacement of the vi-
brator table x, equals 0. Hence, «, can be
identified by the "notch" frequency.

From this it can be concluded that damping
data must be observed when the vibrator table
motion is a minimum. This occursat the "notch"




frequency which is the natural frequency of thc
L2st specimen.

Dctermination of Test Stress Levels

Defining the relation between damping and
stress amplitudes was one of the major objec-
tives of this investigation. The use of strain
gages suggested a simple and cffective method
for measuring the strcsses but was discarded
since it might have introduced additional and
uncertain damping from the adhesive joint and
from the gage backing material. It was decided
that root stresses could best be evaluated by
measuring the dynamic displaccment of a par-
ticular point on the cantilever reed, generally
the tip, and computing the stresscs from the
equations of dynamic displacement {5]:

wi4

1 X X
3, = BET [5 (cosh 1.875‘1—- cos 1.875 T)

<\ 1
-0.368 (sinh1.875 ¥ - sin 1.875 7)~J, (13)

[d2o \ (1.875)2
. )
M EI Loz, (14)
T \dx2 /6_ "
and
M (h 2)
. :
1.76 hE®
12(-% (cosh 1.875 5 - cos 1.875 XY,
L/
- 0.368 (sinh 1.875 X - sin 1.875 %)J
(15)
whcre

« = displacement of cantilcver at a dis-
tance x from the root,

M, = bending moment at root,
. = stress at cantilever root,
reed length, and

h

[t}

reed thickness.

To check the stress
(15) experimentally, scveral of the reeds wcrc
instrumented with strain gages after the damp-
ing tests were run. These were located on the
flat portion of the beam near the root radius.
The reeds were =xcited at predetermined am-
plitudes 5, and thc measured strcsses were

. as computed by Eq.
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observed. The strcsses computed from Eq. (15)
were within 5 percent of these measurcd
stresses. This indicated that the technique of
indirect stress measurement was satisfactory
and reasonably accurate.

FACILITIES AND INSTRUMENTATION

The following are the major items used in
the experimental test sctup:

1. Unholtz-Dickie Vibration Exciter Model
100, with maximum vector force cf 225 pounds
and frequency range of 5 to 5000 cps;

2. Unboltz-Dickie Dial-a-Gain Double In-
tegrator Amplifier Model 610 R;

3. Dc power supply for vibration exciter —
4 Rebat aircraft storage batteries Mndel R-35,
12-volt, 35-ampere-hour capacity;

4. Krohn-Hite Stable Amplitude, Ultra-Low
Distortion Oscillator Model 446, with frequency
range of 1 cps to 100 kc, amplitude stability of
0.01 percent, harmonic distortion of 0.02 per-
cent, and live frequency modulation of 0.01 per-
cent,

5. Endevco Accelercmcter Modcl 2217,

6. Endevco Power Supply »Indel 2623;

7. Endevco Input Amplifier Model 2¢14B;

8. Optron Displacement Follower Model
, power supply Model 702, with frequency
ecponso {lat within 6.01 percent from dc to 3
ke, displacement range of 12 microinches to 2
inches by selection of appropriate lenses, fre-
quency resolution to less than 0.07 percent, and
drift of less than 0.01 percent per hour;

9. Dual bcan: oscilloscope, Tektronic Type
502; and

10. True rms voltmeter, Ballantine Labora-
tories Model 320, with frequency range of S to
5000 ke and voltage range of 100 microvolts to
320 volts rms.

Figure 4 shows the schematic arrangement
of the instrumentation.

TEST PROCEDURE

Application of Optical Tracking
Targets to Test Specimen

Beam specimcens were cleaned with acetone
or trichlorethylene to remove all dirt and oil
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film. Adhesive-backed targets were cut to a Dynamic Beam Balance

height equal to the thickness of the reeds and (Tuning the Reeds)

to a width of 1/8 inch. Four targets were ap-

plied to the tips of the reeds as shown in Fig. After the targets were attached, the test
5. Where the tip amplitudes cf the reeds were specimen was fastened to the vibrator table by
expected to exceed the range of the Optron Dis- four No. 10 cap screws with about 20-inch-
placement Follower, the targets were moved a pounds torque per screw. Two Optrons were
known distance in from the tip. The displace- focused or ""locked on' the targets, one at each
ment of this point is related to the tip displace- reed. The ouiputs of the Optrons were fed into
ment through the bending curve equation. Four a dual beam oscilloscope. The following proce-
symmetrically located targets were used to dure was then performed:

limit urbalance in the reeds.
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Fig. 5 - Location of optical tracking targets
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1. The test specimen was excited with a
low-level {ixed force amplitude through a fre-
quency range of about 5 percent belcw and above
the calculated natural frequency of the reeds.

2. The Optron output signals were observed
on the oscilloscope, noting the frequency at which
each reed reached its maximum amplitude and
the phase angle between amplitudes as cach reed
passed through its maximum amplitude (Fig. 6).
1f the phase angle was zero, the two reeds were
tuned to the same natural frequency.

3. Where a phase angle existed, a trial
mass was added to the tip of the higher natural
frequency reed and Steps 1 and 2 were repeated.

4. 1f a phase angle still existed after Step
3, then by further trial and error, additional
mass was added or some of the previously
added mass was removed until the phase angle
was zerc, indicating that the reeds were tuned
to the same natural frequency. The addition or
removal of mass was determined by the mag-
nitude and shift in the phase angle, Figs. 6band6c.

Initial Phase
Angle ¢,

(c)

Reed 2

The added masses consisted of smali
picces of plastic electrical tape about 1/16 inch
square, symmetrically located on the reed tip
to prevent twist under dynamic conditions. The
masses were placed at the tip where they are
dynamically most effective and where they least
affect the specimen damping.

When the reeds were tuned to the same fre-
quency, it was observed, during a irequency
sweep, that the displacements were in phase and
the peak amplitudes were within 3 percent of
each other.

T'est Run in Air

1. Predetermined root stress levels were
selected at which the tests were to be performed.
For the aluminum reeds, the stresses covered
the range of 5000 to 20,000 psi in increments of
5000 psi.

2. Reed amplitudes at the target lecations
were computed from the root stresses.

Phase Angle
@, < @,

Reed |
"\

{d)

Fig. 6 - Reed tip displacement as seen on dual

beam oscilloscope:

(a) initial condition, Reed

1 lower natural frequency than Reed 2;(b)after
insufficient trial mass has been added;{c)after
excessive trial mass has been added; and (d)
final condition, reeds tuned to same frequency
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3. The accelerometer was attached to the
vibration table adjacent to the base block of the
tuned test specimen. The Optrons were 'locked
on" the reed targets. Instrumentation was
hooked up as shown in Fig. 4.

4. The "notch'" frequency was located by
exciting the test specimen with a very low con-
stant force amplitude.

5. The Dial-a-Gain amplifier was adjusted
until the predetermined amplitude at the target
was obtained.

6. Root acceleration, target displacement,
and excitation (notch) frequency were recorded

as indicated on the rms voltmeter and oscillator.

7. Steps 5 and 6 were repeated for each
predetermined target amplitude.

Test Run in Vacuum

1. A specially designed vacuum chanber
was installed over the test specimen and evac-
uated to 0.2 torr.

2. Steps 4 through 7 were repeated.
RESULTS

Before proceeding with the main part of
the investigation, a study was made to determine

Run No. 2

3

-

*
%" ¢ e

95 Specimen Damping Coefficient x 10

8 1 |

whether a stress limit existed beyond which the
material damping properties suddenly or sig-
nificantly changed behavior. A nominal 70-cps
resonant cantilever beam was tested in a
vacuum through the range of 15,000 to 42,000
psi root stress. The results are shown in Fig.
7, Run 1. Immediately after Run 1, the beam
was tested through the range of 8000 to 27,000
psi root stress. These results are shown in
Fig. 7, Run 2.

From Run 1, it was observed that damping
very slowly increased with stress amplitude be-
tween 20,000 and 35,000 psi but drastically
changed above 35,000 psi. ¥rom Run 2, it was
observed that damping remained consiant be-
tween 8000 and 20,000 psi and noticeably in-
creased with stress amplitude between 20,000
and 27,000 psi. Also, the damping in Run 2 had
permanently increased in the lower stress am-
plitude range after the beam was subjected to
the near-yield stresses of Run 1. As a conse-
quence, tests were limited to stress levels up
to 20,000 psi to maintain the original material
damping characteristics of the beams.

The results of the investigation for alumi-
num 2024-T4 are shown in Tables 2 and 3 and
Figs. 8 through 13. Figures 8 through 10 ar
plotted in accordance wiii1 the log form of Eqg.

(8b):

‘

k
Iog— + (ﬁ) I()g (L,

1

log g

Run No. 1

0 10 20

30 40 50

Peak Root Stress x k psi

Fig. 7 - High stress on beam (Run 1) perma-
nently changes damping coefficient at lower

stress levels (Run 2)




TABLE 2

Damping in Air

Resonant Displacement
Frequenc Beam Root Root Ac- Dcuble Amplitude | .
4 Y Thick- | Stress | celeration ——— 7 LRI
- al ness h o ] Root Tip 2 Coe)i(flclgnl
Nominal | Actua fin.) (psi) ) L% 10 Res (g x 10%)
(cps) (cps) (in.) (in.)
15 15.16 0.100 4800 0.056 4.79 1.02 136 73.4
7200 0.104 8.88 1.54 110 90.6
9600 0.167 14.3 2.05 91.8 109
12000 0.234 20.0 2.56 81.6 122
14400 0.297 25.1 3.07 78.0 128
16800 0.354 30.1 3.58 75.9 132
19200 0.448 38.3 4.09 68.2 147
30 30.18 0.100 4700 0.058 1.24 0.505 259 38.6
7200 0.121 2.61 0.768 187 53.6
9500 0.189 4.05 1.01 160 62.6
12000 0.250 6.23 1.28 131 76.1
14300 0.373 8.02 1.53 122 82.1
14700 0.475 10.2 1.79 112 89.3
19200 0.561 12,1 205 | 109 92.1
70 71.50 0.100 4700 0.0495 0.189 0.215 725 13.8
7100 0.0931 0.356 0.323 518 17.3
9400 0.157 0.594 0.432 465 21.5
11900 0.255 0.977 0.543 355 28.2
14200 0.361 1.38 0.652 302 33.2
16700 0.471 1.80 0.764 270 37.0
19000 0.592 2.26 0.873 246 40.7
150 153.2 0.100 4400 0.0472 0.0392 0.0946 1540 6.50
6600 0.0790 0.0655 0.142 1378 7.26
8900 0.123 0.102 0.191 1190 8.40
11100 0.173 0 144 0.237 1052 9.50
13300 0.237 0.197 0.234 920 10.9
15800 0.333 0.275 0.337 785 12.8
18100 5.428 0.356 0.385 690 14.5
300 306.4 0.100 4700 0.0511 0.0106 0.0505 3030 3.30
7100 0.0890 0.0185 0.0762 2630 3.80
9500 0.130 0.0288 0.102 242 4.13
11900 0.176 0.0367 0.127 2220 4.51
14300 0.242 0.0503 0.153 | 1945 5.14
16700 0.307 0.0639 0.178 1785 5.60
19100 0.386 0.0803 0.204 | 1630 6.13
700 715.8 0.160 4800 0.065 0.00248 0.0221 5680 1.76
7200 0.099 {.00380 0.0331 5550 1.80
9600 C.145 0.00552 0.0441 5100 1.96
12000 0.202 0.00770 0.6552 4590 2.18
14400 0.263 0.0101 0.0661 4180 2.39
16900 0.341 0.0130 0.0776 | 3800 2.63
L 19000 0.407 0.0156 0.0869 | 3560 2.81
1500 1571 0.100 4600 0.056 0.000446 | 0.0098 | 14050 0.712
6900 0.090 0.000710 | 0.0148 l 13300 6.752
9300 0.123 0.000975 | 0.0199 | 13020 0.768
11600 0.158 0.00123 0.0248 | 12900 0.776
14000 0.196 0.00153 0.0298 | 12420 0.805
16300 0.246 0.00195 0.0348 | 11390 0.878
18700 0.303 0.00240 0.0399 | 10620 0.942
70 76.25 0.200 4700 0.0168 0.0565 0.200 2260 4,43
7000 0.0303 0.102 0.297 1865 5.36
9300 0.0483 0.162 0.397 1565 6.39
11600 0.0725 0.241 0.498 1315 7.60
14000 0.100 0.337 0.599 1135 8.82
16400 C.122 0.444 0.699 1000 9.99
18700 0.173 0.581 0.799 880 11.4
300 314.6 G.050 4700 0.158 0.0312 0.0507 1040 9.62
. 7100 0.264 0.0521 0.0762 935 10.7
9500 0.375 0.0739 0.101 8178 11.4
11800 0.506 0.0999 0.126 805 12.4
14200 0.677 0.134 0.152 725 12.8
16500 0.863 0.170 0.177 662 15..
19000 1.11 0.216 0.203 602 16.6




TABLE 3

Damping in Yacuum

Resonant W Displacement
Frequency Beam Root Root Ac- Double Amplitude D :
— Thick- | Stress | celeration e Q COZ;}‘&‘;;%t
mi / . ness h N ; Root Tip cLcler
I\Ic()cpsr;al A(gxl)lé;l (in.) (psi) (e) % 103 Res (6 ~ 157
: (in.) (in.)
15 15.18 | 0.1CC 4800 | 0.022 1.89 1.01 342 | 292
7200 0.0345 2.93 1.53 332 30.1
9600 0.0405 3.43 2.04 379 26.4
12000 0.0510 4.32 2.55 376 26.6
14400 0.0632 5.36 3.06 365 27.4
16800 0.0783 6.65 3.57 342 29.2
19200 0.0833 7.07 4,08 369 27.1
30 30.30 | 0.100 4800 0.0307 0.660 0.510 493 20.27
7200 0.0433 0.924 0.774 535 18.71
9600 0.0560 1.18 1.02 551 18.13
12000 0.0729 1.56 1.29 527 18.96
14400 0.0870 1.85 [ 1.54 532 18.80
16705 0.101 2.14 I 1.79 534 18.73
19300 0.115 2.44 2.06 539 18.55
70 71.60 | 0.100 4800 0.0340 0.132 0.217 1047 9.55
| 7300 0.0520 0.201 0.326 1037 9.64
9700 0.0690 0.266 0.434 1045 9.57
12100 0.0860 0.331 0.546 1052 9.50
i 14500 0.102 0.395 0.656 1059 9.44
l 16900 5.120 0.461 0.766 1060 9.43
' 19400 0.135 0.518 0.874 1077 9.28
150 | 153.2 0.100 | 4500 0.0370 0.0308 0.096 1990 5.02
| 6800 0.0570 0.0474 0.145 1960 5.11
9000 0.0760 0.0632 0.192 1940 5.15
11300 9.0930 0.077 0.240 1080 5.05
13400 0.114 0.0948 0.287 1935 5.17
15800 0.132 0.110 £.329 1565 5.09
, | | 118000 | 0.149 0.124 0.384 | Y80 5.05
300 306.5 0.100 | 4700 | 0.0360 0.0075 0.0497 | 4240 2.36
7000 00554 0.0115 | 2.0751 | 4170 2.40
9400 0.0742 0.0154 | 0.0999 4140 2.42
11700 0.0925 0.0193 0.125 4150 2.41
14000 0.11: 0.0231 0.150 4140 2.42
16300 0.128 0.0267 0.175 4180 2.39
L ] 18800 |  0.150 0.0312  0.201 | 4140 2.42
700 16.2 0.100 4800 | C.0420 | 0.00150 | 0.0218 | 8770 1.14
7100 0.0630 000240 | 0.0326 | 8720 1.15
9400 0.0850 | 0.00323 | 0.0433 | 8570 | 1.17
11900 0.107 | 0.00405 | 0.0545 | 8640 1.16
14300 0.126 0.00476 | 0.0654 | 8770 | 1.14
16700 0.147 0.00558 | 0.0766 | 8770 | 1.14
) e 19200 | 0.169 | 0.00640 | 0.0880 | 8770 | 1.14
1500 1572 0.100 4600 | 0.038 0.000303 | 0.0098 | 20600 | 0.485
6900 0.054 0.co0428 | 0.147 | 21900 \ 0.456
9200 0.071 0.000565 | 0.0197 | 22200 | 0.450
11500 0.088 0.000700 | 0.0246 | 22400 0.446
13800 0.109 0.000839 | 0.0295 | 22500 | 0.445
o . 16300 | 0.130 | 0.00103 | 0.0348 | 21600 |  0.463
70 76.26 | 0.200 4900 0.0095 0.0326 | 0.212 4150 | 2.41
7200 0.0137 | 0.0460 0.310 | 4200 |  2.33
9700 0.0186 0.0625 0.413 4250 2.35
12000 0.0255 0.0856 0.513 3880 2.58
14400 0.0319 | 0.107 0.616 3660 2.73
| 16500 0.0368 0.124 0.706 3650 2.74
| | | 19200 | 0.0453 0,152 0.821 3450 2.90
300 | 314.8 0.050 4500 | 0.126 0.0248 0.0480 | 1228 8.15
€800 0.191 0.0377 0.0733 | 1238 8.08
, 9200 0.257 0.0506 0.0980 | 1233 8.11
11300 | 0.324 0.0639 0.121 1205 8.30
13800 0.38% 0.0763 0.147 1230 8.13
| l 16000 l 0.448 0.0884 0.171 1233 8.11
18400 0.514 0.101 0.197 1240 8.07
| { i
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gs Specimen Damping Coefficient
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Fig. 8 - Damping in vacuum as in air for nominal 70-
cps beam stressed between 5000 and 20,000 psiat roct
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Jamping Coefficient g x 17
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Fig. 11 - Results for five resonant beams of 0.1-inch
thick aluminum tested in vacuum of 0.2 torr
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Fig. 12 - Damping calculated by the ,retical thermal relaxation cquations
vs that measured experimentally {for 0.10-inch thick aluminum beams)
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Figure 8 compares damping for a nominal
70-cps resonant frequency beam as measured
in air at ambient pressures and in a vacuum of
0.2 torr and over the same stress amplitude
range of 5000 to 20,000 psi. The “in air' plot
shows the nonlinear behavior of damiping in air
where the quantity n has a value of 0.78 as
calculated from the slope of the plot. This
compares with C.77 as reported by Crandall[1].
The slope of the "in vacuum’ plot is zero, hence
the quantity n is zero indicating that the damp-
ing in vacuuim is independent of stress amplitude.
It should be noted here that #_ = g where

o [1].

Figure 9 shows the nonlinear behavior of
damping in air for the series of beams tested.
1t shows that damping is frequency and amplitude

n
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13 - g » measurcd on three thicknesses of beams
beams in same

thickness range

dependent. The amplitude dependence appears
to be with respect to displacement or velocity
and not with respect to stress. This is further
revealed on examination of Fig. 10. The non-
linear belizvior then may be attributed to air
damping.

Figure 10 shows the behavior of damping
in vacuum for the same series of beams. The
slopes of all the curves are zero, hence n is
zero and stress amplitude independence is
shown. The damping here is material damping
only and its dependence on frequency is clearly
evident. Figure 11 further shows the independ-
ence ol daniping on stress amplitude and the
constancy of the product g_». Figures 12 and
13 show good correlation with Zener's expres-
sion, Eg. (3a).

CONCLUSIONS

1. A unique, simple and accurate technique
has been developed for meusurine material




damping. Test specinlens and test setup are
shown in Figs. 14 aud 15.

2. Material damping of aluminum 2024-T4
is independent of stress amplitudes up to 20,000
psi and is frequency dependent in the range 15
to 1500 cps.

3. Material damping of aluminum 2024-T4
is independent of stress history at stresses
below 20,000 psi.

4, Material daimping of aluminum 2024-T4
can he quantitatively evaluated by the Zener
relation,

2ET r__‘ N
BTN

[ave,

5. Air damping as observed during these
lesls provides a significant contribution to total
damping and may be as much as 10 times
grealer than material damping.
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EFFECT OF PRESSURE ENVIRONMENT ON
DAMPING OF VIBRATING STRUCTURES

D. G. Stephens and M., A, Scavullo
NASA Langley Rescarch Cenler
Langley Station, Harnpton, Va.

An investigaticn was conducted to determine the mechanism of the air
damping exhibited by rigid bodies of different shapes oscillating in a
pressure environment. Circular and rectangular panels, as well as a
sphere and cylinder, were attached to cantilever springs and the free
decay of an induced oscillation was measured at pressure levels from
atmospheric to 4 x 10°% torr, Data are presented Lo show the effect of
pressure, vibratory amplitude, shape, and surface area on the air damp-
ing of the models. Results indicate that the magnitude of the air damp-
ing may greatly exceed the structural damping of the system. The air
damping associated with the panels is directly proportional to the pres-
sure and amplitude which is indicative of dissipative loads proportional

to the dynamic pressure.

Furthermore, the panel damping was found to
be independent of shape and a nonline
The sphere and cylinder exhibit viscous damping characteristics which
are in good agreement with available theory.

ar function of the surface area.

£

INTRODUCTION

The vibratory response of a mechanical
system is grcatly influenced by the presence of
damping. In most situations this damping re-
sults from the dissipation of energy in such
forms as internal hysteresis, interface or joint
friction, and external or air damping. This lat-
ter form of damping is highly dependent on the
magnitude of the pressure environment and,
therefore, deservcs particular attention in
studying the response of systems designed to
operate throughout a wide range of pressure.
If, for example, the vibration tests of a spacc
vehicle are conducted under atmospheric pres-
sure conditions, the damping level and, conse-
quently, the response will be somewhat differ-
ent from those in the actual operating environ-
ment which involves reduced pressurcs. Thus,
in interpreting and extrapolating the results of
such tests, one must undcrstand and treat the

effect of the pressure environment on the results.

The purpose of this paper is to present the
results of an examination of the nature and mag-
nitude of the air damping exhibited by rigid two-
and three-dimensional shapes oscillating in a
variable pressure environment. Circular and
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rectangular panels, a sphere and a cylinder
were attached to cantilever springs uind the free
decay of an induced nseciliation was studied at
pressure levels from atmospheric to 4 X 10-2
torr. Data arc presented to show the effect of
pressurc, vibratory amplitude, shape, and sur-
face area on the air damping of the models.

APPARATUS

The test program and subsequent data re-
duction were divected toward the isolation and
cxamination of the effects of pressure, ampli-
tude, shape, and area on the air damping of com-
mon shapes oscillating in a direction perpendic-
ular to their principal surface. A study of the
frec decay characteristics was deemed most
expedient for examining the effects of these
variables independently as well as in combina-
tion. The models used i the majority of the
tests are shown in Fig. 1. The discs and rec-
tangular panels with surface areas of 15, 30,
and 45 square inches, as well as the sphere and
cylinder having projected areas of 30 square
inchcs, were subjected to vibration at various
pressure levels and amplitudes within a bell
jar vacuum system.




2-D MODELS 3-D MODELS
2 PROJECTED AREA, |
AREA, IN Nz
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i5, 30 AND 45 30

Fig. 1 - Damping models.

The oscillation was provided by the canti-
lever spring system shown in Fig. 2. The
becam, machined from a single piece of stain-
less steel, had a relatively large foot for mount-
ing to a rigid base plate and a T-section at the
tip for attaching the models. In all cases a fre-
quency of 3.8 cps was maintained by adding small
tuning masses to the T-sectiori. The excitation
was provided by the spring-loaded solenoid.
When energized, the slug imparted a static de-
flection to thc beam and upon removal of the
current the slug was retracted by the spring.
The ensuing oscillation was sensed by a strain
gage attached to the root of the beam. The sys-
tem as shown was enclosea by a bell jar capable
of maintaining pressure levels between atmos-
pheric and 4 x 10-2 torr. Additional tests were
conducted at atmospheric pressure to better de-
fine the dependency of damping on panel area.
Nine rectangular panels having surface arcas
ranging from 12 to 39 square inches were stud-
ied using the beam system described above and,
in addition, three larger panels having areas of
71.3, 128, and 220 square inches were studied
using a larger beam also having a tuned ire-
quency of 3.8 cps.

//BEAM

SOLENOID 7

| —~STRAIN GAGE
i i <DAMPOMETER

} / AMPLIFIER, Y|
— = . t ! !
\ 7 4 7

=5 ) | |

: s

‘BASE PLATE

Fig. 2 -~ Test apparatus
and instrumentation
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PROCEDURE

The damping characteristics of the beam
alone, tuned to 3.8 cps, were studied initially,
followed by an examination of the damping of
the beam-model system. The procedure was
essentially the same in each case. The cham-
ber, when used, was pumped down to the desired
pressure level, and for all but the lowest pres-
sure 4 X 10-2 torr), thc pump was shut down
while the test points were taken. The beam was
then deflected, released, and damping of the
cscillation was measured at various pesitions
along the envelope. The damping was measured
by an electronic dampometcr and specified in
terms of the logarithmic decrement,

X
5 AL log —2 . (1)
n X,

PRESENTATION AND DISCUSSION
OF RESULTS

General

For purposes of this investigation, the
logarithmic decrement is poysically interpreted
as the 1atio of the energy lost per cycle to twice
the total energy [1):

F
aF (2)

For the system under study, the measured
decrements include losses due to the beam
(hysteresis, joint friction, air damping, etc.) as
well as the air damping of the model or

e F e ' , 3)

The air damping attributed to the attached model

., is obtained by subtracting the beam damping
‘F,, 2F, measured in a separate test under iden-
tical conditions, from the total measured decrc-
ment. These decrements are presented in terms
of the variables of interest.

In examining the results, the nature of the
rcsistive or damping forces may be inferred by
comparing the measured decrements to those
calculated for a single-degree-of-freedom sys-
tem subjected to known loadings. If, for exam-
ple, the forces are directly proportional to the
velocity (often referred to as viscous) the energy
loss per cycle AE would equal the work done by
the dissipative force, or

NOTE: References appear on page 203,




E I X dx [ cx dx, @)

¢ =

where the velocity is very nearly

——
[%3]
~

X X, cos ot
if the system is lightly damped. integraling
Eq. (4) and dividing the result by twice the
nlaximum energy of the cycle, or

il 2
x'v‘lxo' - (6)

]
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yields a decrement

Thus, in the case of viscous damping, the dec-
rement is independent of the aniplitude and in-
versely proportional to the frequency.

Likewise, a panel subjected to forces pro-
portional to velocity squared will have a dec-
rement of the form

A o) (8)
3 M

which is a linear function of amplitude and in-
dependent of frequency. These two types of
damping forces, viscous and velocity squared,
are of particular interest because of their com-
mon occurrence in steady state aerodynamics.

Beam Damping

The damping associated with the fundamen-
tal mode of oscillation of the cantilever beam,
tuned to 3.8 cps, is presented in Fig. 3. These
data served as a tare for obtaining the air
damping irom the measured total damping val-
ues. The damping factors, in terms of the
logarithmic decrement -, are shown as a func-
tion of the pressure for several different tip
amplitudes. The tip amplitudes shown are the
average tip displacement during the damping
measurement. In this case, as well as those to
follow, the data poinis represent an average of
five or more measured values. The total damp-
ing associated with the beam exhibits a near-
linear dependency on pressure in the range be-
tween atmospheric pressure and 100 torr. Be-
low 100 torr the damping factors deviate from
this linear pressure relationship 2nd approach
values at 4 x 10~ 2 torr whic* are most probuably
due to the internal hysteresis and joint friction.
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Fig. 3 - Variation of beam
damping with pressure

Total Damping of Beam-Model System

A typical sample of the data, as recorded,
is shown in Fig. 4 to illustrate the magnitude
of the beam demping relative to the total damp-
ing. The total damping recorded for the 30-
square-inch rectangle mounted on the tip of the
beam is presented as a function of pressure and
amplitude. The amplitudes refer to the deflec-
tion of the center of the panel during the damp-
ing measurement and correspond to the beam
tip deflections shown in Fig. 3. It is interesting
to note the significant increase in the system
damping with the addition of ihe panel. For ex-
aniple, an increase in damping by a factor of
approximatecly five is noted in the high-pressure
region. As the pressure is decreased, the val-
ues of damping converge to the values measured
for the beam alone in the low-pressure region.
This indicates that no extraneous damping is
introduced into the system with the addition of
the panel and, thus, the additional damping may
be attributed to the air resistance.
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Fig. 4 - Variation of total damping
with pressure




Damping of Two-Dimensional
Models

Effect of pressure - The dependency of the
air damping on the pressurc environment is
presented in Fig. 5. The air damping, obtained
by subtracting the beam damping from the total
damping at corresponding pressures and ampli-

tudes, is shown for the 30-square-inch rectangle.

The damping factor exhibits a linear dependency
on the pressure, and thus density, throughout
the range examined. A strong dependency of

the damping on the amplitude is also noted, in-
dicating the presence of a nonlinear damping
phenomena. Identical trends were noted in the
other panels of 15, 30, and 45 square inches and
thus these data will be presented in a subsequent
section on area and shape.
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Fig. 5 - Variation of air damping
with pressure

Effect of amplitude - The variation of damp-
ing with amplitude for thc 30-square-inch rec-
tangle is presented in Fig. 6. The trends exist-
ing in this case are again representative of the
results obtained for thc other twou-dimensional
models. For the range of amplitude examined,
the damping is a near-linear function of pancl
deflection. Because of this linear dependency,

the damping is apparently of the velocity-squarcd

type as previously discussed. Thus the resist-
ance force is proportional to the dynamic pres-
sure oU? as would be found in the casc of a
panel immersed in a steady stream of incom-
pressible fluid. It should be noted that an ex-
tension of the faircd lines will not intersect the
origin. It is probable that in the amplitude
range below 0.1 inch, the forces become more
viscous in nature and, thereforc, the amplitude
dependency or slope of the curve is reduced.
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Eifect of shape - The efiuv:cts of panel shape
were examined by comparing the damping fac-
tors associated with the rectangles and discs of
15, 30, and 45 square inches. In Fig. 7 the dec-
rements, measured over a wide range of pres-
sure and amplitude, are presented as a function
of the parameter ox/M, where , is the density
of the air within the chamber, x is the ampli-
tude of the panel, and M is the cffective mass of
the system located at the center of the panel.
The symbols indicatc the pressure levels at
which the measurements were taken. The dec-
rement is a linear function of the parameter
»x/M which is indicative of velocity-squared
damping, Eq. (8). For a particular area,

5 = kpx/M where k is the slope of the curve
associated with each configuration. In compar-
ing the results of the disc and rectanglc, the
slopes of the curve k are seen to be indepcnd-
ent of shape.

Effect of area - As shown in Fig..7, the
damping increases with panel arca but at a much
greater rate than one to one. To examine the
damping-area relationship in detail, nine rec-
tangular panels having surfiace areas ranging
from 12 to 3% sguare inches were attached to
thc beam and studied at atmospheric pressure.
In addition, threc pancls having surface arecas
of 71.3, 128, and 220 square inches were stud-
ied using a larger beam to extend further the
range of area. The results of this study are
summarized in Fig. 8 where the parameter
"M/px (-k) is shown for each area. The data of
Fig. 7 are indicated by the squared symbols.
Results indicate that
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the exponent 4/3 being determined from the
slope of the curve. It appears that within the
range of variables covered in these tests, the
above relationship can be used for obtaining the
variation of air damping with changes in en-
vironment.

Limited tests were also conducted within
the vacuum system using a beam having a tuned
frequency of 21.2 cps and panels with surface
areas ranging from 12 to 45 square inches. Re-
sults of these tests verify the functional rela-
tionship observed in the low-frequency case,
i.e.,

~ K,A‘XA4‘, 3
T .

Pe)

For amplitudes above 0.1 inch, a constant of
proportionality X of 22 appears adequate for

predicting the damping. Below 0.1 inch, the
damping ceases to be a linear function of ampli-
tude, as was the case for the low-frequency data,
and cannot be adequately represented by the
suggested empirical relationship. It may also
be noted that the damping values at these low
amplitudes are substantially smaller than those
associated with the structural damping and it
becomes increasingly difficult to ascertain ac-
curately the true contributions of the surround-
ing air to ihe overall damping of the system.

Damping of Three-Dimensional Models

Sphere - The problem of sphere perform-
ing pendulum oscillations of small amplitude in
an incompressible viscous fluid has been ex-
amined theoretically by Lamb [2]. The deriva-
tion of the resultant force acting on the spheri-
cal surface yields a force component which is
linearly proportional to and in opposition to the
velocity as follows:

1 1 )
X = 3mpadw (—?;; + }"2 ;) U, (9)

X = force in opposition to velocity,

p» = mass density ot tiuaq,

B
n

radius of spherec,

circular frequency of oscillations,

( ‘,/21/) 1, 2!

\..
It

kinematic viscosity, and

U = velocity.



When substituted into Eq. (7),

me T

e . o7 (X
Mo Mw \U) ()
The resulting decrement is

372 pa3d /_1 1

R = ) . (11)

The validity of this relationship is shown in
Fig. 9 where the damping of the sphere, meas-
ured at several amplitudes, is presented as a
funetion of pressure. The data are independent
of amplitude, proportional tc the square root oi
the density and are in good agreement with the
theorelical curve.
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Fig. 9 - Variation of air
damping with pressure

Cylinder - A similar theoretical treatment
for a cylinder has been presented [3]. The
viscous damping force for a cylinder of high
length to radius vibrating normal to its length

1S
2
X a? pl <—"—
Ba

where a and | are the radius and length of the
cylinder, respectively. The resulting decre-
ment for the cylinder is

2',12/1 24 1
M Ba 22) 7

The theoreticul results are shown in Fig. 10,
along with the data measured for the cylinder.
In the region of low amplitude, the theory is in

\ L
") Y (12)

(13)
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excellent agreement with the experimental re-
sults. At higher ampliludes, however, the dec-
rement appears somewhat high, possibly due to
end effects or flow separalion.
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Fig. 10 - Variation of air
damping with pressure
CONCL.USIONS

Witliin the range of variables considered in
this investigation the following conclusions are
noted:

1. For syslems having a relatively large
area-to-mass ratio, the magnitude of the air
damping may greatly exceed the damping attrib-
uted to all other sources. Values of air damp-
ing, an order of magnitude greater than thc
structural damping, were observed during these
tests.

2. The damping factors associated with
vibrating panels exhibit a near-linear depend-
ency on pressure and vibratory amplitude,
which indicates the presence of velocity-squared
damping or, more specifically, damping forces
proportional to the dynamic pressure.

3. The damping factors associated with
panels were found to be independent of shape
and proportional fo the product of the density,
amplitude, and area raised to the 4/3 power,
divided by the vibratory mass, i.e.,

KoxA* 3
=

4. The damping factors associated with the
sphere are esscntially proportional to the square
root of the density, independent of vibratory




amplitude, and in good agreement with available those predicted by viscous theory. At higher

theory based on viscous damping forces. amplitudes the damping exceeds theoretical
. predictions, possibly due to end effects or flow
5. At low amplitude the cylinder exhibits separation.

dawmnping factors in excellent agreement with
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DEVELOPMENT OF HIGHLY DAMPED
SUBMARINE MACHINERY FOUNDATION

E. V. Thomas
U.S. Navy Marine Engineering Laboratory

The machinery used iu ships generate vibrations which may be ampli-
fied due to coincident foundation resonances.
control are often not adequate. The use of highly damped steel-
viscoelastic laminates in a design effectively utilizing the damping is
discussed. A shear damped foundation leg is also discussed. Measured
attenuation of transmitted vibration by a foundation is presented.

Present measures of

INTRODUCTION

The design of a shipboard machinery foun-
dation sufficiently damped to attenuate machir-
ery vibrations of mounted equipment is rather
difficult when the influences of associated dy-
namic environments entering the design are
considered. Three methods are used to reduce
vibratory energy transmitted from the machine
through isolation mounts and foundation struc-
tures to the hull where it is transformed into
acoustic energy and radiated into the sea:

1. The foundation design is changed to
alter resonant frequencies so that they do not
coincide with major forcing frequencies pro-
duced by mounted machinery;

2. The foundation design is changed to in-
crease its dynamic stiffness to increase effec-
tiveness of the isolation mounts; and

3. A damping treatment is applied to the
foundation to cause losses of resonant vibratory
energy by transformation to heat.

A major factor in the design of the machinery

mounting system in the submarine environment
is its response and resistance to dynamic shock
loading, such as that produced by depth charges.

PRESENT APPROACHES TO
PROBLEM

A look at the three control methade in a lit-
tle more detail reveais the probleins invelved
with each method. Resonant frequency coentrol
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is a rather cnmbersome approach. The time
involved, accuracy required in prediction of
foundation resonances, and previous knowledge
of the machine's vibratory frequency response
are all involved. Increasing dynamic stiffness
of the foundation to increase the effectiveness
of an isolation mount is a good method of con-
trolling the vibratory energy transmitted to the
foundation through the mount and of increasing
shock resistance. But the method suffers from
the disadvantage that it also tends to increase
the frequency of the first resonance of the foun-
dation into the range of frequencies more sus-
ceptible tc detection, Application of 4 damping
treatment to control the magnitude of foundation
resonances suffers because of the total weight
of damping treatment required to control it to
an acceptable value. The combination of in-
creased stiffness and a damping treatment is
often used, but it necessitates a much greater
damping capacity for resonance control due to
the effective spring-dashpot ratio required for
sufficient damping.

Originally it was feit that a machinery
foundation could be effectively designed with
laminated steel-viscoelastic plates having a
high inherent damping capacity in place of the
conventional welded steel foundation. An ex-
perimental study using riveted laminated plates
was conducted. Using conventional design tech-
niques with laminates yielded a foundation which
had high inherent damping in the plate areas
around the isolation mounts, but it was offset
by a higher-mass-stiffness ratio in the I-beam
sections. The total amount of force transmitied
to the hull was aboutl the same as that in the
welded steel foundation. This effect is assumed




to be due to shear damping in laminates, a
uniplanar action, while machiacry foundations
are excited in a minimum of three planes.
Laminated plates characterized by high damp-
ing are inherently weak in the direction of
loading where the damping is most effective,
This requires laminates to be thicker in
cross section than a conventional steel plate
used in foundation construction for a

Fancot
;
. D
HIGH SPRING HIGH DAMFING R,
CONSTANT K,
—
VERY LOW LOW SPRING
DAMPING R, ) CONSTANT K,
Fsinet

Fig.

Fig.

2 - Welded steel submarine
machinery foundation
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comparable strength. Most machinery foun-
dations use angle, i- or WF-beam, box beam,
cr pipe configurations in load-carrying mem-
bers for structural strength. If highly damped
laminates are fabricated in any of these
shapes, the laminate is prevented from bend-
ing in its damping uniplane by the other
stiffer members (Fig. 1), with the result that
damping is local and ineffective.
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/
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e
TR,

1 - Welded steel and laminated I-becam and analog model

PRETWISTED- LAMINATE
APPROACH TO FOUNDATION
DESIGN

The problem is resolvable for one founda-
tion configuration (Fig. 2) by utilizing a set of
pretwisted laminated beams as torsionaliy
loaded miembers. I the pretwist is in the op-
posite direction to that of the load, a significant
strength can be designed into the foundation.
This method of pretwist greatly increases the
shock-loading strength of the foundation by
causing the shock pulse to be taken primarily
as a tensile load on the steel of the laminates.
The torsional loading of the laminates also in-
creases the damping in the pretwisted member
by increasing the length of the active shear
plane in the visccelastic material.




Studies of a model pretwisted meinber in-
dicate attenuations of foundation resonances
compared to bare steel structures of from 38 db
at the first resonant frequency of the models,
to 55 db at the third resonance for vertical ex-
citation. With the member under horizontal
excitation, attenuations of 43 db at the first
resonance and 62 db at the third resonance
were measured. These measurements were
made on a force-ratio basis using mechanical
impedance measuring techniques. The model
is pictured in Fig. 3. In addition to the torsion-
ally loaded laminated beams, the damped foun-
dation design incorporates legs constructed as
a pipe-within-a-pipe supported by a viscoelastic
adhesive. These members act as axial damp-
ers of vibration transmitted from the torsional
bears to the hull.

A full-scale machinery foundation has
been fabricated and installed on the Marine

R

system is simplified to a number of two port
systems and each transfer imp.dance

ZT E(lrivn point (1)
vhu“

is measured as is the hull driving point imped-
ance, and

Fhat (2)

z
hull D
vhull

if these hull driving point impedances are di-
vided by the transfer impedances, the quotient
becomes a force insertion factor or force ratio
due to this vibration path of the foundation:

v Pratt - Vo~ Frun (3)
vhull F(lriv Fflrivc !
point point
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Fig. 3 - Omnidirectional damped foundation model

Engineering Laboratory submarine hulk for
evaluation. The installed foundation is shown
in Fig. 4.

EVALUATION OF FOUNDATION
ATTENUATION

Foundation force amplification curves due
to resonant frequencies of the foundation were
measured by mechanical transfer impedance
from each isolation-mount attachment point to
each foundation-hull attachment point. The
mechanical point impedance of the submarine
hull was measured at each point of attachment
of the foundaticn to the submarine hull. If the

Fig. 4+ - tiighly damped submarine
machinery foundation




If these paths and drive points are then com- EXPERIMENTAL FOUNDATION

bined by summation, a total foundation insertion ATTENUATION
or a:nphﬁcatlon factor can be plotted for each The overall insertion factor for the X-axis
1nput. excitation (Fig. 5) shows an average attenuation
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of 20 db up to 200 cps and an increase in atian-
uation of 6 db per octave to 5000 cps. Specific
resonant peaks of §-di attenuation at 37 cps,
-1 db at 58 cps, and 4 db at 190 cps are due to
torsional beam resonances of the foundation.

The insertion factor for the v-ax:s excita-
tion (Fig. €) shows an average altenuation of
14 db up to 1C00 cps and an increcase of 14 db
per octave to 5000 cps. Specific resonant peaks
of 2 db al 58 ¢ps and 1 db at 140 cps are due to
torsicnal beam resonances of the foundation.

The insertion factor for the z-axis (Fig. 7)
shows an average attenuation of 19 db up to
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130 cps and an increase of 6 db per octave to
2000 cps and an average attenuation of 46 db to
5000 cps. A specific resonant peak of 4 db at
93 cps is due to a bending resonance of both
torsional beams.

CONCLUSION

The pretwisted-laminate design solves just
one of a great number of foundation-design
problems involved in silencing machinery.
Some insight into the unconventional design
techniques required to attenuate machinery
vibration is gained.




DESIGNING STRUCTURES FOR ACOUSTICAL
AND VIBRATION ENVIRONMENTS

R. P. Thorn and G. E. Warnaka
Lord Manufacturing Company
Erie, Pennsylvania

—

Structural resonance is an undesirable condition which exists when a
discrete frequency or broadband disturbance excites natural modes of a
structure. A resonant condition is characierized by large motions with
proportionately high acceleration loads or excessive stress levels re-
sulting in equipment malfunction or fatigue failures, Resonant panels
can also radiate acoustical energy which may be harmful to other
structures or human beings. Designers of equipment for military ap-
plications must consider the response characteristics of platcs, beams,
and common structural elements since broadband :.zoustical or
structure-borne excitation will be encountered.

Controlled structural response characteristics may be provided by
constrained and unconstrained layer damping treatments. Accurate and
easy to use design curves are available to assist in the practical appli-
cation of these materialis. Acouctical transmission loss properties and
many other attractive characteristics may be obtained from properly
decigned composite structures., A typical application of these design
principles to a sensitive electronic device subjected to acoustical and
vibration excitations is discussed.

Composite structures can provide many useful properties and have been l
successfully applied to many military applications. Response proper-

ties including amplitudes, stress levels, and natural frequencies of
composite structures can be accuratelv predicted and applied directly
to practical design problems.

Structural resonance is an undesirable con-
dition which exists when a discrete frequency
or broadband disturbance excites a natural
mode of the structure. Resorant responses can
be excited by high-intensity acoustical energy
or by mechanical vibration of the structure. A
resonant condition is characterized by large
motions with proportionately high acceleration
loads or excessive stress levels resulting in
premature fatigue failure. Equipment mounted
on or near resonant structural members may
malfunction due to excessive motion or g-loads
and may fail due to excessive stress levels.
Further, resonant panels may radiate acousti-
cal energy which can be objectionable to equip- 2.
ment, other structures or human beings.
Equipment designed {or the dynamic environ-
ments encountered in military applications must

broadband acoustical or structure-borne exci-
tation will excite resonant modes in these
structural members.

Present design effort is usually based upon
the following sequence.

1. Rigidization — The structure is designed
so that all resonances are outside the expected
range of excilation frequencies, or the various
resonant frequencies are separated by a large
enough frequency spread so that possible inter-
action is reduced to acceptable levels.

Twuggedization —- After tests show that
the rigidization has not succeeded, the design
is beefed up to eiiminate or reduce to accept-
able levels structural failures due to fatigue

consider the response characteristics of plates,
beams, and common structural elements since

and to limit motions where they are exces-
sive.
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3. Isolaiion or Control of the Environment
By Mountings — When tests of the rigidized and
ruggedized design fail to produce satisfactory
results, isolaticn is considered to reduce the
vibratory levels, particularly in the high-
frequency region, and to control the expected
shock loads. A typical example of the effective
control of system response is shown in Figs. 1
and 2.
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4. Control of Structural Response — If dy-
namic performance requirements are exception-
ally critical or if isolators cannot be effectively
applied, then control of the structural rcsponse
by energy dissipation methods is the only re-
maining practical design innovation.

To establish the need for damping in struc-
tures, it is necessary to understand how a sim-
ple mechanical system responds to a variable
frequency mechanical disturbance. Fortunately,
even complex siructures can usually be reduced
to an equivalent single~degree-of-freedom
spring-mass system such as shown in Fig. 3.
For low-frequency excitations, the motions of
the mass slightly exceed the input motion. As
the frequency of excitation increases, an infinite
response is reached at resonance where the
input frequency matches the natural frequency
of tiie spring-mass system. This natural fre-
quency may be calculated directly from the

formula
; 1 /K eff.ect'\ve_ ‘ 1)
n 271 M equival ent

Where K effective is the effective spring rate
acting in the system and M equivalent is the
equivalent mass acting for the mode under con-
sideration, above resonance the response de-
creases until the mass motion is a very small
percentage of the input disturbance. Hence,

any mechanical system acts as a low-pass
filter and the response is shown in Fig. 4,

Even for a simple structure, many natural fre-
quencies exist. Fortunately, a 1air approxima-
tion of the total system respense can be chinined
by considering the system as a number of sim-
ple single-degree-of-freedom spring-mass
combinations. The design of structures exposed
to mechanical vibrations or dynamic loads now
logically becomes an investigation of the re-
sponse at the resonance or resonances of the
complex structure. At resonance, the system
motions will be the greatezt; hence, the
stress levels and loads will be maximum.

fo ﬁ\/—%_

Fig., 2 - Natural frequency is frequency
of free vibration in system or structure
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At resonance, the mechanical energy being
fed into the system is effectively stored by the
spring-mass combination. The infinite ampli-
tudes suggested by the response curve do not
occur instantaneously but take a finite amount
of time to build up. Hence, a small amount of
energy can result in a considerable amplitude
if it acts for a long period of time., It follows
that any interruption of this energy flow would

result in a limiting of the amplitude of response.

Structural damping is a method for dissipating
energy at resonance and may be represented
simply by the schematic shown on Fig. 5. The
simple system response is now modified as
shown in Fig. 6(a) where the amplitude at reso-
nance is limited and is equal to 1/2(C/C.) or

1 n. The complex system response would then
be as shown in Fig. 6(bj. (C is the damping
constant, C_ is the critical damping and ~ is
the loss factor or composite loss factor.)

MASS 3
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_SPRING llléﬁﬁﬂl
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Fig.5-Damper controls motion of
single-degree-of-freedom system

at resonancc
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The analogy may be extended directly to
plates and beams where the Ritz equation
alpha / El

27 p AL?

alpha
n 27

/’—I\; effective

V M equivalent

2

—

213

where E is Young's modulus, I is the moment
of inertia, and » is the mass density, can be
used to determine the natural frequency for the
various bearn and plate modes shown in Figs. 7
and 8. If the natural frequency of a structure
can be determined, and the response of that
structure predicted 4t resonance, then a ra-
tional approach to the design of cuntrolled re-
sponse structures can be made.
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How can damping be incorporated effectively

Fig. 7 - Mode cons:iants, mode shzapes and node locations for uniform

-section bearns with varicus combinations of support [1]

into structural designs? Two broad categories,
constrained and unconstrained layer damping,

A constrained layer damping material

NCTE: References appear on page 219,

consists of a composite laminate made up of a
damping or core material sandwiched between
skins of structural material in a three- or
multi-ply layer. A typical three-ply construc-
tion is shown in Fig. 9. The damping action is
a direct result of shearing of the viscoelastic
core material as the laminate is flexed. The
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Fig. 8 - Natural frequencies and nodal line of
square plates with various edge conditions [2]
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Fig. 9 - Integral damping: damping material
applied between laminates of beam or plate

amount of damping obtained is a function of the
material properties of both the skin and the
damping media, the geometric properties such
as size and shape, and other factors such as
excitation frequency, strain, and temperature.
The complexity oi these relationships has been
well documented {3.4].

By proper design techniques and choice of
damping materials, it is possible to obtain con-
strained layer damped structures which pre-
serve the structural integrity of the composite
yet have predictable response characteristics
over a broad frequency range. Prediction of the
response characteristics of a simple three-ply
laminate may be made directly from Fig. 10.
This is a plot of composite loss factor and char-
acteristic mode number - vs freguency param-
eter. The characteristic mode number describes
the mode under consideration and the controlling
dimension of the beam or the plate. It is seen
from this curve that any three-ply or constrained

layer treatment is frequency sensitive and the
laminate must be designed so that maximum
da_nping occurs near the critical resonant
modes. Fortunately, the effective band spread
of such laminates is in excess of one decade in
frequency. Hence, effective darnpiug over a
i00 to 1 ke range is easily obtained. By proper
choice of the damping material, it is possible
to limit structural resonances to 10 to 1 or
less and to maintain or increase the dynamic
stiffness of the laminate compared to a solid
structural material. Design techniques similar
to the data shown on these curves are available
which will allow for the accurate allowable pre-

diction of composite laminate properties.

An unconstrained or iree iayer damping
treatment consists of a simple two-ply con-
struction as shown on Fig. 11. For this method,
a very highly damped material is applied di-
rectly to the structure to be controlled. Com-
posite damping is obtained by the alternate
extension and compression of the damping lay-
ers as the structure is flexed. As with the
constrained layer treatment, the effectiveness
depends on forcing the damping material to
move and dissipate energy. For sucha com-
nosite laminate, the overall loss factor is equal
to

2
3+ 6H, + 4l,

2 o Hy S

1+ e Hy(3+6H,+4H, )

(3)

where ’, is the loss factor constrained layer
material, e, is Young's modulus constrained
layer material, and H, is the thickness

L LT | L na=1.000
| |-h,=0625
Rotio B, Skin = _
ALUMINUM {1000~ 020 . hz=0500
SKINS | 625  .032 .
500  .040 .
Fig. 10 - Loss factor 7 and characteristic

mode value a/a?
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constrained layer material. From this expres-
sion, it is apparent that a stiff, highly damped
material is essential for an effective damping
treatment. A typical effective material would
have a Young's dynamic modulus E’ of 10° and
a loss factor 7, in excess of 1. Prediction of
the composite loss factor is obtained simply
from the following curve which plots loss factor
vs relative material thickness (Fig. 12). Unlike
the constrained layer treatment, the uncon-
strained treatment is not basically frequency
sensitive and will effectively suppress reso-
nances over a broad range of frequencies as
long 25 the mode results in some motion of the
damping material.

This suggests the use of a partial coverage
for the control of specific modes. In a circular
plate which has many possible mode shapes, the

T —

Fig. 11 - Additive dampirng: damping ma-
terial applied to surface of beam or plate

Loss
Factor(f}

al

A 4
(o} 1.0 the)

Relative Thickness

Fig. 12 - Damping compound DC-400-1
results at 80°F and 75 cps

predominant modes are the first two modes, the
first mode being the diaphragming of the plate
and the second mode having one nodal diameter.
These modes suggest a partial treatment as
shown on Fig. 13. The result of this treatment
is almost as good as the total coverage of the
entire plate.

Fig. 13 - Circular plate
fixed in center

| NODAL DiA

Fortunately, laminated materials also ex-
hibit attractive acoustical transmission char-
acteristics. By proper design, it is possible to
construct 2 laminate given by the equation

Cy = 12('B—>14' L

m

where « is the excitation frequency, B is the
bending stiffness of the composite and m is the
mass density per unit area. If this spced of
propagation is kept below the speed of sound,
then the composite structure will act as an ef-
fective acoustical barrier and provide attenua-
tion levels in accordance with a theoretical
limp mass given in Fig. 14.

We will consider a typical state-of-the-art
electronic device which is to be exposed to the
following vibration levels: sinusoidal 3 g peak
limited to 0.40-inch double amplitude sweep
from 5 to 2000 to 5 cps at 1 octave/min, and
random 0.2 gZ/cps from 100 to 1000 cps with a
12 db/octave rolloff beiow 160 and above 1000
cps. The device is a cube, tw ) feet on the side,
and is resiliently supported on isolators in a
center-of-gravity suspensicn system. It has
been established that high acoustical energies
are being transferred through the equipment
covers and exciting structural resonances which
cause component malfunction. In addition, the
residual vibraticn being transmitted through the
isolators is also causing excitation of structural
resonances and contributing to component mal-
function. The design task is to provide a re-
placement for the present structural covers
to provide proper acoustical transmission loss
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Fig. 14 - Sound transmission loss
of limp wall barriers (mass law)

and to introduce sufficient damping to control
the potential major structural resonances which
may occur.

The cover panels of the device were initi-
ally made of 0.020-inch thick magnesium skins.
These skins satisfactorily fulfilled the-required
mechanical function of keeping out foreign mat-
ter. However, they were not oble to exclude a
sufficient amount of the high-intensity noise
which was found to be partly responsible for
malfunctior of the device.

The most apparent method of increasing
the attenuation of sound transmitted through the
panels is to increase the weight from 0.19 to
1.73 Ib/sq it in accordance with the "random
incidence mass law." This classical method of
determining the transmission loss of a struc-
ture considers the inertial resistance to motion
due to the distributed mass of the siructure for
randomly incident sound waves. Unfortunately,
the mass law is based on the assumption that
the structure is limp that is, the distributed
stiffness is assumed to be negligible. Modern
structural design has, for obvious reasons,
attempted to maximize stiffness-to-weight
ratios. The result has o’ten been that the tra-
ditional mass law approach has been found to
be inadequate [5]. This dgifficulty may be read-
ily understood by recallitng that distributed
systems have a theoretically infinite number of
resonances and that at resonance, motions be-
come very large because of the interaction be-
tween mass and spring. In short, a structure
is not mass controlled at resonance. There-
fore, the acoustic transn:ission loss predicted
for a mass-controlled structure cannot be
realized.
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Typical lightweight structures with normal
edge fastening have mechanical Q's between 50
and several hundred. To approach mass law
response, the Q should be small. For the pan-
els in question, it was decided to reduce the
Q's to five or less by bonding an unconstrained
layer of highly damped plastic to the existing
panels. The material chosen, afier considzsra-
tion of the temperature environment of the de-
vice, was DC-403. Eq. (3) indicated that a
0.035-inch thickness of DC-403 was required to
suppress the Q's to five. DC-403 weighs only
95 1b/cu ft so that the total panel weight is still
only 0.49 1b/sq ft, not enough to give the re-
quired transmission loss. To complete the
weight requirement, a 0.07-inch thick layer of
DC-100, a soft, high-density polymer, was ad-
hered to the layer of DC-403. The resulting
three-layer composite panel provided the re-
quired transmission loss as shown in Fig. 15.
This panel provided a relatively quick "fix" for
the acoustic transmission problem.,

A second generation treatment was thought
to be desirable. In most instances, the treat-
ment already described would be completely
satisfactory, but certain handling problems
were anticipated because of the exposed surfaces
of relatively soft materials. A three-ply lami-
nated panel with aluminum skins and a core of
high-density, moderately damped polymer was
designed. Again the panel was carefully de-
signed to give the sound atienuation expected
from a limp mass.

It is known that the rigidity of a three-ply
laminate varies between two limiting conditions.
Under static loading the skins are closely cou-
pled by the core and the flexural rigidity B is
given by
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where E is Young's modulus of the skins, d is
the core thickness, t is the skin thickness, and
is Poisson's ratio for the skin material.

At very high frequencies, the skins are de-
coupled by the compliance cf thc corc material
and the flexural rigidity is [4,5]

— (6)
12 (1 -3

The transition between the twc limiting
cases occurs at intermediate frequencies when
the properties of the elastomer (which couples
the skins together) control the laminate re-
sponse. That is, the compliant properties of
the core become evident as the frequency is
raised and the skins gradually become decou-
pled. Thus, a laminated panel has a frequency-
dependent stiffness which decreases with fre-
quency. The amount of decrease and the range
of transition depend on the limiting values of
stiffness and the properties of the core. These
characteristics permit the design of laminated
panels which have excellent acoustical perform-
ance. At low frequencies, a panel may have the
high stiffness necessary for mechanical func-
tions. In the important acoustical frequency
range, the panel can be designed so that its
stiffness decreases with frequency. Conse-
quently, the acoustical attenuation will be in
accordance with the mass law.

The total design fur reduction of aconustical
and vibrational levels was completed by

tical muffler to provide a transition for the
cooling exhaust air to the high noise environ-
ment and an unconstrained layer damping treat-
ment for the major structural frame which
surrounded the equipment (Fig. 16).

N

MAIN
STRUCTURAL
MEMBER

STRUCTURAL FRAME
WITH
LIGHT SHEET METAL COVERS

Fig. 16 - Assembied device

The design goal was a 30-db reduction in
noise level across the frequency range from
1500 cycles to 10 kc. The resalts of tests on
this design are shown on Fig. 15. Vibration
tests were also run and show a considerable
improvement in performance across the fre-
quency spectrum (Fig. 17).

The results i these tests clearly indicate
the effectiveness of properly designed damping
treatments. Constrained layer treatments have
been used effectively for the past several years
in aircraft and missile substructures where
reliability, weight, strength and fatigue life are
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Fig. 17 - Frequency analysis
of acceleration of internal
circuit board excited acous -
tically i 62.5 to 125-cps oc-
tave band

important factors. Three-ply laminates have
been used effectively for panels and shelves for
electronic enclosures and mounting bases and
multi-ply laminates have been very effective as
replacements in new designs for heavy castings,

cooling plates and shelves for both missile and
aircraft applications. Most common structural
materials can be used in conjunction with 2
wide range of viscoelastic damping materials
for satisfactory dynamic performance. Struc-
tural integrity can be maintained with little or
no weight penalty and predictable resonant re-
sponse is possible with properly applied con-
strained layer treatments.

Unconstrained layer treatments have been
used successfully on ship hulls, submarines,
aircraft skins, business machine enclosures,
enclosures for machincry, and devices in popu-
lated areas where controlled structural re-
snonse and contrel of noise is important. The
ease of application of these materials makes
them particularly attractive for large surface
treatments. Properly designed damping trecat-
ments represent an effective tool for improved
structural design. If reliability, pcrformance,
weight, or cost are problems, damping materi-
als may offer a quick and effective solution to
a struclural design problem.
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Section 3
FIXTURE DESIGN

EQUALIZATION AND FIXTURE DESIGN*

R. M. Mains
Advanced Technology Laboratories
General Electric Company
Schenectady, New York

The impedance relationships between the black boxes in a test-article
test-fixture-exciter arrangement are developed and used to obtain some
rules for test monitoring and fixture design,
tion is also discussed in terms of impedance relationships.
vehicle impedance relationships are compared to test arrangement re-
lationships,. and some interesting parallels are observed.

The problem of equaliza-
Service

GENERAL RELATIONSHIES

The subject of equalizatiun of a test con-
figuration is one of the most controversial is-
sues in the field of shock and vibration. To
discuss what may be proper or improper equal-
ization, let us first examine the impedance
relationships involved [1] as illustrated in Fig.
1. For cur discussion, we will define the ele-
ments at interface 1 as the sensitive or critical

elementis in the test article whose motions are
of concern, and which are not loaded by applied

external force. Therefore, f, = 0 and we wish
to relate v, to the remaining functions. In im-

pedance terms [2,3] then

NOTE: Rcferences appear on page 225.

7] fzzzs Zy; v,
= ‘ | Fixture
E Lzzz Z.mz_l L"s
fa 2334\\‘ E Exciter |,
in which

..,
1}

force vector,

<
1]

velocity vector,

TEST
ARTICLE

-

|
'_.fu
L -

9

Z; = impedance matrix,
SIXTURE EXCITER
fa I f3
E
Vo b—a V3

Fig. 1 - Test arrangement

#This paper was not presented at the Symposium.
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(2)
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= transfer function, voltage to force
(3], and

E = veltage input to exciter system.

If we set f, - 0, in accordance with the as-
sumption that the critical elemenis do not have
external load applied, then f, can be eliniinated
from Eqgs. (i) and (2) to give:

[0 Ziis Zys M
| @
tfs Z3v Zaz | Vs
in which
Zyss t 2y, - %, BZy,
Zys - Z,BZy,
731 - 73,BZy;
Z35 t Zys0 7 Z3p B2y,

Equetion (4) can he solved for v, ir terms of

cither v, or f, alone, to give
i
Vi 75523V, (5)
or
1 1 . lf 6)
¥ '2113213('2312113213 ‘ 2331) 3
Similarly, Eq. (1) can be solved for v, interms
of either v, or f, alone, as
i -1
Vi “Z122y,Y, (7)
or
_ef A 1
v "'11221:(‘221211.21_+ Z221) f,. (8

We can also combine Eq. (3) with Eq. (4) to get

(+ Zyaq v 2y vyt 2y, v -7E 9)
The use of Eq. (5) allows us to eliminate v, or
v, and get

/ 1

\7‘334 23317 25y Zyys Zl.;) Vg -rE (10)
or

) 1 1 E
[_(2334+£331)(231213“ Z312113"231J vy - T7E
(11)

and Eq. (7) with Eq. (11) gives
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1

. 1 :
l} (7334 % 75510(Z5, 215 25y 2,5 - sz]

1
* Zy12 %2V, = - TE. (12)

EQUALIZATION

The foregoing equations provide the infor-
mation necessary to form some conclusions
about proper or improper equalization in the
test configuration. We will define equalization
for our purposes as the adjustment of - to lin-
earizc v; with respcct to E. If we develop Eq.
(12) directly without the intermediate combina-
tions, it comes out in terias that can be conven-
iently separated:

A A

R s R
[(*7221‘221211212) *’ 2223_223(2332+2334)—1232i|

Test Article

Fixture and Exciter

r —A ) N
X vy =t Zy(Zygy v Zy5) TE (13)
Test Force
which can be written as
(Z.+ 7, v, = aE. (14}
Similar relations can be derived for v, andv,

through Eq. (5) and (7).

In examining these relationships for gen-
eral principles, we find from Egs. (5) through
(8) that the specification of either v,, v,, f,,
171, uniquely dcterniines v, because ¢, 0.
Also, pairs of vectors such as v, and f, or v,
and [, cannot be arbitrarily specified since they
are related functions. At the resonant frequen-
cics of the system, forces tend to become largce
whilc input velocities tend toward zcro. There-
fore, a specification of motion input only might
easily require a larger force than the cxciter
could stand, whilc the specification of a force
input could require a responding motion which
was impossibly large.

If we assurmne that a test is going to be
monitored by immeasuring motion at the fixture-
component interface v,, then four cases for
equalization are distinguishable:

1. Linearize v, with £ when f,- 0 (no
load on exciter)
-1
-Z4,,7 =1 x Constant (15)

which comes directly from Eq. (3).




2. Lincarize v, with a load on the exciter,
fixture or mass, with f, - 0. Equation (2) gives

v, = =735, Z,, v, which can be substituted into

Eq. (9) to give

-1
Z223

Z,.+7Z (16)

29 + Z = -7E,

v

3

{.
Y

332 334)

which yields

-1
4] 7 = I xConstant. (17)

-1

[1-232 23,525, 2

23 -z

332 £98
3. Linearize v, with fixture unloaded,

f, = 0. Equation (2) gives v, = ~(Z,,2,)'2,,

z,,,v, which can be substituted into Eq. (9) to

give

1
[’Zsz+(2332+2334)<232223) 2322223] vy = 7E, (18)

which yields

1
1
[“Zsz T (Zy30%2534)( 255 253) Zszzzsz 7

(19)

I x Constant .

4. Linearize
f, =0.

v, with fixture loaded and
This uses Eq. (13) to give

1
334)(232 223) 232

I x Constant .

(20)

The first case with Eq. (15) is easy, since
only the exciter impedance is involved, but it
is trivial, since uny load on lhe exciler changes
the situation for the other cases. The third
case with Eq. (19) is still not enough, because
loading the fixture alters the relationships.
The fourth case, with Eq. (20), is the proper
one for equalizing a test configuration, since in
it we have the means for insuring that v, is lin-
early related to £ provided that it is physically
possible. Equation (20) shows clearly that =~ .
exciter impedance Z,,,, the fixture imped-rces
Z, ,, and the test article impedance 7, , affect
the linearization of v, with E. From this wc
must conclude that proper equalization can be
done only when everything in the test configura-
tion is in place and exhibiting its proper im-
pedance.

COMPARISON OF TEST
AND SERVICE

In Fig. 2 we see the impedance representa-
tion of the test article carried on the service
structure. The impedance equations are
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and these equations lead directly to

1 ( 1
: (Z325 = Zas 7‘552252)]
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Service Structure

XV, t Zyg Zigy fg s
() (22
Service Load
which can be wriiten as
Lot ZJdv, = oF, (23)

which is now in the same form as Eq. (14).
Since 7_, 7 and 7_ can be measured or cal-
culated, it follows that service loads can be
deduced from measured velocities, and test in-
puts required to produce specific test article
responses can be calculated. In principle, it is
then possible to make the v, of Eq. (23) identi-
cal to the v, of Eq. (14), so that test article
responses are identical with service load
responses.

To scale from one vehicle to another in the
same environment, it is better to scale the
service load to suit the new vehicle than to as-
sume that component responses are going to he
similar or scaled. Scaling the load leaves the
designer the freedom of adjusting Z_ toget a
favorable responsc at v, while scaling the
v,'s completely eliininates that possibility.

WHAT A TEST CAN DO

As a result of the discrepancies between
what is available to work with and what is the-
oretically possible, it is appropriate to consider
what it is that a test might be expected to do, or
not to do. If we consider a test article which
has several critical elements, and which is at-
tached at several points to the testing machine
or test fixture, then:




1. A test cannot be cxpected to reproduce
exactly the effects of a service environment at
every point in the test article.

2. A test can usually be adjusted to pro-
duce the same general damage process as a
service environment.

3. It may not be possible to adjust a test
so ag to produce a specific damage process at
a particular point.

4. 1t may bc possible to adjust a test so
that the general damage process produced by
the test is related (on the average) in rate and
extent of damage to the service environment.

The first proposition is unarguable because
of the nature of measurements and testing;
neither process is exact. Where the gencral
damage process is known (e.g., fatigue under
sustained vibration) it can usually be repro-
duced in some way. There are, however, many
instances in which we do not know the damage
process or how to produce it — we may in fact
be measuring the wrong parameters to relate
to a damage process. This is particularly true
when we get down to specific points where local
peculiarities can take precedence over tlie gen-
eral damage process.

So only if a particular critical element has
a known damage process, related distinctly to
a specific environmental parameter, it is pos-
sible for a test and an environment to produce
the same damage process in that particular
element. Wherever we have 2 multiplicity of
critical elements, each with different damage
nrocesscs; and each dauikye srocess related to
a different envircnmental parameter, it is sim-
ply not possible to devise a test which will pro-
duce the same damage process on each critical
element as the service environment does. Even
if it were possible to do this, the test usually
should not represent some specific measured
environment. Rather the test should represent
a design environment, adjusted from specific
measurcd environments to reflect what the
wholc family of articles represented by the test
article will experience when they are subjected
to the varieties of mission and use for which
they are intended. The design environment
should then represent a set of conditions such
that only some small fraction of the family of
articles has a probability of experiencing a
more severe environment.

HOW A TEST FIXTURE SHOULD
BE DESIGNED

There are at least forr distinct purposes'
to be served by a dynami. test, and as many
different kinds of load input:
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Test Purpose Test Load

1. Basic data devel- 1.
opment

Sinuscidal vibration

2. Engineering design 2.
development

Swept sinusoidal

3. Prototype qualifica- 3.
tion or acceptance

Random vibration

4. Quality control or 4.
production check

Shock or impact

For each combination of test purpose and test
load, a fixture with a i:1 transfer function over
all frequencies would be quite satisfactory [4].
For restricted frequency ranges (e.g., less than
500 c¢ps) a 1:1 fixture may be approximated if
the test article is not too large. For broad fre-
gvency ranges (e.g., 0 to 3000 cps) the 1:1 fix-
ture is not practically realizable, except for
very small test articles.

A re-examination of Egs. (7) and (8) re-
calls that, as long as the motion at the fixture-
test article interface is coutiolled, the fixture
impedance does not affect. the test article mo-
tion. Since this is the case, we can then estab-
lish some general rules for fixture design which
are based on the practical considerations of test
power required, ease of test contrel, cost of fix-
ture, convenience during test, and the like. For
sinusoidal and swept sinusoidal vibration:

1. A test fixture should be designed for
minimum weight to conserve test power re-
quired.

2. For tests in which a restricted frequency
range is to be investigated, there should be no
large resonances of the fixturc in that range.

3. For tests covering a broad range of fre-
quencies, fixtures with heavy internal damping
are desirable, since they come closer to a 1:1
transmissibility than lightly damped fixtures.

For random vibration and shock tests in which
it is assumed that equalization for random vi-
bration is done at the fixture-test article inter-
face with at least an impedance simulation of
the test article, and that for shock testing the
input shock is applied to the test fixture or
farther back into the test machine:

4. The test fixture should be designed such
that it and the machine to which it attaches
present an impedance to the test article which
is as near to that which it would see in service
as is practically feasible.




5. If Ttem 4 cannot be accomplished then
at least the fixture should be designed such that
the first few resonances of the test article as

mounted are the same as in the service mounting.

6. If neither Items 4 nor 5 can be achieved,
then it is desirable to have the fixture consist
of simulations of the next two or three elements
in the structural chain which carries the test
article.

Item 1 is desirable for economy in testing,
which is justification enough in itself. Item 2
is desirable lo make control of the test as easy
as possible and to minimize force input require-
ments. Item 3 is supported by the use of lami-
nated structures, wooden fixtures, and cast fix-
tures, each developed for their relatively high
damping qualities. In working toward a fixture
with high daniping, some rules of thumb worth
keeping in mind are:

1. Bolted or riveted joints give more damp-
ing than welded joints.

2. Cast metals have higher damping than
wrought metals.

3. Laminates can soak up energy in their
bonding material, if the cement is a lossy ma-
terial rather than a stiff, hard one.

The preceding discussion of equalization is
important in fixturc design for two reasons:

1. 1t shows that knowledge of the shaker
impedanre raiscs the possibility of deliberatcly
aiming for a fixiure design which makes easier
equalization, as would be the case for z, .= -7 ...

2. It shows through Eq. {13) that the test
article impedance "feeds back’ on the {fixture

and affects the value of v,. Service environment
data which is interpreted without accounting for
the interaction effects of component and struc-
ture impedance can lead to requirements for v
which produce either unrealistic or downright
impossible test article responses.

2

To summarize how a test fixture should be
designed, we must refer to Fig. 1 and consider
the following situations:

1. When the test is contiolled by monitor-
ing and adjusting to get the correct velocity or
force input to the iest article (control of v, Of
f.), then fixture impcdance does not aifect the
motion of the test article.

2. When the test is controlied by moniior-
ing and adjusting the velocity and forcc at the
base of the test fixture (control of v, and f,),
then the correct velocity or force input to the
test article (v, or f,) is achievable through
control of v, and f, despite the fixture im-
pedance. In thic case the effects of the fixiur
impedance are negated by control of two param-
eters at the fixture base.

3. When thc test is controlled by monitor-
ing and adjusting eithcr velocity or force at the
base of the test fixture (not both), then fixture
impedance affects the test article motion and
Eq. (14) applies.

4. When the test is controlled somewhere
farther back in the system than the exciter-
fixture interface, then only by measurement of
the transfer characteristics from that input
point to the fest articie-fixture interface, and
adjustment of the input to compensate for these
characteristics, it is possible to get the correct
test article motions. For this case, the fixture
design can be adjusted to minimize the input
adjustiment.
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DEVELOPMENT OF A LAMINATED
VIiBRATION FIXTURE MATERIAL

R. L. Bergey
Burroughs Corporation
Paoli, Pennsylvania

During the development of a vibration-resistant computer at Burroughs
Great Valley Laboratory, it became necessary to construct an 18- by

18-inch angle bracket to orient the 90-pound computer properly during
vibration testing. 1t has been our expcrience that brackets of this size
have considerable internal ringing and amplification when testing from

5 to 2000 cps.

glue.

To eliminate this, a fixture was made from 1/lé-inch
sheets of glass-epoxy and aluminum, alternately laminated together.
The maximum section thickness was 1 1/16 inches and the amplifica-
tion factor was not over 1.3. It was completely assembled with epoxy

The weight of 80 pounds could be substantially reduced in the
tuture, for the fixture appears considerably overdesigned. The tech-
nique appecars to be promising for future fixtures.

In designing high-frequency vibration fix-
tures for items that are toc small 1o permit
tubuiar construction techniques, and, at the
sanme time, too large for constiuction from
solid metal plates, the problem of fixture reso-
nance becomes particularly acute. This prob-
lem has been encountered at these laboratories
most frequently with test vehicles that are
aprroximately cubic in shape, with the edge
dimension varying between 6 and 12 inches and
the weight from 25 to 80 pounds. The necessity
to vibratc these test vehicles to 2000 cps in
three planes, without a slip table, has caused
further complications in fixture design.

ORIGIN CF PROBLEM

On the program during which the problem
first arose, an attempt was made to formulate
a simplified design technique. Various designs
of aluminum or aluminum and Masonite (Bene-
lux) were tried. The results were madsa usable,
but only by monitoring the input force at critical
mounting points, and by introducing prestress
into the fixture material. After several at-
tempts with different methods, it became evi-
dent that a general design technique or analysis
procedure would ve difficult to develop, and,
further, that ~n all-purvose material was not
available thai could be easily applied to many
different situations. The conclusion drawn
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from experience was that considerable damping
must somehow be made an inherent property of
the material used for fixturing.

DESIGN BASIS AND FABRICATION

Epoxics and glass-epoxy laminates exhibit
considerable capacity for damping; it was
thought, therefore, that epoxy-aluminum lami-
nates might be satisfactory. To explore this,
several small laminates of aluminum foil glued
together with very thin layers of epoxy were
made and vibrated to determine resonances and
amplification factors. The laminated material
was found to resonate at the same frequency as
a piece of solid aluminum of similar size, but
the amplitude of the displacement was one-
third that of ithe solid aluminum sample. This
result seemed to indicate that the search for a
material with the appropriate damping charac-
teristics was proceeding along fruitful lines.

When it again became necessary to con-
struct a fixture from high-damping materials,
however, time was of the essence. No further
investigation had been made of laminated alu-
minum foil, and the fixture required was too
large and the program tan poar to risk confi-
dence in a quick solution with an aluminum-foil
fixture. There are handling problems in pre-
venting wrinkling with a large amount of foil,




and the foil should receive special surface
treatment to assure good bonds to the glue.
The solution to this problem, while perhaps not
difficult, was felt likely to involve more trial
and error than time or money would permit. It
was decided, therefore; to use 1/16-inch thick
aluminum sheets, as these are readily available,
and laminate them alternately with 1/16-inch
thick G-11 glass-epoxy sheets. The thicker
sheets are easily handled and greatly reduce
the number of bondings necessary.

The layers of aluminum and glass~-epoxy
sheet were bonded together with Permacel
sheet epoxy, a glue which cures and bonds upon
application of heat and pressure. Working with
the Permacel is quite simple, as it is supplied
3 mils thick, on rolls several feet wide, and
can be cut with ordinary scissors. Assembly
was accomplished hy stacking aluminum sheet,
glue sheet, glass-epoxy sheet, glue sheet, and
so forth, and applying heat and pressure for
several hours.

To assure a good bond between aluminum
and epoxy, the aluminum sheets were thoroughly
cleaned and caustic-etched. This process re-
sulted in a surface not only clean hut also
somewhat roughened, which {urther contributed
to bond strength.

The combination of materials is not an
easy one to machine, for the cutting speed nec-
essary for aluminum is not compatible with
that needed for glass-epoxy. The glass fibers
in the glass-epoxy sheets are also troublesome
during machining. Carbide-tipped mills were
used. During a drilling operation on one piece,
a drill became hung up, and the resulting
wrench caused a lamination joint to fail. The
piece was repaired simply by putting the piece
back in a press aad applying more heat and
pressure. No other problem with delamination
occurred.

To achieve test vehicle attachment, slugs
of aluminum were glued into appropriately po-
sitioned holes drilled after the sheets were
laminatcd. All necessary drilling and tapping
was then effected with the slugs permanently
placed, thus permitting easy drilling and accu-
rate hole location.

Glue was also employed in assembling the
laminated pieces together to form the final fix-
ture. To make the final assembly as self-jigging
as possible, slots were made in half of the
pieces to act as guides and, at the same time,
to increase the area of glue application. Bond-
master 666 epoxy cement was used in this
operation.

The fixture thus fabricated weighs 80
pounds, ard has an amplification factor not
greater than 1.3. The material technique ap-
pears easily applicable to other fixture needs,
where similar probleinis aie encountered.

Since internal damping is high, it would appear
that sections need not be as thick as those ordi-
narily used with aluminum. The technique ap-
pears at this time to have a promising future in
the areas described; however, further experi-
ence is necessary to verify this conclusion.

Photographs of the fixture are shown in
Fig. 1. {The three blocks in the fixturc are
countcrweights.) It is evident in Fig. la that
considerable rigidity is achieved from the six
main supports, each 13/16 inch thick. The front
support plate is 1 3/16 inches thick, and the
webs between the six main supports are 9/16
inch thick. The hase plate is 1-inch thick alu-
minum.

Were another such fivture tn ha fahricated,
it would appear that all structures could be
somewhat reduced in thickness — the front platc
to about 1 inch, the main supports to 8/16 inch,
and the webs to about 5/16 inch. These dimen-
sions would reduce the weight of the fixture
frcra 12 1o 15 pounds without significant change
in performance characteristics.

Several new epoxy glues now available
should eliminate the necessity to apply both
heat and pressure to the laminates while they
are being fabricated. It would appear that no
heat is required and only sufficicnt pressure to
assure an even distribution of the glue within
the laminate sheets and to control the resultant
total thickness, if this dimension is critical.

It is interesting to cbserve that the front
plate was not made as a single piece, but rather
as two pieces ghied together with a tongue-and-
groove joint. This approaci: was taken simply
because the press used could not hold a piece
of sufficient size for the tront plate; this con-
struction does, however, illustrate the versa-
tility of glued joints.

FURTHER APPLICATIONS

The use of glue to assemble this fixture
has some analogy to the welding of aluminum
fixtures. Gluing presently appears more ver-
satile, because pieces can be located and se-
curely attached in areas which would be difficult
or impossible for a welder to reach, such as
the rear supports to the angle plate just de-
scribed.




Fig. 1 - Laminated vibration fixture: (a) rear view, and (b) front plate

SOLID ALUMINUM ENDS FOR

/Rlas

BOLTING

Fig. 2 - Diagram of hollow
section with belted joints

SOLID ALUMINUM

£ SCREW FOR BOLTING FIXTURE TO
SHAKER HEAD

Gluing also makes possible the use of hol- material is lighter than aluminum, and since
low sections, as shown in Fig. 2, Here, the hollow sections appear practical, this technique
lamination technique is particularly adaptable, should produce considerable weight savinas
because it appears that much thinner sections over comparable implementations in solid alu-
can be used than with aluminum, and ribs or minum, and should give improved performance
bosses may be glued in for added rigidity where on the vibration table.

needed, should resonances appear. A technique
for making bolted joints is 1lso shown, along

with a method for attaching the fixture to the ACKNOWLEDGMENT

shaker head or armature. Should rigid joints

be preferred, glue can be placed in the joint Credit for selecting glues and gluing tech-
before bolting, or laminated material used on niques is due Mr. Louis J. Dalphone, chief

the ends and then glued. Since the glass-epoxy plastics engineer at Great Valley Laboratory.
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A REPORT ON THE DESIGN OF INTEGRATED
HORIZONTA! AXIS VIBRATION FIXTURES

F. C. Tolleth
Autonetics, A Divisiou of North: American Aviation, Inc,
Anaheim, California

The concept of designirg a horizontal adaptor and slip plate as an inte-
gral unit is not new. Practically all universal slip plates in use today
have some means of attachment directly to the exciter head, without
having to use a horizontal driver or adaptor. Where a high g-level ac-
celeration is necessary for a large irregular specimen, the common
slip plate offers many distinct advautages, such as the elunaination of a
bolted interface and reduction of fixture length and weight, with a cor-
responding increase in stiffness and reduced tect setup time. The ad-
vantages of the integrated concept become apparent by reducing the
conventional fixture, slip plate and driver to basic components and
using a common sense approach to the design solution. The principies
of the design of two fixtures are presented with discussion of the first
attempt to apply this method during the design of a very large fixture
for high test levels, and a less detzilad discuscion intended to support
tl.e contention that the proper application of the method of integrating
ti.e three components into one unit of stricture may be applied to fix-

ture design problems which arc most severe.

INTRODUCTION

The purpose of this paper is to show that
the concept of designing a horizontal adaptor
and slip plate as an integral unit has many dis-
tinct advantages despite the greater cost and
more complex design considerations. In the
case where a high g-level acceleration for a
large irregular specimen is necessary, the
common slip plate can eliminate the bolted in-
terface and reduce the [ixture length and weight,
with a corresponding increase in stiffness and
a reduction in time for test setup.

In many cases this method of combination
is overlooked because of its simplicity and be-
cause of familiarity by the designer. The in-
herent value, however, is manifested by reduc-
ing the conventional fixture, slip plate and
driver to basic components, thus using a com-
mon sense approach to the design solution.

This paper does not purport Lo be the last
word on the design of this type of fixture; but,
rather, it is intended to point the way to one
successful design solution which might be ap-
plied by others in the industry with similar
problems.
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Principles of the design of two fixtures are
given: Case I'is a discussion of the first attempt
to apply this concept during design of a very
large fixture 1for high test levels, and Case II is
a discussion designed to support the principles
inat the proper application of the method of in-
tegrating the three components into one unit
might be applied to severe problems of fixture
design.

BACKGROUND

As far back as 1957, horizontal slip plates,
in conjunction with the granite block, have been
in use. The advent of these pieces of equipment
proved to be of great value to the test engineer
when they were compared to the horizontal sup-
port systems then in use. Since 1957, many
papers have been written on design and use of
such equipment. These papers were written to
minimize the slip plates' undesirable charac-
teristics. New commercial equipment is now
on the market which virtually replaces the slip
plate. But perhaps this replacement is pre-
mature and a detailed re-examination of the
slip plate and its probiems is in order.




DESIGN

Reduced to its simplest ter.ns, a vibration
fixturc is a piece of structure which will ideally
transmit vibration from an exciter head to a
test specimen, with a frequency response of
unity over the frequency bandwidth of the test.
The first consideration of the designer, then, is
to design a piece of structure with maximum
stiffness for a given amount of weight. "I'ms imn-
plies that the elimination of all joints in the sys-
tem would be an advantage in terms of weight
savings and spring eliminaticn. By reducing
this structural system tc an equivalent system
of masses and springs, one can grasp the de-
gign problem and deal with each component of
structure in its proper order. Figure 1 is such
a reduction of today's standard horizontal test

HORIZONTAL

selup. Figure 2 shows thc same basic system,
with the joints between the horizontal driver
and the slip plate removed. Close examination
and comparison of these two figures reveals
that the concept found in Fig. 2 has several ad-
vantages over the system in Fig. 1.

It is a basic principle that if the most flex-
ible spring is removed from a systern of springs
in series, as is the case here, the resultant
spring stiffness will be greater than the original
system. Considering the armature, driver, and
slip plate as springs and reducin_ the parallel
systems of bolts of Fig. 1 between the shaker-
driver and driver-slip plate to resultant spring
rates k, and k,, respectively, it can be said{1]

OTE: References appear on page 241.
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K"] (1)

where

K = (karmﬂ(‘ure) (kz) (kdriver) <k4) (kslip plate)
1 (karmature) v <k2) v <kdriver) v (k4) ¥ (kslip plate)

The same expression for the system in Fig. 2
may be written as

/£y )
“n < ]/ M2 '
where
K _ (karmature) <k2) (kintegrated fixture)
T2 (karmature) v (kZ) o (kintcgrated slip plate)

It is obvious that K., is at least equal to
K, because no structure has changed, and Krz
may be greater than K. because the overall
length of the fixture is less in Fig. 2. Further,
to achieve a high resonant frequency, the mo-
ment of inertia for a given area of cross section
of the structure must be as large as possible
and fixture length a minimuin, since resonance
is directly proportional to the square root of
the cross-sectional area and inversely propor-
tional to the square root of the overall length of
the fixture {2,3]. Also, because a conservative
estimate for the weight of a joint would be four
times the weight of the continuous structure
over the span of the joint, the mass M, of
Eq. (1) would be less than the mass M, of

LING-245
VIBRATION HLAD

HORIZONTAL DRIVER

Eq. (2), thus raising the resonant frequency
of the system in Fig. 2 above that of Fig. 1.

Figure 3 is a schematic diagram which
again depicts a standard horizontal test setup,
and shows graphically that it is practically im-
possible for the designer to design a system so
that the centerline of vibration input will pass
through the net center of gravity of the test
specimen and fixture combination. The net cg
of the fixture and specimen lies well above the
centerline of drive or vibration input and the
overall length of fixture specimen is relatively
long.

For this problem, the desigrner has two al-
fernatives unless he chooses to go o the inte-
grated concept:

1. He can design a thick heavy slip plate
and take a weight penally to minimize cver
turning moment; or

2. He can design an optimum slip plate and
calculate whether the unbalance will be great
enough to break the grease seal between the
slip plate and granite block for any condition
which may be encountered during the test.

Neither of these two alternatives is desir-
able, since neither really solves the problem of
a large unbalancing force.

Figure 4 is a schematic diagram which
shows the shaker and specimen with the fixture
redesigned to represent the integrated concept.
The joint between slip plate and driver has been
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SLIP TABLE

INPUT

i FLOCR LINE

Fig. 3 - Standard horizontal test setup
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Fig. 4 - Integrated horizontal test setup

removed, thus shortening the fixture and allow-
ing the designer to maintain structural continu-
ity throughout the fixture length. Because the
joint between the driver and fixture was elimi-
natcd and liitle or nothing can be done to stiffen
the joint between the specimen and fixture, it is
necessary to consider only the exciter-fixture
interface. Here, all the attachment bolts from
the exciter head to the fixture must be used and
the length and preloading of these bolts are
such that their resonant frequency is at least
twice the frequency of the upper limit of the
test bandwidth. The slip plate component of the
fixture has now been placed well below the hor-
izontal centerline of the shaker to assure the
vibration load will be applied directly into cg of
the fixture specimen combination, thus elimini-
nating the over turning or angular rotation of
the slip plate with respect to the test axis.
Length 4, < <_ of Fig. 3 and the net cg of the
fixture and specimen now lies on the centerline
of the vibration input.

Case I

Figure 5 shows a large cast aluminum fix-
ture designed at Autonetics, which applied the
concept of an integral driver-slip plate combi-
nation for a specific test specimen and set of
test conditions. The test specifications for this
design dictated that the package be subjected to
a simultaneously applied sine plus random vi-
bration, equivalent to 28 g rms from 5 to 2000
cps along each of three axes of the specimen.
The test requirement of 28 g rms, when coupled
with the rule of thumb that the weight of the fix-
ture should be at least two to three times the
weight of the specimen, limited the choice of
the exciter to one which developed at least

sV}

28,000 force-pounds, since the specimen weight
was approximateiy 200 pounds.

The vibration system chosen was the Ling-
249 and a PP120/150 Ling amplifier which gen-
erates 28,000 force-pounds. This meant that
the weight of the fixture would have to be re-
vised down to about 350 pounds from the con-
ventional estimate of approximately 560 pounds,
since the total moving weight of armature, fix-
ture and specimen exceeded the vibration system
capabilities.

The {ixture was designed as a heat-treated
and stress-relieved aluminum casting. The
choice of this method of fabrication was based
on several considerations. . Experience has
shown that generally cust aluminum fixtures
perform much petter than do welded aluminum
fixtures during vibration. Welded fixtures have
a tendency to crack adjacent to the welds. This
mode of failure is probabily due to the fact that
large aluminuni fixtures are seldom stress re-
lieved and heat treated after welding, usually
because additional tooling is required to hold
the fixture during these processes. Another
major consideration is that the casting process
allows the designer to eliminate discontinuities .
of contour and section, thus reducing the possi-
bilities of local load concentrations which might
lead to failures such as weldments exhibit.

The overall length of the fixture from the
exciter head is 42 inches and the width, not in-
cluding outriggers, is 26 inches. The total
weight of the fixture is 365 pounds. Fixture
material is 356-T6 aluminum alloy, stress re-
lieved and heat treated to T6 condition before
machining.




The cost of the fixture shown in Fig. 5 ex-
ceeded the cost of more standard fixturing by
30 percent because the extreinely large size of
the fixture necessitated larger and more expen-
sive machines for the machining processes.
However, this particular fixture was very du-
rable and was used to test three later genera-
tions of specimens in addition to the test for
which it was designed, so net excessive cost
for each generation was about 7.5 percent.

Figures 6, 7, and 8 show the actual test
setup with the specimen in positics: and ready
for testing.

Case II

Figure 9 shows another integrated horizon-
tal axis vibration fixture. Although the test re-
quirements and conditions were much more
difficult from a design aspect than those found
in Case I, the application of the integrated con-
cept was again more successful than that of
standard fixtures.

Here the test specification levels were
equivalent to 60 g rms from 5 to 2000 cps of
simultaneously applied sine plus random vibra-
tion. The specimen weight for this case was
37 pounds. Using the rule of thumb that the
fixture would weigh two to three times the spec-
imen weight, the fixture would weigh 111 pounds.

Because the tcst was to be run along the hori-
zontal axis, a driver would be needed. The cast
aluminum driver on hand weighed 125 pounds.
After summing the moving weight, the shaker
force output available can be cstimated as
follows:

28,(10_0 forcwpou d
400 + 125 4+ 111 + 37

42 g rms ,

or only 63 percent of required g level.

By integrating the horizontal driver and
fixture into one unit, the estimated shaker force

output available is
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28,000 force-pound
400 + 11i + 37
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rms

or 85 percent of the required level. This was
just above the lower vibration acceleration tol-
erance limit.

The cost of this fixture exceeded the cost
of the more standard test setup. Because a
comparatively inexpensive fixture could be
fabricated and used with a driver and slip plate
which were on hand, the cost of the integrated
cast magnesium {ixture was about twice as
great 3 the inexpe..sive fixture. This cost was
justified, since during test the whole system
was driven to almost 58 g, which was the test
objective.

Fig., 6 - Case I integrated fixture test setup (side view)

236




211Xy pajeldajur [ aseD - 4 ‘31 g

mata ap1s (q) mata dog (®)

MatA wicliog (2)

235



i SO

; /
Fig. 8 - Case I iniegrated-’f/{:ct‘fé Jest seluy ‘~bligue view)

iy
A b ",’5 ,,
2N ~ :
, S

A {

PErS

3

v

e / 237

" N

\
e i

~—




~ ‘ Fig. 9 - Case II integrated fixture in mounted position
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Total weight of the fixture shown in Fig. ¢
is 105 pounds. The length is 37 inches. Mate-
rial is AZ63A-T4 magnesium alloy, stress re-
lieved and heat treated before final machining.
Figure 10 shows the actunl test setup with the

specimens mounted and ready for testing.

RESULTS

Data taken from a bare fixture may be as
inaccurate as a numerical analysis. The fixturc
designer must be content with verbal repoiis of
performance and limited data recorded by test
engineers. Unfortunately, these fixtures were
never thoroughly evaluated as it was nccessary
to go into the testing phase to meet schedules.
Necessarily, all insirumentation available was
utilized to record the response of the test
specimen during test.

Test engineers reported that overall func-
tion of these fixtures was satisfactory. Test
setup time was nominal and no problems were
encountered in mounting either the specimens
or the fixtures.

Resonant frequency for the {ixture ia Case I,
when mounted to the exciter and supporting the
specimen, was in the 1500- to 1600~-cps range.
Although there was a relativelyhigh Q associated

(c) tnu test position

Fig. 9 - Case Il integrated ‘ii'ure in rmounte.: posilion~-Continued

with this resonance, ihe bandwidth was sufffi-
ciently narrow and the resonunce caused n©
problem during equaiization.

The completad fixture of Case [ weigheel
365 pounds, including outriggers and all attach-
ment hardware. Even with this weight, all test
levels were met satistactorily. The fixtur e
was used for the original test program and
three additional test programs. By conser-vi-
tive estimate, the fixture has been subjected to
at least 6 hours of high-level sine plus random
vibration, with no evidence of structural ox
fatiguc failure.

As in Case I, the performance of Casell
was satisfactory. The longitudinal resona ut
frequency of the fixture unloaded but attac hed
to the exciter head was in the 1900- to 2000-cps
range, with a Q of approximately 8. LoadXng
the fixture or mounting the specimen caus el
the resonance to drop approximately 400 cps,
and the Q associated with this resonance to
rise to about 10.

Vertical and lateral crosstalk was mini-
mum, except at the resonant frequencies in
both the loaded and unloaded conditions. "The
Q associated with the vertical direction of
crosstalk at resonance was about 4. In thelat-
eral direction Q was 3.




Fig. 10 - Specimen mounted in actual test setup

There were no problems encountered dur-
ing the equalization procedure and test engi-
neers reported that fixture response was uni-
form until resonant frequency was approached.

The final weigut of the fixture, including
attaching hardware, was 105 pounds. As previ-
ously mentioned, with this weight range the sys-
tem would develop about 52 g. During the test
the system was able to develop approximately
58 g which indicates that the fixture performed
much better than anticipated.

SUMMARY

The concept of integrated horizontal axis
vibration fixtures may be applied in many cases
of vibration fixture design. The concept so far
has proved advantageous in both the areas of
weight savings and increased stiffness. The
disadvantages of increased dollar expenditure
for manufacturing a special fixture for each
test is excessive — but this is returned in terms
of fixture performance.
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CONCLUSIONS

The critical areas which require special
attention during the design procedure are:

1. Vibration input must pass through the
net center of gravity of the fixture-specimen
combination.

2. The overall length of the fixture must
be as short as possible.

3, The slip plate portion of the fixture
must have the greatest radius of gyration for
its length, consistent with acceptable dasign
practices and fixture allowabie weight limits.

4, The exciter-fixture interface bolt sys-
tem must be designed with a resonant frequency
well above the upper limit of the test bandwidth.

5. Distance between shaker face and gran-
ite block must be variable and the centerline of
vibration input must be adjustable with respect
to the surface of the slip table to apply this
concept.
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DESIGN C'F LARGE VIBRATION FIXTURES FOR
SATURN -1V STAGE DESIGN DEVELOPMENT

AND QUALIFICATION PROGRAM

L. G. Smith
Dougics Missiles and Space Systems Division

mesgntington Beach, California

test fixture design are discussed.

The vibration test requirements for development and qualification of
Saturn S-IV subsysi+ms necessitated the use of unusually large test
specimens. This pajer presents examples of the many welded tubular-
type vibraiion i=st f. <tures used by the Douglas Aircraft Company to
implement this pro, ram. The design philosophy, the successful results
obtained with thes~ fixtures, the evolution of improved fixture proce-
dures, and a sugge. "ed program for future improverent of vibration

INTRODUCTION

The development of the Saturn Vehicle S-1V
Stage required that unusually large vioration
test specimens be tested. The vibration envi-
ronment of this stage is primarily induced by
rocket and boundary layer noise. The test
specimens must be designed so the response of
the item under test approximates the actual re-
sponse to the acoustical excitation occurring at
the skin, where the specified test levels apply.
To achieve this response, it is necessary to in-
clude all structural elements contributing to the

mechanical impedance between the item and the
skin.

It is usually desirable, and often mandatory,
to place the test specimen in the same gravita-
tional axis as the vehicle. This consideration
usually causes the upper edge of the specimen
skin panel to be high above the shaker head in at
least one axis. The test fixture must transmit
vibration up to 2000 cps to these extreme edges
of the specimens. Some of the skin specimen
and fixture combinations used have exceeded 96
inches in height and 62 inches in width. The re-
sulting specimens usually are of such a size as
to be relatively large for single shaker tests,
but too compact for multi-shaker application.

This paper describes the approach to vibra-
tion test fixture design used to meet these con-
ditions and requirements.

243

ORIGINAL S-IV FIXTURE DESIGNS

The first need for a fixture of the type de-
scribed occurred in tha qualification test of the
S5-IV umbilical assembly. The purpose of this
test was to ascertain the ability of the umbilicals
and their carrier plate to function and separate
during the application of predicted Saturn I
launch environments. The test specimen con-
sisted of a portion of the vehicle surrounding
the umbilical disconnects, as well as the um-
bilicals and carrier plate.

Fixture Description

The original fixture design concept was to
utilize fully the intrinsic stiffness of axial load-
carrying members by using a truss-type design.
The truss members consisted of a 1- by 4-inch
frame supporting the skin at the top and on two
sides, and 4-inch diameter by 1/4-inch tubing
connecting the frame to the base. The base was
constructed of 1-inch stock. All members were
made of 2014 aluminum alloy and wealded together.
The particular skin specimen -»vnived was 32
inches high by 64 inches wide. It was decided
to drive five points on the panel frame from four
points on the base.

To join the base to the driven poinis, only
the minimum number of mcmbers required to
achieve static stability were used. It was




believed that this approact woe' § yield the
higbest {irst mode Iregueacy possible, It was
also cxpected that althowgh tndividual tabe and
franmie members would have resonant frequcn-
cies within the test bandwidth, the relatively
light weight of these members would minimize
the effect of such resonances on the specimen.

Rough calculations were made to ascertain that

the first mode frequency was reasonably high
and that thc tubcs were not overloaded.

The basic fixture was designed for vertical
axis excitation only. For lateral excitation, the

base was to be used as a slip plate and drive
adapters were to be designed and welded on at
the test site. The {ixture is shown in Fig. 1.

Changes During Construction

During construction, as the fixture took
shape, it became obvious that the 1-inch base
was not proportionate to the total size of the
test {ixture. Reinforcing bars were added to
stiffen the base. It also became apparent that
the larger vertical member could be partially
supported at midspan with a negligible weight
incrcase and this revision was made.

Behavior During Testing

Athough the fixture allowed *est eri« ma to
be met, difficuilty was experienced both in sinus-
oidal control and in random equalization. Con-
trary to expectations, fixture member reso-
nances were evidently affecting the specimen.
Modification of the test fixture for excitation in
the lateral axes required an additional 16 to 24
heurs for each axis.

REVISIONS IN DESIGN TECHNIQUE

Having experienced reasonable success in
the initial attempt, and due to the sizc and im-
niediacy of the Saturn IV test program, only
those changes to the basic design techniques
which were either known to be necessary or
which offered a high probability of improvement
werce considered. Analytical support was iniai-
mized and conservative approaches were used.

Material

Later fixtures were made of AZ31-B mag-
nesium. This material was chosen because of

Fig. 1 - First $S-IV skin panel mounting vibration fixture
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its high specific damping capacity. In addition,

it is 37 percent lighter than aluminum and has

an equivalent stiffness-to-weight ratio. Although
magnesium is more diificult to weld, the damp-
ing improvement and weight savings compensated
for this.

Skin Panel Attach Frame

Ton improve the stiffness-to-weight effi-
ciency, frames were made from the saine basic
tubing as the other truss members and adapted
to the skin panels using a minimum amount of
1/4- and 1/2-inch plate. Skin panels were sup-
ported on all sides to insure control of the
specimen. Figures 2 through 7 show examples
of the improved design technique.

Basic Truss

To keep individual tube resonance down to
2300 cps, statically unloaded members were

»
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adted tu the "minimum" truss in such a man-
ner that single tube spans were 20 inches or
less (Figs. 5 through 8). An attempt to use
smaller diameter tubing for this purpose was
unsuccessful. The 4- by 1/4-inch tubes were
retained and performed adequately.

Gusseting was also employed to shorten
tube span (Fig. 3) and where bays were too
small for tubes (Fig. 9). The length oi unsup-
ported edges of the gussets should be minimized.

Base

To avoid base stiffeners, 2-inch bases were
adopted as standard.
Foaming

All tubes were filled with polyurethane foam

to improve fixture damping characteristics and
to control fixture resonances. Polyurethane

Fig. 2 - Vibration fixture incorporating
pressure vessel
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Fig. 4 - Exceptionally long vibration fixture
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Fig. 7 - Early vibration fixture with welded adapter

Fig. 8 - View of fixture showing
desirable truss details
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Fig. 9 - Early vibration fixture
showing gusseting technique

foam with a negligible 8- to 10-lb/cu ft density
was used. Fixtures using the foam-filled tubing
was successful. Although the magnitude of the
improvement was aot determined, all fixture
tubing is now filled with this foam.

Lateral Excitation Adapters

As the volume of testing increased, test
delays caused by thie need to weld lateral
adapters became increasingly undesirable.
Fixture design personnei were not always
available at the test site tc dctermine weld-on
adapter requirements, which led tc undesirable
design details, such as the tubes being driven
at midspan (Fig. 7). To alleviate both these
situations, bolt-on adapters are now included
in the original design of each fixture (Figs. 5
and 6). To avoid low-frequency end loaded
cantileve beam mode .- the adapter plates on
the main -, ~cimen fixture are gusseted where
the overhan,, is excessive (Fig. 4).

Fixture Performance

The {ixture is shown in Fig. 10. The spec-
imen consisted of a large electronics assembly
and its mounting panel attached to the vehicle
skin by vibration isolating strips. The control
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accelerometer was located on the skin panel ad-
jacent to the isolating strip.

As an indication of the pcrformance of this
type of fixture during an actual test, sinuscidal
data from the control accelerometer and the
shaker head are presented in Fig. 11. These
data show that the fixture allows successful test
control. The comparison of the curves is indi-
cative of transmissihility of the fixture. No
transmissibility plots were made because they
are affected by both local fixture resonanccs
and specimen feedback, rather than overall fix-
ture performance. Such plots consequently vary
greatly with accelerometer location, especially
at the high frequencies.

FUTURE FIXTURE IMPROVEMENT

During the time lapse between the S-IV and
S-1VB tests there has been some opportunity to
consider further improvement in fixture design.
These improvements are aimed at increasing
the useful apnlication of the fixtures to a maxi-
mum number of tests per {ixture, and at stiffen-
ing and reducing the weight of the fixtures.

Universal Fixtures

If the test program for a project is ex-
amined, it is often possible to find a number of




Fig. 10 - Vibration fixture us 4 for gathcring

fixture performmance daia
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tests which will reguire similar size <kin
panels. A fixture can be designed for the
largest size specimen to be testcd and the
other tcst specimens can be increased in size
so that the same basic fixture can be used for
several specimens, other envelope dimensions
permitting. This approach has proven feasible
for cylindrical portions of the vehicle. In the
case of conical sections, the changing skin
radius presents a problem. An attempt is
being made to incorporate adapters to the skin
frames which would overcome this problem.

Base Size

Because of the considerable weight of 2-
inch bases (approximately 80 pounds for 30-
inch diameter bases) a 1 1/2-inch base is being
tried. No attempt will be made to develop
built-up bases because of the construction dif-
ficulty involved.

Truss Optimization

A method of structural design for minimum
weight in vibration test fixture superstructure
has been derived. This approach is based on
determining the tube cross-section properties
required to give the desired ring mode frequcncy,
and the span required to give thc desired bend-
ing mode frequency. The fixed parameters are
the cross-cectional area based on stiffness and
strength considerations, whichever is most
critical, and member frequency bascd on test
bandwidth.

Strain gage measurements made on existing
fixtures have been used to predict load lcvels
for future fixtures. Preliminary results indi-
cate that present stress levels are very low;
thus, trusses will probably be designed to the
first mode frequency criteria.

It is assumed that the specimen geometry
fixes the fixture geometry, so that the truss
size and shape is a fixed parameter. For this
given size truss, the strength and first mnd=
frequency_ are both dependent on the cross-
sectional area as follows:

P
A==, (1)
2
A eVl @
WoreE b,
and
9,78

6
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where
A = cross-section area (sq in.),

= fatigue stress (psi) [1],

W, = static load in truss members due to
W (b),

E = clastic modulus (psi),
L_ = overall length of members (in.),
i, = static deflection of truss (in.),

f = first mode natural frequency (cps),
and

P, = highest dynamic load in truss mem-
ber due to specimen resonance (1b).

W.¢¢ Can be applied in any direction to find the
natural frequency for vibration in that direction.
The effective load of the truss weight is taken
as one-third of the total weight, by application
of the Rayleigh method [2]. Thus, the total ci-
fective load becomes the actual load plus one-
third of the truss weight.

Equation (1) expresses the area requircd to
operate at a certain stress level, Eq. (2) utilizes
elastic cnergy considerat:ions to express thc
area required to achicve a certain static deflec-
tion, and Eq. (3) expresses the dependence of
natural frequency on static deflection. Combin-
ing Eqs. (2) and (3) yields

(Wi f?
9.78W_(E

()

which relates the area directly to thc natural
ircquency. Equations (1) and (4) are both
solved to dctcrmine the required area, which is
the larger of the two solutions.

The first bending and ring mode natural
frequency of the individual members is given by

10 2
/Eh_\ ° fn, L*y2 (5)
4 \ 104/ K, R
an
( i 10? fn, R?
.,104) K, t °
where

C,/10* = ring mode frequency constant
T
(2.51) [3],

NOTE: References appear on page 253,




€, /10* = bending frequoncy constant (71.95)
(3],

K, = waterial constant (0.965) [3],

fn, = bending natural frequency {(cps),

fn, = ring mode natural frequency (cps),
R = tube mean radius (in.),
t = tube thickness (in.), and
L = tube span (in.).

The values given for the constants assume ring
modes unrestrained by the ends, rigid ends, and
magnesium tubes,

The optimization condition is that fny, = fn .
These quantities are redesignated f,. Equations
(5) and (6) are then rearranged and combined
with the thin tube approximation, A = 27Rt, to
yield the optimization expressions,

and

fn R;pt
©)

x 104

m

104

In these expressions f_ is the desired individ-
ual member frequency; f_ should be higher
than the maximum test irequency. The "opt"
subscript denotes the optimum gquantities. Since
optimum lengths are not likely to be equal divi-
sions of the basic truss size, the proportions
for the nexi larger and smaller pcssible lengths
are found and compared using the "weight fac-
tor" w;:

w
f

(n+1) Rt , 10)
where n is the number of divisions of the basic
truss resulting from the geometric change as-
sociated with keeping the tube spans down to
the noted lengths. The size with the lower W,

is the final solution.

An example of the procedure is given in

Cr Cb ’ 4 th i
6 o K*Ax 1016 (7) e appendlx.
104/ \10* " )
Lopt = _
. 4 .
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Appendix

The problem is to design a two-dimensional
AZ-31B magnesium truss to drive a 150-20und
specimen with a resonant transmissibility of 10.

The truss-supported specimen must be 20 inches

away from a 30-inch diameter shaker head. The

test called for a vertical sine sweep of 20 g from

16 to 2000 cps. The truss shall have a first
mode of 200 cps and member modes of 2500 cps.

150 pounds

1. Dynamic load = 150 X 20 X 10 = 30,000

pounds.
2. From the geometry,
30.060 25 .
Pq ) " 20 18,750 pounds.

3. From Ref. [1], © = 10,000 psi (the en-
durance limit for AZ-31B alloy).

4. From Eq. (1),

18,750

IBTBEE 1.875 sq in.

5. To calculate W_¢, a trail tube area of 2
sq in. is chosen. Weight of truss = 2 X 2 X 25 X
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0.0625 = 6.25 pounds. Therefore, - 11, Possible lengths are 12.5 (h = 2) or 25
{n=1). ForL =12.5,
6.2
Woeg = 150 + 3 152 pounds.
R - 1.455 x(”'s\-z 0.795 i
” 16.9/ : ne
6. From Eq. (4),
_ A 2 .
2 7 YT 2R T Zmeo.79s - 0319 ine.
(182« 25)" 25 + (152« 25 55
A 2 120 2 " 20/) %) (2002
0 78 x152 <6 < 10° =5 Diamcter = 2R + t = 1.909 in.,
and
= 2.04 sq in. We = (2+1)x0.319x0.795 = 0.759.
Since 2.04 > 1.875, the desired area is A = 2.04 For L =25
sq in. Sincc this checks with the assumed area
we may proceed. If it did not check, we would 25 \2 '
return fo Step 5, using the solution of Step § as R = 1.455 « (m) 3.18 in.,
the assumed area.
. _/3.18\* | .
7. From Ea. (7), 53] * 0-218 = 1.04 in.,
and
/251)(71 953 x 1016x 0. 9654x2-16Qin wf' (1+1)=x1.04x3.18 = 6.61.
4 12 I
] 47 V2 2.5 x 10 Since 0.759 < 6.61, the optimum design is 12.5-
inch tube span, 1.909-inch diameter, and 0.319-
8. From Eg. (8), inch thickness.
2.5+10%x16.97 /7 .
Ropt = 1.455 in.
5 0.665 % 71.95x 10* 0
& = 10
3. From Eq. (9), |
/7 20
2.5 <10°x (1.455)7? . /\\
0.218 in. /
Bt 0.965 x 2.51 x 10* LY \ )
|
10. As a check, ‘ ’ :
|~— 15 _.l
A - 27Rt 27 x 1.455 x 0.218 2. | 30 !
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SHAKER ATTACHMENTS FOR AEROSPACE GROUND EQUIP MENT

IN PORTABLE CASES FOR VIBRATION TESTS

Kenneth A. Jenicek
McDonnell Aircraft Corporation
St. Louis, Missouri

The method of securealy fastening Aerospace Ground Equipment (AGE)
in portable cases to vibration exciters has been the subject of some
study at the McDonnell test laboratory, sincc the specifications are not
sufficiently explicit regarding specimen attachments. Three methods of
attachment have been utilized by the McDonnell Electricaland Dynamics
Laboratory: notched aluminum blocks which fit over the edges of the
case {cover removed) and are supported on rigid columns, metal hold-
down hooks and turnbuckles which permit consistent repeatability of
test conditions, and nylon tie-down straps with wooden radius blocks on
the edges of the case. The three methods are discussed in some detail,
and it is shown how different tie-down methods can change the apparent

method are aiso pointed out.

resonant frequency of the specimen, Other characteristics of each

INTRODUCTION

The method of securely fastening Aero-
space Ground Equipment {AGE) which is in-
stalled in portable cases to vibration exciters
has been the subject of study at the McDonnell
General Engineering Division Laboratories.
Military specifications (MIL-T-21200C, MIL-
E-45704A, und MIL-STD-1877, while indicaiing
that the specimen should be "securely" attached
to the vibration exciter, are not sufficiently ex-
plicit regarding attachment methods (MIL-E-
4970A, Paragraph 4.6.8, Procedure VI). Three
methods of attaching AGE to exciters have been
utilized by the McDonnell Electrical and Dynam-
ics Laboratory:

1. Notched aluminum blocks, which fit over
the edges of a case (cover removed) and are
supported on rigid columns, are attached to the
specimen;

2. Hold-down hooks of formed steel are
attached to AGE and then fastened to the shaker
with an eye-bolt and turnbuckle; and

3. Nylon tie-down straps are used to se-
cure AGE to the vibration exciter.

The three attachment methods have been utilized
with varying degrees of success.
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ATTACHMENT METHODS
Notched Blocks and Rigid Columns

The first attachment method involves se-
curing the case with cover removed to the
shaker, using notched aluminum blocks and
rigid columns. Aluminum blocks are machine
notched so as Lo {it the upper edge of the speci-
men case. The blocks are secured with long
bolts and tubing spacers to the exciter. A typi-
cal test setup is shown in Fig. 1. This method
is suitable for AGE contained in rigid metal
cases which are tested at low test frequency
ranges. The sides of the metal case also should
be low in height, for as the height of the sides
increases, the column length increases. During
horizontal excitation this long unsupported rod
and mass could experience a resonant condition
within the test frequency range. While this
method is suitable with rigid metal cases, it is
not recommended for use on flexible fiberglass
cases or cases having rubber bumper pads,
because the specimen separates from the blocks
and the subsequent recontact imparts shock
pulses to the unit.

Hold-Down Hooks and Turnbuckies

The second attachment method involves the
use of hold-down hooks and turnbuckles. This




Fig. 1 - Test setup using notched
blocks and rigid columns

Fig. 2 - Test setup using hold-
down hooks and turnbuckles
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method is most widely utilized because the This method works well with fiberglass
hooks can be attached to the edges of most cases and cases having rubber bumper pads,
case-mounted AGE. This method permits a with one exception: the resonant frequency of
consistent repetition of the setup because the these specimens is found tc be tunable with
amount of attachment force is determined by variations in the torgue value applied to the
measuring the applied torque value to the turn- turnbuckle. The variations in resonant fre-
buckle. A typical test setup is shown in Fig. 2. quency for one specimen with a fiberglas case
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Fig. 4 - Test setup u
horizontal restraints o:

are shewn in Yig. 3. When using this method,
the angle subtended between the side of the
specimen case and thc hook should be 4 mini-
mum, since excessive horizontal forces can
cause structural deformation and specimen
failure. This method is also limited to testing
conducted at low frequency ranges to avoid
resonant responses in the attachment hardware.

Nylon Straps

The third attachment method makes use of
nylon straps and rigid block horizontal re-
straints. Nylon straps are used with AGE, both
with the case cover installed and removed. On
cases with the cover removed, square-edged
wooden radius blocks are used to protect the
strap and help distribute the edge loading.

Steel channels, mounted around the base of tiic
specimen, are used as horizonta! restraints to
prevent case slippage during vibration excita-

tion and to secure the nylon straps to the shaker.

Typical test setups are shown in Figs. 4 and 5.
The strap attachment tension is detcrmired by
direct measurement or by use of a scale to de-
termine the force necessary to deflect the strap
a known distance.

GENERAL DISCUSSION

The three methods require careful attention
to the amount of applied tie-down force while
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“on ~traps and
rless specimen

Fig. 5 - Test setup using nylon strap and
horizontal restraints on case with cover

securing the specimen to the shaker. Insuffi-
cient force can result in slippage, shock pulses
and structural damage or failure. Excessive
force can structurally deform a specimen,
causing premature or unwarranted failure. The
notched blocks, hold-down hooks and nylon
straps include a limitation in the frequency
range upper limit of 100 cps to prevent attach-
ment resonant conditions. However, with these
methods virtually any AGE installed in a port-
able casc can be tested and the specification
requirement for securely fastening the speci-
men to the vibration exciter can be satisfied.




DESIGN CRITERIA FOR VIBRATION FIXTURES

Tounis

E. Lutz

Honeywell, Aero Division
St. Petersburg, Florida

A practical rnethod for designing vertical and horizontal vibration fix-
tures is described, and a discussion of the parameters which determine
their natural frequencies is included.

INTRODUCTION

Test results are only as good as the test
facility. This is especially true in vibration
testing. A well-designed vibration fixture i1s a
necessity. The fixture serves two main pur-
poses: it provides a resonant-free interface
over a specific frequency range, eliminating
undesired angular and linear inputs; and it fur-
nishes a good mechanical interface between the
test specimen and vibration machine. By elim-
inating unwanted inputs, placement of the moni-
toring pickup for controlled input becomes less
critical. Possibility of undertest or overtest
is also lessened, since added vibrations are not
intrcduced by the vibration fixture.

This paper discusses fixture design con-
siderations, offers an approach and then eval-
uates an actual fixture design. The goal is to
establish a design for vibration fixtures which
considers all aspects and alleviates possible
functional problems.

FIXTURE DESIGN CONSIDERATIONS
Structural Rigidity

Perhaps the most important design feature
of vibration fixtures that should be considered
is structural rigidity. It can be shown that the
natural frequency of any configuration is in-
versely proportiionai o the sguaie rovi of 13
static deflection. Therefore, because it is de-
sirable for the vibiation fixture to have a high
natural frequency, the fixture should be ex-
tremely stiff. In general, vibration fixtures
should have a natural frequency higher than that
of the test specimen by a factor depending on
their mass ratio. For example, where the
masses of the fixture and test specimen are
approximately equal, the natural {requency of

the fixture should be a minimum of 2 1/2 times
the natural frequency of the test specimen.

Weight

In determining the aliowable fixture weight,
a number of parameters should be taken into
consideration:

1. The total weight of the vibration ma-
chine driving head (i.e., moving parts), the vi-
bratiop fixture and the test specimen;

2. The test specimens g level speciiicauon;

3. The pound-force limitation of the vibra-
tion machine; and

4. Possible attenuation through the vibra-
tion fixture after resonance.

Test Specimen Bolting Pattern

in addition to assuring accessibility to the
test specimen's mounting hardware, the mount-
ing configuration should simulate as closely as
possible that which the specimen will be sub-
jected to during its actual environment.

Bolting Pattern of Vibration Machine

This pattern, of course, would depend on
the vibration machine selected or, in some
cases, would be the determining factor {or the
selecticn. For example, where the choice of
two or more vibration machines exists, and
each is capable of handling the load, the vibra-
tion machine presenting a boliing pattern which
reduces fixture "overhang' tc a minimum
should be selected.




Cabling and Instrumentation
Accessibility

Normally, when electrical equipment is
undergoing an operating vibration test, inter-
connections between it and associated testing
cquipment are required. Therefore, provisions
in the design of the vibration fixture should be
included to assure cabling and instrumentation
accessibility.

Specimen Coolant Accessibility

Provisions should also be included in the
fixture design for any coolants required during
an operating vibration test. An example of this
would be the case where the test specimens
cooling air access must be through the fixture
itself or where a combination vibration fixture-
cold plate design is required.

Eleciricul Isvlation

In many cases, electrical isolation from
the vibration machine is required. If so, pro-
visions should be included in the fixture design
for such isolation.

Mass Unbalance

To eliminate mass unbalance in both the
vertical and horizontal planes, the combined
center of gravity of the test specimen and vi-
bration fixture should be in line with the vibra-
tion machine center of gravity.

Practical Manufacturing

Ease of manufacturing should be kept in
mind at all times when designing a vibration
fixture. This would, of course, include the se-
lection of proper tolerar.ccg and matcrial.

DESIGN APPROACH

Before beginning any discussion of the
technique by which one may approximate the
natural frequency of a vibration fixture, one
must remember that the natural frequency f
of a system is merely inversely proportional to
the square root of its static deflection; i.e.,

. 1)

nC ooy S, (1)

where f_is in cycles per second, g is gravita-
tional ac cleration in inches per second

squared, and ¢
inches.

<t 15 static deflection in

As the number of degrees of treedom is in-
creased, the complexity of the solution to the
ratural frequency is increased. Gencrally, for
the each degree ui freedom, there will be a
natural frequency which will satisfy the sys-
tem's differential equation. Unfortunately, vi-
bration fixtures are usually of a multiple~
degree-of-freedom type and the solution to any
differ ential equation of an order of three or
above is enough to disccurage any average en-
gineer. It is, therefore, impractical for an
engineer to attempt to seek a solution for this
type of system. The only practical method for
designing vibration fixtures is to reduce the
fixture to simple sections that can be dealt
with, and solved, by single-degree-of-freedom
techniques. The basic technique for determining
the natural frequency of a vibration fixture is
to divide it into a number of simiple shapes that
can be dealt with more efficiently than can the
total complex structure. The simplest of all
shapes, the simply supported beam loaded under
its own weight (Fig. 1), should first be consid-
ered. The static deflection of this beam is
given by

3
SWA
St 384 EI @)
where
W = total weicht (Ib),

E = modulus of elasticity (Ib/in.2),

I = moment of inertia (in.4), and

beam length (in.)

wlib/in.

Oy .

1 - Simply sup-
ported beam

Substitution of Eq. (2) intc kEq. (1) yields

f o= 27.5 y/
'/"

El
n A 1‘4 ' (3)
where

A = area (in.2) = bxh, and

, = density (Ib/in.%).




Equation (3) indicates that the natural frequency
of a simple beam varies directly as vE/, (a func-
tion of material), directly as VI/A (a function of
cross-sectional area), and inversely as £,
Also, assuming a rectangular cross section, in
which I = (1/12) bh? and A - b xh, we can see
from the relationship /1/A that the natural fre-
quency varies directly as h and independently
of b since b adds just as much stiffness as
weight. Upon further investigations concerning
the VvE/» function, we find th~t this parameter
for identical geometric shapes is approximately
constant for a few of the more common f{ixiure
materials (aluminum, steel and magnesium)
which leads us to believe that the natural fre-
quencies would be approximately the same.

Similar relationships can be derived for
the natural frequency of additional beam con-
figurations loaded under their own weight
(Table 1). Since we are atterapting to design
very stiff vibration fixtures, we should only be
interested in the beam configuration's funda-
mental mode of vibration. Additional modes
may be calculated merely by multiplying K by
N? where N =1, 3, 5, etc.

TABLE 1
Natural Frequency Coefficients for
Beam Configurations Loaded Under
Their Own Weighta

Beam Configuration K Value
A O 217.5
1
g 8.9
;- A 42.5
1 ]

] T 61.5
_

2From the relationship,

. « ./ ET
[ [ —
° V oare

Evenly disiributed loads are rarely the
case in fixture design, and in most cases ap-
proximations are made by adding the weight of
the beam to the load carried and determining
the combined deflection as a worst case. The
K values for beams with concentrated loads are
tabulated in Table 2, along with the percent
error in assuming that the total weight is con-
cenlrated rather than distributed. In each case,
the natural frequency calculated by this method
will naturally be lower than the actual frequency
by the percent error. It is felt that this error
merely acts as a small factor of safety in esti-
mating the actual natural frequency.
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TABLE 2
Natural Frequency Coefficients for Beam Con-
figurations Loaded Under Their Own Weight,
Assuming a Concentrated Load

Beam Configuration | K! Valve | Error (%)
e EE— 21.7 19
e 5.4 39
F—— 32.0 27
—r 44.0 28.5

Tables 1 and 2 represent cnly the simplest
of beam configurations and by no means should
be the only ones considered. In designing the
vibration fixtures for the Dyna-Soar Guidance
System, it was necessary to calculate the static
defleclions of many more complex configura-
tions, including double cantilevered, double
simply supported, and simply supported with a
cantilever overhang.

EVALUATION OF FIXTURES
DESIGNED FOR DYNA-SOAR
COUPLER ELECTRONICS UNIT

Vertical Fixtures

The size and weight of the package to be
tested are perhaps the greatest determining
factors in the design of a vibration fixture. The
unit for which this fixture was designed weighs
approximately 95 pounas and has a mounting
base whose dimensions are approximately13 1/2
by 20 inches.

Of ine number of vibration machines avail-
able at Honeywell, the one selected has a capac-
ily ol 3500 pounds peak force and a bolting pat-
tern of holes located on 8- and 16-inch diameter
circles every 45 degrees.

In seiecting a design approach, it was felt
ulat the {iature could be designed nore efficiently
by assuming a configuration based on the effect
of the parameters previously discussed rather
than by determining the shape or section mod-
ules required from deflection characteristics.
Once the basic shape was determined, sections
could be modified as required. The final con-
figuration is shown in Fig. 2. The weight of the
fixture is 84 pounds and its dimensions are ap-
proximately 18 x 21 X 5 1/2 inches. The fixture
is manufactured from l-inch thick aluminum
plate and is of a welded-type construction.




Fig. 2 - Dyna-Soar coupler elec-

tronics unit vertical vibration

fixture

Once the basic configuration was estab-
lished, various sections were investigated to
determine their natural frequency or deflection
characteristics. This is perhaps the most dif-
ficult part of this method because various as-
sumptions must be made as to the loading and
supporting configurations of the section selected.
For instance, sections WR and BJ (Fig. 3) were
treated as double simple beams, sections SR and
KR were treated as double cantilevers, and sec-
tion BJ was treated as a simply supported beam,
as were various pockets in the bottom plate.
Sections LS, SR and KR were treated as a tri-
cantilever, and section L.SRJK was treated as a
complex cantilever. It was fairly evident that
the lowest natural f» equency of the fixture would
occur at the corners, due to the excessive canti-
levered over-hang of the fixture with respect to
the vibration machine. It was also evident from
investigating the stiffness of various sections in-
side the vibration machine bolting pattern that
this section could be treated as if it were fixed
or extremely stiff. Actual data taken afterwards
have proven both assumptions correct. In addi-
tion to the "in-line' natural frequencies, various
sections were investigated for additional cross-
axis or torsional modes of vibration. Calcula-
tions indicated that we could expect a natural
frequency of approximately 1500 cps. Actual
test results proved that the lowest natural fre-
quency was 1260 cps.

Horizontal Fixtures

As in the case of vertical fixtures, cross-
talk motions superiniposed on the basic trans-
lational vibration input are highly undesirable.
One of the major causes of rotational crosstalk
is eccentricity between the line of action of the
shaker driving force and the test specimen-
fixture combined cg. It is, therefore, desirable .
to have a specimen suspension system such as
that of slip-table testing devices which are
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Fig. 3 - Top view of vertical
vibration fixture

extremely stiff in the transverse axis to the vi-
bration input. We may first assume that the
horizontal fixture apprusimates a flat plate
(Fig. 4) and investigate the overturning and
resisting moments. Summing the moments
about A, we find that

EMy = Wa 4 My o+ M - %{rm%ia )

or

g [
R — {Wa + My + My
WYy L

W o ]
t+ — Xa
g

(5)
where

eccentricity between shaker line of
iorce and combined cg,
¥ = combined weight,

acceleration of combined cg in Y di-
rection,

iengih of beam {i.e., 24},

X

)

WY -
3 Y

)

M~ \iN ‘lMIMD
I R

Fig. 4 - Horizontal fixture over-
turning and resisting moments

L




M, = resisting moment caused by inertia
of oil,

M, = resisting moment caused by damping
force of oil,

X = acceleration of ccmbined cg in x
direction, and

g = gravitational acceleration.

It is extremely difficuit to determine the dy-
namic resisting forces exerted on the plate, but
their net effect is one which helps reduce cross-
talk inputs into the test specimen.

To evaluate the paran: t=rs involved in the
design of a horizontal fixture, we will analyze
the fixture as if it were an end-loaded longitu-
dinal bar as shown in Fig. 5 {1]. Since the dis-
placement along the bar is a function of both
time and distance, we must solve the resulting
differential equation by the method of separation
of variables.

«—— SHAKER DRIVING

— 31 4

B cos wt
-

P = siress (t) =~ area (A) or total
force on element (b),

f = unit stress (psi),

A = cross-sectional area (in.2),

te
i

= modulus of elasticity (Ib/in.?),

= strain (in./in.),

L = mass of element ABCD,

—" = accclcration of element ABCD, and

. = density of material (Ib/in.3),

Summing the forces on the element yields

2
P+<”Ad") A pogp - 0 (6)
ot -’

«—— SLIP PLATE FIXTURE

]
L _E| IE— dx

|o——— SLIP TABLE

Fig. 5 - Horizontal vibration fixture analysis

The element ABCD as it is displaced dynami-
cally by the input force B cos <t can be ana-
lyzed in the following manner:

A A’ B’

|

|

P - B f———P + dP

! (s A dx) 32

|

3 \ g / t2

D D' C

where

» = displacement of cross section AD (in.),

NOTE: References appear on page 265,
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or
02
ap = (CAD) Ta (M
\ il / 12
But P - A-f and f - E(%. 'x) and, therefore,
P = AE -; o (8)
By substitution
2P y 2
dP = = dx AE =L | 9)
X 2

X

By ecquating Egs. (7) and (9), we find that
2

t‘z (.Ez) (10)

By letting Eg a? and substituting, Eq. (10)
becomes




2

2
S

11)

f

"
=

't X

Since the displacement is a function of both
time t and distancc along the axis x (i.e.,
Tkt X xy T(1,), we may consider the solu-

tion tc be of the form [2]:

Xexy Teey

ek, ey

X . o0x
l-C‘ cos — + C, sin —] B cos ot. (12)
L a < a

-

The problem now is to determine the coef-
ficients ¢, and ¢, from the boundary condi-
tions. When X - 0, u = u_ = B cos .t. Substi-
tuting this into Eq. (12), we find that ¢, - 1.

When X ‘, the stress E(o. ox) is zero. Since
o [cos Xy C, sini—x—]B cos ot .
a a
- -2 sin2X+ Z¢. cos =x7 B cos -t. (13)
X a -’ a a "2 T a h

Substitution of the boundary condition into Eq.
(13) yields

0 - —sin— + —
a a 7

a

C, cos 1_J B cos «t (14)
or

C, tan — .
- a

(15)

Therefore, the final solution is of the form

P

pas S pamie gim SLX| B cos t. (16)
Xp) a a a |

Since transmissibility of output over input
is given by

u - -
Ccos ——
a

a7

‘ . X ]
+otan — .\‘HITI o
= a |

a

at resonance with no damping, the transmissi-
bility will approach infinity or

1 N
tan (—1> —2— .

where N =1, 3, 5, elc. Therefore, at resonance

(18)

a

N l rad sec. (19)
2

But a - VEg

substitution

and . - 2-fy; therefore, by
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N /E
iy a7 V—% cps. (20)
This analysis was made assuming a con-
stant cross section. We can, therefore, see
from Eq. (20) that the natural frequency of a
slip plate fixture will vary inversely as the

length ¢, directly as /E/ which is a function
of the fixturc material, and independently of the

cross-sectional area although ihe fixture should
he as stiff as possible to reduce undesirable
crosstalk inputs.

The horizontal fixture designed for the
Dyna-Soar coupler electronics unit (Fig. 6) con-
sisted of an aluminum jig plate approximately
20 inches by 26 inches thick and weighed ap-
proximately 110 pounds. Its flatness was held
to 4 by 10-4 inches T.I.R. The calculated first
resonant frequency was 1890 cps and actual test
results indicated a first resonant frequency of
1600 cps.

Fig.

{ - Dyna-Soar coupler electronics
unit horizontal fixture

SCMMARY

We have found at Honeywell that we can de-
sign vibration fixtures and predict with a fair
degree of accuracy their natural frequencies by
the methods described in this report. It should
be noted, however, that this method requires
various assumptions to be made as to the load-
ing and supporting characteristics of the [ixture
sections investigated. This can be extremely
difficult for complex structures, but it does give
the engineer a fair approximation of the natural
frequency which, in most cases, is all that is
desired.
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DESIGN AND UTILIZATION OF
ENVIRONMENTAL TEST FIXTURES*

Wilson S. Gorrell
Martin Company
Baltimore, Maryland 21203

The basic test fixture design parameters applied to a Martin thermal
insulation evaluation program are described, with a discussion of fix-
ture weight, size, resonant frequencies, fabrication techniques, cost,
specimen operating parameters, electromagneiic shakexr force output
and center of gravity and specimen effects. These considerations are
applied to a fixture that was designed {or both static and dynamic load-
ing at arnbient ternperatures up to 1700°F. The essential purpose of
the program was to determine stress-g¢irzin relationships, spring con-

INTRODUCTION

stants and dynamic properties of the thermal insulation material.

multiple usage fixtures with specific application

Throughout the aercspace industry, engi-
neers are confronted with the tasic of providing
reliable, low-cost components that will perform
their iatended functions when subjected to the
mechanical and climatic environments of stor-
age, transportation, and service. Component
conformance to the design specification is sub-
stantiated through a series of design develop-
ment, evaluation and qualificaticn test environ-
ments. Although comnonents are subjected to
both mechanical and climatic environments, the
mechanical environments (shock and vibration,
in particular) induce the greatest number of
structural failures.

A vibration test fixture should provide an
inexpensive, lightweight mounting surface that
is sufficiently rigid neither to magnify nor to
attenuate the test environment. General design
guide rules are useful; but due to the large
variety in specimen sizes, shapes and weights,
each fixture must be evaluated for a particular
situation. Specialized test fixtures successfully
designed included a cast fixture to permit vi-~
bration along three axes not coincident with the
major component axes and several "universal"
test fixtures eliminating the need for a slide
plate. The purpose of this paper is to presen:
the considerations employed in the design of

*This paper was not presented at the Symposium.

to a thermal insulaticn development program.

Due to electromagnetic shaker limitations,
major importance is attached to the fixture's
weight and size, which are governed directly by
the specimen weight and size. Various methods
are available for reducing fixture weight: se-
lection of lightweight materials such as alumi-
num and magnesium; use of extruded shapes
such as I-beams, T's, angles, channels, and
tubing; and good engineering design with a min-
imum safety factor throughout. Generally
speaking, a fixture-to-specimen weight ratio of
two to one is the best that can be expected.

Resonant frequencies raust be cunsidered
for fixtures subjected to vibration and shock
environments. The resonant frequency of a
beam is directly proportional to the square root
of the ratio of modulus of elasticity E to
weight w:

@ 8

Since the E’w ratios for aluminum, magnesium,
and steel are approximately the same, assum-
ing equivaleit beam size and end mounting con-
ditions, each of these materials will have
essentially the same resonant frequencies:




EA] 1 3Esteel' YAl 1’3wstecl' EMg 1 SEstee]‘
wg - 1 5W .oy therefore,
f = f - f . 2)
Dsteei MAt My (

If stiffness and strength are not major require-
ments, the use of lightweight materials such as
aluminum and magnesium is a definite advan-
tage in fixture design.

Present-day vibration specifications gen-
erally require a test {requency range of 10 to
2000 cps. The ideal test fixture should be de-
signed to assure that all resonances are outside
the operating frequency range of the specimen.
Difficulties will arise if a fixture is designed
for vibration only in the assumed direction cf
excitation. Specimen mounting eccentricities,
specimen vibration, and shaker-table stiffness
irregularities can induce crosstalk in the side
planes. Specimen weight and its distribution
must, therefore, be considered for fixture stiff-
ness in all three planes. A comimon fixture
fault that contributes to fixture resonances is
unsupported overhanging corners of a flat plate.
This detrimental effect can in some cases be
minimized by removing iite unnecessary pro-
jections.

Fabrication techniques influence the stiff-
ness of a fixture. A casting, for instance, is
more rigid than a weldment; both are superior
to bolted constructions. Cross sections of such
assemblies are shown in Figs. 1, 2 and 3.

Fig. 1 - Casting

- - Fig. 3 - Bolted
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The sne-piece construction of Fig. 1 is
completely attached between a-b. Surface a-b
in Fig. 2 is not attached since the connectien is
made only through the welded fillet area. The
only connection between the surfaces of Fig. 3
is through friction and tension applied by the
bolts., When a bolted construction becomes
necessary in soft materials such as aluminuni
or magnesium, the use of Rosan or Helicoil
threaded inserts will aid in applying greater
torque to the bolts.

Fixture costs should also be considerced.
A casting would generally be more expensive
than a comparable weldment or bolted construc-
tion, but by reducing unnecessary finishes to
the casting wood patterns and unnecessary tol-
erances to the fixture, the cost of a casting
could compare favorably with a welded or
bolied construction. Fxpensive materials and
nonstandard components should be eliminated
where possible.

Fixture design is also influenced by such
operating conditions as high temperature, hy-
draulic pressurization, external wiring, speci-
men operating space, and normal accessibility
provisions. For example, high operating tem-
peratures may require special insulation or
cooling techniques. A pressurization system
could possibly require the fixture to contain
high-pressure liquids. Provisions for acces-
sibility, cabkling, and normal specimen operat-
ing space may necessitate a larger and more
complicated fixture than ordinarily planned.

Finally, the electromagnetic shaker force
output and loading techniques must be consid-
ered. Each electromagnetic shaker and ampli-
fier system is rated for a maximum force out-
put over a specified frequency range. The
maximum available acceleration that can be
applied to the specimen and fixture can be de-
termined as follows:

shaker force output (1b)
(wt fixture + specimen
+ armature + cabling) (Ib)

acceleration =
(g)

(3)

The center of gravity of the fixture and speci-
men should be designed to eliminate any static
eccentric loading to the shaker armature. Al-
though guide rails are provided to restrict the
motion of the shaker armature, any offset load
condition could cause excessive wear or bind-
ing. Cohesive forces exerted between the slide
plate and table by the lubricant tend to reduce
the bending moment at the shaker armature;
however, this force could be exceeded for a
large unbalance.




Prior to conducting any vibration program
on the specimen, the fixture should be surveyed
for critical resonances in the operating test
range  Thic anrvey should he conducted with a
simulated component that duplicates the weight,
center of gravity, stiffness and inertia of the
specimen. If, in spite of detailed design analy-
sis, further compensation is required to nullify
the effects of a fixture resonance within the test
frequency range, then the control accelerometer
can be judiciously located on the specimien.

THERMAL INSULATION EVALUA-
TION TEST PROGRAM

An evaluation test program was conducted
on a material used both for structural support
and thermal insulation at high temperatures.
The purpose of the test was to determine
stress-strain relationships, spring constants,
and dynamic properties at various tempera-
tures and then to evaluate the material appli-
cability.

To perform these tests, the fixture had to
withstand static loads up to 5000 pounds with
temperatures to 1700°F. In addition, the fix-
ture was required to support the material dur-
ing vibration on a shaker at low-level accelera-
tion inputs (Figs. 4 and 5).

Since the fixture would operate at high
temperatures for sustained periods of time,

a method of insulzaiing the fixture had to be
developed. Initially, the required temperature
of 1200°F was to be supplied by a heating pad
arrangement. Since available structurally
rigid insulation materials for the fixture
lacked the thermal insulation property of the
specimen and would have resulted in a bulky
and expensive fixture, an internal water-cooled
system with a nominal amount of thermal insu-
lation by castable concrete was employed

(Fig. 6). The temperature requirement was
later increased to 1700°F, a lemperature ex-
ceeding the output of the original hot pad. The
fixture was modified to use a 2 1/2-kw induc-
tion heater, which contained its own cooling
provision. This system represented improve-
ments in two major areas:

1. The high temperatures could be ob-
tained; and

2. The heater coil circulation system
carried a portion of the "waste heat'" away from
the fixture.

The fixture circulation system presented a
secondary problem to the static load and vibra-
tion requirements. Since the test fixture was
required to support the specimen during static
loading, the support should have consisted of a
solid plate under the specimen. However, pro-
visions for the cooling system required com-
plete circulation throughout the base plate. The
loading head (with springs) was bolted to the

Fig. 4 - Thermal insulation test fixture




t1g, 5 - Internal view ot thermat
insulation test fixture
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Fig. 6 - Operating diagram of
thermal insulation test fixture

top fixture plate to permit prestress loads
during vibration.

The fixture base was drilled to match the
16-inch diameter boithole pattern of a MB C-25
electromagnetic shaker. Due to the inconven-
ience of removing insulation from the fixture,
the center bolthole was not drilled. However,
should a base plate resonance have occurred in
the test range, provisions were made to

include the center mounting poinc through the
cooling core.

Deflection data were me=2sured between the
base plate and the movable loading head. Dur-
ing the static load test, measurements were
recorded with the variable force applied by an
external hydraulic press. Since deflections
were measured relative to the fixture, the tem-
perature of the fixture had to be maintained at
a constant level.

The completed fixture was composed of
cast and welded aluminum structures. A com-
plete casting with cooling surfaces along the
bottom plate of the fixture would have been ex-
tremely difficult to fabricate; therefore, the
bottom plate was machined separately and
welded in position. Vertical holes were drilled
in the basic casting for the side cooling core.
The movable loading head was also water
cooled and censisted of a welded assembly.

An input of 1 g (Accelerometer 1) from 20
to 2000 cps was maintained both with and with-
out preload on the loading head. The fundamen-
tal resonani frequency (preload) occurred at

520 cps with a transmissibility Q of 3C at
Accelerometer 3 (Fig. 7). Without the preload,
the resonance occurred at 1660 cps (Q = 20 at
Accelerometer 3). The base plate resonance
was 2100 cps (Q = 30 at Accelerometer 4).
This fixture resonance is higher than that




anticipated for the sample material, thereby
assuring sufficient decoupling. With an input
load of 5000 pounds to the loading head, the tare
deflection of the fixture was 0.024 inch at room
temperature and a 0.020 inch at 1000°F,

L oomoocmmommams

Fig. 7 - Accelerometer location

The original design parameters for a vi-
bration test fixture were considered throughout
this analysis. Since a maximum acceleration
input of 1 g was to be applied, the fixture weight
(112 pounds) was not critical. An MB C-25
shaker with a 3500-pound ‘orce output was
more than adequate. The fixture assembly was
designed mmetrically to eliminate any ec-
centric loading to the shaker armature. A
combination of casting and weldments minimized
the manufacturing expenses but maintained the
rigidity and high resonant frequency.

With the cooling core, this fixture is capa-
ble of operating at even higher temperatures,
limited only by the outputs of the induction

™o
[y

heater and the 2400° ¥ limit of the Harbison-
Walker castable concrete insulation.

One of the methods proposed for determin-
ing the resonant frequency of the thermal insu-
iation material under temperature and preload
is illustrated in Fig. 8. It is imperative that
the instrumentation be located on the loading
head, sufficiently separated from the high tem-
peratures and electrical fields. This setup will
be calibrated to determine the resonant fre-
quency of the loading head-spring system.

b
-

T

1
}.__4

Fig. 8 - Resonant frequency
determination of sample

The design of environmental test fixtures
requires many considerations. These include
fixture weight and size, resonances, fabrication
techniques, cost, specimen operating parame-
ters, electromagnetic shaker force output, and
center of gravity of fixture and specimen. The
design of each test fixture requires special
analysis, but the techniques and principles de-
scrived for the thermal insulation fixture apply.
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DESIGNING TIGHT BOLTED JOINTS FOR
VIBRATION ENVIRONMENT

O. John Zamparo
MB Electronics
New Haven, Connecticut

A bolted joint subjected to vibration can decouple, or separate, even
though it is satisfactory under static conditions. Inefiective force trans-
fer and loose bolts are aften the result of decoupling. The problem can
e solved by utilizing large contact areas and short, highly preloaded
nolts. All screw locking devices are nut hielpful; some actually contrib-
ute to decoupling. This paper discusses decoupling and presents spe-

1 cific recommendations for bolt selection and tightening.

INTROUDUCTION

When two surfaces must be mated to effect
force transfer between them, the question of
fastening arises. For temporary joirts, the
usual case for vibration test fixtures, threaded
fasteners arc the most practical type. The
joint thus formed is commonly called a bolted
joint even though the "nut" is a threaded hole
in one of the structural me.nbers.

Under vibration conditions, many factors
contribute to the loosening of bolted connec-
tions. Decoupling of the mating parts is often
the most likely cause of this prcblem and the
least understood. By definition, decoupling is
the separation of two masses which are in-
tended to vibrate in unisor..

The primary requirement of each fastener
is that it remain tight for the desired duration.

Loose fasteners can be classified as structurally

failed, backed out, or excessively resilient.
Structural failure of the vibrating fastener is
related to fatigue strength, a subject well docu-
mented in the literature and handbooks. Claims
are nulade for many products which eliminate
the backing out of screws. The resilience of a
joint, however, is often neglected. It is the
resilience that determines decoupling which, in
turn, ai{fccts the structural failure and backing
out of screws.

The scope of this paper is a discussion of
the factors which affect decoupling, the rela-
tionship of decoupling and locking devices,
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and vecommendations for designing tight
belicd joints.
LIST OF SYMBOLS
A Stressed area (in.2)
A, Stressed area of bolt (in.2)
A; Stressed area of fixture (in.?)
5 Deflection or elongation (in.}
,  Bolt deflertion (in.)
. Fixture deflection (in.)
E  Modulus of elasticity (Ib/in.%)
Bolt modulus of elasticity (1b/in.<)

E, F'uéture modulus of elasticity (b/
in.%)

¥ Dynamic forcc (Ib)
f Maximum test frequency (cps)

f Resonant frequency (cps)

G Acceleration level, multiples of g

g  Acceleration duc to gravity = 386
in./sec®




Mass density (lb-sec?/in.?)

¥

K  Stiffness (Ib/in.)

K, Assembly stiffness (Ib/in.)
K, Bolt stiffness (Ib/in.)

K¢ Fixture stiffness (Ib/in.)

Active length (in.)

4L,  Bolt active length change (in.)

ni;  Fixture active length change {in.)
P  Prestress load or preload (ib)
P .x  Maximum bolt load (Ib)
AP Change in preload (b}
W  Total weight (lb)
W; Fixture weight (Ib)
W,  Specimen weight (1b)
U  Ultimate bolt strength (ib)

AMPLITUDE CONSIDERATIONS

Fixture bolts clamp best when used to
counteract forces acting parallel to the bolt
axis. By this means, clearance between mating
parts is easily eliminated. Ii bolts are used to
counteract forces perpendicular to their axis,
the security of the joint is dependent on friction
between mating parts, bolt clearance, dowels,
or shoulders. The reliability of such joints
under action of oscillating forces is guestionable.

Inertia-produced decoupling can be analyzed
using the simple bolted joint shown in Fig. 1. A
bolt of cross-sectional area A, is used to con-
strain a section of fixture to the exciter table

BOLT -HARDENED
- sTEEL
_Ap

—— FIXTURE

INSERT -
__ HARDENED
STAINLESS
STEEL

3 D> 8
£ £ 27 EXCITER
TABLE

1

Fig. !

- Simple bolted joint
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insert. When the bolt is tightened, it stretches
an amount &, and causes a compression 5, in
the fixture. It is assumed here that the stressed
area A; under the bolthead is the same as that
at the fixture-insert interface. Further, it is
assumed that negligibie deflection occurs in the
bolthead and insert because of the relatively
high stiffness in those areas.

Tensile load P is introduced into the bolt
by tightening. The bolt is prestressed in tension
and a section of the fixture is prestressed to the
same force level in compression. The deflec-
lion of each component is inversely proportional
to its respective stiffness K, according to the
relation ¢ = I/K, where K = (EA)/L, E is the
elastic modulus, A is the stressed area, and L
is the length of the deformed part.

’

When vibration cccurs, inertia of the
specimen-fixture combination exerts an addi-
tional fluctuating force F on the joint. This
force can be computed from F = (W_+ W) G,
where W, and W; are the specimen and fixture
weights, respectively, and G is the vibration
acceleration level expressed as a multiple of
the acceleration due to gravity.

Figure 2 graphically represents these cir-
cumstances. The level of preload P is attained
as a result of bolt extension 5, and fixture
compression ¢; reaching a condition cf equi-
librium. Dynamic force F due to acceleration
fluctuates about the level of preload. The de~
flection of the bolt-fixture combination due tv
the action of dynamic force F is determined by
the stiffness of the assembly K, which equals |
K, + K;. When the deflection of the system
reaches the deflection of the least statically

g
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Fig. £ - Bolted joint load-
deflection diagram




deflected component, in this case the fixture,
separation occurs.

FREQUENCY CONSIDERATIONS

Figure 3, a schematic of Fig. 1, shows X,
and K, as springs in parallel. Damping is
considered negligible. The resonant frequeicy
of this system is

s Ay

r

2k
. m

v

where W= W;+W_, K, = K+ K¢, and ¢ is the
acceleration of gravity. This assumes the

relative to w.
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Fig. 3 - Schemnatic of
bolted joint

Since the system readily vibrates at the
natural frequency, separation of the joint can
occur much more readily at this frequency than
at the frequencies much displaced from it. For
a given testl spceimen, fixture, and frequency
range, a rigid joint must be designed to avoid
decoupling. The stiffness required is propor-
tional to the square of the frequency.

Boilt axial resonarce, 2 more remote
mechanism of decouplinig, becomes apparent
when the bolt itself vibrates in the mode char-
acterized by alternate lengthening and shorten-
ing in the axial direction. The frequency at
which axial resonance occurs is

1 /E
fra = -ﬁ‘v-yy (2)

where L is the free length of the bolt, E is the
elastiz modulus of the bolt material, and y is
the mass density of the waleriai.

The ratic E/v is approximately 4 X 10t0
in.? /sec? for steel, aluminum, and magnesium,
A steel bolt clamping a fixture of those mate-

rials will rcsonate with them if excited at the
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proper frequency. The effect produced would
be a general softening of the joint without sepa-
ration of the mating surfaces. The response of
the specimen would deviate from that of the ex-
citer. A steel bolt clamping a fixture of beryl-
lium, for which E/¥ is approximately 25 x 1010
in.z/secz, would resonate at a lower frequency
than the fixture, thereby allowing the mating
surfaces to separate at that frequency.

LOCKING DEVICES

Decoupling occurs during vibration when
the bolt stretches and allows the fixture to un-
seat at the fixture-insert interface. For this
part of the cycle, inertia forces are acting to
separate the fixture from the exciter table. On
the portion of the cycle when inertia iorces re-
verse, the bolt loses contact with the fixture
and is then free to turn. The resulting loose
screw is oftei: considered to be the cause of the
problem rather than, more appropriacely, the
effect. The use of a locking device to prevent
screw rotation would not completely solve the
problem.

There are situations where decoupling may
occur at rare occasions, e.g., the wiaely spaced
high g peaks of random vibration testing or sud-
den accidental shock loads. In this case, the
turning bolt can allow the preload to be perma-
nently lost and cause decoupling at progressively
lower force levels. Therefore, there is a place
for the bolt locking device.

Locking devices can be classified as me-
chanical, frictional, and adhesive. Of the me-
chanical devices, wires and cotterpins are least
desirable since they tend te rattle and produce
noisc-on test instrumentation. They can fail if
vibrated at their resonant frequency too long.
Also in the group are the sundry lockwashers
which tend io defree the fixture The split-ring
type, when used with properly tightened scre\(rs,
flattens and loscs much of its effectiveness.
These washers and star-type lockwashers often
act as springs in series with the fixture flange,
thereby softening the joint and inviting decou-
pling. Short of welding, staking in place is
probably the most eftective of mechanical lock-
ing means, but this can eliminate reuse of the
fasteners and fixtures.

Among the friction devices, jamnuts arec
probably the oldest. Their chief disadvaiitage
is that once loosened, they are no longer effec-
tive in retaining the fastener in the joint. In
this group, the prevailing-torque screws and
nuts which utilize deformed or interference
threads and nonmetallic inserts are preferred.




Limitations are temperature effects on the
plastic inseris and defaced threads.

Nearly every engineer has at least at-
tempted to disassemble a rusty bolt, the result
often being a sheared screw. There are ce-
ments available which lock the threads by simi-
lar action. One such product can be applied io
the assembled and tightened screw, where it
wicks into the threads and bonds them in posi-
tion. Upon removal, screws so treated hehave
niuch like prevailing-torque devices.

BOLT DIAMETER DETERMINATION

To obtain a tight, effective bolted juint, the
first step is to calculate the maximun: unseating
force to be experienced from F = (W;+W,)G, an
equation explained previously. Under action of
force F, the residual load on the fixture is
P - \P, where AP is a load decrease less than
prestress load, a requirement for avoiding de-
coupling.

The maximum bolt load P_,, is equal to the
residual load in the fixture plus F, or

P = P-AP + F.

max

()

The change in length of the bolt approximates
the change in length of the fixture so that it can

be assumed that “L, - ~L,. Thecreiore,

APL
AE;

(F -APYL
AI)Eb

which reduces to

___F
AhEh

— 1
AfE¢

OP =

4)

Published tables of bolts generally list
clamping loads as 80 percent of ultimate boit
strength. If the increase in bolt load undcr dy-
namic conditions is allowed to be 20 percent of
the difference between clampiag force P and
ultimate bolt strength U, ther P  =0.20
(U-P) + P, which reduces to

P 5

max

1.05 P. (5)

Combining Egs. (3), (4) and (5) results in
an expression which provides sclection of a
bolt based on reguired clamping loac or pre-
load,

. N
1 \

T 0F [———\ .

AE
N

AI)Eh

(6)
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Published clamping loads vary for different
SAE bolt grades. This allows the selection of a
few diameters for a desired clamping load.

BOLT LENGTH DETERMINATION

To transmit forces eifectively across the
bolted joint with gocd response, ¢ and f__
should be al leas! five times thc highest antic-
ipated test frequency, f . . For a given bolt
diameter, boit length can be determined from

 2(BpApt EgAp
W(107 f

()

2
max)

which is derived from Eq. (1) with appropriate
substitutions. The bolt diameter and/or quan-
tity may require an increase to arrive at a
reasonable bolt length. By substituting the
length into Eq. (2), the possibility of axial reso-
nance can be investigated.

In general, it is best to select a bolt as
short as practical to raise f_ and f_, above
the test frequency range. Howcver, in addition
to physical limitations, bolt length may be dic-
tated by the energy absorption potential required
to prevent failure. In cases where a joint is
subjccted to high accelerations or shock, short
highly strcssec boits may fail at the root of a
thread because of their inability to deflect and
absorb the high impact energy. Use of a larger
number of bolts turned to thread root diameter
along the free length can prevent failures of
this type.

PRELOAD DETERMINATION

To realize the full potential of a high-
strength screw, it must be tightened to a high
preload level. 1t is difficult to determine pre-
cisely the force in the bolt, especially since
iriction accounts for a large portion of tighten-
ing torque. Handbooks often statc an avcrage
torque value 1or both dry and lubricated threads.
Variations of 20 to 20 percent between the two
values are common.

When uncertain of tightness in a particular
application, test samples of identical jeints are
helpful. Here the torque can be relatced to lcad
by use of special load-detecting washers of
strain gage or calibrated spring type.

AR T,
If both ends

of the sample bolt are acces-
sible, a micrometer can be used to measure
bolt elongation and the load computed from

5 = PL/AE . To rule out {riction variations, boit




load can be plotted as a function of bolt rotation
after the bolt has been tightened ''finger-tight."
Boltsthus calibrated are ready for the actualas-
sembly, with a high degree of reliability, especially
ii seasoned with adash of thread-locking adhesive.

SUMMARY

Decoupling of a bolted joint under vibration
conditions contributes to ineffective force
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transfer as well as to locse screws. The
joint must be stiff to overcome the problein.
Satisfactory joint stiffness requires that large
areas of contact and short belts be utilized
along with a high degree of bolt preload.
Screw locking devices do not necessarily help
and they can make conditions worse. This
paper has presented an approach to the prob-
lem with specific design recommendations for
bolt selection and tightening.

*




FIXTURE DESIGN

Panel Session

Moderator: Dr. R, M
Panelists: Mr. R. L
Air. K. A
Mr, L. E
Mr. L. G
Mr. F. C
Mr, O, J.

. Mains, General Electric Co.

. Bergey, Burroughs Corp.
. Jenicelx, McDonnell Aircraft Co,
. L.utz, Honevwell, Inc.
. Smith, Douglas Aircraft Co.
. Tolleth. Autonetics
Zamparo, MB Electronics

The discussions which took place during the panel session on fixture
design thake up the following paper. All remarks have been edited for
clarity and some have becn omitted, usually because they repeated
points brought out earlier in the discussion. For the most part the
comments appear in the order in which they were made.

Dr. Mains: Mr. Tolleth, what do you do
when you get a resonance in the system so that
the center of gravity dynamically is not the
same as the center of gravity you balanced out
so nicely when you set up the fixture ?

Mr, Tolleth: It is my opinion that there
isn't really a lot you can do about it unless, of
course, you have a very simple system; how-
cver, in order to minimize the problem of hav-
ing dynamic unbalance, you want to make surc
in the beginning that you are balanced statically.
If you don't balance statically, you are accentu-
ating the problem dynamically. For a system
of any complexity you will never get rid of dy-
namic unbalance except, perhaps, by designing
some sort of a governor for balancing auto-
matically.

Mr. Cost (White Sands Missile Range): We
have had trouble in using T-brackets with
welded sections. These welded sections crack,
causing high resonance conditions in them and
invalidating testing. I noticed there was a lct
of welding in the fixtures made by Douglas Air-
craft, and the fixture made by Mr. Lutz seemed
to be all welded. Wouldn't it have been much
simnpler to cast the fixture and eliminate all the
welded joints, or do we have better welding
now ?

Mr. Smith: Our fixtures are welded so
that we can more readily make any required
changes to them. It is easier to change a fixture

that is welded than it is to change one that has
been cast. You caii't weld all cast materials.

Mr. Lutz: As a point of interest, in most
cascs you can eliminate cracking adjacent to
welds if you will stress relieve and heat treat
your weldments before you finally machine
them.

Mr. Smith: I'd like to add that the kind of
stresses we are talking about are rather low.
If you do stress relieve, I don't think you have
any problem; at least we don't in our fixtures,
and they are pretty big fixtures.

Mr. Jenicek: We have found that making
sure our joints are axially loaded takes care of
any troubles that we have with cracks.

Mr. Gorton (Pratt & Whitney Aircraft):
One gentleman had a very heavy welded fixture
that was 4 inches thick made out of 1 inch by
4 inch bar stock and another plate that was 2
inches thick. He said that these were to be
attached to scme electronic components, I be-
lieve. To me, a box full of electronic compo-
nents is usually quite rubber-like. When you
put this in a vehicle somewhere, I presume it
is not going to have the 4-inch thick backing
plate to keep it from wobbling around. What is
the meril of testing it while it is supported by
a 4-inch thick backing plate?

_ Mr. Smith: This is one reason that we
have such large sKin panels. We try to keep




our associated skin area far enough away from
the actual item we are testing so that we philo-
sophically justify the test. You might say we
are only looking at an island of our skin panel
as the test specimen.

Mr. Gorten: 1'm not sure you had the one
I'm thinking of. There was a rectangular fix-
ture 4 inches thick and about a foot and a half
square.

Mr. Lutz: Our packages are mounted on
small bosses so we are not using the fixture
itself to stiffen vp the package.

Mr. Gorton: As long as there are four or
more bosses hooked tc this heavy structure,
three points determining a plane, you have
stiffened the box whether you wanted to or not.

Mr. Lutz: Tagree, bul this wasn't our re-
sponsibility. We're not mounted flush to the
fixture itself. We are up on bosses so that the
centers are free to deflect between the mount-

ing points.

Mr. Bergey: Iwas talking to Dr. Mains in
this conuection earlier inday. We had to test a
computer which was about the size of the ros-
trum on a fairly small shaker head and with
overhanging mounting points. We wound up with
something rather similar to what Mr. Lutz was
discussing simply ecause we wanted fo kecep
all the mounting points going up and down to-
gether. There was space underncath for the
piece itself to deflect. You need a rather stiff
suppcert to make your shaker hecad appear
bigger.

Dr. Mains: That's an interesting philo-
sophic question having to do with the conduct of
the test. Should you force the mounting points
to stay in a plane when, at some frequency, they
want to get out of the plane to accommodate a
particular mode ? That is a good qguestion and I
wish I knew the answer to it.

Mr. Fischer (AiResearch Mfg. Co.): Like
many others, we use a lot of magnesium and
aluminum in our fixtures. We have found that
we have to be carcful when bolting down in alu-
minum. We have used a number of stcel wash-
ers about 1/8 inch thick with precision-ground,
flat surfaces in order to get good transfer. I
would like Mr. Zamparo to comment on that.

Mr. Zamparo: If the washer is a hardened
washer with flat, parallel surfaces so that it
itself does not introcuce any spring rate, it will
ranse the bolt to be longer and therefore will
lower the natural frequency a bit. I by virtue
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of this washer, however, vou pick up a larger
area of the fixture, then you are iucreasing
that spring rate and the net result is unpredict-
able. There is no doubt that a washer is a
must when there is a possibility that the bolt
head may shcar a little of the hole I.D. It must
be a fairly heavy washer, however, which has
flat parallel surfaces and is very stiff in itself.

Mr. Tischer: We do use a hardened steel
which is quite thick. Our fixtures are ground
down with 4 recess point so that the bolt does
not have to go through more than 1 inch of ma-
terial. This keeps our bolts quite short.

Mr. McGinnis (ITT Federal Labs.): Mr.
Zamparo, do you use the belts dry or oiled ?
Secondly, when you go to the table to get your
recr.mmended torque values for & high strength
steel bolt which you are going to thread into
magnesium, what torque value do you decide
upon ?

Mr. Zamparo: If you use the bolt elonga-
tion technique aad bolt rotation, then you bypass
torque. A burr on a thread, oil, some epoxy,
or anything eise in there won't affect the joint
too much. My recomincndation is to get away
from the problem of factors that magnify the
torque without actually causing a bholt elongation
and freceload. Secondly, you talked about thread-
ing into fairly weak materials. Here it would
be possible to put an incert intc the soft mate-
rial so that you then have a threaded fastener
of o much larger diameter than the bolt diame-
ter. You thereby pick up a lot of the area in
the soft material which is the purpese for using
inserts in the exciter tables. You would then
utilize the strength of the bolt because it is
going into a threaded part of a harder matcrial
than the soft parent material of the table. Docs
that answer that question?

Mr. McGinnis: Not compietely. Sometimes
vou are furnished an item that alreacly has a
tapped aluminum hole and vou den't have the
choice of putting an insert in. What kind of
black magic do you use to pick the number ?

Mr. Zamparo: Well, T can only answer in
general terms. Try to use as many bolts as
pnssible as one approach. Another would be, if
you can in any way, to drill ail the way through
the member and don't use the threaded part.
Say you have 2 web and a magnesium structure;
drill right through and put a nut on the back. In
these weird cases in which there is only a small
amount of area to work, helicoils have been
used to beef up the structure. If you don't have
enough stock, you are just stuck with the situ-
ation and you'd have to redesign the whole area
to get it to a higher frequency.




Mr. Harveyv (USN Underwater Sound Lab.}:
1 think this is the first time I've ever heard six
people talk about {ixturing and haven't heard
that nasty word "impedance.” Ithink some-
times we get so involved with the test that we
forget why we run the test. As an example, one
of the panelists was talking about strapping
down portable gear to assure linear motion.
I'm sorry, but I can't quite buay this concept.
When a piece of gear is strapped down on a ship
or a tank, nobody really cares if the motion is
lincar. s thc purpose oi our test cnvironmental
simulation? If it is, we rnust look back into the
fixture where the package is being attached. I
quite frankly don't understand why we wan' this
perfect linear motion. Why, on these portable
equipment tests, was the gentleman concerned
with restraining the motion? He taiked about
using side rails so the equipment wouldn't kick
sideways. This tends to abort the purpose of
the specification.

Mr. Jenicek: This is true from strictly a
mobility standpoint, but {rom a vibration stand-
point where you arc looking for a frequency re-
sponse, you can't have your spccimen sliding
cn your shaker top.

Mr. Harvey: Is the purpose of your test to
simulate the environment or is it an R&D effort
to determine the responsc of some discrete
part of your item ?

Mr. Jenicek: You are tallzing about two
separate tests. We run R&D tests and we also
run environimental tesi= to simulate actual con-
ditions.

Mr. Harvey: That's the reason you had me
confused. You did mention Mil-Std-167, which
is purely an environmental specification.

Mr. Jenicek: One of e reasons 1 men-
tioned this particular specification was because
it was a low frequency test. As I mentioned in
my talk, these three attachment methods were
strictly for low frequency type testing.

Mr. Brown (Texas Instruments): My ques-
tion is to Mr. Zamparo from MB. Havc you
done any work on combined temperature with
vibration? When you torque down a specimen
or fixture to a vibration carriage and then
change the temperature, materials will expand.
Wouid you recommend retorqueing or recheck-
ing your torque to prevent deccupling ?

Mr. Zamparo: I think the tirst approach is
to see whether there is going to be a problem
of differential expansion. Once you'vc deter-
mined that there 1s a problem, then vou want to
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know the degree. I you know you are going to
tighten something up at room temperature and
then have to submit this whole test to a high
temperature environment, it's possible to cal-
culate a lower stress for the situation and allow
the whole specimen to come up to the test tem-
perature before you apply the vibration. This
would limit your bolt stress. it depends upon
the situation in that case.

Mr. Gorton (Pratt & Whitney Aircraft): I
have another question in the nut and bolt de-
partment. Earlier someune was advocating the
use of a littlc stec! washer with teflon facing
icr the measurement of forcc beiween the
shaker and the specimen. Now it is recom-
mended that the boits be kept as short as pos-
sible. I feel that the shorter the bolt the less
likely this washer would be truly measuring the
alternating force, because some component of
this force would be taken up in changing the
tension in the beit as things deflected. Further-
raore, if you put in this kind of washer, what's
it going to do to your natural frequency ? I
would appreciate any comments on that.

I have a comment on the tightening of bolts.
I'm not familiar with the details, bui I'm rea-
sonably sure that if you lock in aiy aircraft
engine overhaul manual you will find detailed
instructions on how to tighten bolts repeatedly
right up to their yield point. I know they always
recommend consistent lubrication. I also think
that you are supposed to tighten the bolt up once
and back it off, theu du your measuring cn the
second tightening. There are likely to be
roughnesses on the threads that interfere either
with torque mcasurcment or with your angular
measurement on the first attempt. 1 suspect
there may be other little dctails on bolt tight-
ening which any overhaul manual would cover,

Mr. Zamparo: [ am familiar with one type
o. washer which can be used to micasure pre-
load. These washers have a built-in spring
which is quite stiff. When you tighten the bolt
you keep tightening until you can't gct a feeler
gauge in between the two serrations of the
washer. With respect to the teflon washer, if it
is a measuring cevice of some kind it might
give an instantaneous reading, but knowing the
cold flow properties of teflon I am sure that
you would lose a preload and create a very poor
joint.

Dr. Mains: This measuring washer was a
different sort of thing irom what you are famil-
iar with. As 1 got the picture, the washer was
a solid steel ring coated with a very thin coat
of teflon. The purpose of this coating was to
provide a smooth surface for pulling the bolt up




with a minimum of friction and to provide a
waterproofing device for covering the piezo-
electric strain gauges that were around the
periphery of the washer. In answer to Mr.
Gorton, the washer would affect the naturai
frequency in the same way that any washer
would since it has lengthened the bolt and
changed the path of stress. There was alsoa

question of whether the right force is measured.

If you have two surfaces with a force between
them and the gadget that's between thcm is
measuring that force, how far wrong can you
z0? You huve to satis{y statics there, don't
you ?

Mr. Gorton: There is a third force coming

in through tie holt.

Dr. Mains: From where?

Mr. Gorton: Thc cther end of the bolt.

Dr. Mains: If T cut that holt in twe, there
is a force in the bolt and that is the only force
in the boit. Now, that force has to he reacted
somewhere and that is on the mating surface
that surrounds the bolt.

Mr. Gorton: In Mr. Zamparo's diagram,
which is what raised the question, there was a
deflection of the bolt and a deflection in com-
pression of the stuif between the twe ends of
the boit, part of which is the washer. As you
alternate the load both of those deflections are

going to change, are they not?
Mr. Zamparo: That is correct.

Mr. Gorton: Well, as the bolt deflection
changes does not the tension in the bolt change ?
If you put a strain gauge on the bolt, you'd
measure some alternatiig load?

Mr. Zamparo: Yes, there will be an ac-
companying force to the deflection.

Mr. Gorton: The division of this alternat-
ing load between the sclid stuff and the Lolt is
somehow related to the relative stiffncss be-
tween the soiid stuff and the bolt. You would
have to go through your equations in detail I
suspect, but T just had the feeling as I looked at
your equation that this washer would not be
measuring the total of the alternating force.
The bolt would be getting some of it.

Mr. Zamparo: I can see that, if you put
the washer under the head of the bolt, it wiil
tend to measure forces when the fixture is try-
ing to go up into tiie boit. U you put the washer
below you will get the foree i the cther
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direction. But since all the forces are colinear,
a free-body diagram would show that there is a
force existing in that line and that same force
exists anywhere in the line. Otherwise you
would not have equilibrium.

Mr. Tustin (Tustin Inst. of Tech.): About
10 years ago, I saw some elongalion indicating
belts that T think would be extremely useful in
this regard. They could be threaded into a
blind hole. At the top there was a little circle
in the center and a little close-fitting pin which
went through the shank of the bolt and down
into the threaded section. As you tightened the
bolt and the bolt elongated this pin pulled down
a little. The measured depth of this pin below
a flush surface would be an indication of bolt
elongation. I don't remember the manufacturer.
It seems as if this would be an extremely use-
ful thing for bolting down to a shaker table.
Does anybody happen to know what that brand
was ?

Dr. Mains: This was a device that T first
ran across in Talbot Laboratory a good long
time ago. They used both the fixed pin and also
a depth gauge in which the pin was essentially
portable from one to ihe other. These days we
use SR-4 gauges, or their equivalent, down in-
side the shank of the bolt. You drill a hole in
thc bolt and put an SR-4 gauge in there. Then
you pull up the nut until you get the right amount
of stress. This is a common device for pre-
stressing the bolts in the heads of pressure
vessels for nuclear applications.

Mr. Vatz (Brown Engineering Co.); T was
involved in a similar problem of holt evaluation.
We just obtained bolts with strain gauges as an
integral part. We can very simply tell what the
strain is on the bolt.

Dr. Mains: Is the strain gauge on the sur-
face or inside ?

Mr. Vatz: The bolis are tapped on the in-
side and the strain gauge is on the inside in the
unthreaded shank of the bolt. We can measure
the actual force through the bolt by the strain
gauge.

Dr. Mains:
availabie ?

These are commercially

Mr. Vatz: Yes.

Mr. Moore (Sylvania Electric): [ havea
question on the laminated fixtures for Mr.
Bergey. I wonder if he has any data or maybe
a program underway to evaluate how much of
the shaker head energy is actually getting to




the specimen through the laminated fixture
construction.

Mr. Bergey: Idon't. That is rather brief
and quick, but I haven't had time to really eval-
uate this. The vibration design is only part of
my job. It was just an idea and I tried it. I
was getting the force I wanted at the mounting
points, but I don't know whether it really damps
or just stops at resonance.

Mr. Beecher (Lear Siegler Inc.): I'm con-
cerned primarily with vibration fixture design
for random purposes. The princiral object, of
cecurse, is to get all of the resonant frequencies
of the fixture above the test specification. We
all know that this cannot always be done. I have
found that even though you have a resonant peak
you may not be in too much trouble. However,
if you do have a notch in the fixture response
within the limits of the test specification, you
can be in serious trouble for several reasors.
First, you may nave harmonic response ia
which event you can pour energy in at the fun-
damental trying to eliminate the notch, when all
you are actually doing is increasing cnergy at
some frequency far removed from where the
notch is. Another thing that can happen is that
the energy is going in along the line of the
shaker motion but the fixture response is in the
transverse direction, so you can pour all kiuds
of energy into vour fixture still without can~
celling out you:' notch. And a third and even
moxe exotic response is when you have two
notches in your fixture response. You pour en-
ergy in at each ot these and all of a sudden you
end up with a peak at the sum frequencics. In
other words, it is the mechanical equivalent of
an electronic mixer. I have found that from my
experience that you can live with peaks, but you
can't live with notches. I'd like to hear whethe
othev people have found this to b

Mr. Smith: I agree with you. We have had
very interesting problems with what you're
saying about frequencies adding, and so forth.
We had one problem that the automatic equal-
izer couldn't solve. Applying excitation at one
frequency was causing response at a difierent
frequency and vice versa. The automatic equal-
izer was telling one channel to pour in more
energy and it turned out thet this was being
poured into a completely different channel. In
other words a random noise was being allowed
through one filter and it was coming out at a
completely different frequency. So that partic-
ular channel told its filter to cut off which did
no good at all because it was being fed from
over hiere, All I can say is that each fixture
and setup does involve these kind of problems
and we take them as they come.
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Dr. Mains: This question of having notches
and peaks introduced by the fixture in the test
systera geis to be a real tough problem to get
around with respect to the question of how you
equalize and why you equalize for a random
vibration test. If's tough enough when you have
a linear fixture so that when you take a notch
out it stays out. But when you have a nonlinear
system as s¢ many of them are, especially with
heavy damping, you get the subharmonic-
superharmonic problem such that you can drive
at frequency x and get response at 4 x or at
1/4 of x. Idon't see how you can even hegin
to consider equalizing and having it mean any-
thing. As I understand it, the whole purpose of
equalization is to get a one-to-one trunsfer
function in hetween the voltarie input and the
motion at the specimen. I ‘here is a fixture in
between which does not behave as a linear sys-
tem, I don't see how you can cver accomplish
this.

Mr. Lutz: We have sometimes found this
to be a problem, toe. To get around this we
make a dummy of our test specimen before we
ever start the test. We use this dummy to
check out the fixture, then if the fixture is no
good we throw it out and start all over again.
We f.gure out a way to fix it before we use our
test specimen, which may cost many thousands

cf dollars.

r. Zamparc: Dummies don't really sim-
ulate whzat the actual test specimen does. We've
had some very errenecus resuits by using them.
A discarded part would be a legitimate dummy,
but T wouldn't suggest using 2 manufactured
dummy f{or equalization.

Mr. Lutz: This was our solution. We find
it works. We can build dummies that simulate
size and cg and they werk.

Dr. Mains: It is frequently said that one
should equalize with a dead mass in place of
the actual test article. If anybody has listened
to the discussion of impedance lately, the first
question wculd be how can you ever achieve a
dead mass? At some frequency it isn't.

Mr. Mines {(Autonctics): We had a similar
problem. We have an actuator in a flight con-
trol unit which has to be turned on during a
vibration test. This was causing quite a prob-
lem with our g levels and notches. A big notch
happened to occur right at a resonant frequency.
We stiffened the thing up by adding mass to the
fixture. This was the only thing that changed
anything at all.

Dr. Mains: What did you accomplish by
doing this ?




Qb e

Mr. Mines: It shifted our resonant fre-
quency slightly, enough to put us insidc our
specification.

Dr. Mains: Maybe you should have gonc to
bat to make sure the specification was being
properly applied. If that actuator, when it was
in the condition that it was going to be during
flight, had enough feedback into the system to
modify ilie dynamic behavior then why sheuld
you change it ? That's what it is supposed to do
and if doing that is wrong then you had hetter
redesign, not just dodge around it by adding a
mass or semcthing. It's perhaps a2 cose of
doing the right thing for the wrong reason. You
may have achieved a satisfactory result, but
the reason why you got it may have been wrong.

Mr, Plumb {I.ockheed Missiles & Space
Cc.): Dr. Mains suggested that maybe we
‘shouldn't be equalizing. It seems to me that
the greatest advaintage in the automatic control
of vibration, although yoa may not be getting
the same respeonse throughout the system, is
that you get a consistent rosult from one test
specimen to the next if you've got a number of
packages to test. Perhaps I misunderstood
your suggestion that there isn't any advantage
to this equaiizaiion tecunigue.

Dr. Mains: At the frequencies which the
specimen-fixture combination want to have an
anti-resonance, you are going to insist on
equalizing and forcing somc standard level of
response at that would-be notch, you are just
going to be overdriving the dickens out of that
specimen. It may be that you can consistently
hit the same place with a hammer and have it
break each time, but consistency may be too
much of a price to pay. Do you read me?

Mr. Plumb: Yes, I understand what you're
saying. I would say that in this particular case
we should change the spectrum requirement to
include what you are talking about so that we dc
in fact have a notch at that point in the spec-
trum. We would still have the consistent result
of an automatic which is nceded because of the
fact that the fixturing in this sort of thing may
cause probiewns that you'll need to equalize out.

Dr. Mains: I would like to mention a case
in point. Three or 4 years ago we had a con-
stant force requirement for a vibration test on
a piece of gear. At two frequencies in the
range the specimen sinply wouldn't accept that
much force. The only way that we could have
gotten that much forcc into the speciraen would
have been to buck it up against a mass some-
where so it would hold still long encugh for us
to push on it. It just got out of the way and
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wouldn't accept that much force. The only thing
that was reasonable to do was to change the
specification requirement. We did.

Mr. Plumb: Iagree with you that in the
majority of the cases we need to change the
specification requirement when we have a prob-
lem.

Dr. Mains: Since I don't write spccifica-
tions I can agree with you.

Mr. Otts (Sandia Corp.}: In several of our
vibration tests we have found that it is just im-
possible to fasten onto our test item by bolts or
the like. It is a point type application for which
you want vibraiion input at 2 particular point.
We have tried bonding the test item te fixtures.
I wondered if any of you gentlemen have tried
this bonding technique and, just briefly, what
were your results ?

Mr. Tolleth: A year or two ago we manu-
factured a vacuumized, bonded, slip plate an
found that we i:ad very good luck with it. It is
sirnilar tc making a laminated fixture. You can
do it and be certzin that, if yon don't exceed
your strength allowables, you will get your load
wi ulese,

Mr. Otts: Do vou recall what kind of spring
constant you had across that bonded joint ?

Mr. Tolleth: I don't know if you've ever
tried to develop a spring constant for a piece ol
chewing gum, but it is pretty difficult. You may
have a piece of chewing gum and then again you
may not. Sometimes we have even used wax.

It would depend upon what you were going to
use as a glue or adhesive.

Mr. Otts: From all the indications, by
controlling thc acceleration input at the base of
the test item on the fixture, we had a resonance
which showed a spring constant of about 107 or
108 pounds per inch; however, it was a very
large test item that weighcd a lot. This still
threw us down into the 300 to 400-cps range. I
you have done this, do you know of a bonding
material which is perhaps better or stronger,
particularly in shear ? Shear seems to be a big
problem.

Mr. Bergey: Do you have to get your test
item off this thing once it is bonded on?

Mr. Otts: Yes, but that's no problem with
what we use. Ibelieve it was an epoxy resin
patch kit and there is a material which is a
solvent for this. If you allow enough time it
will soak in and then, of course, relcase. We

didn't have tc use a hammer or anything.




Mr. Bergey: You want something which is
strong in shear and I guess you would have to
go to some of your epoxies. This Epon 934 is a
very good glue but I don't know how to dissolve
it. There might be a standard epoxy dissolver
that would work.

Mr. Otts: I was talking in terms of not
over a 5 square inch contact area on a coaical
shape for an item that weighed in exces< of
1500 pounds.

Mr. Bergey: Tou're ashking ior an awful
lot. That's pushing the state of the art on glues,
I guess. I'm not really familiar with that.

Mr. Tatz: T was going te mention seme-
thing that I thought might be applicable until I
heard the size and contact area. Recently, I
read an article describing z repetitive type test
where they were taking a fixture oft a shaker
quite often. They used a vacuum to hold the
fixture to the shaker and I understand they got
pretty good results.

Mr. Otts: The only trouble there was that
we did not have enough contact area. Mr. Smith,
wiat cross talk did you experience at the at-
tachment points between the panel and the fix-
ture? Was vour design considered satisfactory?

Mr. Sinith: We have gotten very hign cross
talk in a lot of cases and I'm not sure whether
it is due to the fixture or the specimen. Usually,
because we have a skin panel with most of the
equipment on one side of it, the test item itself
generates a lot of cross talk. This is something
we just live with. Regardless of the direction
of shalke, we normally get a one-to-onz corie-
spondence along almost any axis that might cou-
pie with the drive axis.

Mr. Cost (White Sands Missile Range):
Mr. Tolleth is sort of my hero because he is
willing to talk about slip tables when others
feel they have been talked to death. What scort
of lubrication do you use on this thing? Idon't
see any grooves or anything to transmit oil film
across the face. Do you just have 2 puddlc or
do you have it force up through the granite
block ?

Mr. Tolleth: We probably have a very
primitive method. The mechanic or the test
technician cuts a little piece of sheet metal and
paints it on very evenly. It is a heavy grease
and, because it is heavy, it has no place to go
unless the test is of long duration and it gets
hot. So far, with a flat slip plate, we've had no
problems with it.

Mr. Cost: Would you accept a suggestion?
We've had remarkably good luck at White Sanris
using a thin sheet of teflon with an oil groove
system into which is fed a silicone-type oil. It
has very good strength and it eliminates fric -
tion down to the point where a 210 square inch
plate weighing 33 pounds took a 1/4-pound drag
to pull it aciross the table. It had a very high
separation ccefficient. I'm just suggesting this
since we didn't have anything as massive as
yours.

Mr. Tolleth: The problem is that it's diffi-
cult enough to sell a fixture like I discussed in
the paper to an engineer at that expense. If I
went to the expense of using teflon and the like
it would probably get way out of hand. I've read
about teflon and we will probably try something
on it soon. It looked to me like it was a very
good idea.

Dr. Mains: It works fine on frying pans. I
discovered fried eggs since teflon came along.

Voice: When you have a cylindrically
shaped object as long as 100 inches and you
bave a choice of building cne massive large
fixture to be used between the payload and a
singie iarge shaker, or building two smaller
fixtures and using two smaller shakers ar-
ranged in tandem from a single amplifier,

which method would you choose and why ?

Mr. Smith: I would rather use more shak-
ers than to have a very large fixture. However,
the kind cf tests that we do just con't lend them-
sclves to using a large number of shakers. T
associate that with a specimen that is kind of
long with the natural drive points not too
strongly coupled with each other. You have to
100k at the individual tests and if ycu can find
an application for a multi-shaker test I would
do it.

Mr. Shipley (Wyle Labs.): T have two
comments, Mr. Harvey of the Underwater
Sound Lab wonders why we worry about cross
telk. This brings up the old question of where
you start your simulation and where you stop
it. We worry about cross talk because our
specifications are based on the assumption
that we are going to use unidirectional mo-
tion. Mr. Cost of White Sands is wondering
why we don't use cast fixtures and eliminate
concern about weldings. More often than not,
whether we like it or not, the dictates of
schedule and economics preclude the use of
cast fixtures. We've been forced to learn
how to use welded aluminum and magnesium
fixtures.




Mr. Mutter (Boeing Co.): Iwanttc get
back to this question of the notch in .he spec-
trum due to the resonance. Norm:lly, as far
as I am concerned, when you are running a test
of this nature you usually search your compo-
nent to see where your resonani frequencies
are. When you have a fixture or a specimen of
such a size that you have a lot of severe resu-
nances with notches that you can't eliminate,
you usually fird that the specimen has a fairly
low resonant frequency which is probably under
200 cps. This is where most of the damage to
the component will occur. If there is a notch
up around 12-150C cps and a component reso-
nance at 100 or 200 cps, I really don't think the
notch is so critical that we have to be concerned
about reaching the specification level at that
frequency. If the component has a low natural
frequency and the notch is due to a fixture res-
onance at a fairly high frequency I think we
could normally grant a deviation for that notch.
With respect to fixturing in general, we've been
having a lot of trouble with vendors doing quali-
fication testing for us who are trying to design
a universal fixture for three axis testing. In
doing this they come up with a large box instead
of a couple of simple angles and thereby get
into severe resonance problems so that they
can't meet the specification. If they were to
build a fixture for each axis instead of oue for
all three, they would be a lot better otf.’

Mr. Otts (Sandia Corp.): I just want to
make a comment on the use of multiple shakers
rzther than a single one. We are presently
waiting for four small shakers intended for the
testing of large items. We're getting quite sus-
picious of this single point input control busi-
ness and, in fact, we have proven that because
you control at one point you have no guarantee
what the input is to some large test item. We
are going to try to use a multiple shaker input
with at least four shakers so that we will have
what we feel is a better definition of the overall
input. In fact we hope that we can use separate
control at each of these points rather than hook-
ing them in tandem.

Dr. Mains: Are you going to tie your con-
trol to some analysis, some p:econceived no-
tion of what that control ought to be?

Mr. Otts: Essentially, we are starting a
campaign against single point control. We
haven't gotten into the exact usage, but we do
feel that we will have a better test simulation if
we control at multiple points. Once we get the
shakers we will do some studies. Perhaps next

year we will have some firm results.
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Dr. Mains: Multiple excitation testing is
old-hat with the aircraft companies. The
ground vibration test is something they have
been doing for a long time, but such a test must
be run in conjunction with a several step analy-
sis. You first analyze and decide what the
mode shape is, then locate the shakers in ac-
cordance wiih thai mode shape and then see if
you can generate it and keep it pure. You never
do the first time, so you start moving the shak-
ers urouand until eventually you are satisfied.

i you are getting into the multi-shaker business,
you are sure going to have some fun.

Mr. Mutter (Boeing Co.): Some of our
vendors are using quite a few shakers simulta-
neously on qualification tests of long ducts for
our Saturi program. We've used as many as
four shakers with multiple-bracket attachments
to the vehicle. This isn't for the determination
of mode shapes, but is a qualification test.

Dr, Mains: Do they go in unison?

Mr. Mutier: Yes, but soimetimes they go
out of phase.

Dr. Mains: Zero phase lag?

Mr. Mulier: At some frequencies you
can't keep them in phase, but when you have
four brackets separated by several feet on the
aircraft they are not in phase either. For ran-
dom testing you don't worry about phasing.

Mr. Fischer (AiResearch Mfg. Co.): With
respect to dummy weights, we have found that
they work very well if there is a great deal of
decoupling in your mounting. In other words, if
you have a very stiff mount to the fixture from
your specimen, you wiil have problems with
dummy weights. The more decoupling you have,
the better the dummy weight works out. The
dummy weight will only provide good e.aluation
at the lower frequencies. You can almost eval-
uate your fixture at the high frequency with no
weight and get fairly close.

Mr. Shipley (Wyle Labs.): For multi-
shaker testing, how do you control with random
excitation? We've tried it a number of ways
and are not happy with any of them. I would like
to see a device which would measure the exci-
tation in handwidths much like the automatic
control consoles; toke an instantaneous average
which 1s not sensitive to phase so that you don't
get the phase cancellation, then sum these
things up and control from that. I don't think
such a device exists.




Dr. Mains: I would think that for random
vibration using multiple shakers you would have
to control each shaker separately with a sepa-
rate noise generator and a separate shaping
network. Otherwise you would get hopelessly
out of control.

Mr. Shipley: We tried it both ways. Con-
trolling each shaker independently with a sepa-
rate amplifier, we have used a common noise
source so that the low frequency is in phase.
We ignored the high frequencies which you
wouldn't keep in phase anyway. We've had
some difficulties both ways and neither seems
to be the answer.

Mr. Smith: Dr. Curtis of Hughes has been
giving some thought as to whether one needs as
many equalizers as there are shakers in a
mulitishaker tesi. Of course, he hopes the an-
swer is no, because they cost quite a bit of
money. In trying to answer the question he
looked at it from the standpoint of whether the
sum signal can be used as some indication of
the average. I'm not going to try to summarize
his learaed paper, but his conclusion essentially
is that with separate generators or uncorre-
lated signals at each shaker, the sum is not in-
dicative of the average. So, at least from Dr.
Curtis's mathematical standpoint, you do need
many generators.

Mr. Mutter (Boeing Co.): The vendor I
was referring to that has been doing the testing
with multishakers for us has becn using 2 com-
mon noise source but separatec amplifiers for
each of their shakers. They equalize each of
their shakers separately. Their problem is
that the equalization of one shaker affects the
other three. It takes quite a while to make the
circuit about eight times ard get them all fairly
well equalized. It would help if they had an au-
tomatic equalization system for each shaker,
but they only have one automatic system. They
use peak notch for the easy three and automatic
for the worst one. They want to set up a tape
technique by which they use the automatic
equalizer to equalize one shaker, tape that as

the input, then go on to the next one and so forth.

They could reduce their total egualization time.
I think this system probably could work although
they haven't had time to perfect it because of
the schedule in their lab. There might be
someone who might have experience and want

to comment on a taping technique for oguali-
zation.

Mr. Jenicek: At McDonnell we used tape
inputs for a couple of years befoire we got our
automnatic system and they worked out very
well. The only problem for us has been that of
making a tape using a dummy specimen. When
the actual specimen is used it's not quite the
same and the test is no good.

Mr. Smith: We had another intcresting ex-
perience along that line. I've only worked on one
test where we used a tape input and naturally
we first tried to equalize our system. This was
in the days when we conly had 40 manual chan-
nels to work with, but we tried to equalize our
system before we played the tape ihirough. We
were using the engine section of the Thor vehi-
cle, as a naatter of fact, and we just couldn't get
a decent equalization on the thing. We didn't
feel very good about playing the tape through
because of that, but we had rothing left to do.
We played the tape through the best equalization
we could get and, strangely eaougii, saw that
our control accelerometer was doing something
very close to what the analysis of the tape indi-
cated was on the tape. It was a very interesting
mystery with respect to tape inputs.

Mr. Mutter: Our vendor did use the one-
channel equalizer system; they did have to shape
the spectrum for all of their shakers. They
shaped the spectrum, taped it, and then used
that as the input to get the proper shape once
they were equalized.

Mr. Beecher (Lear Siegler Inc.): We've
had about 5 years experience with tape equal-
izations. We have only recently acquired an
automatic equalizer. We used to equalize two
shakers with one equalizer and we used tape
equalization for the second system. We found
that certain precautions have to be taken or you
don't come out correctly. If you have to unbolt
your test item and bolt it back on or bolt on a
similar test item between tests, you run a con-
siderable risk of losing. your equalization. You
can partially overcome this by using standard
torqueing measurements every time you do it.
We found that this cures the worst portions of
this problem. Another thing is that there is a
long term drift in the equalization character-
istics of a given shaker. Because these shak-
ers are mechanical systems there is a certain
amount of loosening of the interior bolting of
the shaker itsell. If, however, you leave the
test item boited and don't do anything to disturb
it between tests, tape inputs can be used quite
successfully.
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Naval Civil Engineering Lab., Pt. Hueneme
Att: Library

Naval Construction Battalion Center,
Pt, Hueneme
Att: Civil Engineer Corps Officers

Naval Medical Field Rescarch Lab.,
Camp Lejeune

Naval Minc Engineering Facility, Yorktown
Att: Library

Naval Missile Center, Pt. Mugu
Att: Library, N-03022
Att: Env. Div., N314

Naval Opcratiens, Office of Chief, DC

Att: Op 31
tt: Op 34
Att: Op 75
Att: Op 07T6, Mr. T. Soo-Hoo
Att: Op 725

Naval Ordnance Laboratory, Corona
Att: Code 234, Technical Library
Att: Code 56, Sys. Eval. Division

Naval Ordnance Laboratory, Silver Spring
Att: Technical Director
Ati: Tibrary
Att: Environmental Simulation Div.
Att: Mr. George Stathopoulos
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Naval Ordnance Test Siation, China Lake

Att: Technical Library
Att: Code 3023
Att. Code 3073
Att: Code 4062
Att: Code 4066
Att: Code 5516
Naval Ordnance Test Station, Pasadena
Att. P8087
Att: P8092
Att: 8073
Att: P80962

Naval Postgraduate School, Montevey
Att: Library

Naval Propellant Plant, Indian Hecad
Att: Library

Naval Radiological Defense iab., San Francisc
Att: Library

Naval Rescarch Laboratory, DC

Att: Code 6250
Att: Code 6260
Att: Code 6201
Atr: Code 4021
Att: Code 2027

Naval Security Engineering Facility, DC
Att: R&D Branch

Naval Supply R&D Facility, Bayonnc
Att: Library

Naval Torpedo Station, Keyport
Att: QFIL, Technical Library

Naval Training Device Center, Pt. Washington
Att: Library Branch
Att: Code 4211

Naval Underwater Ordnance Station, Newport
Att: Technical Documents Library

Naval Underwater Weapons Systems
Engrg. Center, Newport
Att: Library

Naval Weapons Evaluation Facility,
Albuguerque
Att: Library, Code 42

Naval Weapons i.aboratory, Dahlgren
Att: Technical Library

Navy Electronics Laboratory, San Diego
Att: Library

Ni 7y Marine Engineeriny Laboratory,
Annapolis
Att: Library

Navy Mine Defense Laboratory, Panama City
Att: Library

Navy ROTC and Administrative Unit,
Cambridge
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Navy Underwa.er Sound Laboratory,
New Liondon
Att: Technical Director
Att: Mr. J. G, Powell,
Engrg. & Eval. Div,
Navy Undcerwater Sound Reference Lab.,
Orlando
Att: Mr, J. M. Taylor, Code 120

Norfolk Naval Shipyard, Pcrtsmouth
Att: Design Superintendent

Norton AF B, Off. of Inspector General
Ait: AFIMS-2-A

Office Director of Defense R&E, DC

Att: Technical Library
Att: Mr. Melvin Bell
Att: Mr. W. M, Carlson

Office of Naval Material, DC

Office of Naval Research, DC
Att: Code 439
Att: Code 104

Office of Naval Research Branch Office,
Boston

Office of Naval Research Branch Office,
Pasacdena

Office of Naval Research Branch Qffice,
San Francisco

Ogden Air Materiel Arca, Hill AFB
Att: Service Engineering Dept.,
OONEOO

Oklahoma City Air Materiel Area, Tinker AFB
Att: Engincering Division

Pearl Harbor Naval Shipyard, FPO
Att: Code 264

Philadelphia Naval Shipyard, Pa.
Att: Ship Design Section .
Att: Naval Boiler & Turbine Lab.

Picatinny Arsenal, Dover

Att: Library SMUPA-VAG6

Att: SMUPA-VPT, R. G. Leonardi
Att: SMUPA-T, R.J. Klem

Att: SMUPA-D, E. Newstead

Att: SMUPA-VP3, A. H. Landrock

Portsmouth Naval Shipyard, NH

Att: Code 246
Att: Mr. E. C. Taylor
Att: Mr. J. E, Smith

Puget Sound Naval Shipyard, Bremerton

Att: Code 275

Att: Material Laboratories

Att: Code 242. Mr. K. G. Johnson
Att: Code 28]
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