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APPLICATION OF RESEARCH TO THE NEEDS
OF THE U.S. NAVY

Mechanical face seals are used in numerous applications in Naval
machinery. These applications range from propeller shaft seals to
boiler feed pump seals. In such equipment the mechanical seal plays a
vital role. When such seals fail, repair is costly both in terms of
lost time and direct costs, so any improvement in seal life and relia-
bility would be of significant benefit.

As more advanced equipment is designed, it is sometimes difficult
to achieve desired performance in more severe service environments with
the present state of the art of seal design. Thus, an improvement in
seal technology would serve this important application.

One objective of the research herein is to further the under-
standing of mechanical face seal lubrication phenomena. Another
objective 1s to develop the capability of designing contacting face
seals having a longer life, greater reliability, and for extreme
environments. The immediate objective herein is to apply the knowledge
gained to the design of a small scale submarine type seal having excep-

tionally long life and high reliasbility.
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Displacements in torsion problem
Velocity - m/s

Ring centroid displacement - m

Ring shear forces - N

Ring coordinates

Coordinate in torsion problem
Total load support -~ N
Required load support - N
Displacements

Displacement matrix

Initial gap between springs and mating surface
for face and support

Nei deflection at the face
Vicosity - N - s/m2
Angular coordinate or flow variable

Angular coordinates of end nodes of ring
element

Stress functions or angle of twist about y axis
Density - kg/m3

Warping constant - m6

Rotation of seal ring about its centroid

Angular speed
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Subscripts

Poisson's ratio

Refers to one element
Refers of primary and mating rings of seal
Refers to face contact and support contact

Refers to nodes at ends of element
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CHAPTER 1

INTRODUCTION

Mechanical Face Seals

Applications of face seals range from boiler water feed pumps to
compressors, to petrochemical process pumps, to propeller shafts. 1In
many applications the reliability of the mechanical seal is of the
greatest importance to the reliability of the equipment itself.

Mechanical face seal technology has been steadily improving over
the past several decades. However, there stil]l remain demands for seal
performance which have not been met. One such application of note is
the submarine propeller shaft.

Such demands on a particular technology can often be satisfied by
first improving the technology. In the case of mechanical face seals,
the main barrier to advancement has been that the mechanics of seal
operation are not well enough understood to be able to reasonably anti-
cipate seal performance as a function design parameters.

During the past eight years of this research program, much has
been learned about controlling the hydrostatic and hydrodynamic mech-
anisms which enhance face seal operation. In this present work, this
knowledge is applied to the design of an improved small scale submarine
shaft seal. Theory, design, and test results are presented. The
results ghow promise that significant improvements in submarine shaft
seal design are possible, and the application of such designs could

greatly increase the length of trouble-free shaft seal service.




Seal Lubrication

As background, the mechanical face seal consists basically of two
annular rings which rotate relative to each other and which are pressed
together by spring and fluid pressures (see Figure 1-1). In conven-
tional seals, the surfaces that rub together are generally manufactured
as flat as possible initially so as to minimize leakage. The effective
gap between the faces is ideally quite small (order of 1 um) so that
leakage flow across the faces will be quite swmall. The difficulty in
designing a mechanical seal is in maintaining the gap at a very low
value while at the same time providing a definite lubricant film
between the faces.

The load that must be supported at the faces of a mechanical seal
is due primarily to loading caused by the sealed pressure. The load
support at the faces 1s derived from fluid pressure and mechanical
pressure. If the fluid pressure at the faces is large enough to sup-
port all of the load, then there will be no contact and no adhesive
wear.1 If none of the load is supported by fluid pressure, the load
must be carried by mechanical contact, and the wear rate will be large.

In practice, conventional seals often operate at one of two
extremes. At one extreme, a large gap will be created by hydrostatic
or hydrodynamic pressure or distortion, all of the load will be sup-

ported by fluid pressure, and the seal will leak a lot and wear very

There may still be abrasive or corrosive wear even 1if the sufaces do
not touch.
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Figure 1-1. Mechanical Face Seal.




little. At the opposite extreme, the gap will close completely. Leak-
age will be low but only a fraction of the load will be carried by
fluid pressure, and wear and heat generation will increase.

Based on the above, it can be concluded that an effective seal
should operate between these two extremes--having both adequate fluid
pressure load support and low leakage. The seal should operate so that
it just touches to minimize leakage but such that the load is carried
by fluid pressure. To do this requires that any fluid pressure gen-
eration mechanism used to provide load support to the seal must be very
carefully controlled. At present in commercial seals, this is left in
part to chance and sometimes seals operate at one of the undesirable
extremes mentioned.

In this research program, attention has been devoted toward studv-
ing the effects of waviness as a source of controlled hydrodynamic and
hydrostatic load support. Waviness was selected because it is control-
lable. In this present work, waviness has been applied as the basis

for the design of an improved small scale submarine shaft seal.

Background

ONR-sponsored research on mechanical seals had been conducted for
five years prior to the beginning of the submarine seal design phase
described herein. The work being reported now evolved from various
discoveries over this initial five year period, and the past work must
be reviewed to better understand the nature of the current work.

As a starting point for this Navy research program, the effects of

waviness on seal performance were modeled in some detail. In the first




annual report for this project, Reference {1], this general problem was
solved using a one-dimensional theory. In the second annual report,
[2], the much more complex two-dimensional solution to the above prob-
lem was solved. The effects of waviness, roughness, asperity contact,
wear, cavitation, and elastic deflection were included in this model.
Using this model, predictions were made for the relative wear rate,
friction, and leakage as a function of roughness, waviness, speed,
size, pressure, viscosity, and material.

A number of conclusions were reached based on these first two
annual reports:

1) The effect of roughness on hydrodynamic lubrication are not
completely understood. Certain fundamental questions remain concerning
the roughness model used.

2) As to the potential of utilizing hydrodynamic effects caused
by parallel face waviness to advantage by design, the results show that
wear rate and friction can be greatly reduced while maintaining leakage
at acceptable levels.

3) While a comparison of predicted results to experimental
results given in the literature is generally good, data contained in
the literature is incomplete, so more complete experimental data are
needed for comparison.

4) In low viscosity or heavily loaded applications where some
touching is expected to occur, waviness will wear away with time and
any benefit derived will be lost unless something 1s done to counteract

this effect.




5) Based upon data for some commercial seals and using the model,
it was determined that there was insufficient accidently caused wavi-
ness to produce significant hydrodynamic effects in water. One cannot
generalize to say that such effects do not occur in commercial seals.
However, using the model the question can be answered on a case by case
basis.

Item 1) was treated extensively in the third annual report [3].
Even after this analysis certain fundamental questions remain concern-
ing how to deal with roughness in lubrication problems. However, this
thorough analysis led to conclusions allowing certain simplifying
assumptions discussed in the fourth annual report [4].

Item 2) was also treated extensively in the third annual report
{3]. A methodology for the design of a wavy face seal was developed
and applied. Theoretical results showed large reduction in friction
and wear rate compared to conventional designs whereas leakage could be
controlled.

Concerning Item 3), the second and third annual reports (2,3]
describe a test apparatus designed to test the wavy seal theory. This
apparatus has been in operation for more than five years and many tests
have been conducted. These test results are reported in the fourth and
fifth annual reports [4,5}.

Early in the test program it was observed that the type of wavi-
ness which can be practically applied is not of the radially parallel
type. Waviness generally consists of alternating tilt plus radially

parallel waviness. Based on these considerations, a new model for




predicting performance was developed and appears in the fourth annual
report [4].

Concerning Item 4) above, a solution to this problem was first
proposed in the first annual report [1]). It was proposed to move the
waviness slowly around the seal so that whatever wear occurred would be
uniformly distributed. Then the shape of the wave would be preserved
and tests using a constant wave could be made. The concept is illus-
trated in Figure 1-2. This concept was incorporated into the test
apparatus and is described in detail in References [2] and [3]. In the
fifth annual report [5), a new concept to move the waviness with no
internal moving parts 1s described in detail.

In the fifth annual report [5], additional experimental resulcs
using waviness are presented, the wavy seal model is further improved,
and theory and experiment are compared. The results ucing a a=w con-
cept, that of a self-generating seal profile, are reported. Results
from tests of the effects of radial taper and high temperature envi-
ronment are also reported and compared to theory.

Both the theoretical and experimental basis for applying waviness
to a mechanical seal to reduce friction and wear were well established

during these first five years.

Submarine Seals

Starting in December 1980, under joint NAVSEA~-ONR sponsorship, a
three-year submarine seal program was initiated. The general objec-

tives of the three-year effort were:
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Figure 1-2. Moving Waviness Concept.




1)

2)

3

4)

5)

to conduct further experiments using moving waviness to fur-
ther the understanding of this concept.

to refine mathematical models already developed so as to be
able to better predict performance.

to demonstrate in a practical way the use of the concept of
moving waviness to reduce friction and wear in mechanical
seals.

to undertake the development needed to be able to demonstrate
the applicability of the concept to submarine shaft seals and
to design a full scale long life seal.

to explore other uses of the waviness concept such as for gas
seals and to create better methods by which the concept can be

applied.

From these objectives, the following specific tasks were defined:

1)

2)

3)

4)

5)

6)

Design, fabricate, and test a nine wave optimum seal. Nine
waves are needed to minimize changes in tilt with changes in
pressure and speed.

Operate the seal .or an extended period of time under
simulated submarine operating conditions including seawater
and changing speed, pressure, and alignment.

Evaluate compliancy of existing and proposed submarine seals.
Conduct friction and wear tests on carbon and hard face mate-
rials.

Seek alternate methods of applying moving waviness.

Perform analysis of a moving wave gas seal.




In the most recent annual report [6] the progress made on these
items is reviewed in detail. Preliminary nine wave test results were
reported. Modifications to the test apparatus, design methods and
problems and seal deflection calculations were discussed. Details of
the progress on all of the above items are contained in this current
annual report.

It became clear during the three year period that more work was
needed on the development of the wavy seal particularly in the simpli-
fication of the waviness mechanism itself. In addition, other sub-
marine seal related problems were identified. Thus this led to a pro-
posal for a fourth year of submarine seal development work, the speci-
fic objectives of which were:

1) Complete a long term test of a split wavy seal.

2) Make a preliminary squeeze seal design.

3) Perform a final design and fabricate a new waviness drive

mechanism.

4) Evaluate seal conformability.

5) Evaluate the effect of dirt on a wavy seal.

6) Make a face width study for parallel face seals.

7) Perform a review of recent submarine seal designs.

8) Make a preliminary full scale design.

Considerable progress has been made on these items in addition to
the previous list and is reported herein. In particular a wavy seal
design which eliminates the need for a waviness drive is proposed and
preliminary test results suggest that an ideal wavy seal design may be

in hand.
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This entire research program spans a number of years. Thus, the
entirety of the technical work is reported in six previous annual
reports [1-6], this report, sixteen published papers [7-22}, and seven

master's theses [23-29].

Wavy Face Seal

The concept of waviness is that the film thickness varies in some
fashion circumferentially around the seal. Generally speaking, film

thickness may vary radially as well as tangentially.
h = h(r, 8) . (1-1)

In the present work interest is focused upon film thickness shapes of

the following functional form

h = ho + f(r) cos nd . (1-2)

At any particular radius r the film shape is periodic with n waves
around the seal and is therefore wavy. However, film shape can also
vary in some general manner with r.

If f(r) = const then the faces are always radially parallel. This
component of film thickness variation is commonly termed waviness. If
f(r) # const, then the faces are not in general radially parallel. f(r)
is referred to as tilt. Thus, the film thickness shapes of interest
are combinations of waviness and tilt. Since at any radius the film
thickness is wavy, the combination of waviness and tilt defined above

will also be called a wavy film shape.

11




The reason for choosing film shapes as described by Equation (1-2)
as a subject for study is that these shapes can conveniently be gen-
erated by planned mechanical distortions in a seal ring, and the shapes
also include common modes of unplanned distortion found in operating
seals. For example, generally seals underge a uniform tilt due to
pressure and thermal deformation. When rings are loaded by any non-
axisymmetrical load they become wavy as described by Equation (1-2).

Now, for the sake of illustration, assume a seal has a wavy film
thickness shape given by Equation (1-2) where f(r) is a piecewise lin-
ear function of r. This gives a shape as shown in Figure 1-3 where for
each of the n periods a flat mating seal ring will touch all across at
the high points and is radially convergent 7/n radians away. At any
radius, the seal 1s wavy circumferentially. The waviness enhances
hydrodynamic effects and the radial convergence enhances hydrostatic
effects. The region where contact is uniform acts as a sealing dam.

It is this shape which previous research has shown has the great-
est potential to reduce friction and wear while holding leakage at very
low levels. This is the film shape used for the design of the small

scale submarine seal.

12
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CHAPTER 2

MOVING NINE WAVE SEAL--FIRST DESIGN AND RELATED TESTS

Seal Design Review

The details of the first nine moving wave seal design are given in
a previous report [6]. A brief review of the principles of operation
will be given here.

Figure 2-1 shows the assembly drawing of the first nine wave seal.

Starting at the left, one of three sinusoidally varying pressures
generated by the waviness drive unit [5)] is directed into two of six
pressure channels (1) in the waviness cylinder (2). The pressurized
fluid then passes through the pressure coupler (3) and is ported to one
of three circumferential chambers on the left end of the waviness
adapter (4). Eighteen smaller passages, connected to each of the three
circumferential channels, terminate at pressure pockets (5) located on
the inside and outside diameters of the waviness adapter (4). The 54
pressure pockets (three sets of eighteen) apply a waviness pressure to
the 54 fingers of the nine wave seal (6).

Figure 2-2 shows a modified isometric cross section of the nine
wave seal. The pads shown are labeled (1), (2), or (3) depending on
which of the three sinusoidally varying pressures is connected to the
pad. The load on the outer pads is directed radially outward and on
the inner pads radially inward. With this configuration, three sets of
nine waves, each set spaced 13-1/3 degrees from the other, can be

elastically imposed on the face of the carbon insert. As discussed

-15=-
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previously [5]), by sinusoidally varying the three separate pressures
with time, the result is one set of nine waves which moves circumfer-
entially around the seal with time.

The carbon insert (7) in pure carbon P 658 RC material epoxied
into the carrier ring using 3M 1838 B/A adhesive. The seat or mating
ring (8) is made of silicon carbide. The secondary seal (11) is
located at the left end of the seal on the inside diameter. Springs
(13) provide preload through the spring seat. Balance ratio is 1.0.

Based on seal modeling reported earlier {5], performance of this
seal was predicted as shown in Figures 2-3 and 2-4. A very low wear

rate was also predicted.

Initial Test Results

Several initial tests were conducted during which several problems
were encountered and resolved. The details are reported in Reference
[6]. Based on these early tests, the foliowing changes were made.

1) The cross sectional area of the seal was reduced to reduce

stiffness and obtain more waviness.

2) The epoxy bond thickness was reduced so that the wave would be

nore effectively transferred from the carrier to the carbon.

3) The pressure pad design was modified to use smaller O-rings

with miniature pistons.

After these changes were made, performance was much improved,
however, there was still some concern over the significant radial taper

which had been observed (1500 um/m convergent).

~18-~




]00 L4 L 7 T LE T R v 1

- —— 500 psi g = 320 yin./in. -
—— 250 psi
o 20 PSi i

Torque (in.-1b)

Speed (rpm)

Figure 2-3. Predicted Performance - Torque.

19




) 1 L | L ! ¥ ! i
L ——— 500 psi 4o = 320 win./in. -
- 250 psi :
—— e 20 psi
r' -
? -—
~rE- -
m\
1=
3 = -4
Q
o
1]
L
P ~
-
—,. . i
- ——o——--——'—- -
0 .*-_ol_'ﬂ-"—_l._; 1 } i 1
2000

Speed (rpm)

Figure 2-4. Predicted Performance - Leakage.

20




To determine the possible cause of such a taper several indepen-
dent tests were run. These were:

1) Lap a convergent taper into the seal and test under 100 per-

cent water pressure at low rpm (Test No. 118, Figure 2-5).

2) Check for possible creep at end of test.

3) Lap the seal flat and assemble the waviness adapter and check

for induced radial taper.

4) Apply 750 psi to all pads and again check for any induced

radial taper.

The results of Test 1 above showed that littrle if any of the
rotation was being caused by pressure induced moments (low speed elim-
inated thermally caused rotation) as designed. Also, the same radial
surface profiles revealed no creep of the carbon insert. Tests 3 and 4
above showed that the pressure adapter and the pressure applied to it
does not cause the problem. While the cause is still being investi-
gated, it is pointed out that this taper does not appear to effect the
waviness operation. The seal faces are touching all over their sur-
faces during the test as required.

Tests Nos. 119, 120, and 121 (Figures 2-6 through 2-8) were run to
check for software and hardware bugs. These tests were the first to
incorporate the full range of variable condition control of the test
machine by the computer. Also Test No. 121 was run particularly to
check the operation of the combination O-ring-piston pad method of
sealing the hydraulic oil. After 168 hours of operation no oil leaks

were detected and the test was stopped. With previous hardware and

-21-
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software problems cleared up, the apparatus and seal were ready for the

first 2000 hour test.

2000 Hour Test

The seal test period of 2000 hours is similar to Navy seal tests.
During the test, pressure, speed, and alignment are varied according to
schedule shown in Table 2-1. The cycle period is one week and the
summary results shown represent one week of operation. Synthetic sea-
water maintained at 38°C was the test fluid.

The test apparatus and the variations of operating conditions were
all controlled by a computer. Data was recorded and safe operation was
assured using the same computer. Details of this system have been

reported previously [6].

Performance During Test

Figures 2-9 and 2-10 show seal operation for one week near the
start of the test and near the end of the test. The figures show the
speed changes and the pressure changes. Seal temperature (taken behind
the carbon face), drive torque, and leakage are recorded.

A comparison of the two figures shows that the seal performance
becomes much more stable with increased operating time. As an example
one of the large changes in torque occurs at 49.5 hours into the weekly
schedule (216.5 hours on Figure 2-5). Up to that time torque has been
running at near zero under conditions of 7 percent pressure and 14
percent speed for 17 hours. Then within 1.5 hours the pressure changes

from 7 to 50 percent and then to 100 percent, the speed remaining at 14




TABLE 2-1

Simulated Submarine Operation'weekly Test Cycle
Tilt & Offset

Houg_i Day % Speed % Pressure Position
6.5 >3
7.5— 2100
100 100 ]
24 ———— ——— e ] — ——— - —
31— 33 100 3
14 7 1
48 50
49.5= -=== —————e - - —
54 18 133
55.5
100 100 3
72— b—— - ———— _——eemef—d - - - —— -
14 100 3
79.5 —
100 50 2
96 - —r e ———— - - -—
102 — Var. Var. Var.
100 100 3
120 - -—— e - = - = -
100 100 3
144 - — - _——— e —— - - -—
100 100 3
168
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percent. When the pressure goes from 50 to 100 percent the torque
jumps to almost 13 N - m and then starts to fall rapidly. TFigure 2-10
shows that this effect is greatly reduced. One possibility for this
sudden increase might be that some change in the face profile is
occurring causing additional wear momentarily and therefore resulting
in a temporary increase in friction. This effect is lessened as the
test proceeds possibly because the seal wears to some equilibrium face
profile which minimizes these abrupt changes in performance.

Another anomaly in the data is shown by the torque output when
there 1s a direction reverse. Two reversals take place during the
weekly program, one at 6.5 hours relative to the weekly schedule (173.5
hours on Figure 2-9 and 2189.5 hours on Figure 2-10) and the other at
54 hours (221 hours on Figure 2-9 and 2237 hours on Figure 2-10). The
first direction reversal goes from -100 percent speed to +100 percent
speed at 100 percent pressure. On Figure 2-9 the average torque
changes from approximately -6 N - m to +4 N - m. The second direction
reversal is from -33 percent speed to +33 percent speed at 100 percent
pressure. On Figure 2-9, the average torque changes from approximately
-8 N +mto+3 N - m.

Figure 2-10 shows that these differences have greatly minimized as
indeed they should. The apparent explanation for the anomaly early in
the test is that some change in distortion occurs when the direction is
reversed which causes some localized hard contact of the faces and
higher friction. Evidently this wears away with time and does not

appear to degrade performance in the long run.
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During the length of the test, the torque transducer was re-zeroed
nine times. This was done under zero water pressure by the motor in
both the forward and reverse directions and sampling the torque and
then averaging the results. These results are shown in Table 2-2., As
stated in Reference [6], the torque transducer is sensitive to bearing
housing temperature. A temperature increase in the bearing housing
causes a torque shift of 0.109 (Thousing - Treference) in.-1b/°F. Table
2-2 ghows the amount of shift due to temperature effects and the zero
shift not attributed to the bearing housing temperature change. The
fact that the zero shifted during this long term test might explain
some of the differences between torques in the forward and reverse
directions at a particular point in time. However, by re-zeroing
periodically the uncertainty caused by this error was minimized.

The other measured quantity which changes considerably is that of
leakage. At the beginning of the test, Figure 2-9, the leakage was
approximately 500 cm3 for the whole week which gave s weekly average of
0.05 cm3/min. By the end of the test, Figure 2-10, the leakage had
dropped to approximately 42 cm3 for the weekly cycle or an average of
0.004 cm3/min, a reduction of an order of magnitude. Again, this
behavior can be attributed to the seal wearing into a more favorable
equilibrium profile.

The leakage data often shows spikes which means that there are
spurts of leakage flow being discharged from the test apparatus. There
is little doubt that the seal itself does not leak in this fashion; it
leaks more steadily. This erratic leakage flow is thought to be caused

by some type of trapping, surface tension and wetting mechanism inside
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TABLE 2-2

Zero Shift of Torque Transducer

Zero Shift Attributable Zero Shift not Attributable

Time Zero Temperature to Temperature Change to Temperature Change
(hr) (N:m) (°c) (N-m) (N-m)
0 33.98 22.04
29 35.53 25.39 + .07 + 1.48
72 34.17 39.67 + .32 -1.71
264 33.97 35.71 - .09 - .11
674 34.05 22.28 - .3 + .38
703 34.72 30.27 + .18 + .49
1543 36.81 31.23 + .02 + 2.07
1879 37.117 30.85 - .01 + .37
2047 37.06 28.98 - .04 - .07
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the apparatus. Corrosion may also play a role in trapping the leakage
flow. Of course, when the speed is changed, a spurt of leakage is
expected because the retention of leakage by centrifugal effects
changes.

The test was operated a total of 2046 hours. Figure 2-10 shows a
larger number because the test was shut down for a period during which

the operators were unavailable.

Post Test Analysis

The following observations were made on disassembly:

1) The top portions of the pressure coupler and waviness adapter
were coated with a light oil film. The waviness drive was
started up and run for 3 hours to see if any o0il would leak
from the O-rings of the waviness adapter. No 0il leaks were
detected. Thus, there must have been a small leak at some
point during the test.

2) The seal face temperature thermocouple was slightly worn due
to rubbing contact with the pressure vessel.

3) Rust deposits were found on the threaded ends of the bolts
used on the spring seat.

4) Considerable amounts of mineral deposits (white scale) were
found on the inner portion of the seal where p = 0 psi.

5) The seal face was polished with some mineral deposits on the
inside diameter edge.

6) The Delrin spacer used with the spring retainer experienced

enough swelling to make removal difficult.
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7)

8)

9)

10)

11)

12)

13)

14)

The waviness cylinder could not be rotated fully to Position
No. 1 or No. 3. This had become a problem during the last 500
hours of operation such that the full extent of misalignment
could not be achieved (see misalignment mechanism described in
(61).

The small O-rings on the pressure adapter received about a
0.002 in. permanent set.

Some chipping was noticed on the outer edge of the KTSi-C
seat.

Steel end plates showed considerable rust and corrosion on
bottom half of the inside surface.

The worm gear had severe rust deposits on the lower 25 percent
of it.

The inside diameter of the torque transducer at the front end
(end plate side) showed signs of galvanic corrosion.

The bearing which fits over the waviness cylinder was removed
from the end plate and disassembled. The bearing was locked
due to rust and corrosion between the balls and races.

The waviness cylinder and other seal parts showed no corrc-

sion.

The carbon ring was measured for wear and radial taper. Figure

2-11 shows a typical radial surface profile showing the unexplained

radial taper (which averages 2700 ym/m). The profile also shows that

contact occurred across the entire face.

Table 2-3 shows a summary of the wear values taken at five dif-

ferent locations around the seal. The technique for making wear
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Figure 2-11. Final Radial Surface Profile of Carbon, 2000-hour Test.
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TABLE 2-3

Wear Measurements
2000 Hour Wavy Test

Comparison to 8/18/81 Traces--Test #1272

Location1 Original Nose Height Final Nose Height Wear
(puin) (pin) (pin)
1-62 3925 3700 225
4-5° 3900 3050 850
2 3950 2750 12003
4 3800 3100 700
6 4000 3650 350
Average excluding 530 pin
Location 2 13.5 ym

1Because of deposits on wear track, not all locations could be
measured.

2Designates a trace taken midway between the given locations.

3Questionable value because of deposits.
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measurements is to initially grind a very shallow and narrow offset
(0.004 in.) at the seal ID. The original height of the face relative
to this offset is determined using a profilometer as shown in Table
2-3. Then, after the test is completed, the same measurerents are made
and compared.

One problem using this method is that sometimes unusual deposits
form in the offset, invalidating the wear references. This problem was
taken into account in compiling the data in Table 2-3. The wear on the
Si-C ring was just a few microinches.

Concerning the general character of the test results compared to
prediction (see previous figures) torque values are somewhat higher and
leakage values are lower. It was concluded that given the problem in
applying the waves as discussed that the wave amplitude is not as large
as the values used in the calculation and that further comparison would
not be too meaningful. However, a detailed comparison is made for

design 2 in Chapter 3.

Conclusions on First Nine Wave Design

1. The moving wave concept works in actual operation. That is a
moving wave was imposed which caused low friction and wear while main-
taining low leakage. Earlier tests and later tests using the same seal
in a parallel face mode show that drive torque is several times higher
in the absence of waviness.

2. This first nine wave seal design is very difficult to make.

Its design requires many intricate cuts and small holes to be made in

relatively hard to machine Inconel 625.
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3. The hydraulic drive for the pressures for the moving wave,
while being a relatively simple device, does add a layer of complexity
to the seal design. A digitally controlled device might in fact be
simpler than the mechanical device used.

4. The use of the o0il hydraulic system to drive the wave can be
accomplished reliably on a 2000 hour test. However, as discussed in
the previous report [6], the utmost care in O-ring seal design must be
used to eliminate O~ring wear and leakage. There is some question as
to the long term (10 years) reliability of a device such as this
although hydraulic system of other types in known applications do
operate reliably for many years.

5. While wear and friction were quite low, they were expected to
be lower. The reason for this is that the actual design value of wavy
tilt could not in fact be imposed on the seal. Just over one half of
the design values was available because of the limitation of the
mechanism as discussed previously [6].

6. The corrosive problems mentioned previously were all related
to a design change which allowed leakage to flow on occasion into the
gear mechanism of the waviness cylinder drive--a region not designed
for water contamination. This corrosion also caused the binding in
turning the waviness drive being used as the misalignment mechanism.
This problem was readily overcome for future tests by redesigning the
leakage flow path.

7. The seal and support system were made using inconel, 316
stainless and monel. Concerning corrosion on the seal and supporting

parts, there was no detectable (to the eye) corrosion of surfaces nor
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galvanic corrosion between mating parts (except the screws noted). The
electrical insulation method of mounting the parts made of different
metals apparently was adequate.

8. The bond between the carbon and its support or holder is very
critical. Early experiments show that a thick (0.010 in.) epoxy bond
will permit the wave which 1s imposed on the carrier to simply be
flattened out after it reaches the carbon. A very thin bond, which has
a much greater stiffness, was used to solve this problem.

9. After an initial wear in, performance becomes consistent from
week to week. There was no degradation of performance over the course
of the test. The seal had lower friction and lower leakage during its
last week of operation than during the first week.

10. The total wear was low and could be expected to meet ten year
life objectives. Projecting the average wear of 530 pin. to 150000
hours of continuous operation gives a total wear of 0.040 in., well
within what can be allowed for in a seal design.

11. The radial taper source has still not been identified. Some
type of distortion which has not been duplicated in bench tests is
occurring in the actual seal installation itself. Some of the wear is
being caused by this behavior. 1Iu the test, however, once beyond this
wear in period, the radial taper does not ap;, .r to be affecting the

results.

500 Hour Flat Face Test

Test No. 123 was run using the nine-wave seal but without any

waviness, a flat face test. The conditions of operation were the same
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as for the 2000 hour test so that the performance could be compared for
the two. Figure 2-12 shows a sample weekly plot for the flat face
test. Comparing the performance at 100 percent conditions reveals that
the torque in the flat face test was nearly four times higher than in
the waving test (approximately 9 N « m to approximately 2 N « m).
Thirteen times during the test the test machine was shut down by the
control system because of excessive horsepower demands due to high
friction. Torques as high as 46 N - m were recorded. Test No. 123 was
actually operated for a total of 420 hours and then stopped.

Wear measurements were taken for the flat face test so that a
comparison could be made with the wavy test. Final profiles showed an
average wear of 117 pin. (3 um) for the 420 hours of operation (Table
2-4). Adjusting this to the 2046 hours for the wavy test would give a
wear of 570 pin. (14.5 ym). This is essentially the same; however, the
comparison is not really valid.

The 100 percent pressure and speed conditions did not represent
the proper fraction of the total time of operation because of the high
amount of down time at 100 percent conditions. The actual time oper-
ated at 100 percent conditions was 186 hours of the 420 whereas it
should have been 317 of the 420. From this information, the wear rate
could have been as much as two times higher had the test run properly.

In conclusion, the wavy seal has a much lower drive torque and
probably a lower wear rate. Leakage of the parallel face seal is lower
although the wavy seal leakage is also quite low. Probably the most
important but hard to evaluate difference is that the flat face seal

has torque spikes (none are shown in Figure 2-12, but they do occur).
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TABLE 2-4

Wear Measurements--500 Hour Parallel Face Test

Loccation Wear
(pin)

#1 200

#4 150

#3 200

#6 50

#2 0

#5 100

Average 117 pin
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The wavy seal does not. It is thought that the torque spike is caused
by divergence and pinching off fluid pressure load support across the
film--thus high friction. High average torque and torque spikes
represent potential problems in that they cause high mechanical loads
on the system, larger thermal loads, and the possibility of causing
thermal instability. Consistent nonsticking drive torque is prefer-
able.

The wear results above may be interpreted as suggesting that at
this level of PV service the carbon-Si-C wearing pair may give adequate
seal life. In many industrial applications where face wear is the
limiting factor this 1s the case. However, for higher PV and for cases
where extremely long life is of interest, then reduction of face fric-
tion and mechanical contact, such as by using a wavy seal, is very

important.

Integral Force Transducer Design and Test

After evaluating the previous design, many alternatives for a
simpler design were considered. As part of this evaluation, it became
clear that a different type of force t :ansducer should be considered
which might make implementation of other types of wavy seal design much
simpler. The criterion for the force transducer were:

1) Must convert pressure to force proportionally and consis-

tently.

2) Must be absolutely reliable, i.e., no leaks or blowouts per-

mitted.
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3) Must be salt water compatible.

4) Must be easy and low cost to fabricate.

5) Force must be relatively insensitive to clearance (otherwise a

serious tolerance problem and other uncontrollables result).

6) Must allow force to consistently go back to zero.

1) Must allow for easy manifolding of pressure.

To meet these needs, the idea shown in Figure 2-13 was developed.
The cylindrical steel shell is for the purpose of testing the concept.
The epoxy could be formed around many transducers and their tubes in
any holder as needed. The idea is that pressure will cause fluid to
flow from the tube into the porous metal. The porous metal is con-
tained on all sides but the diaphragm side by epoxy. Since the dia-~
phragm is thin, the fluid will raise it until it touches a mating part
as shown in Figure 2~14. Then the fluid will become pressurized behind
the diaphragm and apply the needed force.

The epoxy casing and diaphragm make the device corrosion proof.
The tubing connections will all be encased in epoxy so that manifolding
can be performed using simple soldered connections. Cost would be low
once initial fixtures were fabricated.

Several such devices were fabricated as shown in Figure 2-13 and
tested as shown in Figure 2~14. The results are shown in Table 2-5 and
Figure 2-15. Figure 2-15 shows the measured force for one cycle of
pressure. Force is clearly linearly proportional to pressure. Test 1
was the first successful transducer. Tests 2, 3, and 4 show how this
transducer operated with increasing clearance. As expected the force

decreases with increasing clearance. For the 0.5 in. diam. unit the
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Figure 2-13. Integral Force Transducer.
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TABLE 2-5

Tects of Epoxy Force Transducers

Test Element Diaphragm Clearance

1 0.5 in dia. sintered 0.021 in .0 in
2 0.5 in dia. sintered 0.021 .0013
3 0.5 in dia sintered 0.021 .0024
4 0.5 in dia. sintered 0.021 .0046
5% 0.5 in dia. sintered 0.021 .0046
6 0.25 in dia. sintered .0

7 0.25 in dia. sintered .0015
8 0.25 in dia. sintered .0030

*Run for two hours
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percent reduction would be considered acceptable for a seal design.
From Tests 6, 7, and 8, for the 0.25 in. diam. transducers, the percent
reduction is much larger, indicating that a thinner diaphragm should be
used to decrease the sensitivity. Test 5 (not shown) was cycled for a
period of two hours to evaluate endurance of the device. The compar-
ison of the actual force produced to the ideal force shows that the
epoxy diaphragm is holding back a substantial fraction of the pressure
load.

While force performance above was considered to be satisfactory
for the initial attempts to create such a device, the reliability of
the device came into question. Two of the devices ruptured on first
use and one ruptured after being used in multiple tests. While some of
these problems were related to fabrication technique, it became clear
that epoxy may not be the most reliable material for a pressure con-
tainment application. A material with more reliable strength and flow
characteristics was needed.

At this point the study was ended as it was decided to use tradi-
tional O-rings with pistons for the next design. The logic was that
O-rings with proper piston were known to be reliable, and while not
being necessarily the best force transducer from a fabrication stand-
point, could be applied with greater expediency than finding and devel-
oping the proper candidate material for the integral force transducer.
Even so, the integral force transducer work is encouraging should some

application warrant further development.
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CHAPTER 3

NINE WAVE SEAL--SECOND DESIGN

Criteria

Even though the performance of the first nine wave seal design was
reasonably good, it was decided that performance should be somewhat
better if full waviness could be applied and, to make the wavy seal
practical, a simpler, more reliable means of applying the wave must be
designed which can be more easily fabricated. Thus, the overriding
criteria were simplicity, fabricability, and reliability.

The specific criteria for the design of a wavy seal are as given
previously [6]. They are:

1) Very low wear--10 year life.

2) Moderate to low leakage--leakage consistent over time.

3) Low friction to ensure low thermal distortion.

4) Operation in the 500 psi, 1800 rpm at 4 in. mean diameter

range.
5) Operation in seawater.
6) Seal components themselves must be reliable to be compatible
with 1) above.

To design a wavy seal, additional criteria must be satisfied for
proper operation.

1) The seal rings must be of a zero-moment design, i.e., no rota-

tion of the rings due to changes in the sealed pressure should occur.
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This eliminates the need for the seal rings to wear to a new profile at
each operating pressure.

2) Nine waves must be imposed on the seal. Reference [6] shows
the need for nine waves so as to increase the relative tilt stiffness
of the seal and thereby maintain a face profile which is relatively
unaff- -d by operating conditions. Thus, different operating condi-
tions do not wear new profiles on the seal.

3) Application of the waviness forces must be made to the zero
pressure side of the seal. This eliminates the need to compensate for
the effect of sealed pressure on the applied waviness force.

4) The centroid of the cross section must be optimally located to
provide a continuous sealing dam around the seal to give both minimum
leakage and maximum load support.

5) Stiffness of the seal ring is to be minimized. This will
ensure compliance of the seal ring with the mating ring at lower har-~

monics and also makes application of waviness easier.

Initial Configurature

Figure 3-1 shows the initial basic configuration used in the
design analysis. There are 54 pistons located circumferentially around
the ins.de diameter of the metal ring. Three sets (18 pistons per set)
are pressurized with a sinusoidally varying hydraulic pressure. The 18
pistons per set are divided up so that there are nine pistons acting to
the left of the centroid and nine pistons acting to the right. This
produces one set of nine waves. The three sets of 18 pistons are con-

nected as in the previous design to provide nine moving waves. The
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carbon is bonded as before into the metal ring which is made of Inconel
625. 1Inconel 625 was chosen for its excellent corrosion resistance in
salt water.

The configuration shown avoids some of the problems associated
with the previous design. The pistons are considered to be a more
reliable method of applying the forces with no leakage. Manifolding of
the pressure can be accomplished with small diameter tubing (see
detailed descriptions later). The entire force mechanism is located on
the leakage or zero pressure side of the seal so that the mechanism is
not affected by operating pressure. On the other hand this arrangement

does cause a high hoop stress as discussed later.

Seal Ring Design Solution

Fig .re 3-2 shows the details of the seal ring. The fixed param-
eters are essentially the same as for the previous design [6]. The
method of solution is identical except for the location of the pressure
force that produces the waviness and the method of zeroing out rotation
due to sealed pressure. In this new design obtaining a zero moment can
be easily achieved by adjusting the secondary seal position.

In addition to meeting the previous criteria, it was decided for
this new design that the product GJe (torsional stiffness) must be
about ten times lower than for the previous design. This condition was
imposed to ensure that the needed wave could be produced at a reason-
able hydraulic pressure and moment arm. Due to this requirement, the
metal part became quite thin. This means that even though E

carbon

E the carbon in conjunction with the metal tends to stiffen it up

metal’
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and one cannot use the metal only as a basis for computing section

properties.

Bending Stiffness

To get an estimate of the stiffening effert of the carbon, the
cross section shown in Figure 3-3 was analyzed using a FEM program. The
cross section shown is typical of those analyzed as having potential
for the final design. The ring was analyzed in bending as produced by
a moment about the circumferential axis uniformly distributed around
the ring. The metal and the carbon were considered to be perfectly
bonded at the interface.

Based on the rotation of the cross section in the plane of the
figure as predicted by the FEM program, the equivalent stiffness of the
composite ring was computed using the formula for twist (bending) of a

ring due to a uniform moment about its circumferential axis.

mTr

8 ¢
¢ = EI (3-1)
X
The FEM prediction is:
(E1.) = 5.8 - 10* 1b in.? (3-2)
x equivalent : T
Based on the metal only
ET_= 2.3 - 10° 1b in.? . (3-3)

The conclusion is that the composite section is about twice as

stiff in bending than as predicted by considering the metal only. This
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added stiffness is particularly important when calculating out of plane
buckling or conformability of the ring and was taken into account in

the design.

Buckling

For rings of small cross section under external pressure, buck-
ling of the ring must considered. Such a ring can buckle in the plane
of the seal face or it can possibly buckle out of the plane. The
second case, while unlikely, appears to be the more limiting case for
the type of ring of interest so has been used as a design criterion.

Williams {30] treats the non-symmetrical cross section ring buck-
ling problem and shows that for out of plane buckling the critical

radial load can be predicted using the following equation.

-3 -2 -
Clp + C2p + C3p + C4 =0 , (3-4)
where
2v
C, = 53, (3-3)
12 -3
GJ GJ
C2 = ——_l—-—f 2v I + li 1 + n2 :_Q + 2v n2 + :—g (3-6)
(1 - v) Y 'n EI EI
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(3-12)

(3-13)

(3-14)

The lowest buckling mode, n=2, was used as a basis for design calcu-

lations.
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Torsion of a Composite Section
The formula for tilt waviness shows that that torsional stiffness
GJ0 is the most important stiffness parameters at high values of n (n=9

for the present case).

T rz(l + Anz)
¢ = 0o c N
EIx (n2 - l)2 GJe(n2 - 1)

2 for large n .

One expects that the effect of the carbon will be to stiffen the sec-
tion of interest torsionally in spite of its low shear modulus. To
evaluate this case, some new theory was developed for the composite
cross section case.

Referring to Figure 3-4, Timoshenko [31] reasons that pure torsion

causes a rotational displacement where the displaceme: - are given by
u = -gzy , v = fzx (3-16)

where 6 is the rate of twist. It can be reasoned the same form of
displacement applies to a composite section as shown having zero slip
at the boundaries. Warping of the cross section is defined by the use

of a warping function ¢ so that
w = By(x,y) (3-17)

and this same equation applies. Then, by definition, since normal

stresses are assumed to be negligibly small in the torsion problem,

w8 (Y -
Y et e( ) (3-18)
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Figure 3-4. Torsion of a Composite Section.
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y CLA LA (2& + x) (3-19)

yz = 3y 92 dy

and using stress strain relationships

- Y _ -
T = Go (ax y) , (3-20)
_re (?—‘Mx) ) (3-21)
yz aJy

Equations (3-18) through (3-21) are valid for R, and R2 separately.

1
Using equilibrium and equations (3-20 and 3-21)

2 2

3y 3% (3-22)
2 2

ax y

within each region.
Referring to Figure 3-5 for the development of the boundary con-
ditions and noting the clockwise convention for moving around the sec~-

tion, we have for the shear stress acting normal to a boundary:

T =1 cos a + 1T sin a (3-23)

n yz Xz
where

- - Ay - 8% -

sin a As ’ cos @ y vl (3-24)

so
dx dy
In Tyz ds * sz ds (3-25)

or substituting Equation (3-20 and 3-21), we have
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Figure 3-5. Normal Shear Stress Component.
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LI Go (-& ) -§ + GO (-& - y) qs (3-26)

On a free boundary
1T =0 (3-27)
n

and on a common boundary between regions

aw dy
tnl-Ge(———+x)—+Ge -a—-— )ds’ (3-28)

a
2 dx
T, = 6,0 (ay + x) + G0 ax ) (3-29)

The normal shear stresses must transfer across the boundary. There-

fore, since @ 18 the same for both regions,
o oy
1 2 dx
toy G+ 2) - o0 (52 2) | &

v Y
1 _ —2 _ dy | -
+{cl (2 -5) s, (= )}ds 0. (3-30

So the problem is reduced to finding a function ¢y that satisfies both
Equation (3-22) and the boundary conditions of Equation (3-30) and
(3-27).

Once ¢ is found the torsional stiffness is found by taking the

moment of the shear stress. This gives the equivalent stiffness as
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n

Wy
GJO.Z /f Gi(xg—-bx)dxdy
Ry

i=]

ay
i 2
—ff Gy (ya—- )dy dx), (3-31)
Ri

where the summation is over the n regions. Appendix A contains the
finite difference solution to this problem and some examples.
The above method was incorporated into the seal design program so

that the proper stiffness GJ, would be used to predict waviness. Table

]
3-1 shows the effect of the carbon composite on the stiffness for one
of the seal ring designs very close in size to that shown in Figure
3-3. The actual torsional stiffness is four times larger than that
based on the metal alone.

After repeated attempts to vary proportions on this design it was
concluded that no satisfactory composite section could be designed. The
main problem was that for designs where torsional stiffness was low
enough such that waviness could be applied, the metal part engaging the
secondary seal (Figure 3-2) was too thin to transmit the load from the
pistons to the ring without bending. Or, in many otherwise satis-
factory designs, the required forces were larger than available. The
problem comes about because making the seal long enough to provide
moment arm space causes the stiffness to be too high for the forces

available when the part is made of metal.
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TABLE 3-1

Composite Section Stiffness

X y G*x J

0 Moment Arm
Needed
Metal Only .2184 in .2790 in 1446 1b in2 .1680 in
Composite Section .2193 .2795 4242 .4386
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All Carbon Seal Design

The solution to the above problem is to make the entire ring out
of low modulus carbon. Thus the ring does not get too stiff for the
size needed to accommodate the force application.

Figure 3-6 shows the configuration of the all carbon seal design.
It is essentially the same shape as before. This change not only
reduces the stiffness, and therefore the needed moment arm, but also
eases design, fabrication, and assembly problems. The design computer
program for the previous configuration was modified slightly to accom-

modate this all carbon configuration and design proceded accordingly.

Warping Analysis

One additional area that must be considered is the effect of
warping on the stiffness of the cross section. Warping is the nonuni-
form z direction displacement which accompanies torsion. Oden {32]
shows that warping can induce stresses in the section that will have
the effect of increasing the torsional stiffness. This occurs when
warping is constrained as it is in the alternating torsion of a wavy
ring.

Equations for waviness where warping is significant will now be
derived. Warping makes the following change in the stress resultant-

displacement equations:

GJ
- %* -
M =____e(¢l +V')-E‘(¢"'+v”') . (3_32)
0 RC R3
o}
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where I'* is the warping constant and all other ring equations remain

the same {33].

The equilibrium equations are [34]

Me - Mx + mGRc = 0 ,

t 1 \J

+ =0 .
Mx Me 0

Using the previous equation for M and Mg from [33] gives:

(¢ - ;'ll') + % (¢'"' + ;ll) - % (¢'''" + ;Illl) = 0

and

l (¢!| + ;'|||) - l (¢|vvv + ;||||) - (¢ - ;01) +

A B

where
EJx Jsz
A= 63; and B = %

Assuming that

me = meo cos nb

it follows that

¢ = ¢ cos n8 and v=vy cosné .
o o

Substitutior gives
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m R2
6o ¢ 1
% = EJ L A2 (3-40)
2 4 (“‘X*B“) 2 h
(r*B—”)' 2 %rw—*“}
nt s i,
A B
and
3
meo RC .
Yo T EJ ; 5 (3-41)
X "+l+-n—
224 (“ A B)n2 4,
(;\—+§—+l)‘ 2 {T+B—.+n}

1 n
(1+A+B)

Equations (3-40) and (3-41) are the modified form used in the design
program to predict waviness considering warping.

It now becomes necessary to determine I'* for the particular cross
section in question. This was accomplished by again using a finite
element program and using three-dimensional solid elements (eight node
brick). The section considered was a bar of exact cross section and
length equal to that of one half wave (of nine waves) around the seal
(see Figure 3-7). A moment was applied to the end of the bar and the
resultant twist was calculated. 1In this calculation the z !isp. ce-
ments at both ends were not constrained, only x and y. Next, the z
displacements were constrained and the angles of twist again calcu-

lated. This simulates the symmetry conditions where warping must go to
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zero in the alternating twist.

Table 3-2 shows the results for a cross

section very close in dimensions to the final solid carbon design.

Now the straight bar version of Equation (3-32) is:

El*¢''"* - GJe o' + MB =0 . (3-42)
For Me constant solving for ¢ gives
rx ~IX Mex
¢ = C]e + Cze + 63; + C3 , (3-43)
where
T EF; . (3-44)
The boundary conditions are
$(0) =0,
$'(0) =0,
¢'(k) =0, (3-45)
where ¢' = 0 again simulates the symmetry conditions. The final solu-
tion is
o = - MB (e-rx - 1) + 1] ™ - MB Lg—r; - 1) -rx
- -2
rGJe (1 - e Zr}) rGJe (1 -e ,rx)

M. x M -k
+ ) + 0 [2(e ~ 1) + 1] ]

GJ6 rGJe (1 - e—ZrL)

(3-46)

Dividing through by MeL/Ge and evaluating at x = L gives,
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TABLE 3-2

Warping Function Calculation

twist (in/in) G Je (lb-inz)

Z Deflections
Unconstrained .002703 3575

2 Deflections
Constrained .001742 -
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() (e )

Eﬂt ) Q1 - e-Zr}) r}r (1 - e-Zr})
GJe
-rp
+l—- Z.(_G____'_l_l+ 1§ . (3-47)
g ) (1 - e-ZrL)

The left-hand side is the ratio of twist for the condition of the 2z
displacements constrained to the condition of the z displacements un-
constrained. Going back to Table 3-2 and using those values we have

for the problem of interest

ﬁi&l = 0.644596 . (3-48)
OL

GJe

Now, letting A = 0.543 in., the length of the bar s=ction, and using a
root finding technique to solve Equation (3-47Xor r for the condition

of Equation (3-48) we get
r = 10.286/1in. (3-49)

Then, using Equation (3-44) and section properties determined later we

have

I = 1.0164 x 107> 1n.° (3-50)

and Equation (3-37) gives

B = 3097 . (3-51)
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Design Solution
Using the above information in the design program and the criteria
discussed, final satisfactory design dimensions were found and are

shown in Table 3-3.

Predicted Performance

Previously developed computer programs [5)] were used to predict
the performance of the new design. Figures 3-8 and 3-9 show these
results. The friction torque is high at lower speeds but drops very
quickly for increasing rpm. Even at zero speed the friction is less
than half as much as would be expected with no waviness. The decreased
torque at higher speed is due to hydrodynamic effects which result in
100 percent fluid pressure load support at the higher speed.

Figure 3-9 shows that leakage is quite small, less than 1.5 cc/min
up to 1800 rpm for all cases. A slightly larger value of ¢O was used
for this design compared to the first design (400 as compared to 320)
so that sufficient wave would be available for hydrodynamic effects.
Leakage is increased by about one-half a cubic centimeter per minute at
the worst case compared to the previouvs design.

Figure 3~10 shows the comparison of the worn profile shapes for
the extremes of operating conditions. As can be seen, the profile
changes very little and as a result additional wear is minimized as the
operating conditions are changed. This is as expected using nine

waves.
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TABLE 3-3

Solid Carbon Seal Design
(Ref. Fig. 3-6)

400 x 107% in/in

¢0 =
d = ,316 in
X3 = ,2345 in Y, = .4200 in
x, = ,0470 in y, = .2600 in
X4 = ,1875 in yq = .2100 in
X, = .0900 in Y, = .0600 in
Xg =.0900 in Yo = .8300 in
RPi = 1.8100 in
Rb = 1.900 in
R = 2,1345 in
00
R = 1.9427 in
c
DORING = ,2026 in
X = .1918 in
y = .5453 in
, 4
Ix = .0083085 in
4
1 = ,0014610 in
y
, 2
G Je = 3183 1b-in
3, = .002546 1b-in’
A = 7.83
-6
v = 5,687 x 10 in

.2053 in

e
cc

Critical buckling pressure = 1007 1lb/in

Pressure cause:d rotation = 1.1 x lO_9 in/in
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Strength Analysis and Test

Because of the reduced cross section of this all carbon design, a
primary concern becomes the strength of the carbon in relation to the
waviness loads applied as shown in Figure 3-11. Each piston produces a
maximum load of 86 1lb distributed as -~*own but of course at discrete
intervals around the seal ring. Th. arbon was modeled by finite ele-
ments as shown using an assumption of axisymmetric loading to get a
first approximation. It was found that the maximum tensile stress is
about 4000 psi on element No. 8 in Figure 3-11. The tensile strength
is only 8000 psi.

Given that the approximate solution was not considered conserva-
tive because the concentrated loads had to be distributed to obtain the
axisymmetry needed for solution, other methods to calculate the maxi-
mum stress were tried but none were considered accurate enough to be
relied upon. The problem is clearly a 3-D stress analysis problem, the
modelin: for which is very cumbersome. Thus, it was decided that the
only reliable way to assess the adequacy of the strength of the part
was by actual test.

Figure 3-12 shows a cross section of the test set up. The carbon
show; was machined out of an existing carbon ring to similar dimensions
and the same cross sectional area as the new design. Pressurized oil
was slowly introduced into "« test fixture and the pressure monitored
by computer and pressure transducer. Failure was localized at the

point of application and occurred at a load of 177 1b. The maximum
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Figure 3-12. Destructive Test Set-up.
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design piston load, as stated btefore is 86 1b. This indicates a safety
factor of 2.05.

The question of fatigue strength also had to be addressed. Paxton
[35] states that the terminal fatigue strength of most carbon is
thought to be between 45 and 85 percent of the original tensile
strength. Thus for the present design, the safety factor could be as
low as 1.0 but most likely higher. It was decided since no specific
fatigue data was available, the design would be considered acceptable

on a prototype basis.

Other Calculations

Many other design calculations were made but will not be presented
in detail here. However, the subject areas were:

1) O-ring friction on spring seat.

2) Stresses in waviness inducer.

3) Piston stresses.

4) Pressure caused rotation of spring seat.

5) Buckling of spring seat.

6) Hoop stress caused by piston load and band clamp stress for

split design.

Concerning the last item, it was decided early on that the carbon had
to be clamped at its OD with a metal band so as to place a large enough
compressive stress on the carbon to overcome the tensile stress caused
by the piston loads. This would allow the design to be split in half

and simply be clamped together.




Final Design
Figure 3~13 shows the assembly view of the seal. Starting at the

left, one of three sinusoidally varying pressures is directed through
two (180° apart) pressure channels in the waviness cylinder <:>. It
was desired that the existing waviness cylinder be used since it
already had the necessary tilt and offset machined into it. This wav-
iness cylinder was therefore modified so that it could be used with the
present design. One of the modifications was the addition of three
drilled and tapped holes (:) (one of which is shown). These intersect
the pressure channels in the waviness cylinder. The pressure is then
directed through one of three swagelok fittings (::) to one of three
1/16 in. monel inlet tubes (:) which delivers the pressure to the
waviness inducer (:) and terminating at a set of 18 pressure pistons(:)
via connecting tubing (::). The pressure induces a force through the
pressure piston @ to a delrin spacer which causes a counter-
clockwise moment (in this particular cross-section) to the all-carbon
seal (:). The seal is a pure carbon P658RC carbon. The seal is driven
by the drive ring (:) through the drive ring adapter (:). This
arrangement allows for the carbon to "float" and therefore take its
alignment from the face of the rotating secondary seat which is a
carborundum KT® silicon carbide. Both primary and secondary ring. are
of zero moment design, i.e., no rotation of the rings under water pres-
sure. Preload is provided by the springs housed in the spring retainer
<:) through the spring seat (:). The design of the spring seat is such

that the secondary O-ring seal (::) moves with the carbon ring with
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wear so the pressure balance is relatively uneffected. The cla:, band
produces a radial preload to the carbon ring @ for the case when
the carbon will be split.

Waviness of the new seal was measured external to the test rig by
the use of the waviness inducer and the addition of a fixture that
would hold pressure on 18 of the 54 pistons. Pressurizing 18 pistons
gives one complete set of nine waves. The apparatus was placed on the
precision rotary table and axial displacement traces near the OD of the
carbon face were taken with the stylus of a surface analyzer. The
signal was digitized by a computer and a Fourier analysis of waviness
components was made. Table 3-4 shows the results of the waviness mea-
surements.

The results show that the first waviness measurements were con-
siderably lower than the 60 pin. design value. It was determined that
the original Delrin band, which transmits the load from the piston of
* . waviness inducer to the inside diameter of the seal ring, was
absorbing the wave by distributing the load over a much larger area
than the area of the pistons. This was checked by making 18 individual
Delrin pads which fit on the pistons, making each pi.ton independent of
any other and concentrating the load at the point of application.
Results showed a dramatic increase in the harmonic waviness.

Since the original Delrin band was by design, necessary for wavi-
ness inducer-carbon seal alignment, the band was modified. This mod-
ification was accomplished by machining 54 pad locations leaving only
0.020 in. of material between pads on the inside diameter. This

allowed for more individual freedom of movement for each piston and
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TABLE 3-4
Nine-Wave Amplitude Study

Waviness Amplitude Near Seal 0.D.

h *
Date h P 9
9 test
@ 750 psi Conditions
6/14 51 750 51  Carbon wc band, {iTProved pad alignment |
modified delrin spacersf
6/13 46 650 53 Carbon wo/band, {imProved pad alignment |
modified delrin spacers|
6/10 44 1100 30 Carbon w/band, modified delrin spacers
6/9 68 1100 46 Carbon wo/band, modified delrin spacers
6/8 24 1100 16 Carbon wo/band
6/8 13 1100 9 Carbon w/band

Equivalent to actual test pressure.

87




less absorption by the ring as a whole. The waviness results are shown
in Table 3-4.

Secondly it was found that the metal clamp band greatly stiffened
the seal ring torsionally (Table 3-4). For the purpose of these and
subsequent tests it was removed with the question of how to put it in
place for the split ring without stiffening the ring being left
unanswered.

Afte these two modifications were made, the measured waviness
started to approach the calculated waviness although it was still con-

sidered somewhat low. Further explanations were sought.

Young's Modulus Tests

An experiment was set up to check the value of Young's modulus for
P658RC carbon. The test apparatus is shown in Figure 3-14. Three car-
bon beams were machined out of a carbon seal ring and then ground to
size. The beams were simply supported by two 3/32 in. diameter dowel
pins. The load was applied at midpoint through another 3/32 in. diam-
eter dowel pin and the resultant deflection measured by a 0.0001 in.
indicator at that point. Simple beam theory was then used to calculate
the value for E. The results are given in Table 3-5.

From these r. :ults it was concluded that the value of E = 3.0 -
106 psi used in design was reasonably close to the measured result. It

was decided that an ample wave was available for test.
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Figure 3-14. Test Setup for Young's Modulus Exneriments.
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TABLE 3-5

YOUNG'S MODULUS RESULTS

FOR P658RC CARBON

Beam # _w (in) _t (in) I _(in") F/y (1b/in) _E (1b/in’)
] .3824  .0602  6.9522 x 107° 327.2 3.19 x 10°
2 .3825  .0602  6.9540 x 107° 323.3 3.15 x 10°
3 .3826  .0602  6.9559 x 107° 323.9 3.16 x 10°
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2000 Hour Test Results

Performance During Test

Figures 3-15 and 3-16 show the performance of the seal one week
after start and then eight weeks later. Each plot is for one complete
weekly cycle. These are presented so as to compare the initial and
final operation. The performance is much the same on the average. The
torque fluctuations are somewhat higher, at the 14 percent speed and
100 percent pressure conditions, at the beginning than at the end of
the test. The 100 percent speed and pressure conditions show a torgue
which is quite the same throughout the test, averaging about 2 N-m both
in the forward and reverse directions. The total leakage during the
second week of operation (Figure (3-15)was 253 cc, which resulted in an
average leakage rate of 0.025 cc/min. Figure3-16 has a total leakage
for the week of 321 cc, which is a leakage rate of 0.032 cc/min. The
spikes are the result of leakage getting trapped because of surface
tension within the leakage path and then suddenly flowing.

One problem encountered during the test is illustrated by Figure
3-17. The torque readings became erratic as a result of insufficient
waviness. This was caused by a clogged oil supply line filter to the
waviness generator. The filter was cleaned and replaced at about 412
hours into the test. This eliminated the erratic behavior. This
problem occurred a few more times during the test and in each case the
filter was replaced with a new one.

One problem occurred during the test. The time of its first
occurrence is not exactly known, but it became more pronounced toward

the end of the test. Figure 3-18 shows uniform large fluctuations in
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torque at the different operating conditions. On disassembly it was
observed that the seal thermoccuple was severely bent due to some
relative motion between the carbon seal and the spring retainer. The
reason for this angular displacement is due to the fact that the seal
slipped in its silicon rubber bond. As a result, some small angular
rotation of the carbon resulted causing the thermocouple to bind and
ultimately become severely bent. This introduced a component of force
which coupled with the movement of the wave around the seal, caused the
fluctuations observed in Figure 3-18.

Silicon rubber bonding material was used so as to allow for the
differential rates of thermal expansion for the carbon and the monel
drive ring and also to be able to withstand the forces needed to drive
the seal. The rubber adhered very well to the carbon but the bond was

poor with the monel.

Post Test Analysis

Disassembly also showed that five springs behind the spring seat
were bent due to the rotation of the carbon as stated above. One of
these springs was broken. The epoxy case covering tubes in the wavi-
ness inducer had a slight bulge in it indicating some seepage of oil
from the tubes inside. Because of the design, however, the o0il could
not contaminate the sealed fluid since the waviness mechanism is on the
zero pressure side.

Radial profiles of the carbon showed a divergent taper of -763
pm/m average, this being the result of pressure caused rotation of the

seal. Table 3-6 shows the wear results. The average wear for the 2000

-95-




(Ul wo)
0

"SANON | 112-€902--6ZL# 3531 'BL-€ 24nb}J
(4) FHIL

1112 2012 €012 6602 S6@2 1602 2802 €082 6¢02 S/@82 1202 2982 €982
a | 1 | 1 ¥ 1 T 1 T L 3 Ob- 4 Sl
| o
- SMI
4a2
N -
-4 QNI
m -
462
vl 4a1-
(u-N) (J4)
St 40 byl dec 1
gaggz
i b
3 1 . 1 a1
4se
2 F
a2
8 Fu by .
1 L
6l 4 8¢
: . — i.fﬂ ) dgp
e e e e e ———————— &0\0 '
L‘ 001 aal-
[ _ | SIS (33ds%

ves5es L Y0 eal

96




TABLE 3-6

Wear Results (2000 hours)

Initial Wear Final Wear
Position Groove Depth Groove Depth Wear
(pin) (pin) (pin)
1 2800 2500 300
2 2860 2500 360
3 2240 1880 360
4 2520 2120 400

Average 355
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hour test was 355 pin. Radial traces of the KTSiC seat showed wear of

about 15 to 20 pin.

Comparison to Theory

Using a numerical model of wavy seal operation developed prev-
iously [5}), performance was predicted for the various operating con-
ditions in the 2000 hour test as shown in Figures 3-8 and 3-9. For the
experimental results, six weeks of operation were used to establish
average values at the different operating conditions. These values are
given in Table 3-7. The results show a wide variation sometimes even
though the apparatus was rezeroed weekly. These results are compared
in Table 2-4 for drive torque only.

The table shows that there is a good relationship between pre-
dicted and experimental torque, although under some conditions agree-
ment is not as close as desired. Perhaps most importantly is that the
reduction of friction with increasing speed shown by the theoretical
data is followed by the experimental data although the experiment does
not show as strong a relationship. This agreement verifies the pre-
dicted operation of hydrodynamic effects in water. In earlier tests,
face geometry could change with speed. In this test, the nine waves
have a very high stiffness and remain constant and geometry does not
change with speed. The other very encouraging result in Table 3-8 is
that the speed effects are symmetrical. This indicates that some type
of torque caused geometry change is not really influencing the results
and more importantly, that the average torque values are reliable

because they repeat in the opposite direction.
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Speed %

Pressure %

14/7
14/50
14/100
33/100
100/50
100/100
-33/100

-100/100

671
to

839

0.42

2.55

5.20

1.05

2.91

-5.05

839

1007

7.60

3.58

1.23

2.95

-4.76

TABLE 3-7

99

Week

1007

1175

0.

17

.36

.36

.25

.22

.45

.91

.80

(N -

1571

1679

0.96

2.95

3.16

1.70

2.66

-2.51

m)

One Week Average Torque Values
Test 129

1679

1847

0.65

2.63

1.28

2.53

-3.34

2015

2183

4.42

3.58

2.51

4.33

-2.50

hrs




TABLE 3-8

Comparison of Experimental and
Theoretical Results-~-Design 2
Torque¥* (N : m)

s

Experimenta % Speed
Theory -{00 -33 14 33 100

7 ¥k %% .7 *k *k
-.3 -.1 2 1 .3

50 2.9 ok 1.5
3.2 1.2 .4

100 4.6 3.6 3.0
6.7 4.7 1.4

*Leakage was not compared because of erratic
rates caused by collection passages.

**Conditions not run experimentally.

+Based on six weeks data from Test #129.
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With regard to leakage, the model was used to predict a weekly
average rate of 0.4 cc/min. The average measured weekly for the week
of operation shown in Table 3-9 was 0.028 cc/min. Thus leakage does
not agree well at all. The experimental result of course is favorable
since it is lower than predicted. However, it is known that the model
is weak in predicting leakage. Previous work {16] showed that in con-
tact problems like this one actual leakage is very hard to predict to

better than an order of magnitude.

Split Ring Design

To meet ultimate submarine needs, it 1s necessary to be able to
design a split seal. Thus as part of this program, a small scale pro-
totype wavy split seal was to be investigated.Thus, a design had to be
made that would allow the carbon to be split (two places, 180” apart)
and then clamped and still be able to transmit the wave-causing moments
across the split. The first iteration for this design was to make a
preload ring that would be pressed over the OD of the carbon ring. This
preload ring would have to be able to apply a compressive load of 250
1b/in. radially at the centroid in order to offset the effect of the
loads generated outward by the waviness inducer. Figure 3-19 shows the
configuration of the band designed. The band has a slight taper ground
into it as does the carbon, which allows for ease of press.

A three-dimensional SAPIV finite element analysis was then made on
the carbon cross section without the band. Results showed a stiffness,

GJe, of 3527 1b-lnz- The design program used calculated a GJe of 3183
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TABLE 3-9

Weekly Average lLeak Rate¥

Test 129
Week 167 1679 hrs
to
335 1847 hrs
Leakage 0.025 cc/min 0.032

*Based on total leakage for the week.
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lb-in.z, which is within 10 percent. It was therefore felt that the
design program was satisfactory in its method of solution.

The next step was to re-run the three-dimensional SAPIV program
with the inclusion of the preload ring. The resultant GJe was 4368
lb-in.z, a 24 percent increase. The band (Figure 3-11) was then made
and pressed on a new carbon seal. The measured ninth harmonic waviness
of the carbon without the preload ring was 50 pin. With the preload
ring on the carbon, the ninth harmonic waviness was measured at 32 pin.
a 36 percent reduction. The SAPIV finite element program predicted a
20 percent decrease in waviness with the addition of the band. From
these results it was determined that the design method was sufficiently
valid to serve as a useful tool.

From the preceding results, a new preload ring would need to be
designed which would not restrict so much of the wave. Again, the
three~dimensional SAPIV program was used and the design shown in Figure
3-20 was the result. This particular ring would only give a 12 percent
increase in the stiffness, which would result in a reduction of ninth
harmonic waviness from 50 pin. to only 44 pin.

The split seal itself, as shown in Figure 3-21, is to be machined
out of two existing carbon seals. Internal moments are to be carried
across the split sections by means of eight stainless steel dowel pins.
These dowel pins were sized based on an analysis of the internal moment
generated due to the induced waviness.

Referring back to Equation (3-32) the internal moment is given by

GJ
M -_9(¢' +;v) _m(¢||v +;|||) . (3-52)
6 R R3
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Considering warping gives,

) meoR2
v e - o C1 cos(ng) ,
X
2
) meok
v' = X C1 sin(né) ,
x
m R2
S 3 90
=0T 5 Cl sin(nd) ,
b
and
me§ 2
¢ = X C2 cos(nd) ,
X
meoR2
] = -
¢ " Tos 02 sin(n6) ,
] R2
XK 3 eo
) =n" 55— C, sin(ne) ,
X
where
2
1 n
. . A + B + 1
1 2 2 2
n__ -1 + B (n2 _ 1)2
A B
~107~

(3-53)

(3-54)

(3-55)

(3-56)

(3-57)

(3-58)

(3-59)
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2 4
+

+n4

Cr =7

2 4
n n A n n n n_ 2) 2
(A+B+n)(A+B+1) (A+B+n)

Substitution of (3-54), (3-55), (3-57), and (3-58) into (3-52) gives

(3-60)

n:>1:
a-w‘:

GJ nm R2
Me = T ng [[-C2 sin(nO) + Cl sin(ne)
n3me R2
El* e . ,
- 3 £, [C2 sin(n@) ¢ 51n(n6)]] . (3-33)

Using the previous design data for the solid ring, the internal

moment is

Me = -7.65 in.~1b . (3-54)

The dowels were sized to handle this moment.

Conclusions on Second Design

In many ways the performance of the second design was similar to
that of the first design. Torque and leakage values were similar. Wear
was significantly lower amounting to 355 pin. Since some taper did
wear into this seal, it is expected that much of this wear took place
early in the test, so the long term wear rate would be even bLetter than

on this test.
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Theory predicts somewhat different values for friction torque than
found experimentally but the hydrodynamic effect is nonetheless dis-
played. Leakage values are significantly lower than predictions. This
is an advantage to seal operation but shows a significant weakness in
the model.

An improvement is needed in the drive arrangement to get a posi-
tive engagement or improve the bond of the adhesive. Some improvements
in 0il plumbing reliability need to be made as there was one seep in
the system.

Except for the problems mentioned the seal itself performed very
well. At the wear rate measured, the wearing faces could be designed
to meet a 150,000 hour life objective. The concept from the standpoint
of wear reduction works very well. The question now becomes: would the
waviness force applicator be sufficiently reliable? Certainly no sig-
nificant problem was encountered in the 2000 hour test. The piston
arrangement appears to be reliable. However, the O-rings and their
associated plumbing introduces an element of chance failure or
shortened life due to wear out which cannot be quantified. It can only
be stated that the design would be more reliable absent these elements.

Thus, while the test and the design were both very successful, there

is still a need to find a simple more reliable means to impose a wave.
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CHAPTER 4

NINE WAVE SEAL--THIRD DESIGN

Early in the wavy seal investigation it became clear that a simple
means of imposing a moving wave was essential to the ultimate success
of the idea. While it was proven early in the test program that a
moving wave would provide low friction and low wear along with low
leakage, the greatest difficulties in designing, fabricating, and oper-
ating the wavy seal have been with the waviness causing device itself.

While a remedy to this problem has been sought all along, during
the present contract period an extra effort was made to find a much
simpler waviness device. To this end, the ideas explained in Chapter 8
on squeeze seals and bearings were conceived and analyzed. One of the
conclusions as explained in Chapter 8 was that the squeeze seal (when
the wave moves at shaft speed) is equivalent to the current wavy seal
and therefore offers no advantage of further reduced wear. However,
the squeeze seal does offer the possibility of facilitating the appli-
cation of the wave. In fact, it happens that the squeeze seal as
originally conceived is equivalent to forming the wave fixed in the
hard face and rubbing against a flat soft face. This becomes then the
basis for the third nine wave design.

The design is shown in Figures 4~1 and 4-2. The wave as shown in
Figure 4-1 is ground into the hard face. The wave is similar to that
used in present wavy seal designs just described in the previous chap-

ters. Nine waves are again used so that the carbon does not
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significantly flatten out and thus eliminate the desired wave. The
wavy-tilt design is used in order to obtain hydrostatic lift from the
radial taper and hydrodynamic lift from the wavy part. The wavy tilt
stops at some radius beyond which the seal face remains flat. This
flat portion is the sealing dam and serves to minimize leakage flow.
In this design the carbon face is everywhere wiped by the high
spots of the wave on the hard face. Thus the carbon must wear
uniformly. The high spots on the wave do wear unevenly; that is,
unlike design 2, wear is not spread out all across the hard face.
However, the localized wear effect is on the hard face, not the carbon.
The hard face is not wiped all over. Operation of the seal is iden-

tical to design 2.

Advantages

Compared to the moving wave, this seal design, once the parts are
made, i8 as simple as current seals. No waviness drive is needed.
Reliability should be very high. Because of the fact that with the
present wavy design wear on the hard face is insignificant, it is
expected that the same will hold true for this design. The carbon will
wear slowly (same as at present). The hard face will wear very slowly
such that the wave is preserved for the entire life of the seal. Long

life and low leakage are expected just like for the current wavy seal.

Limitations
There is some difficulty in grinding the shape shown in Figure 4-1

into the hard face. While it is easy to deform carbon elastically to
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get a wavy surface, this technique will not work for the high modulus
hard face material.

The fact that the hard face is not wiped everywhere may allow
debris or corrosion to build up in the low spots of the hard face. Also
in some applications wear of the hard face presents an unknown factor.
There is some evidence that hard face materials such as silicon carbide
when lightly loaded (as in the case here) will experience only a few
microinches of wear in a thousand hours. For applications where this
is true for the fixed wave seal, then wear of the wave will present no
problem. Experiments will answer the wear question as well as the
corrosion buildup question.

One other limitation of this design is that special features must
be incorporated so that radial misalignment can be accommodated. Figure
4-3 shows that with the normal seal design, a gap could result due to
radial misalignment. The solution to this problem requires that the
carbon and the hard face both be made wider as shown. The complica-
tions of solving the problem this way or using other approaches have

not been evaluated as yet.

Wavy Seals

Wavy seals have been experimented with and proposed for use pre-
viously by other investigators [36,37]. The obvious question to be
raised is why the wavy seal did not become a routine practice and what
is different about the present proposal. First, the typ: of wave used
and proposed here is a wavy tilt. The wavy tilt offers a sealing dam

as well as hydrostatic support and hydrodynamic support. This type of
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wave, as far as is known, has never been used before. Simply lapping a
radially parallel wave into a seal may cause excessive leakage if the
seal is stiff or nothing may happen if the seal is compliant [22].
Secondly, no consideration has been given previously to the relation-
ship between stiffness and waviness. Early work in this project showed
{4,5] that waves can be easily flattened out. It also showed that seal
rings also tilt as they deform. Thus, imposing a wave on a seal ring
without careful consideration of the deflection and net waviness may
easily lead to undesirable contact geometries or unknown geometries.
Deflection has been carefully considered in these designs. Thus in
summary, the present work represents the first series of work where the
wave shape has been carefully controlled, both in its creation and in
operation, so that the desired effects will likely occur. Thus, the
idea being proposed here, while not new as a general concept, is novel
when considered carefully in detail, and it is these details which make

the difference between successful operation and poor performance.

Seal Design

The third design is the result of only three modifications to the
second design as shown in Figure 3-13. The first is the removal of the
waviness inducer and spacer. This was done since the waviness is not
imposed on the carbon for this design. The second modification was
made on the method of driving the carbon. As pointed out before, the
carbon rotated relative to the drive ring adapter in test no. 130, as a
result of too much tangential load, due to friction torque of the seal,

for the strength of the adhesive used. To eliminate this problem, four

-117~




#2-56 socket head cap screws were recessed into the carbon 0.05 inches
to provide the additional drive capability along with the silicone
adhesive.

The third modification was that of putting the desired wave on the
hard mating face of the seal assembly. The technique for doing so is

explained later, the performance for such a design follows.

Expected Performance

Seal performance is expected to be like that described in Chapters
2 and 3 for designs 1 and 2. However, some additional consideration
was given to static (low speed) performance. Table 4-]1 shows the
static performance of the seal at various wave tilts. ¢0 is the tilt

amplitude on the mating hard face and ¢ is the resulting tilt due to
ne

t
the conformability of ‘he carbon. As can be seen, not a lot of fric-

tion reduction is gained by raising ¢m above 500 pin./in. The leakage
does, on the other hand, increase quite rapidly. This tradeoff was the

basis for the selection of ¢° = 500 ym/in. for the new design. Pre-

vious designs used a slightly lower waviness.

Waviness Grinding Apparatus

The procedure for putting the wave on the mating face is by means
of grinding. Since the desired wave is of a special case, i.e., tilted
in the radial direction, waved in circumferential direction, and having
a circumferential strip of constant height at some given radial loca-

tion, a unique method of grinding had to be devised.
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TABLE 4-1

Seal Performance (Static)

n=9 Speed= 1 RPM
P_ = 500 psi
o}
¢0 ¢net 30 Tq n % fluid pressure
(pin/in)  {(win/in) (cm”/min) {in-1b) load support
50 20 .09 120.6 .049 50
80 43 .10 113.9 .046 53
100 63 .11 106.0 .043 56
500 475 .33 68.6 .028 72
1000 967 .62 62.4 .025 74
1500 1461 1.07 59.7 .024 76
2000 1960 1.66 57.5 .023 77
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Figures 4-4 and 4-5 show the grinding apparatus. The seal ring is
mounted in a fixture and very precisely rotated about x-x in a lathe.
The cam shown also rotates with the ring. The grinding wheel and its
driver and the cam follower are all mounted to a plate which pivots
about the axis y-y. The plate is flexure mounted as shown later so is
actually very stiff relative to the base. However forces in the z
direction produced by the cam follower and spring cause the plate to
rotate (on its flexure mounts) about axis y-y. Therefore as the seal
ring and cam turn about axis x-x, the cam follower causes the grinding
wheel and plate assembly to oscillate about axis y-y. With the grind-
ing wheel running about axis z-z, this action causes the wave of Figure
4~1 to be ground into the seal ring. The cam used has nine waves to
produce the nine wave seal ring. Axis y-y is located at the sealing

dam radius so that the waviness at that radius is zero.

Flexure Design

The flexure support system was chosen over bearings because of its
high stiffness, zero looseness, and simplicity. The plate rotates only
+500 ym/m. Figure 4-6 shows the approximate pattern of flexure beams
used to mount the plate. Point 0 is the pivot point whose location is
assured by the four surrounding flexures. Flexures 5 and 6 provide
additional stiffness to the mount.

Referring to Figure 4-6 summing moments about "0" give:

I My = FoRg = F\R, + F,)R + F.R + F,R + FR, + FR, (4-1)
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where

F = ké (4-2)
and

é§ = RO (4-3)
which gives
F = kRO . (4=6)

Substituting (4-4) into (4-1) and assuming that all leaf springs have

the same stiffness gives,

2 2
FORO = 4kR19 + 2kR29 . (4-5)
Now,
F.R = k R6 (6-6)
ofo = Ry

where kT is the total effective spring constant of the system. Sub-

stitution of (4-6) into (4-5) gives

anf zng
K o= k|—=* 4+ =2 (4-7)
T IR

0 0

The spring constant, k, for a beam fixed on one end and guided at the

other end is [38],

Kk = 13-3—E-l (4-8)

)]

The cam was designed to cause a 0.150 inch amplitude cam follower

displacement. The stiffness was designed using the above relationships
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so that the corresponding force produced by the cam follower spring

produced the #500 um/m rotation needed.

Waviness Profile Results

To test the grinding apparatus, a seal ring was machined out of
1018 steel to the dimensions of an existing seal ring. A 2 inch diam-
eter, 60 grit, silicon carbide wheel was used for the grinding. The
steel ring was then ground and a polar plot of waviness at the seal
carbon outside radius (ro) was taken. These results are shown in
Figure 4-7. A Fourier analyses showed a ninth harmonic waviness of
only 41 pin. It was desired that a 75-100 pin. (based on 500 pin./in.)
wave be produced. The discrepancy was found to be due to the effect of
stiffness of the connection between the upper grinding mount plate and
the grinder itself. Some flexing was occurring at this connection and
as a result the deflection of the grinding wheel was less than
expected.

To correct for this, a calculation was made to re-size the input
spring of the cam follower mechanism, making it stiffer. The steel
ring was again ground and the resultant waviness plot is shown in
Figure 4~8. The ninth harmonic waviness increased to 141 pin. From
these results it was concluded that the waviness grinding apparatus was
indeed operating as designed and the next step was to grind a tungsten
carbide for actual testing.

Grinding a tungsten carbide ring was done using a 2 inch diameter,
320 grit, diamond impregnated wheel. The results of this grinding is

shown in Figure 4-9., The amplitude of the ninth harmonic wave is 134
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pin., very close to that measured on the steel ring, which is good
indication of repeatability. This tungsten carbide was used for the

first 100 hour test.

100 Hour Test Results

Test No. 130 was the first 100 hour test run using the new concept
of a wavy mating seal ring. The tungsten carbide ring had a wave 134
pin. amplitude at T, Figure 4-10 shows the performance during the
test. The gap between approximately 62 hours and 112 hours was caused
by a shutdown. The torque was, for the most part, unmeasurable, indi-
cating nearly zero throughout the test. The leakage had some erratic
behavior at the start, due to surface tension effects within the leak-
age collection passage. The average leakage for the approximate 100
hours of operation was about 3 cm3/min.

Wear measurements were taken at four locations around the face of
the carbon and compared to those taken before the test. Table 4-2
shows the results. The average wear was about 263 pin. It is believed
that the wear occurred during the first few minutes of zeroing and test
operation because the faces did not directly conform to each other at
the start. Once the seal was in full operation, hydrodynamic effects
lifts the faces apart, as evidenced by the low torque readings, and
very little if any touching occurred.

Traces of the tungsten carbide face before and after the test

showed no signs of wear.
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TABLE 4-2

Carbon Wear Measurements

Test # 130
Location Wear
#1 200
#2 400
#3 250
#4 200

Average =263 pin
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Conclusions on Third Design

The first test using a fixed wave showed promising results. The
wave was too large and needs to be reduced to lower the leakage rate.
The surface roughness on the w-c was too large and there is concern
that plowing wear will occur when the waviness is reduced. At the time
of this writing short term tests are being made using other seal mate-
rials and waviness levels in anticipation of making a long term 2000
test. Thus, while results so far look very promising, too little
experimental information is available to make final conclusions at this

time.
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CHAPTER 5

SEAL RING DEFLECTION

In the early days of seal design, seal ring deflection was essen-
tially ignored. Seal rings were lapped flat and presumed to stay that
way during operation. Now it is recognized that seal rine- may undergo
many different types of deflections, some causing excessive leakage and
others allowing the seal to operate more effectively.

In this chapter no comprehensive review of seal deflection will be
made; the subject would occupy several chapters of a book. Instead the
more recent developments obtained under this research program will be
presented in depth. These developments focus primarily on the predic-
tion of whether or not seal rings will flatten out against each other
in operation so as to minimize leakage. Theory is developed, tools are
established, and many calculations on real seals are made and pre-
sented. It is thought that given these methods, much insight into the
problem of seal leakage as related to deflection can be obtained, and such

leakage can be minimized by well founded design changes.

Ring Finite Element

It was determined earlier in this investigation that a ring finite
element was needed in which in-plane and out-of-plane forces and
deflections are coupled by a non-zero product of inertia term. Such a
finite element would serve as a basis for solving all types of ring

deflection problems including a special class of two ring contact
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problems. A survey of the literature indicated that the development of
an element of this type had not been published.

Thus,such a ring finite element was derived and published in a
previous report (6], thesis [28], and paper [19]. The ring FEM will be
briefly described here so that subsequent developments in this report
are more clear. Figure 5-1 shows a ring with all of the possible types
of loading shown. Figure 5-2 shows a segment of the ring and all of
the internal and external moments and forces acting on it. Figure 5-2
serves as a basis for writing six equations of equilibrium for the ring
segment. Using these equations and stress resultant-displacement rela-
tionships [34,39] allows one to derive the generalized relationship
between the stress resultants and the displacements for an arbitrary
segment of the ring--the stiffness matrix in the finite element method.
Figure 5-3 shows the element, the end forces and moments, and the dis-

placements. The generalized displacement and force vectors are given

by

-134-




nng(ﬂ)

p,(6)

Figure 5-1. Loads on a Ring.
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Figure 5-3.

Ring Finite Element.
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The stiffness matrix [K] is defined by the relationship between

forces and displacements:
[F] = [K] [s] . (5-5)

The previous work provided two essential matrix equations shown on the
next two pages. Equations [5-4] and [5-5] relate the force and
deflection vectors to section properties and the arbitrary constants of

the solution to the differential equations. Repeating

(A} (6] = (6] , (5-3)
EJ
=% (0] (] = [F] . (5-4)
R
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Given (5-5) above Equations (5-4) and (5-5) may be solved to give

EJ

(k] = =% [p) (a1 . (5-6)
R

Then the stiffness matrix for the coupled ring problem is readily eval-
uated as the product of known matrix D and the inverse of known matrix
A. It is useful to observe that if 92 - 91 is constant and the section
properties are constant, [K] is constant--a very useful property when
assembling a global stiffness matrix.

if ny = 0 the above equations may not be used directly to solve
for K. However one may numerically allow ny 9 0 to get a satisfactory
result. Also, when ny = 0 one actually gets two uncoupled cases, and
these have been solved exactly and are presented in References [6],
[19], and [28].

The element derived is readily assembled into a closed circular
ring or a segment of a ring. Elements of various sizes (92 - 61) can
be used as needed. Assembly is straightforward in that no coordinate
transformations are needed. Also, just as in common straight beam
elements, the element derived is the exact solution to the governing
equations. Thus, if no distributed loads are present, then the element
size can be as large as possible while still accommodating concentrated
loads. If distributed loads are present, then element size must be
made relatively small to give a good approximation. On two examples

for distributed load cases, it was found that 40 elements gives deflec-

tion results within a few percent of that predicted by exact theory.
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Beyond these points, assembly is straightforward and needs no further

discussion.

Comparison to Other Results

Solutions to two coupled problems were found in the literature and
have been used to check the accuracy of the derived element.

The first check is based on earlier analytical work by Lebeck
{34). The problem is shown in Figure 5-4. A circular ring is sub-
jected to two tangential concentrated loads. These are equilibrated by
a distributed tangential load. For ny # 0, an out-of-plane deflection
v is produced by this loading. For a completely arbitrary selection of
section properties and using 36 elements, the deflection was found
using the element derived. The deflection was compared to that found
analytically and given in Reference [34]. Agreement was exact to four
significant places. Since both the previous solution and the present
solution are based on the same equations, this agreement verifies the
correctness of the derivations of the element only, not the beam theory
used.

A second check problem was taken from the work of Meck [40]. Using
the energy method, Meck derives the equation for the three-dimensional
displacement of the end of a curved nonsymmetrical beam (other end
fixed) caused by completely arbitrary loading. The problem is shown in
Figure 5-5. Using the coupled finite element given and arbitrary sec-
tion properties, a solution was found for all displacements u, v, w,

¥, v', ¢ for each of the loads shown. Agreement with Meck's solution
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Figure 5-4. Check Problem 1.
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Figure 5-5. Check Problem 2.
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was excellent thus verifying the correctness of the beam theory used
relative to other beam theory as well as the finite element itself.

A third check was made experimentally using the aluminum ring
shown in Figure 5-6. The ring was loaded by two radial loads through
the centroid. Before loading and after loading measurements of deflec-
tion were made at locations <:>, <:>, and <:> perpendicular to the
surface using a precision rotary table and precision displacement
transducer. Data was analyzed to pick out on the second harmonic net
distortions in each case. The experimental results are shown in Table
5-1. The results show clearly how an out~-of-plane deflection is pro-
duced by the in-plane load.

The theoretical results shown were obtained using an 8 element
assembly and finding the second harmonic component of the various dis-
placements. Agreement on the in-plane deflections is reasonable. The
out-of-plane deflection error is larger. There are numerous sources of
error when comparing this experiment to theory. First, the shear
center does not coincide with the centroid as is assumed in the theory.
Second, exact material properties for the particular alloys used were
not measured. Third, only an approximate formula was used to find Je.
Fourth, the measurements themselves are good only to a few pefgent.
Thus, without considerable refinement in theory and experiment, one
probably has as good an agreement as can be expected; and the experi-
ment does generally verify the coupling described by the theory.

The coupled ring finite element will now be used in various devel-

opments.
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R = 4865 mm
a = 83-97 tm'n2
Jx = 1052 mm*
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Figure 5-6. Test Ring.
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TABLE 5-1
Experimental Results

111 N Radial Load - 2nd Harmonic Amplitudes

Location 1 2 3 2 -1

Experiment 6.27 um 6.63 um 41.48 wm 0.36 um
Theory 4.90 5.21 36.93 0.31
% Error 22 21 11 14
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Single Ring Deflection by Formulas

While finite element methods are acknowledged as being accurate
and capable of handling complex problems, many times it is useful to be
able to calculate ring deflection for seals using easily available
formulas. Many formulas have been derived during the early period of
this seal research and are presented in Reference [34] and [39]. Since
that time several additional useful formulas have been derived and the
formulas have been checked using the FEM program described in the next
section.

The complete set of formulas available at present is presented
here. These cases are those which have been found to be useful for
seal ring calculations. Particular note of equilibrium loads must be
made. They were chosen to most closely represent what will happen as
faces touch together in a seal. The deflection formulas for v only
(out of plane of the face) deflections are given in Table 5-2. ¢ is

also important but such formulas are not available at this time.

Single Ring Deflections by FEM

The ring element described in the first section of this chapter
was used as a basis for writing a general ring finite element program.
The program is described in detail in Appendix B. The program is set
up for equal element size with constant section properties but can be
readily modified to deal with variable elements so that a non-
axisymmetric ring as well as non-axisymmetric loads can be considered.
The program calculates the Fourier series coefficients of the primary

deflections in recognition of the importance of these deflections for
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seal analysis. It is generally useful for all types of ring deflection
problems and has served as a basis for the more complex contact prob-
lems discussed laver. The program was used to check the Fourier series
coefficients of the previous section.

Footnote 1 in the table denotes all cases where the assumption of
ny = 0 has been used to simplify the derivation. These formulas are
valid even if ny # 0 for a first approximation of deflection. The
last three cases (footnote 2) were derived specifically for coupled
problems where ny # 0 couples the in-plane deflection to the out-
of~-plane deflection or waviness.

In addition to the formulas for deflection the tables provide
Fourier series coefficients for each case. The series terms are either
all even or all odd depending on the loading case. These data show at
a glance the magnitude of the wave caused by a disturbance. The first
harmonic is not shown since it represents tilt of the ring which has no
meaning in a seal since seals are self-aligning.

Formulas for n - vey and n waves of pyo are used to study the
flattenability or conformability of seal rings. This subject is dis-

cussed in detail later in this report.

Simple Seal Contact Model

Seal performance is dramatically affected when the waviness/
stiffness combination is such that the faces do not contact all around
and leakage gaps develop. Prediction of such gaps in the general case
is a complex problem as will be discussed in detail in the next sec-

tion.
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Very useful but simple models of seal contact can also be devel-
oped. On the basis of simple harmonic waviness, two formulas given in
Table 5-2 can be used to estimate flattenability of a ring in face
contact. There are at least two reasonable assumptions which might be
made as to how the net flattening load is distributed. For seal rings
where waviness is fairly large, the load might be considered as being
concentrated at n points equally spaced as shown in Figure 5-7 for n =

2. 1In this case the individual loads are given by

vV = —, (5-7)

Case b in Figure 5-7 shows the net flattening load distributed
continuously and sinusoidally. It is readily shown that the maximum
amplitude the sine wave can have while maintaining zero or greater
contact pressure all around the seal is

Fnet

Pamplitude " 23R (5-8)

Both of these distributions serve to make useful calculations. The
discrete load case gives the maximum flattening which can occur. It is
used to compute the net wave in a case where contact will remain at n
points even after the wave has been flattened somewhat. On the other
hand, case b represents a load which causes the maximum possible wavi-
ness for a given net load while still maintaining contact all around
the seal. That is, case b can be used to calculate the maximum wave

amplitude allowable before some separation of the rings occurs.
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Figure 5-7. Flattening Load Distribution.
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Deflection formulas have been derived for both cases using the
methods for ring deflection developed in Reference {39]. For case a in
Figure 4, there are n equally spaced concentrated loads vey’ balanced
by a uniformly distributed load. Case b in Figure 5-~7 is for a sinu-
soidal load balanced by a uniform load. Both cases are given in Table
5-2.

Before the flattening calculations can be made, the net load in
the above formulas must be considered. Only a fraction of the total
load at the seal faces can act to flatten the seal faces. Assuming for
the sake of simplification that the seal faces are neither signifi-
cantly divergent or convergent or that such effects as caused by face
taper average out to zero, the hydrostatic fluid pressure distribution
across the face is linear and remains so regardless of film thickness.
Therefore with respect to hydrostatic fluid pressure load support of
the faces, the seal has no axial stiffness, and given the previous
assumption, no circumferential variations in the hydrostatic fluid
pressure load support can occur in spite of changes in film thickness.
Therefore, the hydrostatic fluid pressure load support does not help to
flatten out the seal faces. Only the mechanical or hydrodynamic part
of the load support (that which must be provided to support the total
load) can flatten a wave. To express this load in terms of a formula
for an outside pressurized seal with zero inside pressure, the total

load on the seal faces is
F - 1'(r2 - r2) (Bp + p) (5-9)
o i o s’

total

The hydrostatic load support is 1/2 p, average. After subtracting,

-153-




2 2
Fnet = ‘n(ro - ri) ((B - 0.95) P, ¢ ps) . (5-10)

Using the above formulas and Table 5-2, one can assess the flat-
tenability of seal rings. Detailed studies using these simple formulas

have been carried out in References [22], [41], and [42].

Two Ring Contact Model

For simple rings with constant cross sectional properties, no
splits, and simple harmonic deflections, the face loading distribution
required for continuous contact is relatively easily obtained as just
shown. However, for more realistic conditions related to the cross
section properties and more complex distortions, finding the correct
distribution of face loading and seal gap becomes a very difficult
problem. This development is presented in detail in Reference [21] and
it will be summarized here.

The state of the art of predicting face loading in complex cases
is illustrated by a report by Noell, Rippel, and Niemkiewicz of the
Franklin Institute [43]. An evaluation of out-of-plane seal distortion
caused by the nonuniformity of the joints in a split seal was made
using finite elements applied to the rings and faces comprising the
seal assembly. It is shown how a nonuniform cross section near the
joints causes out-of-flatness of the faces. In the report the contact
between the seal faces is modeled by springs where tensile stresses

across the faces are allowed. Since such stresses cannot occur in
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reality, the computed results do not predict how much and where the

faces separate. Thus, the utility of the work to date is limited.

Theory

To define the problem of interest, one is trying to find the
resultant gap, as a function of angular position, formed between two
Tings of arbitrary face profile and arbitrary geometry in a tangential
direction, as they are loaded one upon the other by an arbitrary load.
The variation in sealing gap results from two sources: 1) non-
axisymmetric initial displacement (waviness) and 2) non-axisymmetric
deflection due to non-axisymmetric loads (including face contact) or
non~axisymmetric section properties. The loads arise from the contact
itself, spring loads, hydrostatic loads, and drive force loads.

The problem can best be illustrated by looking at a projection of
the circumferential centroidal axes of two rings as shown in Figure
5~8. Waviness of the surface may arise from production processes them-
selves or other types of distortion and creep. It is assumed that the
centroidal axes initially have no distortion. As the two seal rings
are brought together by the closing load, contact 1s initially estab-
lished at three points. As the load is increased the contact points
become regions and there may be any number of such regions. If the
load is large enough and the waviness is not too steep, the gap may
close around the entire seal and the contact pressure will be circum-
ferentially variable. Alternatively, if the load is not large enough,

regions of a seal gap will exist as shown in Figure 5-8.
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Figure 5-8. Contact of Two Rings.
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There are two major features needed in the model to predict such
contact/gaps. First, one needs a very general tool to predict deflec-
tions in arbitrarily loaded variable cross section rings. Second, as
the two rings are brought t.gether to contact, the pressure distribu-
tion must be predicted. The ring finite element described previously
has been used to take care of the first feature. The second feature
represents a specific type of contact problem. Such contact problems
have been treated previously using finite elerent methods. These
models are put together here to find the needed solutions.

The contact model assumes that contact can be represented by a
system of linear springs as shown 1in Figure 5-9. Each spring repre-
sents localized deformation of the faces of the seal rings. If face
deformation of the seal ring relative to its centroid is significant
compared to the deformation of the centroidal axis itself (as it might
be if one ring is carbon) then the valnes of k can be chosen based on
an estimate of this stiffness. If the relative deformation is small
then the k values may be chosen accordingly and they will not really
influence the recults as long as they are not chosen so large as to
numerically dominate the stiffness matrix and cause errors.

Contact 1s defined as when the spring touches and is compressed. A
gap results if the spring cannot touch due to either initial or elastic
deformation due to load. Macihematically, when touching cannot occur,
the spring constant is set to zero.

Figure 5-10 shows how the ring and contact models are combined.
The figure represents the plane of one no”’e in the finite element tech-

nique to be described. Note that each of the ring cross sections can
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be loaded by concentrated forces and moments. These are used to repre-
sent various external loadings. In an actual seal assembly these
forces and moments would arise from fluid pressure, spring pressure,
and possibly some drive force components. The contact of the two faces

is represented by springs kF which have initial deflection GF (to

0
later account for initial waviness). The left-hand ring is anchored by
a series of springs ks (with initial deflection GSO) which can be
chosen to represent a very conformable support like an O-ring by making
k., small or a very rigid support such as a machined shoulder with an

S

initial waviness on it by providing § and making ks large.

SO
To formulate the two ring deflection problem as a finite element
problem, one must find the total energy of the system. The strain
energy arises from that in the two rings, the face contact springs and
the support springs. The potential energy is that due to the applied
loads. Two ring finite elements plus two one-half face springs and two
one~half support springs will be defined as one element in this com-

bined problem (see Figure 5-10). It is readily shown that the strain

energy plus the potential energy for such an element is given by

1 T 1 T
U SURLEUSRTRRS STMERCAO N TN
1 Km 2
+3 3 vy = Vg 7 0 (Rp = Rey) + 65 (Rp = Rop) = 64 ]
1 ¥p2 2
+ 777 vy 7 Vpy T O (Rp = Ry + @, (Rp = Rep) = 6]
K
R ) ) 2
373 vy = 4 (Rey = R = 654,
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k

Y 2
+ 372 [y = 0p(Roy = Rg) ~ 6g0,]
T T
- [6P] [FP] - IGM] [FM] . (5-11)

The matrices [KRP] and [KRM] are as defined by Equation (5-6) for the
two different rings. [GP} and [GM] are defined by Equation (5-1) and
represent a total of 24 displacements associated with each of these
elements. The four expressions with the k coefficient are recognized
as being the potential energy of the springs.

Equation (5-17) can be rewritten in the following form

1 T T
u, =3 (617 [k ) (8,0 - (617 (F] - [c] (5-12)

where [Fe] includes initial deflection terms as well as loads and [Ce]
is a constant due to initial deflection. Subscript e indicates that
the matrices are for one element. For the above form, Equations (5-13)
and (5-14) (next page) give Ge and Fe.

The stiffness matrix [Ke] is somewhat cumbersome but can be repre-

sented as follows:
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Y3
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T VRS
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Pl
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ke 8F01 , %51 %501

- Y
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— ' -|
Kgp1,1 Kre1,7
.' 0 .' 0
Tk Kpps,12
RPE,6 6, )
Kem1,1 Kew,7 .
o .' 0 i
" Krms, 12
RM6,6 .
Kep7,1 XRp7,7
* - * 0
L] o .
“k Krr12,12
RP12,6 . )
Kpm7,1 Kemz,7
0 N 0 y
"k Krmiz,12
RM12,6 w12,
L -

(5-15)
Each nonzero 6 x 6 submatrix is taken from part of the appropriate 12 »
12 ring stiffness matrix defined by Equation (5-6). One 12 x 12 is
defined for ring P and one for ring M. The elements of the P Ting
stiffness matrix and the M ring stiffness matrix must have the same
length @ to properly combine above.

The coupling terms which derive from Equation (5-11) must now be
added to the 24 x 24 stiffness matrix. Since these terms are sparse,
they are summarized by Equation (5-16) (next page) as additions to the
stiffness matrix above.

Thus

(Kel = [Eq. (5~15)] + [Eq. (5-16)] . (5-17)
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It must be recognized that the moments and forces will combine in
assembly such that the total term at each node is equivalent to the
external load at each node.

Using conventional summation techniques to assemble the elements

and the principle of minimum potential energy, it can be shown that

N N
(Z (K, ] ) (6] = ) I7,] (5-18)

e=] e=]

defines the linear problem to be solved. {[6] represents the equili-
brium displacements and becomes a matrix of 12 N unknowns for a ring
with N nodes and N elements. To minimize bandwidth, [Ke] was assembled
around the ring using an alternating numbering scheme.

Boundary conditions must be supplied for Equation (5-18) to pre-
vent rigid body motion. For the system as shown in Figure 5-10, the

needed boundary conditions are

uy =0 upp = 0
le = 0 wPl = 0
wMN/Z = 0 wPN/Z = (5-19)

These constraints keep the rings from rotating about their own axes and

eliminate rigid body motion in the 6-x plane.

Method
Before considering solutions to the above set of equations, it is

important to summarize the assumptions in this model. They are:
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1)

2)

3)

4)

The

1)

2)

3)

Ring finite elements are used, so the seal parts must be able
to be suitably modeled as such. Ring finite elements give
only translation of the centroid and rotation of the cross
section.

The ring finite element derivation assumes a compact section
where the effects of warping and shear center offset are
negligible. Small deflection theory is used. Deflections due
to shear are neglected.

Seal face taper is not accounted for in the contact model.
Contact is assumed to occur only at the mean face radius. Thus
the analysis is most accurate for narrow-faced seals or where
face taper deflection (¢ in the model) is small relative to
face axial translation (v in the model).

Contact is represented by a linear spring model which repre-
sents deformation of the surface relative to centroid. The
model is one dimensional.

method of solution used for the above problem is as follows:
Evaluate ring stiffness matrices Kp and KM for actual sections
using Equation (5-6).

Define all other input including the face springs ~» the
support springs kSi’ and external loads [F].

Assume at least three points on the faces touch. Such points
were found by an iterative scheme to pick the three most
likely points of contact under zero load pushing the rings
together. Place springs kFi at these points with all other

face springs set to zero. Depending on the type of support,
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4)

5)

6)

7)

8)

similar initial conditions can be established for the kSi' For
the cases studied the kSi were all set to the same value thus
representing a uniform support of the seal ring. Given the
assumed contact and the waviness of the surface, then the GFO,
and 6301 can be calculated and input. ’
The external load [F] is divided into M increments so that one

increment of load is given by
1y, (5-20)
m

One such increment is input as the load vector on the right-
hand side of Equation (5-18).

The element stiffness matrices (ke] are constructed. Note
this requires adding appropriate terms from the two ring
stiffness matrices from Equation (5-6) in the form of Equa-
tions (5-15) and (5-16). The element stiffness matrices,
Equation (5~17), require complete information concerning kFi’
k

[ Thus, the element stiffness matrices must be

si* $r0.» %s0.°
i i

reconstructed each time the kFi and kSi are changed.

Assemble the element stiffness matrices as in Equation (5-18).

Use assembly rules to minimize bandwidth and store in compact .
form.
Solve Equations (5-18) using Gauss elimination.
Examine the deflection at each point on the face: '1
Ai " Vi " Vpy T ¢Mi(RF - RCM) + ¢pi(RF - RCP) . (5-21)
@
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Then

if Ai 2 GFOi kFi = kF , (5-22)

if Ai < CFOi kFi =0 . (5-23)

A similar procedure is followed for the support. This step
places springs in place only where contact is occurring.

9) Add another increment to the load and repeat steps 4) through

8) m times.

10) Repeat steps 5) through 8) again without adding any more load
(the full load is already applied). If the contact condi-
tions, Equations (5-22) and (5-23), are the same at each node,
a correct solution is obtained. If such cannot be achieved,
increasing the value of m will usually achieve a satisfactory
suiution.

The use of the increment of load was found to be essential to
obtain a converged, consistent solution. Other approaches were tried
with no success.

The final result is the complete set of displacements (5-13) at

each node. In addition one also gets the seal gap h.

if Ai < GFOi , then hi = GFOi - Ai , (5-24)

if Ai > 6 then hi =0 . (5-25)

FOi °

Experimental Checks

The algorithm detailing steps 1) through 10) has been checked in

several ways, By a suitable choice of constraints one may solve any
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individual ring problem. Several such problems were solved thus veri-
fying the ring stiffness matrix and the assembly of matrices. Several
problems were also solved to check out the spring support system.
Again, these checks verified the modeling. The model has also been
applied to two experimental situations, one a contrived seal-like con-
figuration, discussed below, the other, a real face seal for which data
was avallable discussed in a later section.

Figure 5-11 shows the details of two aluminum rings and a loading
arrangement designed to cause the rings to separate at the contact
face. The moment arm is attached at node 1 as shown. As the load is
applied the faces separate starting at node 1. Additional load causes
the separation to move around the ring. Separation will also occur at
node 5.

Table 5-3 gives the details of the section properties for the
tests. Using the computer program developed and using only eight
nodes, the resulting gap was predicted and is shown in Table 5-3.
Experimental results are shown in Table 5-3 for comparison. Consid-
ering the numerous assumptions in the model and the experimental error,
agreement is considered good. Of particular note is the fact that
theory and experiment agree that node 5 just barely 1lifts off at the
given load. Thus, this test result provides some direct confirmation
of the validity of the model.

The model is now applied to some important and practical problems.

The numerical model itself is described in detail in Appendix C.

-169-




"PROT J143ud223 Y3im sbury Bupjoejuoy omy

\ WY |
ONIQVO']
224 S300N

ANIOd  INIFNHOVLIV

LE

"L1-G d4nb14

WW NI SNOISNIWKI

\

v

pLeri-2ei

LiZ

NS S

17T
G2

N %NN.
Eon_n_:m
ONIM

=N ONIY

/1

ya
Rt ol
Bl

Ll l

<o f

5

1OVINOD”

170




TABLE 5-3

Two Contacting Rings with Eccentric Load

Section Properties
(aluminum)

Ring M Ring P
48.0 mm 50.4 mm
58.1 mm2 38.7 mm2
8.03 x 103 mma 5.77 x 102 mmA
8.85 x 103 mma 5.66 x 101 mm4
4.87 x 102 mmA 7.18 x 101 mm4
1.25 x 102 mma 8.33 x 101 mma
Results

Predicted Gap Measured Gap

Node (mm) (mm)
1 0.65 0.51
2 0.29 0.20
3 0.0 0.0
4 C.0 0.0
5 0.04 0.04
6 0.0 0.0
7 0.0 0.0
8 0.29 0.20
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Two Ring Contact Model Studies--Submarine Seal

A representative submarine seal is shown in Figure 5-12. The
primary ring floats but does not rotate. It contains a carbon insert
wearing element. Axial hydrostatic pressure and spring pressure load
the primary face onto the mating ring face. The radial hydrostatic
pressure causes a tilt which causes a divergence of the seal as well as
a compressive hoop stress and radial deformation. The primary ring
seals against the mating ring which also has a wear insert. The mating
ring rotates with the shaft sleeve. The radial pressure creates a
divergent rotation in the mating ring as well. The axial pressure load
is far greater than that applied by the primary ring so that the mating
ring is forced to contact the edge of the lock ring groove. This means
that the mating ring will, under large pressure, tend to take on the
shape of the locking groove.

Both the primary and secondary rings are made of monel (recent
designs use Inconel 625). Both rings are split as shown. The two
halves are bolted together using a taper pin and a bolt. Thus the
cross section is reduced on both rings in two regions.

Section properties for 688 class submarine seals are shown to give
some ldea of the size of the seal rings and the cross section. The Je
values used are not exact but taken from an approximate formula. I
values have been used instead of J values. The figure shows how the
bolt or pin cutout reduces the section properties (at the point of
maximum cutout).

To illustrate the importance of seal gap and leakage in a sub-

marine seal, Figure 5-13 shows the profile of an unloaded primary ring




| Lock Ring !
/ Groove /

Split Connection

Section Properties

Mating Mating at Pin Mating at Bolt

Cutout Cutout Primary
R = 13.08 13.808 13.808 R = 13.844 in
4
I, = 14.15 12.92 10.91 I, = 38.18 in
Iy = 9.76 7.31 7.31 Iy = 6.70 in*
Jg = 24.40 8.11 9.00 Jg = 21.45 in®
= - - sl
Ixy 1.73 2.93 0.33 Ixy 2.99 in
a=11.52 9.00 9.00 a = 13.30 in?

Figure 5-12. Submarine Shaft Seal.
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that develops after a period of operation. This seal was leaking badly

(10 GPM). Table 5-4 shows that high leakage would be expected from

this seal unless the gap shown in Figure 5-13 closes up on contact with

the opposing face.

The two ring contact model 1s ideally suited to study such prob-

lems in submarine seals. Several different kinds of studies have been

wmade using the program to try to assess submarine seal characteristics

in regard to waviness and conformability. Table 5-5 summarizes the

results of these studies which are now discussed in detail.

Seal Gap Caused by Bolted Joints

The bolted joints in a seal causes a non-axisymmetric stiffness.

This variable stiffness coupled with the large moment associated with

the radial hydrostatic component of pressure load can cause the faces

to go out of flat. This condition was assessed using the two ring

program for the seal described in Figure 5-12. A number of assumptions

were made for this analysis.

1

2)

3)

4)

Primary ring in perfectly flat and axisymmetric effects are
eliminated for this analysis.

Mating ring is perfectly flat before loading. Reduced sec-
tions due to bolt/pin cutouts are included.

Mating ring is modeled in two ways: with joint as stiff as
ring itself (assuming a large preload and a perfect joint) and
assuming that the bolts are just snugged tight and stretch
elastically as the joint comes open.

Lock ring groove 18 perfectly flat.
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TABLE 5-4

Significance of Seal Gap

hy
%

Q Q havg equivalent
(gpm) mi/min (pin) (pin)
10.0 37850 882 650

1.0 3785 409 301
0.1 378 190 140
0.01 38 88 65
0.001 4 41 30

*For 688 size and 100 percent pressures
at 60°F
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5) Face stiffness 1s based on face carbon. Support stiffness is
taken as 10X face stiffness to represent a very rigid (metal
on metal) support.

6) A variable node spacing is used to account for the joints and
the cutouts.

7) The mating ring does not separate from the lock ring groove
(later studies show it does and this causes even more gap than
predicted here at the faces).

Using the stiff joint assumption the seal does not open under load
although the face loading does become variable because of the non-
axisymmetry. If the bolts are just tightened, the faces do separate.
This occurs because the large moment opens the joint slightly and
distorts it out of flat. Because of the high rigidity of the rings,
this distortion cannot be flattened back out by the deflection of the
rings. Figure 5-14 shows the actual gap which results. The negative
deflection portion represents the axial deflection of the carbon
insert. Table 5-5 shows that the effective gap is 111 pin., enough to
cause a significant lesk.

Now the actual joint does not correspond to either of these
extremes. The preload on the bolts is high but not high enough to
insure that the seal joint will behave the same way as the parent mate-
rial. Loose joints are also not realistic. 1In fact, it is thought
that the stiffness characteristics of a joint such as this are non-

linear because the fraction of the joint separated increases with
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increasing load. Thus a more accurate joint model is needed to accu-
rately predict seal gap resulting from such non-axisymmetric effects.
This subject is discussed in detail in a later section of this report.

The results presented here must be taken as a first estimate of
the effects of non-axisymmetric stiffness on a seal. The important
thing that these preliminary results show is that the joints in concert
with the large moment tend to cause the seal to open, and this may in
fact, at the very least, aggravate seal leakage problems. The most
effective remedy is to eliminate the large moment on the ring. This
will eliminate a large fraction of the out of flatness caused by

joints.

Conformability of Primary Ring to a Wave

A second harmonic wave of 795 pin. amplitude was introduced on the
face of the primerv ring (see Tahle 5-5). Both rings were modeled
axisymmetrically. The mating ring was made infinitely stiff. The
results from the contact model showed that the seal faces just touched
all around. The contact pressure dropped to zero at two points indi-
cating that the seal faces were just about to separate. This case was
run to verify the program result using a simple formula prediction as
described previously. Reference [42] details these formula predic-
tions, this one being for the 688 at 88 percent balance. (A simple
study showed that the maximum flattenable waviness for the mating ring
was 1270 yin., however the mating ring is stiffened by the lock ring

groove.)
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The significance of second harmonic waviness flattenability is
discussed in detail in Reference {22]. Maximum flattenable second
harmonic waviness serves as an indicator of the relative conformability
of seals. It is known that seals that leak a lot often have a worn in
waviness much greater than that which can be flattened out--thus the
high leakage. The relative conformability serves as a good guide for
designing seals with adequate conformability, but there are many other
complications to the conformability question as the next few studies

will show.

Lock Ring Groove Studies

The mating ring in current submarine seals is held in place on the
shaft sleeve by a lock ring which fits a groove in the sleeve as shown
in Figure 5-12. Pressure caused forces on the ring press the mating
ring onto the face of the groove. There are two consequences. First
the mating ring tends to take the shape of the groove, i.e., groove
waviness is reflected in the mating ring. Second, the groove acts to
stiffen the mating so that its conformability is not fully utilized.
These effects are studied here.

Table 5-5, study 3, shows the stiffening effect of the lock ring
groove. A 1590 pin. amplitudal wave is imposed on the seal faces.
According to the maximum flattenable wave for the primary plus the
mating ring, this amount of wave should be easily flattened out. The
first case of study 3 shows that with a rigid lock ring groove (the
actual case) a gap develops large enough to cause significant leakage

(Figure 5-15). Thus the groove acts to stiffen the mating ring so that
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it does not readily conform to the mating ring in the presence of a
wave on the faces.

If the groove itself is allowed to ke compliant such as by allow-
ing the ring to press against a rubber cushion instead of metal, case 3
of study 3 shows that the face gap disappears (Figure 5-15). Thus this
study shouws that the lock ring groove reduces the conformability of the
seal. Little is gained by having the mating ring be compliant.

The solution to the problem is to allow the mating ring to become
nearly free floating so that it is not forced to take a shape from some
other part. Such designs have to be tried and do show an improvement
[43].

Study 6 in Table 5-5 shows that effect of putting a second
harmonic wave directly into a lock ring groove. This study assumes the
faces as originally flat and the rings are axisymmetric. As the ampli-
tude of the lock ring waviness gets to around 0.001 in., the seal opens
and cannot be closed any longer by the conformability of the faces.
Figure 5-16 shows the results.

The solution to this problem 1s the same as above. The pressure
load on the mating ring must be relieved so that the mating ring does
not take its shape from another part.

Study 5 shows the effect of placing a 2 in. long shim in an other-
wise flat lock ring groove. The model shows that the seal opens and
this indicates in another way the previous point that seal leakage may
be caused by lock ring out of flatness. Figure 5-17 shows these

results. Interestingly this case was also run as a physical experiment
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on a full scale seal. The measured leakage is shown. The model pre-

dicts similar results.

Face Offset

Study 4 shows the effect of an offset in the seal face as might
occur if one seal segment shifts relative to the adjacent segment as
has been known to occur in some tests. Clearly such a gap cannot be
completely closed. Figure 5-18 shows the model's prediction of how the
submarine seal will respond to a 0.00]1 in. face offset. The figure
shows that there will be a large deformation of the carbon segment
sticking up but about a 0.0005 in. gap will remain. The length of the
gap 1s about 15 degrees before it completely closes. The cube mean gap
value shows that a significant leakage will occur.

The solid curve in Figure 5-18 is for a seal design which is many
times more compliant than the original design. The cube mean gap
remains essentially the same and the length of the gap is reduced to 10
degrees.

The conclusion to be reached here are that submarine face seals
cannot readily comply to segment offsets by bending of the rings even
if the rings are quite flexible. Offsets such as these must either be
minimized by design in the first place or must be complied with by
mounting the segments themselves in a compliant manner such that these
ends can have a relative movement to eliminate the offset.

The two ring contact model has been shown to be very useful in
making such studies. The overall conclusions made from these studies

are summarized in Chapter 9.
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Two Ring Contact Model-Magnetic Seal

The two ring contact model was also used to help understand leak-
age problems in some small magnetic seals used in Naval devices. The
magnetic seal is shown in Figure 5-19. The magnet attracts the metal
holder and pulls the carbon toward it. Waviness measurements of these
seals were taken so that seal profiles were known. Leakage measure-
ments as a function of angular positions were also taken. The complete
details of this program are reported in Reference [41].

The two ring contact program was applied to the magnetic seal.
Details of this application are contained in Appendix C. Figure 5-20
shows a8 specific example. The original measured profiles are shown.
The net gap before deflection is shown. Then after the seal rings are
loaded and bend toward each other, the net gap shown by the dashed
curve results. Note that considerable flattening out occurs and that
there are three regions of contact.

Leakage for the net gap was computed and then the two profiles
were rotated relative to each other and the above solutions repeated. A
different net gap and profile resulted. This procedure was repeated to
establish a leakage versus relative position curve as shown in Figure
5-21. These results are compared to experimental results in the same
figure. Agreement is considered to be reasonable since the model
totally ignoies radial effects (assumes the gap is parallel across the
seal). These results show that the two ring contact model is a useful
tool for understanding conformability problems in seals. Further

details are given in Reference {[41].
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Figure 5-19. Magnetic Seal.
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Figure 5-21. Comparison of Experimertal to Theoretical Leakage.

191




Nonlinear Joint Model

As discussed previously, there is some question as to the proper
way to model the bolted joints in the rings for the purpose of solving
deflection and contact problems. Clearly assuming the joint behaves
like the rest of the ring is incorrect. The loose bolt assumption is
also incorrect. However, these two approaches represent cases which
are readily modeled and have been used accordingly as a starting
point.

A more precise definition of joint deflections versus forces is
needed. If this relationship is known, it can readily be put into the
ring finite element program of interest so that proper joint deflection
is accounted for. As a part of this research program, it was decided
that some studies should be undertaken to define these relationships so
that proper seal ring deflection modeling could be performed.

A literature search revealed that the moment-rotation character-
istics of several different types of bolted joints have been inves-
tigated. Bose [44] and Krishnamurthy [45] investigated the moment-
rotation characteristics of bolted connections commonly used in steel
structures. Their work indicates that the response of top-angle, tee-
stub, and end-plate connections to moments is nonlinear. Bose [44]
reports the results of experiments performed on the three types of
connections and shows that the joint stiffnesses decrease with
increased loading. Krishnamurthy developed a two-dimensional finite

element code to analyze these joints.
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Tsutsumi, Ito, and Masuko [46] performed bending experiments on
two types of bolted joints used in machine tools. Again, their results
show that the joint stiffnesses decrease with increasing moment. Sawa,
Maruyama, and Edamoto [47] examined the distribution of contact pres-
sure in a joint with a tap bolt both analytically and experimentally.
They showed that the pressu:e distribution depends on the fastener
depth and is not constaat across the interface.

These papers suggest that the moment-rotation characteristics of
tap bolted joints, as in the seal rings, are nonlinear. They do nod,
however, provide such a solution to the actual problem of interest.

A preliminary finite element numerical model of bolted joint
similar to that in a seal ring has been developed. It consists of two
rectangular blocks bolted together. This model is broken into a coarse
finite element mesh of 32 elements and 88 nodes (Figure 5-22). The
joint itself is modeled using three-dimensional, 8-node rrick elements
using the finite element code ADINA. The interfaces between :he joint
halves and between the bolt head and the joint are modeled using truss
elements. These elements act as springs and allow contact between the
joint halves and the bolt and also simulate the bolt pretension.
Initially, their stiffnesses are large compared to the stiffnesses of
the brick elements.

A stepwise increasing moment is applied to the joint. As forces
in the springs become tensile, the stiffnesses of those particular
elements are lowered to simulate the joint opening. The results
(Figure 5-23) show that the joint's response is linear until it begins

to open. As the load increases past that point, the joint stiffness
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Figure 5-22. Finite Element Mesh.
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decreases giving a nonlinear response. The lack of smoothness in the
curve in Figure 5-23 is due to the coarseness of the mesh, the large
load increments and/or the placement of the applied loads.

It is proposed to further investigate the moment-rotation char-
acteristics of the joint by greatly refining the mesh. A mesh gener-
ating program will be written and used to produce the refined element
mesh. It will place the nodes and develop element connectivity. The
program will allow the mesh size to be changed easily and will format
the node and element data for input to the finite element code used.
Using the finite element code, loads will be applied to produce a pure
bending moment about the joint. The load will be incremented and
springs will be eliminated as they go into tension. Joint rotations
will be calculated and plotted against the applied moment to develop a
moment-rotation curve.

A joint physical model will be built and tested to provide exper-
imental results to compare with the numerical ones. The test setup
will be like that shown in Figure 5-24. The experimental results will
be used to verify the finite element model.

Once the technique of estimating joint stiffness using the finite
element model has been validated, then a finite element model of this
actual joint can be constructed to obtain the actual stiffness to be

used in the ring model.
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CHAPTER 6

MICROASPERITY LUBRICATION

Background

Previous work {5] shows that at very low speeds (5-50 mm/sec) seal
friction is very high. As the speed increases above this value, fric-
tion drops off very rapidly (specific results are shown later). This
result is the same for both wavy and flat faced seals. It applies to
the case of a carbon graphite sliding against a hard surface with
mechanical contact in water.

This behavior is important to seal performance in two ways. Flirst
the high friction at low speed must be allowed for in the mechanical
design of a seal because it represents the startup conditicn. Also
some seals, such as in submarines, operate at a very low speed for a
significant fraction of their 1life. Since this low speed friction can
be as much as ten times the friction at higher speeds, such (onsider-
ations must be made. The second reason for the importance of friction
reduction with speed is that this reduction may in fact make it pos-
sible to operate seals of moderate and higher speeds. If the friction
did not decrease, the friction power at higher speeds would become
prohibitively large, and seals would heat check, wear, and score much
quicker than is the actual case. Thus, this friction characteristic is
very beneficial.

It was thought in the early part of this investigation that the

friction reduction observed is due to hydrodynamic effects caused by
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waviness. The flat face variable speed tests reported in the 1981
report [5) refutes this idea. In fact it is to be noted from those
results that the experimental reduction in friction is much greater
than that predicted by hydrodynamic effects caused by waviness.

After these observations were made it was decided that an inves-
tigation of speed caused friction behavior in carbon-hardface-water
lubricated sliding systems should be pursued in some detail for the
following reasons:

1) Good quantitative speed versus friction and wear data was

needed for seal design purposes.

2) The cause of the friction reduction was not understood.

3) 1If the mechanics of the reduction could be understood, it
might be possible to enhance it and reduce seal friction (and
wear) even further.

4) If this behavior could be properly quantified, then it would
make the task of assessing hydrodynamic effects in water much
easier.

To fulfill these objectives, a study was undertaken to better

understand sliding friction in carbon-hardface-water systems.

Theory

Approaching the phenomenon from a lubrication standpoint, if one
considers theoretically flat parallel surfaces sliding parallel to each
other and separated by an isothermal, uniform, steady film of Newtonian
fluid, it can be shown using classical lubrication theory that no fluid

films pressure is generated which might cause a friction reduction. On
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the other hand, considering this phenomenon as being caused by a reduc-
tion of mechanical friction between the two materials as caused by the
generally accepted adhesion theory of friction, then one must ratio-
nalize that adhesive bond shear strength must somehow decrease with
increasing speed. No known theory suggests any strong relationship
between adhesion bond strength and speed. However, it is widely known
in dry sliding that starting friction is higher than moving friction.
In the case of lubricated sliding this difference as reported in
Reference {48] for many cases is not nearly as pronounced as has been
measured in this present work.

Thus while it is possible that some of the observed behavior is
caused by changes in the mechanical contact friction; the results show
that friction coefficient approaches 0.01 with increasing speed. No
known dry friction is this low, so that the reduction in friction can-
not simply be a reduction of adhesive bond strength. Thus some type of
hydrodynamic mechanism must account for all or a part of this reduc~
tion. This notion is supported by the fact that similar observations
to the present have been made for parallel surface oil lubricated
thrust bearings.

Many explanations have been advanced for the reduction in fricticn
with speed in lubricated parallel sliding systems. Nearly all of the
explanations hold that true parallel surfaces cannot be achieved in
reality or that nonparallel surface geometries are generated by the
process itself. Thus such load support can be explained by temperature

induced warpage, unplanned machined waviness, eccentric rotation, seal
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wobble and bounce, lubricant density changes, non-Newtonian lubricant
effects, and microasperity lubrication.

Microasperity lubrication occurs when surface asperities act as
small hydrodynamic thrust bearings. All real surfaces have asperities
which can act as microscopic hydrobearings and provide lift. Because
carbon has many natural asperities and because most of the other pocr -
sible causes were minimized in the experiments, it was hypothesized
that microasperity lubrication is the mechanism which causes the large
friction reduction in the tests cited previously. The remainder of

this chapter explains how this hypothesis was tested.

Microasperity Lubrication

The application of classical lubrication theory to a symmetric
asperity like the one shown in Figure 6-1 yields a pressure distribu-
tion similar to the one depicted. Since the pressure distribution is
an odd function, integration over the asperity to obtain load support
yields zero. 1In actuality, the film pressure cannot become negative
(fluids cannot support temsile stress) and the ligquid cavitates when
the pressure drops below the cavitation pressure. This situation is
shown in Figure 6-2. Integration of the truncated pressure distribu-
tion yields a net positive load support.

Research reported by Hamilton et al. [49] clearly shows the rela-
tionship between microasperities and load support in parallel face
rotary seals. An experimental seal with an optically transparent rotor
was constructed so cavitation steamers could be observed in the oil

lubricating film. In Hamilton's first test the torque was initially
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high and no cavitation streamers were observed. About one minute after
start up the friction torque dropped sharply and cavitation streamers
appeared simultaneously. Later it was found that the bands of cavi-
tation occurred in areas where fine scratches or irregularities
existed.

Next, asperity patterns were photoetched into the stator and
tested using a hardened steel rotor. A known face load was applied and
the film thickness measured by passing a very small alternating current
of 7 kHz through the film. The face load was increased until a partial
or complete destruction of the ac-film voltage drop occurred. At this
point the film was considered to be nonexistent and load capacity
reached. The test results indicated that there is a relationship
between asperity distribution and geometry, speed, and load capacity.
These results are shown in Figure 6-3.

Hamilton et al. [49) also presented a theoretical analysis and
obtained an approximate solution for the load support generated by a
field of asperities. The analysis begins with the Reynolds equation in
polar form applied to the asperity shown in Figure 6-4. The result is
then applied to the asperity field also shown in Figure 6-4 and then
integrated to obtain load support. This model accounts for the exis-
tence of cavitation and shows load support to be a function of ambient
pressure. This mathematical model is used as a comparison to the
experimental results in this work.

The derivation of Hamilton's [49] model begins with the Reynolds

equation in polar form. The major assumptions made are:
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2 1.2 22500 0.026 83
3 1.7 22500 0.051 130

Figure 6-3. Experimental Results from Hamilton et al [9].
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1) The Reynolds equation and all the assumptions made in its
derivation apply.

2) Pressures calculated below the cavitation pressure of the
lubricant are replaced by the cavitation pressure.

3) Load support is obtained by integration of the resulting
truncated pressure distribution.

With reference to Figure 6-4

)
L}

lubricant pressure

J
[}

ambient pressure

o
"

cavitation pressure

amplitude of P-P

o
[

tangential volumetric flow rate

S0
- -]
[ ]

radial volumetric flow rate

£
"

absolute viscosity

-
[}

6§~ = area fraction occupied by asperities
W = load support
h, a, b, Ro‘ us T @ as defined by Figure 5

From Figure 6-4

b, r < Ro , Region I

h(r) = (6-2)
a+b, r> Ro , Region II

The final result of Hamilton's work is

8pV R at
v = -

1(b3 + y(a + b)3) (1 +6)

1
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This equation shows that load support can be readily developed by micro-
asperities.

Other investigators have considered microasperity lubrication.
Kojabashian and Richardson [50] investigated the surface topography of
the mating surfaces in carbon face seals. The experimental results
reveal the existence of a micropad structure that develops with wear.
This structure consists of flat raised pads highly variable in size. It
is shown that these pads can be adequately described by an exponential
probability distribution. These micropads are modeled by an equivalent
step bearing and used to predict the performance of carbon seals. It
was found that using average pad sizes in the analytical model causes
hydrodynamic load support to be underestimated by an order of magni-
tude. It is concluded that more work is necessary before the micropad
model can be definitely established or refuted.

Kistler et al. [5]1] have concentrated on the cavitation phenomenon
in face seals. The objective of this work was to experimentally and
theoretically study the effects of cavitation in thin lubricating films
between rough surfaces. Presented in this work is the concept of a
pressure distribution being truncated by cavitation. A model presented
by Patir and Cheng [52] that considers the effects of surface roughness
is modified to include the effects of cavitation., This model used to
generate a pressure distribution between twc rough surfaces sliding
parallel to each other. The resulting pressure distribution 1is used to
generate a plot of load capacity versus ambient pressure and clearly

shows that load capacity is developed by an asperity field.
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Test of Hypothesis

Microasperity lubrication has never beer investigated in water
sliding systems. While in oil systems the work of Hamilton [49] pro-
vides a virtual certainty that microasperity effects do exist and pro-
vide load support, no such verification exists for water. Of course,
previous equations and work both indicate that microasperity lubrica-
tion should occur, although its effect will be smaller than for oil
because of the reduced viscosity.

To test the existence of microasperity lubrication in a real
system is difficult. (Note Hamilton contrived microasperities.) How-
ever an unusual approach was found. If the hypothesis that the fluid
pressure is an odd function and is truncated by cavitation is true in
microasperity lubrication, then ambient pressure should have an effect
on load support. For example, if the ambient pressure 1is raised, less
of the pressure distribution will fall below the cavitation pressure,
resulting in a lower load support. If the ambient pressure is raised
to a high enough level such that the asperity fluid pressure never
drops below the cavitation pressure, the load support will be zero (see
Figure 6-5). Thus, changing the ambient pressure and observing the
resulting load support can be used to experimentally investigate the
effects of microasperities on hydrodynamic lubrication. The load sup-
port need not be directly measured; instead, a constant load is applied
and friction torque is measured. An increase in friction is inter-
preted as a decrease in hydrodynamic load support.

This approach is supported by Hamilton's equation. Figure 6-6

shows predicted load support as a function of ambient pressure at
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constant minimum film thickness. As ambient pressure is increased the
decreased load support would require that more of the load be supported
by mechanical contact and friction would therefore increase. Kistler
{51] shows a similar result in Figure 6-7. Thus, experimentally oper-
ating a parallel sliding experiment in the presence of a variable
ambient pressure should provide an indication of whether or not micro-

asperity lubrication is functioning.

Experimental Apparatus

To test the stated hypothesis, an apparatus was designed to mea-
sure friction under the following conditions:

1) Parallel sliding in water.

2) Carbon versus hard face material.

3) Tilt of the face and wobble of the rotor to be minimized.

4) Water can be pressurized to 300 psi.

5) Variable speed from 0.5 to 500 in./s.

6) No hydrostatic load support component (unlike in face seals).
An experimental apparatus designed by Summers and Lebeck in 1981 [5]
for the purpose of measuring dynamic coefficients of friction of carbon
materials rubbing on hard faced materials in water under pressure was
used to meet the basic condition and criteria above. This apparatus
consists of a rotating support system, stationary support system,
pneumatic load unit, strain gage unit, and a pressure vessel (see
Figure 6-8).

The rotating support system is driven by a constant torque vari-

able speed DC motor and the rotor (rubbing surface) is a tungsten
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carbide seal ring. The axial runout of the rotor at the rubbing radius
was reduced to 0.0002 in. total indicated reading to minimize hydro-
dynamic load support generated by wobble and bounce. This was accom-
plished by grinding the rotor supporting mount in the bearings that are
used in the tester itself.

The stationary support system holds three carbon dowels on the
rotor face. The faces of the carbon dowels are always held parallel to
the face of the rotor even after wear occurs, thus eliminating hydro-
dynamic load support that would be generated if these surfaces were not
parallel. This geometry is maintained by supporting the stator (the
carbon dowels) with a flexible rod which can deflect to compensate for
uneven wear and misalignment. A combination of the three point contact
geometry of the carbon dowels and the flexible rod assures that the
plane formed by the carbon dowel rubbing surfaces will be parallel to
the plane of the rotor rubbing surface when a load is applied to the
flexible rod.

The torque measuring and load application parts of this original
apparatus were completely redesigned herein because it was discovered
early in this investigation that the O-ring over the flexible rod
caused indeterminate friction both for the torque measurement and for
load application.

Initially two designs were considered. The first reduces O-ring
size and separates the stator from the rod through which the load is
applied, the objective being to reduce friction at the O-ring seal and
make the measured friction torque independent of the vessel pressure

(see Figure 6-9). The contact radius between the load rod and the
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stator is minimized in order to reduce the friction torque generated
there. This contact radius is limited by the stress developed in the
small diameter rod used to make this contact. Since a small contact
radius is desired to minimize the unwanted friction, the stress devel-
oped in the small diameter used to make this contact is extremely high.
This design would not make the measured friction torque independent of
vessel pressure. The friction developed at the O-ring is reduced but
still a function of vessel pressure in an unknown way making the
applied load an unknown function of vessel pressure. This design would
make it necessary to measure friction torque inside the pressure vessel
as shown in Figure 6-9.

The second design considered incorporates a hydrostatic bearing in
place of the flexible rod and creates a zero friction liquid coupling
between the applied load and the stator (see Figure 6-10). The hydro-
static bearing assures that a fluid gap exists between the bearing
parts. Since there is zero speed between these parts, there is zero
friction. This design requires the torque transducer to be inside the
pressure vessel. This configuration makes measured friction torque
independent of vessel pressure but the applied load is still made
through an O-ring seal and therefore dependent on vessel pressure in an

unknown way. However this problem can be avoided by including a means

for measuring the applied load inside the pressure vessel. It was
decided to use the hydrostatic bearing design because this design

totally eliminates torque error caused by unwanted friction.
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Hydrostatic Bearing Design

The hydrostatic bearing designed must be capable of supporting
normal and radial loads. The normal load is the applied load. The
radial load comes from the torque reaction and unequal friction on the
three dowels. A piston shaped bearing with hydrostatic pads on the
sides and bottom (see Figure 6-11) is used. The piston fits into a
cylindrical bearing cup. This particular bearing design has two s ts
of four pads each spaced axially some distance apart. The purpose of
the four pads is to provide radial stiffness in all directions as
shown in Figure 6-12. The two sets are used to provide angular stiff-
ness (Figure 6-12). The axial load is carried by the one pad at the
bot tom.

The details of the design procedure are contained in Reference
[29}. Many factors were considered:

1) Radial stiffness, angular stiffness, axial stiffness

2) Total flow

3) Minimum clearance

4) Deformation of the bearing parts

5) Effects of misalignment
Capillary compensation was chosen. Each bearing on the side is stiff
by itself but always acts opposite to another so that it tends to
center the piston. The operating clearance was selected at 0.00075 in.
(0.02 mm) to minimize flow yet be large enough to get good separation.

The two essential parts of the design are shown in Figure 6~13 and
6-14. An assembly is shown in Figure 6-17. Capillary tubes are shown

in Figure 6-11. 1In order to assure that the stator dowels are held
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Figure 6-12. Bearing Misalignment and Moment Generated.
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flat on the rotor, regardless of shaft misalignments through the pres-
sure vessel, it is necessary to couple the hydrostatic bearing with a
spring of much smaller stiffness. Figure 6-16 illustrates this con-
figuration schematically. The flexible coupling is accomplished using
an annular diaphragm shown in Figure 6-15. This diaphragm must be less
stiff than the hydrostatic bearing and resistant to a water environ-~
ment .

The friction torque reaction generated at the rotor-stator inter-
face 1s transmitted directly from the stator to a cantilever beam
mounted on the pressure vessel bulkhead (see Figure 6-15). This can-
tilever beam has a strain gage bridge mounted on it to measure bending
strain. The cantilever beam is designed to have as much bending strain
as possible to maximize the torque transducer output and increase
torque resolution.

The piston must pass through the pressure vessel bulkhead where it
is externally loaded with a pneumatic load unit. Therefore the piston
must pass through an O-ring where vessel pressure dependent axial fric-
tion is generated. This is undesirable because it makes the load
applied to the stator dependent on vessel pressure in an unknown way.
This problem is minimized by reducing this O-ring friction to a minimum
without ruining the integrity of the seal. This problem was later
completely eliminated by measuring the load independently of the air
pressure by placing strain gages on the diaphragm.

To insure that the bearing was working properly, the bearing cup
was insulated electrically from the carbon holder ring and a wire was

connected to the cup through the vessel. Then, when the cup was not

=226~




Carbon Dowel

II_____m phrag
X
*—0_ Rot
\\\\j

aphragm Spring
Stat

I\\\\"\

I
) =TI

L CONMICINN

{OIOR
{{ )




Applied
Load

4

Spring
Stiffness = 0

Bearing
Stiffness (much larger than
spring stiffness)

Stator

Rotor

Figure 6-16. Torsional Spring Model.

228




touching, electrical resistance between the cup and the machine was

large. When resistance became essentially zero, touching occurred.
Fabrication of the hydrostatic bearing was difficult because of

the heat treating and precision required. Details of this process are

contained in Reference [29]}.

Support System

A flow system was designed as shown in Figure 6-17. This arrange-
ment allows the pressure drop through the capillary tubes and the bear-
ing to be set at the desired level while permitting the vessel pressure
(ambient) to be controlled. The need for the filter arises because
clearances in the bearing are small (less than 0.00075 in.) and parti-
culates can become jammed in the bearing causing mechanical contact to
occur. The pump is a positive displacement triplex pump and delivers
about 4 gpm at pressures up to 1200 psi. Pressure surges from the pump
are controlled by the accumulator. The pressure on the inlet side of
the bearing is controlled by back pressure regulator Rl. Water is
filtered to 2 pm before entering the bearing. The vessel pressure is
controlled by back pressure regulator R2. The pressure drop across the
bearing and capillary tube is now the difference between the capillary
tubes inlet pressure and the vessel pressure (Gl-G2). To minimize the
burden on the water filter, distilled water was used and recirculated
as shown. Figure 6-18 shows the test apparatus assembly. The support
equipment is behind the panel.

Data is collected with HP 9835B computer with internal printer and

real time clock, an HP 9872A plotter, and an HP 6940 multiprogrammer

-229-




Figure 6-18. Friction Test Support System.
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with a low level A/D card. Rotor speed, vessel pressure, flow rate,

and applied load are all set manually.

Hydrostatic Bearing Tests and Calibration

The purpose of using a hydrostatic bearing in the friction and
wear test apparatus is to create a frictionless fluid coupling between
the applied load and the stator. Any friction generated in this inter-
face will influence the friction torque being measured and invalidate
the measurement, defeating the purpose of using a hydrostatic bearing.
It is therefore necessary to monitor the bearing to be sure touching
does not occur. As described, checking for bearing touching is accom-
plished by measuring the electrical resistance across the lubricating
film in the bearing. If touching occurs the resistance will drop to
zero. The results of the resistance measurement varied a lot over a
period of time. The cause for this fluctuation was determined to be
the result of a voltage generated across the film by ions in conjunc-
tion with using a DVM. Measurement showed this voltage to be about 1
#V. Since the voltage generated by the digital meter to measure resis-
tance is also about 1 uV, the meter was being fooled by the voltage
generated by the migrating ions and the resistance measurement is not
correct.

It was discovered when operating the bearing that an analog resis-
tance meter did not have this resistance fluctuation problem because
this meter uses a much larger voltage in the measurement of resistance.
The analog meter was therefore used for monitoring touching and the

technique was considered reliable.
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The first performance test consisted of applying a known load to
the bearing with a 150 psi pressure differential across the capillary
tubes and the bearing. The load was increased until touching occurred.

These tests showed that bearing operation was highly dependent on the
cleanliness of the water and the bearing surfaces and that the load
support of the bearing, indicated by the load at which touching first
occurred, was less than predicted. This low load support prompted flow
rate experiments to see if the flow rates predicted by the hydrostatic
bearing model occurred in fact. It was determined that some redesign
of the capillaries was needed [29]. After modifications were made, the
bearing supported up to 170 1b normal load without touching. The model
predicts that touching will occur with a 300 1b load. Recognizing that
the bearing geometry was not perfect, this was considered adequate to
start the test.

Calibration was accomplished by hanging weights with known values
on the torque transducer cantilever beam and sampling 50 points with
the data acquisition system described previously. An average of these
points is then taken and a calibration constant (in.-1b/V) calculated.
The calibration constant was 1.2 in.-1lb/mV giving a least bit resolu-
tion of 0.006 in.-1b.

Testing of the force transducer on the diaphragm was performed by
assembling the friction and wear test apparatus and applying an incre-
mentally increasing load to the diaphragm. The resulting strain, read
from the strain indicator attached to the bridge, was recorded for each
load. Once the load reached 170 1b, the load was incrementally

decreased and strains recorded. These tests showed the force
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transducer's sensitivity to applied load is about 0.177 lb/microstrain.
The force transducers sensitivity to tangential strain was shown to be
insignificant. When the load was decreased from 170 1b, the strain
readings were different from when the load was being increased by as
much as 100 microstrain (18 1lb). This was caused by the O-ring fric-
tion, and this demonstrates why the independent load measuring tech-

nique were necessary.

Experimental Procedure

The experimental procedure used to operate the modified friction

and wear test appavatus 1gs:

1) The capillary inlet pressure is set 300 psi above the desired
vessel pressure. (300 to 600 psi) using regulator Rl (see
Figure 30).

2) Vessel pressure is set (10 to 300 psi) using regulator R2.

3) The torgque transducer zero is obtained by reading the output
of this transducer with no load applied.

4) The force transducer is zeroed by lifting the stator off the
rotor and zeroing the strain indicator. The stator is sepa-
rated from the rotor by pulling up on the piston.

5) If the test is the first in a series of tests with constant
carbon pressure, the load is applied and the resulting strain
on the diaphragm is recorded. For all other tests at this
carbon pressure the load is applied by increasing the air

pressure on the pneumatic load unit until the same strain
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6)

7)

8)

9)

10)

11)

12)

reading as on the first test at this carbon pressure is
achieved.

When a test is finished the zero of the force transducer is
checked to assure that no significant zero shift has

occurred.

The desired rotor speed is set (50 to 2500 rpm) using a photo-
tachonmeter.

The load applied to the stator (0 to 1000 psi carbon pres-
sure) is adjusted using the air regulator on the pneumatic
load unit.

Rotor speed is rechecked and readjusted if necessary.

The bearing film is monitored for a nonzero film resistance to
assure that touching does not occur.

The computer program that runs the data acquisition system is
run sampling 150 points/minute. Five minute tests are run.
Temperature control was achieved by circulating tap water of a
constant temperature through a heat exchanger located in the

distilled water reservoir.

Test Results

Using the tester as described before the hydrostatic bearing was

added, many tests were run. Figure 6-19 shows a typical curve gener-

ated for friction as a function of speed. This curve is of question-

able accuracy for the reasons mentioned but is included here to illus-

trate the trend of interest. When lower speeds were attempted friction
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was very large, but stable operation could not be achieved so these
data were not plotted.

Using the unmodified tester, it was also concluded that ambient
pressure had no measurable effect in friction. However it was clear in
these early tests that there was some uncertainty in the tests. Thus,
it was at that point decided to modify the test apparatus and incor-
porate the hydrostatic bearing to eliminate the uncertainty caused by
O-ring friction effects on the torque measurement.

After the modifications to the test apparatus, Figure 6-~20 is
representative of a typical test. Each point plotted represents the
average of many samples. Typically 450 samples are taken during the
two minute period of one test. The tests are not exactly repeatable
but the trends established are.

Figure 6-21 shows friction as a function of ambient pressure at
100 and 200 rpm. First, it is to be noted that the friction is very
low to start with. Second, the downward trend with increasing ambient
pressure is opposite of that hypothesized. The character of the curve
shown cannot be explained in terms of known theory.

It was then decided that at the higher speed the hydrodynamic
effects (if they do exist) might be so strong that the modest levels of
ambient pressure applied may not cause a significant decrease in cavi-
tation. Thus tests at lower speeds were conducted by modifying the
test apparatus. Figure 6-22 shows tests at very low speed. Again
based on these results the hypothesis must be rejected. If anything
the results show decreasing friction with increasing ambient pressure.

Figure 6-23 shows the speed effect at these low speeds. It is apparent
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from this curve that the speed effect was active at the speeds of the
two ambient pressure tests of Figure 6-22.

The results contradicting the hypothesis were surprising. Appar-
ently cavitation around asperities is playing no significant role in
providing hydrodynamic load support in this carbon-hardface-water slid-

ing system. Further conclusions and comments are made in Chapter 9.
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CHAPTER 7

SEAL ANALYSIS

Throughout the seals research and development effort there has
been a continual need to perform numerical analysis of seals. Many
computer programs have already been described in the past {1-6] which
are used to analyze wavy performance and for seal design. Such pro-
grams are very specific to these unique applications and hard to gen-
eralize for others to use. There are other programs however that have
possible wider application and are easie: to set up for general use.

These programs are described herein.

Role of Automated Analysis of Seals

Numerical tools are now available which can perform a very precise
analysis of mechanical parts under load. While considerable satisfac-
tion is gained from performing a finite element analysis of a seal ring
which has already been designed. Such techniques are hard to employ
during design because as soon as the smallest change is made, the mesh
geometry must be entirely redefined and this is often very time con-
suming evernn 1f a CAD system is used. Thus to be most useful, analysis
tools need to be automated as much as possible so that the designer's
problem may be redefined in the simplest terms (moving a line on a
screen) and the entire analysis is then made automatically.

Such a level of automation is difficult to achieve for general

problems even using large software codes. However, for more
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specialized problems like seals, automated analysis becomes much

easier, and several such automated analysis packages have been devel-

oped herein.

Geometrical Considerations

To make it possible to do completely automated analysis for seals,

advantage has been taken of certain common geometrical characteristics.
Thus for the programs that follow the following restrictions apply:
1) The seals are made of axisymmetric rings.
2) The ring cross section shape must be describable by lines
parallel and perpendicular to the axis.

The second condition is the most restrictive, but most seal rings
observed are either like this or can be approximated as such.

The geometry definition needed for a ring is shown in Figure 7-1.
Only the corner point coordinates in clockwise order need be provided
to the programs. For the example shown in the figure, 14 pairs of
coordinates are needed. The starting point is arbitrary.

Once these points are input, the analysis becomes automatic.
Thus, it can be seen that it is a very simple matter to change geometry

and make another analysis.

Method

All of the analysis programs described require that a mesh be
imposed on the cross sections for the purpose of making finite

difference and finite element calculations. The essentials of this
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Figure 7-1. Seal Ring Cross Section Definition.
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process will be described here so that the user can troubleshoot the
program.

First a coarse mesh is generated based upon the sides of the sec-
tion given. The coarse mesh will appear as in 7-2. The mesh will be
of variable size but its boundaries will exactly coincide with the
original boundaries of the part. While redundancy is eliminated by the
program, having mesh points too close together is not, and the numer-
ical consequences of such an occurrence have not been considered as
yet.

After defining the coarse mesh, the program goes on to define the
material contained within each rectangle of the mesh as to whether it
is solid or a void. The solid-void definition is printed out as shown
in the figures and will illustrate the basic shape of the object.

Once this step is completed, some computation can be performed
using the coarse mesh. PBowever, finite element, heat transfer, nd
torsional stiffness calculations require a refined mesh. Thus, the
next step is to introduce additional mesh lines between the ones shown
according to a user specified maximum Dx and Dy. Once these lines are
put in, then each of the refined rectangles is defined as to solid or
void and the result looks the same as Figure 7-2 but the mesh will be
more uniform and finer.

At that point computations can be made. Finite difference compu-
tations are made using proper derivative approximations for the vari-
able mesh. The finite element mesh setup simply creates rectangular
elements of the size discussed. The three programs available herein

are now discussed.
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Section Properties Program

Appendix D contains the section properties program. It creates a
refined mesh as described and calculates section properties.

First the centroid location is computed. Then straight beam
theory moments of inertia are calculated first using an exact rela-

tionship to give

a= ]. dA ,
A

1 = j. xy dA ,
Xy A y

where x and y are in the directions as defined with the origin at the
centroid. Next moments of inertia for curved beams are computed by the
exact solution of the following integrals:

2
J = —Y— dA

X X
Al R
x2
- [
Al - i
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While many times the straight beam approximations are sufficiently
close in value to the curved beam properties to be used, it is useful
to be able to calculate both easily and compare the two. It is also
useful to have ny available because ny couples in-plane and out-of-
plane deflection and loads as discussed in Chapter 5.

The torsional constant is often very difficult to compute for
typical seal cross sections using handbook methods. For torsion of a
noncircular section, it can be shown that a Poisson's type equation

applies [32]

where ¢ is a stress function. This equation was solved using a vari-

able spacing finite difference method. Then

see2f oan,

Using this program it is readily shown that the approximate formulas

often used for cross sections like these are quite inaccurate.

Mesh Generation

Appendix E contains a mesh generation program. The program takes
the data generated by the section program and automatically generates
finite element coordinates, node numbers, element numbers, and connec-
tivity data for rectangular axisymmetric elements to feed into a finite

element program. It then goes on to ask for constraint and load input
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which is properly formatted along with the above to create a data set
for reading by SAPIV. This program or its equivalent is very useful to

have if FEM are needed as a part of the design process.

Heat Transfer

Appendix F contains a heat transfer and thermal rotation analysis
program for seal type geometries. The program permits the use of two
materials with heat generation at a sliding interface between them. It
also permits arbitrary convection boundaries. It solves for the tem-
perature distributions in the two seal rings and the thermal rotation
of each ring based on this temperature distribution. It uses the
refined mesh generation program described in Appendix D to set up the
basic mesh. Several conditions and assumptions were made when devel-
oping the program:

1) The program calculates the mechanical pressure at the inter-
face assuming a linear fluid pressure drop. It then assumes
that the mechanical load is uniform, that friction created by
the mechanical load (per the friction coefficient) is all
turned into heat, and that this results in a uniform heat
generation at the seal interface.

2) 1t is assumed that both materials have the same temperature at
the interface, i.e., one node is common to both materials.
This is reasonable for a first approximation, but it must be
recognized that in high heat flux situations contact resis-
tance can cause the two materials to have different temper-

atures at their faces.
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3) Thermal rotation is computed using circular ring theory [9].
It is known that this is an approximation. For more accurate
results the temperature computed herein may be passed to a FEM
program.

The power of this program is that it solves the arbitrary heat
transfer region program by setting up finite difference equations which
accommodate the variable mesh size. Boundary conditions are very easy
to specify and the program sets up the appropriate heat balance equa-
tion on these boundaries as needed. Final solution 1s obtained very
quickly by relaxation methods.

Again while this problem can be elegantly solved using FEM, the
program described is completely automatic in providing a heat transfer

solution, and the program is relatively small and easy to implement.

Other Programs

A program which calculates moments due to pressure forces would
also be useful. The same basic program as above can be used. Pressure
boundary conditions can be input similar to convection boundaries
above. The program remains to be written.

All of the programs above would be easier to use if data input was
done by graphical display. Thus the logical next step would be to

write these programs for graphical interactive computers.
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CHAPTER 8

SQUEEZE SEALS AND BEARINGS

Introduction

Early in this research program there was motivation to find a
simple means of applying waviness to seals to more easily obtain the
advantages of waviness. As discussed earlier, while the advantages of
using waviness have been clear, a very simple means of applying the
wave is essential to make the idea practical.

The squeeze seal concept was born of this motivation. Figure 8-1
shows this concept. Here a wave moves along a stationary (nonsliding)

surface on one part at velocity U The second part slides along in a

9
conventional manner (velocity Ul)' Of interest is the case where U1 =
U2 because it is easy to conceive how this might be simply implemented.

The next section shows how this problem is solved and how in fact
the squeeze seal/bearing is identical to the standard wavy seal/bearing
(Figure 8-2). Thus, while the squeeze bearing may provide an advantage
in implementation, it does not provide an advantage in performance. The
squeeze seal concept then led to the third wavy seal concept described
in Chapter 4 where the wave moves with the rotating part of the seal.

While it happens that the above three concepts are identical in
performance, there is yet another way of creating a wavy squeeze seal
of some interest. The concept is shown in Figure 8-3.

Surface A is a conventional wavy surface if it is used as a seal

and may be a multilobed journal if used as a bearing. Surface B is a
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Figure 8-1. Squeeze Seal/Bearing
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Figure 8-2. Conventional Wavy Seal/Bearing.
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beam or plate on an elastic foundation which has a variable stiffness
support along its length. Thus, as surface A slides along, surface B
will react differently at different locations because of the va:iable
stiffness. The analysis and performance of this concept is discussed

in a later section.

Rigid Body Squeeze Bearings/Seals

In this section, the governing finite difference equations for
both conventional and squeeze bearings/seals are first derived by using
Elrod's cavitation algorithm [53]. The techniques for obtaining values
of pressure from the governing equation accompanied by the given boun-
dary conditions are presented and discussed. Although the governing
equations for both conventional and squeeze bearings are different, it
can be proven through analytical methods that performance for both
bearings/seals under complete film condition is exactly the same. For
conditions in which cavitation occurs, it can also be proven, by using
numerical methods, that performance for both bearings/seals is identi-

cal.

Governing Equations

Assumptions

The assumptions upon which the present solutions are based are as
follows:

1) Lubricant is Newtonian

2) Flow is laminar
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3) Fluid film is sc thin that the pressure remains constant
across its depth.
4) No slip occurs between fluid and bearing/seal surfaces.
5) The viscosity is constant throughout the film.
6) The effects of thermal and elastic distortion are neglected.
7) Inertia and body forces are negligible.
8) The curvature of surfaces is large compared with film thick-
ness.
The justifications for these assumptions have been presented previously
and will not be repeated here.
According to Cameron [54], with these assumptions the flow rate in

the x direction per unit y width is

3
B

+

N

(Ua + Ub) . (8-1)

o
|
4 4

qx = - 1

Similarly, in the y direction

3

D S T i
qy 173 3y + 2 (Va + Vb) . (8-2)

where Ua’ Ub are the surface velocities in x direction, Va, V. are the

b
surface velocities in the y direction. The continuvity equation can be

described as

dq aq
X L Y 9h -
= '3y "o (8-3)

Equations (8.1), (8.2), and (8.3) can only be used in a complete
film zone. The problem of cavitation must be dealt with. The cavita-

tion phenomenon 1s caused by negative pressure occurring in a fluid
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film lubrication region. It was found by Jacobson et al. [55] that in
a cavitation zone, only a certain fraction, 6, of the film gap is
occupied by the fluid and the remaining space, 1 - 8, is occupied by
the intervening gas. The pressure throughout the cavitation zone is
constant.

By using Jacobson's theory, Elrod [53] modified the Reynolds
equation and proposed a computational method which will be reviewed

here. Elrod defines the fractional film content, 6, as

0= p/pC ’ (8‘4)
where pc is the liquid density within the cavitated zone and p is the
average density. The film pressure 1is

p= pc + 8(98 -1) , 8 >1,
p= pC ’ 8 S 1 ’ (8‘5)

where P, 1s the cavity pressure and B is the compression factear (for an
essentially incompressible problem, a convenient arbitrary value can be
used).

A cavitation index g is also defined as
g=0 for 68 <¢C1,
g=1 for 6 21. (8-6)

By using the defined variables and finite difference method
(nomenclature shown in Figure 8-4), Equation (8-~1) was modified as

(53]
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Figure 8-4. Finite Difference Symbol Definition.
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h -4

3 g (6 -1)-g (e - 1)
- h i-1-4° 4-1-4 i.4 "1-4
qx ( 1 )av ch{ Ax }

p U
C
* 72 {oi-l-j hirs gy Y ey by

Bi.g Biq.s¢hy . = h . )
‘ 1+4 ®i-1-4 21 k] 1-1-4 (8-7)
where U is the surface velocity in the x direction. Equation (8-2) was
modified in a similar way.
Based on the cavitation concept, Equation (8-3) is also modified

to

By 8y afhed - p) + @)

——+

Ax Ay at

(8-8)

Equations for Conventional and Squeeze Wavy Seals With No Cavitation
For the complete film condition, Equation (8-3) can be used. The

derivation of the governing equations is as follows (for the present

problems, only one of the surfaces of bearing/seal has a constant

moving velocity:

fix..a__h_a._ag+nu). (i), (8-9)
Ix Ix 12p ax 2 12p 3x ’

9 3

_ql a_ 3p __1_3_( 312) (8-10)
ay 3y lZp ay 12y 3y
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Substitute Equations (8-9) and (8-10) into Equation (8-3) and

rearrange its terms, Equation (8-3) becomes (for conventional wavy

seal)
2 (132R), 2 (,330). o 2P i
2 (h ax)*ay h ay) 6pu 2 (8-11)
For squeeze wavy seal:
a_(,38e), 2 (,33p). 3h _, 2h i
Py h ax) + 3y h ay) 6p (U . 2 at) (8-12)

Equations for Conventional and Squeeze Wavy Seals with Cavitatjion

For conditions in which cavitation occurs, Equation (8-3) alone is
not enough to fully represent the fluid film performance and Equation
(8-8) is used. By using the Elrod's cavitation algorithm, the govern-
ing equations for a rigid squeeze wavy seal with cavitation are

obtained:

Aqx 1

Ax | Bx [qi-I/Z-j-t B qi+1/2-j-t]

_ B [(hi-l-j-t * hi-i-t)3 (gi—l-t(ai-l-j-t R B A O R 1’)
12y 2 ()

) (E;-j-t * hi+1-j-t)3 (gi-j-t(ei-j-t A T A T I 1))]
2 (Ax)2

Up
C
* 25x [91-1~j-thi-l-j-t(l T80t Y 81 gehiolige

1 -
Y2900 Y130 Py g hi-l-j-t)]
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Up
C
T 7ax [ei-j-thi-j-t(l T Byt BigaMiige

l - -
t2 gi+1-j-tgi-j-t(h1+1.j.t hi-j-t)] . (8-13)

i
== [q, ._ -q,. 1
Ay Ay i-3-1/2,t 1-3+#1/2,t
1) -
)2

% [(hi.j-l-t ¥ hi.j-t)3 (gi-j-l-t(°1-1-1-t _
(8y

- gi‘i't(ei‘i't = 1))
12p 2

) (higj-t * hi-j+1~t)3 (gi‘j-t(oi-j-t R B R O 1))]

2 (Ay)2
(8-14)
a(h(e(1 - g) + g))
at
POy ey )
At
CPigerae®igieone®t T Brgeeoar) * Biyieoae) (8-15)

At

By substituting Equation (8-13), (8-14), and (8-15) into Equation
(8-8), the governing equation for a two-dimensional squeeze wavy seal
can be obtained.

The governing equation for a one-dimensional squeeze wavy seal

is:

h h

] AN R R TR o
i+1,t 12pax 2

gi+1,t]
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i,t J12pAx 2
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h + h 3

6 " M )
* ( 2 ) (&g ¢ gi+1,t)]

U
* P2 {gi-l,thi-l,t T8y oMy

+ 0.5 8y,84-1,¢Py 0~ b

(h h, )]

- 0.5 Bie1,t84,t M0, ~ Mt

Ax

ML vy hi,t-lgi,t-l - h

i,tgi,t]

Ax
MRS [”c at Py,e-1¢1” 8i,t-1)] - (8-16)

For a conventional wavy seal,

3(h(8(1 - g) + g)) -
7 (8-15)

is equal to zero (due to steady state condition). The governing equa-

tion can be obtained by combining Equation (8-13) and (8-14).
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Comparison Between Conventional and Rigid Squeeze Wavy Bearings/Seals
(a) Complete film condition occurs throughout the bearing.
Under complete film conditions the governing equation for a

squeeze wavy bearing/seal is

}3 p e eup 2B _ gy 2 _
(2 2) L (P 2) iy t-12)

Due to the fact from Figure 8-1 with

U, =U, =U,

1 2
8h - 3h
it Bx ’

the right-hand side terms of Equation (8-12) can be expressed as

ah ah dh
6pU Ix 12w 3¢ at ~6uU ox

and Equation (8-12) becomes

9 3 ap 3 3p) . 3h _

= ( ) ay (h ) 6u( U) (8-17)

Since the governing equation for a conventional wavy seal is

2 (w3 3 3p) @ gy &b _
( ) 8 (h y) 6ul ril (8-10)

It is obvious that a squeeze wavy seal can be treated as a conventional
wavy seal except that now the moving surface is moved in an opposite
direction. Actually, this does not effect the performance. Numerical

results for Equations (8-10) and (8-17) for a two-dimensional region
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with the film thickness shown by Table 8-1 are shown in Tables 8-2 and

8-3. They are identical except for the moving direction.

(b) Cavitation occurs somewhere in the fluid film

If cavitation occurs, the governing equations for both conven-
tional and squeeze wavy seals are tedious. The only way to solve these
equations is through iterative computational methods.

The following are two examples; one deals with the one-dimensional
case and the other two~dimensional case. The comparison between con-
ventional and squeeze wavy seals/bearings is considered:

(i) One-dimensional Case

In this one~-dimensional problem, the governing equation for a
squeeze wavy seal is given as Equation (8-16) and the film thickness

is

h = ho + hl cos(n(x - Ut)) , (8-18)

vwhere
h., = nominal film thickness
h, = amplitude of wave
n = number of waves around seal/bearing face
t = time
The boundary conditions for use here are described as follows:
1) At the beginning of each wave (each wave begins with point
where film thickness is a maximum), the pressure is assumed
to be zero. This means these points are moved with the

wave.
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TABLE 8-1

Distribution of Film Thickness over One Wave of a Seal

.23
.23
.24
.25
.26
.27
.29
.30
.31
.32
.33
.34
.34
.34
.33
.32
.31
.30
.29
.27
.26
.25
.24
.23
.23
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.74
.73
.70
.66
.61
.55
.48
.42
.36
.30
.26
.24
.23
.24
.26
.30
.36
.42
.48
.55
.61
.66
.70
.73
.74

PO B R N N v hd pd et pd et et et bl ped ped bl e e RO RS RO N RO

.35
.33
.28
.19
.07
.94
.79
.65
.51
.39
.31
.25
.23
.25
.31
.39
.51
.65
.79
.94
.07
.19
.28
.33
.35

.97
.94
.85
.71
.53
.32
.10
.87
.66
.48
.35
.26
.23
.26
.35
.48
.66
.87
.10
.32
.53
.71
.85
.94
.97
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.58
.54
.43
.24
.00
.71
W41
.10
.82
.57
.39
.27
.23
.27
.39
.57
.82
.10
.41
.71
.00
.24
.43
.54
.58
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.20
.15
.00
.76
.46
.10
.71
.33
.97
.66
.43
.28
.23
.28
.43
.66
.97
.33
.71
.10
.46
.76
.00
.15
.20

B PP W W WNN e o b e e e RN WWWE S

Face

.82
.75
.58
.29
.92
.49
.02
.56
.13
.76
47
.29
.23
.29
.47
.76
.13
.56
.02
.49
.92
.29
.58
.75
.82
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.43
.36
.15
.82
.38
.87
.33
.79
.28
.85
.51
.30
.23
.30
.51
.85
.28
.79
.33
.87
.38
.82
.15
.36
.43




TABLE 8-2

Pressure Distribution for a Conventional Wavy Seal
under Full Film Conditions

U = 0.1885E+03 Ul = 0.1885E+03 VG = (0.7200E-05
P2 = 0.4000E+04 CO = 0.2000E-84
HO = 0.2460E-84 FO = 0.2299E~03
r
1 0 112 155 174 184 190 194 197
2 0 115 158 177 187 192 195 197
3 0 116 lel 180 189 194 196 197
4 0 116 163 183 192 196 197 197
5 0 114 164 186 196 199 199 197
6 0 111 166 190 200 203 201 197
7 0 108 167 195 207 209 205 197
8 0 102 167 200 215 216 210 197
9 0 94 163 204 223 226 216 197
10 0 83 153 200 226 233 223 197
11 0 68 133 182 214 228 222 197
12 0 49 100 144 177 198 206 197
6 13 0 30 62 93 121 148 173 197
14 0 14 30 49 73 103 143 197
15 0 6 16 31 54 88 134 197
16 0 8 20 39 65 99 143 197
17 0 19 38 62 89 120 156 197
18 0 34 62 88 114 141 168 157
19 0 50 85 112 135 157 177 197
20 0 66 105 131 151 168 183 197
21 0 81 121 145 163 176 187 197
22 0 92 134 156 171 181 190 197
23 0 101 143 164 176 185 192 197
24 0 108 150 169 181 188 193 197
25 0 112 155 174 184 190 194 197

The load support is 0.7355E+03.
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TABLE 8-3

Pressure Distribution for a Squeeze Wavy Seal Seal
under Full Film Conditions

1 0 112 155 174 184 190 194 197
2 0 108 150 169 181 188 193 197
3 0 101 143 164 176 185 192 197
4 0 92 134 156 171 181 190 197
5 0 81 121 145 163 176 187 197
6 0 66 105 131 151 168 183 197
7 0] 50 85 112 135 157 177 197
8 0 34 62 88 114 141 168 197
9 0 19 38 62 89 120 156 197
10 0 8 20 39 65 99 143 197
11 0 6 16 31 54 88 134 197
12 0 14 30 49 73 103 143 197
13 0 30 62 93 121 148 173 197
14 0 49 100 144 177 198 206 197
15 o 68 133 182 214 228 222 197
16 0 83 153 200 226 233 223 197
17 0 94 163 204 223 226 216 197
18 0 102 167 200 215 216 210 197
19 0 108 167 195 207 209 205 197
20 0 111 166 190 200 203 201 197
21 0 114 164 186 196 199 199 197
22 0 116 163 183 192 196 197 197
23 0 116 161 180 189 194 196 197
24 0 115 158 177 187 192 195 197
25 0 112 155 174 184 190 194 197

The load support is 0.7355E+03.
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2) For each wave, at a location where cavitation first occurs,

the pressure and pressure gradient are equal to zero. o
The reason why these two boundary conditions are chosen actually
comes from the idea that a lubricant film having converging-diverging
geometry (such as a journal bearing) usually increases its pressure )
from the beginning of its convergent section. At the location where
cavitation first occurs, pressure and pressure gradient are equal to
zero. 9
Although these two boundary conditions are actually used to obtain
the solution, only the first boundary condition is included directly in
the solution procedure. The reason is that the governing equation used )
here is derived from Elrod's cavitation algorithm and this algorithm
itself has the ability to automatically handle the cavitation boundary
condition. ®
To find the solution, the following procedures are used.
(1) All gi~t(t = (}) were set equal to onc at the start.
(2) Value of ei-t at the beginning of each wave was obtained by )
Equation (8-5) using an assumed pressure distribution.
(3) By using the Gauss elimination method, the distribution of
ei_t(t = 0) was obtained. ®
(4) By using Equation (6), new gi,t(t = 0) were found.
(5) Using new gi,t(t = 0) and repeat procedure (2)-(4), until the
solutions of ei-t(t = () are converged. Y
(6) Assume the values of all Bi.pep VOTE equal to 1.
(7) Use Gauss elimination method to find @

i,t+At°

¢ wvere found. o

(8) By using Equation (8-6), new By t4A
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(9) The new gi,t+At were used and repeat procedure (7)-(9) until
the solution of ei,t+At vere converged.
(10) By using Equation (5) and assuming all negative pressures are
equal to zero, the pressure distribution was found.

In all the iteration processes, the criterion to decide whether
the solution converges is that three successively determined load sup-
ports should not differ by more than 0.1 percent.

The method used to solve the governing equation for a conventional

wavy seal/bearing is similar to that of a squeeze wavy seal/bearing

except that now the film thickness is

h = ho + h1 cos nx . (8-19)

The numerical data used here are

h. = 0.383 x 10”° in.

0
-4
h1 = 0.3 x 10 in.
n=3
g = 5000
U = 377 in./sec
» = 0.99 x 10-7 Reyn.

The numerical results obtained for the conventional and squeeze
wavy seals are not exactly the same (see Figure 8-5). However, it was
found that by reducing the size of the mesh, the value of the load
support for a squeeze wavy seal converges to that of a conventional
wavy seal (see Figure 8-6). This proves that if the mesh size is small
enough, the results for both conventional and squeeze wavy seals are

identical.
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{11) Two-dimensional Case

Consider a two-dimensional squeeze film flow occurring between two
circular rings (seal). The coordinates here are cylindrical. The
nomenclature is shown in Figure 8-7.

The derivation procedure of the governing equation for the present
problem is similar to that for rectangular coordinates obtained in the

previous section. This governing equation is given as

BpCAr (hi-i-t +

6 _ hi+1-1;; 3
i4l-j-t 12prie

2 gi+l-j-t]

.o BT byt hi-j~t)3
i-1-3+t |7 12urhe 2 Bi-1-3-t
TwAr
2 Piopageetl gi-l-j-t)]
Bp (r + él) Ao ,h + h 3 ]
.o _Fee 2 i-1-t " Mieq4l-t
1-§+41-t 12pAr 2 i-+1-t

e

- _Ac ;
.o ) ch(r 5 ) Ao hi-j-t + hi-j—l-t)3
1-4-1-t 12pAr 2 €i.3-1-1

L. -

3
Bij-t

.0 ch Ar hi-j-t + h1+1-j-t)
1:j-t { 12urAc 2

ch Ar ,h +

+ i-1-4-t 3
12prAa 2

Biy-t

hi-j-t)

Ar
. ch(r + 5 ) A hi;j-t + 3
12pAr

hi-j+l-t)

2 Bi.yt

=274~




i+,

Figure 8-7. Control Volume in Cylindrical Coordinates.
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+
2

3
€i.y-t

Ar
. BDC (r - 2 ) Ao hi-j-t
12pAr

hi-j-l't)

TwAr
+ 2 hi'j’t(l - gi_j.t)

h
+ x00r(l - gy, ) —1j%i£]

Bp, Ar (hi-j-t +

hi+1-j-t 3 ( _ )
12prAa 2 Bi.j-t 7 Bi41.4-t

G2 BT Pyt Picgay ) )
12prha 2 Ei.j.t ~ Bi-1.4.t

Ar
X Bo (r + 57) Aa (hi-j't + hi-1+1-t)3 ( i )
12pAr 2 gi-j-t g1-j+1-t
Ar
. BDC(r -3 ) Aa (hi-j-t + hi;jrl-t 3 ( i )
12pAr 2 Bijet 7 Bi.j-1-t
rwAr
* 2 BygetMiergee T BrageePeege)
hi-j't—At
- th84r ei-j-t-At(l - gi-j~t-At) At
rwdAr ,1
+5 13 Bi.getBi-1-5-t P4t - Pic1.g.0)

1
T 78584t Pieregee T Pyl
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The film thickness for the squeeze wavy seal is described in

detail in Reference [6], and is given as

h = ho + w(r) + [vo + (r - rc) ¢o] cos{- n(8% - wt)) ,

where

w(r)

h = minimum film thickness

v = amplitude

¢ = the maximum tilt of the seal

w = angular speed

r = radius to centroid of seal ring
r = radial coordinate
o = angular coordinate

The boundary conditions are at
r’ri’ p.pi'

r=xr , | Py 0

r, = inside radius of circular ring
r = outside radius of circular ring

seal inside pressure

=
e
L}

p_ = seal outside pressure
The numerical data used here are
h = 0.266 x 1074 in.

V= 0.72 x 10~ 1n.
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8

0.23 x 107>

1800 rpm

1.9361 in.

1.90 in.

2.0875 in.

0

500 psi

0.99 x 10~ 1b-s/in.2

5000

The solution procedures for both conventional and squeeze wavy

seals of 2-D case are similar to that of 1-D case. Again, it is shown

that by reducing the size of the mesh, the value of the load support

for a sgueeze wavy seal approaches that of a standard wavy seal (Figure

8-8).

Deformable Body Squeeze Sliding Bearings/Seals

In the previous section, distortion caused by the pressure forces

induced in a fluid film flow was not considered. 1In actual situations,

the distortion does affect the lubrication performance. For example,

according to Brighton, Hooke, and O'Donoghue {56], in a journal bear-

ing, the effects of distortion include

(1)
(2)
(3)

(4)

reducing the peak pressure for a given load

increasing the eccentricity ratio for a given load
moving the location of minimum film thickness towards the
cavitation zone

increasing the cavitation angle
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While it has been shown that tne performance of rigid body squeeze

wavy seals are identical to that of rigid body standard wavy seals, it
would be interesting to find out about the performance of a deformable
squeeze wavy seal/bearing which could be obtained by having a housing
with variable stiffness along its length (as described earlier in this
chapter, see Figure 8-3. In fact a new type of journal bearing (Figure
8-9) can be designed according to this concept.

In (Figure 8-9), it is shown that instead of having a circular
shaft as that of classical journal bearings, a shaft constructed by n
wavy surfaces (only three are shown in Figure 8-9) is placed and
eccentrically rotated inside the bearing. The bearing is surrounded by
an elastic housing having variable stiffness.

The bearing may be thought of as an infinite plate resting on a
so-called Winkler foundation [57]. The foundaiion can be modeled as a
series of closely spaced springs, each of which can deflect indepen-
dently of 1its neighbors.

For simplicity, it is assumed that the length of the bearing is
long as compared to its diameter and thus enabling us to first consider
this problem as a one-dimensional case.

In Figure 8-10 it is shown that the bearing is represented by an
infinite plate resting on an elastic foundation having variable stiff-
ness, while the shaft with wavy surfaces is made to move at a velocity
U2.

To find the solution of this problem, the deflection caused by

pressure force must be first fourd.
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Figure 8-9. Wavy-Squeeze-Deformable Journal Bearing.
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Wavy-Squeeze-Deformable Problem.
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Deflection of An Infinite Plate Resting on an Elastic Foundation
Consider an infinitely long rectangular plate with uniform thick-

ness t subjected to a uniformly distributed pressure force along its

center line (Figure 8-11). The governing deflection equation for this

plate can be represented by

4 4 4

D (8 z + azw 7+ 3 z) =D - kW, (8-23)

ax ax"dy dy

where
Et3

D= 1201 - )
W = deflection
k = foundation modulus
p = given pressure force
L = axial length of the bearing

If the axial length of the bearing is long enough, the variation
of deflection along the y direction can be ignored, i.e., W # W(y). 1In

such a case, Equation (8-23) becomes
d
D=— =P - kW . (8-24)

The value of k is assumed as

ki{x) = Cl + 02 sin(nx) , (8-25)

where

Cl, C2 = constant

n = number of wave .
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Figure 8-11. Plastic Foundation.

284




The reason why k is chosen as a sine wave is based on the fact that the
original undeformed film thickness is chosen as a cosine wave. Under
this condition, the effects of this variable stiffness can be clearly
expressed.

The boundary conditions to be used here with Equation (8-24) are

X3 Weo, (8-26)
2
Mm=p<¥ .o, (8-27)
2
dx
X3 - W=0, (8-28)
2,
M=Dg-%=0, (8-29)
dx

where M is moment.

An approximate solution can be obtained by changing Equation
(8-20) into a finite difference equation, using the above boundary
conditions, and solving with Gauss elimination method.

Since the value of k is changed from point to point along this
infinite plate, it is necessary to find the deflection curves caused by
a unit pressure force acting on each location.

By using the data for these deflection curves and the superposi-
tion method, one can easily obtain a deflection curve caused by any

kind of pressure distribution.

Governing Equation of the Squeeze Wavy Bearing with Variable Stiffness

The assumptions upon which the present solution is based are

similar to those discussed earlier except that elastic distortion is
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The film thickness is now given as

h = hi + 45, (8-30)

where
hi = original film thickness under no deformation condition
8§ = deformation caused by pressure force
Here hi is expressed as (see Figure 8-10)

hi = ho + 51 cos{-n(Ut - x)) . (8-31)

To solve Equation (8~16), the boundary conditions are the same as that
described previously, that is, pressure is zero at the point of maximum
film thickness and cavitation occurs where it needs to. To solve for a
one~dimensional undeformed squeeze wavy seal, the solution procedure is
described as follows:

(1) At each time instant the pressure distribution under which no
deformation is considered is first obtained by using over-
relaxation method (relaxation factor = 1.7).

(2) This pressure distribution is then used to determine the
distortion. The distortion alters the film shape and con-
sequently a new pressure distribution is developed. This
iteration process is continued until a final solution which
satisfies both the hydrodynamic and elastic deformation
requirements of the system 1is reached.

(3) The pressure distribution and film thickness obtained from

the present time instant are substituted into Equation
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{8-16). A new pressure distribution for the next time

instant 1is generated.

For all the iteration processes, an effective way to speed up the

convergence is by adjusting the pressure distribution at each itera-

tion. In other words, instead of only using the pressure distribution

obtained by the previous iteration, a weighted mean of those pressures

obtained from the previous iteration is also applied to the next iter-

ation, i.e.,

p(3)

wvhere

CONV

Numerical

iteration number

= convergent factor (0.58 is used)

weighted mean of pressure

Results

The numerical data used here are

4.5 x 107% in.

5.0 x 10“5 in.

3

3 x 10% 1b/in.?

0.99 x 10-7 Reyn.

0.3

1800 rpm

3% 10% + 1 x 10% sin nx 1b/in.
500
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At = 0.3175 x 107> sec

The numerical result for the present problem is shown in Figure
8-12. Since the reference coordinates are fixed on the shaft (or mov-
ing surface), the stiffness curves of the elastic foundation are dif-
ferent for each time instant. In order to compare the load support to
a conventional bearing, a minimum film thickness is held as constant
all the time (hmin = 4.3 x IO-A in.). It is shown that the values of
the load support vary within the range of 82.7 ~ 120 1lb. Maximum load
support occurs at time t = (28 -~ 1) * At and minimum load support
occurs at time t = (11 - 1) * At. The stiffness curves for both maxi-
mum and minimum load support are shown in Figure 8-13. It 1is found
that minimum load support occurs at location where the stiffness
curves has the same shape as that of the film thickness. The maximum
load occurs at a location where the stiffness curve is just opposite
to the shape of the film thickness. Since the deformation is small as
compared to the original undeformed film thickness, the shape of the

film thickness can be roughly described as Figure 8-13(c).

Conclusion

Due to the convergence difficulty encountered in the iteration
process, only small elastic deformation (at the order of 10"6 in.) is
considered here. The difference in load support found so far is small.
Further investigation is still necessary to fully understand the per-

formance of the squeeze wavy seal/bearing.
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Load Support (1bf)

120

110}

100

Average Load Support = 104.76

K=3E®+1E® x sin(nx)
Load Sunport for Rigid Case
Period/Cycle = 35*At

100.8

“‘
. **+ Average

i i i 1 s 1 A i 1 . 1 | I} 4 i A : 1

1 8 9 13 17 2125 29 3337 41 45 49 5357 61 65 69 73
Time = (L - 1)*at (At = 0.3175 x 102 sec)

.

Figure 8-12. Wavy-Squeeze-Deformable Seal Load Support.
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Figure 8-13. Condition of Maximum and Minimum Load Support.
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CHAPTER Y

SUMMARY AND CONCLUSIONS

Nine Wave Seal~-Design 1

After initial design problems were overcome, this seal ran for the
2000 hour test successfully. Face wear was very low (530 pin.) and
would be expected to provide more than adequate wear life for 150000
hours of operation. Torque was somewhat higher and leakage somewhat
lower than predicted indicating that not as much wave as desired was
actually present on the seal faces.

It was concluded that even though this seal design operated
successfully, it is too complex to manufacture for practical applica-
tions because of the many small flow passages and machined pads. A

simpler type of design was sought.

Nine Wave Seal--Design 2

A much simpler and easier to fabricate design was created. This
design uses an all carbon seal ring with no cut pads. Fifty-four
O-ring seal pistons are used on the inside of the seal. This part is
manifolded using soldered tubing. These parts were machined from brass
and protected by being incapsulated in epoxy.

This seal design was fabricated and ran for 2000 hours with no
significant problems. Wear was 355 pin. average, lower than for design
one (0.026 in. wear in 150000 hours). Torque was slightly higher and

leakage lower than predicted.
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Even though this design was successful and relatively simple to
fabricate, it was decided that the uncertainty in reliability brought
about by the pressure pads and O-ring system plus the complexity of the
essential auxiliary pressure system were still significant disadvan-
tages to the practical application of the wavy seal. Thus, an even

simpler design and waviness drive system were sought.

Nine Wave Seal--Design 3

After many different approaches were considered and discarded, it
was decided that placing the unique wave shape permanently on the hard
face produced, a wavy seal with the greatest possible advantage in that
no auxiliary support or pressure system is needed at all. The design
has the same low leakage--low torque characteristics as the previous
design. There is only one potential limitation and that is that the
high spots may wear off of the hard face. Unlike the previous designs,
both faces are not wiped everywhere. There are many reasons to believe
that the wave will not wear off during the practical lifetime of the
seal, but only testing will tell for sure. Short term tests run to
date look very promising.

This idea represents a compromise between having the ultimate in #
wearing faces with the uncertainty of auxiliary systems and having
possibly a somewhat shorter lifetime with near absolute reliability.
Given the excellent wear resistance of SiC, there is a high probability ‘

that the hard face will perform adequately.
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A new type of grinding fixture was designed to grind the nine wave
tilted face. The fixture is based on a flexure mount so that it can be

made of only moderately precision parts.

500 Hour Parallel Face Test

A 500 hour variable condition test was run using the flat faced
version of the first nine wave seal. The wear on the seal was sur-
prisingly low and torque was very high (many times exceeding the
capacity of the test machine). It was concluded that while the wear is
low the high friction of this type of seal will make long term oper-
ation somewhat uncertain because of possible material damage due to

high interface temperature.

Force Transducer Design

A new type of integral force transducer was designed in an attempt
to find a better force applyer than the O-ring systems. This system
was based on using a porous medium and an epoxy diaphragm. Several
experimen. s were run. The device worked but was judged too unreliable

for the intended purpose.

Torsion of Composite Section

Some unique work was performed to develop a method to evaluate the

torsional stiffness of cross sections made up of two materials.
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Warping Evaluation

For nine wave seal design 2, warp again (as in design 1) turned
out to add significantly to the stiffness in the torsional deformation
required to produce the wave. Three-dimensional finite element model-
ing was performed to evaluate the warping function. In this design,
measured waviness is reasonably close to predicted waviness in a large

part because warping was properly accounted for.

Two Ring Contact Model

The two ring corntact model was analyzed, checked experimentally,
and proved to be very useful in evaluating stiffness effects in actual
submarine seals. In particular, studies show

1) Submarine seal leakage is readily caused by lock ring groove
out of flatness.

2) Submarine seals cannot close up gaps of the size found in
typical leakers—-they are very stiff.

3) The model successfully predicted the effects placing a shim
in the lock ring groove.

4) The variation of stiffness at the seal joint in conjunction
with the large moment in the ring causes the seal to just
separate.

5) Even & highly compliant seal will not close off an opening

caused by a 0.001 in. segment shift.
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Magnetic Seals

The two ring contact model was used to predict leakage caused by

waviness in small magnetic seals caused by waviness.

Nonlinear Joint Model

It became clear in using the two ring contact model that a better
model of the seal bolted joint is needed. Some preliminary FEM model-
ing of the joint has been made. More extensive modeling and experi-

ments are planned.

Seal Conformability

Various stiffness studies and the design of the wavy seal show how
tangential stiffness must be carefully considered in seal design. 1In
the case of the wavy seal, nine waves are needed so that they do not
flatten out and cause the wavy effect to be diminished. In the case of
submarine seals and the magnetic seals evaluated herein, they are too
stiff to properly close to minimize leakage. With the various stiff-

ness models tools are now in hand to carefully make these evaluations.

Friction and Wear Tester

A new hydrostatic bearing support was designed and fabricated for
the friction and wear test machine. The design reduced the influence
of friction on measurements to zero and allows accurate application of
the load. The bearing is designed to operate on a 0.00075 in. film of

water.
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Microasperity Lubrication

Using the above apparatus extensive measurements were made of
carbon-WC friction in water independent of hydrostatic snd conven-
tional hydrodynamic effects. It was found that friction is greatly
reduced with increasing speed suggesting hydrodynamic effects. By
varying ambient water pressure, experiments were run to reduce the
effectiveness of microasperity cavitation--the hypothesized mechanism.
There was no effect. Thus it appears that microasperity lubrication is
not causing this beneficial lubrication. Given the importance of this
unknown mechanism (in that it might be even more effectively and widely
applied 1f understood), more work is being conducted to begin to under-

stand this strong speed effect.

Seal Analysis

Several automated computer programs have been developed for the
purpose of expediting design and analysis of seals. The first program
creates a refined finite difference mesh for a completely arbitrary
cross section and calculates the circular ring section properties and
the torsional stiffn