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PREFACE

This volume contains presentations made at the Conference on the Stabil-
ity and Dynamic Response of Rotors with Squeeze Film Bearings. The confer-
ence, co-sponsored by the U.S. Army Research Office, the U.S. Army Applied
Technology Laboratory and the Rotor Dynamics Laboratory of the University of
Virginia, Department of Mechanical and Aerospace Engineering, was held in
Charlottesville, Virginia on May 8-ic, 1979.

The purpose of the conference was to assemble experts on squeeze film
bearings to assess the current state of the art squeeze film bearing tech-
nology and to determine future research requirements. Over 50 participants
attended the conference, representing industry, government and university
interests in squeeze film bearing technology. They represented five countries,
Australia, Canada, Denmark, England, and the United States.

Papers presented at the conference dealt with the basic hydrodynamic
behavior of squeeze bearing oil films, the effects of squeeze film bearings
on the dynamic response of rotor-bearing systems, design techniques and
methods of analyzing complicated rotor-bearing systems including squeeze film
bearings. The consensus of the participants was that further research is
needed to more fully understand the behavior of lubricant films undergoing
squeeze actions. This research involves both the experimental determination
of squeeze flow effects with fluid cavitation and a more precise analytical
description of the forces developed. The results of such future research
would allow more confidence in squeeze film bearing design applications
including the nonlinear aspects of such designs.

The editors wish to thank all those who participated in the conference.
Special thanks go to Dr. Edward Saibel of the U.S. Army Research Office,

Research Triangle Park, North Carolina and to Mr. Allen Royal of the U.S.

Army Applied Technology Laboratory, Ft. Eustis, Virginia.

L. E. Barrett
P. E. Allaire
E. J. Gunter
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A Current Review of Rotordynamics
Problems in High Speed Lightweight

Turbomachinery and Power Shafting

by

Dr. John M. Vance, P.E.
Associate Director,

Gas Turbine Laboratories
Texas A&M University

College Station, Texas 77843

ABSTRACT

The special requirements and characteristics of turboshaft engines and
power shafting for aircraft applications are reviewed, from the viewpoint of
their impact on rotor dynamics and vibration problems.

Rotor dynamics and vibration problems are classified according to the

type of excitation and useful diagnostic information. Suggestions are made
to increase the use of vibration instrumentation and diagnostic electronics,
following the lead of industrial compressor users.

The current role and future potential of squeeze film bearing dampers

for solving the identified problems are discussed.

Recommendations for future research are given.

INTRODUCTION

As described in reference 1, there are a number of special requirements

connected with rotor dynamics that are peculiar to the rotor-bearing systems
in the class of small turboshaft engines and power drives being developed
for U.S. Army aviation. They are:

1. Increasing power/weight ratios, now approaching about 4 HP/lb. This
results in flexible engine rotors and structures.

2. Small physical size, especially in frontal area and wheel diameter.

3. Increasingly higher shaft speeds, to satisfy requirements 1. and 2.
4. Front drive, which usually has the power shaft passing through the

compressor spool (Figures 1 and 2).
5. Maintainability, so that individual components making up the rotor-

bearing assembly are easily replaceable.
6. Long life, to reduce frequency of downtime and overhauls.
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AIRCRAFT ENGINE SCH EMA TIC
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Fig. 1: Turboshafb Front Drive Schematic

Fig. 2: Turbine Engine Cutaway
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Taken together, these requirements are a severe challenge. For example,
the combination of requirements for high power and small wheel diameter re-
sults in extremely small blade tip clearances. This limits the acceptable
rotor disk excursions due to shaft whirl, and is therefore difficult to
achieve with flexible lightweight rotors.

The higher output shaft speeds found in these new engines also presents
a challenge to the power transmission shaft designer. For aircraft appli-
cations, a current goal is to develop a shaft/coupling system which can trans-
mit 500-1500 HP at 20,000-30,000 rpm while tolerating large angles of mis-
alignment. Figures 3, 4, and 5 show some of the whirling modes which must
be considered.

- SPLINE INESHF
COXMNNG ENGlI
GEARBOX GEARBOX

Fig. 3: SCHEMATIC OF CHINOOK CROSS SHAFT ASSEMBLY

-c c-C €

Fig. 3(a): FIRST FLEXURAL MODE SHAPE FOR DRIVE SHAFT

c C

Fig. 3(b): RIGID-BODY MODE SHAPE, CYLINDRICAL WHIRL

Fig. 3(c): RIGID-BODY MODE SHAPE, CONICAL WHIRL

DRIVEN Bo A O IA IIG COUPLINGS ox

Fig. 4: CYLINDRICAL WHIRL ALLOWED BY RADIAL FLEXIBILITY OF COUPLINGS

9



Fig. 5: CYUNDRICAL WHIRL ALLOWED BY BEARING OR SPLINE CLEARANCE AND
BENDING FLEXIBIUTY OF COUPLINGS

From the standpoint of U.S. Army needs, there are two incentives for

developing improved technology for rotor-bearing systems design:
a. Optimization of design parameters to maximize the life, reliability

and safety of engines and power shafting, and

b. Accurate prediction of dynamics so as to avoid costly problems and

delays associated with new hardware development programs.

Squeeze Film Dampers

Rotor dynamics design is mostly involved with adjusting existing machine

parameters (bearing stiffness and damping, unbalance, etc.) to achieve stable

and smooth running of the rotors and shafts. The one machine component
which is added solely for the purpose of improving the rotor dynamics is

the squeeze film bearing damper (Figure 6). The fact that most new engines

are now fitted with these dampers is testimony to their effectiveness.

SA

Fig. 6: Squeeze Film Bearing Damper
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Many squeeze film dampers in use today were designed by "cut and try"
methods. In spite of a considerable amount of research which has been done
to develop an analytical capability for predicting their performance, it is
still not clear that this can be done reliably and accurately for all cases
and conditions of practical interest. Also, it is the opinion of the author
that the available technology for design analysis has not been fully utilized
by the engine and airframe contractors, due to the natural inertia of tech-
nology transfer.

It has been demonstrated, however, that well designed dampers can be
effective for reducing both synchronous and nonsynchronous vibrations. The
main purpose of this paper is to review the current state-of-the-art for
rotor dynamics technology, in order to suggest both the potential and the
limitations of these dampers for turbomachinery applications.

Since the proper design of a damper must be governed in part by the type
of vibration it is meant to suppress, it is helpful to classify rotor dy-
namics problems accordingly. When problems occur in hardware development
programs or in the field, a proper classification of the problem is an
essential part of the troubleshooting procedure which leads to a solution.
The petrochemical and chemical process industries have led the way in uti-
lizing modern instrumentation and vibration analysis techniques for dia-
gnosis of vibration problems in rotating machinery. As will be seen in the
next section, frequency spectrum analysis has been found to play a useful
and powerful diagnostic role. In the author's opinion, this is a technology
which should be more fully utilized in developing turbomachinery for military
applications.

Rotor Dynamics Problems Classified

In general, rotor dynamics problems can be classified as either forced
v.bration which mainly involves the shaft-whirling and vibration response
to rotor unbalance, or as whirling instabilities, which are generated by
self-excited forces arising from internal friction, gas pressure forces, etc.,
or by parametric excitations.

Table I shows the specific types of forced vibration, along with dia-
gnostic information and solutions which have been found to be effective.
Table II given the same kind of information for shaft whirling instabilities.
These tables are modifications and extensions of Table 1 in reference 2.

Forced vibration is much more common than whirling instability, but the
latter is usually more destructive, more difficult to predict, and more
difficult to diagnose and control.

The two classes of problems are characterized by different vibration
amplitude vs. rpm behavior. Forced vibration, especially synchronous
response to unbalance, exhibits amplitude peaks at the critical speeds which
fall off as the speed exceeds the critical speed. Whirling instabilities,
on the other hand, show sharply rising amplitudes as a threshold of speed
(and/or load) is reached. The threshold usually cannot be exceeded without
damage to the machinery. Figure 7, taken from reference 3, shows the typical
change in vibration spectrum and amplitude which occurs as a threshold of
instability is reached. This type of plot, called a "raster" or "waterfall",
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can be generated in real time and plotted automatically by electronic equip-
ment which is now developed to a high state of refinement and efficiency.
Figure 7 was taken from a centrifugal compressor used in the petroleum
industry. It can be seen that the frequency spectrum analysis is an indis-
pensable diagnostic tool. If only vibration amplitude measurements were made,
it might simply be assumed that the rotor was out-of-balance, since this is
the most common cause of machinery vibration.

TABLE I: Classification of Forced Vibration of Rotating Machinery

Type of
Vibration Synchronous Response to Unbalance

Dianostic (Shaft Whirling) Intershaft Externally Supersnchrous
Information Rigid-Body Modes Flexible Modes Response lorced ge

Rotor unbalance, Rotor and Vibration Airfrme Coupling misalign-
static and dy- shaft unbal- of con- or fon- ment, shaft mis-
nanic ance, distri- nected dat ion al iglu cnt, shaft

Source of buted along shafts vibration stiffness as~,n-
shaft (e.g., in- (e.g., air metry, rolling

Excitation tershaft loads on element bearing
bearings) helicopter imperfections

rot ary

Synchronous Synchronous with Asynchron- Asynchr- MIltiples of shaft
with shaft shaft rota- ous, at ro- onous, fre- rotational speed,
rotational tion speed tational quency of f - n Hz

Vibration speeb f liz frequency "xternal n
s %M Hz of connected vibrato-,

Frequency shafts force, N.it- T1)pically, n - 2
ural fre-
quencies of
stnicture

Single-plane Mbulti-plane Balancing Reduce -ap Align shafts and
(static) or or medal bal- of other litude of couplings. make
two-plane ancing, tuning shafts in external shaft sections

Effective (dynamic) bal- of critical multi-spool vibratory circular, tune
ancing, Squeeze speeds to avoid rotors, tun- forces, critical speeds

Solutions -film bearing resonance, bear ing to avoid Isolate the to avoid resonance
dampers, tun- ing dampers may resonancewit) rotating with WN
ing of critical not be effectiv exciting fre- machinery
speeds to avoid at supports or quencies, iso with soft
resonance near nodes. lated mountin mounts and4

of intershaft or couplings
bearings Tune natural

frequencie!
to avoid
resonanlce

There are a number of self-excitation mechanisms which can produce whirl
instabilities. They are listed on Table II. Figures 8 and 9 show how two
of them are generated. Figure 8 illustrates the forward tangential force
component generated by the shaft whirl motion when there is a fluid trapped
inside a hollow rotor. It can be seen that any small perturbation of shaft
whirling will produce this tangential force, which will then increase in
proportion to the whirl magnitude. Thus, the motion is "self-excited", and
an unstable build-up will result unless there is sufficient external damping
to oppose it.

Figure 9 illustrates "Alford's force", which is a similar type of de-
stabilizing force induced by the circumferential variation of dynamic gas
pressure forces on blading in axial-flow turbomachines. Alford hypothesized
that the tangential forces on the blades should vary as a result of tip
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clearance variations produced by the disk whirling displacement. This theo-
retical model is contained in most of the computerized stability analyses
used by rotor dynamics consultants. It has never been experimentally verified,
although a test rig to accomplish this has recently been built at the Uni-
versity of Florida (reference 4).

TABLE I: Classification of Shaft Whirling Instabilities
in Rotating Machinery

Type of
Vibration

Diagnostic o Parametrically Excited
Infoxwtion Self-Excited Nonsynchronous Whirl Whirl

Oil film bearings ("oil whip"), internal friction in Asymnetric shaft
rotating parts, trapped fluid in rotor, tip clearance stiffness, asymmetric
effects in axial flow bladed disks ("Alford's force"), rotor inertia, pulsating

Sources of labyrinth e:,ls, ring seals, high gas pressure i, centri- torque.
fugal stages, rotor/stator rubbing friction (induces

Excitation backward whirl), high torque loading on disks misaligned
by the mode shape ("torquewhirl"), variable angle of
attack on blades of axial stages ("pa.ipeller whirl flut-
ter", can be forward or backward), dense or viscous fluid
in impeller housings

Whirl Frequency Almost always subsynchronous, typically 0.3 - 0.8 Usually supersyn-

Ratio 
chronous, f/fs 1.0

Shaft Speeds Supercritical speeds, especially at 2wCR and above Subcritical speeds

Where Encountered

Stiffen shafts or shorten bearing spans to raise Squee:e-film bear-
bending critical speeds, ing dampers, remove asym-

Effective Asymmetric bearing supports, metries, isolate pulsat-
Squeeze-film bearing dampers, ing torque with torsion-

Solutions Soften bearing supports to allow dampers to ally soft coupling
operate effectively

.. _...---- Subsynchtonous Whirling Instability,
4900 CPM, Threshold speed Just

over 10,000rpm

4-

3- Synchronous Vibration,

Speed Increasing

<2

I , tj.___.__. Time

Vibration Frequency - 1000 CPM

Fig. 7: "Waterfall" Plot of Vibration Specturm Showing

Rotor Whirl Instability in Centrifugal Compressor
Taken From Peference 3 (.o-71 e and Miles).
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I _ _ I

Lead angle due to
viscous shear

W=shaft speed

Trapped
~f luid)

0 oc = whirl vector
=whirl velocity

Figure 8: Whirl Induced by Trapped Fluid

In Table 1, synchronous response to unbalance is subclassified according
to whether rigid-body or flexible (bending) modes are the dominant motion.

The type of mode is determined by the speed and relative stiffness of bearing

supports and shafts. Figure 10 shows the effect of bearing support stiffness
on the whirling mode shapes. In high speed turbomachinery, the bearing

supports are generally made soft to reduce dynamic bearing loads due to rotor

unbalance. However, squeeze film dampers have stiffness properties which
vary (typically increasing) with speed, so that the supports may become ef-

fectively hard under certain conditions. Therefore, a given engine or rotor-

bearing system could display any of the different types of mode shapes shown
on Figure 10, depending on the operating conditions.

In general, both the response to unbalance and whirling instabilities are

more difficult to control when they involve shaft bending modes. When the

shaft bends, the magnitude and distribution of unbalance changes, so that a
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*

rigid-body approach to balancing is not adequate. Also, bending modes may
not induce enough motion at the support locations to make dampers effective.

Y

Ej

6---Dp

x = -Kyx =9T

Fig. 9: Alford's Force

State-of-the-Art and Squeeze Film Damper Technology

Until a few years ago, most aircraft gas turbine rotors were normally

designed to operate below the third critical speed (the first "bender",
with very soft supports). Figure 11 shows the traditional "safe" region of

operation on a critical speed map. The newest operational U.S. Army turbo-
shaft helicopter engine runs at super critical speeds, relative to the third

critical speed of the power shaft. A squeeze film damper is used to min-
imize balancing requirements and suppress any potential whirling instabilities.

This application exemplifies why the squeeze film hearing damper has be-
come one of the most utilized solutions to many of the rotor dynamics problems
classified in the previous section. It is, however, extremely difficult to
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design a damper which is effective under all conditions for all types of prob-
lems. It has been shown, for example, that a damper designed to suppress
synchronous response to unbalance, for normally expected levels of unbalance,
can actually increase shaft whirling under increased levels of unbalance
(see reference 5). Conversely, a damper optimized to guarantee rotor-bearing
system survival under conditions of a lost turbine blade might not work well
with nominal levels (design tolerances) of unbalance.

FIS OESECOND MODE THIRD MODE

£IB,2o1Q..
Ri id

Supports

Ircreasing

Stiffness Flexible
Supports

Rigid - Body Modes Free - Free

Increasing Speed

Fig. 10: Effect of Bearing Support Stiffness on Undamped
Shaft Whirling Mode Shapes

N4 CRITICAL

BEAING SUPPORT SIIM ESS - b/fe.

Fig. 11: Typical Critical Speed Map
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At present, the analytical techniques that have been developed for SqUL-UZ
film damper design are all based on solutions to Reynold's equation, which
predict the viscosity-generated oil film pressures around the damper. Ref-
erences 6 and 7 exemplify the state-of-the-art. It has been shown experi-
mentally that, at least under some conditions, such an analysis is adequate
(references 8 and 9).

However, although blade loss experiments are reported in reference 9 to
be good agreement with numerical predictions, the damper design parameters
were not varied at all, and the nonlinear "jump" phenomenon reported in ret-
erences 5 and 10 was therefore not investigated.

It is also becoming apparent that a Reynold's analysis does not apply in
certain cases of practical interest. The pertinent and critical assumptions
implicit in Reynolds equation are:

1. Fluid mass inertia effects are neglected,
2. The fluid is assumed to be single-phase (i.e., no gas bubbles),
3. Fluid viscosity is assumrd to be constant in time and space.

In cases where Reynold's equation does apply, the equations are highly
nonlinear, and the linear model used in some computer programs is adequate
only under special conditions.

To the author's knowledge, all dampers currently used in aircraft gas
turbine engines were designed primarily to suppress synchronous response to
i nbalance for passage through the critical speeds, assuming nominal design
levels of unbalance. As engine designs progress to supercritical speeds,
higher pressure ratios, and higher specific horsepower, an increasing number.
of whirling instability problems can be expected. Reference 11 recounts thLc

experience of one turboshaft engine manufacturer with a problem of this type.

Rotor whirl stability is a problem which is now costing the petroleum
industry and industrial compressor manufacturers hundreds of millions of
dollars in lost production and expensive redesigns. Avoidance of these prob-
lems in the aircraft turbine industry through a program of farsighted re-
search would appear to be cost effective.

For aircraft applications, the use of oil film dampers to suppress whirl
instabilities is questionable from the standpoint of flight safety. In fact,
although it is known that longer bearing life could be obtained with oil
film bearings for rotor support, they are currently not used because of their
catastrophic mode of failure in the event of lubricant supply interruption.
It can be argued that dampers should not be used to suppress whirl instability,
for the same reason, unless special provisions are made for redundancy, etc.

Power transmission shafts for modern helicopter propulsion systems are
also now entering the regime of supercritical operation, and so are subject
to whirling instability problems. The use of squeeze film dampers for sup-
pression is especially difficult in this application, because of the high
stiffness requirement on shaft support bearings, particularly when gear
loads must be reacted in close proximity. The comments above on flight safety

apply here also.

Thus, although the squeeze film bearing damper is now an effective de\'i~
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for reducing vibracion, the following four limitations have been identified:
a. There are apparently certain cases of practical interest where a

Reynold's equation analysis is not accurate or sufficient to predict
damper performance,

b. Analytical design techniques are not yet verified to adequately treat
the nonlinear effects associated with sudden large unbalance due to
blade loss in a flexible-shaft turborotor system with squeeze-film
dampers,

c. Analytical design techniques are not yet developed to optimize damp-
ers for suppression of self-excited or parametrically excited whirl
instabilities. The question of flight safety must be carefully con-
sidered if dampers are to be used for suppression of instabilities.

d. Design of squeeze film dampers for power transmission shafting is
especially difficult, due to the usual requirement of high stiffness
at the shaft bearing supports.

Suggestions for Future Research

It is the opinion of this author that the analytical tools (computer
programs, etc.) in this field have been refined to a point (see, for example,
reference 12) where any further progress must be guided by new experimental
research designed to identify appropriate new directions for development.

Each of the four limitations identified in the previous section sug-
gests a need for new experimental research. Taking each of them in order,
the following experimental programs are suggested:

a. Full scale, full speed, testing of actual engine damper hardware
with sufficient instrumentation to identify two-phase liquid-gas

formation, variation of temperature, fluid velocities, seal leakage,
etc.

b. An extension of the experimental studies of reference 9 to cover a
wide range of damper design parameters and rotor dynamic parameters.

Predicted conditions for bistable orbits should be verified or mod-
ified.

c. The sources of excitation of rotor whirl stabilities should be stud-
ied experimentally, using test rigs designed to exhibit the various
types of known instabilities. Existing theories should be verified
(or modified) by experimental measurements, and the excitations
should be quantified in terms of measurable parameters wherever
possible. The sensitivity to bearing support damping should be de-
termined for each type of excitation.

d. A test program should be designed and carried out to investigate the
use of elastomeric dampers for suppression of vibration and whirl
in high speed (supercritical) power transmission shafts. Recent
developments and improved data on elastomeric properties (see ref-
erence 13) should make it possible to improve the results of some
years ago reported in reference 14.
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REVIEW OF TESTS ON THE HIGH-SPEED OIL-FILM DAMPER RIG
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M. Botman
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LONGUEUIL, QUEBEC, CANADA

ABSTRACT

The High-Speed Oil-Film Damper Rig at P&WC has been used for experiments
on a number of oil-film dampers of various designs. The experiments included
steady state as well as transient unbalance responses. From the viewpoint
of the designer of aero turbo engines the characteristics of dampers of most
interest are those that extend the capability of his design, e.g. the speed
range of a rotor, or those that improve the acceptance by the customer,
e.g. longer life of components or lower vibration levels. Since dampers
operate practically always at relatively small eccentricities it is possible
to generate useful design information on the basis of a simplified theory in
which damper forces are assumed to be linear with deflection. The experi-
mental and theoretical results have been obtained primarily for this purpose.

INTRODUCTION
Oil-film dampers are well established as components of rotor systems

that provide damping and thereby suppress undesirable rotor dynamic responses.
An extensive literature exists on the theoretical analysis of damper behavior.
This behavior is characterized by strong nonlinearity at large eccentricit-
ies. Cavitation of the oil-film and instability of the rotor system are
important effects at these eccentricities. Theoretical methods for the
calculation of damper orbits under given support-, loading-, and boundary
conditions are now generally available. These methods have limitations
which make them unsuitable for design purposes. Their accuracy in the non-
linear range has not been established and is debatable. Also, they are very
demanding in computer time and, therefore, not attractive for parameter
studies.
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The desirability of the presence of dampers at certain bearing locations
can be determined quite early in the design phase of an engine on the basis
of critical speed and unbalance response analyses. Specific dasper designs

evolve in the development phase as a result of experiments. However, increas-
ed sophistication of rotor designs, and the necessity to minimize design
changes during the development phase, may force the designer to depend more
critically on dampers to provide acceptable rotor dynamics behavior. Hence,
there is a need for reliable design information on dampers that will be useful
in preliminary and advanced design efforts.

This paper summarizes the experimental work on dampers that has been
performed at P&WC, and it presents some conclusions that can be drawn from a
simplified linearized theory (Refs. 1-3).

EXPERIMENTAL WORK
a

The test rig that has been used for damper investigations has a vertical
rotor as shown in Fig. 1. The tests were aimed at the high speed range up to
60,000 RPM. The configuration chosen runs in vacuum and is driven by a
simple air turbine. Measurements can be taken of all quantities of interest:
damper deflections and loads in two directions, oil pressures, - flow and -
temperatures, and rotor speed and phase with respect to a reference fixed on
the rotor. Numerous steady-state unbalance response runs and transient tests
have been performed. In the latter a small mass is released at a preselected
speed simulating blade loss conditions.

1.6

DRIVE SHAFT 1.4

1.2

OIL FILM 1.t .START CAVITATION'

10.6

0.4 -* 0e

0.2

0
0 0.5 1.0 1.2

Fig. 1 Fig. 2

Some steady-state deflection measurements are illustrated in Fig. 2 as
a function of speed. The nondimensional quantities are defined as follows:

eccentricity E - e/C
unbalance L. am/CM
speed of rotation c../W
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where:

e - damper radial deflection

C - damper radial clearance

m - unbalance mass

M - rotating mass

a - radial location of m

6) - support natural frequency8

It should be noted that E / L. - 1 represents the condition where the
rotor orbits around its unbalanced c.g. as it would if it was unsupported.

An example of a typical transient test is shown in Fig. 3 for the
deflection in one direction and in Fig. 4 for the corresponding orbit. The
transient mass release results in an eccentric orbit which is centered within
about 10 revolutions.

8.00
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160 0..

-J
-4

S-400 80 0-.016010 48 o

800 000 3090 '6181 9271 12361 15452

TIME IN MILLISECONDS DEFLECTION IN INCHES x 10-3

Fig. 3 Fig. 4

THEORETICAL WORK

A linearization of the damper characteristics has been developed in
Refs. 1 & 2 which is considered valid for small eccentricities ( 6. < .5).
This approximation gives reasonable agreement with the measured results as
shown in Fig. 2 by the drawn line. The results are very sensitive to the
actual values of the oil viscosity. For example, in Fig. 2 the drawn line
has been calculated for viscosities corresponding to the measured temperatures
at the vorious speeds. The dotted line has been calculated for the viscosity
at the temperature measured at one speed.
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I
On the basis of the simplified linear theory some damper character-

istics of direct interest to the designer can be calculated. The more
important are the transmissibility, the effective damping and the effective
stiffness. The definitions and formulas are given in the references. I
Examples of the effective damping and stiffness as a function of speed are
given in Figs. 5 & 6. The damping appears again to be sensitive to the
viscosity of the oil. Both figures have limited validity at higher speeds
because of the linearization.

0.9

4 0.86

3 KOHf 0.6

T' K O.S

0.3

0.1

0 o
0 0.5 1.0 0.3 0.5 .0 1.2

Fig. 5 Fig. 6

CONCLUSION

The rig has performed satisfactorily allowing the measurement of all
oil-film parameters over a wide speed range. The rig is especially useful
for investigations of transient response phenomena.

The linearized theory appears adequate for the range of small eccentri-
cities at which dampers operate in practice.
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ABSTRACT

This paper presents a dynamic analysis of a two-spool gas turbine
helicopter engine incorporating intershaft rolling element bearings between

the gas generator and power turbine rotors. The analysis includes the non-
linear effects of a squeeze film bearing incorporated on the gas generator

rotor. The analysis includes critical speeds and forced response of the
system and indicates that substantial dynamic loads may be imposed on the
intershaft bearings and main bearing supports with an improperly designed
squeeze film bearing. A comparison of theoretical and experimental gas
generator rotor response is presented illustrating the nonlinear character-

istics of the squeeze film bearing. It was found that large intershaft
bearing forces may occur even though the engine is not operating at a
resonant condition.

INTRODUCTION

The requirement of high specific power output for gas turbine aircraft
engines has resulted in highly flexible rotor designs. These rotors

typically operate above several critical speeds. The use of rolling element
bearings, with low inherent damping, makes it difficult to reduce vibrational
amplitudes and dynamic loads transmitted to the rotor supporting structure.

Operation over a wide range of speed and power levels aggravates the dynamic
problems, and under some conditions, i.e. locked rotor starts, a bowed rotor

may result due to nonuniform thermal distributions.

The low levels of rolling element bearing damping and large strain
energy levels in modern designs necessitate the use of squeeze film bearings

to provide adequate damping to maintain low amplitude vibration levels and
to reduce the dynamic loads exerted upon the bearings and rotor support

structures. The number and location of squeeze film bearings is dictated by
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the engine configuration and dynamic characteristics (1). In addition,
engines may utilize intershaft differential bearings, especially with very

flexible rotor designs. The design of squeeze film bearings requires care-
ful attention since an improper design may, in fact, worsen the dynamic

response of the system (2).

A schematic of a typical two-spool gas turbine engine used for heli-
copter application is shown in Fig. 1. The engine consists of an inner
core rotor (power turbine), which is supported by main bearings No. 0 and
No. 4, located at the shaft extremities. There are two intershaft differ-
ential bearings connecting the power turbine to the gas generator rotor.
The gas generator rotor consists of a two-stage turbine which drives an
axial compressor. The gas generator rotor is supported principally by the

Nos. 1, 2, and 3 bearings.

The No. I bearing is an elliptical roller bearing mounted in a thermal
gradient housing. The No. 2 bearing is a thrust ball bearing mounted in
the compressor rear frame, and the No. 3 or aft bearing is a close clearance
roller bearing mounted in an oil film damper support near the gas generator
turbine. The No. 0 roller bearing is mounted in the power turbine take off
and supports the output turbine spline shaft. The No. 4 bearing is located
in the exhaust frame and is a thrust ball bearing that carries the weight
of the power turbine. The first or forward intershaft bearing is an
elliptic differential bearing mounted between the power turbine shaft and

the compressor No. 1 bearing. The second or aft intershaft bearing is
mounted forward of the No. 3 bearing.

The gas generator rotor speed range is from 10,500 RPM to 18,230 RPM,
and the power turbine speed is from 0 to 17,000 RPM. Typical continuous
power turbine operating speed is 14,000 RPM.

The analysis presented herein includes both flexible rotors, the effects
of the intershaft bearings, and the bearings connecting the rotors to the
engine case. The case is considered rigid, although casing flexibility may
be an important effect in certain applications.

CRITICAL SPEED ANALYSIS

The preliminary analysis of any rotor-bearing system usually includes

the determination of the undamped critical speeds and associated mode shapes
of the system. These results provide the basis for refining the system model
and anticipating locations where squeeze film bearings may be potentially
applied, i.e., locations where significant motion of the squeeze film bearing
journal will occur to produce the required damping forces. The critical
speed analysis utilized the transfer matrix method (3), (4).

Critical Speeds with Intershaft Bearings

Figures 2-4 illustrate the first three critical speed mode shapes of
the two-spool engine of Fig. 1, including the stiffness of the intershaft
bearinbc. For this analysis the gas generator rotor was assumed to be
operating at 15,000 RPM and the critical speeds were calculated assuming
synchronous motion of the power turbine.
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Figure 2 shows that the first critical speed at 6,936 RPM is pre-
dominantly a bending mode of the power turbine. The largest amplitude
occurs at the power turbine location. It can be observed that a squeeze
film bearing located at the No. 4 bearing (K12) would be extremely effective
in damping out this particular mode.

A slight deflection of the gas generator rotor is observed for this
mode due to the forces transmitted through the aft intershaft differential
bearing (KC2). A squeeze film bearing employed at the gas generator No. 3
bearing support (K24) will not effectively suppress this mode. Since there
is little motion at the aft intershaft differential bearing (KC2) at this
mode, unbalance at the gas generator location should cause relatively little
excitation of the power turbine first mode. This mode will be primarily
influenced by unbalance at the power turbine stages. If the power turbine
unbalance is excessive, then tip rubs of the power turbine blades could
occur.

Figure 3 illustrates the second system critical speed mode shape.
This mode at 12,555 RPM represents the first gas generator mode with the
motion primarily occurring in the gas generator rotor turbine section. The
aft intershaft differential bearing (KC2) connecting the gas generator and
the power turbine causes a considerable deflection of the power turbine
shaft. It appears possible that should the power turbine shaft become
thermally bowed, it may excite this mode. Substantial loads would be trans-
mitted through the aft intershaft differential bearing. Since the motion
at the No. 4 bearing (K12) is small, a squeeze film bearing at this location
would be relatively ineffective in suppressing the power turbine motion due
to excitation from the gas generator. A squeeze film bearing located behind
the No. 3 bearing (K24) should be quite effective in suppressing this mode
if properly designed. The actual bearing loads transmitted through the
various bearings will be examined in a subsequent section.

The third system critical speed of the gas turbine is predicted to be
20,792 RPM. The mode shape is shown in Fig. 4. This critical is above the
operating speed range of both the gas generator rotor or the turbine. One
interesting observation from this mode is that the aft intershaft differ-
ential bearing causes considerable deflection of the power turbine shaft.

This mode would be particularly excited if there were a residual bow in the
power turbine shaft. Such a bow might be produced by thermal gradients.
Although this critical speed is predicted to be over 20,000 RPM, large
differential bearing forces may be developed at speeds below this critical
speed due to the shaft deflection caused by the intershaft differential
bearing. The relatively small motion that occurs at the gas generator No. 3
bearing suggests that a squeeze film bearing there would be relatively
ineffective.

Critical Speeds without Aft Intershaft Differential Bearing

Under certain operating conditions, such as a locked power turbine
rotor start, excessive wear and degradation have occurred in the aft inter-
shaft differential bearing. The critical speeds and mode shapes for the
system were also calculated assuming negligible aft intershaft differential
bearing stiffness. The first critical speed of the system without the aft
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intershaft is approximately 4,945 RPM, a reduction of nearly 2,000 RPM.
Figure 5 shows that this mode shape has changed considerably from the
original first critical speed as shown in Fig. 2. The highest amplitude of
notion with this mode does not occur at the power turbine but near the aft
intershaft differential bearing and the internal seals. It appears likely
that this mode could be excited by a bow in the power turbine rotor. The
relative motion at the forward intershaft differential bearing is small and
there is little motion of gas generator rotor as this is primarily a power
turbine rotor mode.

The second mode without the aft intershaft differential bearing is
shown in Fig. 6. The critical speed for this mode is approximately 11,500

RPM. This mode is also primarily a power turbine rotor mode and is well
within the normal operating speed range of the power turbine rotor and would
be easily excited by power turbine unbalance or bow of the power turbine
rotor. Sustained operation at this mode could result in the power turbine

rubbing on the gas generator rotor. Experimental testing of this engine
configuration without the aft intershaft differential bearing showed
evidence of rubbing at the center of the power turbine rotor. It is evident

from Figs. 5 and 6 that a squeeze film bearing mounted at the gas generator
rotor No. 3 bearing support would be ineffective in suppressing either of
the first two engine modes with a failed or eliminated aft intershaft
differential bearing.

The third engine critical speed is approximately 12,500 RPM, and the
mode shape is shown in Fig. 7. This mode is essentially the same as the
second mode with full aft intershaft differential bearing stiffness and is
primarily a gas generator rotor mode. The relatively large motion that
occurs at the gas generator No. 3 bearing implies that a squeeze film bear-

ing at this location would be effective in suppressing this mode.

Because the rotors in this engine are quite flexible, the intershaft
differential beariILgs are essential components to ensure that rubbing
between the two rotors does not occur. The aft intershaft differential
bearing plays an important role in determining the second power turbine
rotor critical speed. Loss of stiffness in this bearing results in a
reduction of the power turbine rotor second critical speed which then occurs
within the normal engine operating speed range. It is also apparent from
the critical speed mode shapes that a single squeeze film bearing may not
provide adequate damping capability for all engine modes within the engine
operating speed range.

GAS TURBINE ENGINE UNBALANCE RESPONSE

Although the undamped critical speeds and mode shapes presented in the
previous secion provide useful design information, they do not provide

quantitative information on the vibration amplitudes, bearing forces and
effects of damping with unbalance forces acting on the system. This
section describes the results of an unbalance response analysis of the

engine, including both linear and nonlinear squeeze film bearing forces.
The transfer matrix method was also used to generate the results (4), (5).
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Response with Power Turbine Unbalance

For this portion of the analysis, the gas generator rotor was considered
balanced and operating at 15,000 RPM (N ). Out of phase unbalances of 10 gm-

in. were assumed at the first stage power turbine and center of the power
turbine rotor. This unbalance distribution was assumed to be representative
of a small bow in the power turbine rotor.

A squeeze film bearing was assumed to be located at the gas generator
rotor No. 3 bearing location. Linear squeeze film damping and support
diaphram stiffness coefficients were assumed. The forces applied to the
No. 3 bearing support are shown in Fig. 8 as a function of power turbine

rotor speed. With the gas generator rotor speed constant, this response
is representative of a locked-rotor start. Full aft intershaft differential
bearing stiffness was included.

In the first case, a diaphram stiffness of K = 400,000 lb/in, and
squeeze film damping of C = 2 lb-sec/in, was asshmed. This value of
diaphram stiffness corresponds to the original design value for the engine.
Figure 8 shows that the unbalance in the power turbine causes an excitation
of the first power turbine critical speed at 7,000 RPM which generates a

force at the No. 3 bearing of approximately 300 lb. As the power turbine
speed is increased, a very large resonance peak occurs at 12,000 RPM, re-
sulting in a peak force of 2,650 lb. In the actual testing of this engine,
cracking of the gas generator diaphram has occurred along with seal rubs
on the gas generator turbine. Both of these effects could be initiated by
a bowed power turbine shaft during a locked rotor start since the analysis
also revealed that an amplitude of 12 mils at the gas generator rotor

turbine section would occur.

If the squeeze film bearing is assumed to develop a damping coefficient
of C = 20 lb-sec/in., the peak bearing force is only reduced from 2,650 lb
to ig000 lb. Because of the high stiffness of the diaphram support, the
squeeze film damper is not at optimum effectiveness.

If the effective diaphram stiffness is reduced from K = 400,000 lb/in.
to K = 123,000 lb/in., Fig. 8 shows that the gas generato rotor resonance
is r~duced to 8,800 RPM and that the force in the No. 3 bearing is also
reduced to less than 400 lb with a squeeze film bearing damping of 20 lb-sec/
in. To avoid cracking of the No. 3 bearing support, the effective diaphram
stiffness should be reduced. Intuitively, support stiffening might be
considered a remedy for diaphram failure. However, this would result in
even larger forces being transmitted.

Regardless of the diaphram support stiffness, it is seen that as the
power turbine rotor speed approaches the second power turbine rotor
critical speed of 20,000 RPM, extremely high bearing loads are predicted.

The maximum power turbine speed is not intended to exceed 18,000 RPM.
Another interesting effect that is observed on the gas generator rotor is
that at 17,400 RPM the system is tuned such that practically no bearing
forces are transmitted. Hence, at this speed, even with large power

turbine unbalance values, little motion would be observed on the gas

generator.
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An additional problem encountered with this engine is failure of the

aft intershaft differential bearing. Failure rates of this bearing are
functions of the type of engine service and appear to be related to the
number and severity of locked-rotor starts.

Figure 9 represents the life of the differential bearings as a function
of bearing loading. For example, with a loading of 235 lb on the aft inter-

shaft differential bearing, the design L10 life is 10,000 hours. If the
loading should increase to 660 lb, there is a dramatic drop in the predicted
life from 10,000 hours to only 500 hours, using the relationship that
predicted bearing life is inversely proportional to the cube of the load.

Figure 10 represents the forces transmitted to the aft intershaft
bearing and the No. 4 bearing supporting the turbine stages as a function
of power turbine speed. As expected, large bearing forces are transmitted

at the first power turbine rotor critical speed of 7,000 RPM. The No. 4
bearing carries the largest load (over 700 lb) and almost 400 lb is trans-
mitted through the aft differential bearing. If the transition through

this speed is rapid, the life of the bearings should not be greatly re-
duced since this speed is well below the idle speed of the engine. However,
it is observed that above 10,000 RPM the loading on the No. 4 bearing

decreases, while the loading on the aft intershaft differential bearing
increases.

Superimposed in Fig. 10 are the load lines representing the aft inter-
shaft differential bearing life of 10,000 hours and 500 hours. Continuous
operation below 14,000 RPM would not reduce the life of the aft intershaft
differential bearing, whereas a severe reduction in life would occur with
continuous operation near the maximum power turbine rotor speed of 17,400

RPM. The aft intershaft differential bearing carries more load than the
main No. 4 bearing for power turbine rotor speeds above 8,000 RPM. Further-

more, substantial loads can be imposed upon the aft intershaft differential
bearing at speeds well below the second power turbine rotor critical speed.
Although skidding damage was observed on many aft intershaft differential
bearings, it is apparent that anti-skid designs, such as elliptical bear-
ings, will not reduce the large bearing forces. These forces are an
inherent dynamics problem.

Figure 11 illustrates the amplitude of the power turbine as a function
of power turbine rotor speed for various values of the gas generator rotor
No. 3 bearing stiffness and damping coefficients. With the stiffness of W

the No. 3 bearing support diaphram K = 400,000 lb/in., the peak amplitude
of the first power turbine stage is fpproximately 10 mils at 7,000 RPM.
Very little amplitude change occurs with No. 3 squeeze film bearing damping
coefficients of 2-20 lb-sec/in. If the diaphram stiffness is reduced to
K = 123,000 lb/in., the peak first power turbine stage response is 7 mils
a approximately 6,700 RPM. Both peak responses are well below the normal

power turbine rotor operating speed range. For power turbine rotor speeds
between 8,000 and 20,000 RPM, the first stage power turbine response is
low, independent of the gas generator rotor No. 3 bearing stiffness and

damping coefficients. A large response also occurs at the second power
turbine rotor critical speed (20,200 RPM) and is relatively unaffected by
the No. 3 bearing characteristics, as predicted by the critical speed
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analysis of Fig. 4. The relative amplitude between the power turbine and

gas generator rotors near the power turbine rotor midspan is shown in Fig.

12. A peak relative motion occurs when the speed of the power turbine

coincides with the gas generator rotor first critical speed as well as the
first power turbine rotor critical speed. These peak relative responses

are substantially lower with reduced No. 3 bearing diaphram stiffness.

At power turbine rotor speeds above 14,000 RPM the relative amplitude

increases reaching a very large value at the second power turbine rotor
critical speed. This could result in wear to the hot gas seal between the
power turbine and gas generator rotors allowing hot gas leakage into the

aft intershaft differential bearing which could further reduce the life of
this bearing. Uneven hot gas leakage could also induce a thermal bow cf

the power turbine rotor.

Gas Generator Rotor Unbalance

Figures 13-15 illustrate the effects of unbalance at the gas generator
rotor turbine section. The power turbine rotor is assumed balanced and
operating at 15,000 RPM. The forces transmitted to the gas generator rotor
No. 3 bearing are shown in Fig. 13. With high No. 3 bearing diaphram stiff-

ness, large forces are transmitted at the gas generator rotor critical
speed at 12,200 RPM, even with a damping coefficient of 21 lb-sec/in, at
the No. 3 bearing. With the diaphram stiffness reduced to 123,000 lb/in.,
the No. 3 bearing forces are reduced by approximately 60% at the gas
generator rotor resonant speed of 8,600 RPM. Very little excitation of the
power turbine rotor occurs with gas generator rotor unbalance. The

vibration aiplitudes at the gas generator rotor turbine section are shown
in Fig. 14. These amplitudes are also lowered when the No. 3 bearing
diaphram stiffness is reduced from 400,000 to 123,000 lb/in.

The forces on the aft intershaft differential bearing for these
conditions are shown in Fig. 15. These forces are somewhat increased at
gas generator rotor speeds below 11,000 RPM when the No. 3 bearing diaphram

stiffness is reduced to 123,000 lb/in. However the overall force levels

are below 100 lb in this speed range. When the diaphram stiffness is
400,000 lb/in., a greater force on the aft intershaft differential bearing
occurs at the power turbine rotor first critical speed rather than at the

gas generator rotor resonance. This effect is reversed when the diaphram

stiffness is reduced to 123,000 lb/in.

Regardless of the stiffness and damping at the No. 3 bearing, large
forces will occur in the aft intershaft differential bearing when the

second power turbine rotor resonance at 20,200 RPM is excited. However,
for gas generator rotor speeds below 19,000 RPM, the force will not exceed
100 lb.

Additional forces will also be transmitted to the engine bearings and

seals due to gyroscopic effects of aircraft maneuvers. To determine these
loads, unbalance couples were placed at both the turbine sections of both

the gas generator and power turbine rotors. These unbalances were selected
to simulate the gyroscopic moments that would be created by a yaw maneuver

of 0.2 RPS. The results are summarized in Table 1. The largest forces
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I

occur at the No. 3 and aft intershaft bearing locations. The load on the
aft intershaft differential bearing of 669 lb due to power turbine rotor
gyroscopics is very close to the load for an L10 life of 500 hours for that
bearing. The amplitudes of vibration at the turbine sections are relatively
small.

The unbalance response studies indicate that the design of the No. 3
bearing on the gas generator rotor strongly affects the engine response
and aft intershaft differential bearing forces. A squeeze film bearing
applied at that location must be carefully designed to insure adequate
engine performance.

NONLINEAR RESPONSE WITH SQUEEZE FILM BEARING

Because of the high bearing loads that can be transmitted through the
No. 3 bearing and the supporting structure due to gas generator turbine
unbalance, a squeeze film damper was incorporated behind the No. 3 bearing.
The squeeze film damper consists of an 0.004 in. radial clearance space
around the outer race of the No. 3 bearing with oil supplied to the annular
region. In the original design, a retainer spring connecting' the outer
race of the bearing to the supporting diaphram structure was not used.
Unbalance in the gas generator turbine will cause a precessive journal
motion in the oil film which will in turn generate a hydrodynamic force in
the oil film, producing an equivalent stiffness and damping effect. The
forces and motion of the system are highly complex and are functions of
both the static and dynamic journal loading. Tne oil film was modeled
using the short bearing approximation to Reynolds equation (6) and was

considered incompressible and isoviscous.

In its original configuration, the squeeze film bearing was 0.45 in.
in length, with journal radius of 2.55 in. The oil viscosity was assumed
to be 3.82 x 10 ilb-s/in. 2 Figure 16 illustrates the nonlinear limit
cycles for the original bearing with the radial clearance ranging from
0.004 to 0.006 in. The dynamic unbalance loading is 66 gm-in. The
unbalance parameter EMU is defined as eu/c, where eu is the equivalent mass
eccentricity required to produce a given unbalance magnitude. The gas
generator rotor speed was taken to be 16,800 RPM.

In Figs. 16a and 16b the effect of removing the journal preload center-
ing or retainer spring is shown. In both cases the bearing is dynamically
overloaded and the journal orbit nearly fills the available clearance. The
dynamic force transmitted to the bearing and support structure is approxi-
mately 6.2 times the dynamic unbalance force in each case (TRD = 6.2). In
Fig. 16c, the radial clearance has been increased to 0.006 in., thus re-
ducing EMU. The dynamic force transmissibility increased to TRD = 7.14.
Thus, a dynamic load of 8,433 lb is transmitted to the bearing housing.
In Fig. 16d, the oil supply pressure was increased to 400 psi above the
assumed fluid cavitation pressure to reduce the radial hydrodynamic forces
on the squeeze bearing journal. The effects are similar to the previous
cases. The large amplitude limit cycle orbits of Fig. 16 are indicative
of a dynamically overloaded system.

To increase the dynamic load capacity of the squeeze film bearing,
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HORIZONTAL SQUEEZE FILM BFAR INC.
CAVITATED FILM

W . 73.7 LBS N - 16800 RPM

L - 0.450 IN R - 2.55 IN
FU - 1181.91 LBS MU - 0.382 NICROREYNS

C - 4.0') WILS "I11 - 0.50 C . 4. 00 I!TT.,: EMl - 0.50
PS - 0 PSI FHAX - 7331.9 LBS PS - 0 PSI FmAx = 7405 LBS
KR-X - 123000 LWIN KRY - 123000 LB/IN KRX - 0 LB/IN KRY - 0 LBIN
TRD - 6.20 ()PMAX - 12510 PSI TRD - 6.27 PMAX - 13689 PSI

(a) (d)
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the bearing length was assumed doubled to 0.90 in. The resulting limit
cycle orbits are shown in Fig. 17. In each case, the clearance was taken
as 0.004 in. and the effect of removing the preload or retainer spring
was examined. For a dynamic unbalance of 33 gm-in (EMU = 0.25) the limit
cycles shown in Figs. 17a and 17b are of relatively small amplitude. The
oil film both with and without the retainer spring attenuates the dynamic
loading producing TRD < 1.0. With the retainer spring removed, the result-
ing orbit is further offset from the bearing center, and a slight increase
in force transmissibility occurs. With the unbalance doubled to 66 gm-in.,
the orbits in Figs. 17c and 17d result. The limit cycle orbits are again
of large amplitude and the force transmissibility again exceeds unity.

Figures 18 and 19 illustrate the variance in squeeze film bearing
equivalent stiffness and damping coefficients for centered circular journal
orbits for the bearing geometries previously considered. A cavitated film
is assumed to occur. These illustrate the nonlinear effects of increasing
orbit amplitude for various bearing clearances. Both stiffness and damping
coefficients exhibit nonlinear hardening with increasing orbit amplitude.
Such systems possess multiple forced steady state response amplitudes, and
if the forcing function is sufficiently large, extreme nonlinear dynamic
response may occur.

Figure 20 represents experimental gas turbine engine response with the
short (L = 0.45 in.) squeeze film bearing. The response, obtained on the
engine casing, illustrates this nonlinear phenomenon. As engine speed in-
creases the amplitude increases nonlinearly and, because of flexibility of
the support, undergoes a nonlinear jump to a lower amplitude.

This response was simulated using the nonlinear squeeze film bearing
coefficients shown in Fig. 18. The results, shown in Fig. 21, reasonably
duplicate the experimental observations. The various curves represent
different gas generator rotor turbine unbalances. The nonlinear region in
the vicinity of the gas generator rotor resonance is strongly affected by
the unbalance magnitude which, for a specified support stiffness, controls
the speed at which the amplitude jumps to a lower value. In general, large
nonlinear ranges are indicative of a dynamically overloaded system.

CONCLUSIONS

The dynamic response of multi-spool gas turbine aircraft engines is
strongly affected by the intershaft differential bearings separating the
spools. The engine resonant speeds may be drastically altered by changes
in the stiffness of these bearings. Since rolling element bearing life is
strongly controlled by the bearing loads, consideration of the dynamic
forces transmitted to these bearings must be made. Loss of intershaft
bearing stiffness due to centrifugal loading or bearing degradation can
cause resonant speeds to occur within the normal engine operating speed
range. This could result in substantial increases in bearing dynamic
loading and further reduction in engine performance and operational safety.

The forced response analysis indicates that large intershaft differen-

tial bearing dynamic loading can occur even when operational speeds are not
coincident with engine resonant speeds. Furthermore, these forces are
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HORIZONTAL SQUEEZE FILMI BEAR[NG
CAVITATED FILM
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Fig. 17 Transient Motion of No. 3 Bearing Squeeze Film Bearing, L =0.90 in.
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strongly affected by the location and magnitude of viscous damping mechanisms
in the system. It is apparent that with highly flexible rotor systems,
viscous damping at a single location will not necessarily suppress resonant
response at all resonant speeds.

The use of linear force coefficients to model squeeze film bearing
effects provides quantitative information for the preliminary design of
squeeze film bearings. The combination of stiffness and damping values
which will effectively attenuate engine response can be readily identified.
However, because of the nonlinear nature of squeeze film bearing forces,
a nonlinear response analysis is valuable in determining whether the re-
quired forces will be generated. If the squeeze film bearing is undersized
or if the dynamic unbalance forces become excessive, larg- orbiting of the
journal will result, causing extremely large forces to be transmitted
through the bearing and support structure. Because of the nonlinear effects,
this may occur over a very large speed range. When properly designed for
the dynamic conditions which are likely to occur, the squeeze film bearing
is capable of substantially reducing the dynamic loads.
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DISCUSSION

D. L. Taylor, Assistant Professor, Sibley School of Mechanical & Aerospace

Engineering, Cornell University.

Since many of the questions and comments during the workshop dealt with
the phenomenon of bistable operation, it is worthwhile pointing out some
interesting aspects of this type of response. These comments are particular-
ly relevant to the presentation of the work by Professor Gunter because they
deal with a similar rotor system. When using numerical integration to
analyze the transient response of squeeze film damper systems, a primary
question which must be addressed is how long to integrate the solution in
time. Many presentors at the workshop have shown computer generated orbits
that appear to involve only three or four orbits, which is quite understand-
able in terms of computer expense. However, the discussor has found that
some solutions which appear to be steady state are deceptive.

Consider a planar rigid rotor carried in a squeezefilm isolator
(damper and centering spring in parallel). The values of the parameters
given in the following table are taken from Professor Gunter's paper (which
it will be noted is not a single planar rotor An Ocvirk short bearing 4 "
film is used for bearing forces. The differential equations can be obtained
and integrated numerically. The planar model is found to display bistable
operation over a speed range of approximately 10,000 rpm to 14,000 rpm.
Several questions during the discussion dealt with methods of numerical
integration. The results which follow are based on a variable time step
Kutta-Merson algorithm. This type of program will constantly adjust the
effective time step of the integrator to maintain a requested degree of
accuracy. The discussor has found this type of algorithm to be very effective.
It can handle quite rapid transients such as blade loss but tracks an almost
circular orbit with approximately six to ten time steps per revolution. This
is quite efficient with regards to computer time. The orbits which follow
were generated by such an algorithm using a requested time step of .00032 sec.

The plots appear to be crude simply because of the large time steps involved.
The sharp corners result from the plotting program which connects the
calculated points with straight lines. Much smaller time steps (100 or 1,000
times smaller) lead to orbits which still pass through the points which are
plotted (thc corners).

Any transient soL'tion must begin from specific initial conditions. The
orbit in Figure I shows the orbit calculated for initial conditions of
initial eccentricity of 1. mil, initial eccentric velocity of 0., initial
whirl velocity of 12,000 rpm (synchronous) and initial phase relationship
between shaft center displacement and mass center displacement of .7 radians.

The orbit starts from the circled point, settles into a radius of 3.09 mils,
but later diverges from this orbit and finally settles into a whirl orbit of
about 1.8 mils. The true nature of the response is better understood from
Figure 2 which shows the eccentricity plotted versus time.
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The pitfall to beware in numerical integration can be seen from Figure 2
where it is very tempting to stop the integration at about t = 05 sec.
This phenomenon has not been completely understood by the discussor but has
been observed many times. The major pattern is that it always involved
initial convergence to the higher of the two possible orbits. Also, even
though the eccentricity appears to be relatively constant for a long period
in Figure 2, the phase angle between the shaft center and the mass center is
steadily shifting. The question raised concerns its observance by other
investigators (experimentally or computationally).

Table I

m = 73.8 lb Q = 12,000 rpm
k 1.23 x 10 6 b/in R = 2.55 in

.0266 poise L = .9 in
d = I mil (c.g. offset) C = 4 mil

ROTOR POSITION
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Fig. I Transient whirl orbit, x-y location of shaft center
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AUTHORS' CLOSURE

Professor Taylor has raised two very interesting points in his discuss-

ion. First, the possibility of bi-stable operation for jumps occurring in a

non-linear system, and second, the type of numerical integration procedure

used and the associated time step.

In the operation of a squeeze film bearing, a jump phenomena mav; occur

over parts of the operating range. This is caused bv the non-linuar

characteristics of the squeeze film bearing oil film and the associated

elasticity of the rotor and bearing support. Professor Taylor presents a

numerical transient analysis of a squeeze film bearing operating at 12,000

rpm, including a retainer spring of 1.23 x 10 lb/in. In Fig. I, the orbit

shows an initial transient orbit of 3.09 mils, which decreases to 1.8 mils

after .15 sec. of running time. When dealing with non-linear systems, one

must evaluate the numerical integration procedure. What may appear to be a

jump due to the non-linear characteristics of the system may in fact be

caused by numerical error in the integration scheme. For example, in the
procedure used by Professor Taylor, a time step of .00032 sec. was Used.

At an operating speed of 12,000 rpm, this is equivalent to only 15.6 steps

per cycle. To accurately determine whether this non-linear jump is truly

occurring, the integrated solution should be run with a much finer time

step. Professor Taylor mentioned that although the eccentricity appears to

be relatively constant for a long period, as shown in Fig. 2, the phase

angle between the shaft center and the mass center is steadily shifting.

This has been observed in a number of instances and has been associated with

the numerical propagation of error in the solution.
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THE CONTROL OF ROTOR VIBRAT10N
US ING SQUEEZE-F 1LM DAMPERS

by R. Holmes

University of Sussex
U. K.

ABSTRACT

This paper describes the roles of the squeeze.-film damper when used in
parallel with a flt.xible element in a vibration isolator and when used alone.
Th~e t t's of cavitaion on performance are e-LC idaced and the dangers of

ump p he nome-na and so h harmonic re sonance art- d iscunssed.

Experimental work is described whic-h invest igates both roles of the
squeeze-f im damj.cr and the re sults Lirc compared with t heoretiral1 pred ict ions
with the object of definiing some design philosophy.

Finally areas of iniadequate knowi edge are high ighIted , toget her with
possibl e meanis of rt-duc ing them, especijally with a Vi ew to incorporat ing
squee CZ-f ilm c ha ract err st irs in programs for t hec so u t ion of Ilinear mu 1 ti -
degree. of freedom rotor-boar i g systems.
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INTRODUCTION

An annulus of oil provided between the outer race of a rolling-element

beating and its housing is often used as a multi-directional damping element

for the control of shaft and rotor vibrations in many designs of turbo-

machinery. This damping element, known as a squeeze-film, may be accompanied

by a flexible element in a series combination constituting a vibration isola-

tor. This flexible element is often in the form of a set of bars cantilevered
from the machine frame. Its purpose is to artificially reduce the natural fre-

quencies of the rotating system so that the speed range of high vibration amp-

litudes and transmitted forces may be traversed well before the normal operat-

ing speed range is reached. The squeeze-film damper then acts simply as a de-

vice to reduce to acceptable limits such amplitudes and transmitted forces.

Alternatively squeeze-film dampers are often used without flexible elements,

in which case their role is solely one of damping with no measurable effects

on the natural frequencies of the rotating system. Such effects are here for-

feited in favour of a simpler mechanical design, which avoids problems of fat-

igue in any flexible element. Because of this and due to the fact that many

turbines run above the rigid rotor (bounce) modes anyway, flexible elements are

dispensed with for the most part in such applications as aeroengines. Rotation
of the outer race of the rolling-element bearing is then prevented by anti-

rotation pins or 'dogs'. However there are some aeroengine bearings which
support fairly heavy loads such as large fans. For these applications flexible

elements in the form of stacked Belville washers are often used to help carry

the gravity load, rather than to effect any softening of the system.

This paper describes investigations into the performance of squeeze-film

dampers when used with and without a parallel flexible element in turbomachinery

applications.

THE SQUEEZE-FILM DAMPER AS AN ELEMENT OF A VIBRATION ISOLATOR

The purpose of the squeeze-film damper in this application is to reduce

the amplitude of vibration and transmitted force as the rotor is run up through

the artificially low natural frequencies of the system (ensured by the soft

spring element) towards the normal operating speed. Most analyses, e.g. L],

assume that concentric vibration orbits exist when the rotor is running, either

due to preloading in the spring element or because the dynamic loading is large

compared to the static loading, as it may well be the case in the vicinity of a

system natural frequency.

The squeeze-film is, however, a non-linear damper and, if its contribu-

tion to the system is fairly light the designer must guard against two classi-

cal disadvantages of light non-linear damping, namely jump phenomena and sub-

harmonic resonance.

The former can arise in situations where cavitation occurs in the squeeze-

film [LI. Owing to the non-linearity of the squeeze-film, the forced response

curve can be distorted to such an extent that large vibrations (and hence trans-

mitted forces) can be maintained for an extended speed range during run-up

before jumping down to an acceptably low level.
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Subharmonic resonance has also been recorded in systememploying squeeze-
film isolators [2] and may be predicted whether or not cavitation is assumed
to occur in the squeeze-film. Fig. 1 shows numerically-predicted orbits for
a rigid rotor in uncavitated squeeze-film isolators which are centrally pre-
loaded and in which the damping is fairly light. In this figure A is a meas-
ure of the damping in the system, u/c is the ratio of unbalance eccentricity to
squeeze-film radial clearance and w/w is the frequency ratio. Strong sub-
harmonic resonances are noted at running speeds of twice, three times and four
times the lowest (bounce) natural frequency.

A design of squeeze-film isolator used in some experiments at Sussex
University is illustrated in cross section in Fig.2a. It consists of a mild
steel bearing housing A and a 1.75 kg cast iron damper bush B surrounding the
silver steel journal C on which a rotor runs rather than in a rolling-element
bearing. The bush is suspended concentrically in the squeeze-film clearance
D by means of two horizontal and one vertical spring E made up of Watveare
Belleville washers stacked in series along silver steel guide rods and pre-
loaded for compression. The rods are connected to the bush via loose joints.
The lubricating oil enters the circumferential groove F at point G. Some of
the oil continues through the oil hole in the damper bush to the circumferen-
tial oil groove H of the journal bearing. A grub screw with a central hole
can be inserted in this oil hole to restrict the oil flow and thus ensure that
the journal bearing oil film clearance J is incomplete whatever the supply
pressure. The outlet oil is collected in trays and pumped back to the reser-
voir, fitted with a heater to facilitate viscosity variations.

When the oil supply is turned on, both the circumferential oil grooves
and the spaces between the Belleville washers are filled with oil. In order
to prevent damping due to the dynamic compression of the oil-filled Belleville
washers a pressure relieving groove is provided along each guide rod.

The isolator stiffness can be varied by changing the number of Belleville
washers on each guide rod. Two hollow cylinders K are fitted to each guide
rod as a substitute for Belleville washers so that any number of washers be-
tween zero and about 70 can be employed, thus giving a stiffness variation
from 5.107 N/m with no washers to about 8.104 N/m with all washers in position.

The length and diameter of each squeeze-film land were 1.27 cm and 10.16
cm respectively and four radial clearances of 7.66.10-4 m, 3.74.10-4m,
1.39.10-4m and O.9.10- 4 m, were used. Together with the available viscosity
range, variation of the squeeze-film damping from about 100 Ns/m to about
100,000 Ns/m could be obtained.

For experimental purposes, this isolator design has some obvious advan-
tages over the 'squirrel-cage' configuration. The isolator stiffness can be
easily varied by altering the suspension springing, the horizontal and verti-
cal bush vibrations may be easily monitored by position transducers L facing
the free ends of the two guide rods and centering of the damper bushes in the
squeeze-film clearance is easily carried out by means of the spring preload-
ing nuts M compressing the Belleville washer stacks.

Agreement between theoretical predi.:tions and experimental findings is
fairly good for such ,ncavitated squeeze-film isolators as Fir.2b shows. This
figure relates to a rigid rotot centred in each squeeze-film annulus by pre-
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loading the flexible elements. Such agreement enables numerical results for
uncavitated squeeze-films [1] to ba accepted with a certain amount of confid-
ence. If cavitation can take place however, uncertainties as to its likely
extent for a given dynamic loading and supply pressure make predictions diffi-
cult 1]. Fig.3 shows the adverse effect on concentric vibration amplitude
and on transmissibility T of cavitation which extends over half the annulus
of the squeeze film. Thus if there is any likelihood of cavitation existing
extra caution will be required in rotor balancing and the oil-supply pressure
should be made as high as possible to reduce the amount of cavitation.

In spite of these reservations the use of squeeze-film isolators in prac-
tical installations [I],[2,[4],[5] has usually resulted in smoother running
of the equipment concerned.

Fig. 2c shows a flexible rotor-bearing system used in ref [2]to further
assess the performance of the isolators shown in Fig.2a.The flexible symmetri-
cal rotor was supported by two identical plain fluid-film bearings surrounded
by the squeeze-film isolators. The fluid-film bearings were each supplied
with oil to a central circumferential groove and their dimensions were land
length 1.69 cm, diameter 5.08 cm and radial clearance 0.116 mm. The 8.2 kg
discs Dl, D2 and D3 were positioned so as to allow easy unbalance excitation
of the two lowest shaft bending modes by the attachment of unbalance masses
at their peripheries. Journals Jl and J2, made of silver steel and of mass
2.52 kg were fixed at each end of the 5.14 kg stainless steel shaft and were
supported by tue squeeze-film isolators Sl and S2. The discs and journals
were balanced to within 0.002 ounce-inches (1.44.10-6 kgm) and the total rotor
mass of 35 kg was chosen so as to provide sufficient plain-bearing load to
ensure fluid-film cavitation. The central deflection due to gravity was about
fifteen times the radial clearance in the journal bearings and in view of this,
the bearing housings had to be tilted to about 0.250 in order to obtain align-
ment between journals and bearings. The alignment process resulted in a rela-
tive slope between each journal and its bearing of less than 0.001 inch in 2
inches.

Both the experimental results and the numerical predictions showed a
continuous reduction of the maximum shaft displacement amplitude at both the
first and second cri ical speeds for increasing support damping up to about

104 Ns/m, with an increase in displacement for further increase in damping.
Well defined instability threshold speeds, as predicted by linear theory

were observed for large values of squeeze-film damping, while for low squeeze-
film damping (below 5 x 103 Ns/m) the system was stable and well damped in the
entire operating speed range 0 - 4000 rev/min. However, in the damping range
6.103 - 3.104 Ns/m steady nonsynchronous whirling commenced at a rotational
speed in the region of 1740 - 2250 rev/min, that is between twice and three
times the first critical speed, with the exact onset speed depending on the
damping value. The nonsynchronous whirl amplitude would increase with speed
up to about 2400 rev/min, that is to about three times the first critical
speed, whereafter the nonsvnchronous whirl component amplitude would decrease
rapidly and vanish at about 2400 - 2740 rev/min, marking the termination of
the first whirl region. The response would then remain synchronous up to
ibout 2870 - 323( rev/min, still depending on the particular squeeze-film
damping valtie, where nonsvnchronous whirling would reappear. In some instances,
;Igain depending on the dampin , the whirl amplitudes at this speed would con-
tinue to grow, indicating conventional system instability, while in other cases
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the amplitude grew to a maximum with increasing speed and disappeared at about
3690 - 3800 rev/min, marking the termination of the second whirl region. There-
after, the system would remain stable up to and including the maximum operat-
ing speed of 4000 rev/min. The repeatibility of the instability threshold
speeds and of the onset speeds of nonsynchronous whirling was found to be fair.
On average, both could be reproduced to within about + 100 rev/min.

With an increase in oil temperature it was possible to eliminate the
second nonsynchronous whirl region and a further temperature increase would
result in the disappearance of the first whirl region also, making the system
inherently stable by not allowing the journal bearing oil films to exert their
full influence. However, the system remained very sensitive to random trans-
ient excitation, such as tapping of the foundation with a rubber hammer, part-
icularly near the first whirl region, and generally appeared to be very light-
ly damped at all speeds above twice the first critical speed. Variations in
oil supply pressure had relatively little effect and the nonsynchronous whirl-
ing exhibited the well-known hysteresis effect of persisting over a wider
speed range once initiated.

Fig.2d shows examples of the nonsynchronous whirl orbits in the two whirl
regions. The steady state double and triple loops indicate whirl speeds of
exactly 1/3 and 1/4 of the respective rotational speeds. Only at speeds of
2430 and 3323 rev/min (corresponding to roughly three times and four times
the first critical speed) were the orbits stationary. Nonsynchronous whirling
was never found to reappear as a result of reduction in the bearing support
damping from about I x 104 Ns/m down to the minimum value of about 200 Ns/m.
Both the experimental and the predicted effect of bearing support gtiffness
was almost negligible within the covered stiffness range of 7 x 10 down to
8.85 x 104 N/m.

The observed pattern of nonsynchronous steady-state whirling is probably
indicative of the inherent nonlinearity of the experimental rotor-bearing
system which is mainly due to the bearing and damper fluid-films. In the
terminology of nonlinear vibration theory, the observed nonsynchronous vibra-
tions would be subharmonic vibrations of the third and fourth order. The
occurrence of these subharmonic of order higher than two in the present system
was facilitated by the introduction of the bearing support damping which,
within a certain range of values, stabilized the system sufficiently to permit
the required speeds of three and four times the first critical speed but was
still not adequate for preventing a subharmonic response. It would thus seem
reasonable to interprete the observed nonsynchronous whirling patterns of the
experimental rotor-bearing system as being manifestations of subharmonic res-
onance of the poorly damped first bending mode of the shaft rather than being
due to system instability in the linear sense.

In reference [4] other types of element were considered such as the
laminated sheet damper, the metal braid damper and the disk damper. They all
resulted in improved system performance.

Since the flexible element of a squeeze-film isolator is usually quite
soft it may not always be possible to assume circular concentric orbits of
vibration of the rotor centre when subjected to unbalance forces. If,however,
any vibrations may be assumed to have amplitudes less than about one third of
the radial clearance (a reasonable assumption in many practical situations)
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then linear damping coefficients [6], [7] may be assigned to the squeeze-film
and used in the linear analysis of rotor-bearing systems. For any larger
vibrations quasi-linear (amplitude dependent) coefficients may be specified
[6] and again used in linear analyses, albeit in an iterative fashion.

Darlow and Smalley [8] report a program of research on a supercritical
transmission shaft using a squeeze-film damper in which 'O'-rings played the
role of a flexible element. Here, however, the arrangement constituted a
damper rather than an isolator, being mounted at a point in the shaft span and
not in series with the main support bearings. Other attractive damping ele-
ments for use in such inter-span positions appear to be elastomers !81 and
electro-magnetic dampers 19]

THE SQUEEZE-FILM UNASSISTED BY A FLEXIBLE ELEMENT

Owing to the fact that mechanical elements such as springs are prone to
fatigue failure, squeeze-film dampers on their own have been used by aeroeng-
ine designers for the last twenty years. When designed in this way there is
no attempt to reduce the natural frequencies of the overall system as the
rotor usually runs supercritically anyway, that is well above its two rigid-
body bounce modes. The purpose of the squeeze-film is simply to introduce
damping into the system so that the rotor can safely negotiate those bounce
modes and operate smoothly at a speed perhaps not far short of the first
flexural mode.

Since an unassisted squeeze-film damper is in effect a journal bearing in
which the inner member does not rotate, it is not possible to assign to it
any linear stiffness coefficients which might allow the oil film to take any
gravity or other static load. Any lift produced emanates from non-linear eff-
ects and this makes the analysis of an unassisted squeeze-film damper some-
what more cumbersome to undertake.For certain operating conditions, such as in
the regions of critical speeds where any static load is small compared to the
dynamic load, circular concentric orbits can again be assumed [LlJ , with the
result that quasi-linear amplitude-dependent coefficients can again be used.
Linear analyses can thus be carried out to obtain the vibration orbits in an
iterative fashion. Transmitted forces can then be computed.

For cases where the static load is not small a nonlinear analysis is
called for and has been used by some investigators rij, [3' Such an analysis
requires a specification of the extent of cavitation which has a profound
effect on both the static and the dynamic load-carrying capacity. For example
it may be shown [3. that the assumption of an uncavitated film leads to the
complete elimination of load-carrying capacity. Using the short-bearing
approximation the effect of assuming that the oil can support differing amounts
of subatmospheric pressure before cavitating is shown in Fig.4 which is taken
from ref. 131 . In this figure Q is a non-dimensional static load, Q a non-

.c .
dimensional dynamic load due to unbalance and 3 a non-dimensional viscosity.
The b factor is the ratio by which the negative hydrodynamically-generated pre-
ssures in the squeeze-film have been reduced and in a practical situation will
depend upon the average static-load pressure and on the oil-supply pressure.
Experimental tests were carried out 131 on a rigid rotor (Fig. 5a) supported
in squeeze-film dampers each having two lands supplied from a central, circum-
ferential oil groove (Fig. 5c). Using the values of the non-dimensional groups
shown in Fig. 4, together with a static load pressure Pst of 10 lbf/in 2
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(69 kN/m 2 ) and a supply pressure of 2 lbf/in 2 (13.8 kN/m 2 ) gave an orbit
(Fig.6) similar to that of Fig.4c, for which b = 0.45.

Fig. 7a shows the computed hydrodynamic pressure generated in the squeeze-
film at a mid-land position at the base of the clearance circle as a function
of non-dimensional time wt and for b = 0.45. A maximum negative pressure of
about-540 kN/m2 is indicated, suggesting the presence of tensile stress in the
oil film. Although large this value is not unlike negative pressures observed
in journal bearings 111],[12] and squeeze bearings [13] by other workers. A
pressure transducer mounted at the squeeze-film (Fig. 5b) indicated a similar
pattern of pressure at the base of the clearance circle, Fig. 7b. The second-
ary pressure peak was due to the rotor centre moving round the tail T of the
orbits indicated in Figs. 6 and 7a, A pronounced negative-pressure region can
also be observed amounting to about -40 lbf/in 2 (-276 kN/m 2 ). This confirms
that not only can the oil in the squeeze-film support subatmospheric pressures
but suggests that tension forces may also exist. The heights of the main
pressure peaks are considerably less than predicted in Fig.7a. The implication
of this is that the shaft is subjected to much smaller squeeze-film forces than
the theoretical analysis would suggest, a feature also noted by W'7hite 1i-. A
modification of the theoretical model to allow for experimentally observed
limitations to the maximum and minimum pressures resulted in a general lower-
ing of the vibration orbit in the clearance circle. This agreed with experi-
mental findings as a comparison of the orbits of Figs. 6 anu 7a will show. As
to the reason for the observed low positive-pressure peaks, the indications
are that cavitation bubbles trapped in the squeeze-film are responsible, a
reason also suggested by White[0]. Unlike a normal turbine bearing in which
the journal rotates, there is no effective inducement for such bubbles to re-
move themselves except by the presence of a sufficient supply pressure to
flush them away.

Further experimental and computed orbits are shown in Fig.8. Sets A
show the computed orbits for the case of a short7 film, that is b = 0,
while sets B show the predicted orbits obtained by allowing the negative pres-
sure to be defined by the factor b = 0.45. The corresponding experimental
orbits are shown in sets C and are accurate reconstructions of oscilloscope
traces. For all the comparisons made, of which Fig.8 is typical, sets B
showed much better agreement with the experimental sets C than did sets A.

A further item of interest is the way in which the force transmitted to
the engine frame varies throughout one rotor revolution. The transmitted
force is the resultant of the film forces, and may be easily computed. Large
vibration orbits and orbits which feature a pronounced tail should be avoided
in practice. In the former, the centrifugal force, and hence the transmitted
force, become appreciable, while in the latter the rapid decelerations and
accelerations in the vicinity of the tail lead to sudden lorge changes in the
force transmitted to the engine frame.

The evolution of aeroengine squeeze-film dampers has taken somewhat diff-
erent courses in different companies. In the United Kingdom a simple tyl) of
squeeze-film geometry has evolved which features a central circumferential
groove at the oil inlet and end seals at the outlet. These impose quite
simple boundary conditions on the dynamic pressure distributions occurring
in the squeeze-films and make computation relativelv easy to carrv out. On
the other hand in the U.S.A. at least one large engine manufacturer uses
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squeeze-film dampers supplied from One ,r more oil holes in a cent ra l axial
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There is a Stronge llt-td to rtpre sent tilt parJMroters Of a gtnura 1 non-

linear squeezt--f IM in some srt ol quasi-Ii 1nar fash i, n I or ;nIii ;1 in i pro-

grams for tile sol1lution of linear muIti -degree of freedom rotor-barine, s%.stems,

One method of at tack might be as follows . Assume that , for what ret r rea-
son, vibrat ion takes place in the cae ci rCe 0f a sq LItzC-f i Im damper

about some mealn ecentric i ty ratio , . Thlen experi,, of _ iurna I-hear ing
operation indicates that four damp ing C-eff ic iets Cai lie Assigned to tII-

squeeze-f i 1m p rov ided that vi b rot ion amp I i t udes are not more tha n about o n-
third of the radial clearance. Sintr:the mean eccentricity ratio depends on
the value of the non-dimensional dvnamic force Q these damping coefficietnts
would also be dependent on dynamic force. 'hen, TolI owinlg tile aimli]O V Of a

conventional journal bearing, the specification of four local stiffness coeff-
icients is called for. Such stiffness coefficients would account for the lift
generated by a squeeze-film and, being non-linear, would agoill depend on tile
value of the dynamic load causing the vibration. They could perhaps be found
from measurements of amplitude and average phase relative to unhalance along
mutually perpendicular axes. For given values of r and Q a tahulationi could
thus be made of all eight coefficients against dynamic force for use in linear
multi-degree of freedom programs. Such an empirical procedure might offer a
means of assessing the performance of complex machinery employing squeeze-
film dampers and is at present being attempted by th author.

CONCLUSIONS

The purpose of this paper has been to elucidate the roles of the squeeze-
film damper when used with and without a parallel flexible e lemeiit iin turbo-
machinery applications.

Since the amount of damping endowed to the system by this m-ails is almost
invariably light and since this damping is strongly ron-linear, suc1h ('i fc,-is
as tile jump phenomenon and subharmonic resonance should be guarded agailnst.

The role of cavitation bubbles and of subatmospheric a nd lIrII t i ye sq c,;:I-
film pressures on the performance of such dampers is very import allt ad hould
be appreciated at the design stage.

Finally there is a need to be able to represent a squeeze-fi ln ili t- eis
of quasi-linear stiffness and damping coefficients so that stavdnt l I i iI 'AV

programs can be used to aMiyse the performance of mulLi-degree of f i -(idom
rotor-bearing systems.
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In the regions of the system criticals, where vibration orbits are likely
to be large and fairly concentric, the task is not too difficult. For other
regions a possible method of attack has been suggested.
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DISCUSSION

D. L. Taylor, Assistant Professor, Sibley School of Mechanical & Aerospace
Engineering, Cornell University.

Several questions raised during Professor Holmes' presentation dealt with
the small inner loops which were observed in certain orbits determined by
numerical integration. The experience of the discussor has been that these
loops may sometimes be a stable phenomenon and other times may be unstable
and die out. The orbits which follow were determined for a rotor model
similar to that discussed by Professor Holmes. A planar rigid rotor is
carried in a squeeze film isolator (damper and centering spring in parallel).
Fluid film forces are based on an Ocvirk short bearinglfilm. Rotor para-
meters are given in Table I. At 23,000 rpm, the whirl path in Figure I shows
the inner loops discussed. The orbit starts from the circled point. However,
if the integration program is run longer, as in Figure 2, the single inner
loop is seen to die out. At a higher speed (32,000), the orbit shown in
Figure 3 is obtained. This time a two loop pattern occurs, and if the
integration is continued, the orbit shown in Figure 4 results. The inner
loop structure is decaying, but more slowly than in Figure 2. Finally, at a
speed of 42,000 rpm, the orbit in Figure 5 is obtained. The final disposition
is hard to determine without continuing the integration. The extended orbit
is shown in Figure 6. The two loop structure is now seen to be stable,

slightly precessing.

Several questions during the discussion dealt with methods of numerical
integration. The results which have been presented were obtained by a

variable time step Kutta-Merson algorithm. This type of program will
constantly adjust the effective time step of the integrator to maintain a
requested degree of accuracy. The discussor has found this type of algorithm

loss, but tracks an almost circular orbit with approximately six to ten time

steps per revolution. This is quite efficient with regards to computer time.
The orbits which follow were generated by such an algorithm using a requested
time step of .00005 sec.

In conclusion, the discussor has observed a critical speed below which
the inner loop structure is unstable. The decay rate decreases with
increasing speed and, above the critical speed, there is a stable noncircular
structure which then evolves with further increases in speed.
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Table I

m = 73.8 lb 12,000 rpm

k = 1.23 x 10r lb/in. R = 2.55 in.

p = .0266 poise L = .9 in.

d = I mil (c.g. offset) C = 4 mils
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E. J. Hahn, Senior Lecturer, University of New South Wales, Kensington, New

South Wales, Australia.

The author has presented a very interesting and informative paper. There
are however a few points which appear to need qualification and further

comments would be appreciated.

The author is quite correct in noting that jump phenomena may be
associated with cavitated squeeze film dampers. However, should the unbalance
behaviour of squeeze film damper supported rotors be simply of the type
described in the paper, viz: that large vibrations are maintained for an
extended speed range during run up before jumping down to an acceptable

level, one could be excused for being thankful that jump phenomena exist.
After all, such a jump down is preferable to its absence, as pertains, for

instance, to the operating condition illustrated in Fig. 2 of Ref. [1].
Rather, one needs to guard against jump phenomena to avoid the possibility of
jump up. The author appears to imply that the jump phenomena is restricted to
light (non-linear) damping. As shown in Fig. 2 of Ref. [l], for a given
unbalance, although the higher the system damping, as measured by B, the less
likelihood of entering the bistable region, the system unbalance is an equally
if not more important parameter in determining jump behaviour. Thus,
regardless of the extent of the system damping, should the unbalance parameter
u/c (= U in Ref. [11]) be less than unity, bistable operation is possible,
if the operational speed is high enough. Also, bistable operation is not
possible if the unbalance parameter is greater than one.
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In Fig. 1, the author suggests that sub-harmonic resonance is present in
a centrally preloaded squeeze film damper supported rigid rotor. In the case
cited by the author, the value of A = 0.0284 is equivalent to B = 0.009 in
Ref. [21 and from Fig. 8 of Ref. [21, corresponds approximately to a damping
ratio of the order 0.01. The system here could, therefore, be termed very
lightly damped. Hence, it would be instructive for the author to continue his
numerical solution for a sufficient number of cycles to ensure that steady
state conditions have indeed been reached. The writer suspects that if this

were done, only a synchronous circular orbit would remain.

It is not totally surprising that non-synchronous operation has been
observed experimentally by the author, and in this regard, it is informative
to note the special need for accuracy in numerical solutions of very lightly
damped systems. (In no way is it here suggested that the numerical solutions
of the author were insufficiently accurate.) For example, it has been
possible to reproduce exactly the so-called non-synchronous stable operating
mode reported in [3], only to find that further improvement in accuracy (in
this case by further increase in sampling rate) resulted in the eventual
disappearance of the non-synchronous component [4]. Just as truncation and
round off errors in numerical procedures may in a sense be regarded as
continuous, albeit very small, external force excitations to a system which,
if sufficiently undardamped, will either not reach steady state conditions,
or will reach a steady state condition dependent on the periodicity of the
overall force excitation, so also very lightly damped rotor bearing systems
in practice or in experimental rigs will be significantly influenced not only
by unbalance excitation but by other unwanted but nevertheless unavoidable
external force excitations. This is not to say that such very lightly damped
systems are acceptable. On the contrary, they tend to be associated with
high vibration amplitudes and high transmissibilities. As noted by the author,
they should be guarded against, and highlight the need for design information
on the damping reserve of stable (in the linear sense) systems.
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AUTHOR'S CLOSURE

I would like to thank Professor Taylor for his interesting comments and to
add that on returning from the Conference I, too, endeavoured to obtain more
definite conclusions on these subsynchronous orbits. Inasmuch as any
conclusions could be drawn, the indications were that, as in Professor
Taylor's Fig. 6, the multiloop orbits appeared to be stable and slightly
precessing. This may well be due to the fact that I was concerned with
speeds that were always an integer multiple of the undamped natural frequency
vW- , which in Professor Taylor's case would have been 2k7m = 48,440 rev/min.

I should like to thank Dr. Hahn for further elucidating the subharmonic and

jump phenomena, in particular drawing attention to jump-up rather than jump-
down. I think this is a very valid point. With regard to the numerical
prediction of non-synchronous operation, I can but say that after a costly
amount of computing time using my Runge-Kutta-Merson program, the internal
loops of Fig. I of my paper could not be made to disappear. Instead, an
ultimate orbit was found, which precessed slowly, rather as did the orbits
calculated by Dr. Taylor in his contribution to this discussion. But, as
both Dr. Hahn and I have found, such orbits certainly occur in practice,
perhaps due to influences akin in their effect to numerical inexactitudes.
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SOUEEZING FLOW OF VISCOELASTIC FLUIDS

INCUDING THE EFFECT OF FIUID INERTIA

By

John A. Tichy
Assistant Professor

of Mechanical Engineering
Rensselaer Polytechnic Institute

Troy, New York 12181

ABSTRACT

The Reynolds equation of hydrodynamic lubrication is used to predict
stiffness and damping coefficients for the analysis of rotor dynamic systems
using squeeze film dampers. Due to the effects of fluid inertia and viscoelas-
ticity, separately or in combination, the Reynolds equation of hydrodynamic
lubrication can be significantly and qualitatively in error. For the case
where one of the bearing surfaces performs small sinusoidal oscillations, the
deviations from lubrication theory can be readily predicted in terms of a
Reynolds number and the so-called Deborah number. Unusual resonance-like ef-
fects in the behavior of the lubricant film itself are exhibited, which may he

a cause of reported discrepancies between theorv and experiment in rotor dvnam-
ic studies.

NOMENCLATURE

c = radial clearance, see Fig. 7
G = complex viscosity component, shear modulus

h = film thickness
ho = reference film thickness

I = (-)
1, = characteristic length
p = pressure
Re = Reynolds number = f Ah'o/11

t = time
u,v = velocity in the x and v directions

V = bearing surface velocity
X'y =  coordinate directions

W* = dimensionless load amplitude
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y = shear strain, shear strain rate

amplitude of top surface oscillation
= eccentricity ratio

Deborah number =GP
n= dynamic viscosity

p r = complex viscosity n d-iG/W

p e density

=phase angle
t shear stress

ci = frequency of top plate oscillation

Subscripts

1,2 =surface 1 or 2

0 = reference
r = lubrication theory

INTRODUCT ION

In the modeling and analysis of rotor dynamic systems using squeeze film
damper bearings, the stiffness and damping coefficients for the lubricant film
are nearly always obtained from the Reynolds equation of hdrodynamic lubrica-

tion. The damper itself consists of an inner non-rotating journal and a fixed
outer bearing. The linear stiffness and damping coefficients are obtained, in
principle, by subjecting the journal to very small perturbations in disnlace-

ment and velocity, respectively; and calculating the resulting forces on the

journal from lubrication theory.

Squeeze film damper bearings are often constructed with very large radial

clearances relative to plain journal bearings, e.g. c =0.025 cm vs. 0.0025 cm
(- 10 mils vs. 1 mil). They also tend to be used in very high oscillatory

speed applications, e.g. w = 3000 rad/sec c- 30,000 rpm) where rotor dynamics

problems are most prevalent. These conditions - large gaps and high speeds

conspire to create conditions where fluid inertia effects may become signifi-
cant in the lubricant film, violating the conditions under which the Reynolds
equation can be applied.

It is well known that modern lubricants are significantly viscoelastic
due to the addition of high molecular weight polymer additives. It can be
said that viscoelastic fluids possess a characteristic material property time
parameter which roughly corrcsponds to thc time it takes for a fluid flow to
adjust to a suddenly imposed stress. For the Newtonian fluid model, which is
used in the derivation of the Reynolds equation, this time parameter is zero.
An unsteady process, such as an oscillatory flow, will have an associated char-
acteristic process time parameter, roughly 1/w. W hen the ratio of the fluid
property time parameter to this process time parameter becomes non-negligible,
viscoelastic effects are expected to be significant and the Newtonian fluid

model may no longer he applicable. This may be the case in high speed squeeze
film damper bearings when a lubricant with high molecular weight additives is

used.

Tt can be shown that fluid inertia effects, perhaps in combination with

viscoelastic effects, under certain conditions introduce significant errors
into the Reynolds equation. It will be seen that the behavior of the lubri-
cant film can be qualitatively quite different than that predicted bv lubrica-

tion theory. The values of the stiffness and damping coefficients will surely

be affected as may the predicted behavior of the entire rotor dynamic system.
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These concepts have been developed in a series of papers by this author
and co-workers (1-4), to which the interested reader is referred for mathemat-
ical details. Basic background concepts and results will be presented here,
as well as future research which may be of more direct benefit to those work-
ing in the analysis of squeeze film dampers.

BACKGROUND

Consider the flow behavior in an arbitrary squeeze film geometry, as
shown in Fig. 1. For convenience, the film is shown "unwrapped" and the infi-
nitely long bearing (one-dimensional) assumptions are used. The lower surface
is stationary while the upper surface can move in the direction across the

film. The velocities in the x and y directions, along and across the film,
are u and v respectively, and t denotes time.

Figure 1. Arbitrary Squieeze Film Geometry

Recall the basic development of the Reynolds equation, using the continu-
ity, x, and y momentum equations:

Oi + 0 (la)
-5x )v

D 1_i (lb)

_-P (ic)

Typical boundary conditions for squeezing flow are

y 0 u = v = 0,

y h(x,t): u 0 v t2  h(x) V(t)

_ 
(2)

xx
P = P0
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where p is pressure, p is viscosity, and V(t) is the bearing upper surface
velocity. The basic momentum balance on a fluid element in eq (ib) can be
expressed as:

net pressure force = net viscous shear force. (3)

Note that time effects enter the problem onlv through the boundary conditions.
This means that the problem is fluid mechanically steady. Ulien eqs (]) and

(2) are combined, a form of the Reynolds equation results:

(h' ) -= 12u ,-h (4

with time now appearing explicitly, although this does not change the basic
quasi-steady nature of the problem.

The resulting velocities become

u(x,y,t) = 3V(t)x {[h Y___t j h x t) *}h(x,t) h(x,t)

and (5)
3 ? y

v(x,y,t) = V(t)3 h(,t) -2r(h(x,t)

Note that the velocity profile u(y) is always parabolic and that the fluid
velocity is precisely in phase with the bearing surface velocity V(t). This
means that according to lubrication theory, the fluid must respond instantane-
ously to the surface velocity.

In reality, for a fluid possessing inertia a finite time lag must be
associated with the fluid response. Similarly, in a viscoelastic fluid (even
in the absence of inertia) a finite time lag is associated with a fluids' re-
sponse to an applied stress as mentioned above. If a constant force F
( stress T) is suddenly applied to an idealized dashpot of constant J!
( viscosity) an instantaneous velocity response .*( shear rate ') is evoked,

see Fig. 2. This is analogous to the viscous Newtonian fluid model. If a
sudden force is applied to a spring and a dashpot in series, however, a time

delay is associated with the fluid response. This example is analogous to the
case of a viscoelastic fluid. Thus both fluid inertia and viscoelastic prop-
erties introduce phase shifting effects into the behavior of a lubricant film,
whereas such behavior is absolutely ruled out by the Reynolds equation theory.
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THE OSCILLATORY SQUEEZING PROBLEM

Theory

Solution of the general problem of the squeezing flow of a viscoelastic
fluid subject to inertia effects is complicated by two iactors: (1) the non-
linear convective inertia terms in the momentum equation; and (2) lack of
agreement on a suitable viscoelastic fluid model. In addition, most of the
likely candidates for viscoelastic fluid models are nonlinear.

In squeeze film damper bearings, the inner journal performs an oscilla-
tory squeezing motion of the lubricant film as it moves around its orbit.
This case does not correspond to the more convenient geometry of Fig. I hut
can be easily handled along the lines of Ref (3). If the oscillatory squeez-
ing problem is now considered, a restrictive assumption is made which is very
convenient in that no further assumptions or limitations at all are required.
Referring to Fig. 1, the sinusoidal oscillations are described by

h2 (x,t) = h2 (x) - cos Wt (6)

The assumption is that

6 mi hn . L (7)
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i.e. the oscillation amplitude is "small."
In this case, by simple order-of-magnitude considerations convective in-

ertia terms like u su/x are small relative to the unsteady inertia term
)u/~t. This point is discussed in detail in Ref (2) and in the hydrodynamics
text of Happel and Brenner (5). Note from Eqs (2) and (6) that the magnitude
of the upper surface velocity V(t) is 5w. Thus for sufficiently small 6, the
flow is always "slow" (small u), but may be highly unsteady (large u/yt).
Therefore the process could be performed at an arbitrarily high W and in prin-
ciple the flow would never become turbulent.

For the case of small sinusoidal displacements, all viscoelastic models
reduce to the complex linear form

T (8)

where -T and yare shear stress and shear rate, respectively. The symbol 1i*
denotes the complex viscosity

= - i~(9)

in which G is the elastic shear modulus of the viscoelastic fluid, see Fig. 2.
For simple shearing flows, the shear rate is the velocity gradient u/ y.
The material properties and G are in general functions of frequency ,
which can be measured oR standard rheological instruments. The velocities and
pressures are all now expressed in the complex form u = u(x,y) exp(iwt).

The x-momentum balance is now

Di u Dp D2  
. C 2u

7~ -- + vij (10)

inertia pressure viscous elastic
force force force force

The problem is now governed by two simple dimensionless groups:

Reynolds Number Re=p

inertia force

viscous force

Deborah Number =

elastic force
viscous force

The parameter ho is some reference or characteristic film thickness (such as
the radial clearance, minimum clearance, etc.) depending on the particular
problem..
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Results

Very unusual lubricant velocity fields are exhibited as shown in Figs.

3-5. Equations of the form (10) are solved for various sets of boundary con-
ditions in Refs (1-4) by standard methods. Subject to the assumption (7)
above, the solutions are "exact." In each case, the figures on the left-hand

side (a) correspond to the instant of time when the bearing surface is at the
maximum velocity downstroke, while the right-hand side (b) corresponds to the

time when the bearing surface is instantaneously motionless, about to reverse
directions. The flow profile is only parabolic for the lubrication theory

case (Re - 0, 0 - 0). Peculiar flow reversals and a circulating flow are ex-
hibited. Lubrication theory requires that if the bearing surfaces are motion-
less at any instant of time, the lubricant is also. This is clearly not the

case here, as fluid motion continues to inertia and elasticity in Figs. 3b,

4b, and 5b.

thy.

&-too -_ _ _

o. Jo 20- .

/0 20

Dimensionless velocity

(a) V(t) - max (b) V(t) - 0

Figure 3. Typical Velocity Profiles - Parallel Circular Disks,

separation ho, Re - Dwh /

(a) V(t) - max (b) V(t) - 0

Figure 4. Typical Velocity Profiles and Streamlines -

Simple Tapered Thrust Bearing (2)
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'-.

(a) V(r) max (b) V(t) C0

Figure 5. T'Npicai Velocity Profiles and Streamlines

Journal Bearing (3)

Loads are also profoundly affected by inertia and viscoelastic effects.
For sinusoidal motion, loads can be expressed in terms of a dimensionless load
amplitude and a phase angle, as is common for oscillatory behavior. The dimen-
sionless load 5$ is the ratio of the load amplitude predicted by the improved
theory W* to the load amplitude predicted by lubrication theory W*. The phase
angle ( is the angle between the load and the oscillating surface velocity.
This angle must be zero for lubrication theory. Figures 6 and 7 show the load
amplitude and phase angle behavior for a variety of bearing geometry condi-
tions. More detailed explanations, and additional results appear in Refs
(1-4). Note, however, that virtually any sort of behavior can result relative
to that predicted by lubrication theory: i.e. the load amplitudes may be in-
creased or decreased (W11""1 W*), and the load may be in or out of phase with
respect to the surfaces velocity (0 < " < 1800; 0). Note also that a
continuous increase in Reynolds or Deborah number does not mean a continuous
increas, (or decrease) in the load variables.

Range of Variables

It appears that squeeze film damper bearings may very well operate in the
range of variables for which inertia and viscoelastic effects are significant.
Consider the following set of variables:

Density 0.8 gr/cm'
Oscillatorv speed w = 3000 sec - 1 (- 28000 rpm)
Viscosity u = 0.1 gr/sec-cm = 10 cp (- 1.45 p revn)
Radial clearance c = 0.025 cm(- 0.010 in)
Shear modulus G = 300 dyne/cm2 ( 0.003 psi)
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From these values the following values for Reynolds and Deborah number obtained:

Reynolds number, Re - __-15. Deborah number, G = 1.

For these sets of dimensionless parameters, viscoelastic and inertia effects

would be expected to become significant, from Fig. 6.

2'

Figure 6. Typical Load behavior, Amplitude and Phase Angle

Parallel Circular Disks, separation ho, Re r X~h,,/| (1

c - R o - R 
i  _

RO
i

4.rl

10 t

Eccnticiy ati 029Eccentricity ratio 0.5

Figure 7. Typical Load Behavior, Amplitude and Phase Angle

Partial Journal Bearing, Re 
=

,c: (4)



CONCLUSIONS

Analytic solutions have been developed for the flow of a viscoelastic
fluid between arbitrary two-dimensional surfaces, one of which is subject to
small high-frequency oscillations. Fluid inertia effects are included and

the results are valid for any simple viscoelastic fluid provided the oscilla-
tion amplitude is sufficiently small. Solutions are available in terms of a
Reynolds and Deborah number, and unusual resonance effects in velocity field
and load are exhibited as the oscillatLon frequency (or Reynolds number) is
increased for a particular fluid. Lubrication theory may be significantly in
error for fairly low combinations of Reynolds and Deborah number.

The very restrictive assumption that the oscillation amplitude is small
renders the problem linear with respect to both inertia and viscoelastic ef-
fects. What then are the effects of viscoelasticity and inertia if /h is no
longer << I? One can only speculate, but it is this author's opinion that
these sort of phenomena will still prevail at higher values of A/h. It hardly
seems likely that non-linear effects tend to produce the more orderly behavior
required by lubrication theory. Controlled experimental studies and perhaps

more involved analytical techniques may ultimately provide the answer, al-
though in the latter case the whole range of issues regardinp an appropriate
viscoelastic model must be addressed.

Results have only been developed, to date, for the infinitely long, one-
dimensional bearing; and in the case of full journal bearings (with their more
complex boundary conditions), for inertia effects only. The case most common-

ly used in anslysis of rotor dynamic systems is the short bearing hypothesis.
This case is a straightforward extension of existing solutions, and work is in
progress to derive stiffness and damping coefficients, based on the improved

theory. When completed, a full analysis can be performed, examining the in-
fluence of fluid inertia and viscoelastic effects on rotor dynamic behavior.

REFERENCES

1. Tichy, J. A., "The Behavior of Viscoelastic Squeeze Films Subject to
Normal Oscillations, Including the Effect of Fluid Inertia,"

* ' :, h, Vol. 33, Jan. 1978, pp. 501-517.
2. Tichy, J. A., and M. F. Modest, "Squeeze Film Flow in Arbitrarily

Shaped Journal Bearings Subject to Oscillations," ASME Journal of Lubrication
Technology, Vol. 100, No. 3, July 1978, pp. 323-329.

3. Tichy, J. A., and M. F. Modest, "Squeeze Film Flow Between Arbitrary

Two-Dimensional Surfaces Subject to Normal Oscillations," ASME Journal of

Lubrication Technology, Vol. 100, No. 3, July 1978, pp. 316-322.
4. Tichy, J. A., and M. E. Skinkle, "An Analysis of the Flow of a Visco-

elastic Fluid between Arbitrary Two-Dimensional Surfaces Subject to High

Frequency Normal Oscillations," ASME Journal of Lubrication Technology,

Vol. 101, No. 2, April 1979, pp. 145-153.
5. Happel, J. , and H. Brenner, !o Nm ,/c I o':,m P.

Prentice-Hall, Englewood Cliffs, N.J., 1965, pp, 52-55.

82



:EX Qfl!

..- 0j o r
%me I~c t &'

ti c)r rQf D yILi"1

UI' IT C 7 7 "'L " %!

f h "' I

X~



DISPASCEN

PICK-U
OIL.

FEED

aORb
GAUGE

OILn

p ~ .

'j"'

U, 1- -



wrt- tar ~ a i'§~f<L , i,.'-&. n:.- rIJl I' <-4':K. '< :.-

a , . .v e q u r- i o n o f r i f r u a nx~ - vu ' - .O p u i . 'n : i t c r r -a-1 r.-

raun-oterr; of -1o'u r .,rn,: :.ri'o of fr-,'n- 2 . i~C

i *L inri, ad'L1 i .

c' c! "f s an'- v 11 Li F'S p'yH aLaf I C'j i rc' dai 1.'n o e~~'

i. !1 -'.f 2 . I '

UNB L.3 1m~~UBL-8c

-0
UNBAL 369.- W UNA801

360' 'z < 36o ------------------. *.1.6

~~-9 3690 PHASE ~ 30

0. -90 Hso__ 0 -80o

-70' 70-

-; 3-6 0.

'0 3 5 -- --30- 5.

01.

5. .1 z . rc

0.1 10 1 E -1

.0 1



22

0 0 C0 200 300 4600 S00

V( [kphi] 10

0,

20

iQ36

C 0 lo 200 300 &M Soo
[Hz]

c l00 200 w0 4.0C 50C
f- I Hzl

ff c Icm

2 2 ~o B/D: 1,0

2 P2?r2oB/=.

043cF'

4, 
BID0P

Mef~werte T 14.2 :0
-- theoretische ,%erto



Thie cxperimlent.. S uvo -c L : W to ther purt.tr r
cal intere~t: 1 ) tot .. d s-larraig.Fn~i and ,) t~t oil'~J> "~ .r
T}.e s cal arra.gement s huld ideall,; hiaw, no damplinfg and tifr..rrw.-
ticsl however it was found that both.-s. type seal,; a:.3 ' rov:
seal possessed som, dampingr and tu;influ2roced very riue:.L .J

dampers which have a low absol ute value,. Sec ondly, trie -tir.r Ir:~-
[1as3sumed atmospheric boundary condilions 'i thie ends-- of to1. V an

hiaving the s,-eals, the uoundary condi tions; are coianced 'o a -'
oe ilsupl pres sure and also thIe axlni press--ure proflltr2 ao .

parabolic shiare t o ohs- of alriost con.sta> -srea-o :---e
damper hearing-. Wrhen cony ring r rltsi 'h.:akrs
se,,com'es eas: j'er tcl acc".pt aiid exp~ect gtval .:% -f 'odanr.j.: r se.:

wih.icii1 obtained, from Tiie I--- Xug~~.s a::a r"

of this s;Ituation.

- theoretsche Worte 2k2 2 )

re r'rt

sr.t: a. .1

tI V-I ' r' f ' ~ rr ': ' lI r o -s~. ' ~ o ' .5 0

t I'r. rr r. '; r..

87



2 FORCE 335N

FREC84HZTEST SERIE NO. 3
CD FREQUENCY= 186 Hz

2- CDD
IFORCE 310 N W.L 1:

-W FREO, 84 ?) 0

UL.L

w 004 0!08 0.12 0.16 0 - 1 .

2- 0 50 PHASEcn (L FORCE 100ON :1 4 FREO 120Hz(1 4C0.4
< 3 -0.3

20 -y 0.1 i
FREC 186 Hz ~ C- 0 00 0 .201

z 10 ed- ~u

FE 18H 0 0.0 0.12 0.12 0.1

OIL SUPPLY PRESSURE. M~a

Fig. (" fofluenoct of Ci :j ly rE ir,

neexpec-ted peak oil pres:;ure in t!,e nmiuolaooe of o -

bje expressed as [2]:

w.ere tz she whirl frequency and ALx J* *.Ie or> , c arj!l u
r:.eatsured o)il ]pre ss urez and ooriar1 ; on w>C t he I ovw i '

o~nale Food arreemenit even for l arg-e whirl ampli tu 3e



3.0 ~BRG. DATA:

LENGTH= 1.2 cm
edyn.RAD. CLEAR.=132 ~im6dyn. OIL VISCO.= 0.103 Pa-s

2.5-______ OIL SUPP PRESS!-O.1MPa

.65
0-

U NBA L.= 33 6 g-cm
uj 2.0 -

w WHIRL FREQ. TRANS.
CL1.5 -~- ~- ORBIT FORCE

_ dyn. Hz N

0.2 48 250
w0.6 0 .3 61 500

Lw 1.0-- 0.4 69 620
0.5 73 700
0.6 84 1000

0.5 10.65 91 1250

0.5 0.4 0.7 97 1500
0.3

0.2

0.1 ATMOSPHERICLN

*0 180 360

Fij.I 7i~urd ndplane i ,rcumferential pressure distriiution

...... N o



Eccentric case

The operation of a damper bearing is typically in an eccentric position.
is caused by tihe built-in tolerances, operatin E conditions and manufac-

turing tolerance. Therefore, the eccentric case is more representative of
t :e actual operation and the test results reveals also greater discrepancies
w:.e. coipared with the theory. Fig.8 shows typical test results obtained with
the test rig in Fig.!a.

20 20

10/ I /

I -I
66

.1 "Uj~ 4  ~ '

' ' z , u/, Icn 0 0 LU

<W > 0 xt ~ zG >
-J - - j)L. L u,~, ea 38 48 -- -.38_8 ~_- _.70 42

05 + 67 78 + 160 60oo ----- <L 0 06 6
- 0 0 0.2 0.4 0.6 0.8 w 155 108 00 050 C.o1.2 0.4 0.6 0.8 m 285 78Uw L ECCENTRICITY ,-

E Cz  x 320 144 W ECCENTRICITY x 640 108
kn, o_ 6 ~ 4 680 174 6-
L.j4 4,

,, - | /1

z ,, I Fo: r2-< - -2 --

0.2 .40.80.2 .4 0.6 0.8
-ECCENTRICITY Ui . '4 0 .- ECCENTRICITY

Fig.? Influence of eccentricity ratio on the damping coefficient

At low to moderate force levels and at low eccentricities the trend is con-
firmed, hut at, hicler values, which also means larger wiIrl amplitudes, the
res-ults clearly show that the theory does not apply anymore because small mo-
tions were asumed. At the same time any viscosity change may drastically 1l-
ter th.e whirl orbit and this is ,-hown on Fig.) which shows in a extreme case,
where tAh, 'coentricity is..75, that for a given force (-unbalance here) and
frelUeiC;, the wirl amplitude grow:; larger if tle vi sco.:ity is lowered.
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Fig.9 Influence of viscosity on the orbi' anpltude

As an example in Fig.9a the whirl orbit at llhHz is 5 per cent of the clear-
ance and in Fig.9c is the orbit close to 40 per cent and at ve higier fre-
uencies (or lower viscosities) moves the center of' the damper journal to-

wards the center of the bearing housing and occupies almost the maximum clear-

ance limit cycle [2]. This demonstrates that the behaviour under these con-

ditions is nonlinear and should be treated accordingly [4].

APPLICATIObS

From a design viewpoint is it desirable to have the L/I ratio as small

aL: possble, a typical ranre is -2.1 to .2 and t /ie should :e no le s t,ar

x].3 - assur.ing a given viscosity and supply pressure of the oil. Attent ion

mu t tid to changes in the actual operating conditions recenering thao

in .is ic ( te da pin g coefficient is directly proportion 9l

' ver proportmonnil, to the clearance to the 3rd power. 1' s,

a vrr it3 clange: mai only a 15 per cent clearance c ange.
., f D s p pr < l, u re o n th e film, i ext en t mu s t a l1 'o 1,e cc ,n -

. ., . -'li F I film damper Lear nF- and tie influence may e
rp.r! fac or. T is area needs furt her i nve,,:gt i I on as
s"I" r 9: eice fromT] t;e entran2t e os , from t.e suply

r , * " , . r.'.l , r I fa d {: : o a. t influenTce of c p-rat.ine-
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Fig.ll Arrangement of damper bearing [7]

Pig.llahows the cross-sectional view of a bearing arrangement with
damped flexible support and Fig.llb shows the flexible support structure

with the journal bearing inside and the squeeze film damper surrounding it.
Again, the purpose of the damper bearing is to stabilize up to 330Hz a rotor
supported in fluid filn bearings [7]. The damper bearing is fixed to an out-

board member by 16 axial spokes which form an integral part of the arrange-
meat. The L/L ratio is 0.23 the outside diameter is 100mm (%i4in.) and -/! is
i - Oil is fed at 0.21,Ta (%30psig) to eight equally spaced holes in the

M.dplane and the damper is sealed off at the ends by seals of the piston ring
type. The damper bearing is centered in its housing by a pair of differen-

tial adjustment screws. If this is insufficient to compensate for the Ltt"
dflctior caused by the weight of the rotor, additional suspension is provide

pair of externally located soft springs which pull through thin wires,

Li, arrangement which is also used in Fig.lOb.
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ABSTRACT

This work reports the design and application of a squeeze film damper
Cor a single mass flexible rotor in journal bearings Lnc lud ing experimental
results. It is shown 'hat the damper is extremely effective at eliminating
subsynchronous vibrations due to self-excited hydrodynamic instabilit'

despite the presence of large instabilitv mechanisms. The damper oil film
was observed through a clear plastic damper housing. No uniform cavitat Lon
region was observed, a]though isolated bubbles appeared in the fluid at

higlh unbalance Levels.

INTRODUCTION

Advances in technology and more urgent demands on energy needs have
had a direct effect on the development of high speed rotating macI iery

The drive has been toward higher speeds, greater power-to-weigit rat io anid
more flexible shafts. The combination of these factors often results ill
machinery which must pass through several critical speeds during regular
cycles of motion. Machines which use rolling element bearings have very
little damping and often experience high amplitude vibrations and large
forces transmitted through the bearings and supports. The use of fluid film
bearings often helps reduce the vibration amplitude and transmitted force
but can also produce self-excited instabil i tv which often results in hi, ci

amplitude whirl and poss l i.e interference of machine elements. El i m i nat i oil

of tliose prob1ems is the major requi.rement of turbomilachinerv design aud
illii s js.

01le p):- :ible tecih iqlt, to ve id or improvc slur or a 1 1 of the above
prolh ems ,:iichi li is see ,n ('OnSiderai d M i -uss io il tie I iteCatlIre is tLhe
ise of f hexi hi e d;e'iped bciirin, supports. As dec ibed il tlie noted

re, rel e ,, c 1 ' it asI Ttut -, t i I fI11'SS AIih (1;lmp11 i1 in a11nd MuIIs h t be0 Opt iTli 7'd



for avac Ii system consider d. *impropera app] acat ion ()f s Ilppor It a t<n-~d

damping can make the system worse I- causing larger than ivirmal lorcees t 0

be tran smnit ted or by generating unst abI)le regions of op eratiion (1, 2, '3)

One type of flexible damped bearing support which has seen increased
use i~s the squeeze film damper bearing. A squeeze film damper hearing is
basically a plain journal bearing where the journal is constrained from
rotating but which can still have radial and precessional motion. ThIIe
rotating- shaft is then supported by a rolling element be~aring or some type
of f luid film hearing inside of the damper journal.

AThis paper de-scribe-s the design and applicat ion of a squeeze i 1w
bearing for a single mass flexible rotor suscept ibie to self-excited whirl.
Experimental results are included, and a visual study of the fluid fil ,:a,;n
iiade through the clear dampeL housing.

EXPERIMENTAL APPARATUS AND I NSTRUMENTAT ION

The rotor system descr ibed is an experimental flexilb K rotor te-Lri-
susceptible to self-exc ited bearing whirl. ThlL rig is essentiaall,. a >101JU

mass flexible rotor supported by two rigidly -vounted journal bK at in-
shown in the schematic of F14 i. .l T-Lae 0.95 C-- c (11 Hi-ts a' : h - '4t

long with a hearing spani of 41.3 cm. A euntirzil miass whAich ,-i:Ji, 2-'
fixed at the midspan . Fh I e tta I rotor ,je i, It a>- I I. 39. '1, 1iis shaf a

Coulpled to a zero to L0,000 RPMl Variable Speed electric motor h'; a fIe
couplIing which includes a no tch to prov ide the key. plhase pill sLU

'T'le motor end bear ium is ;I p Ia iil po rows., bronze hoAiln 0( a~aI.s

0-c fogi in an a loinim houisflug. At the opposite eind, ain overs ' e plaini
hora ear ing provides the support. Tile oversize- hearinc- hJJ .4)-~

d fameter , 0. 71 cm land length and 5.*6 nil- radial c leariicvc. Tlii 1:1 I.a't

bear ing, provides a part icularly stro-ng ins tahil ity drlv inc m, MChaiiS! :,t X1a
eas iiv atta inablIe speed. Oil is flood fed t hroaae h thle cod )Wi thc ~ l

and flows fre v out the inboarid :iide into a re2servo i'.

Both the I)la in .; ournal heoc LMi5 aInd tlle- IiOea Ki I I'l pCIIIIe a !)L

duscri")d I ite c) arc supplied ,iltli SAF: 10-we,if-i oil whio-e i>- re cci 1~i l
Ot tier Ti e TILtubina' 'clieiiati(: f-or oil suIpply aiid a c ic ion 'i:a

ini Fig. 2. Ihu raim pump a.s; a single-speed ceieetric mete- draiven

pwii'p v.it 'i l ''st IAu'a bypass- so) Iiot va riable presair Ia II, ,it41,

Iii'o id k' I ii I'' l'e , tilL- 1:1i 11 pai:Ip caon Il ?ia 1 ' I c i' a[ 'a)( I 'i

ta1n L- r ma i Ln~ 1! a , n he a r nagI , r e:;e r,,o iar's, o r te 1p1-)p oLi I a roii I, -I

ruservi i) t'Ila-up reservoirs,, Or to pre-ssurize oilL or1Si I' o'- Ia

siiapi ' . evia Tin addit ioi, the air coimlressor mi h I~ei c"t

ixe one rt I aa-4'a vo ir soa thiat, each reservoir a' l 1'a e 11'l nt a ancd Lit
d i fi 1( ea L pre'S-ii . io V~aa'iah~ ' Lea 'It ii'1, hea istiolt a L t I ii] 11i

r,'sea'yv i r! m'a'' t lie .,cd up ind iLX n i the r'ack iiidepeaid,-i of tIli, r-o 0' Vi

l'ii -' t v i hr, it i oan h la incr is iioaa l. o red ,wit I1 ii, ' -i' ii tI i ins 1
1,a'1 'n pat 7to' I aa Id tie 'i 1r,aIt 111 (1I ta sI"toIreud on I'M !-1~ i~a' I tapsI I or101

latt r aj .\iI o ile-c ea - r fva L tio 0 c. iiii k jai l I a ;i I t IL

i-ar i a. tin i'mi c i iasl I ra P :. ac -iii ad I I- 'Ii Ii a' ri c n p t 'i, c 1-17 i AT) I .
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BASELINE EXPERIMENTAL RESULTS

The baseline response plots of amplitude and phase after final balance
are shown in Figs. 3 and 4 for the horizontal and vertical directions
respectively. The low speed amplitude of approximately one mil is primarily
due to residual shaft bow. The rotor was balanced using vibration measure-
ments from the horizontal probe, hence, the balance is slightly better in
the horizontal than in the vertical plane. Since information about the
response in whirl is desired, the amplitude plotted is the direct, unfiltered
signal as opposed to the synchronous signal most often used on Bode plots.

As is obvious in the figures, the synchronous tracking filter had difficulty
tracking the true phase angle at some points. Amplified vibration signals
did not improve the situation at all. The loss of phase angle tracking
followed by the subsequent renewal of proper phase angle causes the abrupt
changes in the phase angle on the response curves.

These baseline response curves indicate that the rotor operates smoothly
at vibration levels of approximately one mil peak to peak up to a speed of
4000 RPM where the vibration suddenly jumps to almost twenty mils peak to
peak in the horizontal plane and fifteen mils peak to peak in the vertical
plane. The speed drops rapidly due to horsepower lost in the whirl action
and the high vibration level locks in on the rotor natural frequency. It

4 is possible to increase the speed beyond the 4000 RPM threshold, but this
only aggravates the situation causing extremely high vibration. Even during
deceleration, the locked in whirl motion exhibits strong excitation at the
natural frequency of the system. This is only seen on the horizontal probe
because of the orientation of the orbit ellipse at this speed. The high
level whirl vibration remains locked in well below the first critical speed
until approximately 1000 RPM where normal response returns.

The nature of this baseline response vibration is shown further in the
"waterfall" plots of the frequency spectra of Figs. 5 and 6. Both curves

were generated from horizontal probe vibration data but Fig. 5 is during
acceleration and Fig. 6 is during deceleration. The major component of
vibration during acceleration is the synchronous component, and there is
absolutely no subsynchronous excitation below 4000 RPM. However, at 4000
RPM a very small half frequency component starts and just above 4000 RPM
the one-half running speed frequency is the dominant frequency in the system.
Because of the extremely large half frequency driver, it is necessary to
scale the waterfall plots differently; however the scaling data is shown on
each figure. As a result of scaling, the harmonics of the synchronous com-
ponents are occasionally lost, but these are only of minor importance so no

effort is made to retain them.

The subsynchronous vibration in Fig. 6 is referred to as half frequency
vibration; however the frequency is actually about forty-four to forty-six
percent of the running speed frequency. This relationship is also evident
on the oscilloscope trace where the two timing marks per orbit "chase" one
another around the orbit instead of standing still. As the speed decreases,
the half frequency whirl tracks the running speed, but no synchronous com-
ponent is seen due to the huge size of the half frequency peak. The
response of the system to the critical speed during deceleration discussed
earlier is also seen on the frequency spectrum by the synchronous peak

.. . .. . . . . . .I... . .. . ._. . .
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occuring at 2250 RPM. Below 1000 RPM no response is seen because the half
frequency motion has subsided and the synchronous trace is clipped due to
scaling.

It has been demonstrated in the literature than an increase in bearing
lubricant ambient pressure will increase the bearing attitude angle and
decrease the instability threshold (4). Both of these phenomena are
demonstrated in Figs. 7-10.

Figure 7 shows the change in attitude angle of the journal orbit center
as the ambient supply pressure is increased with the rotor running at a
constant speed of 1600 RPM. There are no probes in the journal bearing
proper so these orbit locations were determinedwith probes looking at shaft
motion inboard of the plain journal bearing. The idea was not to get exact
values for eccentricity, but rather to get general behavior of the attitude
angle and eccentricity for various operating conditions. The data was

. taken from photographs of the oscilloscope trace of the orbit as seen by
* the DC-coupled vertical and horizontal probe vibration signals. As expected
*from theory, the attitude angle increases toward 900 as the ambient supply

pressure is increased from I to 15 psig.

The corresponding decrease in rotor instability threshold speed is
shown in Figs. 8-10. The response curve with the bearing supply pressure at
5 psig is shown in Fig. 8 for the horizontal probe only. The baseline
response is not much different from the unpressurized case except that the
instability threshold speed has dropped to 3800 RPM. External bearing
pressurization of 10 psig produces similar results except that the behavior
at the critical speed has changed and the stability threshold has dropped
to 2875 RPM, as shown in Fig. 9. Also, the subsynchronous whirl continues
to a speed of 500 RPM instead of 1000 RPM, as before. When the bearing
external pressure is increased to 15 psig, as in Fig. 10, the instability
threshold drops to 2300 RPM and the whirl stays to below 500 RPM. In all
of the pressurized runs, the amplitude of vibration during whirl is less
than the corresponding unpressurized case.

Figures 11 and 12 show the "waterfall" frequency spectra associated
with the 15 psig run. There are no subsynchronous components during
acceleration to 2300 RPM, at which point a major half frequency component
tracks downward at approximately 45% of the running speed, as before.
Similar results were obtained for the 5 and 10 psig test runs, as well.

SYSTEM SIMULATTONAND DAMPER DESIGN

Computer simulation of the rotor-bearing system is beneficial for
predicting response to changes in the system configuration before hardware
is actually changed. Two stability analyses were performed with this work
to study the stability of the system before and after the application of
the squeeze film damper. The first set of stability runs were made to
predict the behavior of the rotor-bearing system without the damper to gain
confidence in the system model. The second stability analysis was made to
predict the effectiveness of the squeeze film damper in system stabilization.

A fourteen-mass station lumped-mass model with two bearing stations was '

102



DIME E I

PRENE OFORI

-4

180'

w

(L 36 0

Run No. 06017803
X- Probe
P- 5.0 Psig

No Da.per
20-

*15

0

05

0
0 I 2 3 4 5 * 7 S 9 10

SHAFT SPEED) (RPM x1O

Fig. 8

103



- 0i

L 360

Run No. 06017804
X-Probe
P. - 10.0 psi&

No Damper

10

4

•D

0 L 2 3 7 10

SHAFT SPEED (RPM xlO
- 3 1

Fig. 9

0

.I

IS

IL 360

Run No. 06017805
X-Probe

20 
- 15.0 psig

No Damper

Is

o

0 I 2 3 4 5 6 7 8 9 10

SHAFT SPEED (RPM x10
2

)

Fig. 10

10 4

m :.... 
.. ..... 

. .N



I c.* ic 336 Mv
7

. . .. .. .

2

01
0 1 2 3 4 5 6.7.8 9 10 11 12

.FRE.0JENCY (CPM x1o10-

Fig. 11 Run No. 06017805, X-Probe, P a 15.0 psig,
Acceleration, No Damper a

10 .. .

9 .

8~ . .3..c.n. . . . .

* 4

w

3

FREQUENrYj (Cpk j10' )

Fig. 12 Run No. 06017805, X-Probe, P a 15.0 psig,
Deceleration, No Damper a

105



used as the computer model. Since the length to diameter ratio of the
plain journal bearing is 0.29, the short bearing approximation is valid,
so short bearing coefficients may be used. The bearing coefficients for the
plain bushing were determined by previous experimental work, as reported by
Barrett and Li (5).

Figure 13 is a plot of damped natural frequency versus shaft speed
for the first three modes of the system without the squeeze film damper.
The log decrement values shown indicate how well the vibration is damped.
A negative log decrement shows that the growth factor is positive and
hence the system is unstable. Obviously this system is unstable above
4000 RPM because mode C, an even forward mode, develops a positive growth
factor at this speed with a damped natural frequency of 2200 RPM. This
frequency is also the first damped natural frequency of the system, as
indicated by the intersection of the synchronous excitation line with mode
C at 2200 RPM. This value is in good agreement with the experimental results
of Figs. 3-6, which indicate a first natural frequency at about 2150 RPM.
Figure 13 also predicts system damped natural frequencies at 2600 RPM and
4000 RPM, but these are not seen experimentally. The 2600 RPM mode is a
backward mode and is not excited, and the 4000 RPM mode is well damped.

To eliminate the instability seen experimentally and predicted above,
a squeeze film damper was designed for the system. Some of the constraints
on the damper design were: no end seals, no retainer springs, central
supply groove, clear housing to observe fluid film behavior. The damper

was designed using short bearing theory and optimum bearing and support
damping theory presented in the literature (6,7). In addition to the
previous constraints, it was assumed that the damper would exhibit centered
circular synchronous precession and that the fluid film would cavitate.

The final design of the damper selected is shown in Fig. 14 which
shows the damper housing and Fig. 15 which shows the damper journal. The
damper assembly was installed just inboard of the plain journal bearing at
the non-drive end of the shaft. Due to the difference in the clearances
of the damper (8 mils radial) and the bearing (5.6 mils radial), the shaft
acted as a retainer spring to suspend the damper journal in the housing.
Two lands, each of length 0.98 cm, form the inside surface of the damper
housing. Oil is supplied to the central groove and from here it flows
between the damper surfaces. The two outer grooves are used to carry oil
away. Lucite was selected as the housing material to enable observation
of the fluid film for cavitation effects. The journal of the damper is a
smooth aluminum cylindef'cofinected to the shaft by two shiefded precision
ball bearings. A stainless steel pin protrudes radially from one end of
the journal and fits into the corresponding notch in the housing. This pin
is used to prevent rotation of the journal. The damper journal and ball
bearings weigh 1.07 N as a unit.

The addition of the damper to the system stability analysis produced
the results shown in Fig. 16, which plots damped natural frequency versus
shaft speed for the first three modes predicted. In this case, all of the
modes are well damped and no instability is indicated. According to this
analysis, the first damped frequency of the system should occur at approxi-
mately 3200 RPM.
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The above results indicate that the damper hardware described pre-
viously should effectively stabilize the system throughout the operating
speed range.

EXPERIMENTAL RESULTS WITH DAMPER

The baseline response plots of the balanced rotor with squeeze film
damper are shown in Figs. 17 and 18. The most obvious difference from the
no-damper case is the lack of any instability throughout the entire operating
range. The response curves for the horizontal and vertical planes are
nearly identical. The system displays similar response to the no-damper

case below the critical speed but has very low high speed response. The
critical speed has shifted to 2800 RPM with a peak response of 1.25 mils.
A dip in the response toward zero amplitude no longer exists since both the
X and Y probes show small peaks at the critical. The effect of the damper
is further seen in the frequency diagram of Fig. 19, which was taken from
the horizontal probe vibration data. Only the acceleration run is shown
in both the Bode-plots and the frequency spectra because the acceleration
and deceleration curves are nearly identical with the addition of the
damper. The scale factor in this figure is the same as that of the original
baseline response with no damper. The peak amplitude at the critical is
slightly larger in this case, but the synchronous component is the only

*contribution to the excitation as shown by the single 45' trace on the
cascade plot. There are no subsynchronous components, whatsoever. Some
higher harmonics are lost due to the scale factor applied. As far as
being effective in eliminating instability, this damper has performed
extremely well.

Increasing the ambient supply pressure in the journal bearing has very
little effect on the system response when the damper is included, as shown
in Figs. 20-22. These figures show response curves for values of ambient
pressure ranging from 1 psig to 15 psig. The peak response speed shifts
approximately 100 RPM over the range of pressures, but the amplitudes of
vibration change only slightly. Similarly, the phase angle is nearly
constant over all of the runs.

Figure 23 shows the frequency plot with the journal bearing pressurized
to 15 psig. This is almost identical to Fig. 19, which is the corresponding
plot for the zero external pressure case. As before, there are no sub-
synchronous components visible at all, and the synchronous harmonics are
lost due to scaling. Only the acceleration data is shown since deceleration
is identical.

From the above results, it is obvious that the squeeze film damper
bearing designed and installed as described previously is extremely effective
at stabilizing an otherwise unstable system. Even at high bearing supply
pressures where the destabilizing mechanism is very large, no hint of
instability is seen.

CAVITATION EFFECTS

As mentioned earlier, one of the damper design assumptions was that
the fluid film would cavitate. This is one aspect of squeeze film dampers

109



Run No. 06017A02

X-Peobe
Baselne Re spone
With Damper

0 0

-" 180

0

360

- 10

0

fl5

0 1 2 J 4 5 6 7 8 10

SHAFT SPEED ; (RPM IO
- 3 )

Fig. 17

Run No. 06017802

Y-Probe
Baseline Response

With Daziper
L. 0

5180

ST

a-360

-J 10

w

0

<00 1 2 3 4 5 6 7 8 9 10

SHAFT SPEED RPM x 10-
3

Fig. 18

110



I. i I I .f l,
* 10 -

7

0

It

w 4
CL

'I

2

- ,ti I9E0J . CC'Ao i i

Fig. 19 Run No. 06017802, X-Probe, Acceleration,
with Damper

Fi°R.uRo No. 06017806
X-Probe
Pa 5.0 paig

With Damper
0-

160

04

360
b)

3:
4
I
0.540

720
LA

0

-.

0 0 2 3 , 1 6 10

SHAFT ISPEEDO (RPM x6O
3

)

Fig. 20

..... 111



ii

Run No. 06017807

X-Probe

0 
" 10.0 p g

With Damper

w 1so

360

a 540

720

w
5

C 0 0 I 2 3 4 5 6 7 a 9 1o

SHAFT SPEED (RPM x 10

Fig. 21

Run No. 06017808

x-rrobe
P. . 15.0 psig

r OWith Da.per

a 360

0 0  1 3 4 , 6 7 a 9 10

SHAFT SPEED (RPM Xt0
- 3 )

Fig. 22

-i



S c 3.36i,

--8- - -

7. -

* FREauaNcy . 4' PM 0)

1'ig, 213 Run No. 06017808, X-Probe, P a 15.0 psig,
Decelerationl, with Damper a

MIe1-



that is often discussed but not well understood. The damper used in this
study was made from lucite so that cavitation could be visually studied
under various operating conditions. Several runs were made with added un-

balances to load up the damper journal orbit radius.

In the studies made here, virtually no cavitation was seen under any
operating conditions. This includes high unbalance loads where large
circular precessions occurred. At the highest levels of unbalance
(0.084 oz-in) a few small isolated bubbles formed in the oil but the
pattern was random, and the bubbles quickly traveled with the oil out of
the damper. This is similar to results reported by White (8), but the
bubbles in this case were sporadic, not ordered as White observed. Using
short bearing theory and assuming circular synchronous precession, the
peak damper pressure for this case with 0.0874 oz-in unbalance is approx-
imately 34 psig. j

In case the bubbles rotated with the precession of the damper journal
too fast to distinguish, a stroboscope was used to observe the film. Even
when the strobe was triggered synchronous with the rotor running speed, no
cavitation region was observed. It was noted, however, that the damper

journal was precessing synchronously as assumed, and the orbit shown on the
*scope was circular. Therefore, the assumption of circular synchronous

precession for dampers under high unbalance load is valid. However, the
assumption of a cavitated film may not necessarily be valid.

CONCLUSIONS

The design of a squeeze film damper for a single mass flexible rotor
was demonstrated and presented with experimental results. The study of the

damper was not a parametric investigation under constrained operating
conditions but instead showed the design of one fixed geometry damper for
a specific application. The damper was extremely effective at stabilizing
an unstable rotor-bearing system even when very large instability mechanisms
were present. The instability driver was provided through a large clearance
plain journal bearing with pressurized oil supply which caused large ampli-
tude half frequency whirl motion which locked onto shaft operating speed.

No cavitation region was seen in the damper under any operating
conditions. Small randomly spaced bubbles were seen under high unbalance
conditions, but no cavitation region formed. Under large unbalance loads
the damper exhibited circular synchronous precession as determined by
oscilloscope and stroboscope.

Although squeeze film dampers are used frequently in industrial and
commercial applications, their behavior is still not completely understood.
Work is especially needed in the area of predicting the fluid film behavior
more exactly. This would include predicting pressure profiles and peak
pressures and comparing with experimental work, and also i.ivestigating and
describing further the effect and behavior of damper cavitation.
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EFFECTS OF FLUID COMPRESSIBILITY ON VISCOUS

DAMPER CHARACTERISTICS
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r ABSTRACT

The incompressible Reynolds equation is the basis for prediction of
viscous damper and journal bearing hydrodynamic forces. The validity of this
equation in situations where cavitation exists within the oil film is ques-
tioned. Compressibility could result from sub-atmospheric cavitation pres-
sures liberating dissolved gases and creating a 2-phase, variable density
fluid. The released gases in the form of bubbles would not readily re-dis-
solve but persist in the pressure region and reduce hydrodynamic pressures.
A significant alteration of the pressure profile, and therefore the stiff-
ness and damping characteristics would be expected.

This hypothesis, alluded to by various authors, is proposed as an
explanation for reported, unusual fluid film behavior and is examined
through additional experimental data. A viscous damper rig designed with a
controlled orbit and fluid environment provided circumferential hydrodynamic
pressures at various speeds and oil supply pressures. The analysis and
interpretation of these data in comparison to current theory is addressed.

* Project Engineer
** Senior Analytical Engineer
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NOMENCLATURE

c radial clearance of damper bearing, in.

e radial eccentricity of damper center, in.

FR radial force, lb

FT tangential force, lb

h oil film thickness, in.

hmin minimum thickness of oil film, in.

hmax maximum thickness of oil film, in.

L damper length, in.

P damper pressure, psi

Pmax total peak pressure, psig

Pmax normalized maximum pressure

Psupply damper supply pressure, psig

R damper radius, in.

eccentricity ratio (e/c)

o angle referenced from hmin, deg

p density, lb-S 2/in.

angular speed of damper journal, rad/S

1.17
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INTRODUCrrON

The viscous (squeeze film) damper is commonly used in both industrial
machinery and aircraft gas turbine engines to reduce vibration and bearing

loads. Without sufficient damping, rotating equipment is apt to experience
high bearing and static structure forces because of inherent or unusual

shaft imbalance or dynamic instabilities within the system. The viscous
damper provides increased tolerance to excitation forces, and for the gas
turbine engine in particular, offers the opportunity to reduce weight and
increase speed, and thereby improve performance and decrease fuel consump-
tion. For these reasons an extensive effort to investigate viscous dampers
both analytically and experimentally has been undertaken.

The basis of the lubrication theory for viscous damper and hydrodynamic
bearing analysis is the Reynolds equation which was formulated in 1886. It
results directly from the Navier-Stokes equation by imposing the following
restrictions: a thin film, laminar flow, a Newtonian fluid, negligible iner-
tia forces, no variation in pressure across the film, no external body

4 forces, and no slip at the bearing surfaces. The generalized Reynolds equa-
tion for compressible fluids, which is discussed in 1 , is

Ph 3 aP + - 3  p Ul - U2 O(Ph) + 12oP (1)

C) x ~ ) X ~ )a- Z 6av 2  x +lP

By assuming an incompressible fluid, as normally expected in both dampers
and hydrodynamic bearings, equation (1) becomes

+ h 3  P)+ ( 5 3  P = 6 (U1 - U2 ) +(

)x ) \x Zk az x

Both of these equations are nonhomogeneous partial differential equa-
tions in two variables and are difficult to solve directly. Specific assump-
tion coupled with appropriate boundary conditions, however, have allowed the
solution of these equations. Specifically, equation (2) has been solved by
assuming (a) a sealed damper configuration wherein the bearing is infinitely
long with no end leakage, i.e., the flow in the axial direction is neglig-
ible as compared to the circumferential direction, (b) open-ended conditions
which assume negligible flow in the circumferential direction as compared to
the axial direction, and (c) a finite length journal wherein flow in both
the axial and circumferential directions is assumed. The infinite length
solution as reported in 2 was used for the damper investigated in this
program, an end-sealed type commonly used in gas turbine engine. Dampers
without end seals have been used in some applications, but high oil flou
requirements usually prohibit their use.

Various types of viscous dampers and hydrodynamic bearings have been
experimentally investigated by several authors. Measured pressure profiles
and forces have been compared with predictions based upon the solution of
the Reynolds equation for an incompressible fluid. Correlation between test
and theory has been shown to be good to excellent in some cases and poor in
other instances. It is felt by the authors that an explanation for these
differences is available and that it involves the issue of cavitation. A



survey of the early 20th century literature on the subjects of cavitation,
sub-atmospheric pressures, and tensile stresses in fluids as summarized in
3 clearly shows that unusual and unexpected behavior within journal bear-

ings was common. From a practical standpoint, the pressure within the cavi-
tation region is usually ignored since the contribution of this pressure on
the total force is negligible. But, this is not the discrepancy being
addressed. The questions being raised are what is the nature of the cavita-
tion region and what is its influence on the pressure region. On the basis
of his review of works published during the first half of this century,
Cole 3 speculated on sub-atmospheric bearing pressures and cavitation in
journal bearings. He described three regions as shown in Fig. 1. In region
A, liberation of dissolved gases within the lubricant would occur, and the
resulting cavitated fluid would be compressible and probably of different
viscosity. In region B, lubricant vapor would tend to be liberated. He
thought that in both regions unstable states are possible with no gas liber-
ation bl cause of the absence of gas nuclei which are necessary to precipi-
tate the change from a liquid to a liquid-gas phase. He went on to state
that since gas liberation is not instantaneous, it is also possible that
phase equilibrium may not be immediately attained after a pressure change.
Region C, the true negative pressure region, is theoretically possible as a
metastable state but except under transient dynamic conditions the libera-
tion of vapor would cause conditions in region B to intervene. Cole went on
to speculate that the cavitation pressure would most likely be between
atmospheric and the lubricant vapor pressure under steady state conditions.
In addition, he thought the time lag effects arising from the finite rates
of gas liberation and re-solution could delay the formation of the pressure
film at the point of maximum film thickness thereby introducing compressi-
bility effects into the early portion of the pressure region. The similarity
between the pressure profiles of journal bearings and viscous dampers sug-
gests that compressibility effects noted in the bearing could also occur
within the viscous damper.

Positive
pressure region Dissolved Zero gage pressure

i/Dissolved
Region A gases J( liberated/

Sub-atmospheric - - - - Fluid vapor pressure
pressure region Region B FluidvapOr / Alute zo pressure

(lbrtd )Absolute zero pressure !
S ]Negative

Region C pressure- fluid
in tension

Fig. 1 Liquid/gas sub-atmospheric pressure regions
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Later work on journal bearings by Marsh 4 , Black & Walton 5
Nakahara et al 6 , and Dyer & Reason 7 has shown cavitation to be respon-
sible for reducing the load carrying capacity, producing cavities which per-
sist in the high pressure region, creating a 2-phase compressible fluid, and
inhibiting pressures below absolute zero. Nakahara et al specifically showed
both cavitation pressure and zone width to be dependent upon air content of
the fluid. In addition, at least four detailed publications concerning vis-
cous dampers show lower-than-predicted dynamic pressures and good correla-
tion only when cavitation was eliminated or dynamic pressures were low, viz,
Tonnesen 8 , Humes and Holmes 9 , Jones 10 , and White 11 .

In order to explain the results of the viscous damper testing and the
effects of cavitation on damper performance, an explanation of specific
terms is necessary. A particularly instructive paper written by Swales 12
provides a detailed explanation of cavitation phenomena which occur in thin
films. He specifically describes and defines gaseous and vaporous cavitation
as being dependent upon the relative amounts of gas and vapor within the

* cavitation bubble. Bubbles with mainly vapor are thus defined as vaporous
cavitation bubbles. When gas is the major constituent, the term gaseous cav-
itation is used. He goes on the state that "....even the longest lived va-

*porous cavities are transient phenomena and stability is only achieved when
the contents are predominately of gas rather than vapor. Most types of cavi-
tation observed in thin oil films are stable and ... from this evidence
alone it would be possible to conclude that they are gas filled. The gas
comes from free gas bubbles or the large amounts of dissolved air in oil
(8-15 percent by volume). ...vaporous cavitation is only likely in situa-
tions where there is insufficient time for air to diffuse out of the oil."

It appears that cavitation may significantly alter the hydrodynamic
characteristics of viscous dampers and bearings. The assumption of an incom-
pressible, single-phase fluid may not be valid. Because of the unknown
nature of gaseous and vaporous cavitation and the possibility of a 2-phase
fluid within the oil film annulus, an explanation of the physics of the oil
film is complex and possibly beyond the limits of analytical description.
This paper will present a hypothesis and substantiating experimental results
which add credence to the speculation and evidence of others.

THE PROBLEM AND A HYPOTHESIS

Early viscous damper testing 2 and Fig. 2 showed good correlation at
low dynamic pressures. As higher speeds, larger eccentricity ratios, and
smaller clearances were investigated, the amount of cavitation increased and
deviation from theory became more pronounced. Specifically, peak dynamic
pressures as low as 402 of the predicted values were observed. No obvious
trend was noted except that, in general, decreasing the length of the cir-
cumferential cavitation zone improved the correlation.

A study of the test results led to the hypothesis of a 2-phase fluid
consisting of the oil and gas bubbles created by the sub-atmospheric pres-
sures within the cavitation region. The bubbles persist in the positive
pressure region due to finite oil re-solution rates and create a compress-
ible, variable density fluid. This fluid produces hydrodynamic pressures
which are significantly lower than predicted by incompressible theory. Gas-
eous cavitation, which is probably unavoidable in most practical situations,
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will therefore reduce hydrodynamic pressures within viscous dampers and, in
addition, create similar effects in fluid bearings, particularly under whirl
conditions.
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Fig. 2 Correlation of experimental data to theory for a 20 mil radial

clearance viscous damper

A survey of the literature clearly shows similar trends. Humes and
Holmes 9 stated "...as a result of the persistence of cavitation through-
out a cycle, there appeared to be a limit to the maximum pressure attained
during a cycle which was many times smaller than the pressure predicted
using the Reynolds equation." It is interesting to note that the test damper
was the open-ended variety and that maximum measured pressures were in the

range of 100-150 psi. Similarly, Jones 10 also showed discrepancies be-
tween theory and practice, particularly at high eccentricity ratios. His
damper was also the open-ended type. Comprehensive testing by White 11
with both open and sealed end conditions also showed experimental pressures
significantly less than predicted. White pointed out that for the open-ended

damper where the axial pressure profile is parabolic, cavitation was con-
fined to the axial center line. This resulted in two dampers, each of length

L/2 and a step change in total load capacity to one-quarter of that predict-
ed for a length L damper. A sealed damper, which has a square axial pressure
profile will cavitate over its entire width and reduce dynamic pressure uni-

formly, not in the manner observed and reported by White.

EXPERIMENTAL PROGRAM

To accurately assess the hydrodynamic characteristics of viscous damp-
ers measurement of the pressure profile both axially and circumferentially
under controlled environmental and orbit conditions is necessary. Since
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forces can be calculated from the pressure measurements, this approach is
superior to the alternate method of direct force measurement. The pressure
profile can be directly compared to that predicted by the Reynolds equation.
The test rig (Fig. 3) was the same rig as used for the results reported in
2 and 13 except for the modifications described below.

/N

~ t

Fig. 3 Hydrodynamic test rig

To facilitate data reduction, circular centered orbits were essential.
They were obtained by an off-set cam which was placed at one end of a simply
supported shaft. A cross-section of the rig showing details of the shaft and
damper assembly is illustrated in Fig. 4. The ball bearing supported shaft
is driven by a variable speed motor which could accurately control the damp-
er whirl speed to within +2 rpm. The damper length and diameter chosen for
the tests were 1.61 in. and 6.44 in. respectively. Measured radial clearance
was 10.4 mils. Both ends of the damper were sealed with piston ring as well
as "0" ring seals to facilitate collection of the return oil and to prevent -

air from being drawn in by the damper sub-atmospheric pressure in the cavi-

L tation zone. The piston rings were of the butt-joint type which are typical-
ly used in the gas turbine engine applications. The end leakage past the
piston rings as compared to the flow through the butt joints was minute.
Therefore, the damper was essentially operating with sealed end conditions
except at the piston ring gaps which provided oil thru-flow. This arrange-
ment allowed a direct comparison of the experimentally measured circumferen-
tial pressure profiles with those predicted by a long bearing solution of
the Reynolds equation.
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Fig. 4 Hydrodynamic test rig cross-section

Oil was supplied to the damper through a single .032 inch diameter hole
located at the mid-plane of the damper. Two .032 inch diameter outlets
1800 away from the inlet were located between the piston and "0" ring

seals. Oil temperature was controlled within 10 F and monitored by two
quick response thermocouples which were placed in the oil film flush with

the damper housing. Two proximity probes, 900 away from each other, were
installed to obtain the shape of the damper orbit, dynamic eccentricity, and

the instantaneous position of the line of centers (i.e., the line joining
the bearing and damper centers). Several pressure transducers were posi-
tioned circumferentially and axially to measure the entire pressure profile.

Preliminary testing showed that the axial pressure gradients were negligible
and that pressure profiles measured at different circumferential locations

were similar. Additionally, the traces of the two proximity probes were also
similar. Therefore, for all subsequent tests, the damper orbit was assumed

to be circular centered and the circumferential pressure data and eccentri-
city were obtained from one pressure transducer and one proximity probe,

both of which were located at the same circumferential location.

DATA REDUCTION

For each test conducted, the output of the pressure transducer and
proximity probes was stored in a digital memory system. This system provided
a playback rate which was up to 1/200th of the input rate without amplitude
or time phase distortion. An X-Y plotter was used to record the time history
of damper pressure and radial clearance. With circular centered orbits, the
pressure profile is synchronous with speed and fixed relative to the rotat-
ing shaft. Therefore, the pressure/time relationship could be transformed to
a pressure/angular relationship. The line of centers was used as the refer-
ence line to determine the tangential and radial force components. The line

of centers at the minimum damper gap also establishes the reference for both
force and peak pressure phase angles. The pressure curve was digitized to
obtain a pressure versus angular position tabulation, with respect to the
line of centers, for one cycle of the damper. Experimental damper forces

were determined by intergrating the pressure profiles using these equations:

2 7

FT = RL Jo P sin 0 dO
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FR  = RL fo P cos 0 d0

Bearing clearances and shaft flexibilities introduced significant vari-
ations in the dynamic eccentricities. The change was more pronounced at
higher speeds. The dynamic eccentricity ratio (6) was, therefore, determined
for each test from the proximity probe data using the equation

e = hmax - hmin

2C

Theoretical damper forces were calculated from the long bearing solution of
the Reynolds equation using the test values of supply pressure, dynamic
eccentricity, oil temperature, shaft speed, and damper geometry. Theoretical
peak dynamic pressures were obtained using the equation

'max 12AwR 2 pmax + Psupply
i C 2

where max is obtained from curves of fmax versus E , 2 . Table I shows
the experimental data together with predicted pressures and calculated forc-

es.

EXPERIMENTAL RESULTS AND ANALYTICAL CORRELATION

As mentioned above and reported in 2 and 13 , the earlier research
to ascertain the validity of the Reynolds equation for calculating viscous

damper stiffness and damping coefficients showed good correlation over the

range of variables tested. Likewise, work by Vance and Kirton 14 indicated

good correlation, but their results were for a damper with no cavitation. If
the data from 2 is presented as shown in Fig. 5, a delineation of the data
with and without cavitation is clearly indicated. It will be noted that in

general, good agreement with theory is apparent, but upon closer scrutiny it
can be seen that better agreement was obtained within the uncavitated

region. In the cavitation region theory over predicts the pressure, partic-

ularly as the extent of cavitation increases. The trend is subtle but appar-

ent nevertheless.

Further investigation of the validity of the Reynolds equation required
additional testing with smaller damper clearances, higher loads, and in-

creased cavitation extent. Five preliminary tests at various eccentricity

ratios showed significant deviation from theory (Fig. 6). Additional testing
at various speeds, eccentricity ratios, and two oil supply pressures showed

a general trend of improved correlation with both lower speeds and higher
supply pressure (Fig. 7). It was not obvious what caused the variable cor-

relation. Cavitation was suspected because the exiting oil was permeated

with bubbles, unlike the inlet oil which was clear. With a greater range of

shaft speed and supply pressure, nearly 100 tests were run to obtain the
circumferential pressure profiles, the damper orbit, and the condition of
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the fluid as it exited the damper. With these data fully analyzed, the trend
of improved correlation between analytical and experimental data with mini-
mum cavitation zone and minimum bubble production was clearly evident (Fig.
8). A 2-phase fluid with a compressibility dependent upon the extent of cav-
itation seemed probable.
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Evidence of compressibility is apparent in Fig. 9 which shows the cir-
cumferential pressure profiles for three oil supply pressures with speed and
temperature held constant. If the fluid were incompressible, oil supply

pressures should add linearly onto the 3600 pressure profile. It can be
seen, however, that the peak pressure increases by an amount greater than
the supply pressure increment even though the eccentricity ratio decreased
at higher pressures. The unexpected pressure rise was noted at all speeds
and can be seen more clearly by a plot of the change in peak pressure versus
the supply pressure increment (Fig. 10). The eccentricity ratio was not con-
stant but decreased with increasing supply pressure (see Table I). An even
larger pressure rise would have occurred if eccentricity ratio had been held
constant. This unusual behavior could be caused by a compressible 2-phase
tliid which produces higher hydrodynamic pressures as it increases in densi-
tv with increasing supply pressure.
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A 2-phase fluid could also vary in density locally within the annulus.

The variation would result from the time lag associated with gas re-solution

rates and from the higher pressure within the converging oil annulus (see
Fig. 11). With a variable density fluid in the pressure region the effect of
supply pressure would depend upon the local density. In areas of high densi-
ty the increase in pressure would approximately equal the supply pressure
increase. Areas of low density would become denser, and the pressure would
increase by an amount greater than the supply pressure due to an increase in
hydrodynamic pressure. The experimental data shown in Fig. 12 on a polar

plot clearly illustrate the effect. Each curve represents the pressure pro-
file for a constant supply pressure at 20 psi increments. The pressure
change in the high density (minimum clearance) region is approximately equal
to the supply pressure increase. In the low density (maximum clearance)
region a trend of significantly greater pressure change is evident. The
increase above the supply pressure at various speeds and circumferential
locations for an 80 psi supply pressure change is illustrated in Fig. 13.]
This pressure is calculated from the following equation:

II

P (0) - PIO0 (6) - P20 (0) - 80

At the four higher speeds a trend of increasing dynamic pressure with in-
creasing film thickness and speed is apparent, while at the lower speeds the
maximum dynamic pressure increase shows no discernable trend. These limited
data suggest that the fluid density within the damper pressure region is var-
iable and partially dependent upon time (speed) and pressure (position).

The forces obtained by integrating the pressure profiles provide addi-
tional information which suggests that incompressible fluid theory is not
valid for a cavitated film. The phase angle of the total force increases".
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with increased supply pressure as predicted by theory except that it ap-

proaches (and exceeds) 900 with a supply pressure significantly less than

predicted (Table 1). This is a direct result of the large increase in pres-

sure within the maximum film thickness region caused by a variable density

fluid. The phase angle of the peak pressure also increases with increased

supply pressure. Theoretically, this angle should not change. It is, how-

ever, a function of eccentricity ratio which could not be held constant.

Using the measured eccentricity ratios the pressure phase angles were cal-

culated and compared to those observed. Significant deviations were evident,

caused also by the larger than expected pressure changes in the maximum film

thickness region. These additional observations suggest that the influence

of a 2-phase fluid on viscous damper characteristics is complex and not as

predicted by incompressible theory.
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SUMMARY AND CONCLUSIONS

Experimental data obtained from a controlled orbit damper rig has pro-
vided additional evidence supporting the inadequacy of the incompressible
Reynolds equation in predicting viscous damper pressures. It is hypothesized
that the deviation from theory is due to fluid compressibility caused by
sub-atmospheric cavitation pressures liberating dissolved gases and creating
2-phase fluid. The liberated bubbles, being primarily gaseous and not vapor-
ous, do not readily re-dissolve but persist within the pressure regior
thereby reducing the hydrodynamic pres ure. In addition, the 2-phase fluid
has a variable density which is both pressure and time dependent, the densi-
ty being affected by oil supply pressure, eccentricity ratio, and speed.
Experimentally it has been shown that:

I. The correlation of experimental data with incompressible theory im-
proves with a decreased extent of cavitation.

2. With a cavitated damper oil supply pressure can not be directly super-
imposed onto a pressure profile; an additional increase in hydrodynamic
pressure results.

3. The damper pressure profiles which differ from those predicted by in-
compressible theory produce significant changes in the stiffness and
damping characteristics of a cavitated damper.

The significance of the observed deviation in damper characteristics on
rotor dynamic response can not in general be assessed. Because of extreme
variations in damper operating conditions, the alteration of the hydrody-
namic forces may be even greater than found in this program. Depending upon
the dynamics of the system, gaseous cavitation may provide either vibration
improvement or degradation. It is suggested that either viscous dampers be
used within a range of parameters where the incompressible Reynolds equation
is valid or specific testing be conducted for the damper in question to
determine the degree of deviation from theory. Further research into the
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effects of cavitation on both viscous dampers and fluid bearings is certain-

ly warranted; equally important is the development of an analysis which can

account for the compressibility effects.
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ABSTRACT

A method of analyzing the first mode stability and unbalance response
of multimass flexible rotors is presented whereby the multimass system is

modeled as an equivalent single mass modal model including the effects of

rotor flexibility, general linearized hydrodynamic journal bearings, squeeze
film bearing supports and rotor aerodynamic cross coupling. Expressions

for optimum bearing and support damping are presented for both stability

and unbalance response. The method is intended to be used as a preliminary

design tool to quickly ascertain the effects of bearing and support changes
on rotor-bearing system performance. Since the method can be quickly
applied, it should realize a time and cost savings in analyzing the class
of rotors considered.

An 8 stage industrial compressor is analyzed for stability and unbalance
response. Linear and nonlinear analysis with squeeze film bearing supports

are presented using nonlinear steady state and time transient techniques to

verify the linear designs. The results indicate that the linear design

method based on the optimum damping expressions presented herein leads to
viable bearing and support designs for rotor-bearing stability and unbalance

response.

NOMENCI.ATURE

Synho I Descript ion

A Rotor amplification factor, dim.

A Minimum rotor amplification factor, dim.

[Al System coefficient matrix, H

I

-- _I,.



[B] System coefficient matrix, FL-1

c Bearing radial clearance, L

.th
c .. Damping coefficient for i direction due to velocity in

jh direction, FTL 1I

c pTilting pad bearing pad ground in clearance, L

Cr Average radial damping coefficient, (c. + c. ) /2, FTL 1

[ci Matrix of damping coefficients , FTL-i

1)Bearing diameter, 1, 4

[1)JR1eal part of [D], dun1.
r

[1)1 Imaginary part of [1)], dim.

tb
Stfnescoc enlotorei direct ion due to

displacement in ci tdirect ion, Ff.-]

k Squeeze fim bearing stiffness for ci rcular centered orbit,o L

k rAve rzge radial bearing stiffness (k .. + k J)1/2, FL- 1

k rsFundanTIenIA1 Shaft nodZal Stiffnless ., F'L~

k I'Undamient a sIiaift modalI st if fnes-s, FT,

K Rat io of total bia ri ng p rinc ipal stiffness to sha ft

stiffnss,11m.

k I StiffneCSS mat;rix, Fl.-

I. R~otor egtbI

BerngIen.4tb, 1,

FT~~ 1,.

lith ' p,) pr h d Jim.
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q Aerodynamic cross coupling coefficient, FL -

Q 2cq/W, dim.

Qm Maximum value of Q, dim.

TRD Dynamic force transmissibility factor, dim.

U Rotor unbalance, FL

WT Total rotor weight, F

W Rotor modal weight, Fm

Bearing journal eccentricity ratio, dim.

Imaginary part of eigenvalue, .d/:' dim.

Fluid viscosity, FTL - ?

Angular location of journal in bearing, dim.

Rotor speed, T - 2

Rotor rigid bearing critical speed, T- 1

d Damped natural frequency, T

Rotor instability onset speed, T

5q -

*s N1c7g dim.

I NTROI)UCT ION

A method of analyzing the first mode stability and unbalance response
of multimass flexible rotors is presented whereby the multimass s\stem is
modeled as an equivalent single mass modal model including the effects of
rotor flexibility, general linearized hydrodynamic ournal bearings, squeeze
film bearing supports and rotor aerodynamic cross coupling. Expressions for
optimum hearing and support damping are presented for both stability and
unbalance response. The method is intended to be used as a preliminary
design tool to quickly ascertain the effects of bearing and support changes
on rotor-bearing system performance. Since the method can be quickly applied,
it should realize a time and cost savings in allal vzill the class of rotors
e~ms i dt'rtd. ,

Aln 8-sta),e inhistrial compressor is anal vzed for stability and unbalance
rt-I)LITI;C,. Iint'ar and noni ixicar analis with squeeze film bearing supports
,)rL' )'s'.4t'l ted tl'ill ' 11o111 ill ar stCad; state and tmle transient techniques to
%t rit v lic inc.ir dt;s The resuIts indicate that the linear design method
bod on thr optiml dampin, express ionS presented herein leads to viable
br,,r i u nd s;Ipport dro ins for rotor-be lr-illC' ;tabil t\ and unbalance response.



A schematic of an 8 stage centrifugal compressor is shown in Fig. 1.

The unit is to be used in an off-shore oil production facility. The rotating
element has a total length of 279.4 cm, a bearing span of 228.6 cm and a

total weight of 9341 N. The operating speed is 7000 RPM. The original design

called for five pad tilting pad bearings with a 30% preload (1) at the main

supports. A preliminary stability analysis (2) using a modified Myklestad-

Prohl method (3) indicated the rotor would be unstable at speeds above 3900

RPM due to aerodynamic interaction of the gas flow with the impeller passages.

The magnitude of the aerodynamic effects was anticipated to be q = 21024 N/cm

at 7000 RPM. A speed squared variation of aerodynamic effects was assumed.

Subsequent stability analyses (2) indicated that modifications to the

main bearings would not stabilize the system. In addition to the stability

problem, the rotor was required to meet an unbalance response specification

that the amplification factor not exceed A = 6 at the first critical speed.

That is, the maximum vibrational amplitude of the rotor could not exceed 6

* times the equivalent rotor mass eccentricity of the rotor unbalance. It was

therefore decided to modify the bearing pedestals by the inclusion of squeeze

film bearings. General squeeze film bearings of the type shown in Fig. 2

were selected which included a circumferential oil feed groove, end leakage

seals and squirrel cage retainer springs. The original tilting pad bearings

were not replaced by rolling element bearings as indicated in Fig. 2. The

objective of the analysis was to determine the retainer spring stiffness and

the length and clearance of the squeeze film bearings to simultaileouslv

satisfy the stability and unbalance response requirements for the rotor.

Since the squeeze film journal does not rotate, the hydrodynamic squeeze

film forces result only from translational motion of the journal :hich

squeezes the lubricant. Thus, under steady state operating conditions with-
out internal forcing functions acting on the rotor, the journal is stationary

with respect to the damper housing and no hydrodynamic forces are produced.

It is this lack of hydrodynamic forces under unforced steady state
operating conditions which produces the need for mechanical retainer springs

in parallel with the lubricant film to support static loads imposed by

gravitation and interaction of the rotor with the working fluid. These
springs must be designed to prevent the damper journal from coming into

contact with the damper housing when hydrodynamic forces are not present.

Furthermore, the retainer springs must be carefully tuned to anticipated
hydrodynamic forces under conditions of both small perturbations and cyclic

orbital journal motion about the steady state journal position to produce

the overall desired flexibility and damping characteristics. The hydro-

dynamic forces resulting from small perturbations about the static equilibrium

position are utilized in stability analyses whereas those resulting from
cyclic orbital motion are generally used in unbalance response analyses.

One of the major problems in analyzing and designing squeeze film bear-

ings is that of nonlinearity of the hydrodynamic forces. Since translation
of the journal is necessary to produce these forces, knowledge of the motion
of the journal is necessary in order to accurately predict the forces which

in turn affect the motion of the journal. If small perturbations about the
static equilibrium position occur, one set of linear hydrodynanic force

coefficients can be calculated (2). Tf cyclic orbiting about the static
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equilibrium position occurs, a second set of linear coefficients, different

from the first, can be calculated.

Fortunately, however, reasonable assumptions can be made about the

journal motion and careful design techniques can be used to reasonably

insure that the assumed journal motion will indeed occur, at least approxi-

mately, under nor-mal operating conditions. This combination allows the

linear design of dampers to be made to determine the feasibility of the
application of squeeze film bearings in a particular situation and to

calculate the necessary bearing parameters. The effects of bearing non-

linearity under normal and abnormal operating conditions can be analyzed

separately to verify the linear design.

LINEAR DESIGN OF SQUEEZE FILM BEARINGS

For the purpose of a preliminary analysis, it is shown in References
(2) and (5) that the general class of rotors described in the preceding
sIction can be modeled as an equivalent single-mass flexible rotor which

adequately represents first mode instabilities. The model consists of
three components representing the original system: (1) a massless elastic

shaft with an attached mass, (2) the bearings and supports, and (3) an
equivalent destabilizing force on the rotor mass. The single-mass model is
shown in Fig. 3. The major assumptions made are:

(i) The rotor is symmetric about the bearing mid-span.
(2) Mass rotary inertia and gyroscopic effects are negligible.
(3) The two bearings are identical and the coefficients are averaged.

The equivalent single mass representation is shown in Fig. 3. The
modal mass and modal rotor stiffness are chosen such that the undamped
natural frequency of the equivalent system is the same as that for the
original system with rigid bearings. Figure 3 shows only the original
bearings. The linearized representation of the squeeze film bearing supports

will be subsequently included.

It can be shown (2) (5) that if the bearings do not possess cross coupled
forces (as in the case of tilting pad bearings) and that asy,,mmetry in the
principal forces is negligible (as in the case of preloaded tilting pad
bearings) relationships exist between the ratio of total bearing support
to shaft stiffness and minimum unbalance amplification factor and maximum
allowable aerodynamic cross coupling.

K 3 [ - + 47\ + 1 J 1  2 ()

L-r (2)

V hes rcl i i as Isume that the optimum bearing-support damping is

e4 eCLTXmtiCallY i]littrats a flexible, damped bearing-support

-. •V
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component. The bearing and support are represented by general linearized

stiffness and damping force coefficients. In many squeeze film bearing

applications, the inner bearing mass, mb, is statically supported in

mechanical springs to align and preload the inner bearing within the squeeze

film annulus. Therefore, the general support radial stiffness is represented

by hydrodynamic stiffness coefficients, k and k , and by the mechanical

retainer spring stiffness coefficients, krsx and krsy

Reference (2)presents a completely general set of dynamical equations

for the bearing-support system shown in Fig. 4. A set of equivalent linear

stiffness and damping coefficients can be obtained from those equations

which represent the original system

(k le ]  [k I [k I] [Dr ]I + ( ) [c I] [D i ]  (3)

[c l= [c - [cc] [D - (/X) [k ] [Di] (4)

where

[ki = xx ixy =0, 1
[kiyx kiyj

L~iy.
Cc. lXX lx i0,l1

C. c.Ly l l yy j

[Dr and [Di are the real and imaginary parts of [A] - [B]

where

[A] = [[k I + [k] + [k ((,)X) mb [1 + i(uX) [c]I + Cc 1]]

[BI = [k I + i(),.) [c ]
1 1

The design of squeeze film bearing supports for rotor-bearing systems

involves the selection of support stiffness and damping coefficients which,
in combination with the shaft bearing coefficients, produce overall bearing

and support coefficients which will stabilize the system with a given amount

of aerodynamic excitation at a given speed and will also result in satis-

factory unbalance response characteristics at the unbalance resonant speed.

To conduct the preliminary design of squeeze film bearings for the com-
pressor of Fig. 1, the modal properties must be calculated. These are

summarized in Table 1.
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TABLE 1 ROTOR PROPERTIES

Total Rotor Weight (W T 9340.8 N

Modal Weight (W ) 4670.4 N

Operating Speed 7,000 RPM

Critical Speed = 2204 RPM

Shaft Stiffness 253821 N/cm

Table 2 lists the stiffness and damping coefficients for the tilting pad

bearings with 30% preload and pad clearance of 0.1092 mm.

TABLE 2 TILTING PAD BEARING CHARACTERISTICS

m = 0.3, c = 0.1092 mm
p

N k k c c

* 1xx lYY 1xx lyy

RPM N/cm N/cm N-s/cm N-s/cm

* xl0 xl0 -

1000 0.1602 5.0370 2070 20428

3000 0.3840 2.9756 1830 6337

5000 0.5749 2.3889 1701 3861

7000 0.7704 2.1109 1687 2986

The anticipated aerodynamic excitation at 7,000 RPM is q = 21024 N/cm.
Since the actual level of excitation is unknown, a design value of q =

30,000 N/cm will be used to allow some margin for error. Using a maximum

amplification factor of A = 6 at resonance, equations (1) and (2) give the

maximum effective bearing-support stiffness values. These are presented in
Table 3 together with the optimum effective bearing-support damping required.

The optimum damping
TABLE 3

MAXIMUM EFFECTIVE BEARING-SUPPORT STIFFNESS AND

OPTIMUM EFFECTIVE DAMPING

Specification K k ic i

(max) N/cm N-s/cm

A 6 at resonance 2.26 286818 1948

q 30000 N/cm 3.23 409921 2476

at 7000 RPM
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is given as (2)

ma (l+K)
Scr 2 (+K)(5)

ire 2 1+ 2K

Equations (3) and (4) can be used to determine the proper squeeze film
bearing coefficients. For initial design consideratio&i,, the bearing and

support coefficients may be considered symmetric. If there is no bearing

or support cross coupling, equations (3) and (4) then reduce to scalar

equations which can be more easily manipulated. It is necessary, however,

to estimate the whirl ratio for stability considerations and unbalance

resonant speed for unbalance response considerations. Since the overall

effective rotor damping ratio with optimum bearing-support damping is small

(2) (5), the first unbalance resonant speed and first damnped natural frequen-
cy whirl speed are very nearly the same. The whirl ratio, \ can therefore

be accurately approximated as (2)

• or [L + 2K
- .1+.K (6)

2(I + K)

This value of will be verified by comparison with the value calculated

when the effective bearing-support coefficients are used to determine the
actual rotor instability threshold. For unbalance response analyses, is
unity, and the unbalance response resonant speed is predicted to be (2)

7)+ (7)d r 2(l + K)(7

For small perturbations of the journal about the static equilibrium

posit ion, the squeeze filim bearing does not generate hydrodynamic forces
that are represented by linear stiffness coefficients. Any restoring

st iffness forces in the squeeze film bearing must be provided by mechanical
retainer springs. Furthermore, the principal damping coefficients are
svmmetric, and cross coupled damping coefficients are zero if the static

journal equilibrium position coincides with the bearing center. These
characteristics are independent of the squeeze film bearing L/D ratio and
may he advantageously used in the design process. By assuming that the
squeeze fMum journal is centrally preloaded statically so that the equilibrium

position is at the bearing center, the maximum radial deflection space in all
directions in the damper is attained to allow for variations in the static
load exerted on the retainer spring under various operating conditions. If
the static equilibrium eccentricity ratio of the damper journal approaches
rinyit , the damping coefficients become very large and effectively lock up

tht ,upport re gardless of the retainer spring rate.

Ft- prcliminarv design purposes, the tilt in pad bearing will be con-
;idered symetric and the average stiffness and damping coefficients used.
h't. ;1n\'flhliet "V" ettec t 5 will be determined after the preliminary design has

b)eel nmde. Te rt,; It inl, support symmet rv will reduce the asymmet ry in the

1 42



overall effective bearing and support coefficients.

Figures 5 and 6 illustrate the variation in effective stiffne-s and
damping coefficients with support damping for a range of retainer spring
rates from 50,000 to 550,000 N/cm. A whirl ratio of X = 0.30 was estimated
using equation (6) with K = 3.23 from Table 3.. The weight of the tilting
pad bearing is 89 N. For support damping less than 1,000 N-s/cm, the
effective stiffness coefficient, k , is nearly independent of the support

le

damping. Similarly, the effective iamping coefficient, c e' is relatively
independent of the support stiffness over the same range ,support damping
values. For values of support dampiug greater than c = 1,000 N-s/cm, the
effective stiffness and damping coefficients increase greatly. As c and/or
k rapproach infinity, the effective coefficients approach the tilting padrs
bearing values.

The effective coefficients can be used to determine the amount of
allowable rotor aerodynamic excitation. Using the values of k to
determine K, the maximum allowable values of aerodynamic excitAton as a
function of support stiffness and damping can be determined. These values
are shown in Fig. 7. The allowable aerodynamic excitation was calculated
from (2)

q = (8)

where qm is given by equation (2) and a is the ratio of the effective bear-
ing-support damping to the optimum value,

2c rK
a 2- re 1 +2Ka =(9)mW c (1+K) 2 (1+K)

As expected, the allowable values of q decrease with increasing retainer
spring stiffness, and for each value of k there is a value of c that
maximizes q. From stability considerations alone, minimization o? retainer
spring stiffness maximizes q and also affords the greatest range of c for
a given value of q. Figure 8 shows the variation in the optimum value of c
with retainer spring stiffness and also the maximum value of allowable q
for those conditions of k and c . The retainer spring stiffness must be
less than 425,000 N/cm for the rotor to withstand 30,000 N/cm aerodynamic
cross coupling.

Figures 9 and 10 show the effective stiffness and damping coefficients
for the compressor for unbalance response. An unbalance response resonant
speed of 2028 RPM was calculated using equation (7) with K = 2.26 from
Table 3. The whirl ratio is X = 1.0. The support stiffness consists of
the retainer stiffness, k , and the hydrodynamic stiffness produced by the
squeeze film because of journal orbiting, k 0 . The same general variation of
effective stiffness and damping occurs. By calculating K for each value of
c and (krs + ko), the amplification factor, A, can be determined (2) from

A'A (10)
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WhL'rC At is~ ,i von by' equat ion (1)

'This is shown ais a fun'ction of support st if fness and damp!ri in ii ig I I
As iin the tai itv case, amp I if ica Lion foactor is imnprovedl I),, redu no I '!I,
support s tif fness *. Figure 12 shows the opt imum support damrp lug as a
I unct ion of support stiffness and the maximum ampli icat ion f act or I or t h10-;e

condit ions,- . 'The t otalI support s t if fness must no t exceed 325 000) N/('m o r an
ampLif icat ion f ac tor o f A 6 .

Fi s Linformat ion Can bW uIsed to determine, the 9eOMe rVx of tOWlez

tinr bearing support f-or the 8-sLage. compressor. Vhe oii t r -our facu ol t he
tiling pad bearing hous ings are to be used as the damper 'ournal su r ial
T'he tiling pad bearings have outer dimensions R = 826 cm, 1,. 5.0 * itS c
File lubr icatinug oil from the tilting pad bearings is to be uised with v is-
cos itv', 1.24 x 10 'N-s/cm . Using a finite length soluion to e;l-

L'(IU;Iton (6),the squeeze finm damping foefficient-ar showri n F .
for both tcau.i tted and uincavitated films. Based upon a ca itated film, the
sqlueeze film damp ing c'OeffPi Cient for a cent raill \ pre loaided ourna I withI
ci rcumferent ial oil supply grLoveL and end seals is

C
o0 .0

Usinug thte values for L., R , and g i von above , the. damp 11in,' C' &sf f i C i(cut aIS a
funct ion of damper clearance, is

-2.131- x to N-s/cm

where c is in cn.

to r unbailance res;ponse anialyses the squeeze ftl Iampi1ne, for citi-cola r
orb itinug about the bearilug cner is iden ticlI to thec stab ii it,:' ese f ic i nt

C t () ().Notilug from Fig. 13 that c ttrena iis relIat iv~eli c'005 tant for
eccntictvratios up to '0.4 , the unbalance re, ilouse s pecitf teat ion will

be met for an assumed eccentric itv of 0 (.4. s into the s-t if fness co-

ef ficient, k , for a circular centered unbalance response orbit increases,,
great lv with increasing orbital amplitude, meeting tlhe unadlance response

sp-c if ieat ion at 0.4 will insure that the hydrody'nami c stiffness k
o0

will not be too large over the eccentricity rangle for which the damping is
constant , 0 "' - 0.4. It is shown in Reference (8) that tle nond meilsionz 1
b','drodx'niani ic stiffness for unbalance. response is The saneik as the 0(14 nt'mn-
s ional cross coupled damping coeffic ient for stobi)lity. tnefr .

Fig. [3 gives

k
0.4

Ustgthe previouis values of L, R, and i nd taking 1i-/s(h
mO. ii ;ia (' e re 5 pon ~se resonant spieed) , thle hvd rodv\nan Ic s(tII('t'zt' 1l st11 11 1es
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for unbalance response is

k =0.30 /n
N/c

whore c is in cm. Figure 14 illustrates the variation in the squeeze film
dam,,ping coefficient, c05 and the stiffness coefficient for circular orbit-

in,,, at =0.4 with sqIueezc film bearing clearance.

The necessary information is now available to determine thie as vet un-
known damper clearance. From Fig. 11, the maximum value of total support
st if flies, which will give an amiplif icat ion factor of A < 6, is determined

and is plotted in Fig. 15. Similarly, the maximum value of retainer spring
stiffnes s that will \'ield an allowable aerodynamic excitation of (I - 30,000
N/cm is found from Fig. 7 and is also plotted in Fig. 15. These curves are
labeled (k -I k rs) max and k rsmax respectively. From Fig. 1.4, the unbalance

responsek? s~ if fno's k is found as a funct ion damping and is also shown in
Fi.15 by: the curve Tabe~ed k . The difference between k and k 0+ k r

represents the maximum allowaby, reta iner spring stiffnessofrom unbalance
rs;pon1se cons ide rati[ons;. Thle intersection of- this curve with the stab ili tv

r k~8 curve giv(eS Va Iui o re~tainer spring stitffness and squeeze film damping
cO' lntS swhichI viIjl saltist b o th the stab iliity and unbalance response

Se4 aios*IIn this cs k should not exceed 97500 N/cm and c.tlls should
b" I 8) N-s/c. Th dampiilog coef~ic ient is used to determine the damper

ci o oo c, h ci iI c Is c 1. 1200 m1)1

1igoelbShw theL s;tahil ity of the 8saecompressor with k s 97500
N /cm nd = 18 Ns /cm- using th culavm ctIi t ing pad flear ing

data. 'The whirl ratiTo, , was determined iterat ively and is "=0.27 at
the operat ing, speed N =700(0 RPM. At the operat ing speed parameter, -
9.45, the rotor can withstanid () 0.31 -5 or q =66815 N/cm aerodv'nami c
exc itat ion. D1ne tO t 11Le res ;t r i( t ion1 of retainer st i fifness f romi unlbalanc e
response conIsie rat ions,, k F i s sn e lent 1 low to al1low mo re than twice
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add i tiOn 01st e f ilm~ heaing ha inc reased the all owable ae rodx'nlan1C
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dog' coy it tted bteI rin I I f thTe staitic rotor load is,- such that s tat ic equ i-
I ibr innr pI JLit To) Is[ eccentric, thec sqUeeLze' film1 damin ('f i ents are n
loge ;%Tvmrn'r i' aniid cross, coupled damping exists ill the caIVi tilted case.
I ISnrc1 shlov, Lithe a I lovalble aerod%'nomiic exc it ationi for the S-stage con-

pru's ;o r at 71111(0 RP or nIon-cenit ro 1 1 prl-oaded danI1puIl's. 'TIlW 01' 0.11 ta 1t ion1
of1 tc lope W irui e-jM 1111CCentILr ic i t' %vect, Lo r was, Cho1'n tOb ITS dog' ( t wit Lh
It iI).p t t th T r i zouit a I X-, IX is.1 It'I 4 0I'en ie('e . bic ' TM0 IShw aI de .11crea( se
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eccentricity. If r 0.65, the rotor will be unstable with q _ 30,000 N/cm.

NONLINEAR UNBALANCE RESPONSE ANALYSIS

The design of squeeze film bearing supports was based upon both stability

and unbalance response considerations. The near constancy of the squeeze
film bearing damping coefficient for circular centered unbalance response
orbits over the range 0 < < 0.4 was used as a design criterion to select
retainer spring stiffness coefficients. Since the equivalent squeeze film
hydrodynamic stiffness coefficient is extremely nonlinear with respect to
the amplitude of the forced response orbit, it is not certain from the
anavsis that the lnbalance response vibration amplitude will necessarily

meet the unbalance response specification.

Furthermore, the assumption of circular centered orbiting of the squeeze
fim bearing journal was based on the supposition that the static forces on
the rotor were known and could be counteracted by preload forces on the

journal. Static forces, in fact, are a function not only of the rotor weight,
but also of interaction of the rotor with the working fluid and are not

-cnerallv well known even under normal operating flow conditions. The static
orCeS, therefore, may vary greatly over the machine operating, speed range.

It i,; desirable to verify the ]inear squeeze film bearing design for
nonl i lear fored response With circular centered orbiting lnd for stability
i otid f 0 r C resone about a1 noncent ered journal equilibr ium position. The

f i rst case can be treated using steady-state response techniques whereas
thcsecond requires time transient simulation. Both steady-state response

aind t ime transient simulation have been used to analyze squeeze film
supported rotors, but tile response of anti-svmmetric modes to unbalance and
the effect of loss of journal. preload have generally been neglected.

One of the major assumptions made to reduce the general multimass two-

bearing rotor to a single-mnas svstem was that the ant-i-s-mmetric rotor modes
are generally well damped and may be neglected from the equations of motion.
With this assumption, the motion at each end of the rotor is the same be-

cause of the synmmetry of the rotor model. From stability considerations,
this assumption i.s justifled because instability of the system is almost
always associated with the first damped natural frequency of the system (3).

It is not clear, however, that the anti-syirmetric modes will be well damped
for forced vibrations although intuitively one might suspect that they would

be based upon the arguments concerning forced first mode response. Even
thougllh the stability of higher modes may not be in question, it is con-
ceLvable that Lhey may be excited by external forcing functions. It is
important to verify the bearing-support designs for a particular rotor to
insure that large forced vibrations do not occur within the operating speed

range.

Tabte 4 shows the unbalance distr ibu tion used to analvze the nonlinear
response 1or the first two modes of vibration for the 8-stage compressor.

I r~N



TABLE 4 ROTOR UNBALANCE DISTRIBUTION

DISTRIBUTION ROTOR MASS LOCATION

Quarter Span Half Span Three Quarter Span

First Mode 0 2162 gm-cm @ 00 0

Second Mode 1081 gm-in.@ 0' 0 1081 gm-cm n 1800

The rotor and damper journal amplitudes for the horizontal direction are

shown in Figs. 19 and 20. Both the first and second mode horizontal ampli-

tudes are low throughout the rotor speed range. The first mode horizontal
amplification factor is less than A = 1.3 throughout the speed range, which

is well below the design target of A = 6. The squeeze film journal eccen-

tricity ratio is relatively constant at c = 0.2 for the first mode and does

not exceed t = 0.25 for the second mode. Figures 21 and 22 illustrate the

vertical response. The maximum vertical first mode amplification factor is

A = 2.5 at 2000 RPM, and the second vertical mode is well damped with a
maxinium amplitude of 5.2 x 10 - cm. The vertical damper amplitude for the
first mode is 0.32 for both the first and second vertical modes.

The forces transmitted through the squeeze film bearing are shown in
Figs. 23 and 24. The maximum horizontal force and vertical force are 2800

and 4100 N at 6000 RPM with the second mode unbalance distribution. For
both horizontal and vertical modes, the dynamic force transmissibility is

less than unity at the operating speed indicating good force attenuation.

The forces produced would be considerably less for normal unbalance magni-

tudes. It is concluded that the squeeze film bearing design is acceptable

from unbalance response considerat ions for centrally preloaded circular

orbiting.

Since both the stabil it> and unbalance response specifications are met
with a wide margin, it appears to be possible to increase both the retainer
spring stiffness and squeeze film bearing clearance to aid in preloading
the rotor and to prevnt eccentric damper journal operation under large
stat i" clIoads.

tt odNI, [NEAR TRANS I ENT XNALYSIS

Figure 25 shows the transiient response of the squeeze film bearing
journal and rotor center for the fully preloaded squeeze film bearing

( 0.0). The unbalance is zero and an aerodynamic excitation of
s 1,05071 N/cm is assumed to act at the rotor center. The motion of the

tilt ing, pad journals is almost identicil to that of the squeeze film journal
s inc e tile averagce tilting pad beari ng radial stiffness is about 10 times the
sipleWeze I Lm bearing retainer spring st if fness. After an initial perturb-

at ion of the system, Fig. 25 shows that the mot ion is still confined to the
vicinity of the static eq(ln Iilibrium posit ion and the system is stable.

o. .6
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Figure 26 shows the motion for the same conditions except that the
aerodynamic excitation has been increased to q = 113827 N/cm. The system
is observed to be unstable with fractional frequency whirl motion as shown
by the small dots on the orbital trajectory which indicate the position
after each shaft rotation. The amount of aerodynamic excitation required
to produce instability is between 105071 and 113827 N/cm. This is larger
than the value of 66000 N/cm which was obtained from linear theory. The
increases in allowable aerodynamic excitation is due to the added mass at
the ends of the rotor and to the relatively low retainer spring stiffness.

Figures 27 and 28 show the steady state response for a static equilibrium
position of the squeeze journal of c = 0.0600 mm). This static equilibrium

position was produced by placing an unidirectional load of 476 N on the
damper journal. The equilibrium attitude angle is f = 315 deg. Figure 27
shows the steady state motion with a rotor unbalance of 216 gm-cm. The
journal undergoes very small orbiting about the static equilibrium position.
The rotor center orbits with a peak-to-peak amplitude of about 0.0085 mm.
In Fig. 28 the unbalance has been increased to 2162 gm-cm. Both the journal
and rotor center amplitudes have increased (nonlinearly) and the center of
the orbits have shifted toward the bearing center by about 0.02 mm. This
is a nonlinear effect of the squeeze film bearing and shows that although
the forces arL velocity dependent, thare is net lifting force acting on the
journal to counteract the static loading.

Figure 29 shows the resulting unstable motion with an aerodynamic
excitation of q = 96315 N/cm acting on the rotor. The static equilibrium
position is c - 0.5, = 315 deg, and the unbalance is zero. This figure
shows the reduction in allowable aerodynamic excitation with increasing
static load (96000 N/cm compared with 110000 N/cm for c = 0.0). The
percentage reduction indicated by the transient analysis is less than that
predicted using linear theory due to the additional mass in the transient
representat ion.

Figure 30 shows the transient motion with q = 26250 N/cm acting on the
rotor and c: = 1.0. This is about 2.5 times that predicted with rigidly
mounted tiling pad bearings. The system is observed to be stable with an
unbalance of 2162 gm-cm. With an aerodynamic excitation of q = 61250 N/cm,
the rotor has become unstable as shown in Fig. 31. Although the allowable
aerodynamic excitation is larger than that predicted with rigid supports,
this also indicates the reduction in allowable excitation with increasing
static load.

CONCLUS IONS

(1) The hydrodynamic squeeze film bearing provides a suitable option for
stabilizing rotor-bearing systems provided the shaft flexibility is not too
high.

(2) The des Ign of nonlinear squeeze film bearing supports based on the
assumption of a centrally preloaded squeeze film journal provides reasonable
des ign v ut s for squeeze film bearing ieometrv and journal retainer spring

rates.
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C;ALCULATION OF THE

FORCES IN A

(105 ED-END SQUEEZIE

FILM1 DAMP'R

by

Dr. B.J. Stephens

Senior Analytical Engineer
Pratt & Whitney Aircraft
Covernment Products Division

P. 0. Box 2691

West Palm Beach, Fla. 33402

ABS TRACT

This paper presents a method for determining the forces generated in a
c losed-end squeeze film damper as a function of t~e location and velocity of
the journal and damper geemtrv . This method, which follows the "long hear-
ing" simplification of the incompressible Rey\nolds equation with steadY fluid

properties, uses a numrical integration scheme to Calculate the reIsulantI

forces once2 the discrete pre sstlre distribution has been eb~tained from analytic
expressions. 17loW Of 'lUid accoss the houndaries of the damper is accounted
for in the formulation of the pressure distribution h%, con-;idering ports as
aIxiall slots which extend over the entire length of the damper. The calcula-
tions required are, straight forward and once implemented, the method can
provide considerable time savings ever miethods that numerical lY ota in the
pressure distribution. A two pert damper along with associated non-dimension-
al damping and stiffness plots are presente'd as, an example and indication
of the usefulness of the procedure.
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NOMLENCLATUIUJZ

C port flow coefficient (in. 3/sec-psi)
c nominal radial clearance (in.)

Fx , Fy damper forces in the x and y directions (lb)

C constant of integration

th film height (in.)
1, ,I, 1K functions of 5 as defined in equations (21) (22) (23)

L damper length (in.)
p pressure (psi)

PO static pressure maintained in a port (psi)

Q flow coefficient associated with damper annulus (in. 3 /sec-psi)

R radius (in.)

U0 , Vo  journal surface velccity components (in./sec)

x, y journal location components (in.)

x, y' journal velocity components (in./sec)

Greek letters

viscosity (lb-sec/in.2

independent angular coordinatL

Subscripts

* i subscript indicating the variable associated with the it h

interval or the ith port

x

i -
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Numerical solutions of the incompressible Reynolds equations for the
prediction of the forces generated in a squeeze film damper are highly time
consuming. Even in the case where the damper may be considered one-dimension-

al this time requirement becomes prohibitive when considering time transient
or non-linear solutions of rotor dynamic problems. The solution method pre-
sented here minimizes this time requirement by first analytically solvinga

simplified form of the Reynolds equation for the pressure distribution and
then numerically integrating for the resultant forces.

The "long bearing" form of the incompressible Reynolds equation with
constant fluid properties for a squeeze film damper is:

11 P)~ 6yi. (Uo,) - 2V)I (1)R aO R uo3 _5 Rv 8

where P = P(0) is the pressure in the fluid, R is the radius of the journal,

Uo( 0) is the tangential velocity of the journal surface, Vo(0) is the radial
velocity of the journal surfaces, )L is the viscosity of the fluid, 0 is the
independent angular coordinate, and h is the height of the film given by:

h = c - x cos(o) - v sin(o) (2)

tHere c is the nominal radial clearance and x and v are the cartesian com-
ponents of the location of the journal in the non-rotating coordinate systems
as in figure 1. Since the journal may only experience translational motion,
the velocities U. and V, may be related to the velocity of the center of the
journal by:

J0o = sin( + " cos(q) (3)

Vo = x cos( l + " sin(o) (4)

where x and v are the cartesian components of the velocity of the journal.
After the suhstitution of equation (2), (3), and (4) into equation (1), and
the integration with respect to 0 the variation of pressure with angular

location may he eXpressed as:

0 (,Lr (vg cos(O) - x sin(Z))

a g - (c - x cos(o) - y sin(o)) 2  +(5)

12pAR 2 (. cos(G) - " sin(O)) + G

(c - x cos(0) - Y sin(@ ))3

where G is a constant of integration. Noting that the first term of equation

(5) is smaller than the second by a factor of c/R, which for typical dampers
is less than 0.O1, equation (5) may be reduced to:

Pf 12/L R2 O" cos(P) - x sin(O)) + ,2

0- (c - x cos(0 ) - v sill (0) ()

in the case of a damper witli multipIc, fluid ports that act 1udimlinished
along the entire axial Oeft 0! the daI'lper, to \,,riltit'l of t Jr presstrL'

I
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distribution between each pair of ports is unique. This requires that equa-

tion (6) be written as:

/ (__ 12.LR2  (y cos(b)- > sin( )) + 7i()

(c - x cos(P) - y sin(.))3  (7)

where i denotes the subinterval of interest. With the pressure variation so
defined, the pressure distribution within each respective subinterval may be
defined as:

P(O) = Pi +  2- i i 0

i i( a0 i+l

where Pi is the pressure in tile film at the beginning of the ith subinterval.

By examining equations (7) and (8), it may be seen that if there are
n subintervals then there are 2n unknown that must be evaluated. These un-
knowns may be evaluated by considering the continuity of flow at the n fluid
ports and the continuity of pressure at the beginning of each subinterval.
The continuity of flow may be expressed as:

-)5 - -C (P(O i) - Poi
)  (9)Qi i Oi p)i-I1 12i

th

where Poi is the static pressure maintained in the i port, C i is the flow
coefficient associated with the ith port, and:

L
L2pR (c - x cos(Oi) - y sin(oi)) 3  

(10)

where L is the length of the damper. The continuity in the pressure requires
that: O i+l

Pi P + L (a)i do (11)

However, successive substitution of equations (11) into equations(9) leads to
flow conditions of the form:

Q1 - D =e (1 - Pol )  (12)

( 5 1_.!
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Qi i 0i - i-I i =
(13)

i = 2,3,4...n C 1 + 1

while the combination of equations (11) leads to the continuity condition:

0" +1

Y rD P do =0 (14)

J L ~J

where: =(15)

[t may be seen that (n-I) unknown pressures have been eliminated and only
(n+l) unknown remain to be evaluated fron the simultaneous equations.

Once the unknowns are evaluated, the pressure in the ith  subinterval
may be calculated from:

P( ) P(0i) + G.i  I . - 12pR 2  (x J - y K

i-0 (16)

where: P( i) = P (17)1

d~ (18)

(c - x cos(O) - y sin(o)) 3

sin(o) do (19)

(c - x cos(o) - y sin(o)) 3

and:

I I70
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K- f cos(C) d (20)

(c - x cos(k) - y sin(0))
3

The indefinite form of these integrals (I, J, and K) are given by Gradshteyn

and Ryzhik (1) as:

x sin(O) - y cos(C)

2(c 2 
- - y2 )(c - x cos(O) - y sin(0)) 2

(21)

+ 3cx sin(j) - 3cy cos(5)

2(c 2 
- x 2

- y 2 ) 2 (c - x cos(4) - y sin(0))

+ 2c 2 + x 2  2 tan- 1  ( (c + x) tan 2 )- y
(c 2  x2 _ y2)2.5 c2 - x 2  y y2

, j(¢)= x - c cos(C)

2(c2  x - y2 )(c - x cos(O) - y sin( ))2

+ 2xy sin(6) - (c 2 + 2y 2 ) cos( ) + cx (22)

2(c - x 2 y2) 2(c - x cos(O) - y sin(o))

+ 3cy tan (c + x) tan(2) 2

(c2 ~ 2 _ 2)2.5L c2 _ 2 y2

c sin(b) - y

2(c 2- x - y2)(c - x cos(() - y in()) 2

9 2 (23)

+ (2x2 + c ) sin( ) - 2xy cos( ) - cy

2(c - y2)2(c - x cos(p) - sin(C))

+ 3cx (c + x) tan(2)-tny

(2 2~ 2 2.5 ~ 2~(C 2  x 2 _ y2. c 2 _ x 2 _ y 2 _

With the I, J, and K integrals so defined, the pressure distribution about

the damper may be readily calculated from equation (16) by starting at 0
and then proceeding in the positive €direction.

After the calculation of the discrete pressure distribution about the

damper the resultant forces may be obtained with one numerical integration.
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Kirk and Gunter (2) suggest Ueddle's Rule as an accurate and efficient for-
mula for numerical integration in bearing applications, i.e.;

06

F(O)do = 0.3AO (f 0 
+ 5fI+ f2 + 6f3 + f4 + 5f5 + f6 )

where f, j=0,,2,3,4,5,6, are seven equally spaced discrete values Of P( )on the J Interval 00 to 6 inclusive and:

6

As an example of the method consider the two port damper illustrated in
figure 2. The analytic expressions for the determination of the pressure
distribution may be written as:

P(¢) = P1 + G1 1j}- 12tR 2 ( j y K /i) (26)

0 2

and

P(qS) P( (Z + C2 I - 2iR 2  0 2 K 272 2 2 2 (27)

2 0 -01

where the integration with respect to 0must always proceed in the positive
direction. The flow conditions at the two ports may be expressed as:

and
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(29)

Q2 ( p)f P 02 =C2(P1 - P2 (29)p

The continuity of the pressure distribution requires that:

dO + )2d ~ =0 (30)

1 2

where again the integration with respect to 0 must always proceed in the
positive direction.

Once the pressure field and forces have been generated, damping and
stiffness characteristics may be determined. The damping and stiffness
characteristics of the two port damper of figure 2 have been determined and
are presented in non-dimensional form in figures 3 and 4. In this example,
the flow coefficients C1 and C2 were set to L very small number so the ports
would not affect the characteristics of the damper. In general, however, the
method may be used to generate similar curves for dampers which e-:hibit port
flow effects.
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UN1BALANCE BEIAILOUR OF SQUEEZE FILMl
SUPPORTED RIGID ROTORS

E.J. HAHN

Senior Lecturer, University of New South kales-,
Kensington, New South Uales, Austral ia.

ABST1 KC 1

Appropri ate lv designeud squeeze FI ill dampe r'C- ket Wt i js Cel I Cflt

Vibration isolators, for unha lanlced r-igid rohs.Iis )ille r preseut s t he
equi Iibrimfun load capaci(tv anid Cratismissihlbi It v dat r a 'idC ranMge 01
operating conidit i ns for both unloaded yert i cil anid cent ril lv pie loaded

rigid rote rs meun ted ini either one or two squeeze t il i in supported roIlllg
ele'ment bearings. Their applicabiility to enisure el lect ivt> vibration
isolat ion consonant with acceptable rotor vibr-at ions is dis;cusse-d. It :s
shown that w ithI unlp re ss uri zed bearings , his tab 1e operat ion can anid munst be
avoided; sigificant vibration isolation is possible but limi ted by the
degree of tunbalanice ; anid there is no need for externaL ISupport f -or un loaded
Vert ira I rotors. Vih titflly pressurized bearinigs, such support is essential.
Hoeweve r, b istab he operat ioni is eliminated and vibrat ioni isoltionl is possible
f or anly degree of unba lanlce, though ci feet iveniess decreases with inc reasinig
unbalanice.
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NOMENCLAT RE

a = I/U

b = 2g RLI/ (mC3 rU)

B = load number = 2!RL 3/ (mC3jC

C = radial clearance

d = rotor shaft span between bearing supports

d o  = axial distance between bearing station I and the rotor mass center

d I  = 0 for conical motions, = for cylindrical motions

D = journal diameter

e = journal orbit eccentricity

frf t = fluid film forces on journal in r and t directions

grgt = defined in equations (4) and (5)

Ix, Iz rotor moments of inertia about the transverse and long itktdi nal axes
through the bearing center Ob, at bearing station 1

k = equivalent retainer spring stiffness = [d1/(d +d'+l-!K

K = retainer spring stiffness at flexible supports

L = bearing length

m = equivalent rotor mass = 'ix-2lz]/d for conical motions, =. for
cylindrical motions

M = rotor mass

Q = defined in equation (9)

r, t = unit vectors alio1ng and transverse to the line of centres 0 O in
Fig. 1

R = Journal radius

= unbalance t ransmiss ibilitv

U = unbalance parameter = fd 1 +d)/Vlc(d,+do)]-

= phase angle Letween unbalance force and rotor displacement

= nondimensional speed

= journal orbit eccentricity ratio = e/C

absolute viscosity of lubricant at the mean lubricant temperature

Sunbillance eccentric itV

= rotor speed

k= \k-
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where, r Uni) ~._ucized( or pressurized beariri ;s r-s p ct ivc 1\

gr 7 or 0 (4)

2 I_ 2 3/2o_-<3* 5

Upon eliminating from eqns. (1) anid (2) one finally obtains:

(gtB/u" + rgi-B/U - 2. (6)

Thie corresponding value_ for tile unbalaonce t ransmissibil ity T1 is then givLyn

T / + 
2 + giB - 2, j2~ II (7)

PRIESENTATION OF DATA

S ince g L and gr are functions of on iN', it iS poss ible LoA
roCpruent tile I end copoclI v data in to ims of two independen t parameters. A
stmp10 cho ice appears to he thle p drone t or comb inat ion of 13 /F Uond
alIthough B1/ I -i /I and would sen to he equal lv satisfactorv. one
should note that Wi1th 13ei thu r parnile to r comb inat ion, bo th parane toeis arc specd

dependent .

For east of interprett '1 01o t he f inal data , it i s inpottant that thle
operat if3, I inic be eisily' determiined, this jLoter considerot ion suggestsL
t fat for dat a pet-oval, tile i ndepofedent pa I-Olmtc rs (1 .e'. B/t U and o r

I-/ and *.) should he the ordinILto and abscissca variables, i-other

t han~ Thus, thle Load copac itv do :a g1 ' ef in Fig. 4 in (7) Ostensib131 for
fioaded ye rtk' al rotors on iv', max' in fact he gefri-ails L10( O 0213f1CMIM5

cont ral x'1 pro loaded rotors, if , in t he fnotat 300l of (7) ,o!is replaced bhx
I' I-1 and i' is i-pIa[ o /.lLlewvor_, tile determinationl of

a.,- thle rotor vaieso inl sprodl j- 0 ludil\ omlicjated h\' tlfe neued to continuallyI
swi it cl f i-om 010 I/ I iti'i t LI IIW13' T _.i

I I (ft r1 it LDa1 1ta
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determination of tie sign, let alone tie magnitude of Q is difficult to

present.

For unloaded vertical rotors, or for high values of 4 (say S > 5),

Figs. 2 and 3 (and eqn. (6)) show that the differences in F between its
value for unloaded vertical rotors (0 =..) and its value for centrally
preloaded rotors at increasing speeds (i.e. speeds such that S > 5 say)
become increasingly insignificant. Hence, eqn. (7) simplifies to:

T ' N/ I + 2>grB - . 2 /U for 6 > 5 (10)

in such cases T is a function of only two independent parameters, say U
and . Fig. 5 illustrates this dependence for U < 1.4. it corresponds to
the transmissibility data for unpressurized unloaded vertical rotors given in
(7), and may be used provided 6 > 5.

DISCUSSION OF DATA

Design Considerations - General

The major reason for supporting rolling element bearing mounted rotors
on flexible damped supports is to achieve vibration isolation, so that as
low a T as possible, and in any case, T < I is attained at design speed.
Such vibration isolation can significantly extend rolling element bearing
life, as well as result in noise attenuation. The transmissibility at
resonance is generally of little concern since the actual load on the bearings
is usually higher at the design speed. Such vibration isolation can only be
achieved at the expense of increasing the vibrations of tile rotor itself, so
an added consideration is to maintain rotor vibration amplitudes as low as
dictated by other design constraints. (e.g. blade tip clearances in
compressors) . The added benefit of flexible damped supports in cushioning
against shock load inoy (such as resul t ing from a sudden increase in unbalance
due to a blade loss in a turbine) may also be partly inferred from the design
data in this paptcr.

Bistable Operation

Re ferring to the' lIld cpacity data for onjprL'ssur ized bearings in Fig.
2, there exists a rgio, tLermed tlhe bistLble re g ion. For example, suppose

operation is at A. lossible equilibrium solutLions for are 0.60, 0.91
and 0.955. As shown in previous invst igations (6, 7, 10), in the case of
tlree equilibrium orbits, the intermediate orbit is always unstable (in the
linear sense), while the otbers are stable. High values of are always
undesirable in their own right, indicat ing high vibration ampli itudes. Al so
they are associated with undles irably high valutes Of T, ais ma1oy be seen ill

Fig. 5. Hence operating conditions should be such as to avoid the bistable
region altogether.

Whetlie r a change from one stable orbit to anotlier occurs (i.e. whether
impt occ'urs) deLpcnds o(n Conditions at. cntrv no or exit frol! the hi ishtable

regiln. thus, t trv into the histable r'p, ion from albove posCs tile
p,,s .iii Ilitv of a1 1ump up to tl ii hL h r stable orb it, W,,hi Ic cntrV below would
itcs tetI a timp down (a r; LtIier oll i l, I v vent ) . lde r certL a in ope rat ing
cn d it i4, On c O t I cdill entcr thI li li! table re)1C en I rm b1 ) I oWt, t li cxi t and

1:2
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reija i res some otte rim I rad ia ISutp port st i f fness- (5-7) so thIIat o therm i se
an I oad ed ve Vt i ta Irotors must h c' p rev idc-d w it I I re ta i nor sp r ings

As may be seetn f rum Fig. 4 or eqn .(9) , for pres-sur ized hearing ,s
whe re gr h * JIe tC neesry' and SU fIF icien11t Coldi t ion tor Q:, > 0) is ha

> T I en[ICe , W ith11 prssuLIri1Ze-d be'arinlgs , VAu o I 0f 1 a rt- a %lIav s

pos s ihb I L once > regardcless of the magn itude o1 ft. lloWc-ver , theL

mintmun I atL tainable2 is I'-( /jSO t hat only minimal v i br-at ionl
isolationi (say T > 01.94) is poss ihie oflct IT > 4. A mo re detailed

description of t ransmiss ihiIi tY frequenIcV r'sponIse is giVenI inl (6) .

Bo th pressurized and unp res sari zed hearings exhihbit si ni Iar Orhbit

'ccentricity behiaviour and( Simi lar comments aire appl icahie inl choosing tiit
opeCrat ing [ lne to [Iin1 filliSe2 theW MaXiMumI vibratLi on amp~j I i tiideS as I-or
unlpre-ssurized hearings.

The apparent aidvan t ages ff lu Ily pros suri zed hearings need to 0 h

Weighed against the aidd it iona 1 cost of the p ross urizeod oil1 supp lv. The'
milinmuml , P up l etSSairU and ol Iflow raites requiredl to achieve full
pressurization- airc given inl (2), taking dueI note Of the silight d if ferenice
inl the diefinition of 1) .

(ZiNCLI'S IoNS

(aI) I da i 1, lihbr i Lim l oad eapa it~ L and t ransm;n iss i h i I it LV da t at a e p-' 'd i 1ii
al comlpact I c InI ove r a widce ran ge of ope ratLing cond i t i ons anId ulnhai aclek 81nd

tutl Opa1SS O bot anl Iladed VerIt i cal anlld cen1t ral I Iv N- c l~'IoadedL s~quee'LZe I i I
5 apporit ccirtr

( i) lif e kil1 i ce of1 indepenldent s YsteL m patraiMe tls I'nCab I L'S heI opt' r-atL lug
I i 11c t 0- e as i I \. locat ed Ont t lhe epi1 I i hI- i iiml ld capac ity c1Mart

(c I fil data mayil i~' used to1 ensure_ avoidanIce Of his tahlC c- operaltion and)

oht a in effect ive v ih raltion is oi at iol ii at esign speed whl ie ma intaininug

illdiiccd rotori vi brationl amrp i tutles at all aiccep tale l IevelI

(ci ) iint ti sh peed exceedCs I t vt t Hit'S. tuet tindaml-pei Sy'stLem na t lra I
f re~qncncv k -. Oncee t [iier is, n11 i Ig ihL rCIL e' WI if fernc bewen 'h

da ta for Lin Iloadt'd vt'rt Cla I andl cenC 1tra 1lv ptc r oacecl ro1t o rs.

k I Wit hill ip ressur' L~_i7C l I- aings,', h1i S tab It ' opeC rat[ i on is poss ib It' L and imust

he cAVO Ici sign , if ijC'j)n1t V'ibra I-ILonI is-o I ait ionl i s ploss ib1 klelu t o a im it ed
die g I* ' C01 lan ha I a nce (ulp t o 0 ). 43) ; and no advan t ages can be seen in
prey id i li~, cxt or'Vi I supp)Iort s1 i Iies to( otlierlI~'sc liiiloacc \'ert leCa I ro tor-s

f) 'i titi fI Ilv prj)_.-;SsI ziZ ~ bearinlgs, some suport SLi I es isesetil
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A BSTRAo\CT

ihe rO1blc!: Of idenlt ilfV in:C unknowni hearing parameters in a linear rotor-

letariii fl' svStTI enModel] is di. selisd. The measurements of displacements caused
IhY i tri i a il In ha iinc 4 app1lied to thle rotor are used along~ with the linear

alshr~i& ~;la ~ns\whichl descr ibe the rotor steady - state sinusoidal motion
to) provyl iC ofasetsi. n values of model parameters such that the fit

Vt w~nt ~ ' l'(L rid an computed rotor responses is optimized. Several

SP~. ttA pt 't onace discussed, and t wo example problems are

N OMENU 'FAT R T

A r .- t o i' are's of- the shaft

1,1 1 t ;wdt t~i ii dmpilug constaint

CU I k-I t Va.;r ill, 'damping Constant

C U u'le st a damrp ing constanit

C4' Ri,,It hear ing damp ing constant

ci atrxOf Viscous damrlping', constants (2N + 2, 2N + 2)

F YolnC smodulus Of the sha ft material

f ()Vector of aipplied forces and moments (2N + 2)

F~s Vector of Laplace transformed appl ied forces and moments (2\ ± 2)

C ",hear modulus of tihe siaft material

GH(s) I Maitrix Of transfer funct ions

i1ranisver se area moment of inertia of tile sha ft

I' Polar mass moment of iniert ia of- ani intermedijate s;haft mass
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Fig. I Sclierlt ic diziagram of a rotor-bearing, model with f ive sha ft masses

for t he nximeriia ia lt.s p iven hiere. If the bear ing forces are nssumed to be
isotropic, the sste response cani be (Ilscr ibed by cousliler inc, one direction

*ot melt ionl on11v. Also, we choose to ne~l ct thev rotary enemy-, Of thet bearing

mai~sses and the off ectsa of axia I and tor sional loads.

MEAS I' KEYENTS

As ai basis for palrameter estima Lion the same exper iment has boon chosenl
thait is u 80(1 in the i nf luence oeof f icit.ot met hod of hal an c i np. The rotor is
first; operated in its unmod ifijed state i~nd meaisurements aire taken of di a-

placemolnt and bend jup ( irUct ion aIt staltions aloucP theL rotor aisi t undercoes
sync hro-non s wh Iirl canse 1i b) ' jut r ins; i c iuba lance inert i forces . thien a anal I
tr ial mass is p1 Acid ait a spec i 2 ed stat ion onl the rotor, and thle measurements
arc repatd If tho.i trial mass, is very smaill comparedl to thetlumped rotor

mas,1 the pr inc ip le of suiperposit ion the increment o f met ion dluo to t le

tr tal maIZss shIould be independent of t he intrinsic shiaft unbal ince distribution.
The aidd it onal met ion cauised bv the tr ial mass canl be foun 1 1y vectorial Iv
anubtractilug Hte or i, i nat measurements from thlie maide xwith 110i t r i a I m7a SS
aIpp iC'id to thli rotor. The requ t~rod in format tonl is deop icte0( onl die sketch shown
inl Fig. 2.

Since' t l1 ielnlac IMc I 11 . itait ion caused I1w the( trial maiss is sinusoidal with
amp I itud nIlmr ., thle equ.a t ions of met ion can be solvedl for thle svst em at ea dv-

staite ainuseoida I response. St artii wt thle differenIt iza 1 quat ions and
apply Lutz tie lap lac transform, the resiil la. becomeL:

11ili]s5 + K']s 4 kl i (sl '-sI

Ill( ipedIIIxee malt rix is (Itt i d a- I s) T-. i +[ Is + k l d , an tie
llat r i\ of t ai i I' inlc t ionsa is dcL ixe'd 1 t IL' inIverse k' 01 t Ie impedanceL' ma1 C l It r ix

s1 r t I d or at ead t L'tt I i] so ida- I rkt-5pOI)s, a= -
cijp a t Ii simpl t la t 1Wt t I- 1 a I PI I i pS aIced t t !W sit Int ab t Ma S

r 1! t lit. I -I~ t ill al m-I(oel , wit Ii f iVeC '-I It ma11 s , al ni( thalt I be raOt Or r'spox Si'

t tlit, ma s ii 1)I i (I ' lt L'rm11 i netd -x 1) pri(W io 0 11 i I ( 'C r i b d . L Ic I lOW i ng

i't0 1lxt c i ebaI c(1ia t ia ai pp1)1 1 i t t 1 lie at Id eSl - t at I ' eSponse:I
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In t-b iS VXaMPlL the third column of the matrix Of t rasfer fune tions
enters into the equat ions- because the trial mas.,s was4 loltdt thec third rs

stat ion. Ihe Complex elementS Of this vector are reiatmd toa the in';sutc',
quaint ities in tile fall owi n- manner:

m r

~ ~ i b Y is th mu amplI tudi' of- dispLaerlen or rotaition wliich in]t at
mass I .,:i iu hen the trial mass is at station M~ For , I Lroh 7, X,
i i I ul itt, aind for 8 tlirotuh 12, X,- is,, a rotation. AIs o . AR G

I ) i t lu 12 ilf fcrence In Phase hetxween a di1spl acement Or- rota] t *' n an1d
t~~~ h, I u,!x it i a' unia In cc, terre-.

tILi .pp rop1r in t e ri- eri'ee t s o f d1 -"plI aicemrent S, ro it insi and;11(

r f tr l cl er -1M It s o0 th vectr I- ( "Il k !: i c
7 Y tI ,Y i-i ,I I l ! iii wn 1' a' il- t ' t he ij'1pi- IIre' :r i to0

op( i:: 1 - 1 ~ '--,1tit :I, I I' rIll I . -ill he rI-c a zi Ia ha- is' or

est ir at inc , tV ! rrk nw, '' :-,' 0I -? ui~ :iP '

De.~pendi irs'l Il I), - 1 )" P11 t ' :Ii i -i a 'K1" XfI .Si )\';l l 1a111

, everal po s i hi 1 lp?' t ,x I f, r t i I iI T I. t i rhn1 1o 't1 mlodI t, I p i'r , e t ei s
Illes U app)r- i'VC - rI '0 M' i t rl it i . II Ce "i Li t ; S c . W iehi( 1 C ire :i M11 L'~sr tel',
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Trial mass

b

Rotor face

a Deflection without trial mass

b= Deflection with trial mass

Ih - a = Effect of trial mass

= Phase difference between deflection and force

Fig. 2 Measurements required for determining the response to a trial mass
(all directions are fixed on the rotor face)

to simply solving directly or in a least squares sense a set of linear algebraic
equations. Because iterative searches increase rapidly in computational
expense as the number of shaft masses in the model is increased and because
convergence can be slow and somewhat uncertain, it is advantageous to either
avoid them completely or, if they must be used, to obtain the best possible
initial parameter estimates before resorting to the iterative search.

For a five mass shaft model the complete (12x12) system impedance matrix
i shown in Fi,. 3. The elements of this matrix were derived from stiffness

matrices given in reference (8). The impedance matrix can readily be expanded
for models with more thn five masses because for masse. between the shaft
ends the rows of the matrix contain the same elements but shifted one position
to the right of the previous row element. The important facts to note arf
that the unknow¢n parameters occur linearly in the impedance matrix rows and
llat the unknowm parameters appear in only five rows of the matrix. Thus if

the1 col an vecttor of transfer f',nctions were measured, five complex equations
(tcn real) would be ava ilabe to solve for some of the unknown parameters.
Mo',rc c(Iat ions could be obtained by placing the trial mass at different sta-
t ions ()r by operating the rotor at different speeds. The constants of the

PM.
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left bearing appear in the first two rows of the matrix, the constants of the
right bearing in the N + 1 and N + 2 rows (N = number of shaft masses), and
the rotary spring occurs only in the N + 3 row.

These five complex equations contain displacements, rotations, and phases
(here, phase refers to the phase difference between displacement or rotation
and the unbalance excitation). If the displacements and phases of the first
three masses and the last three masses were known, and the rotations and
phases of the first two shaft masses were known, then enough information could
be gathered to solve for the unknown parameters either directly or in a least
squares or minimax sense, depending on whether the number of equations equalled
or exceeded the number of unknowns.

The difficulty with this solution is that measurements of rotations and
their phases are evidently rarely if ever made. Also, it could be that a dis-
placement measurement could not be taken due to the inaccessibility of some
portion of the rotor. If rotations have not been measured, it is possible to
eliminate them from the problem by solving for them in terms of displacements
using rows of the matrix which contain no unknown parameters. Because of the
sparseness of the impedance matrix, this procedure would not entail an over-
whelming amount of algebraic manipulation, especially for rotor models with a

4small number of lumped masses.

If the available experimental data is such that only displacements are
known, then an iterative solution is a feasible alternative. A steepest
descent gradient algorithm was developed to demonstrate the estimation process.
With this method an error function consisting of the sum of the squares of the
differences between computed and measured displacements is found, and the
partial derivatives of that error with respect to the unknown parameters are
used to seek values of constants which result in smaller errors. Beginning
at an initial estimate of the constants, the negative gradient direction is
followed until the error begins increasing; then a new gradient is computed,
and the procedure is repeated.

The gradient search method has the advantage that eventually some low
point must be reached; however, convergence can be slow, and no guarantee
exists that the low point reached will be the absolute minimum point of a
multi-modal objective function. Another difficulty associated with the
gradient method is that of scaling the variables such that all the partial
derivatives in the gradient have the same order of magnitude. In a case in
which the pedestal spring is much smaller than the bearing spring (K2N>Kl)
for example, the problem cannot be properly scaled because both constants have
the same units and the rotor response is much more sensitive to the smaller
pedestal spring than to the bearing spring.

Two example problems illustrating some of the difficulties involved in

parameter estimation are discussed on the following pages. The steepest

descent method used in the examples, despite its simplicity, is generally not
regarded as a good optimization tool. In reference (9) several alternative
optimization techniques are described which might be applied to the parameter
estimation problem. The PARTAN methods, the method of conjugate gradients,
or the variable metric method might offer improved performance over that
obtained from the steepest descent search. These methods are modified gradi-
ent techniques developed to very efficiently optimize a quadratic function,
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but they can also improve the efficiency of optimization of non-quadratic

functions.

EXAMPLES

Two sample runs of the parameter estimation problem are presented. The

first two problems use the steepest descent gradient search. The gradient
search method can be used to the best advantage when fairly good estimates of
the unknown parameters are initially available.

All of the example problems use the same rotor model, the same trial mass,
and the same displacement data. This information is summarized in Table 1.
The rotor has been modeled with ten concentrated shaft masses, and the trial
mass is lOg placed at the third mass station. The displacement values shown
in Table 1 were computed rather than measured, and the number of significant
figures shown exceeds any that actually would be measured.

TABLE 1

PROPERTIES OF THE ROTOR USED IN THE EXAMPLE PROBLEMS

ROTOR PHYSICAL PROPERTIES

Length = 2.54m Young's modulus * 69.56GN/m 2

Outer radius = 0.127m Shear modulus - 6.956GN/m2

inner radius = 0.1245m Poisson's ratio f .3

tMass/volume = 4188.9kg/m3

(The end cap masses and moments of inertia are zero in the example rotor.)

TRUE PARAmETECR VALUES

HBL = .883kg Kl = 8.834KN/m

KBR = .883kg K2 = 88.34Mr/m

C! = 8834.6Ns/m K3 = 7.068LN/m

C2 = 0.0 K4 = 70.b8,8,N/m

Cj = 5300.8Ns/m IT = 11399.5Nm/rad

C = 0.0
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DISPLACEMENTS CAUSED BY A 10g TRIAL MASS AT STATION 3

(OPERATING FREQUENCY = 100Hz)

STATION 1 2 3 4 5 6
T' MER

DISPLACEMENTD ME .0251816 .0276634 .0176305' .0315312 .0645451 .0916482
(mm)

STATION 7 8 9 10 11 12
NL'XBER

DI SPLACENT .107037 .10S043 .0947153 .0698863 .0397836 .0362853
(mm)

Problem 1

In the first example problem the gradient search method is applied to
estimate the four pedestal parameters KI, K3, Cl, and C3. The initial estimate

of each parameter is 50% below its true value. The other model parameters
are held fixed at their true values.

The results of the run are summarized in Table 2. The constants con-

verged to within 3% of their true values in 173 iterations. Using the computed
values of the constants, values of displacements are obtained which agree with

the actual values to three significant figures at five mass stations and to
two significant figures at the remaining seven stations. The root mean square
of the differences between the computed and the true displacements is .51836mm.

TABLE 2

SUNNARY OF THE RESULTS OF EXAMPLE NO. I

PA\RAETIR INITIAl, ESTIY'\TUD TRUE COP.TUTED PERC!NTI D PTS:L. :-MENTS (an)
VALUE VALUE VALUE ERROR (STA-IINS

TMROUG;l 12)
*COMPUrUR' TR!UEI.ALUFS I 'VALUES

C1 (Ns/m) i.,417.3 8,834 . 8,562.4 -3.08 .025090 .025182

C3 (Ns/r) 2,650.4 5, 30O._ 5,259.3 -.78 .027534 .027663

KI (KN/m) 4.4173 8.8346 9.0180 +2.08 .017536 .017630

K3 (KN:/m) 3.5338 7.0677 7.0366 -.44 .031311 .031531

.064414 .064545

.091592 .091648

.10703 ..0704

.10812 .1 0"04

185725 .(9 - 71

.070078 0 o") 86

I .04000' .Oy)7EA"~0 0, M06, .0307S:
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The fairly good success obtained in this problem is attributable to the
high sensitivity of the rotor response to the pedestal constants and to the
choice of a time scale which made the gradient components with respect to the
damper constants approximately the same magnitude as those with respect to
the spring constants.

Problem 2

In the second problem the gradient search is also applied, but in this
example nine of the eleven model constants are included in the search. The
initial estimates of the parameters have all been chosen close to their true
values in order to have a good chance of converging to the true minimum. The
optimization was performed in an alternating sequence beginning with the four
pedestal constants, then the two bearing masses, and finally the rotary and
bearing springs. The two bearing dampers were held fixed at zero. The
results are summarized in Table 3.

TABLE 3

* SUMMARY OF THE RESULTS OF EXAMPLE NO. 2

PARAMETER. I:ITTAL ESTItATED TRUE ioC UTED PERCE:"T- IDISPLACFMEZNTS (r.dn)
VALU UEVAL: i V.\T.L j ERROR (STATIONS 1 TE.IOUGH

i ___ 12)
..... _____ , CO),?UTED i T",.RVT

MBIL (kg) .7951 .883 .7589 14.1 .025135 .025182
C -1. I0213

M3R (kg) .7951 .8835 l.0327 +16.9 .027669 .027663

C1 (s,'n) 7,951.2 8,824.6 8,559.0 -3.1 .017418 .017630

C3 (Ns/m) 4,417.3 5300.8 5 29 .0 -1.3 .031279 .031531

kI (KN/m) 7.9512 8.8346 ! .9509 +1.3 .06z433 .645a5

k2 (KN/m) 79.512 88.346 87.270 -1.2 .09'1649 .091643

k3 (KN/n) 6.1842 7.0677 j7.1582 -1.3 .10708 .10704

k4 (N/m) 61.842 70.677 73.280 43.7 .10811 .10!:04

KT (Ncm/rad)' 9,689.6 11,399. 4,118.9 -63.9 .094767 .094715

.069888 .069886

.039-62 .039734

.036284 .03t285

Of the nine constants in the search six came to fairly good agreement
with their true values; two MBL and MBR converged to incorrect values which
did not differ too greatly from their true values, while the rotary spring
reached a value more than 60% less than its true magnitude. Despite the
disparity between the values of three of the constants and their true values,
the computed and measured displacements agree to two or three significant
figures, and the root mean square of the differences between the two sets of
displacements is .37759,m, which is a smaller error than that of example 1.
These results emphasize the difficulties which arise in estimating parameters
such as the rotary spring constant when the rotor response is highly in-
sensitive to the constant magnitude.
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SUMMARY AND CONCLUSIONS

The problem of estimating parameters in a linear rotor-bearing model is
discussed. A particular estimation technique involving measurements of
influence coefficients is proposed. Several example problems illustrating
the application of a gradient search technique to the estimation problem are
presented. Although the results are generally good for parameters to which

the rotor response is most sensitive, some difficulty is encountered in finding
accurate estimates for parameters which do not strongly influence the rotor
rotor response. The principal problem area is the convergence of the gradient
search method to a local rather than an absolute minimum when the initial esti-
mates of the parameters are far from the correct values. Also, the success

of steepest descent optimization depends strongly upon the scales chosen for
the units in which the unknown parameters are specified. Several alternative
optimization techniques such as the PARTAN methods, the method of conjugate
gradient, and the variable metric method are suggested as approaches which
might be more efficient than the steepest descent algorithm used in these
examples.
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TRANSIENT DYNAMICS OF SQUEEZE FILM BEARING SYSTEMS

Anthony J. Smalley

Mechanical Technology Incorporated

968 Albany-Shaker Road
Latham, New York 12110

ABSTRACT

This paper reviews methods available for analyzing transient response of
squeeze film damper bearing systems, including treatment of the rotor and the
fluid film. Important considerations in choosing a method are discussed, and
limitations in the published state-of-the-art are identified.

NOMENCLATURE

C Damping

CD  Total residual matrix in modal spaceD

C D  Residual damping matrix in modal space

C Constant of integration
n

f rt) Forcing function in damped modal space

f Forcing function in modal space
r

f(t) Excitation vector

h Film thickness

k Stiffness

[K] Generalized stiffness matrix I
M Mass

[M] Generalized inertia matrix
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N Non-linear excitation vector

n Mode number; also time step count

N Modal norm
n

p Pressure

qn Damped modal coordinate

r Radius

S Constant of integration; also nth damped natural frequenc yn

t Time

"'t Time step

v Veloc itv

X G eneralized displiement. vec tor

N * CompiCx modal vector for nth damped mode
n

Newnark's coc, f f ic ient

D)amping rat io

CModal CoeL f fir ent

* Ci rcimt-eren t ill e'terd illli.e

X ruwGrowth c l l(ll V

, V\iscositv

Nodal vclo'itv \,,Lttor

"hl'it t t or llvo tlu ioll illttVIIIS

* ~ ~ ~ ~ II IIIJI; I- i\r V 'e t
* :-1ol c ,sht; pe

Ir ,!,Ionor ; 1:1 ,, r l tI illi sp(cI



INTRODUCTION

The dynamic behavior of damped rotor bearing systems can be predicted
for the majority of conditions by frequency domain analysis; for linear sys-

tems, the majority of design and analysis questions can be answered by per-
forming critical speed, unbalance response, nonsynchronous response, and

damped natural frequency analyses. These frequency domain algorithms are

economical; they provide compact and comprehensible output; they are con-
venient for parametric studies; and direct cause/effect relationsLips can
normally be established by the use of these techniques. However, frequency

domain analysis does not directly answer all questions.

Time domain analysis is required in a number of situations which are
becoming increasingly important; for example:

* Response of linear systems to non-periodic excitation such as:

- Seismic excitation

- Maneuver loads
- Shock loads

* * Response to periodic excitation of systems with non-linear elements

such as:

- Spline couplings

- Squeeze film dampers
- "Dead bands"
- Fluid bearings in which vibration amplitudes are significant

compared with the clearance

e Response to periodic excitation of time-varying linear systems such as:

- Flexurally asymmetric shaft in asymmetric bearings
- Intershaft fluid film bearings without circumferential symmetry

- Floating ring bearings without circumferential symmetry
- Accelerating or decelerating rotors under any excitation

* Response of non-linear systems to non-periodic excitation

* Free vibration response of non-linear or time-varying systems to

initial disturbance for stability and limit cycle evaluation

The objective of this paper is to present the major options available for
transient analvs is of damped rotor systems. The paper will emphasize squeeze

film damper supported systems. but many of the points made will be more
generally applicable. Some a-vantages and disadvantages of the available
options will be discussed. Limitations of the present state-of-the-art will

be defined, and areas needing further work, analysis, and evaluation will be
defined. The thrust of the paper is to provide information for the engineer
interested in establishing a meaningful, computer-assisted basis for engineering

design decisions.

ANALYTICAL METHODS

In the following paragraphs, some major groupings of analytical methods
for predicting transient response of a rotor bearing damper system are
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described and discussed. The methods considered are:

" Modal methods (damped and undamped)

e Direct numerical methods

" Hybrid computation methods

These are discussed in turn in the following paragraphs.

Modal Methods

The basis for modal methods of predicting transient response is that the

deflected shape of the rotor at any instant in time can be expressed as the
sum of its natural modes of vibration, each multiplied by a weighting factor
or modal coordinate. Since natural modes satisfy orthogonality relationships,
the response of individual modes to the imposed excitation may be computed
independently. As shown by reference (1), the system of equations:

[M] {X + [K] {X} = {f(t)} (i)

may be replaced by:

{'} + [W!] {rn} = {f (t)} (2)
r

where n is the vector of modal coordinates which measures the participation of
each mode in the response and may be mapped into real space as follows:

{X [ ] {n} (3)

where[4]is the matrix of modes, normalized so that [4] m[ ] = I, the identitv
matrix, and f (t) is the vector in modal space mapped from the real space
excitation as follows:

{fr(t)} = [Wt {f(t)} (4)

[-w] is the diagonal matrix of system natural frequencies or eigenvectors.

Clearly, each row of the matrix equation (2) is uncoupled from any other
row since the only operator is a diagonal matrix. Thus, the equation for each
modal coordinate may be solved independently of the equations for all other
modal coordinates.

The general solution to equation (2) is for any modal coordinate:

t

= Cn cos(wnt) - Sn sin (w nt) + f frn (0) sinn (t-)dT (5)
n o

where C and S are constants delineated to match the initial boundary condi-

tions; n is Phe nth modal frequency; and f rn(t) is the nth component of
{f (t). nr

Solution in modal space has the additional advantage that the number
of modes considered can be less than the total number of system modes, and,
generally, accurate resutts can be obtained by considering only a small num-

ber of modes (e.g., 3 or 4).

204



The response of a linear rotor system in linear, time-invariant bearings
may be described by an equation of the general form of equation (1), excepv
for two complicating features:

* Damping, which adds the term [CI IX} to equit ion (1)

e Gyroscopic terms

Provided the damping matrix satisfies necessary relationships to the
mass or stiffness matrices, the same operations which led to diagonal iza)tion
in equation (1) (pre- and post-multiplication of each matrix bv [fit and 1:1
respectivelv) canl be used to d jagona Ii ZC thle damping term, g iv ing in eqlia t ion
of the form:

~ 2;..j{~+ 1 ]t~{ tT(6)

Unfortunate lV, in most rotor si tua tions, te ie amping mait r i does not.
rigorously sat isfy thle required relIat ionsh ips, and thle diagonaIi za t ioni opera -
tLion leaves stray terms, so that- tile full equatin is of thle form:

t'i" + [2,-,,d + I~1 + = ()C(7

Gyroscop ic ef fects give rise to of f-diagonal , damp i ng- I ike termsl. wil i ''i
likewise are not diagonal ized bv tile operat. ion l ead ing to equat ion (.2).
Thus, the full rotor system has the form:

+n - ,,)2;.] !Ti,+ [wI 2 M + [C I f r(") I

where C iLs now a Imatrix of re si dual terms aIccount illg for -,omin damping aInd
Dy0C~1 -fe~ Mdi ecn1%nther difagonanr ar. ute

gvroscopiI _t Ae tor anl s enrali n
development of this eqjuat ion and the content of CD) canl he obta ilnod from
Dennis, et al. (2) or Choy, et al. ( 3) . The treatment of tilt residual terms
embodied in thle CD matrix of fers several opt tonls, which are summarized ais
follows, and are then discussed in more detail.

" Neg I c t tile res i dna, I trms.

* Transfer tile rc. idiial terms to the r ighLt-hind s i tc of equaltion (.4)
and treat !hem AS part of thle Ci ta't ionl filnetionl.

" Transfer re s idi a I;clmping terms to tilie righit-hand s idie, hbut aiccount
for gyroscopihc offte t ) -,teudamped modal analvs is mlethod for
asvmmetric matries described 11) VLunId (5).

" Leave thle residual terms on Lithe loft-hand side of thle qua;tionl and
incur the problIem oIf co11)iip 4 i ChtWeln eqjuat ions or maitrix inlversionl

for tl,t, limi ted iimher of modes (as d isecussed , tvp ica liv 3 or .4)

wli i Chi restl I L

e U se daimped mode's of v ibrat ion as descr ihed by Lund (6).

Neg Cct- of the res idcual1 terms can, inl some Cases, be qIi ito sat is fact orv,
this genera IIv rCu (11l rv s t hat damp i ng be relaiit i velI I igh t and tha10t thle d ynamfli cs

of the rotor he governed more strongly bY the maiss dlistr ibuition raIther than
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by loca I ized or dis str i bU ted rotary inert tiaS. IIn this Case, the considerable
aIdvantaiges of the simple, normal Mode trea tmL'nt can b~e preserved. However,
in cases where there is s ign ificant localized damp ing or r-otary inertia,
this course Of act ionl is not sat isfactory.

Treatment of the residual terms as right-hand side excitations has been
shown by Dennis (2 ) to he an effective approach. However, onl the right-hand

side, these terms hlave the characteristics of non-lI ean ty; a "pseudo-
excitation", which Is a function of the state variables. The evaluation for
the terms requires values for tile state variables; this feature enforces a

thle state var iable values at current and past time prov ide a has is for evalua-
t ing thIe psettdo-exc itat ion s;o that the s tel)-b% I-step process may' be advanced
to a future time. Thte accuracv and stab iIi Lv of atl\, comptutat ional1 procedure
will be a func't ion oIf the f requtency wiith wh icit tite iseud -forc ing fune Li otis
are updated. Dlennis reports the, potentijal for osc ilIlat ing solution to what
should be a stable problem apparentlyv assoc iated wiLth the gyroscopic terms.

* An approach based on1 lund's work (35) Will elIiminate thte prob lemt of gy roscopic
terms inl rL turn for consider i ng t he pai irs of modes in troducred by a svntmet ni'

If an explic!Li numerica I i ntegrat ion scheme capatbI of htandlinjg non-
r ~~Linear it les is chosen , thIe laund Iing oif the pseudo-fore ing funct iotns fa 1 Is

naturalk i \ ljao place. Thus, defining ' },we have:

f (t) IF L: 2,- 2 [1 17 ~i (9)
d t r I

a-nd

d (0
d t

anld atiV nu1mber of nitmel r I a1Mt gra tioti methiods (self-s Lait t i g schemes, such

as; E I er , Ru~nge--Ka tLa . Kut La l->l r son, aind predict er-corrector methods, suchI
as Adams, M1iliec, or Ilamm inug) mayi~ be used. A p ee ecoat inu-ouIs approacht
is als'o po-sible atIId W il I h d i SCItSsod i n relIat ion to ton- I i nea r systems in
e(Piat ions (21) through (213) . Thte questio coiirn be asked, ''Has the modal
formu-lationl gA itleu(Anei if thte aIdd itioln complex itv of approximlate

anmerira I inte~~~gra t ion is reqiired?' Thte answermutbadeitee.

Thte powerftt I f I tx i 1) i I i L v rema ins to emp I ov onlly as nai~iv modes as accuracy

The fourt I opt Eon for treat~mentL of clamping, niame 1 v evalliation anld use of-
damped -\S tLn em tod us, is ai power fulI one, pionee red by Lund (6) . l t read i I y
land I us a rb i t rar i I v d is tr thut ted damp i tig, bear lng e ross-couipi ing terms , gyro-
scop ic terms, isotrojpy, and asyvmetry in) the bearings. Eacit dampedI mode is
characteri Zed by a rompIlexfruec

S +1.

whtere t a, roI turm inatd hv ; a;c se f comlplex modt vec tors.(I

iti



fX iWlirh imp1I lei tiV toilta ins the lateral d isp)LateMentS inl two
S orthIogonial d i riot !ilns and anigular d isphiaCeiment- il t I r lo,-l

d i ret' t ions.

It 1is shown by Lund t hat the respon~se of- a rotor '-;stemIl call be oVAI nat id
by SetIL Ut 01 Of e(IUat iOnIS Of thec formIl:

d -q 1- S ( f Wt 
i)

dt n 1

for eacth damped motde, wheire' cl is tli' inll,, I I oorti inult - (,iii I I: ' t ii'' ll~

c'oordina tes for t he 1111dAMmped niodA ;i p prear t) fo r -ic ithI'1 .111d t ) r
a1 modal eXtitaIt ion fuill' Iioni deVLiI~ hdt a oIIOs's: I

n N 1n

where f(t) is 010i totl; e'Xt i tatL i oi fIlnnit ionIt, in 11CI d in Il" i ta 1t i Ons II1 two

laterail aind two aingu tar di riotions. The modalh normn N dipis ont tihe
manne1)r in1 Whliol eat II Mode is norma~ I i xk'd (tLwo op1)t i on s art to sct th I I~ t3Vt

*amipLitudeu to I,or to requ ire N 11=I , anld no rmall I i xel t Ik r1lodc' alc'rdn i op ,

4 T~'lhe general so[lutiOn to etua it ionl ( 1 2) is:

St L S )(tL-) Ih

(tI W (t=0) C, + c' f W

AS 5 ilOWn by Lnnld foir s vs tctis wilere tilt at iffI iess l1121 r iX is a svimle't r ii-

it is neressa ;rv to inlu1ide' ill tit he a cv 3I2]; t ion11 tLt ac d *o in1 t Illoi's ai d 0I i 11

mod'a I fulit i lils oh toi leud bV rtpIa'ifgLii' at i I- ilt'55, Zl11(1:11111l) ll M, T I I- i's hV
thiitir trainsposes ;ilt

1
] tl\ t'tiiWl~l tilt OW igll ol tirIla t'oLta ill inl, polar 111011ILtIlts5

Of inert ia. A sinli 1;r ail Wo'iS as pi't't t'd lV Pi I k c'v (It-)).I

'Thet damiped moth's Opit i Oil ha 5 tiit t t ILV;I nt,1itL 0I i l~ I i( i it I V 11,11t I i, ti IlIt'

go lieral t (1,1111 i 1n LI m tix \'V -arIso -t) tt)ll nt 1 - I - l IIId ;I L,'.llt'1 Ct I FirC C10- -;os -r Ill1) 1 il' t t1

2j 1 "Or i t 11111 tO i -1 tII tie d11m)Oi IllOtit's' is i I t'a rlI\' 11101Ii0 i llv' I VCed thill thaIt 1 0o1

1) 110 r tllid ZIm1T)i't MO dlI's , ati ti Il ''tt to l Ilk' I3H'O .1d (' ilIl t IM tt 'd li i ) t' t1310't

t rants ient a ior it I11 [ ii i i t ,idtdi It i0)113 I OiD) I oIX itLt ill) tit so .1 )It %,'I r1 d' I' I ofiIIlt

1 n 1)r~i't L 't'C itL is at, IISo( fo(MI IntLt ' tha ittid i t ji ( Il ('IICArt' i S 11i''tt'ii- L C1 to Iit I-L t Il t

atI I mlodeCs lIre f oilli ld t' 1 ort' il1l it i l t I ii th t li Lt illici1 t t''11; t i oil jifOress ilt 111dL11t

the 1 ( 1 i gtitr MI)ed C'S (abIOVe tIlk' tL 1 i ri o )r tI Ir t I I P3
i i r 0 f i);t'I5CI ;I'VlttII (I tor1W~lIrd

fll L r i x alIgoer i thinM. 11I I ti is C;IlSsL' ;H133 A tirnatI lvi' MelthIodt I 11 Is the R ict i

trainst erm (7) is then rt'1lu i red. ItL is Ifolldit tlliL, \\1i Lt i tilt I ' -~~a 1'r 111; t r ix\

t tin ien-t' i mu i I ari orb itL daImpeti Illeiti's

TO i t I It5 t iLlr to tLIlt' it' I, (illipet [mtt t I r i cntit 3111 I5 is,. t )II it'spona(';k

to it 5 te i' lii)' n iI t' t (1'itY 0- (Ioli' beilr in suppo1l~lrt Of 1 I IOihI ilteIlt OI i)tl'

pow'i'r t r33151,m1 si I stilfL (;is tt'sribelt in) c'ereiIct' (8) ) is SilOWli ill i tr'

Miliut i;l ri Ip lt 01W' tildt , lild i t i a It t 11 i s tI iw t imOl t13,1 t 1t h( t t cP i ' nh t'

in it t I ( i L v' l 11)~ 1) i CIt . t i gi1 T' t 1 low's tLe l 't_'sf)Iolia ' 2It tilt' 0;11.11 ft t It or
itiiull~l ill two) W;Iva : L* r w wit I It lieI i' I sl ra (311 IllettI'S ( tWo0 1l'- ; I rt , two
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backward) considered; and second with the first eight modes (four forward,
four backward) included. Interestingly, for this point on the shaft, pre-
dicted response as a function of time is negligibly influenced by the number
of modes used. (The predicted peak amplitude is approximately two percent
> igher with the four modes than with the eight.) Clearly, the only participa-
t n of any import comes from the fundamental mode.

4 8 Modes

3 -- .

2----- -/0gVrtclSo

1- .001 '.4 Modes t

4 /

6~ 10gVrtical Show
.00) See. Duration

0 .02 .04 .06 .08 .10 .12 .14 .16 .18 .20

Time (Sec)

Figupre I t amped Modal Tme itegration lof ItneC on So lution of
Numbe r of Modes Cons ide red. Sha ft Center.

Ii Figure 2, the effect of (amp = g on the peak amp itude at shaft ('enter
s shown . Th ree Cond i tions are compared:

9 Support damping = 25 1 h sec /in.; support stiffness =2500) Ih/in.

e Support dampi ng =50 1 V set!in. ; support st iffness =2500 lb/in.

* Support stifflness . '; stupport damping = zero

These comparisons ire intended to he i llustratlve of the trade-off design

studies wli ch canl he per formed with this transient analysis capabilI ity.

It may he seeen tor tlie shliLt in questiOll that peak amplitude is negligibl v

afflt-Cled by dmping, Iprhaps by Iss t0,11 011Uo pk'lk'cnt . What is c lear, however,
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is that the rate of decay of vibration amplitude is affected by the presence
of damping. Within three cycles, either of the damped cases have dropped in
amplitude by 10 percent.

.6 - - -

.5 ., Zero DampIing

.4 / 25 lb sec/lin.

.3

-~.2 50 / lb'
50. .l. i l see/in.

2 II .1 'I

•31/ Is (I

.4 A

.5
Plotted

•. 6 " l s p o n s , :
.6 ~ 7I l~ylOg

1 ... . Shock ...-

0 .02 .04 .06 .08 .10 .12 .14 .16 .18 .20

Time (see)

Figure 2. Damped Modal Response. Effect of Damping (Four Modes)

In Figure 3, the response of the shaft at the damped bearing is shown.
Here the participation of the modes, other than the fundamental, is much
more apparent. However, the choice of number of modes does not affect the
predictions qualitatively or quantitatively except in one regard, the ability
to precisely match initial boundary conditions. While not affecting the peak
amplitude to any degree, and, therefore, of little importance from an engi-
neering point of view, his feature of the damped modal transient method is
one of its minor disadvantages. Since the number of modes does affect the
match of initial conditions to zero, it is assumed that a sufficient number
of modes will achieve a satisfactory match.

Direct Numerical Integration Method (Digital)

The bzasis for direct numerical integration methods is to substitute for
equations containing continuous time derivatives an equivalent algebraic
equation which replaces the continuous derivatives with discrete approxima-
tions and performs a step-by-step solution of the resultant equation. Alterna-
tie approaches to direct numerical integration are listed on the following
page.
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For most exp Itic it inltegrat lot-, methods, there UXi t cit ic icentlY codAd,
Wc 11 I es Lcd suibrout ines which W il I C fOrm a singl 1cstep or mul Liple steps of

these algorithms. The user of thcuse subrout ines would inter face v ia the argu-
menlt l ist Z111 via al uSer-deve loped subroutine Wiich eva IluaLes thc derivatives
of vel oc i tv and d isplIac ement . Thus,* convenience is a cl1ear a1dvant.age of thi s
appi-oach. Cunter and Kirk (9) describe the appl icat ion of tile Fuler method

to rotor transients.

As withI aim' numer icalI method, c'are must be taken to preserve ACCuiracy
The t ime step must he stiff ic lent l\ small that trunlcat ionl errors inl the discrete
rep reselntat ion oif Lt le eqluat ions of motion are negl i gible for the phleno1menon1
and a ppli caition under invest igat ion. A further signlificantL p robl em Withu
expli Vit mnethods is thle potent)iall for nlumerical instabili v. If thle time
step) is too large to p royvide between'l two and three t ime steps per cy\clIe of
the hiighkest system frequency, numer ical instnb iitv occu'Lrs, mai fest i ng itself
lbv answers whiich are- usualv Ivyery large and phys'enlI meanllingless. 'Thus
al Sssem With al Wide ran11ge, Of sy'stem nat urnal frequencijes * in order to be stable
for thle highes t f r-quencv-, ma v requ ire hundreds or thiousands; of tine steps

11c'r Cc Ie of tilie I owe.st nlaturn f requecy\', even thlough fair fewer t ime steps-*
would he adequlate fromt nc ninev cons idera tionls.

The advantage of e.Xp 11 ii tmethods, is their si mp I i c i t, vof imp uIIemntat ion
and the convenient handlIing of iion-lineair itLes . The laItter featLure will be
dIiscuissed further inl al later sect ion oif this paper.

[Ml) Ii t nllmel(riCa I integraL ion methods rcqur ire aSet ofsptilv
Coulp I e equaL ions- for t11 heveCtor of staitu vari mb i s at thle neXt step inl the
pro'ess (future time) inl terms of valkimes of state variables ait currenlt Anld
1s t t imei . FO r eXamleC, in lit e f reUen~lt IV used Newmiar k Be ta Me0tho10d ( 10)

tie same equiat ion retferred to vit ii respect to exp I ic it initegr t iolln mctiods- is

rep I ac ud by tLhe f ko I lo)Wing)

x + iX + I[+2 - 0} t
+- 1+[x 1-2 11 t N (

+ X11+2 + 1-2 11 + :t].8

kwhIer, ;t vat I tie for of 1 /3 hi)s beenCl fhound to be~ st m', I t sil-ory.

In t 1i is i-quint ion, t ime stepj (11+1 ) is, ciiirrunt t MC nId time step (n+2)

is, tiitiirct. LITIe. The equition is, re-airraiiged to ixu tile opcrationl for ad-
vuindhi ng fromi kiioviu s tate vcti'r va lies it tLice steps ii+l ind it to thec unknown

state Vector it future- t i ne .

K -j + t K) [i2M + (-I)Kj.X 1
11+2 1 2t 1

t + Kl X j + F i+: + 1h.* 1i+I (19)J

4- 1i+2



To start tile process, tile usual assumption is that of zero acceleration

prior to and including time 0, so that:

IX I} = Ix0 - Ix 01 At

{f = [K](X_ I + fc]fk 0  (20)

{fO } 0 [KI{X01 + [Cl{x O}

Tile Ne%,mark Beta integration process firstly requires availability of

the inverse matrix 2+ 2 + 6K] , and for linear systems this canl be

set up at the beginning of the process and used thereafter without further

inversion. Secondly, the process involves three separate multiplications of

square matrices of order N (where N i' the number of degrees of freedom),
by vectors of order of N. This series of multiplications governs the compu-

* tational cost of the Newmark Beta method in most cases.

In general, the cost of the Newmark method is more per time step than
for simple explicit methods, particularly something as simple as the Euler

method. However, numerical stability can be achieved with fewer time steps.
In fact, for linear systems, the method is absolutely stable, although the

requirement to ensure accuracy by means of sufficient time steps does remain.

In one example comparing the Newmark method to the Runge-Kutta method,

with system frequency spread (highest to lowest) of 50:1, it was found that a

solution accurate within two percent could be found with the Newmark method

for one quarter the computer cost of the cheapest stable solution with the

Runge-Kutta method.

Figures 4 and 5 show orbits computed by the Newmark Beta method for a
flexible rotor excited by a sudden applied unbalance representative of a

blade loss. Figure 4 is for an isotropic support where the asymptotic solution
is a circular orbit. Figure 5 is for an anisotropic support where the asymptotic

solution is an elliptical orbit.

Hybrid Computation

In hybrid computation, the continuous time variation or each state

variable is simply replaced by a continuously variable analog: specifically,

in electrical voltage. The values for the time derivatives are, however,

evaluated digitally. To effect this process, both analog-to-digital and

digital-to-analog conversions are required at various stages. The digitally
evaluated time derivatives are converted to voltages, which are then integrated
using analog integrators. The state variable voltages which result from the
integrations are periodically sampled and digitized. Each time this digitizing
occurs, a digital calculation of the time derivatives is performed, and these

updated time derivatives are then fed back into the continuous integration

process as analog values. It has some similarities to an explicit integration
method, except that the discrete ndvancement in time is replaced by continuous
advancement in time. The process is illustrated rver simply in Figure 6.
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Figure 4. Damped Rotor Response to Blade Loss, Symmetric Suspension.
Newmark M1-ethod Solution
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Figure 5. Damped Rotor Response to Blade Loss, Unsvmmetric Suspension,
Newmark Method Solution
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Maslo and Rieger (12) have also described the use of hybrid computation
for a simple rotor model. They focus on dynamic stability of a fluid film
mounted rotor. McLean and Hahn's work involves stability analysis of a simple
rigid rotor mounted in a sleeve bearing, which is itself mounted in a squeeze
film damper. As yet, no pub] ished results indicate that the hybrid method
is being applied to large-scale, multi-degree of freedom, rotor bearing systems.

TREATMENT OF NON-LINEARITIES

As discussed in the Introduction, a major motivation for performing
transient analysis is to handle non-linearities. When non-linearities are
significant, frequency domain metiods are generally inadequate.

A non-linear system of equations can, in general, be described by the
following equation:

[M{X} + [C]{X} + [K]{X! = {f(t)t + fN(t,X,X,X)1 (21)

where {N} is a vector of non-linear forcing functions. The contributors to
N may be true excitation functions which viry with vibration amplitude
(e.g., a mass unbalance which shifts at certain force levels) or "pseudo"
forcing functions which act na represent the deviation of actual stiffness,
damping, or iertial forces from those givn bv the linear system defined by
Nl, C, and K. For cxample, if a Sqillt'('Z0 film daimper at a particular eccen-
tricity and velocity gene;rates a0 fore e of 1'25 pounds in the -Xj direction,
but the vale given by the product of' i aind tiLC current value of Xj is
80 pounds, then the contribution to, the instantaneous value for Nj is -45
pounds. Alternatively, if a stilfflcss value, kll1 , is, at a particularly
instant, in the system response history , 20 percent lower than tile basic
reference vlue (due, for example, to rotation of a f lexurall asymmetric
shaft), then there is a contribution to NJ of +0.2 kll times X1. It is to
be noted that one Of the simplest trcatments of arbitrary damping with undamped
modal analvsis dIscussed earlier i nvo I ved suct a pseudo- forc ing func t ion
approach.

Written in continuotus differen ti,al form, this equation can clearly be
an exact reproduction of the dvnamic system force relationship. However,
as will he seen, efforts to perform numerical evaluation of the time history
of system state variables introduce approximations in the treatment of non-
linear terms. The practic;l problem is this: whatever integration method
is applied, tile availability of values for tie non-linear excitation func-
tion always lags behind the incremental advancement of state variables by the
integration method.

The major options previously discussed for an;iyzing linear systems may
he extended to treatment of non-linear systems:

9 Und amnpied modal integration

* Damped modal integration

e Ixplicit nume ric l integration in real space

0 Impl icit numeric;l integra tion in real space
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Features and problems of each approach are discussed in the following para-

graphs.

Undamped Modal Methods for Non-Linear Systems

As equation (5) shows, the general solution to the undamped modal system

of equations requires that the integral:

1 f f (T) sin(w (t-r))dT (22)
W rn n

n o

be evaluated, where f (t) is the full excitation function in modal space.

Since the evaluation o each component of the non-linear excitation function

requires knowledge of the state vector, this evaluation presents a problem.

A step-by-step procedure may be defined where advancement from time step t

to time step t + At involves solution of the following equation:

in (t+At) = jn (t) - (C sin(w t) - S cos(w t)w At

t

+ At f f rn(r)cos(w (t-T))dT (23)rn n

t+At
+ - f f (T)sin(w (t+At-T))dT

W rn nn t

The first integral now involves known quantities at time t even though
some form of quadrature may he required for its evaluation. The second

integral still contains a quintitv frn, unknown at time t + At. However, the

integrand as a whole is known to be 0 at i = t + .,It because sin (0) = 0.
Thus, a reasonable approximation to the integial is obtained by assuming

linear variation of the integrand from t to t + At. The resultant value of

the integral is A-2-- f (t). The qua Ii tv of the approximat ion clearly improves
2 rn

as At is reduced.

Evaluation of frn(t) will involve transformation of the modal coordinates
into real space, evaluation of all non-linear functions for all degrees of

freedom in real space, and then transformation back into modal space at each
time step.

For mild and moderate non-linearities, the use of undamped modes is"

probably effective. Where it is likely to give problems is for non-linearities
severe enough to induce operating regimes where the original modes are totally

unrepresentative of the current system. Consider, for example, the case of a

rolling element bearing in a clearance space or "dead band" to which no fluid
is directed. While the rolling element bearing outer race is in metal-to-

metal contact, the stiffness of the contact is very high and the system modes
for a hard-mounted rotor would apply. When the transient vibrations are
sufficiently high for separation to occur, the stiffness of the contact is
reduced essentially to 0 and free body modes would apply. Although answers for
such a system can probably be forced from an undamped modal solution, the
results will be expected to be strongly time step dependent and unsatisfactrv.
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Damped Modal Methods for Non-Linear Systems

As shown in equation (14), the solution to the damped modal equations of
motion for a particular modal coordinate is:

S t t S (t-T)
q (t) = q n(t=O)e + f e f (T)dT (24)n n n

0

Again, the integral in this solution creates a problem since it calls for
evaluation of the excitation function which is itself a function of the
solution. The integral may be expanded so that:

S t t S (t-t)

(t+At) = qn(t) + q (t=0)Sne At + AtS f e f n dT
n n n (25)

t+At S (t+At-T)
+ f e n f (r)dT

n
* t

In this expression, all quantities are known except the term f n() in then
final integral. An effective approach to the problem is to approximate
variation of the integrand in the integral t to t+At as a linear extrapola-
tion from the values at t and t-At. As a result, the last integral is
approximately:

AtA- (f (t)(3+S At) - f (t-At)) (26)
2 n n n

The right-hand side is now completely known, once the point t is reached.
Note that it is necessary at each time step to translate the modal coordinates
into real space so that the non-linear excitation functions may be evaluated
and then to translate back into modal space to provide the value for f (t).n

Similar comments apply to use of damped modes as to undamped modes. They
are likely to be effective up to the point where they are no longer repre-
sentative of the system whose response they are treating. At this stage,
however, there has been no formal comparison of damped and undamped modes for
non-linear transient analysis and, in particular, for squeeze film systems.
Likewise, there has not been guidance provided as to how far one can take
either method into non-linear regimes before running into difficulties.

Explicit Integration Methods for Non-Linear Systems f

Explicit integration methods are affected little by non-linearities
as far as implementation is concerned. The extra term simply has to be
added to the expressions for time derivatives of velocity, i.e.,

dVY -l [ {N 1,XXX)
dV =-[MIl [C]{V} + [K]{X} - {f(t)} - {N(t,X,*,'X)} (27)

The disadvantages of explicit methods with regard to numerical stability
remain. However, an important additional point in favor of explicit methods
arises for certain classes of problems. Where the non-linearity is strong
and important, there is no option but to track accurately the detailed
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Figure 7. Non-Linear Response of Squeeze Film Damper without Mechanical
Springs - I g static load plus suddenlv ;,ip] ied Ig unbalance force

Fluid Film Analytical Treatmcnt

The basic governing equation is the Reynolds equation:

3 Z L2 (29)

Note that the last term is zero for the most common case of a non-rotating
outer member of the damper. (In the special case of an intershaft squeeze
film damper, the effects of rotation as well as squeezing must be included.)
Considering only the simpler case without rotation effects, at a particular

location in the film (assuming the presence of oil in the film) for a partic-
ular journal velocity magnitude and direction, direct solution of the govern-

ing equation yields a pressure field with pressures which are both above and
below zero. The limited ability of the fluid to support tension gives rise to I
cavitation or rupture in the region of sub-zero pressures. The most common

assumption for the regior of sub-zero pressures is that each sub-zero pres-
sure location sees a pressure of zero. This assumption is variously termed

the "rt" or half film treatment since in the absence of supply pressure effects
half of the film is normally cavitaLed as a result of this treatment. More
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complicated treatments of the cavitation problem have been proposed based
on zero oil flow into tile cavitated region, and this assumption requires zero
pressure gradient as well as zero pressure as a boundary condition for the
cavitated region. It is generally more difficult to establish this more
sophisticated boundary condition, and it is found that the difference in
force magnitude between the two assumptions is less than 10 percent. This
not withstanding tile fact that the phenomena relating to fluid conservation in
an orbiting, cavitating, squeeze film damper are not well understood. Further
work is definitely needed here to invest igate what really happens to the fluid
film and its cavitated region.

Accepting for the purposes of discussion the half film assumption, we are
concerned with the mechanics of generating fluid film forces exerted by a
cavitating film for use in rotor transient analysis. What is needed, in general,
is a means of determining fluid film force as a ftinCtion of Iocation vector
and velocity vector. Tile complexity of the particular problem tinder considera-
tion dictaLes the computational strategy and quantitv of data which must be
generated. It is generally desirable to avoid solving the He\'nods equation
at every step in tie integration process ;and iost COmltationa s Ltrategies
involve pre-calculation and storage of pert itnent data either in t abul ir or in
fitted functional form.

For a rotationally symmetric damper geometry With rotat ional lv symmetric
fluid suppl v , the only location parameter which influenc es t le Re'noIds equation
solution i3 the eccentricity ratio. One e tliee, , t dilrec tion i.s e stab lished,
the shape of tile pressure distribution is A Iso estabI ished so that the cAvitA-
Lion boundary locat ions for a part icular eccentric i tv rat io are a fuinct ion
of the velocity direction oul v . Figure 8 illust rates the extecnt of caviLated
and positive pressure regions for the pai icti lar cases of rad i al and tangentia l
velocity of a damper journal. In thiese two cases, the po s i t ie p rL sure region
extends 90 degrees on either side of the positive Ve ho0citv vector. The
cavitated region extends betweCi 90 aind 27(0 degrets - from hie positive Vlocitv
vector.

C;IV i t aIt edt

Rep i onI

+

r
a) Radial Velocity b) Tangent ial Velocity 192031

Figure 8. Influence of Velocity Direction on location of Ca, itated
Region of Squeeze Filmn Damper
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force; a second map provides the ratio of fluid film force to journal velocity.
Again, the impedance maps may be generated either from short bearing theory or

by finite length numerical methods or by an improved asymptotic solution to

the finite length Reynolds equation such as that proposed by Barrett, Allaire,

and Gunter (17) or by Smalley, Lloyd, McCallion, and llorsnell (18).

It reduces somewhat to a matter of personal preference, whether an

impedance map format is selected for storage of the damper characteristics or
whether a table of force to velocity ratios is tabulated as a function of

eccentricity ratio and velocit, direction relative to the eccentricity vector.

The latter approach reduces the number of individual coordinate frames. For
illustration purposes, a computational ;itrategy using the latter type of

data format is presented in the following steps. Figure 9 illustrates the

process in schematic form.

I. Execute a step of the rotor integration algorithm in response to

appl ied forces.

* 2. Extract X, Y, X, Y at damper locations. Calculate eccentricity and

* eccentricity ratio from X,Y of the damper journal and from the damper

c learance.

3. From X and Y*, calculate magnitude and direction of velocity vector.

4. Calculate angle between velocity vector and eccentricity ratio vector.

5. From table of data, interpolate force to velocity ratio, and force

direction, as a function of eccentricity ratio and velocity direc-
t ion.

6. Multiply force tovelocity ratio by velocity to get force.

7. Rotate force direction back into XY frame.

8. Calculate non-linear pseudo-forcing function at current time.

9. Repeat from Step 1.

The execution of a step of the integration algorithm is accomplished by
one of the algorithms described earlier for non-linear rotor systems.

INTERPRETATION

An unavoidable aspect of transient dynamics analysis of rotor damper

systems is a large volume of output; the computation generates complete state
vectors at every time step for every station of the rotor system. Thus, the

ratio of useful engineering information to the total volume of data is relatively

low. rhe use of graphical output goes some way toward reducing the magnitude

of this problem; visual interpretation of an orbit or time history plot -an

readilv inform the observer of such important items as:

9 Peak implitudes * Rates of decay

0 Minimum film thickness • Major frequency components
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Figure 9. Integrnt ion Loop for Rotor System with Squeeze Film Damper
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The use of summary tables listing such items as peak amplitudes and
minimum film thicknesses and the times at which they occur are of additional
help to the engineer who must make use of transient dynamics information.

A recent contribution by Choy, Gunter, and Allaire (3) was to develop
frequency domain information from the results of time integration analysis by
performing a Fourier transform (using the FFT algorithm) on the time series
data. If, for example, time transient response information is available at a
series of speeds showing the response of the rotor to both rotating unbalance
and an initial displacement, this transformation can be used to develop the
waterfall type plots normally generated in real-time analysis of measured
vibration data. The presence of large forced response amplitude is shown by
peaks in the diagonal, order-related lines on the waterfall plot. The
presence of subsynchronous instability is revealed by speed-independent
peaks in the waterfall plot. Figure 10 shows these two characteristics of a

waterfall plot.
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Another approach used at Mechanical Technology Incorporated (IMTI) to
bridge the gap between non-linear time domain information and frequency
domain linearized analysis for squeeze film dampers ib to interpret the char-

acteristics of hysteresis plots for X and Y force and X and Y displacement
for a damper to yield effective X and Y stiffness and damping values. Figure
11 reveals the approach by means of a hysteresis plot of X force as a function
of X displacement generated by a non-linear squeeze film transient response
(using a mobility representation of the fluid film). An effecLive stiffness
is calculated by locating the points of maximum positive displacement and
maximum negative displacement and the associated force values and dividing
the force difference by the displacement difference to give an effective
stiffness. Damping is determined by measuring the area of the hysteresis loop
and equating this to the energy dissipation generated with a linear damper and
an elliptical hysteresis loop. While not rigorous, this approach yields
quantities which can be applied in linearized rotor dy'namics, namely, stiff-
ness and damping coefficients. These should be generated for different levels
of excitation on the damper so that the set of ampIi tude-dependent coefficients
is obtained. It must then be ensured that, when response analysis is performed
with these effect ive coe f f ic [cIts, tI at the computed response agrees reason--
abl v with the orbital amplitude from which the coefficients were extracted.
Figure 12 illustrates effective damping values generated in this way as a
function of frequency and amplitude. A nominal "safe" operating limit
corresponding to a 75 percent maximum eccentricity ratio is superimposed.
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The topics discussed briefly in this section indicate a real need
for further effective work to improve the interpretability of rotor transient
information. There is additional need for documentation of studies in which
rotor transient infor;-ation has been effectively applied in design with
demonstrations of how trade-offs between design alternatives were influenced
by transient dynamic considerations. As a particular example, there is a
need for combined optimization for attenuation of normal unbalance excitation,
subsynchronous excitation, and the abusive loading which results from loss of
a blade and vehicle maneuvers.

CONCLUS IONS

In this paper, various methods available for analyzing the transient
dynamics of squeeze film bearing systems have been discussed. The information
contained should make the reader aware of his options and of the considerations
to be applied in choosing one method over another.

The following general observations can be made:

* 1. Modal methods are very economical from a computational cost point

of view.

2. Non-linear problems can be handied with modal methods.

3. Criteria as to the extent of non-linearitv which can he handled by
the different modal methods are not available.

4. Comparisons of effectiveness of damped and undamped modal methods
are not available.

5. For severely non-linear problems, explicit integration methods have
advantages when the time step is dictated by the physics of the

problem rather than by idiosyncrasies of the numerical algorithm.

6. The Newmark algorithm is a very powerful method of implicit integra-

tion which avoids stability problems for linear and moderate]',' non-
linear problems.

7. Criteria for re-evalnation of the system matrix inverse in imple-
menting the Newmark method for strongly non-linear problems are
not readily available.

8. The fluid film portion of the non-linear problem is readily handled
by any sensible vari at oil tle mobil itv of impjCdanlce methods.

although ecoomical hindling of tie fluid film calculation does

reqtIuire careful organization of the probIem.

10. The true boundarv condition -,,r i squeeze film damper remains

all ulncertainty, although the hl f-film assumption is an effec-

t I yeIpproaclh.
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this area, namely, an objective, quantitative evaluation of the available
methods with such outputs as:

" Computation time

" Criteria for use on non-linear problems

* Accuracy

" Volume of input and output

" Computational convenience

for a number of different classes of problems.

In summary, the following investigative work is needed-

e Comparison of alternative algorithms for different classes of problems.

e Development of criteria for selection of one method over another.

o Development -f additional methods for effective interpretation of
time transient information.

a Documentation of appl icat ions experience with time transient methods
in design.
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DIRECT INTEGRATION OF TRANSIENT RO'OR DYNANICS

by Albert F. Kascak

National Aeronautics and Space Administration

Lewis Research Center
Cleveland, Ohio 44135

ABS t'RACT

* A study was conducted to deve lop an impl icit method for integrat ing the
equations ot motion of a ltimped-miass model of a rotor bearing system. 'I he
appro ach was, first, to use a Nordsi ck-iIKe numerical integration directly
ol tilt stecolnd-order equat ions of motion and, second, to assume that tihe
forces and t orques on the rotor are' functions of the posit ion and velocity

at the point ot application and its nearest axial neighbors. This allows
the variabls to be arranged so that the Jacobian ot the set of nonlinar
equations is block tridiagonal. Therefore tile computational time is propor-

tional to tile number at elements in the rotor dynamics model rather than to
the cube of the nuimber. Numerical stability was demonstrated for any I in-
earized h1oml1ogeneOUS mode.

To decrease computat ional t ine, a closed-form solution to the short-
bearing theory was derived tor a damper with arbitrary motion. Explicit

results were presented for Ie cavitaLtion and for full cavitation.
'Ihle Vast amount of data generated by tile computer code was displayed i n

a motion picture showing an oblique view ol the rotor bearing sysLtei. The
motion of the rotor could be easi lv interpreted.

An example problem of a roL-toir accelerating tLrougth three critical
speeds with 19 mass elements in the rotor dynamics model took 0.7 second ot
central processing unit time per time step on an IBM 300-b7 computer in) a
time-sharing mode. The mode shapes at the tirst and third critical speeds
were similar to the prd ictted mode shapes alld occurt d aIt tie predicted

speed. Btecan sO of ti' illba lan1ceC d i ri but io it, Lit second node was not ex-
C itete. Abolve tit, third cri I I cal speed tie rotor bearing system operated as
a so I f-ctntt, ri lu, dCvie I . 'lhi s was a I so observed exp rimental I y.

Athe col)puIte l' ft It t It he I i st t L ine, a I ows us to lok at a complex
roto r htear i ng sy st em wit ii uonI i nta r transients and di sp liy s the vast amount

ot re ki tIs in i n eastl v Iuled , stoomd mll t o n-)Lcture ormat. A l-minuLt, 1b-

mi I I i met c I, L o 1or, s iln n tot i o1-p ct tire supp temelit i s avail a I 1e on Ioanit.



1
SYMBOLS

A+j coefficients used in partial-fraction expansion

a+ property of shaft between mass stations defined in eq. (18a)

b+ property of shaft between mass stations defined in eq. (18b)

C radial clearance

c+ property of shaft between mass stations defined in eq. (18c)

D diameter

E modulus of elasticity

F force

G torque

h clearance in direction

I moment of inertia

j index

k index

L axial length between mass stations

m mass of a rotor segment

N number of rotor segments

n radial direction at angle 0

0 order of error in Taylor series

P pressure

q order of Taylor series

r radial displacement

S stability matrix

Skj element of S

t time C

At time step

u defined in eq. (5)
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V nondimensional velocity of journal in roLating coordinates

x real part of radial displacement

y imaginary part of radial displacement

Z independent variable

z axial coordinate

a k given set of constants

F angle defined in eq. (43)

E eccentricity ratio

Cdamping ratio

6 circumferential angle

A eigenvalue of stability matrix

viscosity

w frequency

Subscripts:

B bearing

J journal

P polar

T transverse

+ associated with nearest axial neighbor or root of eq. (45)

0 start oL integration

I end of integration

Superscripts:

( ) time derivative

axial derivative

(-) average or conjugate

(k) kt h time derivative

-* vector

unit vector
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I NTRO DUCTI ON

Ncrifiiiear tranisienits that are importanit inl flexible, rotating equipmint
a re d if ficul t t o anIalIVze. Such th iiigS as b 1.aci tipL11 rubLs, s p i lie fri c t iun,

3n) (1S ( Leeze-fi Ifin d ampers a rc dif ftI icu tiI to predict with a iiica r mlodel . Soine
ot the t ranistentS that ar FoimportLant Lire I ockeo r-otor !;tartLS, hiic loss,
anid rapid de(ICC ' lerat ion duLi to0 boa rin ]Ia Ji ILIre-( S.

[he2re Jare tWO hais i c In t) oIs I or St udyIig t rtiII 11 Iut In tI orI d111 InI C s . [ho,

first method is thle mlodal methotlid ( ro ts. I atnd 2) 1It is SbeWSt SOuiteUd to0 liH-
("Ir rot or bea rinIg SY stemlS r-Lini ng1 1 at a con istLallt speed t J. 11hC S!coild fie tLIJO I S
the direct inltegratLionl Of thIe eq(LIa t ion Is of HImOt ioLn1. f1 ,:a n he appl Ii ed ea si I y
to iioiil inepar systems thfat a re variy lu ii it sptioed. [lie proli ll wi to the .1i roL!C

ii1W't hod i s thiat it is I iu teaI Livb e ithe ICcoiput 01 I- rii M) I g t I meP O 1fer neical

s t ai vi t.

The equot ionls of lillot i onl 1 )i*l ror l\'uifics k aIi bo I (tgte direclv

in) ei ther Of tWo ways, eXIolI IL tOr illpt L'c It i itedra1-it ion. '[i eXI c I it I It e

gI-aj t 1 onl mietiod 'SoIve s t Iie, ke Lill Iu L 1 ment oIt oi at IoII't L lk p) rk Set' t im [ l 'IOF ii gu WrI

o rd er d eri1v atLive s anLd t henl OxtL I-cpu Iat c Lte di spIacement IIS andl V veocitLies

w i L ii a 1 aiv Iot kii - ke i es tO tLIle :idv1 iced 1 (IL lt Fk-e Ie . J ) 1 k? 1i til), I i C It me I l e d
SOi yeS tilie eiOtIL ionus o f miiLi in imp I I C it L I at: the d va tic e~ t L se Sti-p I tI-

t te dIi sp I '.)ceLieli sI an ye[LIv Inoc it I"s ,,u c 1 t fi at an1 extLrIpelo a t I ill baiC kWoroI I I

Cal frequenicy (for aII n ode iuuerc I Iv flOsS ile) and tlie tim 10St ep i)1S I a rg
ire f . 4) S inlce tile hi Idle st I Ie 'JiLll N I ,s i, I alt ed to0 t Iie"s iin re o I thle niifli-

he r iif elem nt 1Ls ini thle rot or dlvii c s moi~de I t the c oiput at IIJoIn I t w i I I he

re, fated to Ct le Sq(_are iii t Ilie 11uIune of of 1 eeI 1Lit s. Approx: inuat ofI y Ii ye or six
ofelent s seems to lie a prac t ic a I I i ill i Lt o) the ( ex 1) i C i no hm.L1od I-, ref. 2 Li ; l t

is, it can only fi,-ppi ied t o s;iipIe a ssenmbu ies.

Inl contra2St to tile p Ip ic itL iiietii tho ,Lle im[lp I i C itL imetLfuod tenld s t o be
st abl e t or l a rge L ii-c StepI)S ( ret I. 5 )nuMt it Le 1-'umL re S t he -;)I i t io 011f a

Ila rg e nu Lmbe r o t Iil I iIuIe a r s iinu ILta in uS e qna8t io0n S a t e ach1 tie st ep . FO r

eve rv e lemenrt Iii thet, ro tI iir dv ilic C m Podel t here are- I OUtV d eree iC S I ree' -
J im. Fo r each deg ree, cit ti redomn the re Is anl assoc iate O iliSp i ceim utI and
ye I iic i ty. The r-e f Ore t lie t otaI liuo 1- of nonm I i nleaI- equLt Lonls t o he solIved at

eac t ime St ep is t eigilt t imeic Llte Miiiiiifr Of eleents inl thle rotor dyiianuic s
Inod(Ie I . Th Ie 1iiie LIM ht c I I lifiiit i o0115 S n'c t'S S ,IirV to0 Sol1ve Ltee quI~at ions I S
1fii))Iif i tiiii I Lt i C lII' bcle o f t ilie liiiibe F 0ot elfill t io [is . ThIe refo()r e tie coinpit a-

OiiJ I t in L iii S p) lofo rt i ilnoi I t o tihe (_ ii be of t lie niumb' r ofI k Il e f 1 Lmn S.

lb it s st iio\- s-as coIl'f id ,) I oi devellOP anl imp IiC it miutfioifobr intLegratng,
Llie cfilat ImurnS oh ioiiii ci) iii 0IIOM ioLii~ii-aon i colipit at tonal t Iii Il0 iek

apfproiicli is f ilY-st to Lis, i' Nerds i eck-l i ki' nunleiCa 1 integrat ion i rect IV oil

till' S'cii-iiildor I'(1uot I OWis ofi IMt iL)I oh' d aiiif I( LOcnc to U~t isiii th t tie I iLceS
-nih to rq'n s o'1 il l ro ('liii .i t, I iiic IiiL s ,o till' pc i ti on anld ye 0c I ci o i ct Ltlie-

lii iwo' i Lii.ll, r01cl 01 o11( i Iilg' is op
1  

d al Iii its no amost ox Iil Itno i glihbo i-s
lII -'I w s I iw tie vii I file ks t ii li(, a i- tanige d s o th1at Lte Jaccbiaii olt Lie( Set Oh

11ii i iif I ii r ln i iii; is ihi k cI: I i ii.i in I . l 1i ' o iliifi iiiLt L io I t i In I' s pI 0ii) i

t i 0i 1n 1 L i I n i 1 ) ki' r if I ' Ii -I I, - it s ii I e i cIi if c no iii \ ) 111CS II o c I miLc I f L' ti t aIi ciL

tIi' o cm(iill i L I Ii' iiii lie r of I- t I e in it IL s.

I 11 i s m e thIod o f nu m er icalI in t.eg r at ionil as d evcI op1)ed by Franrik J . Z e ezn ik
iif thIICe ll' i SR le sea r cfI Ceniit o r. I-or a set o f f ir st -o r der eIfUadt Ins, it reduces
to G~ear's met hodj
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Besides ti e problems assoc iated wi th integrat ing the equaL ions o 1110-

Lion, there is a problem of describing the nonlinar damper force at each
instant ol time for ani arbitrary orbit. In the past this was done by numer-
ically integrating the Reynolds equation around the damper (ref. ). ' his
requiLred a cons idera ble amount of co)mputat ionalI trine. As all aside, a
closed-torm soiution co the shurt -bearing theory was derived tor a damper

with arbitrary nmotion.

NUMtBRICAL INTEGRATION

Given an arbitrary function, Zj(t), whose derivat ives exist,

ZkJ)(t), a lay or series expansion call be wriLten:
q-k

Zk(t + At) =  (t)J Zk +Oq k ()

j=O

with tLaga nge s remainder o)f order O1 (-k If the ar i tra ry fIunc t on 1S

chosell as

k
Zk = t r (k) (2)

the Taylor series for this func Lion becomes

q

zk(t + It) = (k)Zj(t) + 0 q (3)

j=O

where the binomiial cot-icient s are definied as

I \Ff#------- for j . k
= tk( k.(4)

) 0  for j < k

If the form of the remainder is choseii as

tihe I ay 1o r series becomes

zk~t 4- 3,. t)+ = (U

j =()



where C k is a given set of constants and u can be determined from the

equation of motion at the advanced time. The equation of motion at the ad-

vanced time is

ZF(r, r, r, t + At) = 0 (7)

From the definition of z, the various derivatives become

(k) k!
r - (At)k Zk (8)

Substituting for the various derivatives into the equation of motion and
knowing the values at the previous time result in the equation of motion

being a function of

EF(u, t + At) = 0 (9)

This equation can be solved for u and, from this value of u, the re-

mainder can be used as an error estimate to control the time step.

NUMERICAL STABILITY

The analysis of the stability of the numerical integration technique
assumes a model of a rotor bearing system that is linearized at some instant

of time. The homogeneous equation of motion for any mode is

2
i + 2w0'r + w r = 0 (10)

where oi is the natural frequency and ; is the damping ratio for the

mode. For every mode that is numerically possible, with nonnegative damping

ratio, the amplitude must either remain constant or decay in time. The nu-
merical integration is defined as unstable if the amplitude grows in time.

From the definition of z the modal equation becomes

2Z 2 + 2w At Z, + (w At)2 = O (1)

Substituting the Taylor series into the modal equation at the advanced time
results in

q
u = -1 '(j - 1) + 2j, A t I +  ( W A t ) 2 (

I2c 2 + 2c1 W 
Atc + a0(W At)

2

j=0
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For this value of u, the Taylor series expresses the solution at tle ad-

vanced time in terms of the solution at the present time as

Z2(t + At) = Z.(t) (13)
k =0 [2a 2 + 2ap1 AtC + a0 (W At) 2]

Defining the matrix element ski to be

S- J) - k [ j (j - 1) + 2jw At4 + (W At) 2  (14)
S [2a 2 + 2aI Atc + 0 (W At) 2

and the q-dimension vector z gives the eigenvalue equation as

= (15)

* If the > 1, the amplitude grows and the method is numerically un-
stable. For q = 2, the given a's are a0 = 2, cc = 3, and a2
1. In the limit as w At - w, the maximum IXI - 0. Therefore if the time

step At is much larger than w - l for a mode, the amplitude of that mode
will approach zero. If a mode is to have a nonzero amplitude, h must be
small. In the limit as w At - 0, the maximum jIk - I. Therefore the
method is numerically stable in the two limits.

EQUATIONS OF MOTION

A model of the shaft showing the complex number representation of the
radial displacemebt r is shown in figure 1. The radial displacement is
the distance between the shaft centerline and the axis of rotation. It can
be represented by

r = x + iy (16a)

where the real and imaginary axes are fixed in space perpendicular to the
axis of rotation. The slope of the shaft along the axis of rotation is

x' + y' (16b)

The position of the shaft is then described by r and r' at all the axial

locations.
The lumped-mass model of a rotor divides the rotor into N segments.

The mass and inertia of each segment are assumed to be concentrated at a
point. These points are then assumed to be connected by massless elastic
beams that model the stiffness of the rotor.

The equations of motion foi the lumped-mass model were derived in ref-
erence 7. The sum of the forces TF at a point, must be zero, where
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L2,

S r Axis of rotation

* Figure 1. - Model of shaft showing complex number representation

of radial displacements.

EF0  I ux

EI I u Ij
xiX

EGI U I i

* , A2  B2  C2 I •
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Figure 2. Newton-Raphson technique that leads to a linear set of block-tridiagonaS uations.
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F= -mr + a r - (a_ + a +)r + a+ r

+ b r' + (b_ - b +)r' - b r+' + F = 0 (17a'

and the sum of the torques ZG about a point must be zero, where

EG = -I Tr' + iWIpr - 3Ip r'

- b r_ + (b_ - b+)r + b+r+

- cr' - 2(c_ + c+)r' - c+r + G (17b)

The + or - refer to the next or previous axial location; and a, b, and
c are properties of the shaft between these locations:

a = 12EI/L 3  (18a)

b 6ET/L 2  (18b)

c = 2EI/L (18c)

If the nonlinear force F and the nonlinear torque G are functions
of displacements and velocities of the point and its nearest neighbors, the
EF and EG are functions of the displacements and velocities of the point
and its nearest neighbors. If the Taylor series of the numerical integra-
tion technique is substituted into the equations of motion for the acceler-
ation, velocity, and displacement, the form of the equations of motion be-
comes

0 = EF(u , u, u+, u'' u' u+) (19a)

0 = ZG(u, U, uu+, u', u', u) (19b)

These equations form a set of 2N complex nonlinear quations in 2N un-
knowns. These equations are solved by rewriting them as 4N real equations
in 4N real unknowns and then using a Newton-Raphson iterative technique to
obtain a numerical solution. The Newton-Raphson technique assumes a solu-
tion, linearizes the equations about that solution, and then solves the lin-

ear set of equations for a correction to the assumed solution. The form ot
the equations of motion results in the linear set of equations being block
tridiagonal (fig. 2). The block-tridiagonal form allows the set of equa-
tions to be solved in a very efficient manner. The computational time is

proportional to N rather than N3 as in the general method.
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SQUEEZE-FILM DAMPER BEARING

The configuration of the squeeze-film damper is shown in figure 3, The

same configuration can be used to analyze journal bearings where the journal
and the bearing are allowed to rotate. If j is the rotational speed of
the journal and B is the rotational speed of the bearing, the average
rotational speed is

1 (WB + Wj) (20)
2

For a damper this average rotational spee would be zero.
If C is the radial clearance and r is the displacement of the jour-

nal center with respect to the bearing center, the clea.:ance h in the di-
rection fi is

h=c-r (21)

* If r is the velocity of the journal,

@h - + (22)

If ii is at an angle 6,

3 k' _ kx n (23)
30

where k is a unit vector along the axis of the damper bearing in the
z-direction. If w is defined as

w = (24)

then

* h -+ -)

we =-~ (w x r) - n (25)

The Reynolds equation for the short, plain damper journal bearing is
presented in reference b as

(h 3 3P' -3 h +h

TZ ) = +: L _ (26)

If the boundary conditions in the damper bearing are

P(O, 6, t) = 0 (27a)

P(L, 0, t) 0 (27b)

240
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Figure 3. -Damper bearing geometry.

Figure 4. -Complex plane.
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and if h is not a tunction of z,

- 6 iz(L - Z)
3  (wXr - r) n(28)

The eccentricity ratio is

-+r

-+ r(29)

so that

-4 r
= (30)

C

If V is defined as

V=- x C (31)

P 6bz(L -z)

2 (L - V n (32)C2(0 - F - n)

The pressure is zero when n is perpendicular to V, and the pressure is

greater than zero when V n > 0.

The torce on the journal due to the pressure in a segment of the film
extending from 00  to is

F= - Pn dz dO (33)

0 00

This expression for the force can be integrated axially and becomes

S _ DL3  f l (___ n_____34
F 2C 2  3 (1 dO (34)

The angular integral can be integrated by transforming the integral to
the complex plane (fig. 4). Let V be in the real direction, E be at an a
ang l and n' be at an angle 0 so that

v =IVi (35a)

= e (35b)

n e (35c)



t it, I j I 1 1 11 v I A I s

d, i n -1  dn (36)

i,, ii, ' t it.t i n t Ion t Ht ' complex cosine yields

n V(n + ) (37)
2

- (nF + en- )

+n 2 (38)

[ XJ)T ) K 1 01- LIr b 0I'C ! becoMeS

* /r- 3 3 V n 2 (n2 + 1)dn
C2 (n2 2n+1) (39)

" Lt [W I lI t c", rA I 1 t. IlO t t Ul -I I L ii)[: it L i, w ilt 0I"

n o = e ( 4 0a)

ie 1(')n I = e (4 Oh

h e po-ssure is zero at ni = + i, and the pressure is ,rkeater t han i t ,
whi n /,e,(1) Lm greater than zero.

For no cavitation the integral extends complete Iy a-Uilld thu O (ItII i
and by using the theory of residues, the force becomne,>

F = 4kDLT ( A (41)

For cavitation the integral extends from -i to +i; and, by using a
partial-fraction technique, the force becomes

F 4 a L3  
+j (2)

2 A + 2 j-1 2+ -(42)
C 1 -(1 + n +) (1+ II_) - 1 I

j=2

- >- -



whe re s d, vr t i tied a s =tn

a nd F' is I thle t ir st o r s e cond q uad rant. The pa rt iai-f r ac t ion v xp a nsion[
c oe t fL ic e lit s a re

2 2 +1

A, - ( + (44a)
3 (n-n 3

2n,(2n 2 + 1) 3A
* A,~ (44b)

(n, - n-) 3 n

6n 2 +I 3 ) 3A+

±1 n= - - - -3 (44c)
(n_ - n (n2

where thle root s of thle denominator of tithe torc e eqku at 10n are-

n+ 2 E ) (45)

DISCUSSION OF EXAMPLE

The rotor bearing system described in reference 8 was used as the ex-

ample problem. This rotor bearing system consisted of a shaft with three
disks mounted onl two axially preloaded ball bearings kfig. 5). The bearings
were mounted in a squeeiee-f i m damper journal, and thle journal had a center-
ing spring.

Thie first three critical speeds for the rotor bearing system without

oil in thle damper are shown in figure 6. All the modes are bent-shaft

mod es. The "c lassical" hierarchy only apples to stiff sliaf ts; therelore,
thle classical mode shapes do not characterize thle actual mode shapes. The
fi rst mode, ahout 7 581 rpm, c lassically would be thle cylindrical mode. Bu t

in this case, it has a I a rge amount of bending outward near thle shaft cen-
t er. The sec ond mode, a bout 9235 rpm, c lass ica lly would be the conical
mode0. In thji s case, it has; a sl ight amount of bending outward near thle
s ha ft enid s. Thelk thi rd Mode, about 1 1 '248~ rpm, c iassicalI ly wou ld be the
be nd ing mod e. I n t h is c as e, it has a large amount of bending throughout thle
shaftL.

Kxperiment ally the rot or was acceleratLed f rom rest throu0gh thle three
c rit ia IIs p eed s. I nIk Li ssa is patterns for the three disks were di splayed
o n t li ree osIdev-by - si (I C catl hiode ray l' t ulss. A mot ion p i c t2 eWas taikenio 1 ti10
CRT' s plu11s a) spe ed (-oun[t er. Thelk iSsajous patterns at thle three critical



Data acquisition

Figure 5. -Rotor bearing system used as example problem.

Critcalspeed.
rpm

7581

9235

L~ 

11_248

rFigure 6. -Undamped critical speeds.



Speed, iir, shown on Ifigures 7 to 9. The three, critical speeds occurred ait
about the prod ict ed Speeds, and thre Lissajous patterns corresponded to thle
three mode snapes.

fihe rot or nearing system was mode leot by using 19 ele:ments. Thue rot or
Was assumedIC to tiave a uniform, in-I ine unbalance, with a mass eccentric ity

ot U.00d25A4 centinieteor 0 iii) . The equat ions of mot ion for thi s system were
pro gramed in FORIRAN IV onl anl IBM 360-67 computer in a time-sharing mode.

III, -qationls it notiron Were directly Iitegrated by thle implic it integration

mct nod, witi cm I ixed time11 step of 0.12 ilIlisecond. 'Ilie transient alyzecu
wA >, ti,' ri or accelerated f rum rest through the three critical Speeds. [i e
raJt k IJ CC acc-lrt ion was 87-27 rad/sec 2 . Each t ime Step tOOK about 0. 7
5000 oiid 01 CP IL i me.

the outut at oach t imie Step Of thle C a ILJ at io was WdiSsplIa yko tn a
til. e di splIay showed anl obl ique view of thle rotor bea ri ng system, wi til

tie naingl ceiiterline as tile oblique axis. [heI tranIsverSe vil)IJat l 15

nodic ated by, a Series of dot s. Each (l ot reproesenlts a location of anl ce Ie t
tin the rotor dyniamics model. The scale of the transverse vibratin exagger-
ates tilt amplitude ot thre vibration. 'thre display onl thre CR1 was photo-
graphled at each t ime steop. These photographs wore then shown as a mot ion
P ic turto.

[lie comp11uter-generated diispl mys onl tile CRT at thre first and third cr1it-
icalI speeds and at a speed much greater Lhanl thlt third critical speed are
shown in figures !U to 12 [Tho mode snapes it the i i rsi and thi rd critLicalI
sp eed s we2re s I mi1 art to thle predicted modeC shapo s aild OCCUrred at tilie pre-
dieC t ed sp1)ee d. Bec ause of thtte u nba I iTic t d i s L r i nojt i onI, Lthe- se co nd nrode wa s
nlot exc ited. 'Ihie onl1Y LIId icJation o1 thjl So'Condj~ 1o1d1o Was a traveling wave
SUmiri iposed Oil tile t i ist mlode shiapL- lhii t rivcieintg wave, dec ayed when thre
rotor went through thme third Crit ical spued. Above thle third critical
Speed, the rotor bearing sy stem opcrcated as, a ,eli-center-ing device. ile
mass centerline coincided with the beain g centerlne. Therefore, thle rotor
displacement was uniformi and in tle, with ain iumpi itudk! of 0. 00'-54i cent i-

meter (I milI).
Inl coneclusion, this com11puter code tor the first t ime allows us to look

at c omiplex rotor boa ring sy stems experiencintg nonli near transients anid d is-
plays the vast amount of results inl anl easi ly understood nlot ion-picture for-
Inat . A I10-miiiLt e , I16-mil i met e-r, c olIo r, soun itot i onl-pijc t ure- supp lemenITt i s
a va iIabhl e, o n l oan, thla t s hows t tst oa it ai mo i t iek com11puter-mad c iot i oi
p ic titre.

CONC IA13 SI N

An imp1I ic i t met hod f or i it egra t i rig Llt e qiiat Iins of Imot io0n flot- a
I unliped-nla SS liodelI of a rotL or dy naimic s'. ste m wasI dcove I oped. [ilie I ol lIowi mig
Conkc luisi olus weIk to d -awnl

Ilie w1('i od wals nieric1 cly stole t or any t tine s i-

Ai orrto r e St ii - wais availIable to coill-rol ite size of tilet, Littl St el).

I. , [li coiput at onla I t imei was litilpotL ioini t Lo thelk nIumber( oitL I klnenlt S in1
t ie rot r-i d v iann ics modec I rttlie r tha IT,)1 o t li e ci b0ht of I Lihe itumbo -

4. AT oI k m\ M i 10 1) 10 lII ei Wi Im 19T mas e , I ewek tii s i 11 lihe ILot or- d VMilli iL Cm S o e 10-
t k i S"(2 111 0i it Co i 1t ial1 I lk r Ces i, 11' Uii 11Lt I illo pet, t I ilme St op aim an I1 11 1

_~iu , )ITT pu ft "i r I IT a L Imni-suiti I rg O,C.

F1 tI I, ti i t st tI tilt' , tilh cod,' jIi louws Lt' sIi iuuIt i Iii kit i coipic.x lot or

3m,- Ii Ii,, '- -. c1 m Ix in ' ll ri -0 I i, i :H i mi i iIi 'fS i in mI s 'I li i I "p I .1X' im X t -

mIuii ] iiit t iS snI s ii ui i i- .1 m~ t' r Im IT n1P iMoti 1 p icI ir,- 10ti
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SQULE EZE1-Fl LM DAMPER TECHNOLOGY
AN OVERVIEW OF

SQUEEZE-F [LLB DAMP ERS
APl'i' CATIONS

AND
TECHNOLOGICAL ST'rTs

BY

Coda It. T1. Pan
Technical D~irector

Shaker Research Corporation
Northway 10 Executive P'ark

Bali1stonl Lake, New York 12019

ABST''RACT

*Trends inl the UtLUiltionl Of squeeze-film dampers in rotating machines
are reviewed. D~esign and analysis approaches in current use are out I ineJ.
I'llre'So 1.Vedl tee hoe I0egica I issues are i dcnti fled.

TYPICAL. APPLICATiONS

Lxp io itat ion lin earnest Of daZmper technol ogv in tie(- engineering of hi ilh
s peed rotors I)c gan about a decade ago .A rIarmeivtioofheuef

squeeze- filmi dampers is the des ire to0 have the chioice of opera ting a rotatingi
machiine near or above one or more c rit icall speecds . Some res idualI imha lance
in a rotor assemblyv is unaZvoida~ble in practice. Unl ess there is adequate
damping in) the rotor System, resonant excitiition of- a cr1itical speed at the
operating condit ion or inl ac cu] crating througl h the c r i ti ca speed canl resu It
inl rotor vibr-ation amlplitudes or traumatic teve]s.

GaLs t ul-b)ine1 enig Ines f10 1- icraft 1 prepu I s i oni a reL amo ng L te f irs t ro tatLi ng
machline types to b cue Fit f rol Litu Use of squeeze-fil n damper to achiO e
s igo if icantL improvementL inl its pc r Fe ma nec cliaracter istics . A tvypical air-
craft gas turbine rotor is essential] v an undaimped structUre. Its supper t
sys tern tradiftionlal 1 v consists of ro] log, CIlment heairings whiich are direct I%
attac lied to thle cao.Ro IllM' gcIltI bear jo';llgs bL'helve like very stiff
sprinogs (without damping) . Thus , inl such a rotor system, damping of lateral
Vibrat ionls is due to iCoul][mb1 fr ict ion d iss ipat ion occuirrlog inl the casing
assemb lv wh'iclh responds svmupa tliecticalki to vi bra tory forces transmit ted
throughij the suipper t bearings. '['lie il renlt damp111ing apa CI M~ty of tluis type of

rotor ,'ystern i s Ilimied and1( dif fil L o prediCLt, there fore, resonant vi hra-A
tionus are potentIliallIV veirv Violent. The fo Ilevil, n design constraints are
ulsual I I% fel I 1we1

ulper~ilog- s;peed must be, s;ignl ik'leantIV dl I Fferent 1ron0all en1 triical

Umo



Stringent quality control regarding residual mass imbalance must be
maintained.

Critical speeds which fall below the running speed must not display
much flexibility of these critical speeds. Therefore, the rotor
structure tends to be relatively rugged and thus heavy.

Ever continuing strive for higher thrust-to-weight ratio of aircraft
engines has led to more flexible designs of the engine rotor. 'lost con-
temporary propulsion engines have damper mounted rotors to allow operation
above critical speeds which exhibit considerable rotor fluxibilit'.

Application of dampers in industrial rotating machines is beLginning [].
Because industrial rotating machines are commonly supported by fluid film
bearings which are usually effective in the control of imbalance response, the
reason for using dampets usually concerns asynchronous vibrations. Of
special interest is the "half frequency" variety; this may be either in the
form of "oil whip" [2] type instabilitv or duc to other types of excitation.

METHtOD)S OF INSTALLATION

Commonly used dampers are of the non-rotating type and arc mounted in
series with the support bearings. Since a non-rotating fluid film cannot
carry a static load, a parallel centering spring is commonly used to insure
that a nominal damper clearance is present under the operating static load.
(Figure 1).

A series mounted damper can also be used without a parallel centering
spring (Figure 2). Such an installation is favored because of simplicity
in manufacturing. Strictly speaking, the film of such a damper is nominally
bottomed under a static load. If, however, vibrations of moderate magnitude
is present, non-linear effects together with film cavitation interact to
induce a static lift [3, 4, 5]. Advocates of such a design approach reason
that the damper film clearance is not essential except when significant
vibrations are present.

Use of fluid film dampers in an intershaft installation for vibration
control of multiple spool aircraft gas turbine engines is also under con-
sideration (Figure 3). Because of the rotation speeds of the two shafts,
the fluid film will experience the hydrodynamic wedge action and in effect
will function as a fluid film journal bearing. The equivalent "half fre-
quency" effect would occur at the algebraic mean of the two shaft speeds,
potentially, thus, an instability mechanism exists [6, 7]. In an intershaft
installation, alignment of the damper center with the bearing centers should

be accurately maintained, lest runout error would cause excitations at rota-
tional frequencies.

The damper can also be installed (through a rolling element bearing) in
parallel with the support bearing (Figure 4). The latter may be either
a rolling element bearing or a fluid film bearing. The parallel installation F
complicates the manufacture process somewhat. However, it offers the
possibility of an extended linear range which is difficult to realize in a
series installation.
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CENTERING S LEAKAGE SEAL

SPRING
SUPPORTED -DAMPER FILM

DAMPER__ _ )
RING Figure I- Series Damper With Centering Spring

~FREE

DAMPER FILM

Figure 2 - Series Damper Without Centering Spring

"INTERSHAFT DAMPER- BEARING
Figure 3 - Intershaft Damper

SUPPORT
BEARING

Q____ xMOUNTING BEARING
Figure 4 - Parallel Damper
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DESIGN PARAMETERS

'Ihli component characteriStics of the damper should be designed to yield
an optimum1-11 dyn~amic charactreris tics of the rotor system. In a given situation
thev damper film ill ,icter and the lubricant properties arc fixed. However,
there are Still nuimeriOLs controllable design parameters. The significance

Lro)M the short bearing, :T-fiirn approximat ion, according to which the damping
eCei-fiCienlt for a smallI circular Orbit motion is

short , Ti (Q 1) ))(

it is SeenCI that the most prominent feature in this formula is the factor
3LC . T1his fo rmula is primarily for a damper fed from a circumferential

roovc at one end and drained through another circumlferential groove at the
other~l enid. Very often, end-seals are used for such a damper for "housekeep-
p inug" pur poscs . Lf a damiper is used without end-seals, it is most commonly

011d through ai id)iL ane feed grooves. When this is done, there are effec-
t ivc Iy two dianpeL- r ilmis Sharing the available length eqUall v. The resulting

* daLmping" COCI Aclt is 1 /4 as large as that of the dami; ~r which spans the
sameC axial tlngth WithIout interruption by the axial feed groove (Figure 5).
Low leakagk.e enId-Sea is can he used to amel iorate the reduction in the damping
Capac V %. III orderi'I to elimlinlate, loss Of filmn pressure due to leakage, axial
flow h1,S to heL suppressed both globallv and locally. Local axial flow is
Suitably reduced if tile hydraulic diameter of anyv inboard circumferential

LC irCUl at ion p)Iaage is of a similar dimens ion as the damper film thickness
aIS illustrated in Figure 6.

Tie ''end l eakage'" at the inlet can also he Suppressed by supply ing
iluhr i cant flo thlrough, a few discrete Small holeCS in lieu of the circumfer-

LIlt ial ICrid grooveO at miidplane (Figure 7) . A damper withI leakage suppres-
S 101) I eOLlt-5 a1t both inlet and exits is miore appropriately estimated

acc) r 1 gLo tilt, long hearing, vT-film approximation

I)i ( ) Li) (2)
lonIg, j. C

( ip r wi Li Hq . (1I) , i t is 5 tej L ha t Upon success ful suppress ion o I
e ckv' if i s , the dam,.ping ca pac itv can hti increased by the factor

I i/L ;in tvpica I conf igurations, Lthis amounts to 12-300.

liti dbove forl--1ae art, deriveid from tihe 7-film approximation, which
re-tains only thec port ion of film pre'SSUre which is above the ambient. Wi th
enouc11li pre'sur i xat ion in the suipily, it is in principle possible to eliminate
cay i tat ion li '1t i ri I . Whe1n tbhis is accomplished, the damping coe ff icienut
Vwiiiil i Lill hitw c that (I th U' -f i in estimiate. Ani additional advantage
ill tile- -l imillliti'l of "ivi tation is tihe Suppression iof the non-linear whirl

piiiiolenii vii li ailhi rigere lV icx 1 taILt iOn of abuisive lvleg
.1 ha-dc loss k'eit of l a gas Ctlrh inc and is geneI1rally a vibratio tol f in~toLer-
oh 1 m '1-1 i t 1,1C. A d is;idVIlltag 111101 C]I i1nA t ion Ot ClV i ta)t io(n1 i S the con1-

L ulVevv ci i 11iiLt iolu o f Lilti ,(;t i-I lif tlapacityV.
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In summary the typical design parameters include the following:

Geometry- length

clearance
film profile

Installation - series with centering spring
without centering spring

parallel

Feed - circumferential feed groove
discrete feedholes

Drain- flow through

circumferential collecting groove
sealed

* Supply Pressure

* ANALYTICAL TOOLS

Central in the effective utilization of squeeze-film dampers is the capa-
bility of predicting their dynamic characteristics accurately. Simple
formulae, similar to Eqs. (1) and (2) and those allowing for orbit amplitude
effects [8], give approximate estimates respectively for dampers without and
with leakage suppression features. A computer code, which can be used to
perform more elaborate computations with allowance for end leakage and cavi-
tation pressure level, is the outcome of a recently concluded program spon-
sored by the U. S. Army [9]. A simple, weighted average rule between Ti-film
a'nd full-film short bearing formulae was used to study the lift-off process
[10], while the weighting factor was empirically determined, a reasonable
facsimile of the experimental trajectory was reproduced.

Incorporation of damper effects in the analysis of a flexible rotor is
readily accomplished in either the frequency response point of view or in
detailed time-domain simulation. In the former case stiffness and damping
coefficients are used; whereas in time domain simulation, force components
are expressed as functions of the kinematic state variables. In the case of
circular orbits non-linear amplitude effects can be included in the frequency
response calculation through an iterative process.

APPLICATION PROBLEMS

While the introduction of damper installation invariably would reduce
ithe vibration and noise levels in a rotor system, an optimum damper design

requires attention to specific issues which are peculiar to the application
in question.

The effectiveness of a damper installation in a highly flexible rotor
system is dependent on

axial location of the damper mount,
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stiffness of the centering spring, and

the dynamic coefficient of the damper.

Regarding the last factor, one may take note that an oversized damper
would inhibit the local motion and thus become self-restrictive in the
damping action. Appropriate "tuning" of these factors would reduce the
overall vibration levels to a minimum [11]. Particularly if the vibration
phenomena are confined to a restricted frequency band, the benefit of the
damper installation can be significantly enhanced by optimum tuning.

A damper installed in series with the support bearing without a centering

spring behaves unusually as a function of the transmitted vibration force
level. At low vibration levels, the damper would be "bottomed" by the
static load and motion in the corresponding direction would be selectively
restricted, and the local orbit trajectory collapses into a line which is
perpendicular to the direction of the static load. Accordingly, the damping
action cannot be fully effective. At large vibration levels, fluctuation of
pressure in the damper film would result in "cavitation" in the unloaded

* region. The cavitation pattern is not uniform on account of the asymmetrical
geometry. Consequently, a static-lift is induced so that the orbit would
open up and motion in all directions induces damping [3, 4]. Controlling the

4lift-off condition is a unique issue in the design of a series damper with-
out a centering spring.

Dampers can also be beneficially used to suppress instability tendencies
in rotor systems. The most common causes for rotor instability are fluid
film bearing forces and impeller reaction to tip clearance variation caused
by local eccentricity [12]. On the other hand, intershaft installation of
a damper can precipitate whirl instability occurring at the average fre-
quency of the two shafts [6, 7]. Use of a "whirl-free" film profile is a
crucial consideration in the design of intershaft dampers.

The Tr-film analysis (for any L/D) shows a strong dependence of the tan-

gential and radial force components on the orbit amplitude. At a small orbit
amplitude, the damper force is primarily tangentially oriented. As the orbit
increases, both components increases non-linearly. The radial component has
a stronger non-linear trend and becomes dominating at large orbit amplitudes.
This behavior is illustrated by the eccentricity loci shown in Figure 8.
With a series damper installation, if the rotor is required to run past its
critical speed, a large response orbit accompanied by excessively large
transmitted force can develop. This phenomenon is associated with a bi-
stable condition of the rotor-bearing system due to the peculiar non-linear
behavior of a cavitated damper [13, 14, 15, 16]. For a rigid rotor, this
undesirable behavior would occur if the mass imbalance is equivalent to a
mass shift in excess of approximately 1/4 of the damper clearance.

SOME UNRESOLVED ISSUES

Although the squeeze-film dampers is quite effective for the general
reduction of vibration and noise levels of rotating machines, the state
of technology is still inadequate for its engineering in critical applications.
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I 1 1,i:!llport 11. 01 L1I COIvi Lot io1n proot-ss III tie OperI ilo ot tile damper

i. -'.a id by iLe I oeujuc otrvit ions:I

I I I~r i ', A 1CoCtt iwi'ldulle of thIIu da IIping cpac i Lvoil the amp]. Lutde
)I t 1w 0 ri- it ot ion whIIich (Ictermlites if thI e Ilubr icant f ilIm would be
d V iL t , id ond whaIt i s thlu L2x tk2n t o f cavitation.

* i t I posiI)i I i t of 1 U t-oft in a series instal lation without a

c,,lltcri 1 5pii_ depend s on the occurrence of cay itat ion.

* th L oub1 COIIOpSS ibiii tv of hi-stable operation of the damper under
II i I d vInam I1i c l oad ing' c an1 be (21i i ina ted 1)VSylP1 upr US Sing1 ! the cavitation
procuLSS.

Thue comlmon) proCLi Cc 0I aCCuptin me i hcr thu -f ilm or thuL fulli- film approxi-
mat L1ionI or of uinc.iv th 1 ' (;LI.bCI criter ion in a more eilaborate compllutation
SC1cM 1m,7wontd 1not anlswer tieL abiove que-st ions . A mo re convincing treatment for
tile ci rcular orbi ts of short dampers las shetd some l ighlt on these issues
[17. iiepreseni tat ive resultts are ill IStro cd iln Fi ureLs 9 and P i.

L'se of sinaI I c tea rance end-sealIs a nd d iscrete feedho Iles are motivated
by the des ire to real ize the largest poss ile damping capacitLy. Availabl e

*treatment of seal effects dteals witk Llee- OVerall I I oekace(- fl ow (e . gp. [27])
hut 1esno c Itue to the appropriate Ctes ign cr tori a 1or the suppress ion of
tocal rec irculation effects. Tile discrete feeding process is controlled by
100cat flow lie Ids whIichI is characterized by liotth sharp spotital gra-d ients as
wel I as rapid fInc tua LionIs WithI time. And vet, tile covera,,,c of the l ubr icant
f ilm depends on) tile hala nce he twuen ttie net feed flIow ind end 1 cOkage . It
is clear that tihe successful design of higil-performance dar~pers won 1d depend
onl adequate cons iderations of detail fIlw, processes in IOOLn Lio feedJ region
and tile exit region of the Lubricant filml.

Nell-c ircular whil orbits occur when uncomlpemsated staltic0 load and tihe

dynamic rota ting Iloadt are of similar magnitudes . ii tile- dYnj;I1!i to I d S110111 d
be large enough to cause cavitation, sucih a 51tuziLion does not 1idm it 0 s teadv-
state description of tile cavi taltion dom~ain . Conlsequen LI v, the 000~11v

accepted Swift-S Lieber cond ition [or locating tihe cav itat ion i)lIuldiry l o
withl the film re-formlation bloundary is not appi icob t e . I t ape ars L tIlIa t '1S -

Lorv f eatures" should be included ill tile analysis of cavi tatect sqtllee7.-1 ins-P
wihichl are associated with non-circular whirl- orbits[13u].

Dliscussions on cavitation thus far presumed aggregationl of voids pri-
nmarily in tihe unloaded film zone. Tile possib ilitv in tile entrailllwilt Of
finlty dispersed bubbles in the entire film has been suggested [19]. 11 rec t
vidtellcu of tile validity of this hypothlesis 15 vet to lhe ot Lai mkd. I L ~

quite possiible thait tile presence of entrained gas is; a spee'd IC Iated pilt nllOl0l.

Dtampe rs for Ilarge propults5ion gas turbiines operaILu w Wth imodtera L cIt vlarge

Reyno1LI t ntsumblters, . tcrno i1iU1 i e ffeLctLs wl ctIl ar e nu t ot. cd i 1I tile ( I Lti r 10 CL io I)1
tileo ry canl be iroien lt . I n t orm1s 01f overa I I ro)t OF d l'IlMl tt b hciov i 0-S; , 0
vi r tua Imass, plenolllenon01 is tL- be' eXpect cL'. III15i-Sn i s oxe rhooked * most

of the tLiIne, ill prevatiling 011 I ivt tol results.



I~E It .~

-- N



interest in the assessment of trans-critical rotor response to mass
imbalance at an abusive level has directed attention to the bi-stable, non-

linear character of cavitated dampers. For a rotor system with multiple

damper installations, time-domain simulation with commeasurate thoroughness
in all relevant aspects of the rotor system is potentially capable -'f yielding

accurate and useful results. A convincing demonstration in the efficacy of
the simulation method as a tool for rotor engineering remains to be estab-
lished [20]. Issues requiring careful scrutiny include

numerical stability of the computation scheme,

bounds of cumulative error,

interactions between spatial and temporal resolutions,

effective display of simulation results,

computational cost considerations, and

accurate characterization of the dynamic behavior of critical
components.
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Communication on Squeeze-Film Damper Workshop, Charlottesville, 8-10 May, 1979

I am sure that I reflect the views of the vast majority of participants when
I say that the Workshop was a great success in bringing together engineers of
similar interests from around the world. It helped to confirm in my mind that
conferences on fairly narrow topics are more successful than ones on wide-
ranging topics. The blend of industrial, research and computing experience in
the Conference was particularly successful. In the first, Mr. Malonoski and
Mr. Balke illustrated very forcibly their experience in design and develop-
ment. In the second I thought the paper on the effects of fluid compressib-
ility by Messrs Hibner and Bansal was outstanding and leads the way for more
fundamental research on the nature of cavitation. Mr. Simpson's paper is also
worthy of publication and I hope will appear in the final volume of Proceedings.

With regard to numerical analyses the papers of Dr. Gunter et al, of Dr. Barrett

and of Dr. Stephens contained some very interesting features and results. In
*particular it would be helpful if Dr. Barrett could elucidate a little on how

he included the non-linear squeeze-film effect in his essentially linear pro-
gram. The inclusion of this paper in the final volume would also be of great
value, as would that of Dr. Stephens. In the latter, values of the various
integrals that he used would be especially useful.

I thought Dr. Hahn's design charts were very ingenious but in the light of
Dr. Hibner's work perhaps a little premature. However, there appears to be no
reason why such ingenuity cannot be applied using modified data, when these
become available.

In conclusion, I would like to congratulate the organisers, the authors and
the U.S. Army Research Office for their organisation with the hope that the
Conference might be repeated in a few years' time.

R. Holmes
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