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PREFACE

This volume contains presentations made at the Conference on the Stabil-
ity and Dynamic Response of Rotors with Squeeze Film Bearings. The confer-
ence, co-sponsored by the U.S. Army Research Office, the U.S. Army Applied
Technology Laboratory and the Rotor Dynamics Laboratory of the University of
Virginia, Department of Mechanical and Aerospace Engineering, was held in
Charlottesville, Virginia on May 8-1C, 1979.

The purpose of the conference was to assemble experts on squeeze film
bearings to assess the current state of the art squeeze film bearing tech-
nology and to determine future research requirements. Over 50 participants
attended the conference, representing industry, government and university
interests in squeeze film bearing technology. They represented five countries
Australia, Canada, Denmark, England, and the United States.

Papers presented at the conference dealt with the basic hydrodynamic
behavior of squeeze bearing o0il films, the effects of squeeze film bearings
on the dynamic response of rotor-bearing systems, design techniques and
methods of analyzing complicated rotor-bearing systems including squeeze film
bearings. The consensus of the participants was that further research is
needed to more fully understand the behavior of lubricant films undergoing
squeeze actions. This research involves both the experimental determination
of squeeze flow effects with fluid cavitation and a more precise analytical
description of the forces developed. The results of such future research
would allow more confidence in squeeze film bearing design applications
including the nonlinear aspects of such designs,

The editors wish to thank all those who participated in the conference.
Special thanks go to Dr. Edward Saibel of the U.S. Army Research Office,
Research Triangle Park, North Carolina and to Mr. Allen Royal of the U.S.
Army Applied Technology Laboratory, Ft. Eustis, Virginia.

L. E. Barrett
P. E. Allaire
E. J. Gunter
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A Current Review of Rotordynamics
Problems in High Speed Lightweight
Turbomachinery and Power Shafting

by

Dr. John M. Vance, P.E.
Associate Director,
Gas Turbine Laboratories
Texas A&M University
College Station, Texas 77843

ABSTRACT

The special requirements and characteristics of turboshaft engines and
, power shafting for aircraft applications are reviewed, from the viewpoint of
% their impact on rotor dynamics and vibration problems.

3 Rotor dynamics and vibration problems are classified according to the
type of excitation and useful diagnostic information. Suggestions are made
to increase the use of vibration instrumentation and diagnostic electronics,
following the lead of industrial compressor users.

The current role and future potential of squeeze film bearing dampers
for solving the identified problems are discussed.

Recommendations for future research are given.
INTRODUCTION

As described in reference 1, there are a number of special requirements
connected with rotor dynamics that are peculiar to the rotor-bearing systems
in the class of small turboshaft engines and power drives being developed
for U.S. Army aviation. They are:

1. Increasing power/weight ratios, now approaching about 4 HP/1lb. This

results in flexible engine rotors and structures.
2. Small physical size, especially in frontal area and wheel diameter.
. 3. Increasingly higher shaft speeds, to satisfy requirements 1. and 2.
4, Front drive, which usually has the power shaft passing through the
compressor spool (Figures 1 and 2).
5. Maintainability, so that individual components making up the rotor-
bearing assembly are easily replaceable. ;
6. Long life, to reduce frequency of downtime and overhauls.
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Taken together, these requirements are a severe challenge. For example,
the combination of requirements for high power and small wheel diameter re-
sults in extremely small blade tip clearances. This limits the acceptable
rotor disk excursions due to shaft whirl, and is therefore difficult to
achieve with flexible lightweight rotors.

The higher output shaft speeds found in these new engines also presents
a challenge to the power transmission shaft designer. For aircraft appli-
cations, a current goal is to develop a shaft/coupling system which can trans—
mit 500-1500 HP at 20,000-30,000 rpm while tolerating large angles of mis-
alignment. Figures 3, 4, and 5 show some of the whirling modes which must
be considered.
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From the standpoint of U.S. Army needs, there are two incentives for
developing improved technology for rotor-bearing systems design:
a. Optimization of design parameters to maximize the life, reliability
and safety of engines and power shafting, and
b. Accurate prediction of dynamics so as to avoid costly problems and
delays associated with new hardware development programs.

Squeeze Film Dampers

Rotor dynamics design is mostly involved with adjusting existing machine
parameters (bearing stiffness and damping, unbalance, etc.) to achieve stable
and smooth running of the rotors and shafts. The one machine component
which is added solely for the purpose of improving the rotor dynamics is
the squeeze film bearing damper (Figure 6). The fact that most new engines
are now fitted with these dampers is testimony to their effectiveness.

01 s g gy Bry s o R 17 o P, A R S SRRV

SQUEEZE FILM
CLEARANCE

Fig. 6: Squeeze Film Bearing Damper
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Many squeeze film dampers in use today were designed by "cut and try"
methods. 1In spite of a considerable amount of research which has been done
to develop an analytical capability for predicting their performance, it is
still not clear that this can be done reliably and accurately for all cases
and conditions of practical interest. Also, it is the opinion of the author
that the available technology for design analysis has not been fully utilized
by the engine and airframe contractors, due to the natural inertia of tech-
nology transfer.

It has been demonstrated, however, that well designed dampers can be
effective for reducing both synchronous and nonsynchronous vibrations. The
main purpose of this paper is to review the current state-of-the-art for
rotor dynamics technology, in order to suggest both the potential and the
limitations of these dampers for turbomachinery applications.

Since the proper design of a damper must be governed in part by the type
of vibration it is meant to suppress, it is helpful to classify rotor dy-
namics problems accordingly. When problems occur in hardware development
programs or in the field, a proper classification of the problem is an
essential part of the troubleshooting procedure which leads to a solution.
The petrochemical and chemical process industries have led the way in uti-
lizing modern instrumentation and vibration analysis techniques for dia-
gnosis of vibration problems in rotating machinery. As will be seen in the
next section, frequency spectrum analysis has been found to play a useful
and powerful diagnostic role. 1In the author's opinion, this is a technology
which should be more fully utilized in developing turbomachinery for military
applications.

Rotor Dynamics Problems Classified

In general, rotor dynamics problems can be classified as either forced
vibration which mainly involves the shaft-whirling and vibration response
to rotor unbalance, or as whirling instabilities, which are generated by
self-excited forces arising from internal friction, gas pressure forces, etc.,
or by parametric excitations.

Table I shows the specific types of forced vibration, along with dia-
gnostic information and solutions which have been found to be effective.
Table II given the same kind of information for shaft whirling instabilities.
These tables are modifications and extensions of Table 1 in reference 2.

Forced vibration is much more common than whirling instability, but the
latter is usually more destructive, more difficult to predict, and more
difficult to diagnose and control.

The two classes of problems are characterized by different vibration
amplitude vs. rpm behavior. Forced vibration, especially synchronous
response to unbalance, exhibits amplitude peaks at the critical speeds which
fall off as the speed exceeds the critical speed. Whirling instabilities,
on the other hand, show sharply rising amplitudes as a threshold of speed
(and/or load) is reached. The threshold usually cannot be exceeded without
damage to the machinery. Figure 7, taken from reference 3, shows the typical
change in vibration spectrum and amplitude which occurs as a threshold of
instability is reached. This type of plot, called a "raster" or '"waterfall",
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can be generated in real time and plotted automatically by electronic equip-
ment which is now developed to a high state of refinement and efficiency.
Figure 7 was taken from a centrifugal compressor used in the petroleum

It can be seen that the frequency spectrum analysis is an indis-
If only vibration amplitude measurements were made,
it might simply be assumed that the rotor was out-of-balance, since this is

industry.

pensable diagnostic tool.

the most common cause of machinery vibration.

TABLE I: Classification of Forced Vibration of Rotating Machinery
Type of
Vibration Synchronous Response to Unbalance
Diagnostic e (Shaft Whirling) Intershaft | Externally | Supersynchronous
Information Rigid-Body Modes Flexible Modes Response Forced Response
Rotor unbalance, Rotor and Vibration Airframe Coupling misalign-
static and dy- shaft unbal- of con- or foun- ment, shaft mis-
namic ance, distri- nected dation alignent, shaft
Source of buted along shafts vibration | stiffness aswvm-
shaft (e.g., in- (e.g., air| metry, rolling
Excitation tershafe loads on element bearing
bearings) helicopter | imperfections
rotary
wihg)
Synchronous Synchronous with [ Asynchron- Asynchr- | Multiples of shaft
with shaft shaft rota- ous, at ro- onous, {re-] rotational speed,
rotational tional speed tational quency of - N
Vibration SPCCQI f = Ea"_g_elh frequency external fn n él: Hz
fo - 165’—" Hz s of connected | vibratory
Frequency 0 shafts force, Nat-| Typically, n = 2
ural fre-
quencies of]
stnicture
Single-plane Multi-plane Balancing Reduce amp{ Align shafts and
{static) or or modal bal- of other litude of | couplings, make
two-plane ancing, tuning shafts in external shaft sections
Effective {dynamic) bal- of critical multi-spool vibratory | circular, tune
ancing, Squeeze speeds to avoid] rotors, tun- | forces, critical speeds
Solutions -film bearing resonance, beart ing to avoid | Isolate the) to avoid resonance
dampers, tun- i r's may| resonancewith rotating with nN
ing of critical not be effectivg exciting fre-| machinery
speeds to avoid at supports or quencies, isoq with soft {
resonance near nodes. lated mounting mounts and
of intershafy or couplings ’
bearings Tune natural]
frequencied k
to avoid
Tresonance
]
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There are a number of self-excitation mechanisms which can produce whirl L

instabilities.

inside a hollow rotor.

proportion to the whirl magnitude.

to oppose it.

They are listed on Table II.
of them are generated.

Figures 8 and 9 show how two

Figure 8 illustrates the forward tangential force )
component generated by the shaft whirl motion when there is a fluid trapped i
It can be seen that any small perturbation of shaft

whirling will produce this tangential force, which will then increase in

Thus, the motion is "'self-excited', and

an unstable build-up will result unless there is sufficient external damping

Figure 9 illustrates "Alford's force", which is a similar type of de-
stabilizing force induced by the circumferential variation of dynamic gas
pressure forces on blading in axial-flow turbomachines.
that the tangential forces on the blades should vary as a result of tip

Alford hypothesized
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used by rotor dynamics consultants.
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i clearance variations produced by the disk whirling displacement.
retical model is contained in most of the computerized stability analyses
It has never been experimentally verified,
although a test rig to accomplish this has recently been built at the Uni-
versity of Florida (reference 4).

TABLE [I: Classification of Shaft Whirling Instabilities

in Rotating Machinery

This theo-

J of
% Vibration
3 Diagnostic | - Parametrically Excited
3 Information Self-Excited Nonsynchronous Whirl whirl
§ .
.’. 0il film bearings ('oil whip"), internal friction in Asymmetric shaft
. rotating parts, trapped fluid in rotor, tip clearance stiffness, asymmetric
effects in axial flow bladed disks (“Alford's force'), rotor inertia, pulsating
Sources of labyrinth scals, ring seals, high gas pressure in centri- torque.
fugal stages, rotor/stator rubbing friction (induces
. Excitation backward whirl), high torque loading on disks misaligned
by the mode shape (“torquewhirl“), variable angle of
attack on blades of axial stages ("piupeller whirl flut-
ter'', can be forward or backward), dense or viscous fluid
in impeller housings
Whirl Frequency Almost always subsynchronous, typically 0.3 - 0.8 Usually supersyn-
£ chronous, f/fs > 1.0
Ratio Ts
Shaft Speeds Swpercritical speeds, especially at 2w and above Subcritical speeds
Where Encountered
Stiffen shafts or shorten bearing spans to raise Squeeze-film bear-
bending critical speeds, ing dampers, remove asym-
Effective Asymmetric bearing supports, metries, isolate pulsat-
Squeeze-film bearing dampers, ing torque with torsion-
Solutions Soften bearing supports to allow dampers to ally soft coupling
operate effectively
——— Subsynchronous Whirling instabillty,
4900 CPM, Threshold speed just
over 10,000rpm
4
-
CI
E
P 31 Synchronous Vibrotion,
3 Speed Increasing
» ?EL 1
< 2
E 1
2 J
: - i
LI ) — iy Time
+
. 3 N , Increosing
4
R 1
o—_—
O+ 2 3 4 5 6 7 8 9 10 1 12
Vibration Frequency ~ 1000 CPM
Fig. 7: "Waterfall" Plot of Vibration Specturm Showing

Rotor Whirl Instability in Centrifugal Compressor
Taken From Peference 3 (Fowlie and Miltes).
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viscous shear

w =shaft speed

oc = whirl vector
¢ =whirl velocity
w>¢

Figure 8: Whirl Induced by Trapped Fluid

In Table 1, synchronous response to unbalance is subclassified according
to whether rigid-body or flexible (bending) modes are the dominant motion.
The type of mode is determined by the speed and relative stiffness of bearing
supports and shafts. Figure 10 shows the effect of bearing support stiffness
on the whirling mode shapes. In high speed turbomachinery, the bearing
supports are generally made soft to reduce dynamic bearing loads due to rotor
unbalance. However, squeeze film dampers have stiffness properties which
vary (typically increasing) with speed, so that the supports may become ef-
fectively hard under certain conditions. Therefore, a given engine or rotor-
bearing system conuld display any of the different types of mode shapes shown
on Figure 10, depending on the operating conditions.

In general, both the response to unbalance and whirling instabilities are
more difficult to control when they involve shaft bending modes. When the
shaft bends, the magnitude and distribution of unbalance changes, so that a

14
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rigid-body approach to balancing is not adequate. Also, bending modes may
not induce enough motion at the support locations to make dampers effective.
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Fig. 9: Alford's Force
State-of-the-Art and Squeeze Film Damper Technology

Until a few years ago, most aircraft gas turbine rotors were normally
designed to operate below the third critical speed (the first '"bender",
with very soft supports). Figure 11 shows the traditional "safe'" region of
operation on a critical speed map. The newest operational U.S. Army turbo-
shaft helicopter engine runs at super critical speeds, relative to the third
critical speed of the power shaft. A squeeze film damper is used to min-
imize balancing requirements and suppress any potential whirling instabilities.

This application exemplifies why the squeeze film hearing damper has be-
come one of the most utilized solutions to many of the rotor dynamics problems

classified in the previous section.

It is, however, extremely difficult to

{
3
i
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design a damper which is effective under all conditions for all types of prob-
lems. It has been shown, for example, that a damper designed to suppress
synchronous response to unbalance, for normally expected levels of unbalance,
can actually increase shaft whirling under increased levels of unbalance

(see reference 5). Conversely, a damper optimized to guarantee rotor-bearing
system survival under conditions of a lost turbine blade might not work well
with nominal levels (design tolerances) of unbalance.

BRST MODE ~ SECOND MODE ~ THIRD MODE

Rigid

.é:-:% % M Sup ports
Increasing

Support
Stiffness Fiexible

r/—_.\l |—__\__' > - =3 Supports

* - < Free-Free

Rigid - Body Modes
Increasing Speed

Fig. 10: Effect of Bearing Support Stiffness on Undamped
Shaft Whirling Mode Shapes

3d CRITICAL _/

CRIYICAL SPEED - rpm

BEARING SUPPORT STIFFHESS - Ib/in.
Fig. 11: Typical Critical Speed Map
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At present, the analytical techniques that have been developed for squveze
film damper design are all based on solutions to Reynold's equation, which
predict the viscosity-generated oil film pressures around the damper. Ref-
erences 6 and 7 exemplify the state-of~the-art. It has been shown experi-
mentally that, at least under some conditions, such an analysis is adequate
(references 8 and 9).

However, although blade loss experiments are reported in reference 9 to
be good agreement with numerical predictions, the damper design parameters
were not varied at all, and the nonlinear "jump" phenomenon reported in ref-
erences 5 and 10 was therefore not investigated.

It is also becoming apparent that a Reynold's analysis does not apply in
certain cases of practical interest. The pertinent and critical assumptions
implicit in Reynolds equation are:

1. Fluid mass inertia effects are neglected,

2. The fluid is assumed to be single-phase (i.e., no gas bubbles),

3. Fluid viscosity is assumrd to be constant in time and space.

In cases where Reynold's equation does apply, the equations are highly
nonlinear, and the linear model used in some computer programs is adequate
only under special conditions.

To the author's knowledge, all dampers currently used in aircraft gas
turbine engines were designed primarily to suppress synchronous response to
unbalance for passage through the critical speeds, assuming nominal design
levels of unbalance. As engine designs progress to supercritical speeds,
higher pressure ratios, and higher specific horsepower, an increasing number
of whirling instability problems can be expected. Reference 11 recounts the
experience of one turboshaft engine manufacturer with a problem of this type.

Rotor whirl stability is a problem which is now costing the petroleum
industry and industrial compresscr manufacturers hundreds of millions of
dollars in lost production and expensive redesigns. Avoidance of these prob-
lems in the aircraft turbine industry through a program of farsighted re-
search would appear to be cost effective.

For aircraft applications, the use of oil film dampers to suppress whirl
instabilities is questionable from the standpoint of flight safety. In fact,
although it is known that longer bearing life cculd be obtained with oil
film bearings for rotor support, they are currently not used because of their
catastrophic mode of failure in the event of lubricant supply interruption.

It can be argued that dampers should not be used to suppress whirl instability,
for the same reason, unless special provisions are made for redundancy, etc.

Power transmission shafts for modern helicopter propulsion systems are
also now entering the regime of supercritical operation, and so are subject
to whirling instability problems. The use of squeeze film dampers for sup-
pression is especially difficult in this application, because of the high
stiffness requirement on shaft support bearings, particularly when gear
loads must be reacted in close proximity. The comments above on flight safety
apply here also.

Thus, although the squeeze film bearing damper is now an effective device

17




for reducing vibracion, the following four limitations have been identified:

a. There are apparently certain cases of practical interest where a
Reynold's equation analysis is not accurate or sufficient to predict
damper performance,

b. Analytical design techniques are not yet verified to adequately treat
the nonlinear effects associated with sudden large unbalance due to
blade loss in a flexible-shaft turborotor system with squeeze-film
dampers,

c. Analytical design techniques are not yet developed to optimize damp-
ers for suppression of self-excited or parametrically excited whirl :
instabilities. The question of flight safety must be carefully con- <)
sidered if dampers are to be used for suppression of instabilities.

d. Design of squeeze film dampers for power transmission shafting is _
especially difficult, due to the usual requirement of high stiffness ’
at the shaft bearing supports.

et it o

P

Suggestions for Future Research

It is the opinion of this author that the analytical tools (computer
programs, etc.) in this field have been refined to a point (see, for example,
reference 12) where any further progress must be guided by new experimental
research designed to identify appropriate new directions for development.

Each of the four limitations identified in the previous section sug-
gests a need for new experimental research. Taking each of them in order,
the following experimental programs are suggested:

a. Full scale, full speed, testing of actual engine damper hardware
with sufficient instrumentation to identify two-phase liquid-gas
formation, variation of temperature, fluid velocities, seal leakage,
etc.
b. An extension of the experimental studies of reference 9 to cover a
3 wide range of damper design parameters and rotor dynamic parameters.
3 Predicted conditions for bistable orbits should be verified or mod-
' ified.
t c¢. The sources of excitation of rotor whirl stabilities should be stud-
ied experimentally, using test rigs designed to exhibit the various
: types of known instabilities. Existing theories should be verified
% (or modified) by experimental measurements, and the excitations
should be quantified in terms of measurable parameters wherever
possible. The sensitivity to bearing support damping should be de- -
termined for each type of excitation.
d. A test program should be designed and carried ouvt to investigate the
] use of elastomeric dampers for suppression of vibration and whirl
in high speed (supercritical) power transmission shafts. Recent
developments and improved data on elastomeric properties (see ref-
erence 13) should make it possible to improve the results of some
years ago reported in reference 14.
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REVIEW OF TESTS ON THE HIGH-SPEED OIL-FILM DAMPER RIG
by
M. Botman

PRATT & WHITNEY AIRCRAFT OF CANADA LTD.
LONGUEUIL, QUEBEC, CANADA

ABSTRACT

The High-Speed 0il-Film Damper Rig at P&WC has been used for experiments
on a number of oil-film dampers of various designs. The experiments included
steady state as well as transient unbalance responses. From the viewpoint
of the designer of aero turbo engines the characteristics of dampers of most
interest are those that extend the capability of his design, e.g. the speed
range of a rotor, or those that improve the acceptance by the customer,

e.g. longer life of components or lower vibration levels. Since dampers
operate practically always at relatively small eccentricities it is possible
to generate useful design information on the basis of a simplified theory in
which damper forces are assumed to be linear with deflection, The experi-
mental and theoretical results have been obtained primarily for this purpose.

INTRODUCTION

011-film dampers are well established as components of rotor systems
that provide damping and thereby suppress undesirable rotor dynamic responses.
An extensive literature exists on the theoretical analysis of damper behaviorn
This behavior is characterized by strong nonlinearity at large eccentricit-
ies. Cavitation of the oil-film and instability of the rotor system are
important effects at these eccentricities., Theoretical methods for the
calculation of damper orbits under given support-, loading-, and boundary
conditions are now generally available., These methods have limitations
which make them unsuitable for design purposes. Their accuracy in the non-
linear range has not been established and is debatable. Also, they are very
demanding in computer time and, therefore, not attractive for parameter
studies.
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The desirability of the presence of dampers at certain bearing locations
can be determined quite early in the design phase of an engine on the basis
of critical speed and unbalance response analyses. Specific damper designs
evolve in the development phase as a result of experiments. However, increas-
ed sophistication of rotor designs, and the necessity to minimize design
changes during the development phase, may force the designer to depend more
critically on dampers to provide acceptable rotor dynamics behavior. Hence,
there is a need for reliable design information on dampers that will be useful
in preliminary and advanced design efforts.,

This paper summarizes the experimental work on dampers that has been
performed at P&WC, and it presents some conclusions that can be drawn from a
simplified linearized theory (Refs. 1-3).

EXPERIMENTAL WORK

The test rig that has been used for damper investigations has a vertical
rotor as shown in Fig., 1. The tests were aimed at the high speed range up to
60,000 RPM. The configuration chosen runs in vacuum and is driven by a
simple air turbine. Measurements can be taken of all quantities of interest:
damper deflections and loads in two directions, oil pressures, - flow and =
temperatures, and rotor speed and phase with respect to a reference fixed on
the rotor., Numerous steady-state unbalance response runs and transient tests
have been performed. In the latter a small mass is released at a preselected
speed simulating blade loss conditions.
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Some steady-state deflection measurements are illustrated in Fig. 2 as
a function of speed. The nondimensional quantities are defined as rollows:

eccentricity € = e/C
unbalance W = am/CM
speed of rotation oa/u%
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where:
e = damper radial deflection
C = damper radial clearance
m = unbalance mass
M = rotating mass
a = radial location of m

6% = gupport natural frequency

It should be noted that &€ / WL = 1 represents the condition where the
rotor orbits around its unbalanced c.g. as it would if it was unsupported.

An example of a typical transient test is shown in Fig. 3 for the
deflection in one direction and in Fig. 4 for the corresponding orbit. The

transient mass release results in an eccentric orbit which is centered within
about 10 revolutions.
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THEORETICAL WORK

A linearization of the damper characteristics has been developed in
Refs., 1 & 2 which is considered valid for small eccentricities ( £ < .5).
This approximation gives reasonable agreement with the measured results as
shown in Fig. 2 by the drawn line. The results are very sensitive to the
actual values of the oil viscosity. For example, in Fig. 2 the drawn line
has been calculated for viscosities corresponding to the measured temperatures
at the verious speeds. The dotted line has been calculated for the viscosity
at the temperature measured at one speed.
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On the basis of the simplified linear theory some damper character-
istics of direct interest to the designer can be calculated. The more

important are the transmissibility, the effective damping and the effective
stiffness., The definitions and formulas are given in the references.
Examples of the effective damping and stiffness as a function of speed are
given in Figs. 5 & 6. The damping appears again to be sensitive to the i
viscosity of the oil. Both figures have limited validity at higher speeds
because of the linearizationm.
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CONCLUSION

The rig has performed satisfactorily allowing the measurement of all
oil-film parameters over a wide speed range. The rig is especially useful
for investigations of transient response phenomena.

' The linearized theory appears adequate for the range of small eccentri-
& cities at which dampers operate in practice.
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ABSTRACT

This paper presents a dynamic analysis of a two-spool gas turbine
helicopter engine incorporating intershaft rolling element bearings between
the gas generator and power turbine rotors. The analysis includes the non- ‘
linear effects of a squeeze film bearing incorporated on the gas generator ]
rotor. The analysis includes critical speeds and forced response of the x
system and indicates that substantial dynamic loads may be imposed on the
intershaft bearings and main bearing supports with an improperly designed ]
squeeze film bearing. A comparison of theoretical and experimental gas P
generator rotor response is presented illustrating the nonlinear character-
istics of the squeeze film bearing. It was found that large intershaft :
bearing forces may occur even though the engine is not operating at a 1
resonant condition.

INTRODUCTION

The requirement of high specific power output for gas turbine aircraft

engines has resulted in highly flexible rotor designs. These rotors
typically operate above several critical speeds. The use of rolling element d
bearings, with low inherent damping, makes it difficult to reduce vibrational
amplitudes and dynamic loads transmitted to the rotor supporting structure.
Operation over a wide range of speed and power levels aggravates the dynamic

; problems, and under some conditions, i.e. locked rotor starts, a bowed rotor »!
may result due to nonuniform thermal distributions.

The low levels of rolling element bearing damping and large strain
energy levels in modern designs necessitate the use of squeeze film bearings
to provide adequate damping to maintain low amplitude vibration levels and 1
to reduce the dynamic loads exerted upon the bearings and rotor support
structures. The number and location of squeeze film bearings is dictated by
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the engine configuration and dynamic characteristics (1). In addition,
engines may utilize intershaft differential bearings, especially with very
flexible rotor designs. The design of squeeze film bearings requires care-
ful attention since an improper design may, in fact, worsen the dynamic
response of the system (2).

A schematic of a typical two-spool gas turbine engine used for heli-
copter application is shown in Fig. 1. The engine consists of an inner
core rotor (power turbine), which is supported by main bearings No. 0 and
No. 4, located at the shaft extremities. There are two intershaft differ-

- ential bearings connecting the power turbine to the gas generator rotor.
The gas generator rotor consists of a two-stage turbine which drives an
axial compressor. The gas generator rotor is supported principally by the
Nos. 1, 2, and 3 bearings.

The No. 1 bearing is an elliptical roller bearing mounted in a thermal
gradient housing. The No. 2 bearing is a thrust ball bearing mounted in
the compressor rear frame, and the No. 3 or aft bearing is a close clearance
roller bearing mounted in an oil film damper support near the gas generator
turbine. The No. 0 roller bearing is mounted in the power turbine take off
and supports the output turbine spline shaft. The No. 4 bearing is located
in the exhaust frame and is a thrust ball bearing that carries the weight
of the power turbine. The first or forward intershaft bearing is an
elliptic differential bearing mounted between the power turbine shaft and
the compressor No. 1 bearing. The second or aft intershaft bearing is
mounted forward of the No. 3 bearing.

The gas generator rotor speed range is from 10,500 RPM to 18,230 RPM,
and the power turbine speed is from 0 to 17,000 RPM. Typical continuous
power turbine operating speed is 14,000 RPM.

The analysis presented herein includes both flexible rotors, the effects
of the intershaft bearings, and the bearings connecting the rotors to the
engine case. The case is considered rigid, although casing flexibility may
be an important effect in certain applications.

CRITICAL SPEED ANALYSIS

The preliminary analysis of any rotor-bearing system usually includes
the determination of the undamped critical speeds and associated mode shapes
of the system. These results provide the basis for refining the system model
and anticipating locations where squeeze film bearings may be potentially
applied, i.e., locations where significant motion of the squeeze film bearing
journal will occur to produce the required damping forces. The critical
. speed analysis utilized the transfer matrix method (3), (4).

Critical Speeds with Intershaft Bearings

Figures 2-4 illustrate the first three critical speed mode shapes of
the two-spool engine of Fig. 1, including the stiffness of the intershaft
bearin,c. For this analysis the gas generator rotor was assumed to be ;
operating at 15,000 RPM and the critical speeds were calculated assuming :
synchronous motion of the power turbine. 3
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Figure 2 shows that the first critical speed at 6,936 RPM is pre-
dominantly a bending mode of the power turbine. The largest amplitude
occurs at the power turbine location. It can be observed that a squeeze
film bearing lrcated at the No. 4 bearing (K12) would be extremely effective
in damping out this particular mode.

A slight deflection of the gas generator rotor is observed for this
mode due to the forces transmitted through the aft intershaft differential
bearing (KC2). A squeeze film bearing employed at the gas generator No. 3
bearing support (K24) will not effectively suppress this mode. Since there
is little motion at the aft intershaft differential bearing (KC2) at this
mode, unbalance at the gas generator location should cause relatively little
excitation of the power turbine first mode. This mode will be primarily
influenced by unbalance at the power turbine stages, If the power turbine
unbalance is excessive, then tip rubs of the power turbine blades could
occur.

Figure 3 illustrates the second system critical speed mode shape.
This mode at 12,555 RPM represents the first gas generator mode with the
motion primarily occurring in the gas generator rotor turbine section. The
aft intershaft differential bearing (KC2) connecting the gas generator and
the power turbine causes a considerable deflection of the power turbine
shaft. It appears possible that should the power turbine shaft become
thermally bowed, it may excite this mode. Substantial loads would be trans-~
mitted through the aft intershaft differential bearing. Since the motion
at the No. 4 bearing (K12) is small, a squeeze film bearing at this location
would be relatively ineffective in suppressing the power turbine motion due
to excitation from the gas generator. A squeeze film bearing located behind
the No. 3 bearing (K24) should be quite effective in suppressing this mode
if properly designed. The actual bearing loads transmitted through the
various bearings will be examined in a subsequent section.

The third system critical speed of the gas turbine is predicted to be
20,792 RPM. The mode shape is shown in Fig. 4. This critical is above the
operating speed range of both the gas generator rotor or the turbine. One
interesting observation from this mode is that the aft intershaft differ-
ential bearing causes considerable deflection of the power turbine shaft.
This mode would be particularly excited if there were a residual bow in the
power turbine shaft. Such a bow might be produced by thermal gradients.
Although this critical speed is predicted to be over 20,000 RPM, large
differential bearing forces may be developed at speeds below this critical
speed due to the shaft deflection caused by the intershaft differential
bearing. The relatively small motion that occurs at the gas generator No. 3
bearing suggests that a squeeze film bearing there would be relatively
ineffective.

Critical Speeds without Aft Intershaft Differential Bearing

Under certain operating conditions, such as a locked power turbine
rotor start, excessive wear and degradation have occurred in the aft inter-
shaft differential bearing. The critical speeds and mode shapes for the
system were also calculated assuming negligible aft intershaft differential
bearing stiffness. The first critical speed of the system without the aft
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intershaft is approximately 4,945 RPM, a reduction of nearly 2,000 RPM,
Figure 5 shows that this mode shape has changed considerably from the
{ original first critical speed as shown in Fig. 2. The highest amplitude of
'L motion with this mode does not occur at the power turbine but near the aft
intershaft differential bearing and the internal seals. It appears likely
that this mode could be excited by a bow in the power turbine rotor. The
relative motion at the forward intershaft differential bearing is small and
there is little motion of gas generator rotor as this is primarily a power
turbine rotor mode.

The second mode without the aft intershaft differential bearing is
shown in Fig. 6. The critical speed for this mode is approximately 11,500
RPM. This mode is also primarily a power turbine rotor mode and is well
within the normal operating speed range of the power turbine rotor and would
be easily excited by power turbine unbalance or bow of the power turbine
rotor. Sustained operation at this mode could result in the power turbine 1
rubbing on the gas generator rotor. Experimental testing of this engine
configuration without the aft intershaft differential bearing showed
evidence of rubbing at the center of the power turbine rotor. It is evident
from Figs. 5 and 6 that a squeeze film bearing mounted at the gas generator
rotor No. 3 bearing support would be ineffective in suppressing either of
. the first two engine modes with a failed or eliminated aft intershaft
differential bearing. i

v

The third engine critical speed is approximately 12,500 RPM, and the
mode shape is shown in Fig. 7. This mode is essentially the same as the
second mode with full aft intershaft differential bearing stiffness and is
primarily a gas generator rotor mode. The relatively large motion that ‘
occurs at the gas generator No. 3 bearing implies that a squeeze film bear-
ing at this location would be effective in suppressing this mode.

Because the rotors in this engine are quite flexible, the intershaft
differential bearings are essential components to ensure that rubbing
between the two rotors does not occur. The aft intershaft differential J
bearing plays an important role in determining the second power turbine
rotor critical speed. Loss of stiffness in this bearing results in a
reduction of the power turbine rotor second critical speed which then occurs !
within the normal engine operating speed range. It is also apparent from
the critical speed mode shapes that a single squeeze film bearing may not
provide adequate damping capability for all engine modes within the engine
operating speed range. -

GAS TURBINE ENGINE UNBALANCE RESPONSE 1

Although the undamped critical speeds and mode shapes presented in the i
previous secion provide useful design information, they do not provide
quantitative information on the vibration amplitudes, bearing forces and
effects of damping with unbalance forces acting on the system. This j
section describes the results of an unbalance response analysis of the
engine, including both linear and nonlinear squeeze film bearing forces. i
The transfer matrix method was also used to generate the results (4), (5).
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Response with Power Turbine Unbalance

For this portion of the analysis, the gas generator rotor was considered
balanced and operating at 15,000 RPM (N ). Out of phase unbalances of 10 gm-
in. were assumed at the first stage pow8r turbine and center of the power
turbine rotor. This unbalance distribution was assumed to be representative
of a small bow in the power turbine rotor.

A squeeze film bearing was assumed to be located at the gas generator
rotor No. 3 bearing location. Linear squeeze film damping and support
diaphram stiffness coefficients were assumed. The forces applied to the
No. 3 bearing support are shown in Fig., 8 as a function of power turbine
rotor speed. With the gas generator rotor speed constant, this response
is representative of a locked-rotor start, Full aft intershaft differential
bearing stiffness was included.

In the first case, a diaphram stiffness of K = 400,000 1b/in. and
squeeze film damping of C = 2 lb-sec/in. was assfimed. This value of
diaphram stiffness corres%onds to the original design value for the engine.
Figure 8 shows that the unbalance in the power turbine causes an excitation
of the first power turbine critical speed at 7,000 RPM which generates a
force at the No. 3 bearing of approximately 300 1b. As the power turbine
speed is increased, a very large resonance peak occurs at 12,000 RPM, re-
sulting in a peak force of 2,650 1lb. 1In the actual testing of this engine,
cracking of the gas generator diaphram has occurred along with seal rubs
on the gas generator turbine. Both of these effects could be initiated by
a bowed power turbine shaft during a locked rotor start since the analysis
also revealed that an amplitude of 12 mils at the gas generator rotor
turbine section would occur.

If the squeeze film bearing is assumed to develop a damping coefficient
of C = 20 lb-sec/in., the peak bearing force is only reduced from 2,650 1b
to 1%000 1b, Because of the high stiffness of the diaphram support, the
squeeze film damper is not at optimum effectiveness.

If the effective diaphram stiffness is reduced from K = 400,000 1b/in.
to K= 123,000 1b/in., Fig. 8 shows that the gas generato% rotor resonance
is rBduced to 8,800 RPM and that the force in the No., 3 bearing is also
reduced to less than 400 1b with a squeeze film bearing damping of 20 lb-sec/
in. To avoid cracking of the No. 3 bearing support, the effective diaphram
stiffness should be reduced. Intuitively, support stiffening might be
considered a remedy for diaphram failure. However, this would result in
even larger forces being transmitted.

Regardless of the diaphram support stiffness, it is seen that as the
power turbine rotor speed approaches the second power turbine rotor
critical speed of 20,000 RPM, extremely high bearing loads are predicted.
The maximum power turbine speed is not intended to exceed 18,000 RPM.
Another interesting effect that is observed on the gas generator rotor is
that at 17,400 RPM the system 1is tuned such that practically no bearing
forces are transmitted. Hence, at this speed, even with large power
turbine unbalance values, little motion would be observed on the gas
generator.,
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An additional problem encountered with this engine is failure of the
aft intershaft differential bearing. Failure rates of this bearing are
functions of the type of engine service and appear to be related to the
number and severity of locked-rotor starts.

Figure 9 represents the life of the differential bearings as a function
of bearing loading. For example, with a loading of 235 1b on the aft inter-
shaft differential bearing, the design L1Q life is 10,000 hours. If the
loading should increase to 660 lb, there is a dramatic drop in the predicted
life from 10,000 hours to only 500 hours, using the relationship that
predicted bearing life is inversely proportional to the cube of the load.

Figure 10 represents the forces transmitted to the aft intershaft
bearing and the No. 4 bearing supporting the turbine stages as a function
of power turbine speed, As expected, large bearing forces are transmitted
at the first power turbine rotor critical speed of 7,000 RPM. The No. 4
bearing carries the largest load (over 700 1b) and almost 400 1lb is trans-
mitted through the aft differential bearing. If the transition through
this speed is rapid, the life of the bearings should not be greatly re-
duced since this speed is well below the idle speed of the engine. However,
it is observed that above 10,000 RPM the loading on the No. 4 bearing
decreases, while the loading on the aft intershaft differential bearing
increases.

Superimposed in Fig. 10 are the load lines representing the aft inter-
shaft differential bearing life of 10,000 hours and 500 hours. Continuous
operation below 14,000 RPM would not reduce the life of the aft intershaft
differential bearing, whereas a severe reduction in life would occur with
continuous operation near the maximum power turbine rotor speed of 17,400
RPM. The aft intershaft differential bearing carries more load than the
main No. 4 bearing for power turbine rotor speeds above 8,000 RPM. Further-
more, substantial loads can be imposed upon the aft intershaft differential
bearing at speeds well below the second power turbine rotor critical speed.
Although skidding damage was observed on many aft intershaft differential
bearings, it is apparent that anti-skid designs, such as elliptical bear-
ings, will not reduce the large bearing forces. These forces are an
inherent dynamics problem.

Figure 11 illustrates the amplitude of the power turbine as a function
of power turbine rotor speed for various values of the gas generator rotor
No. 3 bearing stiffness and damping coefficients. With the stiffness of
the No. 3 bearing support diaphram K = 400,000 1b/in., the peak amplitude
of the first power turbine stage is §pproximate1y 10 mils at 7,000 RPM.
Very little amplitude change occurs with No. 3 squeeze film bearing damping
coefficients of 2-20 1lb-sec/in. 1If the diaphram stiffness is reduced to
K = 123,000 1lb/in., the peak first power turbine stage response is 7 mils
ab approximately 6,700 RPM. Both peak responses are well below the normal
power turbine rotor operating speed range. For power turbine rotor speeds
between 8,000 and 20,000 RPM, the first stage power turbine response is
low, independent of the gas generator rotor No. 3 bearing stiffness and
damping coefficients. A large response also occurs at the second power
turbine rotor critical speed (20,200 RPM) and is relatively unaffected by
the No. 3 bearing characteristics, as predicted by the critical speed
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analysis of Fig. 4. The relative amplitude between the power turbine and
gas generator rotors near the power turbine rotor midspan is shown in Fig.
12. A peak relative motion occurs when the speed of the power turbine
coincides with the gas generator rotor first critical speed as well as the
first power turbine rotor critical speed. These peak relative responses
are substantially lower with reduced No. 3 bearing diaphram stiffness.

At power turbine rotor speeds above 14,000 RPM the relative amplitude
increases reaching a very large value at the second power turbine rotor
critical speed. This could result in wear to the hot gas seal between the
power turbine and gas generator rotors allowing hot gas leakage into the
aft intershaft differential bearing which could further reduce the life of
this bearing. Uneven hot gas leakage could also induce a thermal bow cf
the power turbine rotor.

Gas Generator Rotor Unbalance

Figures 13-15 illustrate the effects of unbalance at the gas generator
rotor turbine section, The power turbine rotor is assumed balanced and
operating at 15,000 RPM. The forces transmitted to the gas generator rotor
No. 3 bearing are shown in Fig. 13. With high No. 3 bearing diaphram stiff-
ness, large forces are transmitted at the gas generator rotor critical
speed at 12,200 RPM, even with a damping coefficient of 21 lb-sec/in. at
the No. 3 bearing. With the diaphram stiffness reduced to 123,000 1b/in.,
the No. 3 bearing forces are reduced by approximately 607 at the gas
generator rotor resonant speed of 8,600 RPM. Very little excitation of the
power turbine rotor occurs with gas generator rotor unbalance, The
vibration anplitudes at the gas generator rotor turbine section are shown
in Fig. 14. These amplitudes are also lowered when the No. 3 bearing
diaphram stiffness is reduced from 400,000 to 123,000 1b/in.

The forces on the aft intershaft differential bearing for these
conditions are shown in Fig. 15. These forces are somewhat increased at
gas generator rotor speuvds below 11,000 RPM when the No. 3 bearing diaphram
stiffness is reduced to 123,000 1b/in. However the overall force levels
are below 100 1b in this speed range, When the diaphram stiffness is
400,000 1b/in., a greater force on the aft intershaft differential bearing
occurs at the power turbine rotor first critical speed rather than at the
gas generator rotor resonance, This effect is reversed when the diaphram
stiffness is reduced to 123,000 1b/in.

Regardless of the stiffness and damping at the No. 3 bearing, large
forces will occur in the aft intershaft differential bearing when the
second power turbine rotor resonance at 20,200 RPM is excited. However, ]
for gas generator rotor speeds below 19,000 RPM, the force will not exceed .
100 1b,

Additional forces will also be transmitted to the engine bearings and
seals due to gyroscopic effects of aircraft maneuvers. To determine these
loads, unbalance couples were placed at both the turbine sections of both
the gas generator and power turbine rotors. These unbalances were selected
to simulate the gyroscopic moments that would be created by a yaw maneuver {
of 0.2 RPS. The results are summarized in Table 1. The largest forces
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occur at the No. 3 and aft intershaft bearing locations. The load on the s
aft intershaft differential bearing of 669 lb due to power turbine rotor (.
gyroscopics is very close to the load for an L10 life of 500 hours for that L
bearing. The amplitudes of vibration at the turbine sections are relatively
small.

ot i i

The unbalance response studies indicate that the design of the No. 3
bearing on the gas generator rotor strongly affects the engine response
and aft intershaft differential bearing forces. A squeeze film bearing
applied at that location must be carefully designed to insure adequate
engine performance.

NONLINEAR RESPONSE WITH SQUEEZE FILM BEARING

Because of the high bearing loads that can be transmitted through the
No. 3 bearing and the supporting structure due to gas generator turbine
unbalance, a squeeze film damper was incorporated behind the No. 3 bearing.
The squeeze film damper consists of an 0.004 in. radial clearance space
around the outer race of the No, 3 bearing with oil supplied to the annular
region. 1In the original design, a retainer spring connecting the outer
race of the bearing to the supporting diaphram structure was not used.
Unbalance in the gas generator turbine will cause a precessive journal
motion in the o0il film which will in turn generate a hydrodynamic force in
the oil film, producing an equivalent stiffness and damping effect. The
forces and motion of the system are highly complex and are functions of
both the static and dynamic journal loading. The o0il film was modeled
using the short bearing approximation to Reynolds equation (6) and was
considered incompressible and isoviscous.

In its original configuration, the squeeze film bearing was 0.45 in.
in length, with éournal radius of 2.55 in. The o0il viscosity was assumed
to be 3.82 x 10°° 1lb-s/in.? Figure 16 illustrates the nonlinear limit
cycles for the original bearing with the radial clearance ranging from
0.004 to 0.006 in. The dymamic unbalance loading is 66 gm~-in. The
unbalance parameter EMU is defined as e /c, where e, is the equivalent mass
eccentricity required to produce a given unbalance magnitude. The gas
generator rotor speed was taken to be 16,800 RPM.
In Figs. 1l6a and 16b the effect of removing the journal preload center-
ing or retainer spring is shown. In both cases the bearing is dynamically
overloaded and the journal orbit nearly fills the available clearance. The
dynamic force transmitted to the bearing and support structure is approxi- v
mately 6,2 times the dynamic unbalance force in each case (TRD = 6.2). In
Fig. 16c, the radial clearance has been increased to 0.006 in., thus re-
ducing EMU. The dynamic force transmissibility increased to TRD = 7.14.
Thus, a dynamic load of 8,433 1b is transmitted to the bearing housing. .
In Fig. 164, the oil supply pressure was increased to 400 psi above the
assumed fluid cavitation pressure to reduce the radial hydrodynamic forces
on the squeeze bearing journal. The effects are similar to the previous
cases. The large amplitude limit cycle orbits of Fig. 16 are indicative
of a dynamically overloaded system.

To increase the dynamic load capacity of the squeeze film bearing,
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the bearing length was assumed doubled to 0,90 in. The resulting limit
cycle orbits are shown in Fig. 17. In each case, the clearance was taken
as 0.004 in. and the effect of removing the preload or retainer spring

was examined. For a dynamic unbalance of 33 gm-in (EMU = 0.25) the limit
cycles shown in Figs. 17a and 17b are of relatively small amplitude. The
0il film both with and without the retainer spring attenuates the dynamic
loading producing TRD < 1.0, With the retainer spring removed, the result-
ing orbit is further offset from the bearing center, and a slight increase
in force transmissibility occurs. With the unbalance doubled to 66 gm-in.,
the orbits in Figs. 17c¢c and 17d result. The limit cycle orbits are again
of large amplitude and the force transmissibility again exceeds unity.

Figures 18 and 19 illustrate the variance in squeeze film bearing
equivalent stiffness and damping coefficients for centered circular journal
orbits for the bearing geometries previously considered. A cavitated film
is assumed to occur. These illustrate the nonlinear effects of increasing
orbit amplitude for various bearing clearances. Both stiffness and damping
coefficients exhibit nonlinear hardening with increasing orbit amplitude,
Such systems possess multiple forced steady state response amplitudes, and
if the forcing function is sufficiently large, extreme nonlinear dynamic
response may OCCuUr.

Figure 20 represents experimental gas turbine engine response with the
short (L = 0.45 in.) squeeze film bearing. The response, obtained on the
engine casing, illustrates this nonlinear phenomenon. As engine speed in-
creases the amplitude increases nonlinearly and, because of flexibility of
the support, undergoes a nonlinear jump to a lower amplitude.

This response was simulated using the nonlinear squeeze film bearing
coefficients shown in Fig. 18. The results, shown in Fig. 21, reasonably
duplicate the experimental observations. The various curves represent
different gas generator rotor turbine unbalances. The nonlinear region in
the vicinity of the gas generator rotor resonance is strongly affected by
the unbalance magnitude which, for a specified support stiffness, controls
the speed at which the amplitude jumps to a lower value. 1In general, large
nonlinear ranges are indicative of ‘a dynamiFally overloaded system.

CONCLUSTIONS

The dynamic response of multi-spool gas turbine aircraft engines is
strongly affected by the intershaft differential bearings separating the
spools. The engine resonant speeds may be drastically altered by changes
in the stiffness of these bearings. Since rolling element bearing life is
strongly controlled by the bearing loads, consideration of the dynamic
forces transmitted to these bearings must be made. Loss of intershaft
bearing stiffness due to centrifugal loading or bearing degradation can
cause resonant speeds to occur within the normal engine operating speed
range. This could result in substantial increases in bearing dynamic
loading and further reduction in engine performance and operational safety,

The forced response analysis indicates that large intershaft differen-
tial bearing dynamic loading can occur even when operational speeds are not
coincident with engine resonant speeds. Furthermore, these forces are
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strongly affected by the location and magnitude of viscous damping mechanisms
in the system. It is apparent that with highly flexible rotor systems,
viscous damping at a single location will not necessarily suppress resonant
response at all resonant speeds.

The use of linear force coefficients to model squeeze film bearing
effects provides quantitative information for the preliminary design of
squeeze film bearings. The combination of stiffness and damping values
which will effectively attenuate engine response can be readily identified.
However, because of the nonlinear nature of squeeze film bearing forces,

a nonlinear response analysis is valuable in determining whether the re-
quired forces will be generated. If the squeeze film bearing is undersized
or if the dynamic unbalance forces become excessive, large orbiting of the
journal will result, causing extremely large forces to be transmitted

through the bearing and support structure. Because of the nonlinear effects,
this may occur over a very large speed range., When properly designed for

the dynamic conditions which are likely to occur, the squeeze film bearing

is capable of substantially reducing the dynamic loads.
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DISCUSSION

D. L, Taylor, Assistant Professor, Sibley School of Mechanical & Aerospace
Engineering, Cornell University.

Since many of the questions and comments during the workshop dealt with
the phenomenon of bistable operation, it is worthwhile pointing out some
interesting aspects of this type of response. These comments are particular-
ly relevant to the presentation of the work by Professor Gunter because they
deal with a similar rotor system. When using numerical integration to
analyze the transient response of squeeze film damper systems, a primary
question which must be addressed is how long to integrate the solution in
time. Many presentors at the workshop have shown computer generated orbits
that appear to involve only three or four orbits, which is quite understand-
able in terms of computer expense. However, the discussor has found that
some solutions which appear to be steady state are deceptive,

Consider a planar rigid rotor carried in a squeezefilm isolator
(damper and centering spring in parallel). The values of the parameters
given in the following table are taken from Professor Gunter's paper (which
it will be noted is not a single planar rotor) An Ocvirk short bearing
film is used for bearing forces. The differential equations can be obtained
and integrated numerically., The planar model is found to display bistable
operation over a speed range of approximately 10,000 rpm to 14,000 rpm.
Several questions during the discussion dealt with methods of numerical
integration. The results which follow are based on a variable time step
Kutta-Merson algorithm. This type of program will constantly adjust the
effective time step of the integrator to maintain a requested degree of
accuracy. The discussor has found this type of algorithm to be very effective.
It can handle quite rapid transients such as blade loss but tracks an almost
circular orbit with approximately six to ten time steps per revolution. This
is quite efficient with regards to computer time, The orbits which follow
were generated by such an algorithm using a requested time step of .00032 sec.
The plots appear to be crude simply because of the large time steps involved.
The sharp corners result from the plotting program which connects the
calculated points with straight lines, Much smaller time steps (100 or 1,000
times smaller) lead to orbits which still pass through the points which are
plotted (the corners).

Any transient solvtion must begin from specific initial conditions. The
orbit in Figure 1 shows the orbit calculated for initial conditions of
initial eccentricity of 1. mil, initial eccentric velocity of 0., initial
whirl velocity of 12,000 rpm (synchronous) and initial phase relationship
between shaft center displacement and mass center displacement of .7 radians.

The orbit starts from the circled point, settles into a radius of 3.09 mils,
but later diverges from this orbit and finally settles into a whirl orbit of
about 1.8 mils. The true nature of the response is better understood from
Figure 2 which shows the eccentricity plotted versus time.
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The pitfall to beware in numerical integration can be seen from Figure 2
where it is very tempting to stop the integration at about t = .05 sec.
This phenomenon has not been completely understood by the discussor but has
been observed many times. The major pattern is that it always involved
initial convergence to the higher of the two possible orbits, Also, even
though the eccentricity appears to be relatively constant for a long period
in Figure 2, the phase angle between the shaft center and the mass center is
steadily shifting, The question raised concerns its observance by other
investigators (experimentally or computationally).

Table 1
m = 73.8 1b 6 Q@ = 12,000 rpm
k = 1,23 x 10" 1b/in R = 2.55 in i
p = .0266 poise L = .9 in P !
d = 1mil (c.g. offset) C = 4 mil i
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AUTHORS' CLOSURE

Professor Taylor has raised two very interesting points in his discuss-
ion, First, the possibility of bi-stable operation for jumps occurring in a
non-linear system, and second, the type of numerical Integration procedure
used and the associated time step.

In the operation of a squeeze film bearirg, a jump phenomena mav occur
over parts of the operating range., This is caused by the non-linear
characteristics of the squeeze film bearing oil film and the associated
elasticity of the rotor and bearing support. Professor Taylor presents a
numerical transient analysis of a squeeze film bearing operating at 12,000
rpm, including a retainer spring of 1.23 x 10" 1b/in. 1In Fig. 1, the orbit
shows an initial transient orbit of 3,09 mils, which decreases to 1.8 mils
after .15 sec, of running time, When dealing with non-linear systems, one
must evaluate the numerical integration procedure, What may appear to be a
jump due to the non-linear characteristics of the system may in fact be
caused by numerical error in the integration scheme., For example, in the
procedure used by Professor Taylor, a time step of .00032 sec, was used.

At an operating speed of 12,000 rpm, this is equivalent to only 15.6 steps
per cycle, To accurately determine whether this non-linear jump is truly
occurring, the integrated solution should be run with a much finer time
step. Professor Tavlor mentioned that although the eccentricity appears to
be relatively constant for a long period, as shown in Fig. 2, the phase
angle between the shaft center and the mass center is steadily shifting.
This has been observed in a number of instances and has been associated with
the numerical propagation of error in the solution.
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parallel with a flexible element

THE CONTROL OF ROTOR VIBRATION
USING SQUEEZE~FILM DAMPERS

by R. Holmes

University of Sussex

U.K.

ABSTRACT

This paper describes the roles of the squeeze-film damper when used in

in a vibration

isolator and when used alone.

The effects of cavitation on performance are elucidated and the dangers of
jump phenomena and subharmonic resonance are discussed.

squeeze-film damper and the results are compared with theorerical predictions

Experimental work is described which investigates both roles of the

with the object of defining some design philosophy.

degree of freedom rotor-bearing systems.

Finally areas of inadequate knowledge are highlighted, together with
possible means of reducing them, especially with a view Lo incorporating
squeeze-film characteristics in programs for the solution of linear multi-

Squeeze~film land length

Rotor mass per land
t

Local tilm pressure
P/2R1
Static load per land

Rotating torce vector per land

Pime

NOMENCLATURE

RO WK Q

Negative pressure factor R

Radial clearance of squeeze-film T

Eccentricity of journal in t

bearing u
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Time
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of mass
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INTRODUCTION

An annulus of oil provided between the outer race of a rolling-element
bearing and its housing is often used as a multi-directional damping element
for the control of shaft and rotor vibrations in many designs of turbo-
machinery. This damping element, known as a squeeze-film, may be accompanied
by a flexible element in a series combination constituting a vibration isola-
tor, This flexible element is often in the form of a set of bars cantilevered
from the machine frame. Its purpose is to artificially reduce the natural fre-
quencies of the rotating system so that the speed range of high vibration amp-
litudes and transmitted forces may be traversed well before the normal operat-
ing speed range is reached. The squeeze-film damper then acts simply as a de-
vice to reduce to acceptable limits such amplitudes and transmitted forces.

Alternatively squeeze-film dampers are often used without flexible elements,
in which case their role is solely one of damping with no measurable effects
on the natural frequencies of the rotating system. Such effects are here for-
feited in favour of a simpler mechanical design, which avoids problems of fat-
igue in any flexible element. Because of this and due to the fact that many
turbines run above the rigid rotor (bounce) modes anyway, flexible elements are
dispensed with for the most part in such applications as aercengines. Rotation
of the outer race of the rolling-element bearing is then prevented by anti-
rotation pins or 'dogs'. However there are some aeroengine bearings which
support fairly heavy loads such as large fans. For these applications flexible
elements in the form of stacked Belville washers are often used to help carry
the gravity load, rather than to effect any softening of the system.

This paper describes investigations into the performance of squeeze-film
dampers when used with andwithout a parallel flexible element in turbomachinery
applications.

THE SQUEEZE-FILM DAMPER AS AN ELEMENT OF A VIBRATION ISOLATOR

The purpose of the squeeze-film damper in this application is to reduce
the amplitude of vibration and transmitted force as the rotor is run up through
the artificially low natural frequencies of the system (ensured by the soft
spring element) towards the normal operating speed. Most analyses, e.g. LIJ,
assume that concentric vibration orbits exist when the rotor is running, either
due to preloading in the spring element or because the dynamic loading is large
compared to the static loading, as it may well be the case in the vicinity of a
system natural frequency.

The squeeze-film is, however, a non-linear damper and, if its contribu-
tion to the system is fairly light the designer must guard against two classi-
cal disadvantages of light non-linear damping, namelyv jump phenomena and sub-
harmonic resonance. 1

The former can arise in situations where cavitation occurs in the squeeze-
film {1}. Owing to the non-linearity of the squeeze-film, the forced response
curve can be distorted to such an extent that large vibrations (and hence trans-
mitted forces) can be maintained for an extended speed range during run-up
before jumping down to an acceptably low level.
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Subharmonic resonance has also been rec;rded in sysgemaemploying squeeze=
film isolators [2J and may be predicted whether or not cavitation is assumed
to occur in the squeeze-film. Fig. 1 shows numerically-predicted orbits for
a rigid rotor in uncavitated squeeze—film isolators which are centrally pre~
loaded and in which the damping is fairly light. In this figure A is a meas-
ure of the damping in the system, u/c is the ratioof unbalance eccentricity to
squeeze-film radial clearance and w/w_ is the frequency ratio. Strong sub-
harmonic resonances are noted at running speeds of twice, three times and four
times the lowest (bounce) natural frequency.

A design of squeeze-film isolator used in some experiments at Sussex
University is illustrated in cross section in Fig.28. It consists of a mild
steel bearing housing A and a 1.75 kg cast iron damper bush B surrounding the
silver steel journal C on which a rotor runs rather than in a rolling~element
bearing. The bush is suspended concentrically in the squeeze-film clearance
D by means of two horizontal and one vertical spring E made up of Watveare
Belleville washers stacked in series along silver steel guide rods and pre-
loaded for compression. The rods are connected to the bush via loose joints.
The lubricating oil enters the circumferential groove F at point G. Some of
the oil continues through the o0il hole in the damper bush to the circumferen-
tial oil groove H of the journal bearing. A grub screw with a central hole
can be inserted in this o0il hole to restrict the oil flow and thus ensure that
the journal bearing oil film clearance J is incomplete whatever the supply
pressure. The outlet 0il is collected in trays and pumped back to the reser-
voir, fitted with a heater to facilitate viscosity variations.

When the o0il supply is turned on, both the circumferential oil grooves
and the spaces between the Belleville washers are filled with oil. In order
to prevent damping due to the dynamic compression of the oil-filled Belleville
washers a pressure relieving groove is provided along each guide rod.

The isolator stiffness can be varied by changing the number of Belleville
washers on each guide rod. Two hollow cylinders K are fitted to each guide
rod as a substitute for Belleviile washers so that any number of washers be-
tween zero and about 70 can be employed, thus giving a stiffness variation
from 5.107 N/m with no washers to about 8.10% N/m with all washers in position.

The length and diameter of each squeeze-film land were 1.27 cm and 10.16
cm respectively and four radial clearances of 7.66.10™% m, 3.74.107%m,
1.39.10"%m and 0.9.10~% m, were used. Together with the available viscosity
range, variation of the squeeze-film damping from about 100 Ns/m to about
100,000 Ns/m could be obtained.

For experimental purposes, this isolator design has some obvious advan-
tages over the 'squirrel-cage' configuration. The isolator stiffness can be
easily varied by altering the suspension springing, the horizontal and verti-
cal bush vibrations may be easily monitored by position transducers L facing
the free ends of the two guide rods and centering of the damper bushes in the
squeeze-film clearance 1is easily carried out by means of the spring preload-
ing nuts M compressing the Belleville washer stacks.

Agreement between theoretical predi-:tions and experimental findings is
fairly good for such wncavitated squeeze-film isolators as Fig.2b shows. This
figure relates to a rigid rotot centred in cach squeeze-film annulus by pre-
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loading the flexible elements. Such agreement enables numerical results for
uncavitated squeeze-films {1] to be accepted with a certain amount of confid-
ence, If cavitation can take place however, uncertainties as to its likely
extent for a given dynamic loading and supply pressure make predictions diffi-
cult IBJ. Fig.3 shows the adverse effect on concentric vibration amplitude ¢
and on transmissibility T of cavitation which extends over half the annulus

of the squeeze film. Thus if there is any likelihood of cavitation existing
extra caution will be required in rotor balancing and the oil-supply pressure
should be made as high as possible to reduce the amount of cavitation.

e aacae e B

E - In spite of these reservations the use of squeeze-film isolators in prac-
E tical installations fll,LZJ,fAJ,[S] has usually resulted in smoother running {
- of the equipment concerned.

; ) Fig. 2c¢ shows a flexible rotor-bearing svstem used in ref [Z]to further

: assess the performance of the isolators shown in Fig.2a.The flexible symmetri-
cal rotor was supported by two identical plain fluid-film bearings surrounded i
by the squeeze-film isolators. The fluid-film bearings were each supplied
with oil to a central circumferential groove and their dimensions were land
length 1,69 cm, diameter 5,08 cm and radial clearance 0.116 mm. The 8.2 kg
discs D1, D2 and D3 were positioned so as to allow easy unbalance excitation
of the two lowest shaft bending modes by the attachment of unbalance masses
: at their peripheries. Journals Jl and J2, made of silver steel and of mass ;
3 2.52 kg were fixed at each end of the 5.14 kg stainless steel shaft and were
supported by tile squeeze-film isolators S1 and S2. The discs and journals
were balanced to within 0.002 ounce-inches (1.44.1076 kgm) and the total rotor
mass of 35 kg was chosen sc as to provide sufficient plain-bearing load to
ensure fluid~film cavitation. The central deflection due to gravity was about
fifteen times the radial clearance in the journal bearings and in view of this, ‘
the bearing housings had to be tilted to about 0.25° in order to obtain align-

ment between journals and bearings. The alignment process resulted in a rela- !
tive slope between each journal and its bearing of less than 0,001 inch in 2 :
inches,
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Both the experimental results and the numerical predictions showed a
continuous reduction of the maximum shaft displacement amplitude at both the
first and second cri!ical speeds for increasing support damping up to about

' 104 Ns/m, with an increase in displacement for further increase in damping.
Well defined instability threshold speeds, as predicted by linear theory
were observed for large values of squeeze-film damping, while for low squeeze-

* film damping (below 5 x 103 Ns/m) the system was stable and well damped in the
entire operating speed range O ~ 4000 rev/min. However, in the damping range !
6.103 - 3,104 Ns/m steady nonsynchronous whirling commenced at a rotational '
. speed in the region of 1740 - 2250 rev/min, that is between twice and three
. N times the first critical speed, with the exact onset speed depending on the

: damping value. The nonsynchronous whirl amplitude would increase with speed

up to about 2400 rev/min, that is to about three times the first critical

speed, whercafter the nonsynchronous whirl component amplitude would decrease

rapidly and vanish at about 2400 - 2740 rev/min, marking the termination of

the first whirl region. The response would then remain synchronous up to

about 2870 - 3230 rev/min, still depending on the particular squeeze-film ‘
damping value, where nonsyvnchronous whirling would reappear. In some instances, ]
again depending on the damping, the whirl amplitudes at this speed would con-
tinue to grow, indicating conventional system instability, while in other cases i
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the amplitude grew to a maximum with increasing speed and disappeared at about
3690 - 3800 rev/min, marking the termination of the second whirl region. There-
after, the system would remain stable up to and including the maximum operat-—
ing speed of 4000 rev/min. The repeatibility of the instability threshold
speeds and of the onset speeds of nonsynchronous whirling was found to be fair.
On average, both could be reproduced to within about * 100 rev/min.

With an increase in oll temperature it was possible to eliminate the
second nonsynchronous whirl region and a further temperature increase would
result in the disappearance of the first whirl region also, making the system
inherently stable by not allowing the journal bearing oil films to exert their
full influence. However, the system remained very sensitive to random trans-—
ient excitation, such as tapping of the foundation with a rubber hammer, part-
icularly near the first whirl region, and generally appeared to be very light-
ly damped at all speeds above twice the first critical speed. Variations in
01l supply pressure had relatively little effect and the nonsynchronous whirl-
ing exhibited the well-known hysteresis effect of persisting over a wider
speed range once initiated.

Fig.2d shows examples of the nonsynchronous whirl orbits in the two whirl
regions, The steady state double and triple loops indicate whirl speeds of
exactly1/3 and 1/4 of the respective rotational speeds. Only at speeds of
2430 and 3323 rev/min (corresponding to roughly three times and four times
the first critical speed) were the orbits stationary. Nonsynchronous whirling
was never found to reappear as a result of reduction in the bearing support
damping from about 1 x 10" Ns/m down to the minimum value of about 200 Ns/m.
Both the experimental and the predicted effect of bearing support gtiffness
was almost negligible within the covered stiffness range of 7 x 10° down to
8.85 x 10% N/m.

The observed pattern of nonsynchronous steady-state whirling is probably
indicative of the inherent nonlinearity of the experimental rotor-bearing
system which is mainly due to the bearing and damper fluid-films. In the
terminology of nonlinear vibration theory, the observed nonsynchronous vibra-
tions would be subharmonic vibrations of the third and fourth order. The
occurrence of these subharmonic of order higher than two in the present system
was facilitated by the introduction of the bearing support damping which,
within a certain range of values, stabilized the system sufficiently to permit
the required speeds of three and four times the first critical speed but was
still not adequate for preventing a subharmonic response. It would thus seem
reasonable to interprete the observed nonsynchronous whirling patterns of the
experimental rotor-bearing system as being manifestations of subharmonic res-
onance of the poorly damped first bending mode of the shaft rather than being
due to system instability in the linear sense.

In reference [A] other types of element were considered such as the
laminated sheet damper, the metal braid damper and the disk damper. They all
resulted in improved system performance.

Since the flexible element of a squeeze-film isolator is usually quite
soft it may not always be possible to assume circular concentric orbits of
vibration of the rotor centre when subjected to unbalance forces. If,however,
any vibrations may be assumed to have amplitudes less than about one third of
the radial clearance (a reasonable assumption in many practical situations)
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then linear damping coefficients [6], [7] may be assigned to the squeeze-film

and used in the linear analysis of rotor-bearing systems. For any larger

vibrations quasi-linear (amplitude dependent) coefficients may be specified .
[6] and again used in linear analyses, albeit in an iterative fashion. 1

Dar low and Smalley [8] report a program of research on a supercritical
transmission shaft using a squeeze-film damper in which 'O'-rings played the
role of a flexible element. Here, however, the arrangement constituted a
damper rather than an isolator, being mounted at a point in the shaft span and ;
not in series with the main support bearings. Other attractive damping e¢le- ‘
ments for use in such inter-span positions appear to be elastomers !Bj and F
electro-magnetic dampers [9] .

THE SQUEEZE-FILM UNASSISTED BY A FLEXIBLE ELEMENT

Owing to the fact that mechanical elements such as springs are prone to 4
fatigue failure, squeeze-film dampers on their own have been used by aeroceng-
ine designers for the last twenty years. When designed in this way there is
no attempt to reduce the natural frequencies of the overall system as the
rotor usually runs supercritically anyway, that is well above its two rigid-
body bounce modes. The purpose of the squeeze-film is simply to introduce
damping into the system so that the rotor can safely negotiate those bounce
modes and operate smoothly at a speed perhaps not far short of the first
flexural mode.

Since an unassisted squeeze-film damper is in effect a journal bearing in
which the inner member does not rotate, it is not possible to assign to it
any linear stiffness coefficients which might allow the oil film to take any
gravity or other static load. Any lift produced emanates from non-linear eff-
ects and this makes the analysis of an unassisted squeeze-film damper some-
what more cumbersome to undertake.For certain operating conditions, such as in
the regions of critical speeds where any static load is small compared to the
dynamic load, circular concentric orbits can again be assumed [10] , with the
result that quasi-linear amplitude-dependent coefficients can again be used.
Linear analyses can thus be carried out to obtain the vibration orbits in an
iterative fashion. Transmitted forces can then be computed.

For cases where the static load is not small a nonlinear analysis is
called for and has been used by some investigators Ll], [3] . Such an analvsis
requires a specification of the extent of cavitation which has a profound
effect on both the static and the dynamic load~carrying capacity. For example A |
it may be shown [3] that the assumption of an uncavitated film leadsto the
complete elimination of load-carrying capacity. Using the short-bearing
approximation the effect of assuming that the oil can support differing amounts
of subatmospheric pressure before cavitating is shown in Fig.4 which is taken Y
from ref. LBJ . In this figure Q is a non-dimensional static load, Q a non-
dimensional dynamic load due to unbalance and B a non-dimensional visgosity.
The b factor is the ratio by which the negative hydrodynamically-gencrated pre-
ssures in the squeeze-film have been reduced and in a practical situation will
depend upon the average static-load pressure and on the oil-supply pressure.
Experimental tests were carried out .3J on a rigid rotor (Fig. 5a) supported
in squeeze-film dampers each having two lands supplied from a central, circum-
ferential oil groove (Fig. 5c). Using the values of the non-dimensional groups
shown in Fig. 4, together with a static load pressure pg, of 10 1bf/in2
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(69 kN/m?) and a supply pressure of 2 l1bf/in? (13.8 kN/m%) gave an orbit
(Fig.6) similar to that of Fig.4c, for which b = 0.45.

Fig. 7a shows the computed hydrodynamic pressure generated in the squeeze-
film at a mid-land position at the base of the clearance circle as a function
of non-dimensignal time wt and for b = C.45. A maximum negative pressure of
about-540 kN/m“ is indicated, suggesting the presence of tensile stress in the
oil film. Although large this value is not unlike negative pressures observed
in journal bearings lll],[lZ] and squeeze bearings [13] by other workers. A
pressure transducer mounted at the squeeze-film (Fig. 5b) indicated a similar
pattern of pressure at the base of the clearance circle, Fig. 7b. The second-
ary pressure peak was due to the rotor centre moving round the tail T of the
orbits indicated in Figs. 6 and 7a, A pronounced negative-pressure region can
also be observed amounting to about =40 1bf/in2(-276 kN/m2). This confirms
that not only can the o0il in the squeeze-film support subatmospheric pressures
but suggests that tension forces may also exist. The heights of the main
pressure peaks are considerably less than predicted in Fig.7a. The implication
of this is that the shaft is subjected to much smaller squeeze-film forces than
the theoretical analysis would suggest, a feature also noted by White llO]. A
modification of the theoretical model to allow for experimentally observed
limitations to the maximum and minimum pressures resulted in a general lower-
ing of the vibration orbit in the clearance circle. This agreed with experi-
mental findings as a comparison of the orbits of Figs. 6 anu 7a will show. As
to the reason for the observed low positive-pressure peaks, the indications
are that cavitation bubbles trapped in the squeeze-film are responsible, a
reason also suggested by WhiteEIO]. Unlike a normal turbine bearing in which
the journal rotates, there is no effective inducement for such bubbles to re-
move themselves except by the presence of a sufficient supply pressure to
flush them away.

Further experimental and computed orbits are shown in Fig.8. Sets A 1
show the computed orbits for the case of a shortnw film, that is b = 0,
while sets B show the predicted orbits obtained by allowing the negative pres-
sure to be defined by the factor b = 0.45. The corresponding experimental
orbits are shown in sets C and are accurate reconstructions of oscilloscope
traces. For all the comparisons made, of which Fig.8 is tyvpical, sets B
showed much better agreement with the experimental sets C than did sets A.

A further item of interest is the way in which the force transmitted to
the engine frame varies throughout one rotor revolution. The transmitted ‘
force is the resultant of the film forces, and may be easily computed. Large 3
vibration orbits and orbits which feature a pronounced tail should be avoided
in practice. In the former, the centrifugal force, and hence the transmitted )
force, become appreciable, while in the latter the rapid decelerations and
accelerations in the vicinity of the tail lead to sudden large changes in the ¢
force transmitted to the engine frame.

The evolution of aeroengine squeeze~film dampers has taken somewhat diff-

erent courses in different companies. 1In the United Kingdom a simple typc of
squeeze-film geometry has evolved which features a central circumferential
groove at the cil inlet and end seals at the outlet. These impose quite

simple boundary conditions on the dynamic pressure distributions occurring
in the squeeze-films and make computation relatively easy to carry out. On
the other hand in the U.S.A. at least one large engine manufacturer uses
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squeeze-film dampers supplied from one or more oil holes in a central axial
plane, with one of various types of scal at the ountlet. This makes an effece-
tive mathematical model diftficult to realise but has been dattempted with some
success by Marmol and Vance "131 and by Bansal and Hihnvr:lil.

As the damping endowed to the system by these unassisted squecze=films is
invariably fairly light,non=lincar effects such as the jump phenomenon and
subharmonic resvonance must again be anticipated.  White TTOD presents a well
documented account of the jump phen e, from an unassisted squecze=film
damper.

RECO MENDATIONS FOR FUTURE RESEARCH

There Is a strong need to represent the parameters of g general non-
lincar squeeze—film in some sort of quasi-lincar fashion for inclusion ir pro- 4
grams for the solution of linear multi-degree of freedom rotor-bearing svstems,

One method of attack might be as follows. Assume that, for whatever rea-
son, vibration takes place In the clearance circle ot a squeeze-tilm damper
about some mean eccentricity ratlo Y Then experience of journal-bearing
operation indicates that four damping coefficients can be assigned to the
squeeze~film provided that vibration amplitudes are not more than about one
third of the radial clearance. Sinwethe mean eccentricity ratio depends on
the value of the non-dimensional dyvnamic force Q  these damping coefficients
would also be dependent on dynamic force. Then, Tol]owing the analogy of a
conventional journal bearing, the specification of four local stiffness coeff-
icients 1s called for. Such stiffness coefficients would account for the 1ift
generated by a squeeze-film and, being non-linear, would again depend on the
value of the dynamic load causing the vibration. They could perhaps be found
from measurements of amplitude and average phase relative to unbalance along
mutually perpendicular axes. For given values of £ and Q a tabulation could
thus be made of all eight coefficients against dynamic force for use in linear
multi-degree of freedom programs. Such an empirical procedurc might offer a
means of assessing the performance of complex machinery employving squeeze-
film dampers and is at present being attempted by the author.

CONCLUSIONS

The purpose of this paper has been to elucidate the roles of the squeeze-
film damper when used with and without a parallel flexible element in turbo-
machinery applications.

Since the amount of damping endowed to the system by this means is almost
invariably light and since this damping is stronglv non-linear, such cffccts
as the jump phenomenon and subharmonic resonance should be guarded against. ’

The role of cavitation bubbles and of subatmospheric and negative squecie-
film pressures on the performance of such dampers is very important and <hould
be appreciated at the design stage.

Finally there is a need to be able to represent a squeeze-film in terms
of quasi-linear stiffness and damping coefficients so that standard lincar
programs can be used to analyse the performance of multi-degree of tfreedom
rotor-bearing systems.
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In the regions of the system criticals, where vibration orbits are likely

to be large and fairly concentric, the task is not too difficult. For other
regions a possible method of attack has been suggested.
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DISCUSSION N

D. L. Taylor, Assistant Professor, Sibley School of Mechanical & Aerospace %
Engineering, Cornell Universitye.

Several questions raised during Professor Holmes' presentation dealt with
the small inner loops which were observed in certain orbits determined by
numerical integration, The experience of the discussor has been that these
loops may sometimes be a stable phenomenon and other times may be unstable
and die out. The orbits which follow were determined for a rotor model \
similar to that discussed by Professor Holmes. A planar rigid rotor is %
carried in a squeeze film isolator (damper and centering spring in parallel). :
Fluid film forces are based on an Ocvirk short bearing™film. Rotor para-
meters are given in Table I. At 23,000 rpm, the whirl path in Figure 1 shows
the inner loops discussed, The orbit starts from the circled point. However,
if the integration program is run longer, as in Figure 2, the single inner
loop is seen to die out, At a higher speed (32,000), the orbit shown in
Figure 3 is obtained. This time a two loop pattern occurs, and if the
integration is continued, the orbit shown in Figure 4 results., The inner 1
loop structure is decaying, but more slowly than in Figure 2, TFinally, at a i3
speed of 42,000 rpm, the orbit in Figure 5 is obtained. The final disposition '
is hard to determine without continuing the integration. The extended orbit '
is shown in Figure 6, The two loop structure is now seen to be stable,
slightly precessing.

Several questions during the discussion dealt with methods of numerical
integration. The results which have been presented were obtained by a :
variable time step Kutta-Merson algorithm., This type of program will
constantly adjust the effective time step of the integrator to maintain a
requested degree of accuracy. The discussor has found this type of algorithm
to be very effective. It can handle quite rapid transients, such as blade
loss, but tracks an almost circular orbit with approximately six to ten time
steps per revolution. This is quite efficient with regards to computer time.
The orbits which follow were generated by such an algorithm using a requested
time step of .00005 sec.

In conclusion, the discussor has observed a critical speed below which x
the inner loop structure is unstable. The decay rate decreases with
increasing speed and, above the critical speed, there is a stable noncircular
structure which then evolves with further increases in speed.
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Table 1
m=73.8 1b = 12,000 rpm
k = 1.23 x 10° 1b/in. R = 2.55 in,
w = .0266 poise L= .9 in.
d =1 mil (c.g. offset) C = 4 mils

~-2.

-3.

-4

Fi

. ooRE-83

. PERE-QS

.BRRE-Q@S

.Q0RE-BS3

. @R

. RRRE-23

QQBE-03
QORE~-Q3

oRVE-2S

g. 1

ROTOR POSITION

N
;;?//>

N N TS /
N \\\“__rg’/// / 2
~ s
S~ e
- ~ —— — - -
- 1 .. 4 [N UV AN U KSR S ——— Y _.A/—J
X CINCHES)>

1 | ! !
&H [N N - (] - N w }
® ® © ® © ® © ® ®
© ® o ® 1 ] 1) ® ® E-@3
® s ® ® ® ® ® © ®

x-y response of rotor shaft center, 23,000 rpm,
100 time steps




-2.

-3.

—4

-2

-3.

-

. dgRr-o3

.ReRE-a3

. 2PBE~D3

.QeuE-83

.28

. RAVE-23

QBRE—-R3

QORE—-23

.QERE~-23

Fig. 2

. QERE—-RS

. RIARE—-QS

.RERE-2D

.Qenr-ga

. doRr-a3

RRE-23

ORRE--2S

RRRE~-BI

ROTOR POSITION

g e T e T T T *T
4
|
- — |
—_— e A
$
[ SN H NN S
X CINCHES)
1
- ® - N w &
o ] ] © o S
o ] ® [ o [
[ © © © o ®

x-y response, 23,000

ROTOR POSITION

Y CINCHESD

E-23

rpm, 400 time steps

r

* A Stiaieiiien St "

|
-

—
- e
§ § § B8

Y CINCHES)




-2.

-~3.

—4.

-ReREr-Qs
. ORQE-QS |
. 2QQE—-QAS }.
. 2QQE-a9
. B
-QRRE-2Ss |

QARE-—-QS

BRVE~23 |
BBRE-R9 bL.__ ... . . ..ot 1
X CINCHESD
A o & L ® -
® ® ® ® ® s
8 8 8 8 8 2
Fig. 4 x-y response, 32,000 rpm, 400 time steps
ROTOR POSITION
4.o00E-a3 S b e
s.poge~gs |
2.pa9E-83 |
1.oweE-83 |
2.9200 L
~1.000E~83 |
-2.2002-39 | \
~~
-s.goee-as | -
—4 . S0RF-83 L — - -__._Ar—<_12--4_s>; -
. T R R
g 8§ &2 3§ & 8
Fig. 5

ROTOR POSITION

i g e e g s = s g

-

ega’2

T

ago'2

g9 €

29

Y CINCHES)

x-y response, 42,000 rpm, 100 time steps 3

Y CINCHES)

£-23 i




.

:

U

oo e o e i o . g o o e o i b o ok " . " PN a s

ROTOR POSITION

4.203E-03 r . r T el A it *---‘—r—-—"-‘

!
s.aogr-as | .

I

i

i
2.200E~-83 {. 48

H wl

| I

} o
1.988E-83 | 4 a

r ~

: >
©.008 i 1

|

)

b
~1.280E-89 L 1

. i

. !
~2.820E-@3 ]

i
]

-3.000F-G3 4

' J
~4.2Q0E~QS L o E— " FE—— )

X CINCHESD
I
S e Y
® ) e [ e ® @ ® o
® ) 13 ® £-B3
& ] 3 3 ] 1) e ® )

Fig. 6 x-y response, 42,000 rpm, 400 time steps

E. J. Hahn, Senior Lecturer, University of New South Wales, Kensington, New
South Wales, Australia.

The author has presented a very interesting and informative paper. There
are however a few points which appear to need qualification and further
comments would be appreciated.

The author is quite correct in noting that jump phenomena may be
associated with cavitated squeeze film dampers. However, should the unbalance
behaviour of squeeze film damper su ported rotors be simply of the tvpe
described in the paper, viz: that large vibrations are maintained for an
extended speed range during run up before jumping down to an acceptable
level, one could be excused for being thankful that jump phenomena exist.
After all, such a jump down is preferable to its absence, as pertains, for
instance, to the operating condition illustrated in Fig. 2 of Ref. [l].
Rather, one needs to guard against jump phenomena to avoid the possibility of
jump up. The author appears to imply that the jump phenomena is restricted to
light (non-linear) damping. As shown in Fig. 2 of Ref. [l], for a given
unbalance, although the higher the system damping, as measured by B, the less
likelihood of entering the bistable region, the system unbalance is an equally
if not more important parameter in determining jump behaviour. Thus,
regardless of the extent of the system damping, should the unbalance parameter
u/c (= U in Ref. [1]) be less than unity, bistable operation is possible,
if the operational speed is high enough. Also, bistable operation is not
possible if the unbalance parameter is greater than onc.




In Fig. 1, the author suggests that sub-harmonic resonance is present in
a centrally preloaded squeeze film damper supported rigid rotor. In the case
cited by the author, the value of A = 0.0284 is equivalent to B = 0.009 in
Ref. [2] and from Fig. 8 of Ref. [2], corresponds approximately to a damping
ratio of the order 0.0l. The system here could, therefore, be termed very
lightly damped. Hence, it would be instructive for the author to continue his
numerical solution for a sufficient number of cycles to ensure that steady
state conditions have indeed been reached. The writer suspects that if this

were done, only a synchronous circular orbit would remain.

It is not totally surprising that non-synchronous operation has been
observed experimentally by the author, and in this regard, it is informative
to note the special need for accuracy in numerical solutions of very lightly
damped systems. (In no way is it here suggested that the numerical solutions
of the author were insufficiently accurate.) For example, it has been
possible to reproduce exactly the so-called non-synchronous stable operating
mode reported in [3], only to find that further improvement in accuracy (in
this case by further increase in sampling rate) resulted in the eventual
disappearance of the non-synchronous component [4]. Just as truncation and
round off errors in numerical procedures may in a sense be regarded as
continuous, albeit very small, external force excitations to a system which,
if sufficiently undardamped, will either not reach steady state conditions,
or will reach a steady state condition dependent on the periodicity of the
overall force excitation, so also very lightly damped rotor bearing systems
in practice or in experimental rigs will be significantly influenced not only
by unbalance excitation but by other unwanted but nevertheless unavoidable
external force excitations. This is not to say that such very lightly damped
systems are acceptable. On the contrary, they tend to be associated with
high vibration amplitudes and high transmissibilities. As noted by the author,
they should be guarded against, and highlight the need for design information
on the damping reserve of stable (in the linear sense) systems.

N Hahn, E.J., "Unbalance Behaviour of Squeeze Film Supported Rigid Rotors'.
Paper presented at Workshop on Stability and Dynamic Response of Rotors
with Squeeze Film Bearings, Charlottesville, Va., May, 1979, 13 pp.

2, Simandiri, S. and Hahn, E.J., "Effect of Pressurization on the
Vibration Isolation Capability of Squeeze Film Bearings', Journal of
Engineering for Industry, Trans. ASME, Vol. 98, No. 1, February, 1976,
pp. 109-117.

3. Mohan, S. and Hahn, E.J., "Design of Squeeze Film Damper Supports for
Rigid Rotors', Journal of Engineering for Industry, Trans. ASME, Vol.
96, No. 3, 1974, pp. 976-982.

McLean, L.J., "Hybrid Computer Analysis of Rotor Bearing Systems',
M.Eng.Sc. Thesis, UNSW, Kensington, Australia, 1977.
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AUTHOR'S CLOSURE :

I would like to thank Professor Taylor for his interesting comments and to

add that on returning from the Conference I, too, endeavoured to obtain more
definite conclusions on these subsynchronous orbits., Inasmuch as any
conclusions could be drawn, the indications were that, as in Professor
Taylor's Fig, 6, the multiloop orbits appeared to be stable and slightly
precessing. This may well be due to the fact that I was concerned with

speeds that were always an integer multiple of the undamped natural frequency
Vk/m, which in Professor Taylor's case would have been 2Vk/m = 48,440 rev/min.

I should like to thank Dr, Hahn for further elucidating the subharmonic and
jump phenomena, in particular drawing attention to jump-up rather than jump-
down., I think this is a very valid point. With regard to the numerical
prediction of non-synchronous operation, I can but say that after a costly
amount c¢f computing time using my Runge-Kutta-Merson program, the internal
loops of Fig. 1 of my paper could not be made to disappear. Instead, an
ultimate orbit was found, which precessed slowly, rather as did the orbits
calculated by Dr. Tayler in his contribution to this discussion. But, as
both Dr., Hahn and I have found, such orbits certainly occur in practice, ;
perhaps due to influences akin in their effect to numerical inexactitudes,
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SOUEEZING FLOW OF VISCOELASTIC FLUIDS
INCLUDING THE EFFECT OF FLUID INERTIA

BY

John A. Tichy
Assistant Professor
of Mechanical Engineering
Rensselaer Polytechnic Institute
Troy, New York 12181 !

ABSTRACT

The Reynolds equation of hydrodvnamic lubrication is used to predict
stiffness and damping coefficients for the analysis of rotor dvnamic svstems
using squeeze film dampers. Due to the effects of fluid inertia and viscoelas-
ticity, separately or in combination, the Reynolds equation of hydrodynamic
lubrication can be significantly and qualitatively in error. TFor the case
where one of the bearing surfaces performs small sinusoidal oscillations, the
deviations from lubrication theory can be readily predicted in terms of a
Reynolds number and the so-called Deborah number. Unusual resonance-like ef-
fects in the behavior of the lubricant film itself are exhibited, which may be
a cause of reported discrepancies between theory and experiment in rotor dvnam-
ic studies.

NOMENCLATURE
c = vradial clearance, see Fig. 7
) G = complex viscosity component, shear modulus
h = film thickness
hg = reference film thickness
i o= (-D*
v L = characteristic length
p = pressure
Re = Reynolds number = ruhj/n
t = time
u,v = velocity in the x and v directions
\Y = bearing surface velocity
X,V = coordinate directions
W = dimensionless load amplitude
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shear strain, shear strain rate

= amplitude of top surface oscillation
= eccentricity ratio

= Deborah number = G/uw

= dynamic viscosity

complex viscosity = U-iG/w

= density

= phase angle

= shear stress

frequency of top plate oscillation

P -
2
i ]

A ESGDTE DM m=<
|

>
|

Subscripts

1,2 = surface 1 or 2
0 = reference
) lubrication theory

INTRODUCTION

In the modeling and analysis of rotor dynamic systems using squeeze film
damper bearings, the stiffness and damping coefficients for the lubricant film
are nearly always obtained from the Reynolds equation of hvdrodvnamic lubrica-
tion. The damper itself consists of an inner non-rotating journal and a fixed
outer bearing. The linear stiffness and damping coefficients are obtained, in
principle, by subjecting the journal to very small perturbations in disnlace-
ment and velocity, respectively: and calculating the resulting forces on the
journal from lubrication theory.

Squeeze film damper bearings are often constructed with very laree radial
clearances relative to plain journal bearings, e.g. ¢ = 0.025 cm vs. 0.0025 cm
(~ 10 mils vs. 1 mil). They also tend to be used in very high oscillatory
speed applications, e.g. w = 3000 rad/sec (~ 30,000 rpm) where rotor dynamics
problems are most prevalent. These conditions - large gaps and high speeds ~
conspire to create conditions where fluid inertia effects mav become signifi-
cant in the lubricant film, violating the conditions under which the Revnolds
equation can be applied.

It is well known that modern lubricants are significantly viscoelastic
due to the addition of high molecular weight polvmer additives. It can be
said that viscoelastic fluids possess a characteristic material propertv time
parameter which roughly corresponds to the time it takes for a fluid flow to
adjust to a suddenly imposed stress. For the Newtonian fluid model, which is
used in the derivation of the Reynolds equation, this time parameter is zero.
An unsteady process, such as an oscillatory flow, will have an associated char-
acteristic process time parameter, roughly 1/w. When the ratio of the fluid
property time parameter to this process time parameter becomes non-negligible,
viscoelastic effects are expected to be significant and the Newtonian fluid
model may no longer be applicable. This may be the case in high speed squeeze
film damper bearings when a lubricant with high molecular weight additives is
used.

It can be shown that fluid inertia effects, perhaps in combination with
viscoelastic effects, under certain conditions introduce significant errors
into the Reynolds equation. It will be seen that the behavior of the lubri-
cant film can be qualitatively quite different than that predicted bv lubrica-
tion theory. The values of the stiffness and damping coefficients will surely
be affected as mav the predicted behavior of the entire rotor dvnamic svstem.
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These concepts have been developed in a series of papers by this author
and co-workers (1-4), to which the interested reader is referred for mathemat~
ical details. Basic background concepts and results will be presented here,
as well as future research which may be of more direct benefit to those work-
ing in the analysis of squeeze film dampers.

BACKGROUND

Consider the flow behavior in an arbitrary squeeze film geometry, as
shown in Fig. 1. For convenience, the film is shown "unwrapped” and the infi-
nitely long bearing (one-dimensional) assumptions are used. The lower surface
is stationary while the upper surface can move in the direction across the
film. The velocities in the x and y directions, along and across the film,
are u and v respectively, and t denotes time.

PP

W h(‘»{) hl(xlé)

7777777y 7

L o

X

Figure 1. Arbitrary Squeeze Film Geometry

Recall the basic development of the Revnolds equation, using the continu-
ity, x, and y momentum equations:

Ju _ dv _
v (1a)
N2
@=ui—3 s (1b)
ax 3
p _
Ay =0 . (1c)

Typical boundary conditions for squeezing flow are

y =0 : u=v-=20,
oh
y = h(x,t): u=20 A vl h- (x) + V(t)
9
x:O 2—11:0 (h)
Jgx
o P = Do

PR RPN,
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where p is pressure, U is viscosity, and V(t) is the bearing upper surface
velocity. The basic momentum balance on a fluid element in eq (lb) can be
expressed as:

net pressure force = net viscous shear force. (3)

Note that time effects enter the problem onlv through the boundarv conditions.
This means that the problem is fluid mechanically steadv. When egqs (1) and
(2) are combined, a form of the Revnolds equation results:

9 3 9Py oh
5 (015D =120 (4)

with time now appearing explicitly, although this does not change the basic

quasi-steady nature of the problem.
The resulting velocities become

u(x,y,t) = 3V(t)x { ) “Jl T M—ZBN ,
(5)

and

y ’ v 7
oy =ve bl gl -2 Mgy 1

Note that the velocity profile u(y) is always parabolic and that the fluid
velocity is precisely in phase with the bearing surface velocity V(t). This
means that according to lubrication theory, the fluid must respond instantane-
ously to the surface velocity.

In reality, for a fluid possessing inertia a finite time lag must be
associated with the fluid response. Similarly, in a viscoelastic fluid (even
in the absence of inertia) a finite time lag is associated with a fluids' re-
sponse to an applied stress as mentioned above. If a constant force F
(- stress T) is suddenly applied to an idealized dashpot of constant 1
(- viscosity) an instantaneous velocity response X(- shear rate ¥) is evoked,
see Fig. 2. This is analogous to the viscous Newtonian fluid model. 1If a
sudden force is applied to a spring and a dashpot in series, however, a time
delay is associated with the fluid response. This example is analogous to the
case of a viscoelastic fluid. Thus both fluid inertia and viscoelastic prop-
erties introduce phase shifting effects into the behavior of a lubricant film,
whereas such behavior is absolutely ruled out by the Revnolds equation theorv,
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Figure 2- Viscoelasticity Concepts

THE OSCILLATORY SQUEEZING PROBLEM
Theory

Solution of the general problem of the squeezing flow of a viscoelastic
fluid subject to inertia effects is complicated by two iactors: (1) the non-
linear convective inertia terms in the momentum equation; and (2) lack of
agreement on a suitable viscoelastic fluid model. 1In addition, most of the
likely candidates for viscoelastic fluid models are nonlinear.

In squeeze film damper bearings, the inner journal performs an oscilla-
tory squeezing motion of the lubricant film as it moves around its orhit.
This case does not correspond to the more convenient geometrv of Fig. 1 but
can be easily handled along the lines of Ref (3). If the oscillatory squeez-
ing problem is now considered, a restrictive assumption is made which is verv
convenient in that no further assumptions or limitations at all are required.
. Referring to Fig. 1, the sinusoidal oscillations are described by

ho(x,t) = hy(x) - 8§ cos wt . (6)

The assumption is that




b
1 i.e. the oscillation amplitude & is "small."
In this case, by simple order-of-magnitude considerations convective in-

ertia terms like u 3u/3x are small relative to the unsteady inertia term

3 Su/3t. This point is discussed in detail in Ref (2) and in the hydrodynamics

text of Happel and Brenner (5). Note from Eqs (2) and (6) that the magnitude

of the upper surface velocity V(t) is Sw. Thus for sufficiently small &, the

flow is always "slow" (small u), but may be highly unsteady (large 3u/3t). ,
Therefore the process could be performed at an arbitrarily high w and in prin- 1
ciple the flow would never become turbulent.

g For the case of small sinusoidal displacements, all viscoelastic models

reduce to the complex linear form

? T = pky (8)
? where T and Q are shear stress and shear rate, respectively. The symbol u* N
’ denotes the complex viscosity
G
* = -1 —
u R (9

in which G is the elastic shear modulus of the viscoelastic fluid, see Fig. 2.
; For simple shearing flows, the shear rate ¥ is the velocity gradient 3u/3yv.
} The material properties u and G are in general functions of frequency w,
; which can be measured on standard rheological instruments. The velocities and
pressures are all now expressed in the complex form u = u(x,y) exp(iwt).
The x-momentum balance is now

Jdu ap 3%u G 2%y
e + _— =1 = 10
ST ax M Gy W y2 (10)
inertia pressure viscous elastic
force force force force
The problem is now governed by two simple dimensionless groups:
wh
Reynolds Number = Re = p» Aﬁg
_ inertia force
" viscous force
(11) .
G *
Deborah Number = —
W
_ elastic force
viscous force 13

The parameter h; is some reference or characteristic film thickness (such as
the radial clearance, minimum clearance, etc.) depending on the particular
problem..
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Results

Very unusual lubricant velocity fields are exhibited as shown in Figs.
3-5. Equations of the form (10) are solved for various sets of boundary con~
ditions in Refs (1-4) by standard methods. Subject to the assumption (7)
above, the solutions are "exact." In each case, the figures on the left-hand
side (a) correspond to the instant of time when the bearing surface is at the
maximum velocity downstroke, while the right-hand side (b) corresponds to the
time when the bearing surface is instantaneously motionless, about to reverse
directions. The flow profile is only parabolic for the lubrication theory
case (Re » 0, & » Q). Peculiar flow reversals and a circulating flow are ex-
hibited. Lubrication theory requires that if the bearing surfaces are motion-
less at any instant of time, the lubricant is also. This is clearly not the
case here, as fluid motion continues to inertia and elasticity in Figs. 3b,
4b, and 5b.

Dimensfonless film thickness

o Re=gi 10"

L le 2.0 — ' -.z o 3
Dimensionless velocity

{(a) V(t) = max (b) v(t) = 0

Figure 3. Typical Velocity Profiles - Parallel Circular Disks,

separation ho' Re = owh; /u

(a) V(t) = max (b) V(t) =0

i
012
(I}
I
AUN

Figure 4. Typical Velocity Profiles and Streamlines -
Simple Tapered Thrust Bearing (2)




(a) V(r) = max by V(&) =0

Figure 5. Typlcal Velocity Profiles and Streamlines
Journal Bearing (3)

Loads are also profcundly affected by inertia and viscoelastic effects,
For sinusoidal motion, loads can be expressed in terms of a dimensionless load
amplitude and a phase angle, as is common for oscillatory behavior. The dimen-
sionless load % is the ratio of the load amplitude predicted bv the improved
theory W* to the load amplitude predicted by lubrication theory N?. The phase
angle ¢ is the angle between the load and the oscillating surface velocity.
This angle must be zero for lubrication theory. Figures 6 and 7 show the load
amplitude and phase angle behavior for a varietv of bearing geometrv condi-
tions. More detailed explanations, and additional results appear in Refs
(1-4). Note, however, that virtually anv sort of behavior can result relative
to that predicted by lubrication theory: i.e. the load amplitudes may be in-
creased or decreased (WS W?), and the load may be in or out of phase with
respect to the surfaces velocity (0 < % < 180°; wp = 0). Note also that a
continuous increase in Reynolds or Deborah number does not mean a continuous ‘
increas: (or decrease) in the load variables. :

Range of Variables

It appears that squeeze film damper bearings may very well operate in the
range of variables for which inertia and viscoelastic effects are significant.
Consider the following set of variables:

Density n=20.8 gr/cm7 3
Oscillatorv speed w = 3000 sec”! (- 28000 rpm) ]
Viscosity = 0.1 gr/sec~cm = 10 cp (- 1.45 j1 revn)

Radial clearance ¢ = 0.025 cm(~ 0.010 in)

Shear modulus G = 300 dvne/cm” (- 0.003 psi)
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From these values the following values for Reynolds and Deborah number obtained:
G
= — = ]. 3

Reynolds number, Re = pes 15. Deborah number, @ =
H Md

For these sets of dimensionless parameters, viscoelastic and inertia effects
would be expected to become significant, from Fig. 6.

bl

1 1 1 1
® * ae e o o L 1 | i 4
w0
Re 20 a0 so 80 00
Re
Figure 6. Typlcal Load Behavior, Amplitude and Phase Angle , ,a
Parallel Circular Disks, separation ho‘ Re = mnhn Jp (DY

* Eccentricity ratio & = 0.25 Eccentricity ratio £ = 0.5

3 Figure 7. Typical Load Behavior, Amplitude and Phase Angle
Partial Journal Bearing, Re = pwe/u (4)




CONCLUSIONS

Analytic solutions have been developed for the flow of a viscoelastic
fluid between arbitrary two-dimensional surfaces, one of which is subject to
small high-frequency oscillations. Fluid inertia effects are included and
the results are valid for any simple viscoelastic fluid provided the oscilla-
tion amplitude is sufficiently small. Solutions are available in terms of a
Reynolds and Deborah number, and unusual resonance effects in velocity field
and load are exhibited as the oscillation frequency (or Revnolds number) is
increased for a particular fluid. Lubrication theory may be significantly in
error for fairly low combinations of Revnolds and Deborah number.

The very restrictive assumption that the oscillation amplitude is small
renders the problem linear with respect to both inertia and viscoelastic ef-
fects. What then are the effects of viscoelasticity and inertia if %/h is no
longer << 1? One can only speculate, but it is this author's opinion that
these sort of phenomena will still prevail at higher values of §/h. 1t hardly
seems likely that non-linear effects tend to produce the more orderlv behavior
required by lubrication theory. Controlled experimental studies and perhaps
more involved analytical techniques may ultimately provide the answer, al-
though in the latter case the whole range of issues regarding an appropriate
viscoelastic model must be addressed.

Results have only been developed, to date, for the infinitely long, one-
dimensional bearing; and in the case of full journal bearings (with their more
complex boundary conditions), for inertia effects only. The case most common-
ly used in anslysis of rotor dynamic systems is the short bearing hypothesis.
This case is a straightforward extension of existing solutions, and work is in
progress to derive stiffness and damping coefficients, based on the improved
theory. When completed, a full analysis can be performed, examining the in-
fluence of fluid inertia and viscoelastic effects on rotor dynamic behavior.
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Eccentric case

The operation of a damper bearing 1s typically in an eccentric position.

operation and the test results reveals also greater discrepanciles

ca
olerance, Therefore, the eccentric case is more representative of

al

Fig.0 stiows typical test results obtained with

ared wit! the theory.
rig in Fig.la.
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Fig.8 Influence of eccentricity ratio on the damping coefficient

At low to moderate force levels and at low eccentricities the trend is con-
firmed, tut at nigher values, which also means larger whirl amplitudes, the
recsults clearly show that the theory does not apply anymore because small mo-
tlons were asumed. At the same time any viscosity change may drastiically al-

ter the whirl orbit and this is shown on Fig.9 which shows in a extreme case,
where the coccentricity is 0.75,that for a given force (“unlalance here) and
frequency, the whirl amplitude grows larecer if the visconity is lowered.
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Fig.9 Influence of viscosity on the orbit amplitude
Az an example in Fig.9a the whirl orbit at 11LHz is S per cent cof tie clear-
ance and in Fig.G9c 1s tne orbit close to L0 per cent and at even higher fre-
quencies (or lower viscosities) moves the center of the damper journal to-
wards the center of the bearing housing and occupies almost the maximum clear-~
ance limit cycle [2]. Thic demonstrates that the behaviour under these con-
ditions iz nonlinear and chould be treated accordingly [L].
APPLICATIONS
From a design viewpoint is it desirable to have tune L/L ratio as small
’ ac posoible, a typlcal ranpe is 2.1 to 0.2 and the U/F should te no lers tian
Jx1o=? assuming a given viscosity and supply pressure of the oil. Attention

+

muzt be pald to chanpes 1n the actual operating conditions remembering that
ir. enuntion (1) the damping coefficient iz directly proportional to 1
counity and lnversely proportional to the clearance to the 3rd power.
‘ a0 percent vicconity changer eguals only a 1% per cent clearance chanre.

h g ~f the oll suppiy pres: on the film extent must alszo be con-
. declrning a vaueeze film damper bearing and the influence may te
correed oacoo Ureplerdiciment' foctor. T

liic area needs further inveutigation as
dov alon e problerme of te Tnfluence from the entrance loss from tie supply
croove o e muel apalier ofl Tile @imensions and tihe influence of cperating

iy Tlow rorine.
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Fig.1l Arrangement of damper bearing [7]

Fig.lla shows the cross-sectional view of a bearing arrangement with
damped flexible support and Fig.llb shows the flexible support structure
witl the Journal bearing inside and the sgueeze film damper surrounding it.
Again, the purpose of the damper bearing is to stabilize up to 330Hz a rotor
supported in fluid film bearings [7]. The damper bearing is fixed to an out~
toard member by 16 axial spokes which form an integral part of the arrange-
ment. The L/D ratio is 0.23 the outside diameter is 100mm (“hin.) and /R is
107%. 0il is fed at 0.2MPa (V30psig) to eight equally spaced holes in the
midplane and the damper 1s sealed off at the ends by seals of the piston ring
type. The damper bearing 1s centered in its housing by a pair of differen-
tial adjustment gscrews. If this 1s insufficient to compensate for the static
deflection caused by the welght of the rotor, additional suspension iec provides
vy o pair of externally located soft springs which pull through thin wire:,
wn arrangement which 1s also used in Fig.lOb.
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Ho /ever 1t must be emphasized, that the values of the damping cosfficient
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ABSTRACT

This work reports the design and application of a squeeze {ilm damper
for a single mass flexible rotor in journal bearings including experimental
results. Tt is shown rhat the damper is extremelv effective at eliminating
subsvnchronous vibrations due to self-excited hvdrodynamic instabilitv
despite the presence of large instability mechanisms. The damper oil f{ilm
was observed through a clear plastic damper housing. No uniform cavitation
region was observed, although isolated bubbles appeared in the fluid at
hich unbalance levels.

INTRODUCTION

Advances in technology and more urgent demands on cnergy needs have
had a direct effect on the development of high speed rotating machinery,
The drive has been toward higher speeds, greater power-to-weight ratios and
more | lexible shafts. The combination of these factors often results in
machinery which must pass through several critical speeds during regular
cvcles of motion. Machines which use rolling element bearings have very
little damping and often experience high amplitude vibrations and large
forces transmitted through the bearings and supports. The use of fluid ilm
bearings often helps reduce the vibration amplitude and transmitted force
but can also produce self-excited instabilitv which often results in hish
amplitude whirl and possible interference of machine elements. Elimination
of these problems is the major requirement of turbomachinerv design and

analvsis,

One poszible technigue to avoid or improve anv or all of the above

problems which has seen considerable discussion in the literature is the
use of tlexible, damnped bearing supports.  As deseribed in the noted
references, the anonnt of stiffness and damping can and must bhe optimized




for each system considercd. fmproper application of support stitfness and
damping can make the gsystem worse by causing larger than normal forces to
be transmitted or by generating unstable regions of operation (1, 2, 3).

One type of flexible damped bearing support which has seen increased
use is the squeeze f{ilm damper bearing., A squeeze film damper bearing 1is
basically a plain journal bearing where the journal is constrained from
rotating but which can still have radial and precessional motion. The
rotating shaft is then supported by a rolling element bcaring or some type
of fluid film bearing inside of the damper journal.

This paper describes the design and application of a squeeze film
bearing for a single mass flexible rotor susceptible to seli-excited whirt,
Experimental results are included, and a visual study of the {luid {ilm was
made through the clear damper housing.

EXPERIMENTAL APPARATUS AND INSTRUMENTATION

The rotor svstem described is an experimental flexible rotor test rig
susceptible to self-excited bearing whirl., The rig is essentially a single

mass flexible rotor supported by two rigidly mounted journal bearings as

shown in the schematic of Fig. 1. The 0,95 em diameter shaft is 45,7 on

long with a bearing span of 41.3 cm. A central mass which weighs 8,27 00 is
5 £

fixed at the midspan. The total rotor welpght is 11.39 XN, This shaft is
coupled to a zero to 10,000 RPM variable speed clectric motor bv a {lexibile

coupling which includes a notch to provide the key phasc pulse.

The motor end bearing is a plain porous bronze bushine =upported b oan
O-ring in an aluminum housing. At the opposite end, an oversize plain
journal bearing provides the support. The oversize bearine has 2.49 on
dianeter, 0.71 cm land length and 5,6 mil radial clearance. This Tarwec
bearing provides a particularly strong instability driving mechanism st oan
easily attainable speed. 011 is flood fed through the end o the boaring
and flows freelv out the inbeard side inteo a reservoir,

Both the plain journal bearing and the squeeze Vilm damper (to b
described Later) are supplied with SAT 10-weight oil which iz reciveunlated
after use.  The tubing schematic for oil supply and recirculation is shown
in Filo. 2. The main pump is a single-speed electric motor dviven cear
punp with adjustable bvpass so that variable pressures may boe mainta‘ned.

L

hironshy the nse of valves, the nain punp can be used to suction the oil ont
i the damper and plain bearing reservoirs, or to puap oil irom the nain
reservoir to the supply reservoirs, or to pressurize one or both ot the
supply rescervoirs.  In addition, the air compressor mav be usad to prossur-
{ze one supply reservolr so that cach reservoir can he maintained ot a
divverent pressure,  For variable statiec head without cuternal pressurc, tie
reservoirs may be woved up and down in the rack independent of the reotor i,

The svatem vibration behavior is monitored with neo-contacting d -
placenent probes and the vihration data stored on ™M uaancet e tape for
later analvaise A oner-per-revolution kev phase sivnal s also recorded
tor use in synchronous tracking and froequencs spectrun analtyeis,
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BASELINE EXPERIMENTAL RESULTS

The baseline response plots of amplitude and phase after final balance
are shown in Figs. 3 and 4 for the horizontal and vertical directions
respectively. The low speed amplitude of approximately one mil is primarily
due to residual shaft bow. The rotor was balanced using vibration measure-
ments from the horizontal probe, hence, the balance is slightly better in
the horizontal than in the vertical plane. Since information about the
response in whirl is desired, the amplitude plotted is the direct, unfiltered
signal as opposed to the synchronous signal most often used on Bode plots.
As is obvious in the figures, the synchronous tracking filter had difficulty
tracking the true phase angle at some points. Amplified vibration signals
did not improve the situation at all. The loss of phase angle tracking
followed by the subsequent renewal of proper phase angle causes the abrupt
changes in the phase angle on the response curves.

These baseline response curves indicate that the rotor operates smoothly
at vibration levels of approximately one mil peak to peak up to a speed of
4000 RPM where the vibration suddenly jumps to almost twenty mils peak to
peak in the horizontal plane and fifteen mils peak to peak in the vertical
plane. The speed drops rapidly due to horsepower lost in the whirl action
and the high vibration level locks in on the rotor natural frequency. It
is possible to increase the speed beyond the 4000 RPM threshold, but this
only aggravates the situation causing extremely high vibration. Even during
deceleration, the locked in whirl motion exhibits strong excitation at the
natural frequency of the system. This is only seen on the horizontal probe
because of the orientation of the orbit ellipse at this speed. The high
level whirl vibration remains locked in well below the first critical speed
until approximately 1000 RPM where normal response returns.

The nature of this baseline response vibration is shown further in the
"waterfall" plots of the frequency spectra of Figs. 5 and 6, Both curves
were generated from horizontal probe vibration data but Fig. 5 is during
acceleration and Fig. 6 is during deceleration, The major component of
vibration during acceleration is the synchronous component, and there is
absolutely no subsynchronous excitation below 4000 RPM. However, at 4000
RPM a very small half frequency component starts and just above 4000 RPM
the one-half running speed frequency is the dominant frequency in the system.
Because of the extremely large half frequency driver, it is necessary to
scale the waterfall plots differently; however the scaling data is shown on
each figure. As a result of scaling, the harmonics of the synchronous com-
ponents are occasionally lost, but these are only of minor importance so no
effort is made to retain them.

The subsynchronous vibration in Fig, 6 is referred to as half frequency
vibration; however the frequency is actually about forty-four to forty-six
percent of the running speed frequency. This relationship is also evident
on the oscilloscope trace where the two timing marks per orbit 'chase" one
another around the orbit instead of standing still. As the speed decreases,
the half frequency whirl tracks the running speed, but no synchronous com-
ponent is seen due to the huge size of the half frequency peak. The
response of the system to the critical speed during deceleration discussed
carlier is also seen on the frequency spectrum by the synchronous peak
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occuring at 2250 RPM. Below 1000 RPM no response is seen because the half
frequency motion has subsided and the synchronous trace is clipped due to
scaling.

It has been demonstrated in the literature than an increase in bearing
lubricant ambient pressure will increase the bearing attitude angle and
decrease the instability threshold (4). Both of these phenomena are
demonstrated in Figs, 7-10.

Figure 7 shows the change in attitude angle of the journal orbit center
as the ambient supply pressure is increased with the rotor running at a
constant speed of 1600 RPM, There are no probes in the journal bearing
proper so these orbit locations were determimedwith probes looking at shaft
motion inboard of the plain journal bearing. The idea was not to get exact
values for eccentricity, but rather to get general behavior of the attitude
angle and eccentricity for various operating conditions. The data was
taken from photographs of the oscilloscope trace of the orbit as seen by
the DC-coupled vertical and horizontal probe vibration signals. As expected
from theory, the attitude angle increases toward 90° as the ambient supply
pressure is increased from 1 to 15 psig.

The corresponding decrease in rotor instability threshold speed is
shown in Figs. 8-10. The response curve with the bearing supply pressure at
5 psig is shown in Fig. 8 for the horizontal probe only. The baseline
response is not much different from the unpressurized case except that the
instability threshold speed has dropped to 3800 RPM. External bearing
pressurization of 10 psig produces similar results except that the behavior
at the critical speed has changed and the stability threshold has dropped
to 2875 RPM, as shown in Fig. 9. Also, the subsynchronous whirl continues
to a speed of 500 RPM instead of 1000 RPM, as before. When the bearing
external pressure is increased to 15 psig, as in Fig. 10, the instability
threshold drops to 2300 RPM and the whirl stays to below 500 RPM. 1In all
of the pressurized runs, the amplitude of vibration during whirl is less
than the corresponding unpressurized case.

Figures 11 and 12 show the "waterfall" frequency spectra associated
with the 15 psig run. There are no subsynchronous components during
acceleration to 2300 RPM, at which point a major half frequency component
tracks downward at approximately 45% of the running speed, as before.
Similar results were obtained for the 5 and 10 psig test runs, as well.

SYSTEM 3IMULATTON AND DAMPER DESIGN

Computer simulation of the rotor-bearing system is beneficial for
predicting response to changes in the system configuration before hardware
is actually changed. Two stability analyses were performed with this work
to study the stability of the system before and after the application of
the squeeze film damper. The first set of stability runs were made to
predict the behavior of the rotor-bearing system without the damper to gain
confidence in the system model. The second stability analysis was made to
predict the effectiveness of the squeeze film damper in system stabilization,

A fourtecen-mass station lumped-mass model with two bearing stations was
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used as the computer model. Since the length to diameter ratio of the
plain journal bearing is 0.29, the short bearing approximation is valid,

so short bearing coefficients may be used. The bearing coefficients for the
plain bushing were determined by previous experimental work, as reported by
Barrett and Li (5).

Figure 13 is a plot of damped natural frequency versus shaft speed
for the first three modes of the system without the squeeze film damper.
The log decrement values shown indicate how well the vibration is damped.
A negative log decrement shows that the growth factor is positive and
hence the system is unstable. Obviously this system is unstable above
4000 RPM because mode C, an even forward mode, develops a positive growth
factor at this speed with a damped natural frequency of 2200 RPM. This
frequency is also the first damped natural frequency of the system, as
indicated by the intersection of the synchronous excitation line with mode
C at 2200 RPM., This value is in good agreement with the experimental results
R of Figs. 3-6, which indicate a first natural frequency at about 2150 RPM.
. Figure 13 also predicts system damped natural frequencies at 2600 RPM and
4000 RPM, but these are not seen experimentally, The 2600 RPM mode is a
backward mode and is not excited, and the 4000 RPM mode is well damped.

} To eliminate the instability seen experimentally and predicted above,
¢ a squeeze film damper was designed for the system. Some of the constraints
on the damper design were: no end seals, no retainer springs, central
supply groove, clear housing to observe fluid film behavior. The damper
was designed using short bearing theory and optimum bearing and support
damping theory presented in the literature (6,7). In addition to the
previous constraints, it was assumed that the damper would exhibit centered
circular synchronous precession and that the fluid film would cavitate.

The final design of the damper selected is shown in Fig. 14 which
shows the damper housing and Fig. 15 which shows the damper journal. The
damper assembly was installed just inboard of the plain journal bearing at
the non-drive end of the shaft. Due to the difference in the clearances
of the damper (8 mils radial) and the bearing (5.6 mils radial), the shaft
acted as a retainer spring to suspend the damper journal in the housing.
Two lands, each of length 0.98 cm, form the inside surface of the damper
housing. 0il is supplied to the central groove and from here it flows
between the damper surfaces. The two outer grooves are used to carry oil
away. Lucite was selected as the housing material to enable observation
of the fluid film for cavitation effects. The journal of the damper is a
smooth aluminum cylindér ‘connected to the shaft by two shielded precision
ball bearings. A stainless steel pin protrudes radially from one end of
the journal and fits into the corresponding notch in the housing. This pin
is used to prevent rotation of the journal. The damper journal and ball
bearings weigh 1,07 N as a unit.

The addition of the damper to the system stability analysis produced
the results shown in Fig. 16, which plots damped natural frequency versus
shaft speed for the first three modes predicted. In this case, all of the
modes are well damped and no instability is indicated. According to this
analysis, the first damped frequency of the system should occur at approxi-
V. mately 3200 RPM,

\

106

-

eathe . N CoBt-Rosd Bt o




80

70

60

(REV /SEC )

50

40

30

20

DAMPED FREQUENCY

0
0

—

/

/

UNSTABLE

/  SYNCHRONOUS -

1 | | - |

1000 2000 3000 4000 5000 6000
SHAFT SPEED (RPM)

Fig. 13 Damped Frequency Versus Shaft Speed
for the First Three Modes of the
System with No Damper

’/4— OlL FEED Jﬁ

2

LY

OAMPER
DAMPER
s SURFACE

LUCITE
HOUSING -1

RN
O— L o A

DRAIN

R

O SURFACE

| 2
H
f

w
3

N

L /%

FRONT VIEW

CROSS SECTION

Fig. 14 Damper Housing Details

107

e wﬂﬁx"ﬁ

F—.




-y

DAMPER JOURNAL SURFACE

1.554
—— IN
DIA.

/./
iy - s

BEARING
3/8" BORE

-——r-—t

20 IN

Fig. 15 Aluminum Damper Journal Cross Section

( REV/SEC)

20

DAMPED FREQUENCY

10

0
o]

- / -
/ SYNCHRONOUS
/
L/ _
/ s 10.0 30 2.2 <
1.
T 1 1 I I
1000 2000 3000 4000 5000 6000

SHAFT SPEED (RPM)

Fig. 16 Damped Frequency Versus Shaft Speed
for the First Three lodes of the
System with Damper Included

108




The above results indicate that the damper hardware described pre-
viously should effectively stabilize the system throughout the operating
speed range,

EXPERIMENTAL RESULTS WITH DAMPER

The baseline response plots of the balanced rotor with squeeze film
damper are shown in Figs. 17 and 18. The most obvious difference from the
no-damper case is the lack of any instability throughout the entire operating
range., The response curves for the horizontal and vertical planes are
nearly identical. The system displays similar response to the no-damper
case below the critical speed but has very low high speed response, The
critical speed has shifted to 2800 RPM with a peak response of 1.25 mils.

A dip in the response toward zero amplitude no longer exists since both the
X and Y probes show small peaks at the critical. The effect of the damper
is further seen in the frequency diagram of Fig. 19, which was taken from
the horizontal probe vibration data. Only the acceleration run is shown

in both the Bode-plots and the frequency spectra because the acceleration
and deceleration curves are nearly identical with the addition of the
damper. The scale factor in this figure is the same as that of the original
baseline response with no damper. The peak amplitude at the critical is
slightly larger in this case, but the synchronous component is the only
contribution to the excitation as shown by the single 45° trace on the
cascade plot. There are no subsynchronous components, whatsoever. Some
higher harmonics are lost due to the scale factor applied. As far as

being effective in eliminating instability, this damper has performed
extremely well,

Increasing the ambient supply pressure in the journal bearing has very
little effect on the system response when the damper is included, as shown
in Figs. 20-22. These figures show response curves for values of ambient
pressure ranging from 1 psig to 15 psig. The peak response speed shifts
approximately 100 RPM over the range of pressures, but the amplitudes of
vibration change only slightly. Similarly, the phase angle is nearly
constant over all of the runs.

Figure 23 shows the frequency plot with the journal bearing pressurized
to 15 psig. This is almost identical to Fig. 19, which is the corresponding
plot for the zero external pressure case. As before, there are no sub-
synchronous components visible at all, and the synchronous harmonics are
lost due to scaling. Only the acceleration data is shown since deceleration
is identical.

From the above results, it is obvious that the squééze‘filmidamﬁer
bearing designed and installed as described previously is extremely effective
at stabilizing an otherwise unstable system. Even at high bearing supply
pressures where the destabilizing mechanism is very large, no hint of
instability is seen.

CAVITATION EFFECTS

As mentioned earlier, one of the damper design assumptions was that
the fluid film would cavitate. This 1s one aspect of squeeze film dampers
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that is often discussed but not well understood. The damper used in this
study was made from lucite so that cavitation could be visually studied
under various operating conditions. Several runs were made with added un-
balances to load up the damper journal orbit radius.

In the studies made here, virtually no cavitation was seen under any
operating conditions. This includes high unbalance loads where large
circular precessions occurred., At the highest levels of unbalance
(0.084 o0z-in) a few small isolated bubbles formed in the oil but the
pattern was random, and the bubbles quickly traveled with the oil out of
the damper. This is similar to results reported by White (8), but the
bubbles in this case were sporadic, not ordered as White observed. Using
short bearing theory and assuming circular synchronous precession, the
peak damper pressure for this case with 0.0874 oz-in unbalance is approx-
imately 34 psig.

In case the bubbles rotated with the precession of the damper journal
too fast to distinguish, a stroboscope was used to observe the film. Even
when the strobe was triggered synchronous with the rotor running speed, no
cavitation region was observed. It was noted, however, that the damper
journal was precessing synchronously as assumed, and the orbit shown on the
scope was circular. Therefore, the assumption of circular synchronous
precession for dampers under high unbalance load is valid. However, the
assumption of a cavitated film may not necessarily be valid.

CONCLUSIONS

The design of a squeeze film damper for a single mass flexible rotor
was demonstrated and presented with experimental results. The study of the
damper was not a parametric investigation under constrained operating
conditions but instead showed the design of one fixed geometry damper for
a specific application. The damper was extremely effective at stabilizing
an unstable rotor-bearing system even when very large instability mechanisms
were present. The instability driver was provided through a large clearance
plain journal bearing with pressurized oil supply which caused large ampli-
tude half frequency whirl motion which locked onto shaft operating speed.

No cavitation region was seen in the damper under any operating
conditions. Small randomly spaced bubbles were seen under high unbalance
conditions, but no cavitation region formed., Under large unbalance loads
the damper exhibited circular synchronous precession as determined by
oscilloscope and stroboscope.

Although squeeze film dampers are used frequently in industrial and
commercial applications, their behavior is still not completely understood.
Work is especially needed in the area of predicting the fluid film behavior
more exactly. This would include predicting pressure profiles and peak
pressures and comparing with experimental work,and also iavestigating and
describing further the effect and behavior of damper cavitation.
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EFFECTS OF FLUID COMPRESSIBILITY ON VISCOUS
DAMPER CHARACTERI[STICS

by
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ABSTRACT

The incompressible Reynolds equation is the basis for prediction of
viscous damper and journal bearing hydrodynamic forces. The validity of this
equation in situations where cavitation exists within the oil film is ques-
tioned. Compressibility could result from sub-atmospheric cavitation pres-
sures liberating dissolved gases and creating a 2-phase, variable density
fluid. The released gases in the form of bubbles would not readily re-dis-
solve but persist in the pressure region and reduce hydrodynamic pressures.
A significant alteration of the pressure profile, and therefore the stiff-
ness and damping characteristics would be expected.

This hypothesis, alluded to by various authors, is proposed as an
explanation for reported, unusual fluid film behavior and 1is examined
through additional experimental data. A viscous damper rig designed with a
controlled orbit and fluid environment provided circumferential hydrodynamic
pressures at various speeds and oil supply pressures. The analysis and
interpretation of these data in comparison to current theory is addressed.

* Project Engineer
** Senior Analytical Engineer
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NOMENCLATURE ‘

c radial clearance of damper bearing, in.

e radial eccentricity of damper center, in.

Fp radial force, 1b

Fr tangential force, 1b

h oil film thickness, in,

hpin minimum thickness of oil film, in.

hpax maximum thickness of oil film, in.

L damper length, in.

P damper pressure, psi

Ppax total peak pressure, psig

“Prax normalized maximum pressure ;

psupply damper supply pressure, psig :
’ R damper radius, in. ;

€ eccentricity ratio (e/c) E

0 angle referenced from hy;,, deg i

p density, 1b~$2/in. é

w angular speed of damper journal, rad/S
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INTRODUCTION

The viscous (squeeze film) damper is commonly used in both industrial
machinery and aircraft gas turbine engines to reduce vibration and bearing
loads. Without sufficient damping, rotating equipment is apt to experience
high bearing and static structure forces because of inherent or unusual
shaft imbalance or dynamic instabilities within the system. The viscous
damper provides increased tolerance to excitation forces, and for the gas
turbine engine in particular, offers the opportunity to reduce weight and
increase speed, and thereby improve performance and decrease fuel consump-
tion. For these reasons an extensive effort to investigate viscous dampers
both analytically and experimentally has been undertaken.

The basis of the lubrication theory for viscous damper and hydrodynamic
bearing analysis is the Reynolds equation which was formulated in 1886. It
results directly from the Navier-Stokes equation by imposing the following
restrictions: a thin film, laminar flow, a Newtonian fluid, negligible iner-
tia forces, no variation in pressure across the film, no external body
forces, and no slip at the bearing surfaces. The generalized Reynolds equa-
tion for compressible fluids, which is discussed in _1 , is

d [pn3 ap) F < ph3 ap ) d(ph)
9 (AhZ9oP) [ 9 [ Ph7IP }\ _ 4 (y, -v L2P0 120y
Ix ( H o 9x YA Ho92 ( ! 2) 9 x (1)

By assuming an incompressible fluid, as normally expected in both dampers
and hydrodynamic bearings, equation (1) becomes

i(_*ﬁ 8_P>*.i(h_3 <3_P>=6(U1_U)a_h+ 12v (2)
Ko 9x az \ » 9z 2] ax

Ix

Both of these equations are nonhomogeneous partial differential equa-
tions in two variables and are difficult to solve directly., Specific assump-
tion coupled with appropriate boundary conditions, however, have allowed the
solution of these equations. Specifically, equation (2) has been solved by
assuming (a) a sealed damper configuration wherein the bearing is infinitely
long with no end leakage, i.e., the flow in the axial direction is neglig-
ible as compared to the circumferential direction, (b) open-ended conditions
which assume negligible flow in the circumferential direction as compared to
the axial direction, and (c¢) a finite length journal wherein flow in both
the axial and circumferential directions is assumed. The infinite length
solution as reported in 2 was used for the damper investigated in this
program, an end-sealed type commonly used in gas turbine engine. Dampers
without end seals have been used in some applications, but high o0il flow
requirements usually prohibit their use.

Various types of viscous dampers and hydrodynamic bearings have been
experimentally investigated by several authors. Measured pressure profiles
and forces have been compared with predictions based upon the solution of
the Reynolds equation for an incompressible fluid. Correlation between test
and theory has been shown to be good to excellent in some cases and poor in
other instances. It is felt by the authors that an explanation for these
differences is available and that it involves the issue of cavitation. A
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survey of the early 20th century literature on the subjects of cavitation,
sub-atmospheric pressures, and tensile stresses in fluids as summarized in
_3 clearly shows that unusual and unexpected behavior within journal bear-
ings was common. From a practical standpoint, the pressure within the cavi-
tation region is usually ignored since the contribution of this pressure on
the total force 1is negligible. But, this is not the discrepancy being
addressed. The questions being raised are what is the nature of the cavita-
tion region and what is its influence on the pressure region. On the basis
of his review of works published during the first half of this century,
Cole _3 speculated on sub-atmospheric bearing pressures and cavitation in
journal bearings. He described three regions as shown in Fig. 1. In region
A, liberation of dissolved gases within the lubricant would occur, and the
resulting cavitated fluid would be compressible and probably of different
viscosity. In region B, 1lubricant vapor would tend to be liberated. He
thought that in both regions unstable states are possible with no gas liber-
ation tcecause of the absence of gas nuclei which are necessary to precipi-
tate the change from a liquid to a liquid-gas phase. He went on to state
that since gas liberation is not instantaneous, it is also possible that
phase equilibrium may not be immediately attained after a pressure change.
Region C, the true negative pressure region, is theoretically possible as a
metastable state but except under transient dynamic conditions the libera-
tion of vapor would cause conditions in region B to intervene. Cole went on
to speculate that the cavitation pressure would most likely be between
atmospheric and the lubricant vapor pressure under steady state conditions.
In addition, he thought the time lag effects arising from the finite rates
of gas liberation and re-solution could delay the formation of the pressure
film at the point of maximum film thickness thereby introducing compressi-
bility effects into the early portion of the pressure region. The similarity
between the pressure profiles of journal bearings and viscous dampers sug-
gests that compressibility effects noted in the bearing could also occur
within the viscous damper.

Positive
pressure region

Zero gage pressure
Dissolved
Region A ( gases )
liberated
Sub-atmospheric .
p— — — — — ~— — — — — — Fluid vapor pressure
pressure region Region B (Flmdvapnj
liberated
Absolute zero pressure

Negative
Region ¢ | pressure-fluid
‘ in tension

Fig. 1 Liquid/gas sub-atmospheric pressure regions
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Later work on journal bearings by Marsh 4 , Black & Walton 5 ,
Nakahara et al _6 , and Dyer & Reason _7 has shown cavitation to be respon-
sible for reducing the load carrying capacity, producing cavities which per-
sist in the high pressure region, creating a 2-phase compressible fluid, and
inhibiting pressures below absolute zero. Nakahara et al specifically showed
both cavitation pressure and zone width to be dependent upon air content of
the fluid. In addition, at least four detailed publications concerning vis-
cous dampers show lower-than-predicted dynamic pressures and good correla-
tion only when cavitation was eliminated or dynamic pressures were low, viz,
Tonnesen _8 , Humes and Holmes 9 , Jones _10 , and White 11 .

In order to explain the results of the viscous damper testing and the
effects of cavitation on damper performance, an explanation of specific
terms is necessary. A particularly instructive paper written by Swales 12
provides a detailed explanation of cavitation phenomena which occur in thin
films. He specifically describes and defines gaseous and vaporous cavitation
as being dependent upon the relative amounts of gas and vapor within the
cavitation bubble. Bubbles with mainly vapor are thus defined as vaporous
cavitation bubbles. When gas is the major constituent, the term gaseous cav-
itation is used. He goes on the state that '"....even the longest lived va-
porous cavities are transient phenomena and stability is only achieved when
the contents are predominately of gas rather than vapor. Most types of cavi-
tation observed in thin oil films are stable and ... from this evidence
alone it would be possible to conclude that they are gas filled. The gas
comes from free gas bubbles or the large amounts of dissolved air in oil
(8~15 percent by volume). ...vaporous cavitation is only likely in situa-
tions where there is insufficient time for air to diffuse out of the oil."

It appears that cavitation may significantly alter the hydrodynamic
characteristics of viscous dampers and bearings. The assumption of an incom-
pressible, single-phase fluid may not be valid. Because of the unknown
nature of gaseous and vaporous cavitation and the possibility of a 2-~phase
fluid within the oil film annulus, an explanation of the physics of the oil
film is complex and possibly beyond the limits of analytical description.
This paper will present a hypothesis and substantiating experimental results
which add credence to the speculation and evidence of others.

THE PROBLEM AND A HYPOTHESIS

Early viscous damper testing _2 and Fig. 2 showed good correlation at
low dynamic pressures. As higher speeds, larger eccentricity ratios, and
smaller clearances were investigated, the amount of cavitation increased and
deviation from theory became more pronounced. Specifically, peak dynamic
pressures as low as 402 of the predicted values were observed. No obvious
trend was noted except that, in general, decreasing the length of the cir-
cumferential cavitation zone improved the correlation.

A study of the test results led to the hypothesis of a 2-phase fluid
consisting of the oil and gas bubbles created by the sub-atmospheric pres-
sures within the cavitation region. The bubbles persist in the positive
pressure region due to finite oil re-solution rates and create a compress-
ible, variable density fluid. This fluid produces hydrodynamic pressures
which are significantly lower than predicted by incompressible theory. Gas-
eous cavitation, which is probably unavoidable in most practical situations,
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will therefore reduce hydrodynamic pressures within viscous dampers and, in
addition, create similar effects in fluid bearings, particularly under whirl

conditions.

Normalized
maximum
pressure

FIAX

(Dimensioniess)

500 s speed s 3000 RPM
105 Peuppyy S 80PSIC
10 s temp < 200 F

50 < Pyax s 150 PSIE

©°

0 1y ) PO S B
0 0! 0z 03 04 05 06 07 08

Dynamic eccentricity ratio
{Dimensioniess)

Fig. 2 Correlation of experimental data to theory for a 20 mil radial
clearance viscous damper

A survey of the literature clearly shows similar trends. Humes and
Holmes 9 stated "...as a result of the persistence of cavitation through-
out a cycle, there appeared to be a limit to the maximum pressure attained
during a cycle which was many times smaller than the pressure predicted
using the Reynolds equation." It is interesting to note that the test damper
was the open-ended variety and that maximum measured pressures were in the
range of 100-150 psi. Similarly, Jones 10 also showed discrepancies be~
tween theory and practice, particularly at high eccentricity ratios. His
damper was also the open-ended type. Comprehensive testing by White 11
with both open and sealed end conditions also showed experimental pressures
significantly less than predicted. White pointed out that for the open-ended
damper where the axial pressure profile is parabolic, cavitation was con-
fined to the axial center line. This resulted in two dampers, each of length
L/2 and a step change in total load capacity to one-quarter of that predict-
ed for a length L damper. A sealed damper, which has a square axial pressure
profile will cavitate over its entire width and reduce dynamic pressure uni-
formly, not in the manner observed and reported by White.

EXPERIMENTAL PROGRAM

To accurately assess the hydrodynamic characteristics of viscous damp-
ers measurement of the pressure profile both axially and circumferentially
under controlled environmental and orbit conditions is necessary. Since
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forces can be calculated from the pressure measurements, this approach is
superior to the alternate method of direct force measurement. The pressure
profile can be directly compared to that predicted by the Reynolds equation.
The test rig (Fig. 3) was the same rig as used for the results reported in
~2 and 13 except for the modifications described below.

Fig. 3 Hydrodynamic test rig

To facilitate data reduction, circular centered orbits were essential.
They were obtained by an off-set cam which was placed at one end of a simply
supported shaft. A cross-section of the rig showing details of the shaft and
damper assembly is illustrated in Fig. 4. The ball bearing supported shaft
is driven by a variable speed motor which could accurately control the damp-
er whirl speed to within +2 rpm. The damper length and diameter chosen for
the tests were 1.61 in. and 6.44 in. respectively. Measured radial clearance
was 10.4 mils. Both ends of the damper were sealed with piston ring as well
as "0" ring seals to facilitate collection of the return oil and to prevent
air from being drawn in by the damper sub-atmospheric pressure in the cavi-
tation zone. The piston rings were of the butt-joint type which are typical-
ly used in the gas turbine engine applications. The end leakage past the
piston rings as compared to the flow through the butt joints was minute.
Therefore, the damper was essentially operating with sealed end conditions
except at the piston ring gaps which provided oil thru-flow. This arrange-
ment allowed a direct comparison of the experimentally measured circumferen-
tial pressure profiles with those predicted by a long bearing solution of
the Reynolds equation.
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Fig. & Hydrodynamic test rig cross-section

0il was supplied to the damper through a single .032 inch diameter hole
located at the mid-plane of the damper. Two .032 inch diameter outlets
180° away from the inlet were located between the piston and "0" ring
seals. Oil temperature was controlled within +1°F and monitored by two
quick response thermocouples which were placed in the oil film flush with
the damper housing. Two proximity probes, 90° away from each other, were
installed to obtain the shape of the damper orbit, dynamic eccentricity, and
the instantaneous position of the line of centers (i.e., the line joining
the bearing and damper centers). Several pressure transducers were posi-
tioned circumferentially and axially to measure the entire pressure profile.
Preliminary testing showed that the axial pressure gradients were negligible
and that pressure profiles measured at different circumferential locations
were similar. Additionally, the traces of the two proximity probes were also
similar. Therefore, for all subsequent tests, the damper orbit was assumed
to be circular centered and the circumferential pressure data and eccentri-
city were obtained from one pressure transducer and one proximity probe,
both of which were located at the same circumferential location.

DATA REDUCTION

For each test conducted, the output of the pressure transducer and
proximity probes was stored in a digital memory system. This system provided
a playback rate which was up to 1/200th of the input rate without amplitude
or time phase distortion. An X-Y plotter was used to record the time history
of damper pressure and radial clearance. With circular centered orbits, the
pressure profile is synchronous with speed and fixed relative to the rotat-
ing shaft. Therefore, the pressure/time relationship could be transformed to
a pressure/angular relationship. The line of centers was used as the refer-
ence line to determine the tangential and radial force components. The line
of centers at the minimum damper gap also establishes the reference for both
force and peak pressure phase angles. The pressure curve was digitized to
obtain a pressure versus angular position tabulation, with respect to the
line of centers, for one cycle of the damper. Experimental damper forces
were determined by intergrating the pressure profiles using thesge equations:

27
FT = RLf P siny¢ do

o
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Bearing clearances and shaft flexibilities introduced significant vari-
ations in the dynamic eccentricities. The change was more pronounced at
higher speeds. The dynamic eccentricity ratio (€) was, therefore, determined
for each test from the proximity probe data using the equation

€ = hpax = hpin
2C

Theoretical damper forces were calculated from the long bearing solution of
the Reynolds equation using the test values of supply pressure, dynamic
eccentricity, oil temperature, shaft speed, and damper geometry. Theoretical
peak dynamic pressures were obtained using the equation

2—
= 12HwWR® Pray o Psupply

c2

Pmax

where P ., is obtained from curves of Pp,, versuse, 2 . Table 1 shows
the experimental data together with predicted pressures and calculated forc-

es.
EXPERIMENTAL RESULTS AND ANALYTICAL CORRELATION

As mentioned above and reported in 2 and 13 , the earlier research
to ascertain the validity of the Reynolds equation for calculating viscous
damper stiffness and damping coefficients showed good correlation over the

range of variables tested. Likewise, work by Vance and Kirton 14 indicated
good corre'ation, but their results were for a damper with no cavitation. If
the data from 2 is presented as shown in Fig. 5, a delineation of the data
with and without cavitation is clearly indicated. It will be noted that in
general, good agreement with theory is apparent, but upon closer scrutiny it
can be seen that better agreement was obtained within the uncavitated
region. In the cavitation region theory over predicts the pressure, partic-
ularly as the extent of cavitation increases. The trend is subtle but appar-
ent nevertheless.

Further investigation of the validity of the Reynolds equation required
additional testing with smaller damper clearances, higher loads, and in-
creased cavitation extent. Five preliminary tests at various eccentricity
ratios showed significant deviation from theory (Fig. 6). Additional testing
at various speeds, eccentricity ratios, and two oil supply pressures showed
a general trend of improved correlation with both lower speeds and higher
supply pressure (Fig. 7). It was not obvious what caused the variable cor-
relation. Cavitation was suspected because the exiting oil was permeated
with bubbles, unlike the inlet oil which was clear. With a greater range of
shaft speed and supply pressure, nearly 100 tests were run to obtain the
circumferential pressure profiles, the damper orbit, and the condition of
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the fluid as it exited the damper. With these data fully analyzed, the trend
of improved correlation between analytical and experimental data with mini-~
mum cavitation zone and minimum bubble production was clearly evident (Fig.
8). A 2-phase fluid with a compressibility dependent upon the extent of cav-
itation seemed probable.
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Fig. 5 Effect of cavitation upon analytical/experimental correlation

400

<
Speed 1000 RPM
Suppiy press 40 PS(G
Temperature 124°F
L Viscosity 3011077 Reyns
O Analytical
300 O Expermenta)
\ )
Peak
dynamic
pressure 2°°
psig
Q
O

[ML__AL_ Y DR S
03 04 05 06 0.7
Eccentricity ratio

Fig. 6 Large deviation from theory observed with 10.4 mil radial clearance
damper
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Evidence of compressibility 1s apparent in Fig. 9 which shows the cir-
cumferential pressure profiles for three o0il supply pressures with speed and
temperature held constant. If the fluid were incompressible, oil supply
pressures should add linearly onto the 360° pressure profile. It can be
seen, however, that the peak pressure increases by an amount greater than
the supply pressure increment even though the eccentricity ratio decreased
at higher pressures. The unexpected pressure rise was noted at all speeds
and can be seen more clearly by a plot of the change in peak pressure versus
the supply pressure increment (Fig. 10). The eccentricity ratio was not con-
stant but decreased with increasing supply pressure (see Table 1). An even
larger pressure rise would have occurred if eccentricity ratio had been held
constant. This unusual behavior could be caused by a compressible 2-phase
finid which produces higher hydrodynamic pressures as it increases in densi-
ty with increasing supply pressure,.
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A 2-phase fluid could also vary in density locally within the annulus.
The variation would result from the time lag associated with gas re-solution
rates and from the higher pressure within the converging oil annulus (see
Fig. 11). With a variable density fluid in the pressure region the effect of
supply pressure would depend upon the local density. In areas of high densi-
ty the increase in pressure would approximately equal the supply pressure
increase. Areas of low density would become denser, and the pressure would
increase by an amount greater than the supply pressure due to an increase in
hydrodynamic pressure. The experimental data shown in Fig. 12 on a polar
plot clearly illustrate the effect. Each curve represents the pressure pro-
file for a constant supply pressure at 20 psi increments. The pressure
change in the high density (minimum clearance) region is approximately equal
to the supply pressure increase. In the low density (maximum clearance)
region a trend of significantly greater pressure change is evident. The
increase above the supply pressure at various speeds and circumferential
locations for an 80 psi supply pressure change is illustrated in Fig. 13.
This pressure is calculated from the following equation:

P (8) = Pioo () - Psp () -~ 80

At the four higher speeds a trend of increasing dynamic pressure with in-
creasing film thickness and speed is apparent, while at the lower speeds the
maximum dynamic pressure increase shows no discernable trend. These limited
data suggest that the fluid density within the damper pressure region is var-
iable and partially dependent upon time (speed) and pressure (position).

The forces obtained by integrating the pressure profiles provide addi-
tional information which suggests that incompressible fluid theory is not
valid for a cavitated film. The phase angle of the total force increases
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with increased supply pressure as predicted by theory except that it ap-
proaches (and exceeds) 90° with a supply pressure significantly less than
predicted (Table 1). This is a direct result of the large increase in pres-
sure within the maximum film thickness region caused by a variable density
fluid. The phase angle of the peak pressure also increases with increased
supply pressure. Theoretically, this angle should not change. It is, how-
ever, a function of eccentricity ratio which could not be held constant.
Using the measured eccentricity ratios the pressure phase angles were cal-
culated and compared to those observed. Significant deviations were evident,
caused also by the larger than expected pressure changes in the maximum film
thickness region. These additional observations suggest that the influence
of a 2-phase fluid on viscous damper characteristics is complex and not as
predicted by incompressible theory.
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SUMMARY AND CONCLUSIONS

Experimental data obtained from a controlled orbit damper rig has pro-
vided additional evidence supporting the inadequacy of the incompressible
Reynolds equation in predicting viscous damper pressures. It is hypothesized
that the deviation from theory is due to fluid compressibility caused by
sub-atmospheric cavitation pressures liberating dissolved gases and creating
2-phase fluid. The liberated bubbles, being primarily gaseous and not vapor-
ous, do not readily re-dissolve but persist within the pressure regior
thereby reducing the hydrodynamic pressure. In addition, the 2-phase fluid
has a variable density which is both pressure and time dependent, the densi-
ty being affected by oil supply pressure, eccentricity ratio, and speed.
Experimentally it has been shown that:

1. The correlation of experimental data with incompressible theory im-
proves with a decreased extent of cavitation.

2. With a cavitated damper oil supply pressure can not be directly super-
imposed onto a pressure profile; an additional increase in hydrodynamic
pressure results.

3. The damper pressure profiles which differ from those predicted by in-
compressible theory produce significant changes in the stiffness and
damping characteristics of a cavitated damper.

The significance of the observed deviation in damper characteristics on
rotor dynamic response can not in general be assessed. Because of extreme
variations in damper operating conditions, the alteration of the hydrody-
namic forces may be even greater than found in this program. Depending upon
the dynamics of the system, gaseous cavitation may provide either vibration
improvement or degradation. It is suggested that either viscous dampers be
used within a range of parameters where the incompressible Reynolds equation
is valid or specific testing be conducted for the damper in question to
determine the degree of deviation from theory. Further research into the
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effects of cavitation on both viscous dampers and fluid bearings 1is certain-
ly warranted; equally important is the development of an analysis which can
account for the compressibility effects.
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ABSTRACT

A method of analyzing the first mode stability and unbalance response
of multimass flexible rotors is presented whereby the multimass system is )
modeled as an equivalent single mass modal model including the effects of . 1
rotor flexibility, general linearized hydrodynamic journal bearings, squeeze
film bearing supports and rotor aerodynamic cross coupling. Expressions
for optimum bearing and support damping are presented for both stability
and unbalance response. The method is intended to be used as a preliminary
design tool to quickly ascertain the effects of bearing and support changes
on rotor-bearing system performance, Since the method can be quickly
applied, it should realize a time and cost savings in analyzing the class
of rotors considered.

An 8 stage industrial compressor is analyzed for stability and unbalance
response, Linear and nonlinear analysis with squeeze film bearing supports
are presented using nonlinear steady state and time transient techniques to
verify the linear designs. The results indicate that the linear design
method based on the optimum damping expressions presented herein leads to
viable bearing and support designs for rotor-bearing stability and unbalance
response,

NOMENCLATURE

Symbol Description
A Rotor amplification factor, dim.
AU Minimum rotor amplification factor, dim.
[A] Svstem coefficient matrix, FLT!
133
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[B] System coefficient matrix, FL”!
[ Bearing radial clearance, L
. . s Lth . . .
Cij Damping coefficient for i direction due to velocity in
Lth . . -
j direction, FTL 1
cp Tilting pad bearing pad ground in cleuarance, L
c. Averayge radial damping coefficient, (cij + cjj)/2, FTL !
[¢]) Matrix of damping coefficients, FTL?
D Bearing diameter, L
. D] [A)7" [B), dim.
; [l)r] Real part of [D], dim,
[
r . : :
. [Dil Tmayginary part of [D], dim,
\ . N e . R . Jthe .
dii Stiftness coetficient for force in i direction due to
\ ) . th . .
' displacement in j direction, FL !
k‘ Squeeze Tilm bearing stiffness for circular centered orbit,
‘ ' P
]
\ -
kr Averayge radial bearing stiffness (k.Li + kjj)/g’ FL!
kr Fundamental shaft modal stiffness, FL™!
S
L4 —_
kq Fundamental shaft modal stiffness, FI -
‘ K Ratio of total bearing principal stifiness to shaft
’ stiffness, dim,
l [k] Stiftness matrix, ¥

T P —

Rotor lenpth, L

Bearing length, 1.

Mass, 1T

Filting pad bearing preload, dim,

Pearine mass, FTOL
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q Aerodynamic cross coupling coefficient, FL™!

Q 2cq/W, dim.

Qm Maximum value of Q, dim,

TRD Dynamic force transmissibility factor, dim,

U Rotor unbalance, FL

WT Total rotor weight, F

Wm Rotor modal weight, F

' Bearing journal eccentricity ratio, dim,

A Imaginary part of eigenvalue, ;d/w, dim,

I Fluid viscosity, FTL ™
Angular location of journal in bearing, dim,
Rotor speed, T !

- Rotor rigid bearing critical speed, 7!

g Damped natural frequency, T

vy Rotor instabilityv onset speed, T *

y Yy \’c—/—g, dim,

INTRODUCTION

A method of analyzing the first mode stability and unbalance response
of multimass lexible rotors is presented whereby the multimass svstem is
modeled as an equivalent single mass modal model including the effects of
rotor flexibility, general linearized hydrodvnamic journal bearings, squeeze
film bearing supports and rotor acrodvnamic cross coupling, Expressions for
optimum bearing and support damping are presented for both stability and
unbalance response,  The method is intended to be used as a preliminary
desipn tool to quickly ascertain the effects of bearing and support changes
on rotor=bearing system performance, Since the method can be quicklv applied,
it should realize a time and cost savings in analvzing the class of rotors
considered,

An B-staye industrial compressor is analvzed for stability and unbalance
response, Linecar and nonlinear analvsis with squeeze film bearing supports
are presented using nonlinear steady state and time transient techniques to
verity the Tinear designs,  The results indicate that the linear design method
hased on the optimum damping expressions presented herein leads to viable
bearinme and support desians tor rotor-hearving stability and unbalance response,
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A schematic of an 8 stage centrifugal compressor is shown in Fig, 1,
The unit is to be used in an off-shore o0il production facility, The rotating
element has a total length of 279,4 cm, a bearing span of 228.6 cm and a
total weight of 9341 N. The operating speed is 7000 RPM. The original design
called for five pad tilting pad bearings with a 30% preload (1) at the main
supports. A preliminary stability analysis (2) using a modified Myklestad-
Prohl method (3) indicated the rotor would be unstable at speeds above 3900
RPM due to aerodynamic interaction of the gas flow with the impeller passages.
The magnitude of the aerodynamic effects was anticipated to be q = 21024 N/cm
at 7000 RPM, A speed squared variation of aerodynamic effects was assumed,

Subsequent stability analyses (2) indicated that modifications to the
main bearings would not stabilize the system. In addition to the stability
problem, the rotor was required to meet an unbalance response specification
that the amplification factor not exceed A = 6 at the first critical speed.
That is, the maximum vibrational amplitude of the rotor could not exceed 6
times the equivalent rotor mass eccentricity of the rotor unbalance. 1t was
therefore decided to modify the bearing pedestals by the inclusion of squeeze
film bearings. General squeeze film bearings of the type shown in Yig. 2
were selected which included a circumferential oil feed groove, end leakage
seals and squirrel cage retainer springs, The original tilting pad bearings
were not replaced by rolling element bearings as indicated in Fig. 2. The
objective of the analysis was to determine the retainer spring stiffness and
the length and clearance of the squeeze film bearings to simultancously
satisfy the stability and unbalance response requirements for the rotor,

Since the squeeze film journal does not rotate, the hydrodvnamic squecrze
film forces result only from translational motion of the journal which
squeezes the lubricant., Thus, under steady state operating conditions with-
out internal forcing functions acting on the rotor, the journal is stationary
with respect to the damper housing and no hydrodynamic forces are produced,

It is this lack of hydrodynamic forces under unforced steady state
operating conditions which produces the need for mechanical retainer springs
in parallel with the lubricant film to support static loads imposed by
gravitation and interaction of the rotor with the working fluid. These
springs must be designed to prevent the damper journal from coming into
contact with the damper housing when hydrodynamic forces are not present,
Furthermore, the retainer springs must be carefully tuned to anticipated
hydrodynamic forces under conditions of both small perturbations and cyclic
orbital journal motion about the steady state journal position to produce
the overall desired flexibility and damping characteristics, The hydro-
dynamic forces resulting from small perturbations about the static equilibrium
position are utilized in stability analyses whereas those resulting from
cyclic orbital motion are generally used in unbalance response analyses.

One of the major problems in analyzing and designing squeeze film bear-
ings is that of nonlinearity of the hydrodynamic forces, Since translation
of the journal is necessary to produce these forces, knowledge of the motion
of the journal is necessary in order to accurately predict the forces which
in turn affect the motion of the journal. 1If small perturbations about the
static equilibrium position occur, one set of linear hvdrodvnamic force
coefficients can be calculated (2). Tf cyclic orbiting about the static
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equilibrium position occurs, a second set of linear coefficients, different
from the first, can be calculated,

Fortunately, however, reasonable assumptions can be made about the
journal motion and careful design techniques can be used to reasonably
insure that the assumed journal motion will indeed occur, at least approxi-
matelyv, under normal operating conditions. This combination allows the
linear design of dampers to be made to determine the feasibility of the
application of squeeze film bearings in a particular situation and to
calculate the necessary bearing parameters, The effects of bearing non-
linearity under normal and abnormal operating conditions can be analyzed
separately to verify the linear design.

L.INEAR DESIGN OF SQUEEZE FILM BEARINGS

For the purpose of a preliminary analysis, it is shown in References
(2) and (5) that the general class of rotors described in the preceding
section can be modeled as an equivalent single-mass flexible rotor which
adequately represents first mode instabilities. The model consists of
three components representing the original system: (1) a massless elastic
shaft with an attached mass, (2) the bearings and supports, and (3) an
equivalent destabilizing force on the rotor mass, The single-mass model is
shown in Fig. 3. The major assumptions made are:

(1) The rotor is symmetric about the bearing mid-span,
(2) Mass rotary inertia and gyroscopic effects are negligible,
(3) The two bearings are identical and the coefficients are averaged.

The equivalent single mass representation is shown in Fig, 3. The
modal mass and modal rotor stiffness are chosen such that the undamped
natural frequency of the equivalent system is the same as that for the
original svstem with rigid bearings. Figure 3 shows only the original

bearings. The linearized representation of the squeeze film bearing supports

will be subsequently included.

[t can be shown (2) (5) that if the bearings do not possess cross coupled

forces (as in the case of tilting pad bearings) and that asymmetry in the
principal forces is negligible (as in the case of preloaded tilting pad
bearings) relationships exist between the ratio of total bearing support
to shaft stiffness and minimum unbalance amplification factor and maximum
allowable acrodynamic cross coupling.

1 = o
K=~ 1-3+ Jba -~ + Cor 2
A AO 1 s AO (L)
me
C
K= = 1 (2)
2q
m
Ihese relationships assume that the optimum bearing-support damping is
present,

Fivure 4 schematically illustrates a flexible, damped bearing-support
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component, The bearing and support are represented by general linearized
stiffness and damping force coefficients., In many squeeze film bearing
applications, the inner bearing mass, m,_, is statically supported in
mechanical springs to align and preload the inner bearing within the squeeze
film annulus. Therefore, the general support radial stiffness is represented
by hydrodynamic stiffness coefficients, koxx and k ¥ and by the mechanical
retainer spring stiffness coefficients, krsx and krsy'

Reference (2)presents a completely general set of dynamical equations
for the bearing:éupport system shown in Fig. 4. A set of equivalent linear
stiffness and damping coefficients can be obtained from those equations
which represent the original system

[k ] = B ) = Tk ) D]+ (i) fe ] (D) (3)
le ] = e, 1= (el (D] - Q/wd) [k] (D] (4)
where
[k, k, ]
k.] = ixx ixy , i=0,1
1
k, k,
L iyx iyy J
[c.] = -bixx CixyT i=0. 1
i. b ’
C, C,
| 1yx iyy |

[Dr] and [Di] are the real and imaginary parts of [A]_I[B]
where

(Al

[[ko] + [kI] + [krs] -~ (W)~ m, [1] + i(wX) [[co] + [Cl]]]

[B] [k T+ i(wh) [c ]
1 1

The design of squeeze film bearing supports for rotor-bearing systems
involves the selection of support stiffness and damping coefficients which,
in combination with the shaft bearing coefficients, produce overall bearing
and support coefficients which will stabilize the system with a given amount
of aerodynamic excitation at a given speed and will also result in satis-
factory unbalance response characteristics at the unbalance resonant speed.

To conduct the preliminary design of squeeze film bearings for the com-

pressor of Fig, 1, the modal properties must be calculated. These are
summarized in Table 1.
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TABLE 1 ROTOR PROPERTIES

Total Rotor Weight (WT) = 9340,8 N
Modal Weight (wm) = 4670.4 N
Operating Speed = 7,000 RPM
Critical Speed = 2204 RPM

1

Shaft Stiffness 253821 N/cm

Table 2 lists the stiffness and damping coefficients for the tilting pad
bearings with 30% preload and pad clearance of 0,1092 mm,

TABLE 2 TILTING PAD BEARING CHARACTERISTICS

m= 0,3, Cp = 0.,1092 mm

N klxX klyy Clxx Clyy
RPM N/cm N/cm N-s/cm N-s/cm
x1076 x107"
1000 0.1602 5.0370 2070 20428
3000 0.3840 2,9756 1830 6337
5000 0.5749 2,3889 1701 3861
7000 0.7704 2,1109 1687 2986

The anticipated aerodynamic excitation at 7,000 RPM is q = 21024 N/cm.
Since the actual level of excitation is unknown, a design value of ¢q =
30,000 N/cm will be used to allow some margin for error, Using a maximum
amplification factor of A = 6 at resonance, equations (1) and (2) give the
maximum effective bearing-support stiffness values., These are presented in
Table 3 together with the optimum effective bearing-support damping required,
The optimum damping

TABLE 3
MAXIMUM EFFECTIVE BEARING-SUPPORT STIFFNESS AND
OPTIMUM EFFECTIVE DAMPING

Specification K c
1re 1re
(max) N/cm N~s/cm
A . 6 at resonance| 2.26 286818 1948
q > 30000 N/em 3.23 409921 2476
at 7000 RPM
141
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is given as (2)

mw (1+K)
o _ cr

2 (
re 2 1 + 2K

(5)

Equations (3) and (4) can be used to determine the proper squeeze film
bearing coefficients, For initial design considerations, the bearing and
support coefficients may be considered symmetric, If there is no bearing
or support cross coupling, equations (3) and (4) then reduce to scalar
equat tons which can be more easily manipulated. 1t is necessary, however,
to estimate the whirl ratio for stability considerations and unbalance
resonant speed for unbalance response considerations., Since the overall
effective rotor damping ratio with optimum bearing-support damping is small
(2) (5), the first unbalance resonant speed and first damped natural frequen-
6; whirl speed are very nearly the same. The whirl ratio, %, can therefore

be accurately approximated as (2) 1
- a
*
H
H
cr L + 2K <
= ENARETY (6)
2(1 + K)
This value of \ will be verified by comparison with the value calculated
when the effective bearing-support cocfficients are used to determine the
actual rotor instability threshold. Ior unbalance response analyses, \ is
unity, and the unbalance response resonant speed is predicted to be (2) 1
2 9
1 + 2K
= . T @)

“d cr 2(1 + K)

For small perturbations of the journal about the static equilibrium
pusition, the squeeze film bearing does not generate hydrodynamic forces
that are represented by linear stiffness coefficients, Any restoring
stiffness forces in the squeeze film bearing must be provided by mechanical
retainer springs, Furthermore, the principal damping coefficients are
svmmetric, and cross coupled damping coefficients are zero if the static
journal equilibrium position coincides with the bearing center, These
characteristics are independent of the squeeze film bearing L/D ratio and
mav be advantageouslv used in the design process, By assuming that the
squeeze film journal is centrally preloaded statically so that the equilibrium
position is at the bearing center, the maximum radial deflection space in all
directions in the domper is attained to allow for variations in the static
load exerted on the retainer spring under various operating conditions., If .
the static equilibrium eccentricity ratio of the damper journal approaches
unity, the damping coefficients become very large and effectively lock up
the support resardless of the retainer spring rate.

For preliminary desipgn purposes, the tilting pad bearing will be con-
sidered svametric and the average stiffness and damping coefficients used.
The asvmmetry effects will be determined after the preliminary design has
been made.  The resulting support symmetryv will reduce the asymmetry in the
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overall effective bearing and support coefficients.

Figures 5 and 6 illustrate the variation in effective stiffne:s and
damping coefficients with support damping for a range of retainer spring
rates from 50,000 to 550,000 N/cm. A whirl ratio of A = 0,30 was estimated
using equation (6) with K = 3,23 from Table 3.. The weight of the tilting
pad bearing is 89 N, For support damping less than 1,000 N-s/cm, the
effective stiffness coefficient, k , is nearly indecpendent of the support
damping. Similarly, the effectivelggmping coefficient, c , i1s relatively
independent of the support stiffness over the same range $fesupport damping
values, For values of support dampiug greater than ¢ = 1,000 N-s/cm, the
effective stiffness and damping coefficients increaseogreatly. As ¢ and/or
k approach infinity, the effective coefficients approach the tiltigg pad
bggring values,

The effective coefficients can be used to determine the amount of
allowable rotor aerodynamic excitation, Using the values of k to
determine K, the maximum allowable values of aerodynamic excithffon as a
function of support stiffness and damping can be determined., These values
are shown in Fig. 7. The allowable aerodynamic excitation was calculated
from (2)

2a

1T +a) M (8

where q, is given by equation (2) and a is the ratio of the effective bear-
ing-support damping to the optimum value,

a = 2C1re 142K (9)
mwcr(l+K) 2 (1+K)

As expected, the allowable values of q decrease with increasing retainer
spring stiffness, and for each value of k there is a value of ¢ _ that
maximizes q. From stability consideratiohs alone, minimization of retainer
spring stiffness maximizes q and also affords the greatest range of c¢_ for
a given value of q. Figure 8 shows the variation in the optimum value of c
with retainer spring stiffness and also the maximum value of allowable q
for those conditions of k and ¢ ., The retainer spring stiffness must be
less than 425,000 N/cm fof the rofor to withstand 30,000 N/cm aerodynamic
cross coupling.,

Figures 9 and 10 show the effective stiffness and damping coefficients
for the compressor for unbalance response, An unbalance response resonant
speed of 2028 RPM was calculated using equation (7) with K = 2,26 from
Table 3., The whirl ratio is A = 1,0. The support stiffness consists of
the retainer stiffness, k__, and the hydrodynamic stiffness produced by the
squeeze film because of journal orbiting, k . The same general variation of
effective stiffness and damping occurs. By calculating K for each value of
<, and (krs + ko), the amplification factor, A, can be determined (g} from

?
A - (1*52 ) A (10)
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where A is given by equation (1).
[§] °

This is shown as a tfunction of support stiffness and damping in Fig. 11,
As in the stability case, amplification factor is improved by reducing the
support stiftfness, Figure 12 shows the optimum support damping as a
function of support stiffness and the maximum amplification factor tor those
conditions, The toral support stiffness must not exceed 325,000 N/em for an
amplification factor of A - 6,

This information can be used to determine the geometry of the squecze
film bearing support for the B-stage compressor. The outer surface of the
tilting pad bearing housings are to be used as the damper journal surtace,

The tilting pad bearings have outer dimensions R = 8,26 ¢m, 1. = 5,08 ¢,
The lubricating oil from the tilting pad bearings is to be used with vis-
cosity .. = 1,24 x 19 "N~s/cm . Using a finite lenpth solution to Revnolds

equation (6), the squeeze film damping coetficients are shown in Fig., 13
for both cavitated and uncavitated films, Based upon a cavitated film, the
squeeze film damping coefficient for a centrally preloaded journal with
circumferent ial oil supply groove and end seals is

¢
. Q
| ] - = 0.()()
f LL(R/e)
Using the values tor L, R, and ;. given above, the damping coetfficient as a
function of damper clearance is
| -
2.131 x 10 .
¢ = e N-s/cm
0 >
¢
where ¢ is in cm,
For unbalance response analvses the squeeze {ilm damping for circular
orbiting about the bearing center is identical to the stability coefticient
Cre (2)(7). Noting from Fig. 13 that ¢,  remains relatively constant for
. ecCentricity ratios up to : = 0.4, the unbalance re. vonse specification will
be met for an assumed eccentricity of : = 0,4, Since the stifiness co-
efficient, k , for a circular centered unbalance response orbit increases
greatly with increasing orbital amplitude, meeting the unbalance response
specification at - = 0,4 will insure that the bydrodvnamic stifiness, k
. . : . Lo
will not be too large over the eccentricity range for which the damping is
constant, 0 < v< 0,4, Tt is shown in Reference (8) that the nondimensional
hvdrodvnamic stiffness for unbalance response is the same as the nondimen-
sional cross coupled damping coefficient for stabilitv. Hence, for . = 0.4,
Fig. 13 gives
k
8]
e = (),40
ERd
WL(R/e) T
P . . . . .
Using the previous values of L, R, and ; and taking ; = 212 rad/s (the
unbalance response resonant speed), the hyvdrodvanamic squeeze tilm stiftfness
147
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for unbalance response is

where ¢ is in ¢m, Figure 14 illustrates the variation in the squeeze film
dampineg coefficient, ¢, and the stiffness coefficient for circular orbit-
iny at .« = 0.4 with squecze film bearing clearance,

The necessary information is now available to determine the as vet un-
known damper clearance. From Fig. 11, the maximum value of total support
stiffness, which will give an amplification factor of A < 6, is determined
and is plotted in Fig. 15, Similarly, the maximum value of retainer spring
stiffness that will vield an allowable aerodynamic excitation of ¢ > 30,000
N/em ois found from TFig. 7 and is also plotted in Fig, 15, These curves are

. labeled (k_ + k_) max and k_ max respectively. From Iig, 14, the unbalance
. response sgiffnggs, k , is féund as a function damping and is also shown in

. Fig, 15 by the curve Pabeled k . The difference between k  and k_ + k .
represents the maximum allowable retainer spring stiffness from ugbalagéc
response considerations,  The intersection of this curve with the stability
kr% curve gives values of retainer spring stiffness and squeeze {ilm damping
coefficients which will satisfv both the stability and unbalance response
specifications.  In this case, k_ should not exceed 97500 N/em and ¢ should
be 1180 Nes/em,  The damping coefficient is used to determine the damper
clearance, which is ¢ = 0,1200 nm.

Figure 16 shows the stability of the 8-stage compressor with k= 97500
N/em and ¢ = 1180 Nes/em using the actual asvmmetric tilting pad ﬁ&n‘ing
data. The whirl ratio, -, was determined iterativelv and is * = 0,27 at
the operating speed N = 7000 RPM, At the operating speed parameter, © =
2,45, the rotor can withstand 0 = 0.3125 or q = 66815 N/cm aerodyn'a.micO
excitation., Due to the restriction of retainer stiffness {rom unbalance
response considerations, k_ is sufficiently low to allow more than twice
the desipn target valne, Eor comparison, the stability of the rotor without
squeeze film bearings s shown by the dashed curve, Tt is observed that the
addition ot squecze film bearines has increased the allowable aerodvnamic
excitation by 6507,

The maximum allowable acrodenamic excitation as a function of rotor speed
from 1000 to 7000 RPM is shown in Fige 17. A very large margin between
assumed and allowable excitation exists throughout the rotor operating speed
range.

The squeese 1ilm bearing desipgn was based on a centrally preloaded, 180
deg cavitated bearing, If the static rotor load i{s such that static equi-
Librium positior is cccentric, the squeeze film damping coefficients are no
lTonyer svmnetric and cross coupled damping exists in the cavitated case,

et

2,
B

Fipure 18 shows the allowable aerodvnamic excitation for the 8-stage com=
pressor at 7000 RPM for non-centrally preloaded dampers,  The orientation

ot the damper journal cccentricity vector was chosen to he 315 dep with
respect to the horizontal x-axis for convenience, Figcure 18 shows a decrease
in allowvable acrodvnamic exeitation with increasing static cquilibrium
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cccentricity, Tf ¢ > 0.65, the rotor will be unstable with q > 30,000 N/cm.
NONLINEAR UNBALANCE RESPONSE ANALYSIS

The design of saueeze film bearing supports was based upon both stability
and unbalance response considerations. The near constancy of the squeeze
film bearing damping coefficient for circular centered unbalance response
orbits aver the range 0 < ¢ < 0.4 was used as a design criterion to select
retainer spring stiffness coefficients. Since the equivalent squeeze film
hydrodynamic stiffness coefficient is extremely nonlinear with respect to
the amplitude of the forced response orbit, it is not certain from the
analysis that the unbalance response vibration amplitude will necessarily
mect the unbalance response specification,

Furthermore, the assumption of circular centered orbiting of the squeeze
film bearing journal was based on the supposition that the static forces on
the rotor were known and could be counteracted by preload forces on the
journal, Static forces, in fact, are a function not only of the rotor weight,
but also of interaction of the rotor with the working fluid and are not
cenerally well known even under normal operating flow conditions. The static
forces, therefore, may vary greatly over the machine operating speed range.

It is desirable to verify the linear squeeze film bearing design for
nonlivear torced response with circular centered orbiting and for stability
and forced response about a noncentered journal equilibrium position, The
first case can be treated using steady-state response techniques whereas
the second requires time transient simulation., Both steady-state response
and time transient simulation have been used to analyze squeeze film
supported rotors, but the response of anti-symmetric modes to unbalance and
the etffect of loss of journal preload have generally been neglected,

One of the major assumptions made to reduce the general multimass two-
bearing rotor to a single-mass system was that the anti-symmetric rotor modes
are generally well damped and may be neglected from the equations of motion,
With this assumption, the motion at cach end of the rotor is the same be-
cause of the symmetry of the rotor model, From stability considerations,
this assumption is justitied because instability of the svstem is almost
always associated with the first damped natural {requency of the system (3).
It is not clear, however, that the anti-symmetric modes will be well damﬁgd
for forced vibrations although intuitively one might suspect that they would
be based upon the arguments concerning forced first mode response. Even
though the stabilitv of higher modes may not be in question, it is con-
ceivable that they may be excited by external forcing f{unctions. It is
important to verify the bearing-support designs for a particular rotor to

insure that large forced vibrations do not occur within the operating speed !
range. :
)

Table 4 shows the unbalance distribution used to analyvze the nonlinear §
response for the first two moades of vibration for the 8-stape compressor. i
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TABLE 4 ROTOR UNBALANCE DISTRIBUTION

DISTRIBUTION ROTOR MASS LOCATION

Quarter Span Half Span Three Quarter Span

First Mode 0 2162 gm-cm @ O° 0
Second Mode 1081 gm-in,@ 0° 0 1081 gm-cm @ 180°

h The rotor and damper journal amplitudes for the horizontal direction are
shown in Figs. 19 and 20. Both the first and second mode horizontal ampli-
tudes are low throughout the rotor speed range, The first mode horizontal
amplification factor is less than A = 1,3 throughout the speed range, which
is well below the design target of A = 6. The squeeze film journal eccen- i
. tricity ratio is relatively constant at ¢ = 0.2 for the first mode and does '
. not exceed ¢ = 0,25 for the second mode, Figures 21 and 22 illustrate the
vertical response., The maximum vertical first mode amplification factor is :
’ A = 2.5 at 2000 RPM, and the second vertical mode is well damped with a
r maximum amplitude of 5,2 x 10~ " cm, The vertical damper amplitude for the
first mode is ¢ = 0,32 for both the first and second vertical modes,

The forces transmitted through the squeeze film bearing are shown in
Figs. 23 and 24, The maximum horizontal force and vertical force are 2800
and 4100 N at 6000 RPM with the second mode unbalance distribution. For
both horizontal and vertical modes, the dynamic force transmissibility is .
less than unity at the operating speed indicating good force attenuation,
The forces produced would be considerably less for normal unbalance magni-
tudes, 1t is concluded that the squeeze film bearing design is acceptable
from unbalance response considerations for centrally prelcoaded circular
orbiting.

S Ml i o

Since both the stability and unbalance response specifications are met
with a wide margin, it appears to be possible to increase both the retainer
spring stiffness and squeeze film bearing clearance to aid in preloading
the rotor and to prevent eccentric damper journal operation under large
static loads,

NONLINEAR TRANSTENT ANALYSIS

Figure 25 shows the transient response of the squeeze film bearing
journal and rotor center for the fullv preloaded squeeze film bearing
(- = 0.0). The unbalance is zero and an aerodvnamic excitation of .
q 2 105071 N/cm is assumed to act at the rotor center, The motion of the
tilting pad journals is almost identical to that of the squeeze film journal
since the average tilting pad bearing radial stiffness is about 10 times the
squeeze film bearing retainer spring stiffness., After an initial perturb-
ation of the svstem, Fipg, 25 shows that the motion is still confined to the
vicinity of the static equilibrium position and the svstem is stable.
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Figure 26 shows the motion for the same conditions except that the
aerodynamic excitation has been increased to q = 113827 N/cm. The system
is observed to be unstable with fractional frequency whirl motion as shown
by the small dots on the orbital trajectory which indicate the position
after each shaft rotation, The amount of aerodynamic excitation required
to produce instability is between 105071 and 113827 N/cm, This is larger
than the value of 66000 N/cm which was obtained from linear theory. The
increases in allowable aerodynamic excitation is due to the added mass at
the ends of the rotor and to the relatively low retainer spring stiffness,

Figures 27 and 28 show the steady state response for a static equilibrium
position of the squeeze journal of ¢ = 0,0600 mm). This static equilibrium
position was produced by placing an unidirectional load of 476 N on the
damper journal, The equilibrium attitude angle is ¢ = 315 deg. Figure 27
shows the steady state motion with a rotor unbalance®of 216 gm-cm, The
journal undergoes very small orbiting about the static equilibrium position.
The rotor center orbits with a peak-to-peak amplitude of about 0,0085 mm.

In Fig. 28 the unbalance has been increased to 2162 gm-cm. Both the journal
and rotor center amplitudes have increased (nonlinearly) and the center of
the orbits have shifted toward the bearing center by about 0,02 mm. This

is a nonlinear effect of the squeeze film bearing and shows that although
the forces are velocity dependent, there is net lifting force acting on the
journal to counteract the gstatic loading.

Figure 29 shows the resulting unstable motion with an aerodynamic
excitation of q = 96315 N/cm acting on the rotor. The static equilibrium
position is ¢ = 0,5, ¢ = 315 deg, and the unbalance is zero, This figure
shows the rediiction in allowable aerodynamic excitation with increasing
static load (96000 N/cm compared with 110000 N/cm for ¢ = 0.0). The
percentage reduction indicated by the transient analysls is less than that
predicted using linear theory due to the additional mass in the transient
representation,

Figure 30 shows the transient motion with q = 26250 N/cm acting on the
rotor and £ = 1,0. This is about 2.5 times that predicted with rigidly
mounted tllglng pad bearings. The system is observed to be stable with an
unbalance of 2162 gm-cm. With an aerodynamic excitation of q = 61250 N/cm,
the rotor has become unstable as shown in Fig, 31, Although the allowable
aerodynamic excitation is larger than that predicted with rigid supports,
this also indicates the reduction in allowable excitation with increasing
static load,

CONCLUS IONS

(1) The hydrodynamic squeeze film bearing provides a suitable option for
stabilizing rotor-bearing systems provided the shaft flexibility is not too
high,

(2) The design of nonlinear squecze {ilm bearing supports based on the
assumption of a centrally preloaded squeeze film journal provides reasonable
design values for squeeze film bearing geometry and journal retainer spring
rates,
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(%) For squeeze film bearings optimized tor centrally nroloaded operation
and cavitated tilms, loss of preload decreases the allowable rotor aero-
dvnamic excitation,

(4) Specifications on unbalance response amplitication Toctor and aero-
dvnamics excitation levels can he etffeetively used to determine —uitahle
bearing and support stiffness and damping reguircoent s and can boe nsed o
obtain squeeze ilm bearing geometry and rotainer sprine ratee,

(5)  Squeeze film bearings having suitable nonlinear vooapoen o haracteristics
for centrally preloaded operation can be desiencd coolns Tin o faracteristios
for circular unbalance orbiting at a journal cocentricic. racic o S 0h,
(6)  Well designed systems for first mode stabilits od GG T e apon st

il i e oM~

are also generally well behaved with second and third
citations,

(7) Steady state orbits of noncentrally preloaded squecee Tiln bearines
with cavitation move toward the bearing center with increasineg unbalance
forces.  Thus unbalance tends to counteract the static Yorees and act as a
dvnamic preloading mechanism mechanism,

(3) Unbalance increases the allowable acvrodvnamic excitat jon on a rotor with
squeeze ilm bearing supports with cecentric static cquilibrium positions
pecause of the dvnamic preload with cavitation,
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CALCULATION OF THE
FORCES IN A
CLOSED=-END SQUEEZE
FITM DAMPER

by

Dr. B.J. Stephens

Senior Analytical Engineer
Pratt & Whitrey Aircraft
Government Products Division
P, 0. Box 2691

West Palm Beach, Fla. 33402

ABSTRACT

This paper presents a method for determining the forces generated in a
closed=cnd squeeze film damper as a function of t'.e location and velocity of
the journal and damper geometry. This method, which follews the "long bear-
ing" simplification of the incompressible Revnolds cquation with steady fluid
propertics, uses a mmerical integration scheme te calculate the resulant
forces once the discrete pressure distribution has been obtained from analvtic
expressions. Flow of {luid across the boundaries of the damper is accounted
for in the formulation of the pressure distribution by considering ports as
axial slots which extend over the entire length of the damper, The calcula-
tions requirced arc straight forward and once implemented, the method can
provide considerable time savings over methods that numericallv obtain the
pressure distribution, A two port damper along with associated non-dimension-
al damping and stiffness plots are presented as an example and indication
of the uscfulness of the procedure.
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NOMENCLATURE

port flow coefficient (in.3/sec-psi)

nominal radial clearance (in.)

damper forces in the x and y directions (lb)

constant of integration

film height (in.)

functions of ¢ as defined in equations (21) (22) (23)
damper lTength (in.)

pressure (psi)

static pressurc maintained in a port (psi)

flow coefficient associated with damper annulus (in.3/scc-psi)
radius (in.)

journal surface velccity components (in./scc)

journal location components (in.)

journal velocity components (in./scc)

Creck letters

viscosity (lb-sec/in.z)
independent angular coordinatce

Subscripts
subscript indicating the variable associated with the ith

interval or the ith port




Numerical solutions of the incompressible Reyvnolds cquations for the
prediction of the forces generated in a squecze film damper are highly time ‘
consuming. Lven in the case where the damper may be considered one-dimension=- i
al this time requirement becomes prohibitive when considering time transient
or non-linear solutions of rotor dynamic problems., The solution method pre-
sented here minimizes this time requirement by first analytically solving a ]
simplified form of the Reynolds equation for the pressure distribution and ]
then numerically integrating for the resultant forces.

The "long bearing® form of the incompressible Reynolds cquation with
constant fluid properties for a squeceze film damper is:

HS (18] o fi g () -m} o

where P = P(QS) is the pressure in the fluid, R is the radlus of the journal,
U, (@) is the tangential velocity of the Journal surface, V (q‘b) is the radial A
VClOCltV of the journal surfaces, M is the viscosity of the fluid, ¢ is the
independent angular coordinate, and h is the height of the film given by:

h=c¢ ~x cos((;b) - v sin(q)) (2)

Here ¢ is the nominal radial clearance and x and v are the cartesian com-
ponents of the location of the journal in the non-rotating coordinate svstems
as in figure 1, Since the journal may onlv experience translational motion,
the velocities U, and vV, may be related to the velocity of the center of the
journal bv:

u. = x sin(¢) + v Cos(gﬁ) (3)

Vo= x cos(@) + v sin((b) (&)

. .
where x and v are the cartesian components of the velocitv of the journal.
After the substitution of equation (2), (3), and (4) into cquation (1), and
the integration with respect to Q) the variation of pressurc with angular
location may bhe expressed as:

2P OMR (v cos(P) - x sin(@))

ap (¢ = x cos(@) =y Sin(¢))2 * (5)
12UR2 (v cos (@) - % sin(D)) + G
(c = x cos(@) - v sin(d)))3

where ¢ is a constant of integration., Noting that the first term of equation
(5) is smaller than the sceond by a factor of ¢/R, which for tvpical dampoers
is less than 0,01, cequation (5) may be reduced to:

e Fra

2 . .
o8 12pR (v cos (@) - X sin(@)) + G
op (¢ = x cos(¢) -\ sin((b)).‘

(&)

In the case of a damper with multiple fluid ports that act undiminished
along the entire axial tength of the damper, the variation of the pressure
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distribution between each pair of ports is unique, This requires that equa-
tion (6) be written as:

(ap) _ 12uR% (§ cos(B) - % sin(d)) + i .
1

_3_6 (¢ - x cos(@) =~ v sin((,b))j

where i denotes the subinterval of interest. With the pressure variation so
defined, the pressure distribution within each respective subinterval may be
defined as:

. EL
A e Zga@)i‘“é <020, O

i i+l
where P; is the pressure in the film at the beginning of the 1 h subinterval,
By examining equations (7) and (8), it may be scen that if there are
n subintervals then there are 2n unknown that must be evaluated. These un-
knowns may be evaluated by considering the continuity of flow at the n fluid

ports and the continuity of pressure at the beginning of each subinterval.
The continuity of flow may be expressed as:

ar (@_P
Qi 8¢ i (@1 ] o i-1

. . . . . , tl .
where P.. is the static pressure maintained in the i ! port, C; is the flow

=C, (P(¢i) -P ) )

&,

1

, o1 . . . th L
coefficient associated with the i~ port, and:
- 3
Q= T2 R (¢ - X cos(B) - vsin(@ ) (10)

where L is the length of the damper. The continuity in the pressure requires
hat:
t Di+1

PPt S@ 9P\ adgf (11)
i i 53;
i i
However, successive substitution of equations (11) into equations(9) leads to

flow conditions of the form:

oF P - b
4G - =0 (= Fop) 12)

o 1 CZE 5995 n qb1
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13)

o,

~
[P

(ap aP
{8 1)
i ?; °% i-1
i 9
P] - POI +

i ),
i=9 S
i =2,3,4...n ! q%'l j-1

-
while the combination of equations (11) leads to the continuity condition:
i+l
P
5 L) ap -0 (14) .
j=2

o |90
] j

where : Qj = @1 (15)

[t may be seen that (n-1) unknown pressures have been eliminated and only
(n+1) unknown remain to be evaluated fron the simultaneous equations.

Once the unknowns are evaluated, the pressure in the ith subinterval
may be calculated from:

(>'<J}¢i—§r}<

PP = (B +o, 1@, - 12ut B
(16)
< £
®i - ¢ - ¢i+1
where: P( @1) = P1 a7

¢ &
I l = g aQ (18)

(c - x cos(Q) -y sin(¢))3

,@ @ .
.If =S sin(@) 4@ (19)

(c - x cos(¢) -y sin(¢))3 .

and: :
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3
Kl =L( cos (@) d@ (20)
(c - x cos(P) -y sin(P))3

The indefinite form of these integrals (I, J, and K) are given by Gradshteyn
and Ryzhik (1) as:

<b X sin(¢) -y cos(¢)
(@)=
2(c7 - x2 - y2)(c - X cos(@) ~y sin(¢))2

(21)
+ 3cx sin(dﬁ) - 3cy cos(@)
IZ(C2 - x2 - yz)z(c - X cos(¢) -~y sin(¢))
. . ¢
+ 2¢2 4 x? —y2 tan_l ((c+x) tan(i)—y
(c2 - x2 . y2)2.5 Q22 y2
J(¢)= X - ¢ cos(¢)
20c? < %%~ ) (c - x cos(B) - y sin(B))?
+ 2xy sin(gﬁ) - (c2 + 2y2) cos (@) + ex (22)
2¢c? - x2 2 - x cos(P) -y sin(P))
+ 3cy tan'l (c + x) tan(%)- y
(c? - x2 - yH2s \]Cz - x2 o2
(b = —me 222D :
2(c” - x% - y3y(c - x cos(P) - y sin(P))?
. (23)
+ @2x7 + D) sin(¢) - 2xy cos((ﬁ) - cy
2(c2 - x2 - y2)2(c - X cos(¢) - sin(QS))
+ Jex tan-1 (c + x) tan(‘g‘s)~ y
2 2 2,2.5 .
(¢” - x7 - y7) 2 2 2

¢t -~ x° -y

wWith the I, J, and K integrals so defined, the pressure distribution about
the damper may be readily calculated from equation (16) by starting at ¢ 1
and then proceeding in the positive direction.

After the calculation of the discrete pressure distribution about the
damper the resultant forces may be obtained with one numerical integration.

171




cape

Kirk and Gunter (2) suggest ‘leddle's Rule as an accurate and efficient for-
mula for numerical integration in bearing applications, i.e,;

Pq
(24)
F(P)d@ = 0.34¢ (£ + 5E,+ £, + 6£5 + £, + S5E, + £)

By

where f£., j=0,1,2,3,4,5,6, are seven cqually spaced discrete values of F ()
on the interval Q% to Q% inclusive and:

¢ -
___6___?_0_ (25)
6 I3

A=

As an example of the method consider the two port damper illustrated in
figure 2. The analytic expressions for the determination of the pressure
distribution may be written as:

@) =P e 12 4R? (% IQ) ’K}Qs 26
P(@) = l+G1 I @, - MRS (x T Pm ¢1) (26)
B, DD,

and

@ %]

@
= - 2 (% -y
P() = P( (252) + c2 1 q)z 12 RS (x J ¢2 v K l¢2) 27

s, < B<P

where the integration with respect to @ must always proceed in the positive
direction. The flow conditions at the two ports mav be expressed as:

e B -
1 8¢1 2 ) 8125’ 05) €y =Py (28)

58]
—
POT SR

and
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(29)
2
QP 3P = - ar
Q, - =Cy [ Py =P, + d®
58/ |y \38)| g s \3C ;
2 2 1 2 1 1 i
The continuity of the pressure distribution requires that:

Hap Use
2

& 1 @

1 2

where again the integration with respect to @ must always proceed in the
positive direction.

Once the pressure field and forces have been gencrated, damping and i
stiffness characteristics may be determined, The damping and stiffness
characteristics of the two port damper of figure 2 have been determined and
are presented in non-dimensional form in figures 3 and 4, 1In this cxample,
the flow coefficients C; and C, were set to . very small number so the ports
would not affect the characteristics of the damper, In general, however, the
method may be used to generate similar curves for dampers which exhibit port
flow effects.,
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UNBALANCE BEHAVIOUR OF SQUEEZE FILM
SUPPORTED RICGID ROTORS

E.J. HAHN

Senior Lecturer, University of New South Wales,
Kensington, New South Vales, Australia.

ABSTRACT

Appropriatelv designed squecze film dampers can act as excellent
vibration isolators for unbalanced rigid rotors.  This paper presents the
equilibrium load capacity and transmissibility data over o wide range of
operating conditions for both unloaded vertical and centrally preloaded
rigid rotors mounted in either one or two squecze tilm supported rolling
element bearings.  Their applicability to ensure ctifective vibration
isolat ion consonantwith acceptable rotor vibrations is discussed. 1t Is
shown that with unpressurized bearings, bistable operation can and must be
avoided; significant vibration isolation is possible but lTimited by the
degree of unbalance; and there is no need for external support for unloaded
vertical rotors. With fully pressurized bearings, such support is essential.
However, bistable operation is eliminated and vibration isolation is possible
for anv degree of unbalance, though effectiveness decreases with increasing
unbalance.
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NOMENCLATURE

a = /U

b = 2uRLY/ (mC*upU)

B = load number = 2;iRL’/ (mC3w)

C = radial clearance

d = rotor shaft span between bearing supports

d0 = axial distance between bearing station ! and the rotor mass center
d, = 0 for conical motions, = « for cylindrical motions

D = journal diameter

e = journal orbit cccentricity

fyr,fp = fluid film forces on journal in r and t directions

gr>gr = defined in equations (4) and (5)

. Ix,1, = rotor moments of inertia about the transverse and longitudinal axes
) through the bearing center Ohl at bearing station 1
k = equivalent retainer spring stiffness = [di/fd1+d)r+l]K
} K = retainer spring stiffness at flexible supports
) = bearing length
’ m = equivalent rotor mass = {lx-'l[z]/dj for conical motions, = M f{or
cylindrical motions
M = rotor mass
Q = defined in equation (9)
f,t = unit vectors along and transverse to the line of centres ob;oji in
Fig. 1
R = journal radius
T = unbalance transmissibility
U = unbalance parameter = ,fdx+d)/fC(dl+dD}W

= phase angle between unbalance force and rotor displacement
= nondimensional speed = w/w,
= (1-1/"]/v

= journal orbit eccentricity ratio = ¢/C

= absolute viscosity of lubricant at the mean lubricant temperature

. = unbalance eccentricity

1§

rotor speed

r =\ k/m

I




INTRODUCT LON

Owing to theiv relative constructional simplicity  and the wide ranpe of
damping attainable, bhydrodvnamic squeeze Pilm bearings show excellent
potential as vibration isolators and attenuators (1), The satisfactory

pertornance of such bearings is, however, verv much dependent on their desian,
being greatly intfluenced by the degree of unbalance and damping in the system,
the operat ing speed as well as the degree of pressurization of the lubricant
supply.  This is well exemplitioed by the available design data on the steady
state vibration amplitude and unbalimce transmissibility of such squeecze fiim
supported rotors (Z-7).  These data presume that either the roter is centrally

.oovia retainer springs), or that the rotor is vertical and free

;V!‘L‘]«‘ddk'd (v.
from all external loading. fhe resulting circular journal orbits otter
analvtical simplicity, avold the ueed tor transicnt analysis (5,9) and are
realisable in practice (10-11).

The petential user of the available design data may, however, justly

complain that the svstem parameters utilised in centrally preloaded rotor
A . . - .
situations camot be casily oxtrapolated to encompass the vertical rotor
* situation (data tor which utilise slightlyv different parameters), so that the

advantaces (i anv) in providing external support stittness (e.p. retainer
springs) for unleaded vertical roters are nog readily apparent.  Nor can an
overat! view be so oreadily obtained.  This paper will attempt to rectity the
situat ton Tor the case of squeeze Pilm supported rigid votors, .o, the
. purpese ol this paper = to present in a peneralisced but compact form the
cand Vibriun load capacity data (in the Torm of the cquilibriue journal orbit
issibility data Tor vertical and

coventricity ratiod and the unbalance tran:
centrally pretoaded rigid rotors, over a wide range of operatiay conditions

and tor ans degree ol uabalance.

THEORETLICAL DODEL

N opencral bvdrodynamic squeeze Tiln o damper omount o tor oo votor runming in
rolling element bearings s schematically depicted in Fieo 1.0 The 1oltlowing

assunptions are made: (o) the rotor is rigids (D) excitation torees frem the
rolling element bearings are nesligibles (¢ the Revaolds cquation tor
constant lubricant properties is applicables (d) the short boaring (devivk)
Aatien is valid: (¢ steady state conditions have boen dttained with

appron
the tournal contres describing svachronous civeufar ovbits about the bearing

contress (9 i feoessary o o offset any resultant unidirvectional leading, the
rotor is ocentrally prefoaded with constant radial stitinessy (g1 the yotor
specd is o ceonstants Gh) o the roter is axiallv svimetric in spite o roter !
wnbatances (1) Che rotor Qs cither sommetrice and exhibits svometric metions
and Is moamted in two sguecze tile o supported rolling element bearings, or
i rotor i= omeunted inorieidly o sapported rolling oloment bearings at one ond
.

md osqguecse tEle supported rolDing olement bearings at the other.

Noscumption () detines the oporation to well below the tirst bending

il sond, Asamptbons (e oand G oare tupieal oand olTow one to obtain
e e Dt e sl e v Tabrtoant torees tor bhoearings baving
- R N P RS N R O R U A S P mador cpprosinat bon
Sereorens b oot ioen o s that L oo itatine recien sorrs end ool hapseas
AT . i , T L L R i NEEIARE R ' [SENERH
N IS AR o e e e Tt i r o d iy o ey P N S T VRN S0 O
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where, {or unp....urized or pressurized bearings respectively,

4 = T“—T‘th e or 0 (4)

29[‘ \L_iv_a).

g = vf\ or - ti . (9)
t 2{1-22]3/2 [1--77772

Upon eliminating & from eqns. (1) and (2) one finally obtains:

(geB/UJ? + (gB/U = )7 1. (6)

The corresponding value for the unbalance transmissibility 1T  is then given
byv:

T = 1+ 2088 - ST1-2/2T 0 (7)

PRESENTATION OF DATA

Since g and gy are functions of ¢+ only, It is possible to
represent the load capacity data in terms of two independent parameters. A
simple choice appears to be the parameter combination of B/U  and s
although B/(1-1/°"1 and * would secem to be cqually satisfactorv. One
should note that with ecither parameter combination, both parameters are speed
dependent .

For ease of interpretation of the final data, it iIs important that the
operatin, line be easilyv determined, This latter consideration sugpests
that for data portrayval, the independent pavameters (i.e. /U and . or
b/{1-1/5"] and ) should be the ordinate and abscissca variables, rather
than . Thus, the load capacity daza given in Fig. 4 in (7} ostensibly for
unloaded vertical rotors onlv, mav in fact be generalised to encompass
centrally preloaded rotors, if, in the notation of (7),uBny is replaced by
B/ TE =1/ and U is replaced by 1/0. However, the determination of
as the rotor varies in speed is unduly complicated by the need to continually
switch from one 1/ line to another.

Orodt becentyicity Data

Choosing  B/U and . as the independent parameter combination, eqn. (6)
was solved to give the equilibriun foad capacity charts of Figs. 2 and 3 for

unpressurisced (0 Vilm) and tully pressurized (20 film) bearings.  Note that

for (fullv) pressurized bearings, sy = 0, so the sign of 7 does not I i
influcence the solutions.,  Thus, Figs., 2 and 3 displav in compact form all the e
cquilibriom journal orbit eccentricity ratios - of both unloaded vertical '
rotors and centrally preloaded rotors for operating conditions oncompassed . i\
by the svstem paramctors varving over the ranpe 10730 0 B/U -0 10 and =30 «~ ¢;~
0. Suech 2 range is adequate to cover all operating conditions of -
practical interest.  In oall cases, as B/U ~ 0, the constant - Lines : <
approach o= ' l
P

Deternination of Operating Line

Since inopeneval beth B and T and od course }oare speed

dependent, B is et pessibie to tollow any stiven Tine on the desian maps as
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the operating ine is asvaptotic to =g oan o and asvmptotic to
;o

B/C = b as - 1. Alse, wvhen o= 1/, B/U = v2h, -0 = a0 and the

operat ing line passes through this peint.

Further, since both the 0 and B/U seales are logarithmic, the
magnitudes actually being plotted are  lop o= log a4+ log -t/ and
fog (B/U) = log b + log 1/%. Henee the shape of the operdating curve is
independent of the particular values of o and b, which values do however
specify its position. so the asvmptocity requirements and case of lTocating
the co—ordinate  v2b,al enable the operating Line for any system to b

ranidly located,
Transmissibility Data

Dransmissibility data is mere divVicult to porteay convenient Iv for, as
sav be oseen fron oeqon. (7Y, 0 is oin openeral g function of three independent
sarameters, such oas By, oy and U or By and U or various combinations
Che retrom.  As a rapid guide to whether T s less than or greater than
qaitv, cqu. (7)) may be written in the torm:

0T = (%)
. N
whetre W = - < - -7 (9)
MMis variation of T with ¢ is shown in Fig. 4. For pressurized bearings,

such o description s adegoate, hat tor unpressurized bearings, the
Y v 17 | N S SR I R B | L SR | T

]

.

1

2.0

(DiM)

T

| IR SEm I SRR R SRR SRS B |

T
00 10 2.0 3.0
1/
(1Q%)° (DIM)

il twenerad e Dibriam transwissihilite data




sy

AN T

determination of the sign, let alone the magnitude of QQ is difficult to
present.

For unloaded vertical rotors, or for high values of & (say & > 95),
Figs. 2 and 3 (and eqn. (6)) show that the differences in € between its
value for unloaded vertical rotors (6§ = «) and its value for centrally
preloaded rotors at increasing speeds (i.e. speeds such that § 2 5 say)
become increasingly insignificant. Hence, eqn. (7) simplifies to:

T >~/ 14+ 2egB - 2/U for &> 5 (10) 1

In such cases T is a function of only two independent parameters, say U
and . Fig. 5 illustrates this dependence for U < 1.4. 1t corresponds to
the transmissibility data for unpressurized unloaded vertical rotors given in
(7), and may be used provided & = 5.

DISCUSSION OF DATA
Design Considerations - General

The major reason for supporting rolling element bearing mounted rotors
on flexible damped supports is to achieve vibration i{solation, so that as
low a T as possible, and in anyv case, T T 1 1is attained at design speed.
Such vibration isolation can significantly extend rolling element bearing
life, as well as result in noisc attepnuation. The transmissibility at
resonance is generally of little concern since the actual load on the bearings
is usually higher at the design speed. Such vibration isolation can only be
achicved at the expense of increasing the vibrations of the rotor itself, so
an added consideration is to maintain rotor vibration amplitudes as low as
dictated by other design constraints. (e.g. blade tip clearances in
compressors) . The added benefit of flexible damped supports in cushioning
against shock loading (such as resulting from a sudden increase in unbalance
due to a blade loss in a turbine) mav also be partly inferred from the design
data in this paper.

Bistable Operation

Reterring tu the leoad capacity data for unpressurized bearings in Fig.
2, thuere exists a region, termed the bistable region.,  For example, suppose
operation is at A, Tossible equilibrium solutions for +  are 0.60, 0.91
and 0.955.  As shown in previous investigations (6, 7, 10), in the case of
three equilibrium orbits, the intermediate orbit is alwavs unstable (in the .
linear sense), while the others are stable., MHigh values of :+  are always
undesirable in their own right, iadicating high vibration amplitudes. Also
they are associated with undesirably high values of T, as may be scen in
Fig. 5. Hence operating conditions should be such as to avoid the bistable L.

region altogether.

Whether a change from one stable orbit to another occurs (i.e. whether
"jump' occurs) depends on conditions at entry nto or exit from the bistable
region.  Thus, entrv into the bhistable region from above posces the
possibility of a jump up to the higher stable orbit, while entry helow would

necessitate a jump down (4 rather unlikely cvent).  (nder cortain operating
copditions, one could enter the bistable region from below, then exit and
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reenter from above., A detailed investigation of these complicated multijump
possibilitices is reported in (2,6) and such multijump predictions have been
obscrved experimentally (6,11).

One can see from Fig., 2 that no bistable operation is possible once U
exceeds Lo However, for unpressurized bearings, such high values of U
result in T > 1 (see Fig.e 5. For lower values of U, bistable operation
is alwavs possible it the operating speed is high cenough, i.e. i1 B/U s
seall cnough. Least lecway occurs around the cusp of the bistable repion
when 0 202 and B/U = 00420 Note that tor votors operating at o« > 5,
this corresponds to U = 0,45 and B = 0018, A more precise determination
of the exact position of the cusp requires b to exceed U004 (7). The
sharpness of the cusp explains why U 3 0045 has often been reparded as a

critical unbalance parameter.

With tully pressurized bearings  on the other hand, bistable operation
is not possible, as may be scen rom Fig. 3 or from an examtination of cqn.
(). This is a major plus i1 operating conditions cannet be sutficiently
controlled to avold possible entry into the bistable region with
unpressurized bearings,

Design Considerations — Unpressurized Bearinas

Vith unpressurized bearings, choice of parameters should be such that
ander bl conditions of likelvy operation, the bistable repion is avaided.

noaddtion, at design speed, one vequives T 1o From eqn. (9, a _
Nnecessary, though by no means sufficient condition tor this is that -~ 242,
Oualitatively, one can scee that \\‘" incereases (and hence, 1T decreases) as
specd increases, parvticulariy if operation is in a region where is no
fonger ereat Iy speed dependent and one would normally pick L so that
STt desien speed. 10 Y Fip. 5 s applicable, and one can
readily see that tor 1o 1, conditions at design speed require o 0 0,55
and U DL (o 0 > 2048). Henee, operition should be such as to o avoeid

the vuasp ot the bistable region and remain generally in the arca above the
bistable region and above 7 = 2040 An alternative description of transmiss-
hility “roguency responses Tor contrally preloaded bearings is given in (0.

Lo ensure Tow maxinum vibration amplitudes, the parameters specitving
the operating Tine must be chosen aecordinglve This will ol dmdicate
whrethior the masimun vibration amplitude ocears at design speed or is passod

while accocterating up to desipgn speed.

Nooadvantage can be seen in providing external vadial support stiftness
tomnleaded vertical rotors. Not oonly is the transmissibility semewhat
Power o the absence o retainer springs but under certain conditions of
aperation, entry inte the bistable repion is Tikelv to be delaved as the
avolidonee of the cusp is less ditricalt. As repards vibraction amplitudes,
the provision ot external support stitiness appears to have neglipible

Cileet
Desipn Considerations - tully ressurizcoed

wWith tully pressurized beavings, no bistable vepion probiens oxist,

However, stability Cin the Pincar sense)d of the cquilibriue solut ions

e ——— e e
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requires some external radial support stiffness (5—»74) s0 that otherwise
utloaded vertical rotors must be provided with retainer springs.

As may be seen trom Fig. 4 or eqn. (9), [lor pressurized bearings,
where g = 0, the necessary and sufficient condivion for 07 >0 is that
> T Henee, with pressurized bearings, values of T 0 1 are always
possible once > /2, regardless of the magnitude of U, lowever, the
minimum 1 attainable is /l—\f/UJT, so that only minimal vibration
isolation (sav T > 0.94) is possible once U 2> 4. A more detailed
desceription ol transmissibility frequency response is given in (6).

Both pressurized and uwapressurized bearings exhibit similar orbit
cecentricity behaviour and similar comments are applicable in choosing the
operating line to minimise the maximum vibration amplitudes as for
unpressurized bearings.

The apparent advantages of tully pressurized bearings neced to be
weighed against the additional cost of the pressurized oil supply. The
ninimum supply pressure and oil flow rates required to achieve full
pressurization are given in (2, taking due note of the slight difference
in the definition ot B,

CONCLUSLONS

(a)  Equilibrium load vapacitv and transmissibility data are presented in
a compact rorm over a wide range of operating conditions and unbalance and
cnconpass both unloaded vertical and centrally preleaded squecze film
supported rotors.

(h)y  The choice of Independent svstem parameters enables the operating
Fine to be casily located on the cquilibrium leoad capacity chart.

(¢) The data may be used to ensure avoidance of bistable operation and
obtain ctfective vibration isolation at design speced while maintaining
induced rotoer vibration amplitudes at an acceptable level,

()Y Once the speed excecds Pive times the undamped svstem natural
trequency (i.e. once -0 ™ 3) there s naegligible difference between the
data tor unloaded vertical and centrally proeloaded rotors.

(¢) With unpressurized bearings, bistable operation is possible and must
be avoided: significant vibration isolation is possible up to a limited
degree of unbalance (up to U+ 0.43); and no advantages can be seen in
providing external support stiffness to otherwise unloaded vertical rotors,

(£) With tully pressurized bearings, some support stiffness is essentialjg
no bistable operation is possibles and once = > 2, some vibration
isolation is possible for anv degree of unbatance, though the effect iveness

is minimal ter U 4,
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Bearing Parameter Identification
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ABSTRACT
The problem of identifving unknown bearing parameters in a linear rotor-
. Learing svstem model is discussed. The measurements of displacements caused
by o trial mass unbalance applied to the rotor are used along with the lincar
alvebraic equations which describe the rotor steady - state sinusoidal motion

to provide a means ot selecting values of model parameters such that the fit
between the mneasured and computed rotor responses is optimized. Several
approaches te the optisisatien are discussed, and two example problems are

inclbaded,
NOMENCLATURE
A Croscssect fonal oarea of the shaft
€l ettt pedestal damping constant
o oL W ettt bearinge damping constant
4 Ripht pedestal damping constant
Ch Rishit bearing damping constant
{c] Matrix of viscous damping constants (2N + 2, 2N + 2)
E Younyg 's modulus of the shaft material
() Vector of applied forces and moments (2N + 2)
F(s) Vector of Laplace transformed applied forces and moments (2N + 2)
G Shear modulus of the shaft material
[G(s)] Matrix of transfer functions
1 Transverse area moment of inertia of the shaft
p Polar mass moment of inertia of an intermediate shaft mass

Jp—




Kl Left pedestal spring constant

S ettt bearine spring vonstant

b3 Rivht pedestoa! sprine constant

R Risht bearics sprine constant

B Y o Vinear sprine stivfnesses Q¥ o+ 20 N0 4+ 2)

! Penoth ol o maesless elastic sceotion joining two lumped masses
M Cacnitmde of a lumped mass between the shoft end masses
A Lot bearinge mase :
MOR icnt bearing mass
aal Saenitnde of the 1eft end shaft mass
B VMatris o7 translational mass and morments of inertia (2N 4+ 2, 2N+ 2)
N Darhor of Punped masses in the shaft rodel
«
. AN Cofenon’s ratio of the shatt material
o covter ot dioplacerents and rotations (O 4 0D
L]
T SO Coctor oor lantace transformed displacerent s and rotations (2N + 2
.
" vuler rad b o the rotor sttt
[N ransyverse e omoment o of inertia o of oan intermediate shaft mass
1 lnner radins of the rotor shatt
e moment of ipertin of the Teft end shaft mass
sorent o inertia ol the rivht end shaft nmass
o sverse oo moment of inertin of the right end shaft rmass
o i in oo Laplace transforoat fon
SHioa [RPR AT Paotoy
Podar coane coment oo inertio of the Tert end shart
linpodance trs
caw o
Dtor s e e oo
INTRADUCTTON .
he nacndness of pathemat feal models which depict the behavior of
phvsioal  corers Te somet dmes dmpaived beoa Tacw of knowledee of the correct
ot comstant e which appear in the eguat Lons Spring stiffnesses,
coetticient e, and masaees are examples of constants which are encounter- '
codela o Tinear nechanical svstems. Tor rotors in particular, an )
ecnirate dheoas el o node! can be dmportant for conduct ing vesponse studies '
Ao oene s and ceeenctroneuns whieD o stabilite analvses. A method is k
o T ie o st it iy the pararmctoers inoa Vinear rotor-heaving svs-

ceevent s of int luenee coetticient s taken in the samce

!
rodin ot et Toene covf i ient method of bhalancinge (1Y,

Che par et fieat ion proce o invelves three principal steps: o model -
o e anloopt it ion, “hat i, o omathemat ieal model containing

1
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some unknown parameters is devised to provide a means of computine the svster
propert fes such as its natural fregunencics or fUts responsa Tor o e e Tt

tion. hen, because the phvsical svetor exists) those properi fes can ol e e

experimentally measared; finall, the valunes of the unknown rodel parametor:

meanured

arc adjusted to obtain the best orcement between the conpotod
values.  Often, best asrcement i@ defined as o minbmsn of riee car o8 i

sagunares of the differences boetweon the theorctical and expen

Provious publications on estivat fve bearine coctfVicient s appoar te
concentrate on the bearing alone as it {s subjected to sinusoidatl, step,
mpulse, or other inputs (21, PRy, A A, el sehdesol and Cahrento o

. have proposed an estimation process based on thie shaft responsc, but i
1 )

i

I

thelr approach the cheitation is the unknown intrins{c sha”t unbalance,
A ‘
cocfficients resalt.

In the followineg presentat ion an estination nethod o desoriboed wniceh
involves the application of an optimizat fon ~leoritho to the Tincar alrehraic
cquat ions which covern the rotor steady - state sinnsoidal response tooan
applicd unbalance welicht.  The response of the shaft to o applivd anbalanee |

reguired when the indlonence coetfficicent methed of day T S

fore the balancinme and estination problens becore v
I

is conducted at a sincle freguency and requires that ot beast as ooy die-
placenent reasurements be obtained g there are unknown parasotors te by
cat imated. Pecaune the actual response charactoeristics o e rotor beay

are known to be non-lincar, the confinement of the eptimization Lo g sinelc
1

)
Trequency should result in o lincar model which is nsefnl in some ranee about

toe frequency.s OF conrse, i the Tinear model is to apply over o wide ranee
o fregquencies. the optimization can he perforoed using moasuroenoni = taken

1toa number of rotor spewds.
MODETL

)

For the 1‘\'1\‘1'—!‘(‘;1]‘“&}‘ susten clhiocsen Lo Jdemonastrate oo ostinat fon metlhod,

Che doportant assumpt ions made In podellingy are thiose of Dineavity, isotropy,
. t

and the absence of bearing forces which couple the motions in the horisonta!?

.
and vertieal divections.  nle the arommption of Pinearity s essencial to
the paramcter estimation process; the othoer two serve to decrease the
complezite of the problen presented bere.s The retor s treated a= oan
assenblace of ricid sasses connected by massloss olastic sections=, and tha
hearines are represented as conbinat fons of Tinear spriones, vicid masses, od
viccous dampers. In o addition a rotary sprine acts o at oore oend or the yotor,
The rotor-bearing svstem model is shown schepaticalls in Vics 1o The unknows
sodel constants are chosen Lo bhe MR YRR, KV, F2 L Va0 KA N, Ol 2 O3
and G4 () and Choare often fixed at rered,
For o this model tvpe the helavior of the svsten s deoeribed mathemat foald
B wet op ordinary, linear differential cquations Locenstant coet e tent
. .. . . .
,'.Z!? H bootet vI'+H<1 o = [
[ those cquations the effects of rotary dnertis, soar deformat ion, ol
' Croscopie rorent can all beoineIaded o oand e Booa taten Qinto o acoount
100
v i
"

ssumpt fons must he made about the value of the unbalance, and Morsed™ Fopre s o
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Massless
Lumped section
mass FI,L
1

KT C

Fig. 1 Schematic diagram of a rotor-bearing model with five shaft masses

for the numerical results given here. If the bearing forces are assumed to be
isotropic, the svstem response can be described by considering one direction
of motion onlv. Also, we cheoose to neglect the rotarv energv of the bearing
masses and the effects of axial and torsional leoads.

MEASUREMENTS

As a basis for parameter estimation the same experiment has been chosen
that is used in the influence coefficient method of balancing. The rotor is
first operated in its unmadificed state, and measurements are taken of dis-
placement and bending divection at stations along the rotor as it undercoes
svanchronous whirl caused by intrinsic unbalance inertia forces. Then a small
trial mass Is placed at a speciiied station on the rotor, and the measurements
arce repeated. 11 the trial mass is very small compared to the lumped rotor
mass, by the principle of superposition the increment of motion due to the
trial mass should be independent of the dintrinsic shaft unbaluance distribution.
The additional motion caused by the trial mass can be found by vectorially
subtracting the original measurements from those made with he trial mass
applied to the rotor. The required informatioun is depicted on the sketch shown
in Fig., 2.

Since the unbalance excitation caused by the trial mass i1s sinusoidal with
amplitude mr. , the equat ions of motion can be solved for the svstem steady -
state sinusoidal response.  Starting with the differential equations and
applving the lLaplace transform, the results become:

)

[Imls™ + [ols 4 (kI 'os) s = "1(s) .

5
The dmpedance matrix is defined as [Z()] = [m)s™ + [¢]s + [k], and the

matrix of transter tunctions is defined as the inverse of the impedance matrix,

[eesy) = Ty b por steady - state sinnsoidal response, = = j. (j = v/—l\.

Suppoese tor example that the trial mass is placed at the scecond shatt mass

from the Tett in a model with Cive shaft masses, and that the rotor responsce

to the mass unbalance is determined as previousiv described.  The folloving

set o Tincar alycebraic cquat ions applics to the steady - state responsce
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Trial mass

Rotor face

a = Deflection without trial mass
b= Deflection with trial mass
b - a = Effect of trial mass

Phase difference between deflection and force

Fig. 2 Measurements required for determining the response to a trial mass
(all directions are fixed on the rotor face)

to simply solving directly or in a least squares sense a set of linear algebraic
equations. Because iterative searches increase rapidly in computational

expense as the number of shaft masses in the model is increased and because
convergence can be slow and somewhat uncertain, it is advantageous to either
avoid them completelv or, if they must be used, to obtain the best possible
initial parameter estimates before resorting to the iterative search.

For a five mass shaft model the complete (12x12) svstem impedance matrix
is shown in Fig. 3. The elements of this matrix were derived from stiffness
matrices given in reference (8). The impedance matrix can readily be expanded
for models with more than five massces because for masses between the shaft
ends the rows of the matrix contain the same elements but shifted one position
to the right of the previous row clement. The important facts to note are
that the unknown parameters occur linearly in the impedance matrix rows and
that the unknown parameters appear in only five rows of the matrix. Thus if
the column vector of transfer fonetions were measurced, five complex equations
(ten real) would be available to solve for some of the unknown parameters.
More cquations could be obtained by placing the trial mass at different sta-
tions or by operating the rotor at different speeds.,  The constants of the
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left bearing appear in the first two rows of the matrix, the constants of the
right bearing in the N + 1 and N + 2 rows (N = number of shaft masses), and
the rotary spring occurs only in the N + 3 row.

These five complex equations contain displacements, rotations, and phases
(here, phase refers to the phase difference between displacement or rotation
and the unbalance excitation). If the displacements and phases of the first
three masses and the last three masses were known, and the rotations and
phases of the first two shaft masses were known, then enough information could
be gathered to solve for the unknown parameters either directly or in a least
squares or minimax sense, depending on whether the number of equations equalled .
or exceeded the number of unknowns.

The difficulty with this solution is that measurements of rotations and
their phases are evidently rarely if ever made. Also, it could be that a dis- ‘
placement measurement could not be taken due to the inaccessibility of some
portion of the rotor. If rotations have not been measured, it is possible to
eliminate them from the problem by solving for them in terms of displacements
using rows of the matrix which contain no unknown parameters. Because of the
sparseness of the impedance matrix, this procedure would not entail an over-
whelming amount of algebraic manipulation, especially for rotor models with a
small number of lumped masses.

If the available experimental data is such that only displacements are
known, then an iterative solution is a feasible alternative. A steepest
descent gradient algorithm was developed to demonstrate the estimation process. i
With this method an error function consisting of the sum of the squares of the ;
differences between computed and measured displacements is found, and the
partial derivatives of that error with respect to the unknown parameters are
used to seek values of constants which result in smaller errors. Beginning
at an initial estimate of the constants, the negative gradient direction is
followed until the error begins increasing; then a new gradient is computed,
and the procedure is repeated.

The gradient search method has the advantage that eventually some low
point must be reached; however, convergence can be slow, and no guarantee
exists that the low point reached will be the absolute minimum point of a
multi-modal objective function. Another difficulty associated with the
gradient method is that of scaling the variables such that all the partial
derivatives in the gradient have the same order of magnitude. In a case in
which the pedestal spring is much smaller than the bearing spring (K2>>K1)
for example, the problem cannot be properly scaled because both constants have
the same units and the rotor response is much more sensitive to the smaller
pedestal spring than to the bearing spring.

Two example problems illustrating some of the difficulties involved in
parameter estimation are discussed on the following pages. The steepest
descent method used in the examples, despite its simplicity, is generally not
regarded as a good optimization tool. 1In reference (9) several alternative
optimization techniques are described which might be applied to the parameter
estimation problem. The PARTAN methods, the method of conjugate gradients,
or the variable metric method might offer improved performance over that ;
obtained from the steepest descent search. These methods are modified gradi-
ent techniques developed to very efficiently optimize a quadratic function,
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but they can also improve the efficiency of optimization of non-quadratic
functiouns.

EXAMPLES

Two sample runs of the parameter estimation problem are presented. The
first two problems use the steepest descent gradient search. The gradient
search method can be used to the best advantage when fairly good estimates of
the unknown parameters are initially available.

All of the example problems use the same rotor model, the same trial mass,
and the same displacement data. This information is summarized in Table 1.
The rotor has been modeled with ten concentrated shaft masses, and the trial
mass is 10g placed at the third mass station. The displacement values shown
in Table 1 were computed rather than measured, and the number of significant
figures shown exceeds any that actually would be measured.

TABLE 1

PROPERTIES OF THE ROTOR USED IN THE EXAMPLE PROBLEMS

ROTOR PHYSICAL PROPERTIES

Length = 2.54m Young's modulus = 69 .56GN/m? i
Quter radius = 0.127z Shear modulus = 6.956GN/m? ;
inner radius = 0.1245m Poisson's ratio = .3 '
Mass/volume = 4188.9kg/m3 !

{The end cap masses and moments of inertia are zero in the example rotor.)

TRUE PARAMETER VALUES

MBL = .883kg K1 = 8.834MN/m
VBR = .883kg K2 = 88.34(M¥/m
Cl = 8834.6Ns/m K3 = 7.068MN/m
¢2 =40.0 K4 = 70.68MN/m
C3 = 5300.8Ns/m KT = 11399Y.5Nm/rad '
c4 = 0.0
197
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DISPLACEMENTS CAUSED BY A 10g TRIAL MASS AT STATION 3
(OPERATING FREQUENCY = 1Q0Hz)

STATION
NUBER 1 2 3 4
DISPEQEENENT 0251816 0276634 .0176305 .0315312  .0645451  .0916482
STATION
S 7 8 9 10 11 12

¢
DISP%:$§>ENT .107037  .108043  .0947153  .0698863  .0397836  .0362853

*

Problem 1

In the first example problem the gradient search method is applied to
estimate the four pedestal parameters Ki, K3, Cl, and C3.
of each parameter is 507 below its true value,

held fixed at their true values.

The results of the run are summarized in Table 2.

TABLE 2
SUMMARY OF THE RESULTS OF EXAMPLE NO. 1

verged to within 37 of their true values in 173 iterations.
values of the constants, values of displacements are obtained which agree with
the actual values to three significant figures at five mass stations and to

two significant figures at the remaining seven stations.
of the differences between the computed and the true displacements is .51836um.

The initial estimate
The other model parameters

The constants con-
Using the computed

The root mean square

T e e TRl

T T T
PARAMETER | INITIAL ESTIMATED | TRUE COMPUTED PERC':i:ch] DISPLACIMENTS (nun)
VALUE VALLE VALUT ERROR |- (STATIONS 2
__TIROUGH_12)
' COMPUTIR T TRUE
{| VALUFS | VaLuEs
v e i ,
Cl (Ns/m) 4,417.3 8,834.6, 8,562.4 -3.08 || .025090 2.035182
C3 (Ns/m) 2,650.4 5,3M.8  5,259.3 -.78 027534 1.027667
K1 (EN/m) 4$.4173 8.8346 9.0180 +2.08 .017536 {.017630
K3 (¥%/w) 3.5338 7.0677 7.0366 =44 .031218 {.0315131
0644514 064545
.091592 |.091648
.10703 | .10704
10812 .10204
.085725 | ogasis
070078 |.0498%4
‘ | bl .040005 i.0£0754
' | [ .036525 i.00n.8e
SO ST SN Ay ST TR
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The fairly good success obtained in this problem is attributable to the
high sensitivity of the rotor response to the pedestal constants and to the
choice of a time scale which made the gradient components with respect to the
damper constants approximately the same magnitude as those with respect to
the spring constants.

Problem 2

In the second problem the gradient search is also applied, but in this
example nine of the eleven model constants are included in the search. The
initial estimates of the parameters have all been chosen close to their true
values in order to have a good chance of converging to the true minimum. The
optimization was performed in an alternating sequence beginning with the four
pedestal constants, then the two bearing masses, and finally the rotary and
bearing springs. The two bearing dampers were held fixed at zero. The
results are summarized in Table 3.

TABLE 3
SUMMARY OF THE RESULTS OF EXAMPLE NO. 2

PARAMETER . :?:ITI:\L ESTIMATED TRLE TC“FTL'TED? PERCINT. |1 UISPLACEMENTS (run)
VALUE WLEZ |G | ERROR | (STATIONS L THKOGH
| | || CopTTED T
MBL (kg) 7951 883517589 i 1.1 || .025135 | Lo25182
MBR (ki) 7951 8835 11.0327  +16.9 || .027669 | .027663
c1 (xs/m) 7,951.2 8,824.6 ls,sso.o | -3 017418 | 017630
€3 (Ns/m) 4,417.3 5300.8 |5,229.0 | -1.3 031279 | 031531
kL (RN/m) 7.9512 8.836 12.9509 | +1.3 L064433 | 64545
k2 (KN/m) 79.512 88.346 [87.270 | -1.2 097649 | .091642
k3 (KN/m) 6.1842 7.0677 [7.1582 | +1.3 10708 | .10704
k4 (K¥/m) 61.842 70.677 [73.280 | +3.7 10811 | .10504
KT (va/ead) 96896 11,399.516,718.9 | -63.9 || .094767 | .094715
069888 | 06938k
039562 | .03978%
‘ || -03628¢ | 036235

0f the nine constants in the search six came to fairly good agreement
with their true values; two MBL and MBR converged to incorrect values which
did not differ too greatly from their true values, while the rotary spring
reached a value more than 607 less than its true magnitude. Despite the
disparity between the values of three of the constants and their true values,
the computed and measured displacements agree to two or three significant
figures, and the root mean square of the differences between the two sets of
displacements is .3775%:m, which is a smaller error than that of example 1.
These results cmphasize the difficulties which arise in estimating parameters
such as the rotary spring constant when the rotor response is highly in-
sensitive to the constant magnitude.
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SUMMARY AND CONCLUSIONS

The problem of estimating parameters in a linear rotor-bearing model is
discussed. A particular estimation technique involving measurements of
influence coefficients is proposed. Several example problems illustrating
the application of a gradient search technique to the estimation problem are
presented. Although the results are generally good for parameters to which
the rotor response is most sensitive, some difficulty is encountered in finding
accurate estimates for parameters which do not strongly influence the rotor
rotor response. The principal problem area is the convergence of the gradient
search method to a local rather than an absolute minimum when the initial esti-
mates of the parameters are far from the correct values. Also, the success
of steepest descent optimization depends strongly upon the scales chosen for
the units in which the unknown parameters are specified. Several alternative
optimization techniques such as the PARTAN methods, the method of conjugate
gradient, and the variable metric method are suggested as approaches which
might be more efficient than the steepest descent algorithm used in these

examples.

ACKNOWLEDGEMENT

This work was supported by the U.S. Army Research Office, Research
Triangle.

REFERENCES

1 Goodman, T. P., "A Least-Squares Method for Computing Balance
Corrections", Journal of Engineering for Industry, Trans. ASME, Vol. 86, Series
B, Aug. 1964, pp. 273-279.

2 Morton, P. G., '"Measurement of the Dynamic Characteristics of a Large
Sleeve Bearing', Trans. ASME, 93 (F), 143-50 (1971).

3 Thomsen, R. K. and Anderson, H., "Experimental Investigation of a
Simple Squeeze-Film Damper,” Trans. ASME, 96 (B), 427-30 (1974).

4 Tonnesan J., "Experimental Parametric Study of a Squeeze - Film
Bearing", Trans. ASME, 98 (F), 206~13 (1976).

5 Burrows, C. R. and Stanway, R., "Identification of Journal Bearing
Characteristics,”" Trans. ASME., 99 (G) 167-173 (1977).

6 Stranway, R., Burrows, C. R., and Holmes, R.,.''Pseydq - Random Binary
Sequence Forcing in Journal and Squeeze - Film Bearings" American Society of
Lubrication Engineers, Dearborn, Mich., 1978,

7 Schlegel, V. and Mahrenholtz, 0. "Identification of a Rotor System",
Dynamics of Multibody Systems, Springer Verlag Berlin Germany, 1977.

8 Azar, J. J., Matrix Structural Analysis, New York, Pergamon Press
Inc., 1972.

9 CGottfried, B. S., and Weismann, 1., Introductiog_ggﬁgptimization Theory,

e _—

Fnglewood Cliffs, New Jersey: Prentice~Hall Inc., 1973,

200

T TS I, o S———. __ s e .



TRANSIENT DYNAMICS OF SQUEEZE FILM BEARING SYSTEMS

Anthony J. Smalley

Mechanical Technology Incorporated
968 Albany-Shaker Road
Latham, New York 12110

ABSTRACT

This paper reviews methods available for analyzing transient response of
squeeze film damper bearing systems, including treatment of the rotor and the
fluid film. Important considerations in choosing a method are discussed, and
limitations in the published state-of-the-art are identified.

NOMENCLATURE
C Damping
CD Total residual matrix in modal space
CD' Residual damping matrix in modal space
Cn Constant of integration

fn(t) Forcing function in damped modal space
f Forcing function in modal space

f(t) Excitation vector

h Film thickness

k Stiffness

(K] Generalized stiffness matrix

M Mass

[M] Generalized inertia matrix
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Constant of integration; also nth damped natural

R

N Non-linear excitation vector
n Mode number; also time step count
N Modal norm
n
p Pressure
9, Damped modal coordinate
T
r Radius
n
t Time
. Ve Time step
. .
Vv Velocity
»
. iX: Generalized displacement vector
4
¢ {X %t Complex modal vector for nth damped mode
n
2 Newmark's coefficient
‘. Damping ratio
n Modal coefficient
a Circumferential coordinate
h\ Growth component
R g Viscosity
Modal velocity vector
Time parameter tor convelution integrals
Hode shape
Froequenevs: also rotational speed
I3
[~ 3] Diagonal Figenvalue matrix
Frogquency component
n
.
. *
.

frequency

)
A
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INTRODUCTION b

The dynamic behavior of damped rotor bearing systems can be predicted
for the majority of conditions by frequency domain analysis; for linear sys-
tems, the majority of design and analysis questions can be answered by per-
forming critical speed, unbalance response, nonsynchronous response, and
damped natural frequency analyses. These frequency domain algorithms are
economical; they provide compact and comprehensible output; they ire con-
venient for parametric studies; and direct cause/effect relationships can
normally be established by the use of these techniques. However, frequency
domain analysis does not directly answer all questions.

Time domain analysis is required in a number of situations which are
becoming increasingly important; for example:

e Response of linear systems to non-periodic excitation such as:

- Seismic excitation
- Maneuver loads i
- Shock loads

® Response to periodic excitation of syvstems with non-linear elements
such as:
- Spline couplings
- Squeeze film dampers

- "Dead bands"
- Fluid bearings in which vibration amplitudes are significant

compared with the clearance

e Response to periodic excitation of time-varying linear systems such as:
R

~ Flexurally asymmetric shaft in asymmetric bearings

Intershaft fluid film bearings without circumferential symmetry
- Floating ring bearings without circumferential svmmetry

- Accelerating or decelerating rotors under anv excitation

e Response of non-linear systems to non-periodic excitation

e Free vibration response of non-linear or time-varving systems to
initial disturbance for stability and limit cycle evaluation

The objective of this paper is to present the major options available for
transient analvsis of damped rotor systems. The paper will emphasize squeeze
film damper supported systems. but many of the points made will be more
generally applicable. Some a.vantages and disadvantages of the available
options will be discussed. Limitations of the present state-of-the-art will
be defined, and areas needing further work, analysis, and evaluation will be
defined. The thrust of the paper is to provide information for the engineer
interested in establishing a meaningful, computer-assisted basis for engineering

design decisions. |

ANALYTICAL METHODS

In the following paragraphs, some major groupings of analytical methods
for predicting transient response of a rotor bearing damper svstem are

203




Ao diad

described and discussed. The methods considered are:
e Modal methods (damped and undamped)
e Direct numerical methods
® Hybrid computation methods
These are discussed in turn in the following paragraphs.
Modal Methods

The basis for modal methods of predicting transient response is that the
deflected shape of the rotor at any instant in time can be expressed as the
sum of its natural modes of vibration, each multiplied by a weighting factor
or modal coordinate. Since natural modes satisfy orthogonality relationships,
the response of individual modes to the imposed excitation may be computed
independently. As shown by reference (1), the system of equations:

Ml (X} + (K] (X} = (£(c)) (1)
may be replaced by: ’ '
() + ed] (n) = (£_(0) (2)

where n is the vector of modal coordinates which measures the participation of
each mode in the response and may be mapped into real space as follows:

{x} = [¢] {n} (3)

where[¢]is the matrix of modes, normalized so that [¢] m{¢] = I, the identity
matrix, and f (t) is the vector in modal space mapped from the real space
excitation as follows:

t
{fr(t)} = [¢] {f(t)} (4)
["w%] is the diagonal matrix of system natural frequencies or cigenvectors.

Clearly, each row of the matrix equation (2) is uncoupled from anyv other
row since the only operator is a diagonal matrix. Thus, the equation for each
modal coordinate may be solved independently of the equations for all other
modal coordinates.

LIS -

The general solution to equation (2) is for any modal coordinate:

t
n =C cos(w t) ~S sin (w_t) + 1 Soof (1) sinw  (t-1)drt (5)
n n n n n w o n
where Cn and S are constants delineated to match the initial boundary condi-
tions; w is Phe nth modal frequency; and frn(t) is the nth component of

n
{fr(t)}.

Solution in modal space has the additional advantage that the number
of modes considered can be less than the total number of system modes, and,
generally, accurate results can be obtained by considering only a small num-
ber of modes (e.g., 3 or 4).
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The response of a linear rotor system in linear, time-invariant bearings
may be described bv an equation of the general form of equation (1), excep*
for two complicating features:

e Damping, which adds the term [C]{X} to equation (1)
e Gyroscopic terms

Provided the damping matrix satisfies necessary relationships to the
mass or stiffness matrices, the same operations which led to diagonalization
in equation (1) (pre~ and post-multiplication of each matrix by [:{t and [:]
respectively) can be used to diagonalize the damping term, giving an equation
of the form:

.. .

int + [®2ro<] int + [~ <,J£] int = {fr(t)} (6)

Unfortunately, in most rotor situations, the damping matrix does not
rigorously satisty the required relationships, and the diagonalization opera-
tion leaves strav terms, so that the full equation is of the form:

R . 2 1 o i )
in A R \ Iy h . int = } -
Int + [270] iab + [e7)] int + [(D] {nt {ir(t), (7Y

Gyroscopic effects give rise to off-diagonal, damping-like terms which
likewise are not diagonalized by the operation leading to cquation (2).
Thus, the full rotor svstem has the form:

.. Y
{nt + [250] {nd + (7] {nt + [C])] nt = {fr(t)“ (8)

where C is now a matrix of residual terms account ing for some damping and
gyvroscopic effects and s generally neither diagonal nor sparse.  Further
development of this equation and the content of Cp can he obtained from
Dennis, et al. (2) or Choy, et al. (3). The treatment of the residual terms
embodied in the Cp matrix otffers several options, which are summarized as
follows, and are then discussed in more detail.

e Neglect the residual terms.

e Transfer the residual terms to the right-hand side of cquation (4)
and treat them as part of the excitation function.

e Transfer residual damping terms to the right-hand side, but account
for gvroscopic effects by the undamped modal analvsis method tTor
asvmmetric matrices described by Lund (5).

e Leave the residual terms on the left-hand side of the equation and
incur the problem of coupling between equations or matrix inversion
for the limited number of modes (as discussed, tvpically 3 or 4)
which result.

o Use damped modes of vibration as described by Lund (6).
Neglect of the residual terms can, in some cases, be quite satisfactoryvy
this generally requires that damping be relatively light and that the dvanamics

of the rotor be governed more strongly by the mass distribution rather than
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by localized or distributed rotary inertias. In this case, the considerable -
advantages of the simple, normal mode treatment can be preserved. However,

in cases where there is significant localized damping or rotary inertia,

this course of action is not satisfactory.

Treatment of the residual terms as right-hand side excitations has been 1
shown by Dennis (2) to be an effective approach. However, on the right-hand
side, these terms have the characteristics of non-linearity; a "psecudo-
excitation”, which is a function of the state variables. The evaluation for
the terms requires values for the state variables; this feature enforces a
step-bv-step procedure in time. At any stage in the process (current time), *
the state variable values at current and past time provide a basis for evalua-
ting the pseudo-excitation so that the step~bv-step process mav be advanced
to a future time. The accuracy and stability of anv computational procedure
will be a function of the frequency with which the pscudo-forcing functions {
arce updated. Dennis reports the potential for oscillating solution to what 4
should be a stable problem apparently associated with the gyroscopic terms.
An approach based on Lund's work (5) will eliminate the problem of gyroscopic :
terms in return for considering the pairs of modes introduced by asvmmetrv, :

4

If an explicit numerical integration scheme capable of handling non-
lincarities is chosen, the handling of the psceudo-forcing functions falls

naturally into place. Thus, defining {7 ={n}, we have:

A7 — i IS S T . oy 2y

fqeh=if (o] Aot = fe ) e [a™] in: (9)
and

dn -

IR

dt ' (o

and anv number of numerical integration methods (self-starting schemes, such
as FEuler, Runge-Kutta, Kutta-Merson, and predicter-corrector methods, such
as Adams, Milne, or Hamming) mav be used. A pieccewise continuous approeach
is also possible and will be discussed in relation to non-linear svstems in
equations (21) through (23). The question can be asked, "Has the modal
formulation gained anvthing if the additional complexity of approximate
numerical integration is required?'"  The answer must be a definite ves.

The powerful flexibility remains to emplov only as manv modes as accuracy
requirements impose.

The fourth option for treatment of damping, namelv cvaluation and use of
damped svstem modes, is a powerful one, pioncered by Lund (6). It readily
handles arbitrarily distributed damping, bearing cross-coupling terms, gyvro-
scopic terms, isotropy, and asvmmetry in the bearings. Each damped mode is ’

characterized by a complex frequency:

X ' (rn

where + is a growth term and by a sct of complex modal vectors.
n
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{X } which implicitly contains the lateral displacements in two
orthogonal directions and angular displacements in two orthoygonal .
dircctions.

Tt is shown by Lund that the response of a rotor svstem can be evaluated
by solution of equations of the form:

d q,

N = f (¢t o
dt nqn ‘n(L) (1.

for cach damped mode, where ¢ is the modal coordinate (analopons to the modal
) - n - . .
coordinates for the undamped modal approach) forv the nth mode, and 0 (0) i
n

a modal excitation function developed as tollows:

3 1 * ot
f (6) = & X ¢ (et
n( ) N 0! {r{uy! (13
n
wvhere f(t) is the total excitation function, including excitations in two ‘ t

lateral and two angular dircections.  The modal norm N depends on the
. . . . . " )
manner in which cach mode is normalized (two options are to set the Targest
Py,

amplitude to [,or to require .‘\11 = 1, and normalize the mode according
t

The general solution to cquation (12) is:
St t SD(L~[)

g (t) = q (t=0) ¢ A T roCo)d (1)
n n n
o0 R
As shown by Lund for svstems where the stiffness matrix is asyvmmetric, i
it is necessary to include in the cvaluation the adjoint modes and adjoint
modal functions obtained by replacing the stiffness and damping matrices by
their transposes and by chanving the sign of terms containing polar moments . k
of inertia. A similar approach was presented by Pilkey (19). i
The damped modes option has the advantage of implicitly handling the
general damping matrix gyvroscopic  terms and asvametric cross-—coupling stiff- ]

ness terms. The disadvantage of this approach is that the computat ional

alworithm to find the damped modes is clearly more involved than that toer
planar undamped modes, aond the need to incluade adjoint modes in the time

¢ transicent algorithm (s an additional complexity in the software development .
[n practice, it is also found that additional carce is needed to censure that
| all modes are found before initiating the time integration process and that
| the higher modes (above the third or fourth pair of backward and forward
modes) arce subject to numerical instability if computed by the popular transter
matrix algorithm. In this case, an alternative method such as the Ricattd
transform (7) is then required. Tt is found that, with the transyer matrix
r method, circular orbit and undamped modes can be obtained to much higher order
; than non-circular orbit damped modes.
. i
'. ' To illustrate the use of damped, modal, transient analvsis, the response I
te a step increase in velocity of one bearing support or a flexible helicopter i
: power transmission shaft (as deseribed in reverence (8)) is shown in Fiaures
) ) b, 2, and 3. Such an excitation function might result from a maneuver or
hard tanding involving angular velocity ol the aireratt.  The shalt has n
damped bearing at one end, and it s at this Tocation that the step increasce
i .. in velocity is applicd.  Figure | shows the vesponse at the shatt center
computed in two wavs:  Tirst with the first four modes (two forwvard, two L.
207 :
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backward) considered; and second with the first eight modes (four forward,
four backward) included. Interestingly, for this point on the shaft, pre-
dicted response as a function of time is negligibly influenced by the number
of modes used. (The predicted peak amplitude is approximately two percent
higher with the four modes than with the ecight.) Clearly, the only participa-
tion of any import comes from the fundamental mode.

8 Modes

4 Modes

Amplitude (Mils)

g Plotted %
Response

10 g Vertical Show
.001 Sec. Duration

.06 .08 .10 .12 .14 .16 .18 .20
Time (Sec)

Figure 1. Damped Modal Time Integration Influence on Solution of
Number of Modes Considered.  Shaft Center.

In Figure 2, the effect of damping on the peak amplitude at shaft center
is shown. Three conditions are compared:

e Support damping 25 lbssec/in.; support stiffness = 2500 1b/in.

e Support damping = 50 Ib-sce/in.; support stiffness = 2500 1b/in.
e Support stiffness = 7 support damping = zero

These comparisons are intended to be illustrative of the trade-off design
studies which can be performed with this transient analvsis capability,

It mav be seen for the shatt in question that peak amplitude is negligibly
affected by damping, perhaps by less than one percent. What is clear, however,
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is that the rate of decay of vibration amplitude is affected by the presence
of damping. Within three cycles, either of the damped cases have dropped in
amplitude by 10 percent.

S e et S
Zero Damping
1

25 1b sec/in.

S~ v o

.
= [en] ~ N W

Amplitude (mils)
N

.5
<7 Plotted
.6 Response 7y .
10g J '
S -t _lShock —

0 .02 .04 .06 .08 .10 .12 .14 .16 .18 .20

Time (sec) e ;

i
{
i

Figure 2. Damped Modal Response.Effect of Damping (Four Modes)
In Figure 3, the response of the shaft at the damped bearing is shown.
Here the participation of the modes, other than the fundamental, is much
more apparent. However, the choice of number of modes does not affect the
predictions qualitatively or quantitatively except in one regard, the ability
to precisely match initial boundary conditions. While not affecting the peak
amplitude to any degree, and, therefore, of little importance from an engi-
neering point of view, this feature of the damped modal transient method is
one of its minor disadvantages. Since the number of modes does affect the
match of initial conditions to zero, it is assumed that a sufficient number
of modes will achieve a satisfactory match.

Direct Numerical Integration Method (Digital) X

The basis for direct numerical integration methods is to substitute for
equations containing continuous time derivatives an equivalent algebraic
equation which replaces the continuous derivatives with discrete approxima- ]
tions and performs a step-byv-step solution of the resultant equation. Alterna-
tive approaches to dircct numerical integration arce listed on the following i

page.
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Figure 3. bhamped Modal Response, Intlucnce of bamping on Shatt kEnd
Response  (Four Modes)
e bxplicit methods, such as the Fuler, Runge-Katta, or Adams method
e Implicit methods, such as the Newmark Beta Algorithm
A common approach to applving an explicit integration is to treat both
displacements and the velocities as unknowns and to develop explicit

ressions Tor the tirst time derivatives of these anknowns in

rent values of velocities and displacement.  Thesce expressions are evaluated

cach step and sub-step of the process as the state variables

placement are advanced.  For example, considering the general
fon:
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For most explicit integration methods, there exit efficiently coded,
well tested subroutines which will perform a single step or multiple steps of
these algorithms. The user of these subroutines would interface via the argu-
ment Tist and via a user~developed subroutine which cvaluates the derivatives
of velocity and displacement.  Thus, convenience is a clear advantage of this
approach.  Gunter and Kirk (9) describe the application of the Euler method
to rotor transients.

As with any numerical method, care must be taken to preserve acceuracy.,

The time step must be sufficiently small that truncation errors in the discrete

representat ion of the equations of motion are negligible for the phenomenon
and applicat fon under investigation. A further significant problem with
explicit methods is the potential for numerical instability. If the time

step is too large to provide between two and three time steps per cycle of

the highest svstem (requency, numerical instability occurs, manifesting itself
bv answers which are usually very large and phvsically meaningless.  Thus,

a svstem with a wide range of svstem natural frequencies, in order to be stable

for the highest frequency, mav require hundreds or thousands of time steps
per cvele of the lTowest natural frequencv, even though far fewer time stoeps
would be adequate from accuracy considerations.

The advantage of explicit methods is their simplicity of implementation
and the convenient handling of non-linearitics. The latter feature will be
discussed further in a later section of this paper,

fmplicit numerical integration methods require a set of spatially
coupled cquations for the vector of state variables at the next step in the
process (Tuture time) in terms of values of state variables at current and
past time.  For example, in the frequently used Newmark Beta method (10),
the same cquation referred to with respect to explicit integration methods is
replaced by the tollowing:

. i |
hS Y - __7 -+ .‘ A + N P P
[+l { xn+l \n+1 \n } ,Ll tel { \n+2 \n } 20

[K} ["Xn+3 + (1-2) an+l + ;«Xn'} (18)

= S y 4 __).’A' -4 ""‘,
[ 1n+l (-2 ln+l (‘n }

where o value for o of /3 has been found to be satisfactorv,

+

In this cquation, time step (n+1) is current time and time step (n+2)
is future time. The cquation is re-arranged to give the operation for ad-
vimding from koown state vector values at time steps n+l oand n to the unknown
state vector at future time.
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To start the process, the usual assumption is that of zero acceleration
prior to and including time 0, so that:

{X_l} = {XO} - {XO} At
3 -— { + y
{f_l; [K]tX_l} [C]{XO} (20)
(g = [KHX P+ [C]{X,}
The Newmark Beta integration process firstly requires availability of
the inverse matrix[Ji; + ;%E + GK] ‘1, and for linear systems this can be

At
set up at the beginning of the process and used thereafter without further
inversion. Secondly, the process involves three separate multiplications of
square matrices of order N (where N is the number of degrees of freedom),
by vectors of order of N. This series of multiplications governs the compu-
tational cost of the Newmark Beta method in most cases.

In general, the cost of the Newmark method is more per time step than
for simple explicit methods, particularly something as simple as the Euler
method. However, numerical stability can be achieved with fewer time steps.
In fact, for linear systems, the method is absolutely stable, although the
requirement to ensure accuracy by means of sufficient time steps does remain.

In onc example comparing the Newmark method to the Runge-Kutta method,
with svstem frequency spread (highest to lowest) of 50:1, it was found that a
solution accurate within two percent could be found with the Newmark method
for one quarter the computer cost of the cheapest stable solution with the

Runge-Kutta method.

Figures 4 aad 5 show orbits computed by the Newmark Beta method for a
flexible rotor excited by a sudden applied unbalance representative of a
blade loss. Figure 4 is for an isotropic support where the asymptotic solution
is a circular orbit. Figure 5 is for an anisotropic support where the asymptotic
solution is an elliptical orbit.

Hybrid Computation

In hybrid computation, the continuous time variation or ecach state
variable is simply replaced by a continuously variable analog: specifically,
an electrical voltage. The values for the time derivatives are, however,
evaluated digitally. To effect this process, both analog-to-digital and
digital-to-analog conversions are required at various stages. The digitally
evaluated time derivatives are converted to voltages, which are then integrated
using analog integrators. The state variable voltages which result from the
integrations are periodically sampled and digitized. Each time this digitizing
occurs, a digital calculation of the time derivatives is performed, and these
updated time derivatives are then fed back into the continuous integration
process as analog values. It has some similarities to an explicit integration
method, except that the discrete advancement in time is replaced by continuous
advancement in time. The process is illustrated very simply in Figure 6.
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Figure 6. Hyvbrid Computation Schematic

Clearly, the time between sampling must be kept long enough for the
digital calculations to be completed. At the same time, the accuracy of the
computat ion process is controlled by the amount by which the calculated time
derivative values, based on state variables at the instant when sampled,
differ from those values which would result if they could be instantancously
evaluated at the instant when thev are fed back into the analog portion of the
svstem.  Thus, since the elapsed time for digital calceulations mav be treated
as a fixed quantity (assuming efficient programming) for a given number of
degrees of freedom, it mav be necessarvy to make the computation time different
from the problem time. A given solution accuracy requirement will dictate
the ratio between computation time and problem time.  As reported by MeLean
and Hahn (11), some scaling of the computation time frame is required cven for
A osmall svstem (involving four degrees of freedom). Tt is to be presumed that
such techniques as extrapolation could be used to reduce the time scaling
requirement, but the requirement clearly cannot beavoided.  The more degrees
of freedom involved in this svstem, the greater the digital computation time
per sampling will be and the greater the time scaling, While tirm data is not
available, it is normallv to be expected that satistactory accuracy will re-
quire 10 to H0 evaluations (sampies) per evele of the highest svstem frequency
of interest.

A miajor benetit of hyvbrid computation appears to be that numerical
stability problems are eliminated and that analoyg praphic displavs can be
voeodily used. For given accuracy, the elapsed computer time per problem,
however, must be similar to digital computation time for an explicit solution
since digital evaluation of the derivatives is the pacing item.
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Maslo and Rieger (12) have also described the use of hybrid computation
for a simple rotor model. They focus on dynamic stability of a fluid film
mounted rotor. McLeanand Hahn's work involves stability analysis of a simple
rigid rotor mounted in a sleeve bearing, which is itself mounted in a squeceze
film damper. As vet, no published results indicate that the hybrid method

is being applied to large-scale, multi-degree of freedom rotor bearing systems.

TREATMENT OF NON-LINEARITIES

As discussed in the Introduction, a major motivation for performing
transient analysis is to handle non-linearities. When non-linearities are
significant, frequency domain methods are generally inadequate.

A non-linear system of equations can, in general, be described by the
following equation:

.. . e

M(X) + [C]IX) + [KI{XD = {F(0) ) + IN(t.%, X, %)} (21)

where {N} is a vector of non-lincar forcing functions. The contributors to
N may be true excitation functions which vary with vibration amplitude
(c.g., a mass unbalance which shifts at certain force levels) or "pseudo"
forcing functions which actuallv represent the deviation of actual stiffness,
damping, or inertial forces from those given by the linear system defined by
M, C, and K. For example, if a squeeze film damper at a particular eccen-
tricitv and velocity gencrates a force of 125 pounds in the -X; direction,
but the value given by the product of O35 and the current value of Xj is

80 pounds, then the contribution to the instantancous value for Nj is -45
pounds. Alternatively, if a stiftness value, Ky, is, at a particularly
instant, in the syvstem response history, 20 percent lower than the basic
reference value (due, for example, to rotation of a flexurally asymmetric
shaft), then there is a contribution to Np of +0.2 kj times X;. It is to

be noted that one of the simplest treatments of arbitrary damping with undamped

modal analvsis discussed carlier involved such a pseudo-forcing function
approach.

Written in continuous differential form, this ecquation can clearly be
an exact reproduction of the dvnamic svstem force relationship. However,
as will be seen, efforts to perform numerical evaluation of the time history
of system state variables introduce approximations in the treatment of non-
linear terms. The practical problem is this: whatever integration method
is applied, the availabilityv of values for the non-linear excitation func-
tion always lags behind the incremental advancement of state variables by the
integration method.

The major options previously discussed for analyzing linear syvstems mav
be extended to treatment of non-linear svstems:

e Undamped modal integration
e Damped modal integration
e Fxplicit numerical integration in real space

e Implicit numerical integration in real space

o
—
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Features and problems of each approach are discussed in the following para-
graphs.

Undamped Modal Methods for Non-Linear Systems

As equation (5) shows, the general solution to the undamped modal system
of equations requires that the integral:

1

W
n

frn (1) sin(wn(t—r))dr (22)

O S

be evaluated, where f_ (t) is the full excitation function in modal space.

Since the evaluation 6f each component of the non-linear excitation function

requires knowledge of the state vector, this evaluation presents a problem.

A step-by-step procedure may be defined where advancement from time step ¢t .
to time step t + At involves solution of the following equation:

nn(t+At) = nn(t) - (Cn31n(mnt) - Sncos(wnt)wnAt
t
+ At J £ (t)cos(w (t-t1))dr (23)
5 rn n
1 t+At
+ = S £ (1)sin(w (t+At-1))dT
w, . rn n

The first integral now involves known quantities at time t even though
some form of quadrature mav he required for its evaluation. The second
integral still contains a quantity fep, unknown at time t + At. However, the
integrand as a whole is known to be 0 at © = t + At because sin (0) = 0.
Thus, a reasonable approximation to the integral is obtained bv assuming
linear variation of the integrand from t to t + At. The resultant value of

2

t
the integral is Qi“ frn(t). The quality of the approximation clearly improves

as At is reduced.

Evaluation of f,,(t) will involve transformation of the modal coordinates
into real space, evaluation of all non-linear functions for all degrees of
freedom in real space, and then transformation back into modal space at each
time step.
4 A
For mild and moderate non-linearities, the use of undamped modes is
probably effective. Where it is likely tuv give problems is for non-linearities
severe enough to induce operating regimes where the original modes are totally
unrepresentative of the current system. Consider, for example, the case of a v
rolling element bearing in a clearance space or "dead band" to which no fluid
is directed. While the rolling element bearing outer race is in metal-to-
metal contact, the stiffness of the contact is very high and the svstem modes
for a hard-mounted rotor would apply. When the transient vibrations are
sufficiently high for separation to occur, the stiffness of the contact is
reduced essentiallv to 0 and free body modes would applv. Although answers for
such a svstem can probably be forced from an undamped modal solution, the
results will be expected to be strongly time step dependent and unsatisfactory.
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Damped Modal Methods for Non-Linear Systems

As shown in equation (14), the solution to the damped modal equations of
motion for a particular modal coordinate is:

Snt t Sn(t—T)
qn(t) = qn(t=0)e + g e fn(T)dT (24)

Again, the integral in this solution creates a problem since it calls for
evaluation of the excitation function which is itself a function of the
solution. The integral may be expanded so that:

S (t-1)
n

S t t
n
= = P
qn(t+At) qn(t) + qn(t O)Sne At + AtSn I e fn(T)dT
o (25)
t+At Sn(t+At—T)
+ S e fn(r)dr

t

In this expression, all quantities are known except the term f (1) in the
final integral. An effective approach to the problem is to approximate
variation of the integrand in the integral t to t+At as a linear extrapola-
tion from the values at t and t-At. As a result, the last integral is
approximately:

At
7?-(fn(t)(3+SnAt) - fn(t—At)) (26)

The right-hand side is now completely known, once the point t is reached.

Note that it is necessary at each time step to translate the modal coordinates
into real space so that the non-linear excitation functions may be evaluated
and then to translate back into modal space to provide the value for fn(t).

Similar comments apply to use of damped modes as to undamped modes. They
are likely to be effective up to the point where they are no longer repre-
sentative of the system whose response they are treating. At this stage,
however, there has been no formal comparison of damped and undamped modes for
non-linear transient analysis and, in particular, for squeeze film systems.
Likewise, there has not been guidance provided as to how far one can take
either method into non-linear regimes before running into difficulties.

Explicit Integration Methods for Non-Linear Systems

Explicit integration methods are affected little by non-linearities
as far as implementation is concerned. The extra term simply has to be
added to the expressions for time derivatives of velocity, i.e.,

{S‘Z} --pgt [[c]{v} + [KI{X} - {£(t)}) - {N(t,X,).(,.X.)}} (27)

The disadvantages of explicit methods with regard to numerical stability
remain. However, an important additionmal point in favor of explicit methods
arises for certain classes of problems. Where the non-linearity is strong
and important, there is no option but to track accurately the detailed
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short~term behavior of the solution as it interacts with the non-linearity.
Inevitably a large number of small time steps are required to achieve accurate
treatment of the solution and, under these conditions, the method with lower
cost per time step s at an advantage:  for example, when the phvsics of the
problem rather than the idivsvocrasies of the alegorithm dictate a small time
step, explicit methods can have an advantage.

Ilmplicit Integration Methods for Non~[incar Svstems

The mechanics of handling a non-1inear excitation function with an
implicit integration algorithm are really no more complicated than with an
explicit methad,  Using the Newmark Beta method again as an example, the
vxpression for advancement by one time step is added to as follows:

3t : - 22
=17, + ‘*('1' I T (2-DKJ X

N .
N+ 2 +1

+OK)N 4 vo(l-2) ey 28
l 1 ‘ln-H t ) 1n+l ¢

+ vt ¢+ N
o n+1

This treatment of N prescerves the order U7 numerical accuracy of the
methods Tt is similar to an evaluation ot o lTinear excitation term with
sel oequal to 00 When N is a function of velocity or acceleration, it is
necessary to ouse d OC =) numerical ditterentiation method to calculate
Lhe necessary derivatives since the Newmark method divectyv generates values
only for displacements and not Yor time derivatives of displacement.

With non=lincaritics present, the Newmark Beta method cannot puaranteo
numerical stabilitv.  However, if, when the basic svstem strancture encounters
a non=tincarity, the "svstem” matrvix ioverse | M) + '(_' + K[-I is recateulated,

T -t

it would be intuitively reasonable to expect the stability present in using
the method with Tinear svstems te be maintained.  What is not presently
available s a good criterion on wvhich to base a decision to re—invert the
svatem matrix,

NON-LINEARITIES FROM SOUETUZE FLLM DAMPERS

Squecze Uilm dampers give rise to non=lincarities, firs v, bocause

the solution to the governing cquations is o function ot the location of the
damper journal within the clearance space and, secondliv, because the velocitye
of the damper journal gives rise to pressures in the fluid film, some of which
result in cavitation of the film and the Tocation of the cavitated region

is o function of journal veloeitv.  The question can be asked, "Are these non-
incoritiocs sianiticant since the vast majority of fluid film bearing analvses
roely on Tincarized data with pood erfect 2" Tt is vorth veviewing whiv the
Linearized treatment is olfective in journal bearvings.,  The rotation of the
journal at o particular coeentricity ratio and attitude anglo senerates pros-
sures, and, beeaunse some ot these pressures tend to be vegative, o cavitated
region is establishedo Thus, under o <tatic load, there is an established
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operating condition defined by an eccentricity, an attitude angle, and a
caovitated region extent. Dyvnamic loads superimposed apon the static load
cive rise to perturbations about this established condition, Tt is for this

redson that a tinearized treatment is offective in journal bhearings.

In g squecsze o damper, the nature of the operating condition which i«
established under o steady Toad 1s somewhat difterent.  Considerine rirst the
situation where the design incorporates mechanical springs in paralicl with
the tluid film, the static Joad will cause the mechanical sprines o det it
and  the damper will establish some displacement under which the =prins for ¢
cauals the applied load.  Thus, the damper journal will have an cocentr . ot

ratie, and, it the mechaniceal springs are svmmetric, the attitude ot Ll
beo reros The difference between this and the journal bearing i 150 @ 0
i no exstabl ished cavitated region.  Onlv when dvoamic Toads o X

top otr the static load are pressuares generated in the fluid vite. 20 I
jfournal motion acts to decrease the clearance, the pressuares are oot

pesitive, and, where the elearance is increasing, the prossure= Cone

negative, causingg cavitation.  Since a dvnamic load gives visce (o | N

itois clear that the cavitated region is continually shitting rronnd, o

ing the motion of the journal.  As the cavitated rezion move: aronnd thp
clearance space, =ometimes it s in the region of high clearance, somctires o
the resion of low clearance.  As a result, Tincarized dampine cociticients
analosous to those used in journal bearines arve harder to conceive and o

detine,  The problem is inherently non-1incar.

Considering the case whoere there are no mechanical springs in paraticd
with the fluid UVilm, the arguments presented carlicr are sreatly exagperated.
nder oo static foad, the damper journal sits at the bottom of the clearance
spave. Small odvoamic loads will cause some small rolling motion about this b

cotal-to=metal cquilibriom condition, but no orbit will be established.  Once
the magnitude of the dvnamic leads becomes greater than the static load, it

is= Pikelv that, during part of the Toading cvele, the damper journal will Jirt
as the net torce momentarily acts upward.  However, at other points in the
toad evete, the not foree is cleariy dowvnward and the question as to vhether
an orbit is established j= governed by the tlaid film characteristics. It is
found that, in a tluid film with cavitation ¢ffects suppressed, a continuous
tlaid ilm orhit is pot etffectively established.  However, the presence of
cavitation in the 1ilm and its attendant non-linearitics provides a basis for
carrving o onet static load as the journal andersoces a stable orbit generated
by dvnamic fovees.  Cloarlyy the tlaid tile dampor without parallel mechanical
springs onlyv o works as oo result oo non=lincaritics,  Pan and Tonneson (13
fHave shown that this non=linear problem is saosceptible to lincarization if

»
the orbit which is established = treated as o small perturbation from a ’
circular orbit. Holtmes has treated the problem as g non-linearity soluble by
step=bu=-utep inteuration and has demonstrated encourawing agreement with test
data in terms of orbit size and shape. Childs performed o similar analvsis
with wimilar resalts. Figure 70 shows an orbit generated by the author in
response tooa o suddenty applicd unbalance Yor o fluid “ilm damper without
parallel mechanioal springs. .

!

Non-Tincaritics arc, thus, an cessential Yeature ot sguecse Uilm damper
malesisc, How to handle these non=tincoarities in desivn analvsis and how to
interprot the results will now be discussed,
L]




s—p e

Figure 7. Non-Linear Response of Squeeze Film Damper without Mechanical
Springs — 1 g static load plus suddenly applied ly unbalance force

Fluid Film Analytical Treatment

The basic governing equation is the Revnolds cquation:

. 3 , 3 . .
Lo fhl A phT e ho e Sh
r 39 [lZur kU] + 3z [IZU azy ot + 2 jo (29)

Note that the last term is zero for the most common case of a non-rotating
outer member of the damper. (In the special case of an intershaft squeeze
film damper, the effects of rotation as well as squeezing must be included.)
Considering only the simpler case without rotation effects, at a particular
location in the film (assuming the presence of oil in the film) for a partic-
ular journal velocity magnitude and direction, direct solution of the govern-
ing equation yields a pressure field with pressures which are both above and
below zero. The limited ability of the fluid to support tension gives rise to
cavitation or rupture in the region of sub-zero pressures. The most common
assumption for the regior of sub-zero pressures is that each sub-zero pres-
sure location sees a pressure of zero. This assumption is variously termed
the "u" or half film treatment since in the absence of supply pressure effects
half of the film is normally cavitated as a result of this treatment. More
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complicated treatments of the cavitation problem have been proposed based

on zero oil flow into the cavitated region, and this assumption requires zero
pressure gradient as well as zero pressure as a boundary condition for the
cavitated region. It is generally more difficult to establish this more
sophisticated boundary condition, and it is found that the difference in

force magnitude between the two assumptions is less than 10 percent,  This

not withstanding the fact that the phenomena relating to fluid conservation in
an orbiting, cavitating, squeeze film damper are not well understood. Further
work is definitely needed here to investigate what really happens to the fluid
film and its cavitated region.

Accepting for the purposes of discussion the half film assumption, we are
concerned with the mechanics of generating fluid film forces exerted by a
cavitating film for use in rotor transient analvsis. What is needed, in general,
is a means of determining fluid film force as a function of location vector
and velocity vector. The complexity of the particular problem under considera-
tion dictates the computational strategy and quantity of data which must be
generated. It is gencrally desirable to avoid solving the Revnolds equation
at every step in the integration process dand most computational strategices
involve pre-calculation and storage of pertinent data either in tabular or in
fitted functional form.

For a rotationally symmetric damper geometry with rotationally symmetric
fluid supply, the only location parameter which influences the Revnolds equation
solution i3 the eccentricity ratio, Once the velocity direction is established,
the shape of the pressure distribution is also established so that the cavita-
tion boundary locations for a particular cccentricity ratio are a function
of the velocity direction onlv., Figure 8 illustrates the extent of cavitated
and positive pressure regions for the particular cases of radial and tangential
velocityv of a damper journal. In these two cases, the positive pressure region
extends 90 degrees on cither side ot the positive velocity vector.  The
cavitated region extends between 90 and 270 degrees trom the positive velocity
vector,

Cavitated
Region

a) Radial Velocity b) Tanpential Velocity 792031

Figure 8. TInfluence of Velocity Direction on Location of Cavitated
Region of Squeeze Film Damper
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While a number ot people have done work in this area, three papers provide
most of the important input with revard to compatational strategy.  Some

of the carliest work was done by Llovd (1%) who was interested in comput ing ]
the response ot diesel congine bearings to applied dyvnamic loads. Llovd solved ‘
the Revoolds cquation by two=dimensional tinite difference methods. At each

cecentricity ratio, he caleolated the pressure distributions due to radial i

velocity, that is velocity in line with the cecentricity vector, and, due to
tangential velocity, that s motion at Y0 degrees to the eccentricity vector,
Because his journal was rotating, he also caleulated pressure distributions

duce to rotation at that cceceatricity and, because he was supplving oil to the
bearing, he calealated the pressure distribution due to supply pressure.  All
these pressure distributions were stored prior to executing a step-bv-step
integration. During the process of the step=bv-step integration in time,

tor whatever journal location and journal velocity was required, the various
pressure distributions were added in the required proportions and all sub- .
ambient pressures from the result were set to zero.  This work was veryv effec-

o sl a

tive tor the analvsis of diescel engine bearing dvnamics.

hearings for diesel engine applications.  Booker's name has been associated
with a computational approach termed the Mobility Method.,  Booker pointed out
that, for aov combination ot rotational speeds of male and female members in
a fluid film, there exists o rotating coordinate frame (specifically with
angular velocity cqual to the averase angular velocity of the two members) in
which all relative motion appears ax squeezing; that is, in this particalar
frame, the eftfects of =urtace rotation are zero because the average surface
velocity relative to the coordinate frame is zero, In this coordinate frame,
it one axis of the trame i alivned with the carrent load vector, then the
dircction in wvhich the jonrnal will move wnder the action of the applied

Ioad is a function strict!yv of journal location within the frame and the

B The work of Booker (15) was also dircected at dvnamically loaded journal i

velocity with which it will move is proportional to the applied load.

The basis tor this statement @5 the argument presented carlier that the
shape o the pressare distribution and location of the cavitation boundaries
is independent o applicd Toad or velocity magnitude and simply a function E
of applicd lToad or velocity divection,  Implementation of the mobility method
requires a map detining the direction of journal motion under a vertical load o
as a tfunction of journal location within the coordinate frame (the squeeze :
frame). A scecond map defines the ratio between journal velocity and applied

forcesagain as a function ol the journal location within the coordinate frame. ,
With these maps, the solution to diesel engine bearing dvnamics is readily .

accomplished.  In this probliem, shaft inertia is not important and the problem
is one of tracking the journal path under a known load history., The mobility
method is ideal for this purpose. Mobility maps mayv be generated either by

short bearing theorv or by finite Tength numerical methods. '

Childs (16) makes the important point that, in a rotor dvnamics transient
analvais, the shatt inertia is usually important and that, to solve the cquations
of motion, it is necessary to know fluid film force as a function of velocity

as opposed to o velocity as a tunction of applicd force.  The latter has been
termed a4 mobilitvy the former is comventionally termed an impedance.  Childs

points ont that there exist impedance maps which are analogous to the mobility {
maps exeept now that one axix of the coordinate svstem is aligned with the squeeze

. . . . . . - . . . .~
velocity direction.  One map provides the direction of the resultant fluid film L
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force; a second map provides the ratio of fluid film force to journal velocity.
Again, the impedance maps may be generated either from short bearing theory or
by finite length numerical methods or by an improved asymptotic solution to

the finite length Reynolds equation such as that proposed by Barrett, Allaire,
and Gunter (17) or by Smalley, Lloyd, McCallion, and Horsnell (18).

It reduces somewhat to a matter of personal preference, whether an
impedance map format is selected for storage of the damper characteristics or
whether a table of force to velocity ratios is tabulated as a function of
eccentricity ratio and velocity direction relative to the eccentricity vector.
The latter approach reduces the number of individual coordinate frames. For
illustration purposes, a computational strategy using the latter type of
data format is presented in the following steps. Figure 9 illustrates the
process in schematic form.

1. Execute a step of the rotor integration algorithm in response to
applied forces.

2. Extract X, Y, X, Y at damper locations. Calculate eccentricity and
eccentricity ratio from X,Y of the damper journal and from the damper

clearance,

3. From X and Y, calculate magnitude and direction of velocity vector.

o~

Calculate angle between velocity vector and eccentricity ratio vector.
5. From table of data, interpolate force to velocity ratio, and force

direction, as a function of eccentricity ratio and velocity direc-
tion.

6. Multiply force tovelocity ratio by velocity to get force.
7. Rotate force direction back into XY frame.
8. Calculate non-linear pseudo-forcing function at current time.

9. Repeat from Step 1.

P S A

The execution of a step of the integration algorithm is accomplished by
one of the algorithms described earlier for non-linear rotor systems.

INTERPRETATION

An unavoidable aspect of transient dynamics analvsis of rotor damper
svstems is a large volume of output; the computation generates complete state
vectors at every time step for every station of the rotor system. Thus, the
ratio of useful engineering information to the total volume of data is relatively
tow. The use of graphical output goes some way toward reducing the magnitude
of this problem; visual interpretation of an orbit or time history plot ~an
readilv inform the observer of such important items as:

e Peak amplitudes e Rates of decay
e Minimum film thickness e Major frequency components .
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The use of summary tables listing such items as peak amplitudes and
minimum film thicknesses and the times at which they occur are of additional
help to the engineer who must make use of transient dynamics information.

A recent contribution by Choy, Gunter, and Allaire (3) was to develop
frequency domain information from the results of time integration analysis by
performing a Fourier transform (using the FFT algorithm) on the time series
data. If, for example, time transient response information is available at a
series of speeds showing the response of the rotor to both rotating unbalance
and an initial displacement, this transformation can be used to develop the
waterfall type plots normally generated in real-time analysis of measured
vibration data. The presence of large forced response amplitude is shown by
peaks in the diagonal, order-related lines on the waterfall plot. The
presence of subsynchronous instability is revealed by speed-independent
peaks in the waterfall plot. Figure 10 shows these two characteristics of a
waterfall plot.
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225

.




Another approach used at Mechanical Technology Incorporated (MTI) to
bridge the gap between non-linear time domain information and frequency
domain linearized analysis for squeeze film dampers is to interpret the char-
acteristics of hysteresis plots for X and Y force and X and Y displacement
for a damper to yield effective X and Y stiffness and damping values. Figure
11 reveals the approach by means of a hysteresis plot of X force as a function
of X displacement generated by a non-linear squeeze film transient response
(using a mobility representation of the fluid film). An effective stiffness
is calculated by locating the points of maximum positive displacement and
maximum negative displacement and the associated force values and dividing
the force difference by the displacement difference to give an effective
stiffness. Damping is determined by mecasuring the area of the hvsteresis loop
and equating this to the energy dissipation generated with a linear damper and
an elliptical hysteresis loop. While not rigorous, this approach yields
quantities which can be applied in linearized rotor dynamics, namely, stiff-
ness and damping coefficients. These should be generated for different levels
of excitation on the damper so that the set of amplitude-dependent cocefficients
is obtained. It must then be ensured that, when response analvsis is performed
with these effective coefficients, that the computed response agrees reason-
ably with the orbital amplitude from which the coefficients were extracted.
Figure 12 illustrates effective damping values generated in this wav as a
function of frequency and amplitude. A nominal "safe' operating limit
corresponding to a 75 percent maximum eccentricity ratio is superimposed.
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The topics discussed briefly in this section indicate a real need
for further effective work to improve the interpretability of rotor transient
information. There is additional need for documentation of studies in which
rotor transient infornation has been effectively applied in design with
demonstrations of how trade-offs between design alternatives were influenced
by transient dynamic considerations. As a particular example, there is a
need for combined optimization for attenuation of normal unbalance excitation,
subsynchronous excitation, and the abusive loading which results from loss of
a blade and vehicle maneuvers.

CONCLUSTONS

In this paper, various methods available for analvzing the transient
dynamics of squeeze film bearing svstems have been discussed. The information
contained should make the reader aware of his options and of the considerations
to be applied in choosing one method over another.,

The following general observations can be made:

1. Modal methods are very cconomical from a computational cost point
of view.

2 Non-lincar problems can be handled with modal methods.

3. Criteria as to the extent of non-linearity which can be handled by
the different modal methods are not available.

4, Comparisons of effectiveness of damped and undamped modal methods
are not available.

5. For severely non-linear problems, explicit integration methods have
advantages when the time step is dictated by the physics of the
problem rather than by idiosvncrasies of the numerical algorithm,

6. The Newmark algorithm is a very powerful method of implicit integra-
tion which avoids stability problems for linear and moderately non-
linear problems.

7. Criteria for re-cvaluation of the svstem matrix inverse in imple-
menting the Newmark method for strongly non-linear problems are
not readilv available.

8. The fluid film portion of the non-lincar problem is readily handled
by any sensible variant on the mobhility of impedance methods.

9. Choices of the fluid film method are mainly choices of detail,
although economical handling of the fluid film calculation does
require careful organization of the problem.

10.  The true boundarv condition for a squeeze film damper remains
an uncertainty, although the half-film assumption is an c¢ffec-
tive approdach.

Clearly the guidelines tor time intepration methods presented above
are peneral and inconclusive,  This emphasizes @ state-ef-the-art nceded in
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this area, namely, an objective, quantitative evaluation of the available
methods with such outputs as:

e Computation time

e Criteria for use on non-linear problems
® Accuracy

e Volume of input and output

e Computational convenience

for a number of different classes of problems.

[

=~

In summary, the following investigative work is needed:
e Comparison of alternative algorithms for different classes of problems.
e Development of criteria for selection of one method over another.

e Development of additional methods for effective interpretation of
time transient information.

o Documentation of applications experience with time transient methods
in design.
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DIRECT INTEGRATION OF TRANSIENT ROTOR DYNAMICS
by Albert F. Kascak

National Aeronautics and Space Administration
Lewlis Research Center
Cleveland, Ohio 44135

ABSTRACT

A study was conducted to develop an implicit method for integrating the
equations ot motion of a lumped-mass model of a rotor bearing system. ‘The
approach was, first, to use a Nordsieck-like numerical integration directiy
on the scecond-order equations of motion and, second, to assume that the
torces and torques on the rotor are functions of the position and velocity
at the point ot application and its nearest axial nelghbors. This allows
the variables to be arranged so that the Jacobian ot the set of nonlinar
equations is block tridiagonal. Therefore the computational time 1s propor-
tional to the number ot elements in the rotor dynamlcs model rather than to
the cube of the number. Numerical stability was demonstrated for any lin-
earized homugencous mode.

To decrease computational time, a closed-form solution to the short-
bearing theory was derived tor a damper with arbitrary motion. Explicit
results were presented for no cavitdtion and for full cavitation.

The vast amount of data geunerated by the computer code was displayed 1n
a mottion picture showing an oblique view ot the rotor bearing system. The
motion of the rotor could be easily interpreted.

An example problem of a rotor accelerating through three critical
speeds with 19 mass ¢lements in the rotor dynamics model took 0.7 second of
central processing unit time per time step on an 1BM 360~67 computer 1n a
time-sharing mode. The mode shapes at the first and third critical speeds
were similar to the predicted mode shapes and occurrved at the predicted
speed. Because of the unbalance distribution, the second mode was not ex-
citeds  Above the third critical speed the rotor bearing system operated ds
a self=centering device,  This was also observed experimentally.

The computer code, tor the tirst time, allows us to look at a complex
rotor bearing system with nonlinear transients and displays the vast amount
of results in an eastly understood motion=picture tormat. A lO-minute 10-
millimeter, color, sound motion-picture supplement is available on loan,
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SYMBOLS
coefficients used in partial-fraction expansion
property of shaft between mass stations defined in egq.
property of shaft between mass stations defined in eq.
radial clearance
property of shaft between mass stations defined in eq.
diameter
modulus of elasticity
force
torque
clearance in direction n
moment of inertia
index
index
axial length between mass stations
mass of a rotor segment
number of rotor segments
radial direction at angle 6
order of error in Taylor series
pressure
order of Taylor series
radial displacement
stability matrix
element of S
t ime
time step

defined in eq. (5)
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v nondimensional velocity of journal in rotating coordinates

X real part of radial displacement
y imaginary part of radial displacement
Z independent variable

z axial coordinate

oy given set of constants

r angle defined in eq. (43)

€ eccentricity ratio

z damping ratio

6 circumferential angle

A eigenvalue of stability matrix

i viscosity

w frequency

Subscripts:

B bearing

J journal

P polar

T transverse

+ associated with nearest axial neighbor or root of egq.
0 start oL integration

1 end of integration

Superscripts:

(H time derivative

¢ axial derivative

(M . average or conjugate

(k) kth time derivative

> vector

unit vector

(45)
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INTRODUCTION

Nonlinecar transients that are lwportant in flexible, rotating equipunent
are difficult to analyze. Such things as blade tip rubs, spline friction,
and squecze-film dampers are difficult to predict with a linear model. Some
of the transients that are important are locked rotor starts, blade loss,

and rapid deceleration due to bearing failures.

There are two basic methods for studylng transient rotor dynamics.  The
first method is the modal wmethod (rets. | oand 2). It is best sulted to lin-
car rotor bearing systems running at a constant speed.  The scecond method is
the direct integration of the equations of motivn. It can be applied casily
to nonlinear systems that are varying o speed.  The problem with the direct
method 1s that 1t is flmited by etther computer running time or numerical

stability.

The cquations of motion Lor rotur dynamics can be inteprated divectly
in either of two ways, explicit or implicit integration.  ‘the explicit inte-
gration metihiod solves the equations ol motlon at the present time for higher
order derivatives and then extrapelates the displacements and velocities
with a lavlor series to the advanced time (ref. 3). The 1mplicit method
solves the equations of wmotion (lamplicitly) at the advanced time step tor
the displacements and velocities, such that an extrapolation backward iu
time gives the previous results,

Ihe explicit method tends to be unstable when the product of the criti-
cal frequency (for any mode numerically possible) and the time step ts large
(ref. 4). Siace the highest trequeacy is related to the square of the num=
ber of elements in the rotor dynamics wodel, the computational time will be
related to the square of the number ot elements.  Approximately tilve or six
elements seems to be a practical limit to the explicit wmethod (ret. 2); that
is, 1t can only be applied to simple assemblies.

Iln contrast to the explicit method, the implicit method tends to be
stable tor large time steps (ret. 5)5 but 1l requires the solution of a
large number of wonlinear simultaneous equations at each time step.  For
every element 10 the rotor dynamics model there are tour degrees of tree-
dom. For each degrec ot treedom there is an assoclated displacement and
velocity., Therefore the total number ot nonlinear equations Lo be solved at
cach time step is eight times the number of elements in the rotor dynamics
models  The number of computat ions necessary to solve these equations s
proportional to the cube of the number ot equations.  Therefore the computa-
tional time 1= proportional to the cube ot the number of clements.

This study wias conducted to develop an tmplicit method for integratinog
the quations of motlon 1n a reasonabliv amount ol computational time.  The
approach is first to use a Nordsicck-like numerical integration dirvectly on
the second-order equat tons ot motion!l and second to assume that the forces
and torques on the rotor are functions of the position and velocaity of the
point where the torce or torque 1s applicd and 1ts nearest axial neighborvs.
firs allows the vartables to be arranged so that the Jacobian ot the set of
nonltnear ecquations s block tridiagonal.  The computational time 15 propor—
Lional to the namber of clements 1o the rotor dynamics model vather than to

the cabe ot the number ot elements.

L , ]'Hu’s method of numerical integration was developed by Yrank J. Zeleznik
of the lewis Rescarch Center. For a set of first-order equations, it reduces

3 to Gear's methed.
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Besides the problems assoclated with integrating the equations of mo-
tion, there is a problem of describing the nonlinar damper force at each
tastant of time for an arbitrary orbit. lao the past this was done by numer-
lcally integrating the Reynolds equation around the damper (ref. 6). ‘lhis
required a considerable amount of computational time. As an aside, a
closed-torm solution to the short-bearing theory was derived tor a damper
with arbitrary motion.

NUMERICAL INTHGRATLION

Given an arbitrary function, Zk(t), whose derivatives exlst,
Z&J)(t), a Taylor sericvs expansion can be written:

=X (ft)j (1
Y = ALt J
zk(c + 4at) 2‘ IS 2,0+ oq_k (1)
j=0

with Lagrange's remainder of order Og-k- It the arbitrary function is

chosen as

k
Z, - Lﬂfj— g (0 (2)

the Taylor series for this tunction becomes

q
2, (t + 4t) = Z (f{)zj(c) + 0, (3)
3=0

where the binomial coetficients are defined as
NN £ :
. " or j 2 k
IV_JkIG - K ,
k a (4)
0
If the form of the remaitnder 1s chosen as

the Taylor series becomes

q
Zk(t + ) = Z (i)Zj(t) +oau (6)
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where a, is a given set of constants and u can be determined from the
equation of motion at the advanced time. The equation of motion at the ad-
vanced time is

IF(r, r, r, t + At) = 0 N

From the definition of 2z, the various derivatives become

L) k!
(br)*

Z, ®)

Substituting for the various derivatives into the equation of motion and
knowing the values at the previous time result in the equation of motion
being a function of

TF(u, t + At) = 0 (9)
4
r
This equation can be solved for u and, from this value of wu, the re-
mainder can be used as an error estimate to control the time step.
NUMERICAL STABILITY
The analysis of the stability of the numerical integration technique
assumes a model of a rotor bearing system that 1is linearized at some instant
of time. The homogeneous equation of motion for any mode is
. . 2
T+ 20 + 0wr =0 (10)
where @ 1s the natural frequency and ¢ 1is the damping ratio for the
* mode. For every mode that is numerically possible, with nonnegative damping
ratio, the amplitude must either remain constant or decay in time. The nu-
; merical integration is defined as unstable if the amplitude grows in time.
\ From the definition of =2z the modal equation becomes
|
l
. 2
zz2 + 2w AtzZ, + (w At) ZO =0 (1D
P Substituting the Taylor series into the modal equation at the advanced time
| results in
]
i q
u= - G = 1)+ 250 der + (w Ap)°
5 7 |45 (0 (12)
a, + 2050 Aty + ao(m At)
j=0
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For this value of u, the Taylor series expresses the solution at the ad-
vanced time in terms of the solution at the present time as

q

. ak[j(j - 1) + 2jw At + (w At)z]
2, (t + At) = (i) - 5 z,(t) (13)
[2@2 + 2alw Atg + ao(w at) ]

§=0

Defining the matrix element Skj to be

N o liG - D+ 20 stz + (w a0)?)
Sq = (Jk> -k (14)
J [Za2 + Zulw AtT + ao(w At)z]
and the gq-dimension vector Zz gives the eigenvalue equation as
$Z = 27 (15)

If the IXI > 1, the amplitude grows and the method is numerically un-
stable. For q = 2, the given a's are ap = 2, a; = 3, and @, =

1. 1In the limit as w At > «», the maxlimum (A[ > (0. ‘Therefore 1f the time
step At is much larger than w™l for a mode, the amplitude of that mode
will approach zero. If a mode is to have a nonzero amplitude, h must be
small. 1In the limit as w At > 0, the maximum |A] = 1. Therefore the
method is numerically stable in the two limits,

EQUATIONS OF MOTION

A model of the shaft showing the complex number representation of the
radial displacemebt r 1s shown in figure l. The radial displacement 1is
the distance between the shaft centerline and the axis of rotation. It can
be represented by

r = x + iy (16a)

where the real and imaginary axes are fixed 1n space perpendicular to the
axis of rotation. The slope of the shaft along the axis of rotation is

r' = x' + iy' (16b)

The position of the shaft is then described by r and r' at all the axial
locations.

The lumped-mass model of a rotor divides the rotor intv N segments.
The mass and inertia of each segment are assumed to be concentrated at a
point. These points are then assumed to be connected by massless elastic
beams that model the stiffness of the rotor,

The equations of motion for the lumped-mass model were derived in ref-
erence /. The sum of the forces LF at a point, must be zero, where
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IF = -mr + a r_ - (a_+ a+)r + a,r,
' _ v ' = \
+brl 4+ (b_-b)r br +F=0 (17a)

and the sum of the torques G about a point must be zero, where

- e . -1 _ 7 1
IG = ITr + 1wIPr uIPr

- b_r_+ (b_ - b+)r + b+r+

v o LI, '
-cr! - 2(c_+cr c,r, +6 (17b)

The + or - refer to the next or previous axial location; and a, b, and
¢ are properties of the shaft between these locations:

a = 12E1/L3 (18a)
- 2

b = 6ET/L (18b)

¢ = 2EI/L (18c)

I1f the nonlinear force F and the nonlinear torque G are functions
of displacements and velocities of the point and its nearest neighbors, the
IF and IG are functions of the displacements and velocities of the point
and its nearest neighbors. 1f the Taylor series of the numerical integra-
tion technique is substituted into the equations of motion for the acceler-
atiocn, velocity, and displacement, the form of the equations of motion be-
comes

0=c%F(u_, u, u, u', u', u;) (19a)
0= :IG(u_, u, u, u', u', ui) (19b)

These equations form a set of 2N complex nonlinear cgquations in 2N un-
knowns. These equations are solved by rewriting them as 4N real equations
in 4N real unknowns and then using a Newton—Raphson lterative technique to
obtain a numerical solution. The Newton-Raphson technique assumes a solu-
tion, linearizes the equations about that solution, and then solves the lin-
ear set of equations for a correction to the assumed solution. The form ot
the equations of motion results in the linear set of equations being block
tridiagonal (fig. 2). The block-tridiagonal form allows the set of equa-
tions to be solved in a very efficient manner. The computational time 1is
proportional to N rather than N3 as in the general method.

239

B he ol




e

g

SQUEEZE~FILM DAMPER BEARING

The configuration of the squeeze~film damper is shown in figure 3. The
same configuration can be used to analyze journal bearings where the journal
and the bearing are allowed to rotate. If j 1is the rotational speed of
the journal and g 1is the rotational speed of the bearing, the average
rotational speed is

w

1 (wB + wJ) (20)
2

For a damper this average rotational speed would be zero.

1f C 1is the radial clearance and r 1is the displacement of the jour-
nal center with respect to the bearing center, the cleacance h 1in the di-
rection n is

h=c-7 -0 (21)
> . .
If © 1s the velocity of the journatf,
3h _ > =
5t T *mn (22)
If n is at an angle 6,
an _ ° o«
s = k x n (23)

where k is a unig_vector along the axis of the damper bearing in the
z-direction, If w 1is defined as

6 = Tk (24)
then
- dh _ > *) ~
W < (wxr) -n (25)

The Reynolds equation for the short, plain damper journal bearing is
presented iln reference 6 as

N 3
5 (n’> 3P\ _ = 3h , 3h
dz (lZu 82) BERY’ M t (26)

If the boundary conditions in the damper bearing are

P(0, 6, t) =0 (27a)
P(L, 68, t) = 0O (27b)
240
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Figure 3. - Damper bearing geometry.

cmgen

Figure 4. - Complex plane.
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and 1f h 1s not a tunction of g,

p=_buzll=2) > > ., (28)
3
h
The eccentricity ratio is
>
>
¢ =< (29)
so that .
, -
> _r
= = 30
€ C (30)
1f J 1s defined as '
V=%-Ux¢ (31)
pof2lon gy g (32)

>

c2(1 - ¢ «n)

. es .
is perpendicular to V, and the pressure is
n > 0.

The pressure is zero when n
-
greater than zero when V

The torce on the journal due to the pressure 1n a segment of the film

extending from 00 to £) is

X

. “oel
F=-%f}/ Ph dz d8 (33)

.’zo 6]

This expression tor the force can be 1ntegrated axially and becomes

3 31 —>.AA
;gg%f U S (36)
2" 4 (1 -¢ - n) \
o

Ihe angular integral can be integrated by transforming the integral to
) > . . ; >
the complex plane (fig. 4). Let V be 1n the real direction, € be at an \
angle ¢, and n be dat an angle € so that

]

v o= |V
o is

£ = | ¢ (&
i

n=e




cape

uiterentiat i Lhe cxpression foro o yvioelds
. -1
di- = -1 n “dn
dind Gsiny Coe detinittion ot the complex cosine yields

1

Voeh= V(in + n )
2
- - (ne + en_l)
R
“
e expression tor the torce becomes
2&2&3 n2(n2 + 1)dn
b= -1 > \ 5 3
C (¢n° -~ 2n + ¢)

where tue inteprar s around the unit circle from n, Lo i, where

it

n. = e 0
0
i6
1
n, = e
1
lhe pressure 1s zero at o = + 1, and the pressure 1s pgreater than zero

when  #Zeln) is greater than zero.

For no cavitation the integral extends completely around the journgl

and by using the theory of residues, the force becomes

F=[”.T.E_I_)_Ii.‘ LA
2 31 -1
C €

For cavitation the integral extends from -i to +i; and, by using a
partial-fraction technique, the force becomes

L£>

—

~DL3 v (—1’1+)J_2 . (—n_)j“2 A,
}~‘=44‘——2~—<—§>TA_+ L+ R
C £ (1 + n_;)J (1 + n:)J

j=2

(36)

(37)

(38)

(39)

(40a)

(40b)
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————
where T 1s detined as
2
P = tan”t M2 ¢
= /,
-Re(e) (4

and T 1s 1n the first or second quadrant.
coefficients are

The partial-fraction expansion

n (n2 + 1)
Ay = 3
(n, - n
an (202 + 1) 3
2n (gnj + 1) At3
A = -
22 3 n, - n
(n+ - n2) +
L - 6n# + 1 3A_2 3A13
+1 3 n, -n_ 2
(ni - n_) * 7 (ni - n;)
where the roots of the denomlunator of the force equation are
2
n. = 1+ V1 - |e
* 2 ¢
e

DISCUSSION OF EXAMPLE

The rotor bearing system described in reterence 8 was used as the ex-
ample problem. This rotor bearing system consisted of a shaft with three
disks mounted on two axially preloaded ball bearings (fig. 5). The bearings
were mounted in a squeege-film damper journal, and the jJournal had a center-
ing spring.

The tirst three critical speeds for the rotor bearing system without
oil in the damper are shown in figure 6. All the modes are bent-shaft
The "classical” hierarchy ouly applies to stift shafts; theretore,
the classical mode shapes do not characterize the actual mode shapes. The
first mode, about 7581 rpm, classically would be the cylindrical mode. Buat
in this case, 1t has a large amount of bending outward near the shaft cen-
ter. The second mode, about 9235 rpm, cliassically would be the conical
mode. In this case, 1t has a slight amount of bending outward near the
The third mode, about 11 248 rpm, classically would be the

In this case, 1t has a large amount of bending throughout the

modes.

shaft ends.
bending mode.
shatt.
Experimentally the rotor was accelervated trom rest through the three
critical speeds.  The Lissajous patterns tor the three disks were displayved
on three side-by-side cathode ray tubes. A motion pircture was taken ot the

CRT's plus a speed counter.,  The Lissajous patterns at the three critical

2

(44a)

(441b)

(44c¢)

(45)
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Figure 5. - Rotor bearing system used as example problem,

Critical
speed,
rpm

Figure 6. - Undamped critical speeds. .
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speeds are shown on tigures 7 to 9. The three critical speeds occurreu at
about the predicted speeds, and the Lissajous patterns corresponded to the
three mode sthapes.

The rotor bearing system was modeled by using 1Y elements. The rotor
was assumed Lo have a uniform, in-line unbalance, with a mass eccentricity
of U.00254 centimeter (L mil). The equations of motion for this system were
programed in FORTRAN IV on an IBM 360-67 computer in a time-sharing mode.
Ine cquations ot wmotlon were directly integrated by the implicit integration
methiod, witn a Yixed time step of 0.12 millisecond. The transient analyzed
wuas the rovor gdecelerated from rest through the three critical specds.  The
rate ol acceleration was 8727 rvad/sec?. Each time step took about 0.7
second of CPU time.

Ihe output at each time step of the calculation was displayed on a
CRI. the displuy showed an oblique view of the rotor bearing system, with
tiw bearing centerline as the oblique axis. lite transverse vibralion 1s
indicated by a series of dots. Each dot represents a location of an element
in the rotor dynamics model. The scale of the transverse vibration exagger—
dtes the amplitude ot the vibration. The display on the CR1 was photo-
graphed at each time step., These photographs were then shown as g motion
picLurc.

[he computer-generated displays on the CRT at the rirst and third crit-
lcal speeds and at a speed much greater than the third critical speed are
shown 1n figures U to 12, The mode shapes at the tirst and third critical
speeds were similar to the predicted mode shapes and occurred at the pre-
dicted speed.  Because of the unbalance distribution, the second mode was
not excited.  The only indication ot the second mode was a traveling wave
superimposed on the tlrst mode shape.  This traveling wave decayed when the
rotor went through the thivd critical speed. aAbove the third critical
speed, the rotor bearing system operated as a selt-centering device. The
mass centerline coincided with the bearing centerline. Therefore, the rotor
displacement was uniform and in line, with an amplitude of 0.00254 centi-
meter (1 mil).

In conclusion, this computer code tor the tirst time allows us to look
at complex rotor bearing systems experiencing nonlinear transients and dis-
plays the vast amount of results 1n an easily understood motlon-picture for-
mat. & lU-minute, lo~millimeter, color, sound motion=-picture supplement is
available, on loan, that shows the test data and the computer-made motion
plcture.

CONCLUSTONS

An tmplicit method tor tategrating the equations of motion for a
lumped-mass model of @ rotor dynamic system was deveiopeds  The rollowing
cone lusions were drawn:

Lo The method was numertcally stable tor any Lime stoep.

JoAn error estimate was available to coutrol the size of the time step.

3o The computational time was proport tonal to the number ot elements in
tihhe rotar dyunamies model rather than to the cube of the number.

o Anexample problem with 19 mass elements 1o the rotor dvoamics model
took 0.7 second ot central processing unit time per time step an an IBM
Inti=n 7 Compater 1nod Limessud Ul o mode.

For the tirst time, this code allows the simulation ot a complex votor
bearing svstem experienc b nooltacar transtent s dand displavs Lhe vast

dJimonint ot resalts an oao castly anderstood motiron=picture tormat.
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Figure 10. - Obligue view of rotor centerline as rotor
passes through first critical speed.
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Figure 11. - Oblique view of rotor centerline as rotor
passes through third critical speed.
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Figure 12, - Oblique view of rotor centerline at rotor
speeds much greater than third critical.
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SQUEEZE-FILM DAMPER TECHNOLOGY
AN OVERVIEW OF
SQUEEZE-FILM DAMPERS
APPLICATLIONS
AND
TECHNOLOGTICAL STATUS

By

Coda H, T. Pan
Technical Director
Shaker Research Corporation
Northway 10 Executive Park
Ballston Lake, New York 12019

ABSTRACT

Trends in the utilization of squecze-film dampers in rotating machines
arce reviewed. Design and analysis approaches in current use are outlined.
Unresolved technological issues are identified.

TYPLCAL APPLLICATIONS

Lxploitation in carnest of damper technology in the engpineering of high
speed rotors began about a decade ago. A primarv motivation of the use of
squecze~tilm dampers is the desire to have the choice of operating a rotating
machine near or above one or more critical speeds.  Some residual imbalance
in a rotor assembly is unavoidable in practice. Unless there is adequate
damping in the rotor svstem, resonant excitation of a critical speed at the
operating condition or in accelerating through the critical speed can result
in rotor vibration amplitudes of traumatic levels.

Gas turbine engines for aircraft propulsion are among the {irst rotating
machine types to benetfit from the use of squeeze-film damper to achieve
significant improvement in its pertormance characteristics. A typical air-
cratt gas turbine rotor is essentiallv an undamped structure.  Lts support
system traditionally consists of rolling clement bearings which are directly
attached to the casing. Rolling element bearings behave like very stiff
springs (without damping). Thus, in such a rotor svstem, damping of lateral
vibrations is due to Coulomb friction dissipation occurring in the casing
assembly which responds sympathetically to vibratorv forces transmitted
through the support bearings.  The inherent damping capacity of this tvpe of
rotor svstem is lmited and difficult to predict, thercfore, resonant vibra-
tions are potentially verv violent., The following desiygn constraints are
usually tollowed:

Operating speed must be sivniticantly ditferent from all critical

.‘“I)(‘A'(l.‘s‘.
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. Stringent quality control regarding residual mass imbalance must be
maintained.

. Critical speeds which fall below the running speed must not display
much flexibility of these critical speeds. Therefore, the rotor
structure tends to be relatively rugged and thus heavy.

Ever continuing strive for higher thrust-to-weight ratio of aircraft
engines has led to more flexible designs of the engine rotor. 1Most con-
temporary propulsion engines have damper mounted rotors to allow operation
above critical speeds which exhibit considerable rotor flexibilit:.

Application of dampers in industrial rotating machines is beginning [1].
Because industrial rotating machines are commonly supported by fluid film
bearings which are usually effective in the control of imbalance response, the
reason for using dampers usually concerns asynchronous vibrations. Of
special interest is the "half frequency' varietv; this may be either in the
form of "oil whip" [2] type instability or duc to other tvpes of excitation,

METHODS OF INSTALLATION

Commonly used dampers are of the non-rotating tyvpe and are mounted in
series with the support bearings. Since a non-rotating fluid film cannot
carry a static load, a parallel centering spring is commonly used to insure
that a nominal damper clearance is present under the operating static load.
(Figure 1).

A series mounted damper can also be used without a parallel centering
spring (Figure 2). Such an installation is favored because of simplicity
in manufacturing. Strictly speaking, the film of such a damper is nominally
bottomed under a static load. 1If, however, vibrations of moderate magnitude
is present, non-linear effects together with film cavitation interact to
induce a static lift [3, 4, 5]. Advocates of such a design approach reason
that the damper film clearance is not essential except when significant
vibrations are present.

Use of fluid film dampers in an intershaft installation for vibration
control of multiple spool aircraft gas turbine engines is also under con-
sideration (Figure 3). Because of the rotation speeds of the two shafts,
the fluid film will experience the hydrodynamic wedge action and in effect
will function as a fluid film journal bearing. The equivalent "half fre-~
quency' effect would occur at the algebraic mean of the two shaft speeds,
potentially, thus, an instability mechanism exists [6, 7]. 1In an intershaft
installation, alignment of the damper center with the bearing centers should
be accurately maintained, lest runout error would cause excitations at rota-
tional frequencies.

The damper can also be installed (through a rolling element bearing) in
parallel with the support bearing (Figure 4). The latter may be either
a rolling element bearing or a fluid film bearing. The parallel installation
complicates the manufacture process somewhat. However, it offers the
possibility of an extended linear range which is difficult to realize in a
series installation.

28]
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DESICN PARAMETERS

The component characteristics of the damper should be designed to yield
an optimum dvnamic characteristics of the rotor system. In a given situation
the damper (iim diameter and the lubricant properties are f{ixed. However,
there are still numerous controllable design parameters. The significance
of these design parameters are contained in the scaling law which is derived
from the short bearing, w-film approximation; according to which the damping
covtticient for a small circular orbit motion is

2

oy (1)

bshort,ﬂ Cc 'D

1

1} —

[t is seen that the most prominent feature in this formula is the factor
(L/CY 7. This formula is primarily for a damper fed from a circumferential
sroove at one end and drained through another circumferential groove at the
other end.  Verv often, end-scals are used for such a damper for "housekeep-
ping” purposes. If a damper is used without end-seals, it is most commonly
fed throush a midplane feed grooves., When this is done, there are effec-
tively two Jdamper films sharing the available length equallyv. The resulting
damping coetftficient is 1/4 as large as that of the dam; »r which spans the
same axial length without interruption by the axial feed groove (Figure 5).
Low leakage end=scals can be used to ameliorate the reduction in the damping
capacity., In order to climinate loss of film pressure due to leakage, axial
flow has to be suppressed both globally and locally. Local axial flow is
suitably reduced if the hydraulic diameter of any inboard circumferential
recirculation passage is of a similar dimension as the damper film thickness
as illustrated in Vigure 6.

The "end leakage' at the inlet can also be suppressed bv supplying
lubricant 1low through a few discrete small holes in lieu of the circumfer-
ential Teed groove at midplane (Figure 7). A damper with leakage suppres-—
sion features at both inlet and exits is more appropriately estimated
according to the Jong bearing, m—film approximation

1 =

>
long, s

(LD) (2}

Compared with Eq. (1), it is scen that upon successtul suppression of

teakape eftects, the damping capacity can be increased by the factor
) - 0 y » " -

3(D/L)y s in tvpical configurations, this amounts to 12-300.

The above formulae are derived from the 7-film approximation, which
retains only the portion of film pressure which is above the ambient. With
cunough pressurization in the supplv, it is in principle possible to eliminate
cavitation entireilv, When this is accomplished, the damping coefficient
would then be twice that of the r=film estimate. An additional advantage
in the olimination of cavitation is the suppression of the non-linear whirl
vhenomenon, which can be trigpgered by an excitation of abusive level, e.g.

a blade toss event of a vas turbine and is pencerally a vibration of intoler-
able anmplitade. A disadvantage upon olimination of cavitation is the con-
current climination of the static life capacitv,
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In summary the typical design parameters include the following:

. Geometry - length
clearance
film profile

. Installation - series with centering spring
without centering spring
parallel

. Feed - circumferential feed groove
discrete feedholes

. Drain - flow through
circumferential collecting groove
sealed

« Supply Pressure
ANALYTICAL TOOLS

Central in the effective utilization of squeeze-film dampers is the capa-
bility of predicting their dynamic characteristics accurately. Simple
formulae, similar to Eqs. (1) and (2) and those allowing for orbit amplitude
effects [8], give approximate estimates respectively for dampers without and
with leakage suppression features. A computer code, which can be used to
perform more elaborate computations with allowance for end leakage and cavi-
tation pressure level, is the outcome of a recently concluded program spon-
sored by the U. S. Army fol. a simple, weighted average rule between 7w-film
and full-film short bearing formulae was used to study the lift-off process
[10], while the weighting factor was empirically determined, a reasonable
facsimile of the experimental trajectory was reproduced.

Incorporation of damper effects in the analysis of a flexible rotor is
readily accomplished in either the frequency response point of view or in
detailed time-domain simulation. In the former case stiffness and damping
coefficients are used; whereas in time domain simulation, force components
are expressed as functions of the kinematic state variables. 1In the case of
circular orbits non-linear amplitude effects can be included in the frequency
response calculation through an iterative process.

APPLICATION PROBLEMS
While the introduction of damper installation invariably would reduce
the vibration and noise levels in a rotor system, an optimum damper design
requires attention to specific issues which are peculiar to the application

in question.

The effectiveness of a damper installation in a highly flexible rotor
system is dependent on

. axial location of the damper mount,
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. stiffness of the centering spring, and
the dynamic coefficient of the damper.

Regarding the last factor, one may take note that an oversized damper
would inhibit the local motion and thus become self-restrictive in the
damping action. Appropriate ""tuning"” of these factors would reduce the
overall vibration levels to a minimum [1]]. Particularly if the vibration
phenomena are confined to a restricted frequency band, the benefit of the
damper installation can be significantly enhanced by optimum tuning.

A damper installed in series with the support bearing without a centering
spring behaves unusually as a function of the transmitted vibration force
level. At low vibration levels, the damper would be '"bottomed" by the
static load and motion in the corresponding direction would be selectively
restricted, and the local orbit trajectory collapses into a line which is
perpendicular to the direction of the static load. Accordingly, the damping
action cannot be fully effective. At large vibration levels, fluctuation of
pressure in the damper film would result in '"cavitation" in the unloaded
region. The cavitation pattern is not uniform on account of the asymmetrical
geometry. Consequently, a static-lift is induced so that the orbit would
open up and motion in all directions induces damping [3, 4]. Controlling the
lift-off condition is a unique issue in the design of a series damper with-
out a centering spring.

Dampers can also be beneficially used to suppress instability tendencies
in rotor systems. The most common causes for rotor instability are fluid
film bearing forces and impeller reaction to tip clearance variation caused
by local eccentricity [12]. on the other hand, intershaft installation of
a damper can precipitate whirl instability occurring at the average fre-
quency of the two shafts [6, 7]. Use of a "whirl-free" film profile is a
crucial consideration in the design of intershaft dampers.

The w-film analysis (for any L/D) shows a strong dependence of the tan-
gential and radial force components on the orbit amplitude. At a small orbit
amplitude, the damper force is primarily tangentially oriented. As the orbit
increases, both components increases non-linearly. The radial component has
a stronger non-linear trend and becomes dominating at large orbit amplitudes.
This behavior is illustrated by the eccentricity loci shown in Figure 8.

With a series damper installation, if the rotor is required to run past its
critical speed, a large response orbit accompanied by excessively large
transmitted force can develop. This phenomenon is associated with a bi-
stable condition of the rotor-bearing system due to the peculiar non-linear
behavior of a cavitated damper [13, 14, 15, 16]. For a rigid rotor, this
undesirable behavior would occur if the mass imbalance is equivalent to a
mass shift in excess of approximately 1/4 of the damper clearance.

SOME UNRESOLVED ISSUES
Although the squeeze-film dampers is quite effective for the general

reduction of vibration and noise levels of rotating machines, the state
of technology is still inadequate for its engineering in critical applications.
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e dmportance ot the cavitation process in the operation of the damper
is revealed by the tollowing observations:

. doere Is g Jdirect dependence of the damping capacity on the amplitude
ol the orbit motion which determines if the lubricant film would be
cavitated and what is the extent of cavitation.

. Tiae pussibility of lift-oft in a series installation without a
centering spring depends on the occurrence of cavitation.

. The troublesome possibility of bi-stable operation of the damper under
hiivh dvinamic loading can be eliminated by suppressing the cavitation
process.

The common practice of accepting either the “—=film or the full-film approxi-
mation or of using the Gumbel criterion in a more elaborate computation
scheme would not answer the above questions. A more convincing treatment for
the circalar orbits of short dampers has shed some light on these issues
[17]. Representative results are illustrated in Fipures 9 and 10,

Use of small clearance end-seals and discrete feedholes are motivated
by the desire to realize the largest possible damping capacitv. Available
treatment of seal offects deals with the overall leakape flow (e.g. [27])
but gives no clue to the appropriate desiyn criteria for the suppression of
local recirculation effects. The discrete Teeding process is controlled by
lTocal flow tields which is characterized by both sharp spatial gradients as
well as rapid fluctuations with time. And yvet, the coverage of the lubricant
film depends on the balance between the net feed tlow and end leakage. Tt
is clear that the successful design of high-performance dampers would depend
on adequate considerations of detail flow processes in botn the feed region
and the exit region of the lubricant film.

Non-circular whirl orbits occur when uncompensated static load and the
dynamic rotating load are of similar magnitudes. T1f the dyvnaric load should
be large enough to cause cavitation, such a situation does not admit a steadyv-
state description of the cavitation domain. Consequently, the commonly
accepted Swift-Stieber condition for locating the cavitation boundary along
with the film re-formation boundary is not applicable. [t appears that "his-
tory features' should be included in the analysis of cavitated squecze=Yilms
which are associated with non-circular whirl orbits[13].

Discussions on cavitation thus far presumed aggregation of voids pri-
marily in the unloaded film zone. The possibilityv in the entrainment of
finely dispersed bubbles in the entire film has been suggested [19]. nirect

evidence of the validity of this hvpothesis is vet to be obtained. 1t is

quite possible that the presence of entrained gas is a speed related phonomenon,

bampers tor large propulsion gas turbines operate with moderately large
Reynolds numbers.  Bernoulli ceffects which are neglected in the lubrication
theory can be prominent. In terms of overall rotor dvnamic behaviors, a
virtual mass phenomenon is to be expected.  This issuce is overlooked, most
of the time, in prevailing analvtical results.
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Intercst in the assessment of trans-critical rotor response to mass
imbalance at an abusive level has directed attention to the bi-stable, non-
lincar character of cavitated dampers. For a rotor system with multiple
damper installations, time-domain simulation with commeasurate thoroughness
in all relevant aspects of the rotor system is potentially capable ~f yielding
accurate and useful results. A convincing demonstration in the efficacy of
the simulation method as a tool for rotor engineering remains to be estab-
lished [20]. 1Issues requiring careful scrutiny include

. numerical stability of the computation schenme,

. bounds of cunulative error,

. linteractions between spatial and temporal resolutions,
. effective display of simulation results,

. computational cost considerations, and

. accurate characterization of the dynamic behavior of critical
camponents.
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Communication on Squeeze-Film Damper Workshop, Charlottesville, 8-10 May, 1979

I am sure that I reflect the views of the vast majority of participants when

1 say that the Workshop was a great success in bringing together engineers of
similar interests from arocund the world. It helped to confirm in my mind that
conferences on fairly narrow topics are more successful than ones on wide-
ranging topics. The blend of industrial, research and computing experience in
the Conference was particularly successful. In the first, Mr. Malcnoski and
Mr. Balke illustrated very forcibly their experience in design and develop-
ment. In the second I thought the paper on the effects of fluid compressib-
ility by Messrs Hibner and Bansal was outstanding and leads the way for more
fundamental research on the nature of cavitation. Mr. Simpson’'s paper is also
worthy of publication and I hope will appear in the final volume of Proceedings.

With regard to numerical analyses the papers of Dr. Gunter et al, of Dr. Barrett
and of Dr. Stephens contained some very interesting features and results. In
particular it would be helpful if Dr. Barrett could elucidate a little on how
he included the non-linear squeeze-film effect in his essentially linear pro-
gram. The inclusion of this paper in the final volume would also be of great
value, as would that of Dr. Stephens. In the latter, values of the various
integrals that he used would be especially useful.

I thought Dr. Hahn's design charts were very ingenious but in the light of

Dr. Hibner's work perhaps a little premature. However, there appears to be no
reason why such ingenuity cannot be applied using modified data, when these
become available.

In conclusion, I would like to congratulate the organisers, the authors and
the U.S. Army Research Office for their organisation with the hope that the
Conference might be repeated in a few years' time.

R. Holmes
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