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FOREWORD

This report describes the work performed by the Pratt & Whitney Group, Government
Products Division of United Technologies Corporation, West Palm Beach, Florida 33402 under
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FY14557600623. This is an interim report covering work conducted from 1 October 1975 to 1 April
1977.

The Government technical manager for this period was Raymond Valori of the Naval Air
Propulsion Center (telephone 609-882-1414). Ronald Dayton of the Air Force Aero Propulsion
Laboratory WPAFB (telephone 513-225-4939) provided the technical direction for the Air Force
portion of the program.

The project was conducted at Pratt & Whitney Aircraft under the direction of John Miner,
Component Technology Manager; Paul Brown, Principal Investigator; Louis Dobek, Program
Manager; and Dr. Fred Hsing, Analytical Program Manager.

Appreciation is extended to the following Pratt & Whitney Aircraft personnel for their
assistance on this program. Michael Carrano, Ronald Edelstein, Robert McFadden and Roger
Barnsby assisted with the analytical effort. Computer programing assistance was provided by
Walter Grube and James Mann. The experimental bearing testing was conducted by Edward
Tobiasz who was assisted by Robert Cohen. Engine application advisory support was provided by
Eugene Beverly.

Acknowledgment is also accorded both the bearing manufacturing company that provided
the experimental hardware for this program, the Split Ball Bearing Division of MPB Corporation,
and the consultant that provided assistance with the analytical modeling effort, Battelle
Columbus Laboratories.
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SECTION |
SUMMARY

This combined analytical and experimental program is aimed at generating a manual that
will permit the design of cylindrical roller bearings capable of operating reliably at 3.0 MDN
speed levels. An existing quasi-static analysis will be updated in this effort and a new dynamic
analysis developed and correlated with the results of extensive, statistically designed tests that
are being conducted on a series of aircraft-engine-size roller bearings. The quasi-static design
optimization system has been upgraded to include certain advanced treatments of fits,
tolerances, clearances, misalignments, preload, moment load, structural flexibility, skew angle
determination and ring flexibility. This makes the program the most advanced and powerful
roller bearing design tool available to date.

The basic analyses for use in developing a program to predict the dynamic behavior of roller
bearing components are essentially complete. Governing differential and algebraic equations for
the interacting components and the coupled system have been formulated. The preliminary
computer program has been developed and refinement of the system is underway. The finalized
computer program is to be available at the conclusion of this contract.

The experimental portion of this program is aimed at evaluating the influence of geometric,
tolerance, design, and operational parameters on the skidding and skewing wear characteristics
of 124 mm roller bearings operating at speeds of 1.0 to 3.0 MDN. A study was completed in which
a total of 30 separate bearing parameters that can influence roller skew and skid were identified.
Two groups of bearing designs, labeled N and AF, were then prepared using statistical design
techniques and incorporating those parameters from the list of 30 that could be varied in a
sensible manner. The Group-N bearings consist of eight separate designs which will permit the
quantification of the influence of seven individual bearing parameters on roller skid and skew.
The Group-AF bearings consist of five bearing designs which will allow four additional
parameters to be studied. A total of ten Group-N bearings were manufactured for test. One
bearing for each of the eight parametric designs and two duplicates for repeat testing were
procured. One each of the five Group-AF designs were produced with a duplicate of one of these
designs manufactured for repeat testing. Experimental rig testing has been completed on four of
the ten Group-N bearings. Three of these bearings performed in a stable manner over the entire
range of conditions run in the test program. The fourth bearing failed in the course of the testing
due to excessive roller wear. A wide range of wear and performance was observed during the
testing of these first four bearings.




SECTION II
INTRODUCTION

A. BACKGROUND

The higher thrust-to-weight ratios required for advanced aircraft turbine engine designs
demand increased rotational speeds of the turbines and compressors. The design and
development of such turbomachinery is often complicated by bearing considerations. The rotor
and rotor support systems are generally characterized by (1) high shaft speeds to achieve
maximum gas dvnamic performance, minimum size. and minimum weight: (2) flexible bearing

support structures for lightweight and minimum disruption of the flowpath by interdiction of

struts and vanes: and (3) large shaft diameters for high bending and torsional stiffness. These
factors result in bhearing specifications which require high bearing DN levels and high
misalignment capability. It is anticipated that bearing DN levels to 3.0 MDN will be required for
engines in the 1980-1990 time frame.

Considerable effort has been expended by various investigators on upgrading the
performance of high DN ball thrust bearings. Such concentrated effort has amassed a cumulative
experience level of many tens of thousands of hours in operation time at 3.0 MDN under
laboratory conditions. Ball thrust-bearing technology has evolved to where material considera-
tions determine the life limits of the design. On the other hand. the technology base needed for
the design of optimum roller bearings to meet high DN requirements is not well defined. Roller
hearing performance, in many cases, has been the limiting factor in the design of high speed rotor
svstems because of a lack of understanding in certain aspects of roller bearing behavior. There is
good reason for this. The increased susceptibility of roller bearings to failure has surfaced in
relatively recent times. Ever increasing engine rotational speeds have driven bearing speeds up to
DN levels which serve to intensify the influence of geometric variations and certain other
parameters on roller dynamics. Evidence accumulated in the field and data obtained in
development tests, has indicated that bearing performance is very sensitive to roller instabilities
as induced by unknown or little understood principles of roller dynamic behavior.

These instabilities occur frequently in high DN bearings resulting in roller skewing. The
characteristic failure mode which identifies roller skew is rapid eccentric wear on the end surfaces
of some or all of the rolling elements of a bearing. Figure 1 shows the eccentric type wear pattern
on one end of a roller, with the other end having a similar pattern but 180 degrees out of phase.
This condition can exist undetected until bearing failure occurs. Figure 2 shows a typical example
of bearing failure precipitated by eccentric end wear of one roller element.

Related to skewing, and apparently influenced by many of the same forces which induce it,
is roller skidding. When rollers skid the resulting damage is paticularly severe on the rolling
contact surfaces and, subsequently, has an adverse effect on bearing durability. Currently,
skidding is considered to be of secondary importance, compared to roller end wear. This
conclusion is based upon considerable field service experience. Data indicates that roller end wear
failures predominate. The mechanisms that cause skidding are more readily understood, and
inher2nt to this understanding is the suggestion for its control. It is well known that roller
skidding occurs when bearing radial loads are light and rotational speeds are high. A concept
commonly used to supplement the external load is a two-point radial preload design. This basic
preload system, which is achieved by machining the outer ring OD in an out-of-round oval shape
combined with a slight interference fit in the bearing housing, adds enough load to keep the
rollers “‘in gear” around most of the bearing’s circumference. However, as speeds increase, the
ability to maintain control of the internal clearance needed to ensure operation free of skidding
damage becomes increasingly dependent upon accurate knowledge of the internal heat generation
of the bearing. This factor, coupled with the accompanying cooling system design, determines the
operating temperature level of the bearing and, more importantly, the temperature gradient from
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the inner to the outer raceways. Thus, an accurate knowledge of the heat generation level is a
necessity if adequate control of operating clearance is to be achieved so that roller loading is
maintained to a level that successfully inhibits roller skidding.

Of course, there are other modes of engine roller bearing failure beside those attributable to
end wear and skidding damage. Some of these modes are identifiable with the cage and others
may be due to roller edge loading causing premature fatigue spalling. However, it appears highly
likely that if the basic roller end wear problem — as influenced by skewing action — can be
avoided, a large measure of the solution to other root problems can be effected. This becomes
largely self-evident upon study of the long list of geometric, dimensional, tolerance, quality, and
operational parameters which influence and control roller tracking forces. A design system which
provides identification and regulation of these factors will provide a means for establishing the
entire bearing design. For these reasons, this system must go beyond a quasi-static analysis and
must address roller bearing dynamic behavior.

Figure 1. Eccentric Roller End Wear




Figure 2. Typical Bearing Failure Attributable to Eccentric Roller
End Wear

B. PROGRAM APPROACH

As indicated in the “Background” section, future engine design requirements dictate roller
bearing DN levels to 3M. Therefore, roller bearing technology to achieve this DN level must be
upgraded in time for utilization in engines slated for operation in the 1980-1990 time frame. The
schedule to develop bearings to meet the 3 MDN requirement calls for an extension of the present
state-of-the-art of bearing design and requires considerable analytical and experimental effort to
investigate the effects of increased DN levels on many critical design parameters. In addition to
the conventional parametric studies involving fatigue life, stresses, temperature, fits, clearances,
alignment, lubrication and rotor dynamic response, special attention must be given to roller
skidding and skewing motion which have been identified as likely problem areas for high DN
operation. Proper analysis of these effects requires development of a new computer program
which considers the complete dynamic motion of each element in the roller assembly.

Effort under this program is being directed toward the formulation of a viable generalized
roller bearing analytical design system considering a number of geometrical and operational
parameters. This development program is based on an integrated analytical/experimental effort.
The resultant design system, in the form of a complete computer program, is intended to provide
the bearing design engineer with a useful tool for studying the static as well as dynamic
characteristics of high DN roller bearings for future aircraft engine mainshaft applications. The
design system will be useful in conducting analytical experiments under simulated operating
conditions. A parametric study utilizing a reliable analytical design system could establish basic
design criteria, help to separate the important variables from the unimportant ones, predict the
effect of each controllable design factor, and thus could substantially reduce the number of costly
test programs in the early phase of new bearing development. It could also be used to assist in the
diagnosis of roller bearing failures in service engines.

C. PROGRAM SCOPE

The work being performed under this contract includes both analytical and experimental
activity. Under Task I, a computer program which describes the roller bearing dynamics, loads,
stresses, deflections, deformations, thermal conditions, heat generation, lubrication, and
operating parameters will be developed. In Task II, experimental rig tests will be conducted on
a group of 124 mm bore roller bearings to define the influence of geometric and operating
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variables and to verify the accuracy of the computer program. The computer program will be
refined as necessary to reflect the test results. Also, certain additional results, when available
from other planned experimental testing which will address a separate group of roller bearing
variables, will be used to further refine the model. In Task III, the information developed under
Tasks I and II will be used to design and fabricate a prototype bearing and conduct a
demonstrator rig test having a goal of 60 hours operation over a range of DN values from 2.2 to
3.0 million. In Task IV, the results of Tasks I through III will be incorporated into a design manual
for high-speed cylindrical roller bearings. The manual will include the computer program
developed in Task I and modified during subsequent tasks. These tasks also include parametric
testing on an additional group of roller bearings containing different bearing variables than those
studied in Task II. The test results from this added testing will be used to further refine the
analytical model developed under Task I. The work also includes installation of the computer
program at the Wright-Patterson Air Force Base computer facility.




SECTION 1iI
CONCLUSIONS AND RECOMMENDATIONS

A. CONCLUSIONS

The analytical modeling development effort has progressed smoothly thus far with no major
difficulties encountered. Based on this work the following conclusions can be drawn:

® The roller bearing quasi-static optimization program, called STATIC,
updated under the subject contract, is now capable of identifying the
corresponding roller geometry, bearing internal clearance, outer ring out-of-
round, assembly fits and lubricant flow rate, all as required to achieve
maximum life. However, it is necessary with this program for the user to
define certain design criteria and to use his own subprograms for generating
certain structural and thermal data.

® The “modular” concept adopted in the development of the overall computer
program, TRIBO I, has already proven to be a beneficial feature. Portions of
the program can be run independently, which permits preliminary design of
any or all of the bearing components. This feature also makes it a much
simpler matter to alter the program as new techniques or data become
available. Updating can thus be accomplished by changing only that module
affected, thus eliminating the need to restudy the whole program in its entire
length and complexity.

® The elastohydrodynamic (EHD) film thickness model chosen for use in
TRIBO I is that presented by Loewenthal, Parker and Zaretsky' which
provides the best correlation with available test data.

® The EHD traction models available from the literature were found inade-
quate for the needs of the high speed roller bearing program. Even the best of
these gave poor agreement with existing pertinent data. The greatest need is
for experimental data in the following operating regimes: high slip velocity,
high temperature, high speed and moderate contact pressures.

Conclusions that can be drawn based on experience accumulated in the experimental
portion of this program are as follows:

® Results obtained on repeat bearings have served to demonstrate an adequate
level of repeatability for this statistically designed program.

® Although reduction of the bearing wear data by means of established
statistical techniques has not yet been accomplished because testing of the
Group-N bearings is not complete, it is apparent that the wide range of roller
end wear levels experienced thus far will permit satisfactory application of
these techniques.

® Variations in applied radial loading do not have a significant impact on
bearing heat generation, based on experimental measurements.

® Increasing oil flow to the bearings tested increases basic heat generation.




Power loss characteristics and thermal behavior of all the bearings tested thus
far are very similar.

Extreme amounts of roller slippage do not result in unusual thermal behavior
of the bearing nor do they produce obvious skid damage or distress even
though heavy roller end wear may occur.

B. RECOMMENDATIONS

Based upon the above conclusions the contractor makes the following recommendations:

The statistically designed experimental program should be continued as
planned. This recommendation is made on the basis of demonstrated ability
of the test procedure to produce repeatable results and the discerning nature
of the wear results as evidenced by the wide range experienced in tests
conducted thus far.

The roller bearing dynamics analytical model should be completed to the
level planned and the results correlated with program experimental data for
inclusion in the design manual which is intended to be published at the
culmination of this effort.

Some form of simplified structural and thermal modular analyses should be
developed separately and incorporated into the master program as an option
for the user who may not have access to any such analyses. They also would
prove useful in the preliminary design process to supplement the more time-
consuming sophisticated programs source users have at their disposal and
which should perhaps be restricted to use in only the final design stage.

It is advisable that separate manuals be prepared, containing design and user
oriented instructions, that would allow each of the subprograms such as
STATIC, SKEW, CADYN, and RODYN to be operated as individual
computer analyses. Use of such programs could enhance the preliminary
design process, allowing certain parametric studies to be conducted, without
the encumbrance of the time-consuming main program which should be
limited to use in the final design stage only.

Additional EHD traction data should be obtained in appropriate test
machines over a range of speeds, slip velocities, temperatures and contact
pressures that correspond to those encountered in 3.0 MDN roller bearings.
Once these data become available, an effort should be launched to develop a
fully correlated analytical EHD traction model.




SECTION IV
ROLLER BEARING DESIGN TECHNOLOGY

A. GENERAL DESIGN CONSIDERATIONS

Bearing performance is influenced by the combined effects of fits, thermals, and operating
conditions, as well as the structural design of the system. Ideally, the bearing internal geometry
should be designed to achieve the maximum possible fatigue life under these conditions without
violating any theoretical or experience-based design criteria. The oil flow level chosen for
lubricating and cooling of the bearing should be such that the temperature of the bearing rings
will never cause a complete loss of bearing clearance or result in a temperature level that exceeds
the capability of either the ring material or the oil itself. Initial fits must also be set so that thev
never reduce the bearing clearances to zero, yet remain tight at speed and temperature. Since the
determintion of factors such as the optimum oil flow, bearing fits, raceway out-of-roundness
(OOR), and fatigue life is a laborious task involving many iterations within each and among all
of the bearing performance analyses, the optimization process has usually not been fully
implemented. With the development of the program described in this report, full optimization of
any or all of these parameters can be more readily accomplished from a quasi-static point of view.

B. STATE-OF-THE-ART OF ROLLER-BEARING DESIGN TECHNOLOGY

The current state-of-the-art of roller bearing design technology relies primarily on various
established static and quasi-static analyses. The analytical prediction system usually consists of
several major analyses as shown in figure 3. A brief description of these analyses is given in this
section. Throughout the text, the term ‘“‘existing” is used to describe any development
accomplished prior to the inception of the subject program, that is, September 1975, while the
term “‘new’ is used to identify work accomplished as a result of the new program effort as
described in this report.

1. Basic Elasticity Considerations

It is a commonly accepted practice in the bearing industry to determine the fatigue life of
rolling element bearings on the basis of the Lundberg-Palmgren life model* ? and Weibull's
statistical theory of the strength of materials* ®. These theories stipulate that the fatigue life of
rolling element bearings depends upon the magnitude of the stressed volume as well as upon the
level and depth of the maximum shear stress. This therefore requires an accurate determination
of both the load distribution among the rollers and the stress/deformation at the contact surfaces
at each roller location. The basic methods used to determine the load distribution are given in
this section. Also described in this section is the method used to account for the effect of
interference fits on the overall bearing internal clearance.

a. Roller Load Distribution, Misalignment and Moment Load

The classical theory and procedures used to determine the basic roller load distribution are
well established. The calculations are usually involved in several rather complicated iterative
processes such as those reported in the literature? ® 4. The basic idea is, nonetheless, to perform
an equilibrium analysis to identify the forces and corresponding deformations of the system.
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In the case of rigid rings with no out-of-roundness, for example. the tu 2l linear deflections,
A, and the angular deflections, «, at the gth roller location are:

Agq = 0, 8In ¢gq + 83 COS P -

ag = (64 + 047) cos ¢pq + (85 + 857) sin ¢q

where 5 represents linear or angular deflections as identified in figure

)
D

2

+ﬁl+lj2

misalignment and coning angles as defined in the List of Symbols.

The total deflections are also
Aq = Q1q t Qg

Qq = aq T ay
Q q 4

(1)

(2)

4 and §” and g represent

(3)

(4)

where the subscripts 1 and 2 denote the outer and inner ring respectively.

k‘ Fg

FJ

JAAN

Figure 4. Coordinate System for Bearing Static and Elastic Equilibrium Analysis

The relationship between load and deflection, according to the Hertz theory for elastic

contacts is in the following form:
Plu = qu (Alqy alq)

Mlq = Mlq (Aup alq)
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Static equilibrium of the rollers requires that:

2
\_4 Pm F, 0 (7)
§-3
2
> M, =0 (8)

Furthermore. equilibrium of the entire bearing, i.e.. rollers plus races. requires:

Y Py sing, + Fe=0 (9)
G 1

n
‘_S_, Py, cos ¢, + Foe = 0 (10)
G 1

i M,, cos ¢, + Mz = 0 (11)
q 1

D My sin ¢, + Mag = 0 (12)
q 1

Determination of roller and race load distribution then requires simultaneous solution of
Equations (1) through (12).

To account for the effects of roller crowning, misalignment. and moment loading and also
to relate the deflections to the restoring moment, each roller element is divided into 18 laminae
in the computation of deformation and stress field at the contact zone. The Hertzian contact
theory is then applied to each individual lamina for computation of stress, deformation. moment,
and load distribution. The results are then combined to characterize the elastic properties of a
given roller.

b. Interference Fits

When the temperature field in the bearing has been determined. the relation of interface
pressure to the interference fit is a function only of the geometry and material properties of the
two contacting components. Exact determination of the contact pressure field may require the
use of a quite sophisticated analysis such as the finite element method. However, it is very often
found that the use of the load-deformation relationship for thickwall cylinders, as shown in
Equation (13), is sufficient. This is the relation used in the existing roller bearing analysis:

A/b (1

1 (b/a)* + 1 ]* 1 [(c/b)”*l +.:]
E | awpr-1 ™ E, | (2 - 1 :

p
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where

A - diametral interference between the two rings (in.)
a smaller ring ID (in.)

b = smaller ring OD (in.)

¢ larger ring OD (in.)

E Young's Modulus (psi)

v = Poisson’s Ratio

In some engine bearing installations, a liner is used between the bearing ring and the
housing structure. In such instances the interactive deformations of all three elements must be
taken into account. This necessitates employment of iterative techniques to determine the fits
between the contacting components.

2. Pseudodynamic Treatment
a. Centrifugal Effect

The effect of the centrifugal force of the rotating elements is considered throughout the
static analysis as a static external force. The first section in which it appears is in the equilibrium
calculation of the roller load distribution as described in Section IV.B.1.a. Thus, the force on the
outer roller contact area must balance the sum of the forces acting at the inner contact combined
with the individual roller centrifugal load.

The second area where the centrifugal effect of the rotating rollers and bearing inner ring is
taken into accaunt is for the determination of bearing operating fit and internal radial clearance.
The related growth of the OD of the rotating bearing inner ring is estimated on the basis of the
following equation®.

3 ] 2
AD,, = pll)“;'l;gw “ g/) (3+u)+(1u)1 (14)
43 o/i

The expansion of the ID of the outer ring due to the roller centrifugal loading is given by:

PD,,, o
AD,,, = o (n + ») (15)

wd,. N.?
Do L

W (Y G 5 BV G R

2
w = 0.222268 d.,’[l - ( —-(l'—) ] n/, (18)

P = (4.5169 x 10°¢) (16)

n = ——F———L (19)
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b. Skewing Moment

Within the static analysis, an approximation is made as to the magnitude of the individual
roller skewing moment. The skewing moment S, is estimated to be:

Si = ua My (20)
where

Ha = coefficient of friction

M, = contact moment for jth roller at the ith surface

3. Thermal Analysis

The purposes of rendering a thermal analysis are to determine the bearing heat generation
and associated operating temperatures, as well as temperature gradients from the inner ring to
the outer ring of the bearing. Ideally, the temperatures to be determined are those of the inner
ring and the hub or shaft upon which it is mounted, the outer ring and its support housing, the
roller/cage assembly and the exit oil. These are all influenced by shaft speed, load, thermal
environment of the bearing compartment, oil type, oil-in temperature, oil flowrate, bearing
geometry, the method of cooling and the method of lubricating oil introduction. A determination
of the bearing neat generation is necessary to the establishment of the engine design oil flow and
for the purpose of sizing engine oil-system and heat exchanger requirements. Identifying the
temperature levels in the bearing system is important to the design process for the purpose of
determining the internal radial clearance of the bearing at operating conditions which influence
bearing life which, in turn, impacts engine durability.

An analytical design system that would permit complete thermal analysis of the bearing
system is inherently complicated. Detailed identification of heat sources, sinks and flowpaths is
required and techniques such as finite difference, relaxation, or finite element methods must be
emploved. This approach has not been used for bearing systems because of this inherent
complication. What has been developed is a system that is almost completely empirical and, as
such, is applicable only to the specific size bearing of concern. The bearing is subjected to a
combined rig and experimental engine test program and the resulting data used to establish a
design system. This system is then utilized to optimize that specific design for the production
version of that engine. Thus, no analytically based system currently exists that can be
extrapolated to generate reliable design data for an application that is outside the immediate
range of current experience. In other words the present system relies on experimental data as the
source for design temperatures to optimize bearing fits and control internal radial clearance toan
acceptable level. Thus, there is no analytically based thermal model relationship currently in use
that could be construed as a reliable design system for applications that are outside the
immediate range of current experience.

It should be noted here, however, that it is the intent of the new work being done under the
subject contract to develop a heat generation and temperature prediction model that will be
empirically based, employing the experimental data being generated in the test portion of the
program. Generation of a comprehensive analytically based thermal model is considered beyond
the scope of the present effort.
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4. Support and Ring Flexibllity

Along with the inclusion of ring flexibility in the analysis, a modification has been made to
the equations for deflection at the roller inner and outer contacts, Equations (1) and (2). The new
equations are:

Aq = 6, 8In ¢g + 65 €08 pq — Pp/2 — Aq riex (21)
aq = (8¢ + 6,7) cos ¢ + (65 + 857) sin ¢q + B; + B2 — aq riex (22)
where
-\q flex — —\lq tiex T+ Azq flex (23)
= 2. [AyPy+BaMyl+ 2 [Ag Py + By M)
J=1 J=1

(24)

g flex = Qjq flex A (2q flex

= 2 [Cy P+ DyM,l + 2_ [Cy Py + Dy My
and
Aql' qu CqJ‘ DuJ' Alqlv B)qu C'qjv D'QJ

are matrices representing the pertinent influence coefficients as shown in table 1. These influence
coefficients define the magnitude of deflection at the qth roller location. Each matrix is of order
n and is obtained through an elasticity analysis.

5. Preload/Outer Ring Out-of-Roundness

The purpose of using an outer ring with 2-point or 3-point out-of-roundness (OOR) is to
minimize roller skidding. The additional load imposed on the bearing by the out-of-round
condition is known as preload. The outer ring OOR is being optimized so that the preload
requirements are met for each operating condition. In this portion of the computation, the
preload/OOR is established on the basis of the equation for a cylinder pressed between two flat
plates'. The equations used are:

F.

[ f’n min "K_l it

ap 1 &)
: { WNE e e B
K Ka K, K I

OOR : ] { K,q ] i

Py min Pn [ 2 kf 1 Km 3 K" (26)

OOR = OROD,,,, - OROD,,,, (27)
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where

1

Kr

E

and F,

= Kip + Ky
K + K,

ODz — Dy Eq j‘

¢ Ptm W, [ m

4.4809 two-point OOR
= 21.0 three-point OOR
tight OR fit
loose OR fit
outer ring
inner ring

[ e { E 1
T L, + E,

average Young's modulus of roller and ith ring

4(1-v?)
rEL

2D
2.156

- 0 for inner ring.

(28)

(29)

(30)

(31)

TABLE 1. FORM OF INFLUENCE COEFFICIENT MATRICES A, B, €. D

due to
load moment
(tb) (1b)
deflection A B
(in.) (n X n) (0 X n
slope C D
(in./in.) (n X n) (11 X< n)
Example:
) 0 0 T
F,\ A A, Sk SR Dy
11 12 1 ])x I)A ')H
0. )
[A] -'\‘u “\zz [', T){
A, A - S
b = M, o
( l’l
or (A,“) ' I'W J
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Note that Equation (31) is for rollers with /D) ratio equal to 1 only. It should be emphasized
here again that the analysis being discussed in this section represents the state-of-the-art as of
1975 and does not reflect improvements made since that time as a result of the new program
effort. This work and the related results accomplished thus far will be discussed later in this
report.

6. Roller/Flange Contact Point and Roller Skew Angle Determination

The magnitude of the skew angle through which a given roller can turn and the location of
the contact point between the end of the roller and the guide flange surface is dictated primarily
by such factors as axial end clearance, internal radial clearance of the bearing, and the flange
lavback angle. A properly designed roller is one for which this contact point is located away from
the corners of the flange guiding surface so as to prevent the roller end from wearing due to
excessive stress concentration.

The magnitude of the maximum skew angle and the location of the roller/flange contact
point are dependent upon a number of parameters. The parameters considered in the existing
analysis are as follows:

End clearance between roller and guide flange, C,
Roller length, L

Roller diameter, d

Roller crown drop, e

Roller corner radius, r.

Guide flange layback angle,

Guide flange height, H

It is assumed that curvature of the inner ring is negligible, and contact occurs at point R on
the roller and point F on the flange. This contact point does not necessarily occur in the x-y plane
shown in figure 5a but can occur at some distance z, from that plane, as seen in figure 5b.

Assuming that contact between the roller and the guide flange occurs at point R on the roller
which lies somewhere on the endface circle defined by the intersection of the corner radius and
the roller endface, then the y coordinate of R, shown in figure 5a is given by:

Y& —I—)— cos # + (s? — zy?)" sin § (32)

where

On the other hand, the location of a point F on the flange guiding surface, shown in figure

5b, is

Y (—% t z,-) tan g3 0!—; + Ca (33)

<
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The location of the contact, F, is uniquely determined by Equations (32) and (33) and the
following matching conditions.

Yo = Yr

Zp = 2p = 2 (34)
dyg _ _dye

dzy, dz;

7. Bearing Fatigue Life Model

Rolling element bearings are generally designed to operate with maximum fatigue life. For
a given roller bearing design, Lundberg and Palmgren?® related the so-called basic load rating, Q,
to rolling contact fatigue which, in turn, is related to both the stress level and its distribution at
the contact.

According to the fundamental Lundberg-Palmgren theory, the composite bearing fatigue
life is:

r:[ 3N }wl (35)
i

4
L = {J&L} (36)

n 1/b
P, = [%TE: P> } (37)

where

b = 4 if ring rotates with respect to load
= 4.5 if ring is stationary with respect to load

Qo = i L = Cyl=*  [1 + Gy’ 1 7E 30 di2ier gt (38)

= 1 outer ring
= 2 inner ring
= (=1)-!

= dx/dp

x = d_ 2(

_,g_\’)...._.
|

(="
|

It has long been recognized that the fatigue life calculated by means of the Lundberg and
Palmgren model needs to be modified by a lubricant factor and a material factor in order to
properly reflect experience with modern lubricants, surface textures and materials. These factors
are input by the user in the existing design system.
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8. Roller Bearing Optimization

The analyses identified in the previous sections 1 through 7 have been combined into an
integrated ‘“‘Roller Bearing Design Optimization System.” The objective of the system. which
assumes that the bearing rings are rigid, is to determine the optimum roller bearing geometry for
maximum bearing fatigue life. The program calculates optimized values of internal radial
ctearance (IRC) and out-of-roundness with respect to input preload and race temperature
criteria. Also, all bearing fits are optimized with regard to fit pressure requirements. After
establishing the bearing internal geometry in this manner, the program then calculates values of
roller flat length and crown radius for maximum bearing life at acceptable levels of roller edge
stress.

In summary, the optimization system permits one to determine the best combination. for
maximum fatigue life, of the following parameters at each operating condition:

Preload

OOR

IRC

Fit

Roller flat length
Roller crown radius.

The computer program lists these parameters in the output along with the following additional
items:

® Distribution of radial load from roller to roller around the perimeter of the
bearing

® Contact stress distribution along the length of the most heavily loaded roller
® Bearing life.
C. REFINEMENTS

The following paragraphs describe further improvements in the existing design system that
have been generated as a result of this contractual effort. The entirely new analysis dealing with
the dynamics of the roller and the cage and their interaction with each other and the raceways
will be covered in the next major section of this report. The improvements made in the existing
design systems are already proving useful in ongoing engine roller bearing design work.

1. Support and Ring Flexibility

The use of influence coefficients to represent the flexibility of bearing rings and other
structural members in the system is well established as part of the existing roller bearing design
system as described in Section IV.B. The effects of both the bearing support and ring flexibilities
have, however, been calculated separately in a program outside of the existing optimization
program. Provisions have been made to automate the computation of structural flexibility
influence coefficients by permitting the user to tie in his own program for such computations with
the improved static analysis computer program. A computer module is currently being developed
to provide the user with an option for generating the influence coefficients internally within the
program. These coefficients are to be generated on the basis of a simplified analysis which is
adequate for use in the early stages of bearing design. Previously, the influence coefficients were
determined separately and then supplied manually as input to the main program. This allows one
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to obtain a more realistic estimate of the extent and shape of the roller/race load zone which
results in better roller edge stress and life calculations. The user can always suppress these
computations if the case of rigid ring/support is of interest.

2. Preload and Outer Ring Out-of-Roundness

Referring to Section IV.B.5, a roller L./D ratio equal to 1, which is a typical value for aircraft
engine bearing design, has been assumed in deriving Equation (31). This assumption has been
removed to allow for the selection of any desirable length-to-diameter ratio. Equation (31) now
becomes

1 4(1-p2) [1 2 [ dLE ‘

e e [ 19
Ko EL 5 *h 3B N T (=

A more rigorous treatment of the outer ring out-of-roundness has been introduced in the
roller load distribution portion of the analysis. The distribution of outer ring OOR is taken into
account by the use of radial raceway variations (RRV) calculated by using a simple relationship
which is as follows:

K, [ OOR

Au OOR KIR T LH 92 ] COS In(¢(| t (bl')l (40)

where n = number of OOR points (2 or 3)
¢, = angular location of the first pinch point
As a result, Equation (1) in Section IV.B.1 becomes:
&y = 0y singy + 6;008 0y — Pp/2 — Aqne — A4 oo (41)

where A (1exs Aq 0or are the additional deflections due to structural flexibility and outer race out-
of-round, respectively.

Incorporation of these improvements has resulted in not only a better prediction of the
preload, but also of the bearing life. :

3. Roller/Flange Contact Point and Roller Skew Angle Determination

The location of the roller/flange contact point and roller skew angle are also affected by
several factors, in addition to those covered in Section IV.B.6., as defined in figure 6, namely:

Pitch diameter, d.

Radial-undercut height above raceway surface, h,

Upper and lower crowned flange reference diameters, Dy, Dy,
Guide flange crown radius, R
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With all of the above additional parameters included in the refined analysis, Equation (33)
now becomes:

Yr =Y — V Rg? — (2zp — 2,)? (42)
where
L C.
Yo 7 e R VR - [%[D, — (de — d + 2hy)] + K,J?

zo = Y2 (2h, — d) + K, + 2 [D, — (de — d + 2hy)]

o \[___1_
K, = 2 K, 1 1 + (Ay/Az)?

(]
= R (P B B .

k- me-[(4 2

Az = V2 (Dy — D)
with the remaining parameters defined as follows:
Roller to guide flange end clearance, C,
Roller length, L
Roller diameter, d

Crowned guide flange layback length, A,
Intermediate parameters, K,, K;, 4,

Equation (42) together with the matching conditions given by Equation (34) is solved
simultaneously for determination of the roller/flange contact point and the maximum roller skew
angle.

4. Bearing Fatigue Life Model

An empirical equation to account for the effect of lubricant and surface finish conditions on
bearing fatigue life has been built into the analysis. The equation used in the present analysis is
based upon the work of Skurka® as given in Figure 7. Provision has also been made for inclusion
of a separate user-supplied life modification factor. Provision has also been made for a user-
supplied material life factor. The overall bearing life is then equal to the product of the calculated
L,, life, the lubricant factor Ly, and the material factor, Ly,.
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5. Bullt-in Basic Lubricant and Material Properties

a. Lubricant Properties

The following properties for MIL-L-7808 and MIL-1.-23699 oils have been built into the
computer program as a function of temperature:

Base viscosity

Density

Heat capacity
Viscosity-pressure coefficient
Viscosity-temperature coefficient
Thermal conductivity.

These data are used in lubrication and heat transfer analyses and are input items in the
existing program. Nevertheless, the user may also elect to override these data by inputting
information for any type of oil that may be of interest.
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b. Material Properties

The following properties for the most commonly used structural materials such as AMS
4928, 6260, 6304 and 6322, and bearing materials such as AMS 6444 (AISI 52100) and 6490 (AISI
M-50) have been built into the program as a function of temperature:

Modulus of elasticity

Poisson’s ratio

Density

Coefficient of thermal expansion.

These data are used in elasticity analyses and are user input items in the existing system.
6. External Moment

The improved program can take into account the effects of an externally applied moment,
which is a direct input item. The parent version of this program could handle misalignment only.

7. Roller Bearing Fatigue Life Optimization

This new program features an improved roller bearing optimization system which is capable
of providing the roller bearing geometry for maximum fatigue life. The existing bearing
optimization system has been expanded to include an oil flow optimization scheme and a scheme
for the determination of a single roller flat length/crown radius combination considering all
operating conditions. These are detailed in the following subsections.

a. Oil Flow Optimization

The optimum oil flow is defined as the minimum amount of oil that must be supplied to the
bearing sc that neither the bearing ring temperatures nor the exit oil temperature ever exceed a
predetermined level. Values of each of the following criteria are defined by the user:

Maximum allowable change in oil temperature

Maximum allowable temperature difference across bearing rings
Maximum allowable ring temperature above oil-in temperature
Maximum allowable ring temperature.

The optimization system is applicable to both regulated and nonregulated oil supply
systems. The regulated oil supply system is one in which the oil flowrate rises as the high rotor
speed increases, until it reaches a predetermined cutoff level and it is maintained at that level
thereafter. For the nonregulated oil supply system, the flowrate is dependent upon the high rotor
speed, and consequently the flowrate determination is more complicated than for the regulated
system. Determination of the required oil flow for each operating condition (O/C) involves an
iterative process. After the required oil flow for each of the anticipated operating conditions has
been determined, the largest value of these flows is then taken and rounded-up to the next higher
0.25 ppm for proper selection of the oil pump. Ring temperatures for that iteration are then
calculated for each operating condition and subsequently used as input into other routines of the
overall optimization program.

b. Roller Flat Length/Crown Radius Optimization

The optimum roller geometry defined within this analysis is one which allows the bearing
to achieve a maximum theoretical B,, fatigue life without violating any design criteria. The two
roller parameters which are varied in order to achieve the optimum life are the roller flat length
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and the roller crown radius. The two design criteria, either of which must not be violated, are a
maximum allowable normal stress level at the intersection of the crown and corner radius and a
maximum blend angle at the intersection of the flat length and crown radius.

The use of these two design criteria is illustrated in figure 8. For a specific set of operating
conditions and roller diameter, the largest roller flat length will yield the highest fatigue life.
However, as the total load on the roller due to the combination of external and centrifugal loads
increases, the contact area between the roller and raceway surfaces extends into the intersection
of the crown and corner radius. Contact at this location is undesirable since the presence of a
stress riser at this point is possible. The addition of misalignment accentuates this problem. In
a similar manner, a blend-angle criterion relating acceptable flat length/crown radius
combinations avoids building another stress riser into the roller contour at their intersection.
Since contact at the crown/corner radius intersection might occur only during a small fraction of
the entire flight cycle, the program allows edge stress levels there up to a user-supplied limit for
each operating condition. The loading conditions for each O/C, along with its particular edge
stress limit, will then determine the best flat length/crown radius combination for longest life.

BLEND ANGLE
VIOLATED

OPTIMUM
810 LIFE

INCREASED
FLAT LENGTH

OPTIMUM ROLLER
FLAT LENGTH

EDGE STRESS LIMIT
\ VIOLATED FOR GIVEN
\ OPERATING CONDITION

\\/.

BEARING B, LIFE

BLEND ANGLE
CRITERIA
VIOLATION

OPTIMUM ROLLER
CROWN RADIUS

"4

CROWN RADIUS

Figure 8 Roller Flat Length/Crown Radius Optimization
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SECTION V
DEVELOPMENT OF THE DYNAMIC SIMULATION AND PREDICTION SYSTEM

Previously established design systems used for aircraft mainshaft engine roller bearings
have been primarily based on the analysis and a corresponding computerized analytical design
system developed by A. B. Jones.? The program was based on a quasi-static treatment of the
elasticity problem; that is, the dynamic load due to orbiting of the rollers was added to other
static loads in the determination of the distribution of the stress field and deformation at the
contacts between the rollers and the raceways. The results are then used to determine bearing life
in accordance with the fatigue life model correlated by Lundberg and Palmgren.® This approach
has proven to be adequate for designing bearings for operation in low to moderate DN ranges
where the basic failure mode has been identified as that due to rolling contact fatigue. Bearing
life, according to this model, is relatively insensitive to detailed variations in roller and raceway
geometry.

As gas turbine engine sneeds and shaft sizes increase, some of the “secondary’ factors —
such as roller unbalance due to manufacturing imperfection — that have previously been
considered negligible in their influence on bearing performance have become a primary cause of
bearing failure. Data accumulated from both service engines and development testing indicate
that roller end wear, caused by roller skewing and skidding, is the major cause of the roller
bearing failure. This condition will be further aggravated in advanced engines because of higher
DN levels. Currently, skidding is considered to be of secondary importance in comparison with
roller end wear since the bearing skidding problem has been under reasonable control through use
of the multipoint preload system pioneered by Pratt & Whitney Aircraft in the early 1950’s. In
contrast, the phenomenon of roller skewing has not been thoroughly investigated. The current
thinking is that roller skew is a dynamic phenomenon. It may be the result of transient or steady
dynamic motion in response to mass unbalance of the roller, instabilities of rollers in the cage
pocket, or instabilities of the cage itself.

After examining a long list of geometric, dimensional, tolerance, quality and operational
parameters which may influence and control roller skew, it was concluded that the existing quasi-
static analysis is not adequate and it is believed that a relatively comprehensive dynamic analysis
is required. The objective of this work is therefore to develop an analytical simulation and
prediction system to determine the transient and/or steady-state motion of the bearing
components, their interactions, and their effect on bearing performance. The work accomplished
thus far is reported in this section.

A. BEARING SYSTEM DYNAMICS

The motion or the rollers is due to the action of a complex force/moment system as shown
in figure 9. This system includes:

o Elastohydrodynamic (EHD) traction force from the inner or outer race

® Inertia, or centrifugal force, due to orbiting of the roller mass center

@ Inertial force due to rotation of an unbalance mass in the roller

® Rolling friction due to elastic hysteresis at the inner and/or outer race contact
® Aerodynamic drag force due to motion of the roller in an oil-mist environment

® External loading transmitted through the roller/race contact
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e (Gravity force due to roller’s own weight
® Reaction forces from the walls of the cage pocket
® Reaction forces from the roller guide flange

¢ Fluid shear drag.

OUTER RACE

CENTRIFUGAL

N/

FLUID DRAG

CAGE

FLUID DRAG

ROLLING

- FRICTION
UNBALANCE

INNER RACE

Figure 9. Roller Force and Moment System

Similarly, a bearing cage is also subjected to the combined effect of a force/moment system,

as shown in figure 10, which consists of:
® Hydrodynamic force from land riding surface of the raceway guide flange
® Inertia force due to whirling of the cage
® [Inertia force due to the rotation of an unbalance mass in the cage
® Aerodynamic drag due to motion of the cage in an oil-mist environment
® Reaction forces from the rollers

® Fluid shear drag. 97




UNBALANCE

CENTRIFUGAL

ROLLER

FLUID DRAG

FLANGE ROTATION

Figure 10. Cage Force and Moment System

It is apparent that the motion of each of the rollers is affected by that of the cage and vice
versa as a result of forces and moments transmitted through various interfaces. In a loaded
bearing, an individual rolling element and the cage may take turns driving each other. This
motion may result in intermittent contact between the moving elements. Intuitively, the
contacting process may involve one or a combination of the modes listed below and shown in
figure 11.

Hydrodynamic contact occurs when the rollers are far enough away from the wall of the cage
pocket so that a hydrodynamic oil film is maintained at the interface.

Elastohydrodynamic contact always exists when the contacting surfaces are extremely close
and the pressure generated in the interposed lubricant film is sufficient to cause simultaneous
elastic deformation of the surfaces.

Elastic contact is the contact mode when the approach velocity is such that contact occurs
before the lubrication film has sufficient time to develop or when the roller forces are large enough
to break through an existing oil film.
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Figure 11. Roller/Cage Contact Criteria

Furthermore, the motion of the rollers and the cage also interacts with the ambient fluids.
Determination of the roller and cage motion thus requires simultaneous solution of their
respective equations of motion.

B. GENERAL APPROACH e

The approach used to account for the various interactions between the cage, rollers and the
shaft are summarized below.

The interaction between the cage and the inner ring is mainly at the interface between the
cage and the guide flange land riding surface. The analysis given in Section V.C.1 is used to
determine the force acting at this interface.

The rollers interact with the races at three locations in the following manner:

e KHD contact at the inner raceway surface
® EHD contact at the outer raceway surface

® A more complex contact mode between the roller end and the face of the inner
ring shoulder.
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For the inner and outer raceway surface contacts, the analysis presented in Section V.C 4 is
applicable. For the roller end/guide-flange contact, a finite element hydrodynamic model
described in Section V.C.3 and an elastic contact model described in Section V.C.5 have heen
developed. An EHD contact model for this interface remains to be developed.

When the roller motion is restricted by the guide flange. various modes of contact can occur
between the rollers and the sidewalls of the cage pocket. The forces involved are assumed to
originate predominantly from either hydrodynamic contact, analyzed in a manner similar to that
of the finite element model discussed in Section V.C.3, or pure elastic contact as treated in
Section V.C.5. Interaction between the roller and the cage in the circumferential direction is
determined by the models developed in Sections V.C.2 and V.(C.5.

As mentioned earlier, determination of the contact forces is normally accomplished in a
reference frame where the computational processes are the simplest. Consequently, these forces
need to be transformed into the reference frames where the respective equations of motion are to
be solved. This process is further complicated by the fact that, for a given roller, computation of
the contact forces is highly dependent upon the relative positions and velocities between the
contacting surfaces. These velocities and positions must then be transformed into the working
frames of reference.

There are about 30 rollers in a typical aircraft engine mainshaft roller bearing. The complete
dyvnamics problem is, therefore, described by 180 second-order differential equations for the
roller, together with another 6 similar equations for the cage. These 186 differential equations are
reduced to 372 first-order nonlinear differential equations of time-dependent coefficients and.
naturally, forcing functions. This set of coupled nonlinear differential equations with prescribed
initial conditions is solved simultaneously at each instant in time in this program by means of a
modified Hamming's predictor-corrector method.”

Before one can solve the relevant equations of motion for both the rollers and the cage. it is
necessary at this point to develop the various analytical models to be used in determining the
force/moment system acting on these components. Development of the basic models is given in
the next two subsections.

C. DEVELOPMENT CONTACT MODELS

In order to fully describe the motion of the cage and rollers, it is necessary to develop
analvtical models that account for the forces and moments generated at the interfaces between
elastic or fluid film contact surfaces. The fluid film contact models considered thus far in the
present analysis are illustrated in figure 12. These models are:

Hyvdrodynamic contact at the cage/flange

Hydrodynamic contact at the roller/cage pocket interfaces
Hydrodynamic contact at the roller end/guide flange interfaces
EHD contact at the roller raceway interfaces.

Further, it is intended in the future to develop EHD and/or boundary lubrication models to
accompany the hydrodynamic model for the roller end/guide-flange interface. This subsection
will discuss the various analyses used to establish these models and outline the methods by which
the differential equations have been derived and solved.
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Figure 12. Fluid Film and EHD Contacts

1. Cage/Flange Hydrodynamic Contact Model

(C‘ontact between the inner surface of the cage and the outer surface of the inner ring, i.e.,
the film riding surface, is generally hydrodynamic in nature. The cage/flange load system shown
in figure 13 is a two-dimensional illustration of the problem. The hydrodynamic problem can be
analyzed most readily by assuming that the technique developed for solving the short journal
bearing problem applies. In this case, the journal (inner ring) and sleeve (cage) are hoth free to
rotate and translate linearly, whereas the shaft has its motion prescribed. The short journal
hearing assumption is valid due to the very small ratio of cage land width to inner ring land
diameter. For example, this ratio is less than 0.03 for the 124.4 mm test bearings to be evaluated
under this contract. Referring to figure 13 again. the general governing equation for the lubricant
film was first derived in the local reference frame x" v’ z'. Using standard notation:

A h? .‘up) e ( h? np) o T s ¢ _ ah .
eal 12 ) ~ 2ax ort U h o o
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where

h fluid film thickness = C(1 + ¢ cos #), in.
p pressure, psi
u viscosity, Ib,-sec/in.?

U, surface velocity at the cage bore, in./sec

Ui velocity at the flange film riding surface, in./sec
(8 clearance, in.
¢ — eccentricity ratio

and with boundary conditions that

at z E i P = Pa (44)
0
v
H
CAGE
(0]
g (o) z
F)(
3 \(
¥ e
I.LR. FILM

RIDING SURFACE ¢

Figure 13. Coordinate System for Cage/Land Hydrodynamic Contact Model

For the present system:

= (45)
YA X

In polar coordinates, which are more convenient for analyzing the present problem,
Equation (43) reduces to:

A h? ,‘up) 6 0 s 1 5 ih N
—|7< —HM_'/'_ R (U. + Uy h 12 3 (46)
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At this stage of the development. we further assume that:

® The fluid film is isothermal
® The film thickness is independent of z'.
——l"
It should be pointed out that any deviation from the above assumptions would require a
considerably more sophisticated analysis which is beyond the scope of the present work.

Equation (46) can be integrated and, together with the boundary condition, Equation (44),
vields:

3u (X cos # — Y sin 6) < - __’_)

P~ Pa h* (R/C?) 4 kTl
where

X = —(1 + ecos @) 2—: s ¢ %S:i sin ¢ - 2%% (48)

Y = —€e(1 + ecosb) %{i = L;:— sin f + ¢ % (we + wig) (49)

The pressure profile given by Equation (47) has a subambient region in the circumferential
direction. The exact location and the extent of the subambient pressure region depends on the
relative velocities of the moving components. The common practice, which is adopted here, is to
ignore the negative pressure region. This is consistent with the general observation that the
tensile strength of lubricating oil is negligibly small and cavitation will occur before significant
subambient pressure can be generated.

Let #, and 6, represent respectively the angular locations of the beginning and the end of the
noncavitated region. The force components resulting from hydrodynamic pressure can be
obtained by integrating Equation (47) over the positive pressure region, namely.

o,
= S p* 1 _Xcosf — Ysing I sin g |
| :,h o' = 2C 4 (1 + € cos #)? ' cos g ! dé (50)
The shearing stress at the cage bore is
U U, B 1 &
v e e ) B
and the resulting force components are computed from
2 % | }
‘ l;:ru ) .| | [ u(wg — w) R2 Th‘ _ﬂ)_] : cos 0 v dode (52)
v h 2 o —sin 6
e B,
The torque induced by fluid friction is given by
2 6
g i ( &) : {
To= ) | [ plop_w) g B i'i} Rd#dz (53)
/2 0 h 2 o
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2. Roller/Cage Hydrodynamic Contact Model

The rollers interact with the cage at four places — at the two fore and aft cross-bar surfaces
and at the two side pocket walls. Contact between the roller ends and the sidewalls of the cage
pocket will be handled by the finite element model formulated in Section V.C.3. As for the other
contacts, one may adopt the infinitely long bearing assumption to simplify the generalized
Revnolds equation. This approximation is acceptable for the present problem since the roller
length is substantially larger than the circumferential extent of the hvdrodvnamic film at the
roller/cross-bar interface. This reduces the problem to that of determining the pressure and shear
distribution hetween a cylinder and a plane. For the case at hand it is desirable to take into
account the tangential and the normal relative velocities between the cage and the roller.
However, the solution for this particular problem is not available from the literature and is
developed herein to satisty the needs of this program.

Referring to figure 14, the simplified Reynolds equation in the local coordinate svstem is:

o
s U.»ﬂ = 12 (V, -~ V) (54)
X M 1), ¢
where
U,, U. = velocity components of the roller and the cage pocket wall, respective-

ly, in the x’ direction

V.. V. = velocity components of the roller and the cage pocket wall in the v
direction
h = h(x’, z,t) = film thickness
TR —_—
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Figure 14. Coordinate System for Roller/Cage Hydrodynamic Contact Model
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The boundary conditions are:

at x x'. (film rupture) = 0
P = Pa (HH)
>4 () (entrance) p Pa

Solution of Equations (54) and (55) is, in dimensionless form

n — ——— n
' L el i T 9 ¥ ALt
" 66 ][ ’ L% 2 o fonl@ ¥em AL o (sh)
(1 + 6)? s [ . (1-p?)= “2 R 1 (1 ) | 2
1+6 140

where the integration constant, C, is determined by the boundary Equation (55). The
dimensionless variables are defined as follows:

P e (p — prl) hmln

M @Wr Rr
= x'
n Rr
(5 L hmln
R,
B (U, + U,)
0 = e e
M-V
e Wr Rr

The net force components acting on the cage are obtained from the following relationship:

.
Fn = Liéﬁf—l-‘— J  Pdy (57)
No

The corresponding tangential force due to shear can be evaluated approximately from

P = uw R L r [ U +V 1-9¢ (1+a)2< g ﬂ‘ﬁf) dl’} E——
" 1+6 (1-n)" 2 146 U R B
1+6

o

In general, the pressure-induced term in Equation (58) is negligible as to the pure shear
term. Thus, considering the shear term only simplifies this equation as follows:

. ER——
pie b Ue —n?
Foa b R, L | { V1 nz dn (59)
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When the roller skews in the cage pocket, as shown in figure 15a, the film thickness along
the roller face is no longer constant in the local axial direction. A nonparallel condition would
result in a restoring moment being applied to the roller, in addition to the force system, due to
a shift of the center of pressure in the oil film. This situation can be treated approximately by
dividing the roller into a number of axial laminae, each with an equivalent film thickness. as
shown in figure 15b and applying the long bearing solution to each of these laminae. The total
skewing moment is then

M
M, - L | P (60)

t=1

@
T ®

Hy | Fy

O

hM' FN

M

NORMAL FORCE & RESTORING MOMENT

(A) (B)

Figure 15. Treatment of Skewed Roller

The total force is found by summing the force contribution of each lamina, i.e.,

[ Fu v [ g | :
]F,}'%1F'I )

Ti
3. Roller/Flange Hydrodynamic Contact Model

Roller tracking control is critical for high speed applications. The roller guide flanges must
limit roller centerline skewing without causing excessive contact forces on the roller end surfaces.
Experimental studies conducted at Pratt & Whitney Aircraft have identified eccentric roller end
wear as one of the primary failure modes of roller bearings operating at high DN levels.
Experimental and analytical results recently obtained suggest that this type of failure is most
probably a result of dynamic interaction among the contacting bearing components. The studies
also show that mass unbalance in the roller, due to manufacturing imperfection, can promote
roller skewing, while a properly designed guide flange may generate sufficient fluid film stiffness
and damping to limit the amplitude of the roller skewing motion. This supports the belief that a
better understanding of the characteristics of the oil film at this interface is required.
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Intuitively, it seems paossible that the mode of contact at the roller/guide-flange interface,
illustrated in figure 16, could be either hydrodynamic, elastohydrodynamic, or purely elastic in
nature. However, an analysis for either of these problems is not currently available and
development of a representative, yet tractable, analytical model is a major undertaking because
of the extreme complexity of the associated geometry and surface motion. A finite element model
has been developed to represent the hydrodynamic contact problem as a first step towards the
goal of acquiring some understanding of the lubrication mechanism at this interface. This tvpe
of analysis is ideal for the present situation because it can be developed in such a manner as to
include the effect of surface motion in three dimensions, as well as providing the capability for
handling the complex geometry and fluid film distribution caused by the guide flange layback
angle, the compound or higher order surface, and roller skew.

Neglecting the effect of body forces, and assuming no surface diffusion since the subject
bearing is not permeable, the generalized Reynolds equation can be reduced to the following
vector form: .

V( hsﬂ VP) ¥ ety +-2L (62)

12 at
where

7 I)(r + ]x oy er + \'7)( g5 = ¢
Utl__éLH__Q__'_J =U, T +U, j (63)

and i, j are unit vectors in the local coordinate system. The general boundary conditions are

P = Pa on S, (64)

h2 .
V p> ©n on S, (65)

~hlU
Q h(l o

in which S, and S, represent, respectively, where the pressure or, the flow boundary condition
applies and n is the unit normal vector of the boundary surface.
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According to the variational principle, the solution of Equations (62) through (65) is the
function p that satisfies the pressure houndary condition and minimizes the functional:

I(p) ,|‘ [( b v.p hl?) V P +

2y

ih
ot

]’-{ da+ | QPds (66)
a Nq

where “a” defines the domain of the system or the element as the case may be. Equation (66) can
he discretized by introducing finite elements of polygonal shape in the solution domain. In the
present analysis, a most elementary three-node triangular element, as shown in figure 17, has
been selected. The discretization process involves the development of expressions within each
element for the pressure and other forcing functions in Equation (66) in terms of the interpolation
function:

a + bix + ey

T
ks 2A

i=1,2,3 (67)

where the coefficients a;, b, and ¢, are functions of the nodal position and A is the area of the
triangle. One may now formulate the variables such as p in Equation (66), in standard finite
element method notation, as:

3
p = [N} {p} = Z N, p, (68)
I=1

Substituting Equation (67) into Equation (68), and similar expressions for other variables
in Equation (66), and minimizing the functional for one element, one obtains, after rearranging
the terms, a set of element equations of the form:

[K,l ot = fal = [Ko | U — [Ky ] UG = [Ky] thi (69)

The K's in Equation (69) are 3 X 3 matrices and the variables are 3 * 1 column matrices.
Furthermore, the coefficients in Equation (69) are often quite complex, e.g.:

3 ; , . .
R ‘ h ( aN, aN, A aN, n.N.> da (70)
Y 12u ax  ax y ay
= | QN ds (71)
8q
aN, =
K, ] h =N, da (72)
x1) ax
. I.N' o
Ky | h =N, da (73)
3] "y
Ko, I N, N, da (74)
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The finite element model developed for the entire fluid film region then requires one to
assemble the preceding equations for a discrete element into a system equation. This, together
with appropriate boundary conditions, fully defines the pressure at each nodal point. The normal
or tangential forces and the location of the center of pressure are symbolically given by:

Fv = | px,y) dA (75)
A
. § I,. h

F.= ) & —(ui+vi)| dA (76)

and

\ = p (x, y) dA
v

[ o etk . (77)

<t P
>

where A indicates the domain of the system.

Equations (75), (76) and (77) fully define the force and moment system acting on the end
of the roller and, locally, on the flange.

4. Roller/Race Elastohydrodynamic Contact Model

Contact between the roller and the race is elastohydrodynamic (EHD) in nature, as reported
hy numerous authors, such as Dowson and Higginson®, on this subject. In order to select a
suitable model to account for this effect, Pratt & Whitney Aircraft Group has enlisted the
expertise of Battelle Columbus Laboratories (BCL).

a. EHD Film Thickness Model

Battelle Columbus Laboratories reviewed the EHD film thickness models available from
the literature and recommended the use of a model, correlated by Loewenthal, Parker and
Zaretsky' as follows:

F{ K, ('}aez p“ 0.22 ba (78)
where

H - normalized minimum film thickness = h,,, /R’

2 : 1 1 ) L
e = 7 s — — + — " g
R equivalent radius ( R, R, in

P, normalized maximum Hertz stress, P,/E’
. AL L=y 1 . L
E reduced modulus of elasticity = ( Tt | ‘72 ) . psi
7E, 7K,

U = normalized speed = p, U/E R’
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U = mean surface speed, in./sec
K, = empirical lubricant constant
$. = stress factor = Py (150 — 2750 Py,) + 0.806

Equation (78) was developed from experimental data obtained for several fluids. For Type
Il ester, the constant, K,, in the above equation has a value of 18.2 according to Loewenthal, et.
al.' For Type I lubricant, the value of K, is not available from the open literature and therefore
is a user-supplied item. In the event that the user does not have any information on the value of
K, for Type I oil, then the value of 10.9 is recommended. Cheng® and Wilson ' have developed an
additional factor, defined as ¢, to account for large inlet heating effects; however, it was found
that results computed from Equation (78) agree reasonably well with test data if, and only if, the
thermal reduction factor was not included in the computation. As a result it was decided at this
juncture to exclude this factor from the present model.

b. EHD Traction Model

An indepth review of existing EHD traction models, as summarized by McGrew, et. al.'!,
was made by P&WA and BCL. It was observed that although the models proposed by various
authors seemed to yield reasonable agreement with experimental data. the agreement is usually
limited to a narrow operating range or to a specific bearing design or to a specific lubricant tvpe.
Furthermore, the models are generally complex and require numerical integration across the
contact region. Such a numerical integration scheme would undoubtedly increase the required
computational time because of the large numbers of EHD contacts in a roller bearing. For reasons
of computational efficiency a closed-form solution was sought. Battelle Columbus Laboratories
suggested that the following model developed by Kannel and Walowit'? is probably the simplest
available that still provides an acceptable solution:

u, e Au| sinh' A

A B i (79)
where
u, = reference viscosity at ambient pressure, b -sec/in.?
« = pressure-viscosity coefficient, (psi) !
Au = relative surface velocity, in./sec

A = (—L———-"ée“p ) i Au

8K
6 = temperature-viscosity coefficient, (F) !
K = lubricant thermal conductivity, Btu/sec-in.-F
P = mean Hertzian pressure, psi
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The traction force per unit contact length is represented by

Fy ; rdx (80)

where a = Hertzian half-width

Further examination of Equations (79) and (80) and comparison of calculated results from
these equations with previous P&WA in-house experimental data indicates that this model is
applicable to the low-slip region only.

[t was concluded, therefore, that a practical and more reliable means for obtaining KHD
traction forces over a wider range of bearing design and operating conditions would be a svstem
that would permit direct interpolation/extrapolation of the available experimental data. Since
the EHD traction force, as presented in various articles ' '3, is basicallv a function of four
variables (rotational speed. slip velocity, contact pressure, and temperature). a four-dimensional
interpolation scheme was therefore developed. A linear interpolation method has been adopted
for use with the BCL/P&WA data as the basic input. The computer program is flexible enough
to permit the inclusion of any additional user-supplied data as desired.

5. Elastic Impact Model

It is assumed that impacts between the roller and the cage, as well as between the cage and
the inner ring, are purely elastic in nature with no corresponding loss in energy.

The force-deflection relationship is then of the following form:
P = c¢co"

The classical impact theory gives the maximum deflection 4, and the duration of impact t

- l
) n+ 1 Hor m, m, n+1
om - - (81)
( 2 my -+ 1,
1
t 20 | de : (82)
Vo (1 2

Equations (81) and (82) are used to adjust the time step of integration when any one or a
number of rollers are in contact with the cage.
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D. DEVELOPMENT OF DYNAMIC MODELS
1. Cage Dynamics Model

As noted earlier, the motion of a bearing cage is subjected to the influence of a very complex
force system.

The forces considered in the present analysis are illustrated in figure 18. These consist of:

® Fluid pressure and shear forces generated at the cage/flange interface
® [luid and/or elastic forces at the cage/roller interface
® (iravitational force
® [/nbalance force
® [nertia force.
WC

UNBALANCE

INERTIA

/ FORCE \
CAGE/FLANGE

/ FLUID SHEAR

e \\\

CAGE/ROLLER
FLUID PRESSURE

FLUID PRESSURE
Figure 18. Force System for Cage Dynamics Model

With these forces supplied by various models developed in the preceding sections, one may
proceed to derive the equation of motion for the center of mass of the cage.

a. Coordinate Systems and Transformations

In the analysis of problems related to dynamic systems, it is important to select a coordinate
system in which the physical problem considered can be formulated mathematically with the
least degree of computational complication. Quite often this depends upon the relative

complexity, in terms of the number of computations, between the inertial acceleration terms and
the forcing functions in the evaluation of the pertinent equations of motion.
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For the cage problem, the coordinate systems selected are shown in figure 19 in which the
XYZ coordinate system is the absolute inertial frame of reference, the X'Y'Z' coordinate
represents a translatory frame of reference with its origin fixed at the center of mass of the cage,
O.. and its axes are always parallel to the inertial frame. The X .Y Z, frame, however, is a body
frame of reference with its origin fixed at O.. This coordinate system is chosen such that the axes
X.. Y., Z, are also the principal axes of the cage and are rotating (u;:fthﬁ with the cage at an

angular velocity, w., with respect to the inertial frame. Vectors i.._i..k and I, J, K are the unit
vectors in the X.Y.Z. and XYZ/X'Y'Z frames respectively.

UNBALANCE

Figure 19. Coordinate Svstem for Cage Dynamics Model

The transformation from the body frame X, Y, Z,. to the inertial frame XYZ is defined by the
Euler angles ¢, 6, ¢ as shown in figure 20.

In mathematical form, one has

IXct = ol [0yl | XY (83)
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where the column vectors {X'} and {X.| represent, respectively, the coordinates of a point in the
XYZ and Z .Y .Z. system, i.e.

X’ X
X4 =) Y (and x| = Ye (84)
Z :

Figure 20. Eulerian Coordinate Transformations

The transformation matrices [¢.], [6.] and [{] are given by

1 0 0
loe] = 0 COS. sing. (85)
0 —sing. cose.
cosf.. 0 —sinfl,.
[6.] = 0 1 0 (86)
- sind. 0 cosf,.
cosy siny. 0
(¥l siny,.  cosy, 0 (87)

- 0 0 1
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The relationship between the angular velocities of the rotating frame X,Y,Z.. and hence the
cage, and the stationary frame XYZ or the translatory frame X'Y'Z' is

:v = [T,] g) } (88)
Wy \p’u

The transformation matrix |T,] is

1 0 sinf,
FE.} = 0 cosp. cosf. sing, (R9)
0 —sing. cosfl. cose.

and the inverse relationship is

¢e W
f. = [T} Wye (901}
Ve Waze

b. Equations of Motion

The motion of the cage center of mass is governed by the following equation

iR, .
ddtzl =, 91)

M.

where R, is the position vector and the forcing function F, is given by

F. P( flange t F1 unbalance R Fr roller t F.‘ eravity t F. others “)2)

In the above equation, F, (.. represents the hydrodynamic normal and shearing forces
generated at the cage/flange interface as indicated in figure 18. This force is evaluated in an
intermediate rotating frame with one of its axes passing through the center of mass of both the
cage and the shaft section in the following sequence, e. g.

|< o F. i+ Fu ] + F, k' Local (93)
ﬁ Coordinate System

Fe tiange = Frun dc + Frig jo + Foy k. Cage (94)
; Coordinate System

B, e = P 34 Froz J 4 T Inertial (95)

Coordinate Svstem

The force F. | hunee due to a concentrated unbalance mass is given by

P snbmingee (96)
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where subscript “i"’ denotes quantities associated with the it" unbalance mass. Since the position
vector r;, of the unbalance mass, m,, in the cage coordinate system is constant, the acceleration
term can be expressed as follows:

d*R,,  dR, de, St e
: :; + w. ) 97
de? de? B F TR e Xk 97)

Furthermore, both . and r,, which are normally expressed in terms of unit vectors in the local
cage coordinate systems, need to be transformed into the inertial coordinate system before
separating Equation (97) into component form.

The roller force F:.,,..,, is to be determined simultaneously withﬂle roller dynamic analysis
and the associated contact models, while the generalized force field F. .., is reserved for future
development to account for other forces not included in the present analysis. The gravity force
Fo iravity 18 simply

- -

Fr gravity M(' FI '] (()8)

This force is very small as compared to other forces except when the cage is under initial
transient operation.

The equations of motion for angular motion are desired in the cage fixed frame, X .Y Z..
which is also the principal axes system of the cage. The equations are therefore

dh,. - :
= + we X hee = M, (99)

dt x., v, z

where the subscript ,. denotes quantities defined in the cage frame and

h,. = angular momentum of the cage
M,. = net moment acting on the cage
= Mf fange 15 M(* unbalance t M‘. totier T M(' other (100)
In component form, Equation (99) reads
dw.
Kos ~:T— M. + (I, ~ L) wey wes
dw.y
. T Moo o (ks — Iis) wap iy (101)
duhz
) 1N s Mu + Ua — Lyl i @y

Equations (91), (99) and the extremely complicated forcing functions are solved simultane-
ously with the applicatigggfthe modified Hammings predictor-corrector method. Note that the
numerical procedures and final presentation of the data also involve frequent multiple
transformations of the variables and coefficients from one coordinate system to another.
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Development of a computer program, CADYN, based on this analysis is basically complete.
The program was developed for analyzing the six-degree-of-freedom cage motion. The in-plane
motion portion of the program has been fully debugged and is completely functional. Debugging
of the six-degree-of-freedom version has vet to be completed.
CADYN, as it stands now, can nevertheless be used to establish
® Basic cage geometry
® [ubricant requirements

® Allowable cage unbalance

® Required rating of the lubrication system oil filter based on the oil film
thickness.

CADYN can be used to predict the transient dynamics and steady-state motion of the cage
so that stable operation can be maintained at the cage/land interface, and the minimum oil film
thickness can be ascertained for compatibility with the rating of the oil filter selected for
minimum wear. Thus the development of CADYN represents a significant achievement, since
traditionally bearing cages have been designed without any consideration of cage dynamic
performance.

2. Roller Dynamics Model

The force system acting on a roller is even more complex than that acting on a cage, as
clearly indicated in figure 21. The forces considered in the work completed thus far are

® Hydrodynamic fluid pressure and shear generated at the roller/cage interface
® Hydrodynamic fluid and/or elastic forces at the roller/flange interface

® EHD forces at the roller/inner race and/or roller/outer race interface

® (ravitational force

® Unbalance force

® [Inertia force.

Components of this primary force system are computed from various models established in
the other sections of this report.

a. Coordinate Systems and Transformations

The coordinate systems selected for analyzing the roller dynamics problem are shown in
figure 22. Similar to the cage coordinate system, the local coordinate xyz is a roller body frame
of reference with its origin, O,, fixed at the center of mass of the roller. Angular motion of the
roller is to be analyzed in this reference frame. However, the translatory motion of O, is to be
determined with a cylindrical coordinate system, R.,§,Z,, which is rotatiug with an angular
velocity #K in the inertial reference frame. The position vector for O, is

R, RL+ 2K (102)
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Figure 22. Roller Coordinate System

The Eulerian transformations of the X,Y,Z, frame into the XYZ. and the X'Y'Z' frames are
similar to those given in Equations (85) through (87). The relationship between the time
derivative of the Eulerian angles and the angular velocities of the roller, and therefore the X,Y,Z,
frame of reference, expressed in terms of the local coordinate system, is similar to that given by
Equation (90). Expressions for these functional relationships are therefore omitted here for
conciseness.

b. Equations of Motion

Referring to figure 22, the translatory motion of the center of mass of the roller, O,. is

d?* R, .
LI 3 (103)
dt? :

M,




With the aid of Equation (102), the left-hand side of the above equation becomes

I R, « i SR e e
—(FL = (Rix — R 09 Iy + (R0 + 2R 0) Ty +Z K (104)
C
The forcing function in Equation (103) represents the net force acting on the roller and is of
the following form:

Frk = Fnk cage o Frk flange + Frk iuner race T Frk outer race (‘()S)

.
t Prk gravity t Frk unbalance + Frk other

Almost all the forces shown in the above equation are derived in some local coordinate
system. It is necessary to transform each of these forces, such as those presented by the first four
terms and the last term in Equation (105), from the coordinate system in which they were
computed into the rotating cylindrical coordinate system R6Z. This may require, at times, several
successive transformations of the variables in question. The gravity force is given by

Fix wavity = Mk g (—cos 6 [:k + sin 6, l,;k) (105)

The expression for the unbalance force, F:,k unbatance 18 slightly more complicated. Let M,
denote the jth unbalance mass in the kth roller and r; , and R, , its position vector in the roller
body and the cylindrical frame respectively. Then

ik -

> d? R,

Flk unbalance Z m i —'(Tzl'k_ (107)
[}

Since R,x = Ru + i and both R, and r,, are in their respective rotating frames, the
absolute acceleration in Equation (107) becomes rather complicated, i.e.

d? R, PRy g . : )
- I ae 4 @k X Trx + Wk X (Wrk X Trggd) (108)

The differential equations governing the angular motion of the rollers are derived in the
roller frame and are similar to Equation (101), namely:

Irkl g’%}' o Ml’kl + ”rky i Irkz) Wrky Wrkz
Ly, S8 oM.+ G~ T (109)
rky dt o rky rkz rkx) Wrikz Wrkx .

d w
lrkz k2 = Mrk7 T (Irkl i 'rky’ Wrkxy Wrky
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The moment components M,.,, M,.,, and M, represent the net contribution from the
v

following:

EHD film at the inner or outer race due to misalighment

EHD or hydrodynamic films or dry contact reaction from the foller/flange
shoulder interface

EHD and/or hydrodynamic film, similar to those above, from the foller/cage
pocket interface

Mass unbalance

Others.

Note that, again, these moments are computed in the local frame of reference and that they
have to be transformed into the roller body frame before one may proceed to integrate these
equations. The details of these transformations are not presented here due to their unusual

length.
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SECTION VI

COMPUTER PROGRAM DEVELOPMENT — TASK |

A. GENERAL DESCRIPTION

Development of the overall roller bearing design and simulation system is progressing
smoothly. Updating or development of the following computer programs is practically complete:

® Quasi-static analysis computer programs
® Fluid-film contact simulation computer programs
® Transient and steady-state cage dynamics prediction computer programs

These programs can now be used independently in bearing design.

The roller dynamics program, RODYN, and the systems dynamics program, SYSDYN,
have been developed in their basic forms and are currently being refined. The general philosophy
adopted in the development of the programs is that user convenience is considered to be of the
utmost importance. Emphasis is being placed on a number of user convenience-related factors as
described in the following paragraphs.

1. Modularized Program Structure

Motion of the rolling elements and the cage is dictated by a complex force/moment system.
Accurate prediction of these forces and moments requires an in-depth understanding of
interdisciplinary engineering subjects such as elasticity, dynamics, heat transfer,
thermodynamics, fluid mechanics and tribology. Many of the subjects involved could demand
the work of one’s lifetime as the technologies are not available at the present time.

Under these circumstances, P&WA conceived and elected to develop the required computer
progams based upon a “modular” or “building block” concept. The basic thinking emploved is
to break up the entire program into a number of interacting computer ““modules.” Each module
is to provide information obtained from one of the analytical models which, in turn. is developed
according to the latest state-of-the-art in the related disciplines. In some instances it was found
necessary to develop an entirely new and original analysis not available elsewhere. The advantage
of employing this type of modular concept is apparent. Above all, this will permit one to update
the individual modules, as needed, to reflect technological advances and developments in a
specific area without having to change and sometimes disturb the entire system.

The entire program, hereafter referred to as TRIBO I, consists of various levels of computer
modules as illustrated symbolically in figure 3. The main program, TRIBO I, is a command
module which controls the flow of the entire program and the general input/output. There are two
major first-level management programs, STATIC and SYSDYN, controlling input/output and
computation related to the static and the dynamic analyses respectively. Each of these programs
is supported by a certain number of second-level management programs such as RODYN and
CADYN which are simulating, respectively, the roller and cage dynamics. These programs are
further fed by a cluster of lower-level management or working programs, and so on.

2. Partlal Computation
During the course of the investigation, it became apparent that because of the complexity
of the system, the computer time required to run the entire program in its final form may be as

high as several hours per case. It was decided, therefore, to structure TRIBO I in such a way as
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to allow partial computation. This was done in recognition of the fact that substantial cost
savings could be realized if some of the individual modules could be used independently to
provide preliminary design of the bearing components. The larger main computer program could
then be used to zero in on the final detailed design configuration of the bearing system.

The cage dynamics computer program, CADYN, for example, is one of the modules that can
be used to establish the basic cage geometry, lubricant requirements, allowable cage unbalance
and required rating of the oil filter.

3. Interaction with User-Supplied Systems or Data

Provisions have been made in the computer program to allow the user to supply certain
items. For example, the structural and/or thermal analysis of a bearing may require the use of
complex, large-scale computer programs such as those developed on the basis of finite-element
methods. The subject computer analysis allows interaction with such programs. The user may
also elect to supply externally generated data for inclusion in the program.

4. Internally Supplied Optional Programs

Because of the concern over the computer time required to run such a large scale program,
it has been the intent of this effort to develop subprograms based upon simplified or approximate
solutions for certain purposes such as the estimation of structural flexibility. The user may elect
to use either this option, or supply direct input of externally generated data, or connect this
program to another external program. The simplified analyses are found to be quite adequate for
most applications, especially during the early design stage of bearing development.
5. Computational Efficiency

[t is anticipated that use of the entire computer program will be relativelyv time-consuming
as a result of the complexity of the physical problem. One of the objectives is, therefore, to seek

acceptable approximate closed-form solutions to reduce computational time. This quite often
demands a compromise, as a balance is sought between accuracy and computational time.

6. Automatic Time-Step Adjustment and Cutoff

An algorithm is built into the program to select the best estimate of time steps to realize tast
convergence when integrating the dynamic equations of motion for the system or the components

7. User-Oriented Output

The user can also select presentation of the output in either printed or plotted form. Also,
the printed output can be obtained in a condensed summary form or in its entirety at the
discretion of the user.

B. PROBLEM SOLVING CAPABILITY

As mentioned previously, several of the subsections within TRIBO 1 are operational and
already can be used individually in the bearing design process.
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1. Static Program

STATIC is the overall quasi-static roller bearing optimization program. The program
capability has been discussed in the analysis section and is summarized here for completeness.
The program in its existing form contains the following features:

Basic elasticity analysis
Preload/out-of-roundness calculation
Ring and structural flexibility
Misalignment and-moment load
Built-in material properties

Built-in Type I and II oil properties
Static skew analysis

Roller optimization

0il flow optimization.

As a result of this effort, STATIC has become the most advanced and powerful roller bearing
design tool available to date. STATIC was employed to design the geometry of the basic bearing
used in the experimental test portion of this program.

2. CADYN Program

The transient dynamic and steady-state motion of the bearing cage is predicted by CADYN.
The in-plane motion portion of this program is fully operational. During the course of its
development, the uncoupled cage motion was checked against results available from the
literature as shown in figure 23. The agreement is extremely good. The six-degree-of-freedom
portion of the program is still under development. Nevertheless, CADYN, as it stands now, can
be used to establish:

L)

® Basic cage geometry

® [Lubricant requirements

® Allowable cage unbalance

® Required micron rating of the oil filter.

The objective is to ensure stable operation of the cage and maintain an adequate oil film at
the cage/land interface for minimum wear. Until recently, the bearing cages have been designed
by bearing manufacturers without any consideration of their dynamic performance.

Two examples are given here to illustrate the usefulness of CADYN. The basic bearing
assumed is a 124 mm bore cylindrical roller bearing. The baseline conditions assumed for these

cases are:

Ratio of Roller Diameter to Inner Race Diameter 1/9
(Cage Bore Diameter = 5.678 in.
Radial Clearance 0.009 in.
Cage Land Width = 0.140 in.
Initial Displacement in the X-direction - 0.000 in.
Initial Displacement in the Y-direction 0.799 in.
Initial Velocity in the X-direction 0.000 in./sec
Initial Velocity in the Y-direction = 0.000 in./sec
Cage Mass 0.4153 1b,,
Lubricant Viscosity 4.6 X 107 b-sec/in.?
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a. Example 1: Effect of Cage Speed

For these examples, the shaft speed is varied from 3.000 to 24,000 rpm and the cage is
perfectly balanced. The results corresponding tc this case have heen plotted in figure 24 which
shows that the cage analyzed will operate with a good sized minimum oil film of several mils up
to approximately 13,500 rpm. A further increase in shaft speed causes the minimum oil film to
drop abruptly indicating the onset of hydrodynamic instability. Experience from rotor dynamics
technology suggests that one should avoid operating rotating components under such potentially
hazardous conditions.

The results show that the minimum oil film thickness drops down to approximately 0.1 to
0.15 mil in the speed range of 16,500 to 24,000 rpm. This should prompt an assessment of the
adequacy of the system oil filter. The procedure to be used is to compare the minimum oil film
thickness in this range with the absolute rating of the proposed oil filter. Examination of figure
24 makes it apparent that a 2 um absolute filter is probably needed to ensure that dirt or wear
debris contained in the oil could pass through the oil film freely without causing cage wear.

There is some uncertainty about the validity of the theory in these extremely thin film
regions, e.g. whether or not the finite whirl orbit is indeed a limit cycle, or just a mathematical
solution which is not necessarily valid in reality. It is advisable therefore to redesign the cage
under these circumstances in order to minimize the risk. If it is not possible to redesign the cage
or prevent it from operating in this region, then an oil filter with the finest particle size rating
available should be used. Furthermore, operation of this bearing should be monitored very
closely.

b. Example 2: Effect of Cage Clearance and Unbalance

The effects of both cage clearance and unbalance were also studied to provide the design
engineer with information needed for selecting the proper cage clearance and establishing the
allowable unbalance level for stable operation of the cage so as to avoid undue wear damage. The
results plotted in figure 25 show that in general the cage minimum oil film thickness decreases
with increasing radial clearance. It is interesting to note that the rate of reduction for the 10-gm-
cm unbalanced cage is less than that for a perfectly balanced cage. Again, the data indicate that
a “super’ filter is needed to exclude dirt and wear debris that could bridge the oil film, causing
surface damage.

3. RODYN Program

Development of the roller transient dynamic and steady-state motion simulation system is
essentially complete. The program has been checked out for the case of an uncoupled single roller
moving within concentric raceways. The geometry used for the test case was taken from a typical
124 mm cylindrical roller bearing. The roller was assumed to move momentarily from a set of
arbitrary initial conditions under the influence of EHD traction forces at the contact points. It
was anticipated that the motion of the roller would reach a steady state corresponding to the no-
slip condition regardless of its initial conditions. Without going into excessive detail, the results
are tabulated here for comparison.

Spin Velocity Orbital Velocity
(rpm) (rpm)

Case  Initial _ Final Initial  Final
1 100,000 126,500 8,000 10,950

2 150,000 126,500 8,000 10,950

3 100,000 126,500 14,000 10,950

4 150,000 126,400 14,000 10,960
No-slip — 126,600 — 10,960
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It is obvious that the results are consistent with what one expects from such a physical
situation. Further refinement of the computational system is currently underway.

4. SYSDYN Program

This program integrates the CADYN and RODYN computer modules and permits full
interaction among the relevant bearing components. The program is operational for the following
combined modes of operation:

Shaft ® C(enter fixed in space

® C(Constant rotational speed
Cage ® Spinning Motion

® Whirling Motion
Rollers Spinning motion

°
® Orbital motion
® Skewing motion

The results for a simple model test case, consisting of the rac-ways, cage, and four

hypothetical rollers, show that the program is working properly. Work on further refinement to
the program is progressing as planned.
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SECTION ViI
PARAMETRIC AND VERIFICATION TESTING — TASK II

-

A. PARAMETER SELECTION

The main obstacle to advancing high speed roller bearing technology is related to roller
element skewing and skidding and the resultant wear and surface damage. Those bearing
variables that are considered as having an influence on roller skew and skid have been identified
in this study. Quantification of the influence of these variables is the objective of the
experimental portion of this program. A total of 30 separate variables were identified and are
shown in table 2. Operational variables, such as bearing speed, externally applied load, or
lubricant temperature, were not counted in this total. The basic categories considered were
design geometries, including internal lubrication arrangements, manufacturing tolerances, and
quality control variables.

It was apparent that any experimental program of reasonable scope could not address a
thorough evaluation of all 30 variables. Therefore, some judgement had to be made as to the
relative importance of these variables in order to reduce the list to manageable proportions.
Applying certain criteria, the list of 30 variables was divided into three categories, which are also
identified in the table. Category I includes 14 variables that are considered to have the greatest
direct influence on the roller bearing wear phenomena normally identified as skidding damage
and roller end wear of either the uniform and concentric type or of the uneven and eccentric type.
Category II is composed of eight variables considered to have less direct impact on wear, and
Category III is composed of eight variables judged to have the least direct effect. The criteria
employed in making these assessments, although somewhat subjective, were based, in a large
measure, on experience available from experimental test results and from field service reports, in
addition to analvtical studies, manufacturing surveys and an understanding of the physical
phenomena affecting fundamental bearing behavior.

Two groups of bearings were selected for evaluation in a statistically designed experiment.
Each group incorporated parameters from table 2 which could be varied in a sensible manner. By
varying the parameters in a planned manner, it is possible with statistical experiments to isolate
and rank the effect produced by any one parameter on surface damage due to roller skidding and
skewing.

A statistically designed test program incorporating the fractional factorial method was
selected. Table 3 shows the number of main effects and the number of interactions that can be
determined with programs consisting of 5, 6, 8 and 10 bearing designs with variations in the
number of bearing parameters to be studied. For each parameter the level of variation was
maintained at two. The combination of eight test bearing designs was chosen for Group-N which
is to be evaluated under Task Il of the Contract. This choice was dictated largely by cost
considerations. Seven was the number of parameters chosen for investigation so that the
maximum number of main effects could be evaluated. The seven parameters to be studied with
the Group N hearings were all selected from Category I of table 2. These variables are the

following
® RBearing preload ® [nner race taper
® (‘oupled roller end radius runout ® Roller flat centrality
® Roller end circular runout to roller ® Raceway angular misalignment

outer diameter

® [Lubrication flow
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TABLE 2. RELATIVE RANKING OF ROLLER BEARING VARIABLES

Roller Bearing Variable

Possible
Effect of Variation

Rationale

CATEGORY I
Roller Length/Diameter

Ratio

Roller Unbalance
{Nonhomogeneous material,
roller end run out, crown
radius run out)

Preload

(C‘age Unbalance

Roller Flat Centrality

Roller End Squareness

Roller End Shape

Raceway Taper

Roller End Clearance

Roller Diameter Variation

Lubrication

Flange Height

Racewayv Angular
Misalignment

Percent Flat Length ot
Roller

CATEGORY 11

Roller Clamping Load

Uneven roller end wear

Uneven roller end wear

Controls skidding and can
reduce damage on roller

surfaces and raceway surfaces.

Local cage bare wear for
inner land guided cage, end
wear adjacent roller(s) and
skidding damage.

Uneven roller end wear

Uneven roller end wear

Uneven and concentric roller
end wear,

Concentric roller end wear
Uneven roller end wear
Uneven roller end wear/
roller skid damage

Uneven and concentric roller
end wear, roller skid damage,
cage wear

Uneven and concentric roller
end wear

Concentric roller end wear/
reduced fatigue life

Fatigue life and uniform end
wear

Concentric roller end wear
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Alters roller element gvroscopic
action stability achieved by [/
ratio of .87

Alters skewing forces as rollers
impact guide flanges

Roller element skids or slips “out
of gear” due to insufficient
loading.

Rub causes local overheating and
decreases effectiveness of oil
film.

Alters tractive force profile of roller as
well as stability about transverse axis
due to unsymmetrical roller mass dis-
tribution.

Affects roller stability about transverse
axis and modifies roller end face con-
tact stress.

Alters lubrication film and roller
end contact stresses.

Alters distribution of roller tractive
forces.

Alters maximum roller skewing angle
thus changing end face contact forces

Alters maximum roller skewing angle
alters roller tractive forces,

Alters effective oil film thickness.

Alters roller skewing angle and
roller end contact stress and location

Alters roller tractive forces and
distribution/alters rolter load profile

Alters roller load profile. tractive
forces and skewing moment

Reduction in roller end clearance due
to guide flange deflection alters oil film
thickness and roller end contact pro
file

s ————————




TABLE 2. RELATIVE RANKING OF ROLLER BEARING VARIABLES (CONTINUED)

Roller Bearing Vartable

Possible
Effect of Variation

Rationale

Flange Face Run Out
Roller Crown Radius
Extended Roller Flat
Length

Flange Face Waviness

Flange Lavback Angle

Roller-Cage Pocket
(learance

Flange Contour

CATEGORY 1I:

Roller Length Variation

Cage Pocket Offset

Roller End Surface Finish

Flange Surface Finish

Raceway Surface Finish

Cage Pocket Squareness

Raceway Waviness

Roller Taper

Uneven roller end wear

Fatigue life and concentric
roller end wear

Fatigue life and uniform end
wear

Uneven roller end wear

Uneven roller end wear/
concentric roller end wear

Uneven roller end wear

Uneven roller end wear/
concentric roller end wear

Uneven roller end wear

Not apparent unless extreme,

causing uneven roller end
wear

('neven and concentric roller
end wear

Uneven and concentric roller
end wear

Skid damage

Concentric roller end wear

Skid damage

Uneven roller end wear

Alters maximum roller skewing angle
and dynamic end face loads.

Alters roller load profile, modifies
tractive forces and skewing moments

Alters roller load profile, tractive
forces and skewing moment.

Alters maximum roller skewing angle
and dynamic end face loads.

Alters maximum roller skewing angle
oil film thickness and location of end
face contact area.

Affects transmission of any cage
instability altering roller-to-guide
flange contact loads and tractive
forces

Alters maximum roller skewing angle
oil film thickness. and roller end con
tact area and location.

Alters maximum roller skewing angle

Alters resultant skewing force of
roller element

Alters oil film thickness require
ments at roller ends

Alters oil film thickness require-
ments at roller ends.

Alters roller tractive forces and oil film
thickness requirements at roller
raceway contacts.

Alters resultant skewing force acting on
roller element.

Imposes dvnamic loads on roller affect
ing variations in tractive forces and oil
film thickness requirements at con
tacts

Alters tractive force profile of rollers as
well as roller stability about transverse
axis due to unsymmetrical mass dis
tribution

The second group of bearings, which will be evaluated under Task VI, were designated as
Group-AF. The scope of this portion of the program limited ‘he size of this group to five
individual bearing designs. Four is the maximum number of parameters for which the main
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effects can be investigated employing five bearing designs. These four parameters, selected from
Category II, are: inner ring guide flange layback, inner ring guide flange contour. inner ring guide
flange run out, and extended roller flat length.

TABLE 3. PARAMETRIC STUDY POSSIBILITIES

No of Test No. of Parameters of 2 Levels
Assemblies To Be lncestigated Remarks L
10 9 Main Effects Can Be Determined
8 Main Effects and One Interaction Can Be
Determined
{ Main Effects and Two Interactions Can Be
Dietermined
6 Main Effects and Three Interactions Can Be
Determined
R 7 Main Effects Can Be Determined
6 Main Effects and One Interaction Can Be
Determined
h Main Effects and Two Interactions Can Be
Determined
6 H Main Effects Can Be Determined
1 Main Effects and One Interaction Can Be
Determined
5 { Main Effects Can Be Determined

B. DESIGN OF PARAMETRIC BEARINGS

The basic roller bearing selected for the design of the parametric bearings is shown in figure
26. This bearing is used in the No. 5 mainshaft position of the TF30 model production engine and
has accumulated many thousands of hours of successful rig and engine operation. In addition,
this design includes geometric and tolerance control features directed at minimizing roller
skewing and skidding.

Using the partial factorial statistically designed experiment approach, the eight bearing
designs that are necessary to incorporate the seven study parameters with two levels of variation
each were prepared. The combinations of the variables for these eight Group-N bearings were
established by the matrix shown in table 4. Here the two levels of parameter variation are
represented by the symbols H and L., for high and low. Initially this matrix was prepared with one
bearing design distributed in each of the eight vertical columns in such a manner that the main
effects of each variable could be determined. However, limitations in manufacturing and
inspection capabilities made it necessary to alter the arrangement of the test variables which
resulted in the matrix as shown in table 4. It is anticipated that it will be possible to determine
the main effects of five or six of the Group-N variables, and with an additional test combination,
the main effects of all the variables may be determined. The actual levels of the parameter
variation for each of the Group-N designs, as well as the basic or baseline bearing, are presented
in tabular form in figure 27. These levels were established on the basis of experimental,
analytical, manufacturing, and preduction experience. The parameters of the Group-N bearings
which were not being studied were maintained at the level used in the basic bearing. Figure 27
also classifies the variable parameters as either design or tolerance controlled. The design
parameters are those whose levels of variation are established by the design process, whereas the
variation levels for the tolerance parameters are established by roller bearing manutacturing
capabilities.
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TABLE 4. TEST MATRIX GROUP-N PARAMETRIC BEARINGS

8 ROLLER BEARING DESIGNS
BEARING VARIABLES
2 LEVELS OF VARIATIONS

< ox O o L LOW
w w W W e H - HIGH
= = | .
«© @ o @
< < < =
@ a « o«
< < a <
> > > > -
Q 9 Q Q9 ‘H _']BFAHIN(;\/AHIABH 2
§ o o« z
w o o oW I BEARING VARIABLE “F’
m @ o© @
g A EEL H CHEEE L BEARING VARIABLE “G"
L
H
3 EXAMPLE
i BEARING DESIGN NO. 6
: H 5
i so%: 1 W — BEARING VARIATION
: L Tk VARIABLE LEVEL
. ———rr A LOW
2 A JH B HIGH
H - - & LOW
D LOW
Hi £ LOW
F LOW
G HIGH
: L 7
L
H 2
4 =
L
H
H
H
| 8
L
H
H
1 1
H
: L H ‘8
- S el

NOTE NUMBERS IN MATRIX INDICATE BEARING IDENTIFICATION NUMBERS
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Employing a procedure similar to that conducted for establishing the Group-N bearing
designs, the Group-AF bearing designs were next prepared following the matrix shown in table 5.
This matrix will permit the main effects of each of the four parameters to be studied. Figure 28
shows the actual levels of parameter variations for each of the Group-AF designs as well as for the
basic or baseline bearing. Again, as in the case of the Group-N bearing design, the parameters not
being studied were maintained at the same level used in the basic or baseline bearing.

C. PROCUREMENT OF BEARING HARDWARE

The bearing manufacturer selected to fabricate the two groups of parametric bearings was
the Split Ballbearing Co. (SBB), Division of MPB Corporation. SBB is a producer of the basic
No. 5 mainshaft position roller bearing used in production TF30 engines. In addition, SBB has
supplied experimental hardware of the basic 124.3 mm bearing which has been evaluated in
baseline tests to speeds of 3.0 MDN.

A total of 10 Group-N parametric bearings were manufactured for testing bv SBB. One each
of the eight designs shown in figure 27 and two duplicate bearings for repeat testing were
procured. The bearings selected for repeat testing were those identified as No.’s 7 and 8 in figure

27,

Split Ballbearing Co. manufactured a total of six Group-AF bearings for test. One each of

the five designs shown in figure 28 was produced and a duplicate of bearing No. 22 was
manufactured for repeat testing.

For each of the Group-N and Group-AF bearings, detailed dimensional measurements of the
bearing components were made and recorded by SBB. This was done to ensure the tight quality
control required as dictated by the demands of any statistically planned program and to assist in
the post-test analysis of the experimental results. Some of the specific measurements that were
provided were:

® Dimensions on each roller (all rollers being serialized to facilitate identi-
fication) length, diameter, corner radius runout. crown radius. length of
central cylindrical section, flatness of central cylindrical section. off-set of
central cylindrical section, roller end circular runout. and crown drop

® Diameters of the inner and outer rings

® Inner and outer raceway eccentricity and taper

® Roller guide shoulder parallelism

® (‘age-pocket squareness and parallelism

® Roller guide flange angle

® Unmounted internal radial clearance

® (‘age land clearance

® Surface finish of rollers, raceway and guide shoulders

® (‘age unbalance

® Roller-to-guide flange clearance.
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The inspection data which accompanied each of the Group-N and Group-AF bearings were
reviewed and no significant deviations were uncovered. Since up to 94 pages of inspection results
were provided for each bearing, the inclusion of a complete compilation of this data in this report
would be unrealistic. However, a summary of these inspection results has been provided in tables
6 and 7 with average measurements shown where possible.

TABLE 5. TEST MATRIX — GROUP-AF PARAMETRIC BEARINGS

5 ROLLER BEARING DESIGNS
BEARING VARIABLES
LEVELS OF VARIATION
e L - LOW
e H— HIGH

BEARING VARIABLE "H"”
BEARING VARIABLE

BEARING VARIABLE “J”

BEARING VARIABLE “K"”

NOTE: NUMBERS IN MATRIX INDICATE BEARING IDENTIFICATION NUMBERS
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TABLE 7. SUMMARY OF MANUFACTURING INSPECTION DATA — GROUP-AF BEARINGS

Bearing Number

B/1. 21 22 23 24 25 26
Bearing Assembly
(Cage Clearance, in 0.0176 0.0172 0.0172 0.0170 (.0182 0.0173 00167
Roller End Clearance. in 0.0012 0.0010 0.0095 0.00105  0.00105  0.0012 0.00115
Internal Radial Clearance (Unmounted), in. 0.0040 0.0041 0.0045 0.0046 0.0041 00044 0.0042
Rollers
L.ength, in 051175  0.51068 051194 0.51187 051194 0451067 051196
Diameter. in 051166  0.51089 051182 051183 0.51187 051085 051181
Surface Finish (AA), uin 245 2.5 225 295 3.0 2.25
Corner Radius R.O_. in 0.001 0.000175  0.0002 0.000175  0.000190  O0.000175 0.2
Crown Radius. in 24 30 30 30 30 i 0
Cvlinder Length, in 0.029 0.2665 0.335 0.3355 0.327 0.276 0326
Cvlinder Flatness, uin 24 22 24 1R 7 22
Cvlinder Off-Set, in 0.010 0.004 0.008 0.007 0.0055 0.010 00047
Crown Profile R.O., uin
End Squareness, uin 120 70 5 70 75 RO )
(‘rown Drop. in 0.00085  0.00057  0.00018  0.00020  0.00015 (L0005 000020
Hardness (R,) 60 Min  61.5 63.0 63.5 63.5 61.5 625

Outer Ring

OD Max. in 6.7561 6.7H58 6.7566 6.75H62
OD Min. in 6.7350 6.7349 6.7354 6.735:3
OD Avg. in 6.7456 ! 6.7454 6.7460 6.7458
ID. in. 6.4246 6.4245 6.4249 6.4247 6.4247 6.4248
Eccentricity, ugin. 25 25 18 10 25 1R

ID Flatness, uin. 15 19.5 24 12 6 30
Surface Finish (AA), uin 1.0 3.5 4.0 4.0 3.0 1.8
Hardness (R,) 62.0 63.5 63.0 63.0 63.0 6:3.0

Inner Ring
Bore Diameter, in 1.8936 1.8937 4.8937 4.8937 1.8936 1.8937
OD Overall. in. 5.6773 5.6769 5.6773 5.6772 5.6773 .6773
OD Roller Path, in 5.3966 5.3981 53960 5.3957 5.3962 5.3980 53963
Roller Path Eccentricity. uin. 18 18 18 20 20 18 18
Roller Path Taper, deg-min 0-0 0-0 0-0 0-0 0-0 0-0 0-0
Guide Flange Angle. deg-min 0-6 0-7.16 0-50.4 0-55.6 0-0.01 0-52.3 0-49.2
Giuide Flange Finish (AA), uin. 4.9 : 6.5 7.0 7.0 =9 6.5
Roller Path Finish (AA), uin. 3.0 3. 9:5 1.5 3.0 1.5 3.5
Hardness (R,) 63.0 64.0 62.0 62.0 62.5 63.0 63.0
(Tage

ID. in 5.6977 5.6976 5.6974 5.6966 H.6985 5.6976 5.6971
Pocket Squareness, uin 450 380 110 330 150 510 410
Pocket Parallelism, in 0.0011 0.001 0.0019 0.0013 0.0013 0.0013 0.0021
Unbalance. gram-centimeter 1.32 2.29 1.28 1.20 1.35 2.40 1.20
Hardness (R, ) 3.0 33.0 33.0 34.0 33.0 33.0

D. PRE-TEST PREPARATION AND INSPECTION OF TEST BEARINGS

Preparation of all the Group-N bearings for test was completed. Each bearing outer ring was
instrumented with a strain gage to permit measurement of roller pass frequency during test.
Thus, for each of the program test combinations imposed it could then be determined whether or
not the roller elements are skidding. Also, the end faces of every other roller element were copper-
flashed for the purpose of highlighting end wear that may occur during testing. This procedure
was incorporated since a dynamic measurement system to determine the amount of roller skew
or the amount of pressure generated by the roller ends on the inner ring guide flanges in a bearing
has not been successfully developed. Pre-test preparation also included the weighing of each
roller. Repeating this weighing process after test will permit determination of the amount of roller
mass loss attributable to wear. For this measurement. a laboratory Christian Becker TORBAL
Scale. Model EA-1, was used. Also each of the rollers was measured for static skew angle of turn
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allowed by the inner raceway guide flanges. The pretest roller weight and static skew angle
measurements obtained for the Group-N bearings are found in table 8. Also shown are the pretest
average roller weights for the baseline bearing. Similar measurements are now being made on the
Group-AF bearings.

TABLE 8. PRE-TEST WEAR RELATED MEAS-
UREMENTS — GROUP-N BEARINGS

Bearing Avg Roller Weght (Grams) Avg Skew Angle (Minutes)

No Unflashed Flashed Unflashed Flashed
Baseline - 13.3875

1 13.2474 14.94 15.29
2 13.2924 11.95 11.79
) 18.237% 14.19 14.19
1 13.2736 13.71 3.62
0 13.2788 13.43 13.76
6 13.2421 14.98 14.22
o 13.2853 [0.87 10.87
8 13.2486 14.47 14.59
9 1:3.2999 13.2938 13.96 13.85
10 13.3340 133317 15.10 14.7

In addition to the bearing manufacturer’s pretest inspection data, in-house inspection
measurements were made and recorded during installation of the hearings into the test rig. These
measurements included the fits of the inner ring on the shaft and the outer ring in the support
housing. the installed internal radial clearance of the test bearing and the axial misalignment of
the installed outer ring. The actual measurements recorded for the Group-N bearings that have
been tested to date as well as for the baseline bearing tested are shown in table 9. It is planned
to make similar pretest measurements on the remainder of the Group-N bearings as well as on the
Group-AF bearings.

TABLE 9. PRE-TEST RIG RELATED INSPECTION MEASUREMENTS
GROUP-N BEARINGS

Bearing Numbers

B/L 2 6 7 9
Inner Ring Fit on Shaft, in. 0.0022T  0.00147T  0.0019T 00021 0.0020T
Internal Radial Clearance Installed, in. 0.0025 0.0043 0.0036 0.0016 0.0025
Outer Ring Fit in Housing, in. 000081, 0.00081, 00051, 000081,  0.00071.
Outer Ring Misalignment, deg 0 0 0 0.4 0.4

Note: T =~ Tight Fit, I, = Loose Fit

E. ROLLER BEARING TEST RIG AND INSTRUMENTATION

The test rig shown in figure 29 is that which is being used for the experimental evaluation
of the parametric bearings. It was originally designed and fabricated specifically for development
testing of 115 and 124.3 mm bore diameter cylindrical roller bearings. Relatively trouble-free
operation has been experienced with this rig in the more than 5000 hours of testing accumulated
to date, of which over 250 hours were at speeds of 3.0 MDN.

The test rig consists of a cylindrical housing, with a hydraulic load cylinder located centrally
on top of the housing to apply a radial load to the test bearing. Three bearings are located on a
common shaft assembly in the rig. The two bearings nearest the ends of the shaft assembly are
rigidly mounted to the housing. The center or test bearing is mounted in a carrier attached to the
load eylinder piston and is radially guided by tracks in the housing.
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Radial load, applied to the test bearing by the load cvlinder. is transmitted through the
shaft assembly to the end bearings and then through the end bearing carriers to the housing
These bearings are equally spaced from the center bearing and each carries half the load applied
to the center bearing. This arrangement maximizes alignment control among the bearings. Axial
location of the shaft assembly is controlled by the ball thrust bearing mounted at the drive end.

Lubrication and cooling oil is supplied to the test bearing by directing jet oiling into both
sides of the bearing cavity. Oil is also supplied separately to axial slots located under the rotating
inner ring. Radial holes intercepting a number of axial slots direct lubrication to the inner ring
roller guide tlanges.

The test rig itself is serviced by the lubrication system shown schematically in figure 30.
This svtem provides the following functions:

e Supplies oil to the test bearings as well as the rig slave bearings for
lubrication and temperature control

® Supplies oil to the speed increaser gearbox for lubrication of the gearbox
bearings and gears

e Supplies pressurizing oil to the hydraulic load evlinder of the rig to radially
load the test bearing

® (Controls and monitors the temperature, pressure and flow of oil supplied to
each part of the system.

The lubrication system includes an oil reservoir which supplies oil to two pressure pumps.
one of high capacity and one of low capacity. The high-capacity pump supplies oil filtered to a
level of 15 absolute to the test rig internals and to the gearbox. The low-capacity pump supplies
ail to the load cylinder which provides the radial load to the test bearing. The temperature of the
oil to the test rig is controlled by a heat exchanger utilizing either high-pressure steam for heating
or water for cooling. Three delivery branches supply oil to the test bearing. Two of the branches
supply the bearing with primary lubrication and provide outer ring temperature control. The
third branch supplies oil to the test bearing for inner ring temperature control and lubrication of
the inner ring guide flanges.

Instrumentation is provided to measure the imposed test conditions. the bearing operating
conditions, and the operating conditions of the test rig. This instrumentation consists of
conventional devices which are maintained by the Contractor. Table 10 lists the measurements
obtained and identifies the corresponding type of instrumentation employved. Manual recordings
of all measurements are made every 10 minutes during the calibration portion of the experimental
program. During the endurance test portion of the program recordings are made once every 20
minutes.
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TABLE 10.

TEST INSTRUMENTATION

Measurement

Instrumentation

Imposed Test Conditions:
Rig shaft speed

Applied radial load

Oil flow to test bearing

Oil supply temperature

Test Bearing Operating Conditions:
Cage speed or slip

Outer ring temperature
Inner ring temperature
Discharge oil temperature
Horsepower and torque

Rig Operating Conditions:
Rig bearing temperatures

0Oil flow to rig bearings

Vibration

Tachometer generator signal from input to 7:1 ratio speed increaser, with
tachometer readout.

Pressure tap at hydraulic load cvlinder supply port, with pressure gage
readout.

Magnetic type oil flowmeters with direct readout, installed in oil supply
lines.

Pressure taps in oil supply lines with pressure gage readouts.

Chromel-alumel thermocouples installed in oil supply lines. with potential
type readout.

Strain gage cemented to O of outer ring, with digital readout.

Chromel-alumel thermocouples installed in housing, contacting bearing
outer ring, with potential type readout.

Chromel-alumel thermocouples installed in shaft, contacting bearing
inner ring, with potential tvpe readout via slip-ring.

Chromel-alumel thermocouples installed in discharge oil rig sumps, with
potential type readout.

Direct reading voltmeter and current indicating digital voltmeter.

Chromel-alumel thermocouples installed in housing, contacting bearing
outer rings, with potential type readout.

Magnetic type flowmeters with direct readout. installed in oil supply lines.
Pressure taps in oif supply lines with pressure gage readouts.

Accelerometers (ENDEVCO. 2233E) mounted in vertical and horizontal
plane on test rig, with vibration displacement meter readout.

F. EXPERIMENTAL PROGRAM PLAN

A 10-hour test program to be fol
Group-AF parametric bearings was p

lowed during the rig evaluation of each of the Group-N and
repared. The program as shown in table 11 was designed to

obtain both calibration and endurance test data for each of the bearings. The calibration section
consists of 30 separate test combinations which were designed to obtain hearing operational data
with variations of speed, oil flow, radial load, and oil temperature. The imposed conditions are
maintained at each test combination for 10 minutes. From the operational test data obtained, the
following performance parameters c2n then be determined for each bearing:

Heat generation
Horsepower and torque

Roller skid

Outer to inner ring therm

S ——

Inner and outer ring thermal stability

al gradient

Axizl and circumferential thermal gradients.
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Once the calibration portion of the 10-hour program is completed, endurance testing will be
conducted to assess the extended operating performance and roller wear durability of each
bearing design. The first 4 hours of endurance testing will be conducted at the 3.0 MDN steady-
state condition noted in table 11. For a specific bearing test within Group-N the level of the oil
flow variable of either 13 or 29 tb/min will be determined from the Group-N bearing design chart
shown in figure 27. The oil flow for the Group-AF bearings will be maintained at the baseline level
of 20 h/min since oil flow is not one of the variable parameters for this group. In the fifth hour
of the endurance testing, the bearing speed will be cycled between the two speed levels indicated
in table 11. A total of 30 acceleration-deceleration cycles will be completed on each bearing,
simulating the type of transient operation found in gas turbine engines where accelerated bearing
wear due to skidding and skewing may be encountered due to the rapid accelerations experienced
by the roller elements.

At the completion of each 10-hour test on the Group-N and Group-AF bearings. the
experimental data will be reduced to obtain the individual performance parameters. In addition,
the overall condition of each bearing will be noted and any distress or unusual wear will be
photographed. Each roller element will be weighed and also measured for the static angle of turn
that is allowed within the inner ring guide flanges. Using the pre-test and post-test
measurements, roller wear as determined by weight loss, and roller and guide flange wear as
determined by change in static skew angle will be determined. Each bearing within either Group-
N or Group-AF will then be ranked on the basis of wear. Then using statistical regression analysis
techniques, the bearing parameters within each group will be ranked on the basis of wear.
Modification to the analytical model, based on the experimental performance and wear results,
will then be made.

G. BASELINE TESTING

Baseline experimental data is available on the TF30 engine No. 5 124.3 mm bearing for
comparative use when analyzing the parametric test bearing results. The bearing was rig-
evaluated following the test program outlined in table 11. Prior to testing, all of the roller ends
were copper-flashed for the purpose of highlighting wear. In addition, pretest weight mea-
surements of each roller were obtained and the resultant average value is that shown in table 8
The roller static skew inspection equipment used later in the program was not vet available to
permit this measurement to be made on the baseline bearing. The bearing was installed into the
test rig with zero outer raceway axial misalignment and the mounted internal radial clearance
was measured to be 0.0025 inch.

The baseline bearing performed smoothly throughout the entire ten-hour parametric
program. Performance was stable with no indication of thermal instability, roller element skid.
or vibrational instability. The test results are shown in figures 31 through 33. Figure 31 shows the

horsepower levels required to drive the rig system with the baseline bearing installed to speeds of

3.0 MDN. Also shown for comparative purposes is the data obtained earlier indicating the
amount of horsepower required to drive the same rig system but without a bearing mounted in the
center test position. Studying figure 31, it can be seen that the installation of the baseline bearing
increases the rig system power requirements by an average of 7.5 hp in the speed range of 2.0 to
3.0 MDN. It is intended that the rig horsepower data be used to rank the relative performance of
the various bearing designs. This data should not be considered as direct measurement of bearing
power losses since the base for this data was obtained without applied radial loading and without
normal lubrication. Roller bearing heat generation and cage-to-bearing speed ratio as a function
of speed can be seen in figures 32 and 33. Figure 32 indicates that a variation in applied radial
load in the range of 250 to 1000 tb has a negligible effect on bearing heat generation. Also, it can
he seen in the same figure that the cage-to-hearing speed ratio, which provides a measure of
skidding performance, is not significantly affected by radial load. In figure 33, bearing oil flow
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RIG HORSEPOWER

rate is shown to have a direct effect on bearing heat generation. As expected. increasing the oil
flow results in increased heat generation. The data in figure 33 further indicates that variation in
oil flow rate has a very small impact on the cage-to-bearing speed ratio.

At post-test inspection, the flashed rollers from the baseline hearing were found to be free
of anv eccentric end wear. Several of the rollers were found to have some concentric end wear.
providing an indication that these rollers had experienced the greatest amount of weight Joss
during test. It was determined that the average weight loss was 0.0004 gram per roller

45 p=-
— e e WITHOUT TEST BEARING
INSTALLED
40
r— BASELINE BEARING
OIL INLET TEMPERATURE: 225°F
35 p OIL FLOW: 20 LB/MIN.
OIL TYPE: MIL-L-23699
30 p—
25 b=
20 p=—
15 e
10 pm
5
0 K X | |
1.0 2.0 25 3.0

BEARING DN X 10°®

Figure 31. Experimental Evaluation of Baseline Bearing, Rig Horsepower vs Bearing Speed

81

T — - ——— - I,




46.0 —
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Figure 32. Experimental Evaluation of Baseline Bearing, Heat Generation and Cage
Speed/Bearing Speed Ratio vs Bearing Speed with Variation in Bearing

Radial Load
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H. GROUP-N BEARING TESTS

At the time of this report. testing had been completed on four of the ten parametric bearings
of Group-N. The bearings tested were those identified in figure 27 as No's. 7, 9, 6, and 2. Stable
operation was obtained with each bearing except No. 6 which failed during the calibration phase
of the 10-hour program. A wide range of wear and performance was observed during the testing
of these first four bearings

1. Evaluation of Bearing No. 7

Bearing No. 7 was first selected for test since a duplicate of this bearing, identified as No.
9, was available for repeat testing. Thus, back-to-back tests of a similar design could be run at
the beginning of the program so that testing repeatability could be assessed. Bearing No. 7 as
indicated in figure 27 contained element preloading which is introduced by a two-point out-of-
round outer ring. The outer race axial misalignment was adjusted to 0.4 degrees and the oil flow
for this bearing design was maintained at 13 th/min during the steady-state and cyclic speed
endurance portions of the experimental program. The performance of bearing No. 7 was stable
throughout the test with no thermal instabilities or significant raceway axial gradients noted.

Figure 34 shows the outer-to-inner race temperature gradient as a function of speed with
variations in radial load and oil flow. The temperature gradients were not significantly affected
by variations in radial load up to 2.5 MDN. However, above 2.5 MDN, higher temperature
gradients were experienced as a result of increased radial loading. Oil flow variation was shown
to have a more pronounced effect on bearing temperature gradient than loading as shown in figure
34. At the highest oil flow level of 29 tb/min, the bearing temperature gradient becomes nearly
constant at speeds above 2.5 MDN.

Post-test inspection of bearing No. 7 revealed all of the bearing components to be in good
condition with no distress indicated. All of the rollers were found to be free of any eccentric wear:
however, they did exhibit moderate levels of concentric wear on both ends. This wear was most
likely due to the applied outer ring misalignment. Roller weight measurements indicated an
average loss for the copper-flashed rollers of 0.0005 gram. This compares to the average weight
loss obtained earlier on the rollers of the baseline bearing of 0.0004 gram. Post-test static skew
angle measurements on six rollers indicated an average increase of () degree, 1.26 minutes. Of
these six rollers, three were copper-flashed and three were not.

2. Evaluation of Bearing No. 9

The test rig was reassembled with a duplicate of bearing No. 7 for repeat testing. This
bearing is identified as bearing No. 9 in figure 27 and was tested under the same conditions that
were imposed on bearing No. 7. For this test, the slip ring, which is required to obtain inner ring
temperature measurements was not installed. In the previous testing of bearing No. 7 a high
frequency of slip ring failures was experienced at high speed. Use of the slip ring was resumed
after the repeat testing was conducted. The performance of bearing No. 9 was stable throughout
the 10-hour test and the data obtained was similar to that obtained for bearing No. 7. Figures 35
and 36 indicate the similarity of the test data for both bearings. Figure 35 presents outer ring
temperature minus oil-in temperature vs. bearing DN while figure 36 shows bearing heat
generation vs bearing DN. Post-test inspection of bearing No. 9 indicated a similar overall
appearance to that observed on bearing No. 7 at post-test inspection. All of the rollers of bearing
No. 9 were found to be free of any eccentric end wear; however, they did exhibit moderate levels
of concentric wear on both ends. Roller weight measurements indicated an average loss for the
copper-flashed rollers of 0.0010 gram and 0.0004 gram for the unflashed rollers. This compares to
an average weight loss of 0.0005 gram for the copper-flashed rollers and a maximum loss of 0.0002
gram for the unflashed rollers of bearing No. 7. A small increase in static skew angle was observed
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with all roller elements. For the flashed rollers the average increase was 0 degree, 2.0 minutes
while for the unflashed rollers the average increase was 0 degree, 1.5 minutes. This compares to
an average skew angle increase of 0 degree, 1.26 minutes for six rollers measured in bearing No.
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Figure 36. Experimental Evaluation, Group-N Repeat Testing, Bearing Heat Gener-
ation vs Bearing Speed

3. Evaluation of Bearing No. 6

With adequate test program repeatability having been demonstrated by the experimental
results obtained from tests of bearings No.'s 7 and 9, testing of the Group-N bearings was
resumed. The next bearing design tested was No. 6. As shown in figure 27, this design did not
provide for roller element preloading and as shown in table 8, the maximum coupled roller end
radius runout was determined to be approximately 0.00335 inch on all rollers. Testing was
initiated following the program in table 11. From the onset, roller pass frequency measurements
indicated that roller skid was occurring. Skid magnitude was the greatest at the lower applied
loads and decreased somewhat as the load was increased. After completing the first six points of
the calibration section, the test was interrupted and the bearing was visually inspected while it
was still mounted on the rig shaft. At this point the total test time was 1.0 hour. Each roller was
found to exhibit heavy eccentric wear on both ends. However, no skid damage to the bearing
components was visible. The shaft was then reinstalled in the rig and the program was resumed.
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Testing was completed at points No. 7 through 9 with roller skidding still indicated. At test point
No. 10, however, bearing performance was stable with no roller skidding apparent. Figure 37
contains test data for both cage speed and shaft speed vs bearing DN. After 5 minutes of
operation at this condition, the bearing failed without warning. Total test time at failure was 1.58
hours. During removal of the bearing from the test rig, it was noted that three of the rollers had
turned 90 degrees within their respective cage pockets. The cage was found to be broken into
several pieces and all of the rollers were severely worn as shown in figure 38. It was determined
that the average weight loss of all rollers was 1.68 grams. As a result of this detailed study, the
failure of bearing No. 6 was judged to be that of the classic eccentric roller end wear type.

4. Evaluation of Bearing No. 2

After critical rig hardware items had been dimensionally inspected, it was determined that
the failure of bearing No. 6 had not created any significant distress to the rig. The next Group-
N bearing tested was No. 2. As shown in figure 27, this design includes roller preloading and a
high level of inner raceway axial taper. Bearing No. 2 was installed with zero outer race
misalignment and it completed the 10-hour program with stable operation noted throughout.
During the endurance testing portion of the program the total oil flow to the bearing was
measured at 29.2 tb/min. Performance data was similar to that obtained earlier for bearings No.
7 and 9. Post-test inspection revealed all of the bearing components to be in good condition as
shown in figure 39. No significan<ns1:XMLFault xmlns:ns1="http://cxf.apache.org/bindings/xformat"><ns1:faultstring xmlns:ns1="http://cxf.apache.org/bindings/xformat">java.lang.OutOfMemoryError: Java heap space</ns1:faultstring></ns1:XMLFault>