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SUMMARY 

The purpose of this program was to develop both the technology and the 
experimental hardware  to experimentally demonstrate  that a main-engine 
fuel pump could be operated at turbine-engine  shaft speeds.    A single- 
lobe vane pump has. been designed and successfully operated at speeds 
up to 49,500 rpm and outlet pressures up to 900 psig while pumping JP-4 
turbine fuel.    The promising capabilities demonstrated by this pump were 
the result of the successful application of hydrodynamic lubrication 
techniques to the vane design.    The pivoting vane tip concept incorporated 
permits tip surface speeds up to 180 fps to be achieved without producing 
high mechanical power  losses or sacrificing the pump endurance capabilities, 

The experimental fuel pump has met the design flow-rate requirement of 
2000 Ib/hr at 650 psig and the 100-percent speed of 40,000 rpm.    It has 
successfully completed a 200-hour endurance evaluation at speeds from 
26,000 to 40,000 rpm with virtually no degradation in the performance 
parameters.    A total of 34 hours of operation with fuel contaminated 
per MIL-E-5007C has been accomplished without experiencing pump mechani- 
cal failure.    The flow performance was unacceptable after 34 hours, 
however, and the results suggest that tungsten carbide vane-stage com- 
ponents will be required to establish the capability to withstand long- 
term exposure to the  contaminated environment. 

The present experimental fuel pump represents a significant step toward 
the development of flight hardware capable of operating at engine shaft 
speed.    It meets the basic performance requirements of a main-engine 
fuol pump typically required on small, high-speed gas-turbine engines. 
In addition,  it appears that a variable-displacement capability could 
be developed directly from the present hardware without altering the 
established high-speed capabilities. 
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INTRODUCTION 

The accessory systems on small gas-turbine engines presently represent 
from 25 to 35 percent of the installed weight, volume, and cost of the 
total engine. Significant improvements could be realized, however, by 
requiring the mechanically driven components of the accessory system to 
operate at or near engine speed. The development of such high-speed 
components would allow for a substantial reduction in the bulk and com- 
plexity of the required gear drive train. 

A previous research program  conducted by Battelie's Golvmbus Labora- 
tories for USAAVLABS under Contract No. DAAJ02-67-C-0037 resulted in 
the development of technology that makes feasible the operation of 
main-engine fuel pumps at speeds approaching engine shaft speed. Al- 
though the experimental hardware developed during that program was not 
capable of meeting all the realistic requirements of a gas-turbine fuel pump, 
it did demonstrate that a single-lobe vane pump could be successfully 
operated at speeds as high as 4-0,000 rpm without sacrificing pump 
durability. 

The promising capabilities demonstrated by this experimental fuel pump 
resulted from the successful development of a hydrodynamically lubri- 
cated pivoting vane tip. This concept produces the low wear rates and 
power consumption normally associated with hydrodynamic lubrication in 
spite of vane-tip speeds in excess of 100 fps. The pivoting vane tip 
therefore provides the necessary features to operate a vane pump at 
turbine rotational speeds without major compromises in pump durability 
and efficiency. 

The results of the previous prograir also revealed some operational 
deficiencies in the overall vane design at high fuel pressures. It was 
apparent that these deficiencies had to be eliminated before the basic 
performance characteristics of a main-engine fuel pump typically required 
on small, high-speed gas-turbine engines could be demonstrated. This 
report covers the continuing research effort which was directed toward 
the further development of the basic technologies previously estab- 
lished, with specific emphasis on the elimination of the high-pressure- 
performance deficiencies. The approach taken during the program was to 
apply the concepts generated to an experimental-fuel-pump design and 
to evaluate this pump at conditions predicted for future flight hard- 
ware. It should be pointed out, however, that the resulting experimental 
fuel pump is only a laboratory model which indicates one manner in which 
the concepts can be applied to produce a turbine-speed fuel pump. It 
does not represent a fully optimized design. 

Johnson, H.T., and Mitchell, R.K., ADVANCED HIGH-SPEED FUEL PUMPS 
FOR SMALL GAS-TURBINE ENGINES, Battelle Memorial Institute; 
USAAVLABS Technical Report 69-12, U.S. Army Aviation Materiel 
Laboratories, Fort Eustis, Virginia, April 1969, AD-688-972. 



The design, fabrication, and performance evaluation of a single-lobe vane 
pump capable of operation at speeds up to 49,500 rpm and outlet pres- 
sures up to 900 psig while pumping JP-4 turbine fuel are described in 
this report.  In addition, computer-generated design curves are presented 
which define the theoretical performance of the pivoting-vane-tip concept, 
and the application of this information to high-speed fuel pumps is 
described. Although the entire pump design is discussed in this report, 
the emphasis is on the areas of major change from the previous experi- 
mental hardware. 

DISCUSSION OF RESEARCH 

DESIGN OBJECTIVES AND APPROACH 

The design phase of this program had the following fuel-pump performance 
objectives: 

(a) Maximum speed:  50,000 rpm 

(b) Fuel flow at 100 percent speed:  2,000 Ib/hr 

(c) Light-off fuel flow:  185 Ib/hr at 6,000 rpm 

(d) Design fuel pressure at 100 percent speed: 650 psig 

(e) Light-off fuel pressure:  200 psig 

(f) Maximum overpressure capability:  900 psig 

(g) Fuel: MIL-F-5624 (JP-4) 

The primary design objective was the establishment of high-speed capa- 
bility with low-viscosity fluids such as JP-4. To achieve this capability 
without introducing additional complexities, it was determined that a 
fixed-displacement pump should be designed. It was also considered 
necessary, however, that the pump geometry be convertible to a variable- 
displacement configuration with no sacrifice of the high-speed capabilities. 
This consideration is important because of the overall fuel-system per- 
formance gains that could result from the use of a variable-displacement 
fuHi pump. Particular emphasis was also placed on the contaminated-fuel 
resistance and the endurance capabilities of the individual pump components. 

The techniques that proved successful during the previous research program 
were used as the foundation for the continuing development. The major 
design effort was directed toward achieving a vane configuration that 
would not exhibit structural weaknesses at high fuel pressures.  It was 
necessary to eliminate the objectional undervane impact conditions 
exhibited by the earlier design without altering the undervane pressure- 
distribution requiremenls that had been experimentally established. 



It was decided to minimize all efforts to optimize the design of the 
fuel-pump centrifugal charging stage and bearings. This was done because 
it was felt that these components could be more effectively optimized 
after the overall performance capabilities of the fuel pump had been 
experimentally defined. 

FUEL-PUMP DESIGN 

Discussion of Basic Concepts 

The major difficulty associated with operating a vane pump at high rota- 
tional speeds is the resulting high vanc-tip speed relative to the cam 
ring.  Even for vane pumps with rotor diameters as small as 0.6 inch, 
the vane-tip speed exceeds 100 fps at 50,000 rpm. The use of conventional 
vane-tip boundary lubrication makes pump endurance questionable and 
produces high vane-tip drag forces which represent a considerable power 
loss at these tip surface speeds. These limitations are avoided through 
the use of the pivoting vane tip. The ability of the tip to support 
all radial-vane loading on a self-generated film of fluid was experi- 
mentally demonstrated by the earlier fuel-pump design at tip surface 
speeds up to 110 fps. 

Because of these encouraging results, no changes were made in the basic 
tip design for the latest fuel pump. However, significant changes were 
made in the design of the cam-ring profile which allow for a considerable 
improvement in the overall performance of the pivoting vane tip. 

The factor which contributes most significantly to the load capacity of 
the tip is the relative surface profile between the bearing pad and the 
cam ring. For the fuel pump, a true radius is generated on the tip 
bearing pad which is slightly smaller than the cam-ring minimum radius 
of curvature. The maximum tip-bearing load capacity is obtained at 
this point of cam-ring minimum radius of curvature. At larger radii 
of curvature, the tip-bearing load capacity deteriorates,and the capacity 
obtained at the point of maximum radius of curvature generally establishes 
the maximum radial-vane loading that can be supported by the self-generated 
film of fluid without breakdown of this film. To optimize the tip-bearing 
design for all angular positions of a vane during the pumping cycle, 
it would be ideal if the cam-ring radius of curvature were constant. 
An eccentric-circular cam-ring profile was therefore chosen for the 
single-lobe pump design. 

The eccentric-circular profile, with its constant radius of curvature, 
permits the maximum radial-vane loading to be approximately three times 
greater than the design loading for the earlier fuel pump. The increase 
is achieved because the maximum tip-bearing load capacity is availnblo 
at all vane positions during the pumping cycle. Because no increase 
in bearing-pad width was required, the vane-assembly volume remained 
essentially constant. 



The  ability  to design the  fuel pump with increased radial-vane   loads, 
as described above, is  significant because it permits  the use  of higher 
density vane materials.    The earlier  fuel pump relied upon aluminum and 
carbon to obtain acceptable  radial-vane  loads at high rotational  speeds. 
These  low-density materials had inferior contamination resistance, how- 
ever.    Higher density  sintered carbides, with  their  superior contamina- 
tion  resistance,  can now be applied without compromising  the overall 
pump design. 

In addition to the above advantages,   the circular cam profile allows 
the pump stroke  to be selected without affecting  the  tip-load capacity. 
In the earlier  fuel pump,  the  0.020-inch stroke  represented the maximum 
acceptable variation in  the cam profile  radius of curvature without 
severely compromising the  tip-load capacity.    With the circular profile, 
♦■.he  stroke  is dependent only on the eccentricity,  and changes in the 
stroke do not  cause variations  in the  cam profile.    This allows   the 
tip bearing  to be designed without compromise and results in a pump 
design which can cover  a much  larger  range of flow capacities without 
major modifications in the overall pump geometry.    The 0.040-inch 
stroke chosen for the  latest design permitted a 25-percent reduction 
in  the rotor  length in spite  of a 50-percent increase  in the  pump 
theoretical capacity.    To achieve this  increase  in capacity with the 
earlier design,  a 50-percent  increase  in rotor  length would have  been 
required. The unbalanced rotor load carried by the journal bearings in 
a single-lobe vane pump would also have increased an equal amount. 
The  circular profile therefore  permits more flexibility in the  overall 
design while  providing improved pivoting vane-tip performance. 

Because the pump stroke and capacity can be changed by varying  the eccen- 
tricity of the  circular cam ring,  this design approach provides  the 
feature  required to obtain a variable-displacement configuration which 
does not affect  the high-speed capabilities of the pivoting vane  tip. 
Varying the  eccentricity of a circular cam ring in a single-lobe vane 
pump is not unique.    In fact,   this  is an established technique used in 
many  industrial, variable-displacement hydraulic pumps.    The resulting 
fixed-displacement fuel-pump design therefore exhibits  reasonable 
potential for  the evolution of a variable-displacement capability. 

The  fact that  the eccentric-circular cam ring is easily adaptable to 
the  pivoting-vane-tip concept and maximizes the high-speed properties 
of the tip is  probably  sufficient to justify its use.    It should be 
pointed out,  however,   that  the circular profile  is aiso a simple con- 
figuration and minimizes  the  fabrication difficulties of the cam ring. 
A circular bore  is easily generated even in the carbide materials re- 
quired by the  fuel pump contaminated fuel environment.    The precision 
levels of cam-profile axial straightness required by the pivoting tip 
are  also obtained by conventional manufacturing techniques. 

The eccentric-circular cam-ring profile does require  that the vane 
assembly stroke when subjected to a pressure differential on each lap 
space.    This  is a departure  from the dwell-zone  lap spaces used in the 



earlier pump design and creates a potential vane-tip rotational- 
instability condition if the vane assembly is required to stroke radially 
outward under the pressure difference.  By proper positioning of the 
inlet and outlet ports, however, the vane assembly can be made to stroke 
only radially inward when subjected to a pressure difference. Under 
these conditions, tip stability is not a problem. The porting configura- 
tion required is shown in Figure 1, a cross section of the fuel-pump 
rotor. 

A major redesign of the vane assembly was required to eliminate the 
operational deficiencies associated with the earlier fuel-pump design. 
The objective was to produce an undervane uydrostatic-pressure distribu- 
tion which would cause the vane assembly to track the cam profile without 
lifting from the cam surface, but would not produce excessive loading 
between the vane tip and the cam surface. Several vane configurations 
were investigated which met the basic requirements. Many were geometri- 
cally complicated, however, and some appeared sensitive to wear and 
contamination damage which might change the performance with time. The 
two-piece vane configuration shown in Figure 1 was chosen because its 
theoretical performance in the critical lap-space portions of the 
pumping cycle duplicated the experimentally proven conditions necessary 
to provide vane-tip stability at light-off without being sensitive to 
wear or contamination damage. 

As noted in Figure 1, outlet pressure io- applied continuously under a 
0.030-inch-wide inner vane centered on the rotor-slot centerline. The 
remaining leading and trailing undervane areas are ported to the pres- 
sure ahead of and behind the vane assembly, through axially centered 
passages in the pump rotor on both sides of the vane slots. This 
provides the same vane radial balance on the lap spaces and the outlet 
port that was successful with the earlier fuel-pump design. On the 
inlet port sector, an additional load is produced that must be carried 
by the pivoting vane tip. This is due to the outlet pressure acting 
on the inner vane and the resulting radially outward differential pres- 
sure across the inner vane. This additional load could not have been 
carried by the tip with the two-radii cam-ring profile used in the 
earlier fuel-pump design. The increased radial-vane loading permitted 
by the circular profile again proved beneficial, however.  The full 
optimization of the tip bearing allows the additional loading to be 
accepted without breakdown of the self-generated film of fluid. 

A two-piece vane construction is not necessary to obtain the conditions 
noted above, for a T-shaped vane would be sufficient. The single-piece 
approach requires very precise rotor-slot and vane tolerancing, however, 
to minimize the undervane leakage losses when a vane assembly is located 
in the inlet port section of the pumping cycle. Therefore, to allow 
more conventional fabrication techniques to be used, the two-piece con- 
struction was adopted. This approach only requires that the inner 
vane/rotor slot clearance be precisely maintained. The relative location 
between the outer and inner slots becomes considerably less critical. 
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One potential disadvantage to the two-piece approach is the low vane- 
engagement ratio on the pumping lap space, where the vane assembly is 
required to stroke under a differential pressure.  This risk was 
accepted, however, to minimize the hardware manufacturing costs.  The 
contact between the inner vane and the outer vane ensures a positive 
seal between the leading and trailing undervane areas when the vane 
assembly is subjected tc a differential pressure.  Proper outward 
stroking of the inner vane on the inlet port is assured by the radially 
outward differential pressure across the inner vane, 

A more quantitative discussion on the abo^e subjects is found in Appendix 
II, where the theoretical performance of the pivoting tip as applied to 
high-speed vane pumps is described. 

Description of Experimental Fuel Pump 

The latest overall fuel-pump configuration shown in Figure 2 remains 
essentially identical to that used for the earlier pump hardware except 
for some minor design refinements in the individual components .  It is 
a three-stage device incorporating an axial inducer in series with a 
centrifugal charging stage for the single-lobe vane  -age.  The fuel 
pump and its individual components have the following physical parameters: 

(a 

(b 

(c 

(d 

(e 

(f 

(g 

(Ii 

(i 

(j 

(k 

(1 

(m 

(n 

Pump theoretical capacity:  0.039 in, /rev 

Number of vanes:  7 

Vane stroke:  0.040 in. 

Rotor diameter:  0,740 in. 

Rotor length:  0.501 in. 

Cam-ring diameter:  0.790 in. 

Tip bearing-pad radius:  0.387 in. 

Tip bearing-pad width:  0.060 in. 

Outer vane width:  0,110 in. 

Inner vane width:  0,030 in. 

Centrifugal impeller diameter:  1.12 in. 

Journal bearing diameter:  0.700 in. 

Basic pump cartridge diameter:  2.4 in. 

Basic pump cartridge length:  5.5 in. 



•i 
<u 
CO 
I» 
< 

i 
i-i 

«M 

3 
60 

•W 



No changes have been made in the design of the centrifugal impeller 
or the axial inducer. The vane-stage design has been resized to provide 
for the 167-percent increase in the 100-percent speed flow requirements. 
The previous experimental hardware had a flow requirement of 750 Ib/hr. 
Except for the basic changes in vane and cam-ring design, all other 
vane-stage modifications were made to allow for simplification of the 
fabrication procedures. 

Figure 3 shows the basic pump cartridge and the various pump housing 
components. Two views of the rotor and a complete vane assembly are 
shown in Figures 4 and 5. 

The centrifugal stage is an open-impeller (forced vortex) pump. The 
impeller has straight radial blades and is enclosed by a circular 
housing which is concentric to the impeller. This impeller design 
proved capable of meeting the high-head and low-flow requirements of 
the fuel pump during the earlier program. The recovery of the velocity 
head developed by the impeller was poor owing to Improper diffuser 
design, and the resulting efficiency of the centrifugal stage was lower 
than normally expected.  In the latest design, this condition was 
improved by reducing the clearance between the impeller and the housing 
and incorporating a simple discharge nozzle located tangential to the 
periphery of the housing.  Owing to this change, the percentage of 
dynamic head recovered has increased from 20 to 50 percent. The final 
design develops a 260-psig head at 40,000 rpm and has the flat head- 
flow curve which is characteristic of this type of pump. 

Boch the axial inducer and the centrifugal impeller are cantilevered 
on the vane-pump rotor shaft opposite the drive end. The open-impeller 
design minimizes the axial-thrust loads and permits the use of compact 
hydrodynamic thrust bearings. The concentric housing, in which the 
forced vortex is formed, produces a uniform radial pressure fie Id,and 
no radially unbalanced forces are generated. The open-impeller design 
and the concentric housing bore are extremely simple and lend themselves 
to simplified fabrication methods. The radial blades on the impeller 
are also not subjected to any appreciable bending by the high centrifugal 
forces created by turbine rotational speeds. 

The number of vanes in the vane stage has been increased from six to 
seven. The choice of an odd number of vanes was made to minimize the 
potential pump flow ripple. To achieve this increase»it was necessary 
to increase the rotor diameter 25 percent. The larger rotor diameter 
permitted the use of a two-piece rotor and shaft construction which 
simplifies the fabrication of these components. The rotor diameter was 
chosen so that it permitted these changes and still was consistent with 
reasonable tip velocities, fluid flow losses, and the charging pressure 
available to accelerate the fluid to vane-tip speed. The increased 
rotor diameter, in combination with the stroke increase and rotor-length 
decrease, actually resulted in a decrease in the unbalanced side loading 
carried by the journal bearings. 
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The vane-stage design still incorporatPo the rotating end plates which 
also serve as thrust bearings to stabilize the axial rotor motion at 
high speed and to carry any thrust load applied to the rotor shaft. 
These fuel-lubricated stepped-land thrust bearings use the sides of the 
cam ring as a thrust surface, as indicated in Figure 2. A pair of hydro- 
dynamic journal bearings support the radial hydrostatic load produced 
by the unbalanced single-lobe configuration. These bearings are also 
fuel-lubricated with high-pressure fuel from the outlet port. The 
journal bearing diameter has been made smaller than the cam-ring bore 
to permit the sleeve diameters to be line-bored as an assembly with 
the can. ring. The outside diameter of the sleeve bearings and the cam 
ring forms the basic envelope for the pump cartridge. The location of 
the axis of rotor rotation relative to the cam-ring bore is properly 
established by doweling the sleeve bearings and cam ring together. 

All porting to and from the vane-pump stage is radial through the cam 
ring.  As noted in Figure 1, the inlet port covers the entire 180 degrees 
while a vane is stroking outward. The outlet port covers the center 
90 degrees of the inward-stroking vane cycle. The widths of the lap 
spaces are such that they are approximately 0.030 inch shorter than 
the circumferential distances between the leading and trailing edges of 
two successive vane tips. Outlet pressure from the outlet port is com- 
municated continuously under all inner vanes through radial holes in 
both journal bearings. 

During the selection of the pump-component materials, the major emphasis 
was placed on obtaining contamination-resistance and high-speed-endurance 
capabilities. The component materials used during the pump-endurance 
and contaminated-fuel evaluations are listed in Table I for the major 
pump components. The materials selected represent a compromise between 
the pump design, fabrication, and contamination resistance requirements. 
The approach taken during the program was to initially choose materials 
which provided minimum fabrication costs while sacrificing endurance 
capabilities until the basic performance of the pump had been determined 
and qualified. This approach was used particularly with the vane assembly 
components, where design changes during the program were to be expected 
during the early performance evaluations. Once the design performance 
was qualified, however, more durable materials were selected. 

The materials selected for the vane assembly components are the most 
critical since they not only affect durability and cost, but their 
density also establishes the level of radial vane loading to be accepted 
by the pivoting tip. For optimum contamination resistance, the tungsten 
carbide cermets are the most logical choice, but their very high density 
(S.G. = 15) produces vane loads in excess of the maximum anticipated tip 
load capacity based on the previous experimental results. Experience 
gained during the program, however, makes their future use much more 
feasible. Titanium carbide cermets (S.G. = 6), such as Ferro-Tic C and 
the molybdenum-bearing cermet used for the outer vane, represent a 
reasonable compromise.  Early outer vanes were electroless nickel-plated 
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TABLE I. COMPONENT MATERIALS LIST 

Componont Material            j 

Rotor D-2 tool ateel, hardened and double  | 
tempereci to 59/61 Re              | 

Cam Ring Ferro-Tic C, hardened to 68/71 Re 

Outer Vane Molybdenum-bearing titanium carbide 

Inner Vane Ferro-Tic C, hardened to 68/71 Re 

Van^ Tip Ferro-Tic C, hardened to 68/71 Re    1 

Journal Bearing SAE No. 67 leaded bronze            j 

Journal and 
Thrust Bearings Ferro-Tie C, hardened to 68/71 Re 
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aluminum, but these were discarded once the performance results indicated 
that the basic vane configuration had eliminated the problems previously 
experienced with the previous fuel pump and had the proper performance 
characteristics to freeze the design. 

The use of Ferro-Tic C was continued for the cam ring and the journal and 
thrust bearings. It has the necessary endurance capabilities and minimized 
fabrication costs for the experimental pump. Since material density has 
no effect on the performance of these components, tungsten carbide cermets 
should be considered for future use to improve the contamination resistance. 
The use of D-2 tool steel for the rotor provides reasonable abrasive-
wear resistance without introducing fabrication complexities. Directly 
hardened high-carbon, high-chromium tool steels such as D-2 have increased 
wear resistance because of the presence of hard chromium carbide particles 
produced during the heat treatment. 

Fabrication of Experimental Fuel Pump 

During the design phase of the program, considerable emphasis was placed 
on component configurations that not only met the pump performance require-
ments but also lent themselves to production manufacturing techniques. 
The experimental fuel pump is only a "bar stock" prototype, however, and 
some compromises to the above approach had to be made to minimize program 
fabrication co^ts. This is particularly evident in the area of component 
material seleccion. Tungsten carbide cermets would be a more appropriate 
choice for the cam ring and journal bearings in production quantities 
where they could be more economically preformed prior to the final grinding 
operations. For the experimental pump, the tooling required for preforming 
was too expensive, and a machinable carbide such as Ferro-Tic G was chosen. 
Such materials allow the wear-resistant qualities to be obtained by heat 
treatment after rough machining to shape from stock blanks. 

In general, the fuel-pump design requires the use of precision machining 
techniques to meet the demands of high rotational speeds. The pivoting 
vane tip and the journal and thrust bearings require close control of 
the component tolerances if the high relative surface speeds are to be 
achieved at the very small operating clearances required. As a result, 
tolerances for straightness, parallelism, concentricity, absolute 
dimensions, etc., on components which operate with these clearances 
are in tne 0.0001-inch order of magnitude. It may be possible to relax 
these tolerances, however, once more experimental high-speed experience 
is acquired. The use of hard, wear-resistant materials to survive the 
contaminated-fuel environment also requires final grinding and lapping 
operations in the hardened state to obtain the precise tolerances. The 
component forms are generally simple, however, and the tolerances can 
be maintained at reasonable costs. 

The potentially most difficult components to manufacture are the pivoting 
vane tip and the outer vane, particularly from carbide. The fabrication 
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techniques  used  for  the   tip proved  quite  successful,  however.     The  tip 
bearing-pad  radius was generated in  a fixture which allowed  it  to be 
ground   in a manner similar  to  grinding a complete  diameter.     Final 
inspection was performed  in the  fixture, and later inspections using 
a Talysurf  surface measuring instrument verified  that  the  pad  profile 
was  correct within 20 microinches.     The  socket diameters  on  the  tip and 
the outer vane  socket proved  difficult  to manufacture and in both cases 
were   form ground.  The  shortened axial   length of  the vane  pump helped to 
minimize  these  difficulties,  but  simpler configurations  should be con- 
sidered in the  socket area.    The  socket design shown in Figure   1 has 
a vane  socket diameter which wraps around the  tip socket diameter a 
sufficient amount to prohibit  radial  separation of the   tip from the 
outer vane during startup.      The amount that it envelopes the  tip has 
to be minimized, however,   to insure   that the tip can rotate  properly 
within the  angular range  required during the pumping cycle.    This type 
of design requires that very close  tolerance be maintained  to insure 
that both conditions are met.     Experience gained during the  program on 
the operation of pivoting tips  suggests, however,   that other approaches 
to this  problem are feasible which would permit a considerable relaxa- 
tion in the  component  tolerances. 

Although emphasis was  placed  on simple  component  configurations,   the 
approach  to  component  tolerances for  the experimental  fuel  pump actually 
made   fabrication more difficult,  particularly  for  the  rotor  and  the 
vane assemblies.    Because  of  the experimental nature of the  program, 
close control  of the  tolerances was maintained to insure  that deviations 
from  the  theoretical  ideal conditions would not  cloud  the  understanding 
of the  pump  performance  results.     It was  felt that a more  realistic 
relaxation of  the tolerances could be made after  the design was qualified 
and its  performance characteristics more  thoroughly understood.    Similarly, 
close control  of the  rotor,  rotor shaft,  and journal bearing assembly 
was maintained  to insure   repeatable   pump assembly conditions  and  to 
allow any potential design modifications  to be incorporated interchangeably 
with  the  original components.     The   line-to-line  fit  between  the  rotor 
shait  and the  rotor and journal bearings and the  tightly controlled 
concentricity between diameters cm  these components are consistent with 
the above approach.    They insure  that  the theoretically ideal    conditions 
aie actually  achieved at a point  in the pump development where   the 
actual   limits based on pump performance have yet to be determined. 

All pump components excapt  the centrifugal impeller and  the axial inducer 
were  fabricated by the  Speedring Systems    Division of Schiller Industries, 
Inc., Warren, Michigan.    The  impeller and  the axial inducer from the 
earlier  fuel   pump were again used in  the latest pump.    All tooling was 
designed and   supplied by Speedring,and  the fabrication techniques used 
reflect  the   prototype  level of production quantities required  to prod' "J 
one complete   fuel pump plus sufficient  spare hardware  to minimize 
program delays when component   failures were encountered.    The  fabrication 
costs  for one  pump assembly were reasonable  (on the order of    $10,000), 
considering  the present experimental   level of the pump development. 
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During discussions with Speedring manufacturing representatives  con- 
cerning  the  pump's potential   for  production manufacture,   it was   indi- 
cated  that the present design had no characteristics which would  be 
considered  impractical or unusually difficult  to manufacture   in  pro- 
duction quantities.    A complete  manufacturing cost  study has  not  been 
made,  however,   since  the dimensional   limits   required  to  insure  reliable 
pump  performance  have not  been determined.     In addition,   this   task was 
not part  of  the  program objectives. 

FUEL-PUMP PERFORMANCE EVALUATION 

Basic  Performance  Results 

The experimental  fuel  pump has been  subjected  to a  series  of  performance 
tests designed  to evaluate  its  abilities  to meet  the  original  perfor- 
mance  objectives while pumping clean,   room-temperature  JP-4 with   the 
inlet  pressure  essentially atmospheric.    The   test program was  designed 
not  only  to  obtain  the  overall  pump  characteristics,  but  also  to  deter- 
mine   the  performance  of  the  individual  components and   their  effect  on 
the  overall  performance.    The  latter  data  are  required   to completely 
understand  the  overall results and help to point out  the  trade-offs 
required  to achieve  high-speed  accessory components  such as   the main- 
engine  fuel  pump. 

The  initial  objective  of  the  test program was  to qualify  the  fuel  pump 
over  a 6000-  to  25,000-rpm speed   range, with  a maximum outlet  pressure 
of 500 psig  to  be  achieved  at  25,000  rpm  (400-psi vane-stage  differential 
pressure).     During  this  phase,   the majority  of  the  necessary design mod- 
ifications were  made.    During  the  next  phase,   the  pump was  evaluated up 
to 40,000-rpm,   650-psig outlet pressure conditions.    The  speed was 
increased in  5,000-rpm increments,  and  a maximum vane-stage  differential 
pressure  of 400 psi was maintained at  each   speed.    Further higher  speed 
testing was  accomplished with a constant  outlet pressure  of 650 psig and 
with  the  speed increased  in increments  of  2500 rpm up to 49,500 rpm.     In 
addition  to  the  above  tests which were  run  on the complete   fuel-pump 
assembly,   the  performance of  the  centrifugal  stage plus  the  pump bearings 
was  obtained up  to 45,000 rpm by  removing   the  vane  assemblies  from  the 
vane-stage  rotor.     This  information,   plus  the  performance  characteristics 
of the  impeller determined  in  the  earlier  program,  permits  a  component 
power-distribution analysis  to be made. 

The overall performance results  obtained  for  the final pump configuration 
are  given  in Table  II.    The experimental  flow-performance  curves  for 
various  pump  speeds  are  shown in Figure  6.     The maximum speed  achieved 
during the evaluation was 49,500 rpm, with  an outlet pressure  of 680 psig. 
Further higher speed evaluation was  terminated because of the power 
limits of the  flat-belt speed-increaser drive.    Belt slippage at  speeds 
exceeding 45,000 rpm led to the decision to make 40,000 rpm the   100- 
percent design speed for the 200-hour endurance  test.    On the basis  of 
this decision, 40,000 rpm was also chosen as  the point to qualify  the 
pump at  the  900-psig overpressure condition.     It should be pointed out, 
however,   that  there was no evidence during  the performance evaluation 
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to indicate that the maximum pump speed is limited to ^.SOO rpm. These 
results were very encouraging because the pivoting vane tips were re- 
quired to support a maximum load of 122 lb/in. with a relative surface 
speed of 180 fps at the 49,500-rpm test conditions. This far exceeds 
any previous tip speeds and loads using JP-4 as a lubricant.  Inspection 
of the tip oea-ing pads and the cam-ring bore surface with a Talysurf 
surface measuring instrument revealed no evidence of contact. 

Two major design problems were encountered during the early performance 
tests at speeds up to 25,000 rpm. The first of these was encountered 
during the first pressure tests at 25,000 rpm, when a breakdown of the 
vane-tip hydrodynamic films occurced as the outlet pressure was increased 
to 375 psig. A subsequent analysis revealed a design error in the 
location of the inlet and outlet port intersections with the cam contour. 
The cam ring was originally designed to provide a zero underlap condition 
with respect to the vanes on both the pumping and sealing lap spaces. 
With zero underlap,there is an instant on both lap spaces in which the 
fluid between the vanes is sealed from both the inlet and outlet ports, 
because the lap space peripheral length is equal to the distance between 
the trailing and leading edges of a pair of vane tips. This condition 
is satisfactory if a vane is not required to stroke on a lap space. 
However, with the eccentric-circular cam contour, this is not the case. 
For example, on the pumping lap space the leading vane is stroking 
inwardjand as a result a flow rate is established from the volume between 
the vanes to the inlet port until the volume is exposed to outlet pres- 
sure. A theoretically infinite pressure is developed between the vanes 
at the instant the flow is sealed from both ports. This condition would 
have occurred at all outlet pressures, except that the inner vanes acted 
as relief valves for low outlet pressure conditions. As the outlet 
pressure was increased, a higher pressure had to be develcied between 
the vanes before the inner vanes would separate and provide a flow path 
to the ports. 

To correct this condition, the inlet-port intersections with the cam 
contour were moved 0.030 inch to provide 4.5 degrees of underlap on 
both lap spaces.  Theoretical calculations indicated that this amount 
of underlap would insure that the pressure buildup in the lap-space 
volumes would not exceed approximately 200 psi at 50,000 rpm. 

It was originally felt that the very high pressures produced in the lap- 
space volumes increased the magnitude of the vane drag to the point 
that ic overloaded the vane tip bearing and produced tip hydrodynamic- 
film breakdown.  In fact, the changes in the port timing resulted in 
the successful operation of the pump at 25,000 rpm and 500 psig with 
no evidence of the above problem. This therefore tended to verify 
that the timing was the sole cause. The 500-psig condition proved to 
be the approximate threshold at which tip hydrodynamic-film breakdown 
would again occur, however, for subsequent operation at this condition 
resulted in tip failures very similar to those previously occurring 
at lower pressure. 
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The continuing tip failures led to the decision to conduct further 
experiments with the pivoting tips to determine their load-carrying 
capabilities under known loads.  This was accomplished by operating 
the pump with a single vane and vane tip and without the inner vane. 
The only vane-tip loading was caused by the acceleration loads produced 
by the rotating mass.  The effects of a pressure differential and the 
resulting vana drag were eliminated.  The objective of this experiment 
was to operate a tip at a speed which would produce a theoretical tip 
film thickness equal to that anticipated for the 25,000-rpm and 500-psig 
conditions.  This 31-microinch film chickness was achieved at 42,500 rpm 
with a Ferro-Tic C vane tip and a titanium carbide vane. 

Two different tips were operated successfully under the above conditions. 
An inspection of the tip bearing-pad surfaces and the cam-ring bore 
surface revealed no evidence of contact or film breakdown.  The tip 
surface speed of 154 fps and loading of 75 lb/in. far exceeded any 
previous conditions with JP-4 as the lubricant. 

The successful results of the above experiments plus a review of all 
previous pump-performance data produced the conclusion that all the 
results were inconaiftent unless it was assumed that the straightness 
of the cam-ring bore changed when a differential pressure was applied 
across the vane stage.  An examination of the structural character- 
istics of the cam ring showed that this assumption was correct. The 
long, axially unsupported section of the inlet-port area had insuf- 
ficient stiffness. Consequently, deviations were produced in the 
straightness of the cam-ring bore in the inlet port when the vane stage 
was subjected to a differential pressure. This allowed the outer edges 
of the ports to deflect radially (approximately 30 microinches) toward 
the tip bearing pals, causing tip contact. Deflections in other areas 
of the inlet port were such as to increase the operating film thickness. 
This reduced the available load support from these areas of the cam 
ring, further aggravating the problem. Axial supports were placed in 
the inlet port at the cam-ring outside diameter which eliminated the 
cam-ring deflections. No further difficulties with vane-tip operation 
were encountered after this modification. 

The elimination of the cam-ring axial deflection also produced a 
significant decrease in the pump leakage rate.  It was apparent that 
the axial deflection produced a large clearance at the thrust bearing 
surface, allowing considerable leakage of high-pressure fluid into 
the inlet-port area. Figure 7 provides a direct comparison of the 
flow rate before and after the installation of the cam-ring supports 
at the 25,000-rpm evaluation conditions. 

It is felt that the cam-ring deflection was the major cause of the 
early difficulties encountered with the pivoting vane tip.  The effect 
of the improper port timing should not be discounted, however. The 
fact that the inner vanes acted as relief valves probably made the 
effect less pronounced.  The use of vane underlap is required for this 
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pump  design and  is  particularly  important at  high  rotational  speeds. 
The  exact effect  of variations   in  the underlap at  different  speeds was 
not  evaluated  further,   however,   since   the  chosen A.5 degrees  of under- 
lap appeared  sufficient when combined with   the  cam-ring  axial  supports. 
It  should also be  noted  that   this amount  of underlap does  not  appear 
to significantly affect  the  pump  leakage  rate.     The   leakage  rate  is 
essentially at  the   level  anticipated during  the  design  phase  and  results 
in a   light-off flow  rate  of 225   Ib/hr at  200psig, which  exceeds  the 
required  185  Ib/hr. 

A high-response  pressure   transducer was  installed  in both   the  pump  outlet 
and  the   interstage volume   to determine  the  pressure-pulsation character- 
istics  of the  pump.     In  the  outlet port,  a  ripple magnitude  of 6 psi 
peak  to peak with a  frequency  of  14  times  rotor  rpm was  obtained for 
the 40,000-rpm,  650-psig  conditions.    At   lower  speeds,   the  outlet  ripple 
was  of  the  same  order  of magnitude with a  frequency of  either  7 or  14 
times   rotor rpm.     This   low level  of outlet-pressure pulsation  represents 
a  significant  improvement  over   the  results  obtained with  the earlier 
experimental  fuel  pump where  pressure pulsations  up to  230 psi peak to 
peak were  noted. 

A different condition  existed   in  the  interstage  volume.     A constant- 
frequency  (14,000 cycles/second)   signal was   noted  at  all   speeds.    The 
magnitude  of  this   signal was  speed  sensitive  and  increased  rapidly as 
the  speed approached  41,000 rpm,where  the  ripple  magnitude  reached a 
maximum of 162 psi  peak  to peak.    At higher  speeds, the  magnitude de- 
creased.     It was determined  that   the  14-kc   frequency noted  is  the 
resonant  frequency of  the  interstage volume.     The  condition of resonance 
occurs  at approximately 41,n00   rpm.    The  same   14-kc  signal was  also 
noted   in  the  interstage  volu   ?  when just  the  centrifugal   stage was 
assembled and operated  across  the  pump speed  range.    The magnitude was 
much   lower during  the  centrifugal  test,  however,   for the  vane  pulsations 
were  not available   to  provide   the disturbing  force.    Theoretical  esti- 
mates   also indicate  that   the  resonant  frequency  of the   interstage 
volume   is approximately  14 kc. 

The  interstage volume   pressure   pulsations do not   appear   to have a major 
effect  on the  pump  performance   over  the  speed  and  pressure  ranges 
evaluated.    This  is  probably due  to the  fact   that   the  centrifugal 
charging pressure  is  conservative  and the  vane-stage  inlet  pressure 
never  drops  low enough   to  produce  filling problems.     No  attempts were 
made   to change  the  interstage  volume  resonant   frequency,   but  tuning 
of  this volume would  probably  be  required during an optimization of 
the pump design where   the  centrifugal head would  be  minimized  to  require 
the more  efficient vane  stage   to  supply a greater   percentage  of  the 
higher  speed pump head. 

In conjunction with  the noted  pulsation in  the  interstage volume,  a 
small  amount of cavitation erosion was noted on  the end  plates of the 
vane  stage.    Although  it  Is  possible that this may be  related to the 
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i;let pulsations, it is felt that the basic cause is just localized 
tavitation duo to obstructions in the inlet flow.  Prior to instal- 
lation of the axial supports in the cam-ring inlet, no erosion was 
noted. The supports represent an obstruction, however, and may cause 
locally high velocities and cavitation in the inlet port. The bubbles 
created arc probably carried into the vane stage,where they centrifuge 
to the bottom of the outer vane slots and collapse against the end 
plates when subjected to outlet pressure.  Additional undervane flow 
passages were placed at the ends of one rotor in an attempt to minimize 
the cavitation damage, but no attempts were made to attack the cause 
since it had little effect on the pump performance or endurance capa- 
bilities. The flow passages eliminated the condition in which the bubbles 
were directed perpendicular to the end plates,where they cause erosion 
upon collapsing.  The additional passage did not eliminate the damage 
completely, however.  The cavitation bubble collapse occurred in the 
added flow passages, but it produced a much lower rate of erosion. 

Endurance Evaluation Results 

The operating conditions and the duration at each condition for the 
200-hour endurance test are listed in Table III. These are comparable 
to typical flight conditions for a military-helicopter gas turbine. 
The 200-hour tost was divided into two segments. A preliminary, 24- 
hour evaluation was conducted prior to attempting pump speeds above 
40,000 r.'m. The 24-hour period was separated into four 6-hour 
segments at 25,000, 30,000, 3S,000, and 40,000 rpm, respectively. 
The decision to perform a preliminary endurance evaluation was made 
in order to obtain the maximum amount of wear data before proceeding 
with the higher risk conditions. 

The remaining 176 hours of evaluation was conducted after the pump 
was evaluated at the maximum speed of 49,500 rpm and the overpressure 
test of 900 psig at 40,000 rpm. The total time was broken into 50 
cycles, 3-1/2 hours in duration.  Each cycle started at 26,000 rpm, 
510 psig and proceeded toward 40,000 rpm, 650 psig, with intermediate 
periods at 30,000, 32,000 and 36,000 rpm. As previously noted, 40,000 
rpm was chosen as the 100-percent speed point.  The design outlet 
pressure of 650 psig at this speed produces approximately a 400-psi 
differential pressure across the vane stage.  This 400-psi differential 
pressure was maintained at all lower speeds to obtain the maximum 
amount of operation at this condition. This represents an accelerated 
test,since typical flight conditions would probably permit lower outlet 
pressures at these speeds than noted in Table III. 

During the final performance and endurance evaluations, one set of 
pump components was successfully operated for a total of 225 hours 
over a speed range from 6,000 to 49,500 rpm.  At no time during this 
period was there any evidence of fuel-pump performance degradation. 
The pump performance parameters were continuously monitored during 
this period.  A complete inspection of all pump components was made 
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TABLE III. ENDURANCE SCHEDULE 

Outlet Time at Percentage 
Speed Pressure Conditions of Total     | 
(rpm) (psig) (hr) Time       i 

25,000 500 6 3 

26,000 510 8 4       | 

30,000 550 24 12 

32,000 570 44 22        i 

35,000 600 6 3        j 

36,000 620 79 39.5      | 

40,000 650 33 16.5      ! 

Totals 200 100 
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prior to initiating the  50-cycle endurance test and after 10, 20, 39, 
and 50 cycles.  No unusual or excessive wear was observed on any of 
the individual components.  Both the tip bearing pads and the cam-ring 
bore surface were inspected using a Talysurf surface measuring instru- 
ment.  The original 0.6-microinch CLA (Center-Line-Average) surface 
finish oil the bore and the 6.0-microinch CLA surface finish on the pads 
remained unchanged in spite of the fact that the surfaces were measured 
at 5Ü,000X and 10,000X magnification, respectively.  They bore no evidence 
of contact or wear throughout the entire endurance evaluations, where 
the maximum tip surface speeds ranged from 90 to 144 fps. 

The only individual component replaced during the entire 225-hour 
period was the vane-stage rotor.  The rotor was replaced so that the 
effects of the additional undervane porting in the rotor could be eval- 
uated.  An inspection of the rotor revealed no evidence of excessive 
wear, and it still met the original manufacturing requirements.  The 
modified rotor was used during the final 30 cycles (105 hours) of the 
endurance evaluation. 

The cavitation damage on the end plates was minor and did not affect 
the performance of the pump during the endurance evaluation. The 
worst-case area was a small pit located at the bottom of each outer 
vane slot. It was approximately 0.025 inch in diameter with a maximum 
depth of 0.003 inch. 

The only other measurable wear noted during the eudurance evaluation 
was confined to the trailing edges of the outer vanes and the inner 
vanes. This wear represents an average weight loss of 1.0 milligram 
for the outer vanes (nominal weight = 0.330 gram) and 0.3 milligram 
for the inner vanes (nominal weight = 0.154 gram). The wear zone was 
located at the contact point of the outer and inner vanes with the 
outer edge of their respective slots when they are in the maximum 
extended position on the pumping lap space. The low vane-engagement 
ratio permitted the vanes to tilt slightly, producing an axial line 
contact zone while the vanes are stroking inward on the pumping lap 
space under a differential pressure. On the outer vane, the wear zone 
is a 0.035-vanc-wide area along the axial length of the vane with a 
maximum average depth of 270 microinches after 225 hours of operation. 
On the inner vane, the wear pattern is a 0.02r)-inch-wide area along the 
axial length with a maximum average depth of 290 microinches after 
225 hours of operation. This wear did not affect the pump performance, 
and the wear rates were decreasing with increased operating time. It 
is felt that this condition represents a "wear-in" period as an area 
contact zone is established. The "wear-in" period is of extended 
duration because of the low wear rates of the carbide materials used. 

The wear in the vane-tip socket area was negligible. The total average 
vane-tip weight loss was only 0.1 milligram (nominal weight = 0.193 
gram).  Repeated Talysurf inspections on the vane-tip bearing-pad radii 
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at   2,000X magnification revealed no evidence  of change  during   the 
endurance evaluation.     The  pump journal and  thrust  bearings also 
survived the  endurance  evaluation with  no measurable wear or evidence 
of  breakdown  of  their  respective hydrodynamic  films. 

Contaminated-Fuel  Evaluation Results 

The experimental   fuel  pump was  subjected  to a series  of contaminated- 
fuel   tests designed  to determine  the  mechanical-erosion  resistance  of  i"he 
fuel  pump and  the   susceptibility of  the  basic design concepts   to  the 
contaminated environment.     The  same  pump hardware   that had completed 
200 hours of  endurance  t'sting was used   for  the  contamination  evalua- 
tions.     It was  felt   that  the   performance  characteristics of  the   fuel 
pump could be  more   realistically defined  if  the  same  hardware was  used 
during both   the  endurance  and  contamination  evaluations.    In  addition, 
the  hardware  met   the  original manufacturing  print  requirements  at   the 
completion of  the  200 hours. 

During  the  first  phase,   the  pump was   subjected to  four  1-gram slugs  of 
contaminant  at  36,000 rpm with  an outlet   pressure  of  620 psig.     The 
contaminant  mixture  for  each  slug is  given  in Table  IV;   the  tests were 
performed in the  order noted.     The  pump was  operated  for  1/2  hour  after 
injection of   the  contaminant   slug to  the  pump  inlet.     The results were 
encouraging  because  no measurable  flow degradation  or   increase  in 
input  power  occurred during  or after   the   injection  of  the contaminant. 

The  pump was  visually  inspected after  each  cycle  to determine   the  effects 
of  the various  types  of  contaminant.     The  Arizona  road dust  and  the 
large   silica  sand  particles  produced  the   only evidence  of damage.     After 
Cycle No.  1,  a light erosion  of the end plates was noted in the area 
where  there   is  leakage  past  the ends  of  the  vane   tips  on the  pumping 
lap  space.     Damage   to  the  outside diameter  of  the  aluminum axial   inducer 
was  also noted.     Cycle No.   2  produced  some   ligrt   scuffing on  the  cam- 
ring sealing-lap-space area where the clearance between the  cam ring 
and  the  rotor   (0.005  inch)   is   less  than  the  silica  sand  particle   size. 
The vane tips were  not affected by this  light cam-ring  scuffing,and 
they  showed  no evidence  of degradation of  the  tip  load-support  capa- 
bility.    The  final  two cycles   produced no  additonal  changes  in  the   pump 
components.     An  inspection after the  above  experiments  revealed  that 
the   tip bearing-pad  surface  finishes were  virtually unchanged.     The 
overall cam-ring  bore  surface   finish changed from 0.6 microinch CLA 
to 0.9-microinch CLA due  to a  few  light  scratches which were  noted. 
In the sealing-lap-space area, where  the   large  silica  sand particles 
were crushed between the cam ring and  the  rotor,   the  surface  finish 
was  a maximum of  2.5 microinches CLA.     Light contaminant polishing 
was  noted on  the   sides  of the  vane slots  in the  rotor,  but  it was  not 
enough to remove  the original machining-tool marks. 

During the  final  phase  the  pump was operated over a  speed-pressure 
schedule while the contaminant was continuously introduced to the 
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TABLE IV. "SINGLE-PASS" CONTAMINANT SCHEDULE 

Arizona Road Dust Silica Sand Silica Sand Total 
Cycle (A.C. Spark Plug Co. 177-250 250-420 Iron Contami- 
No. Part No. 1543637) microns microns Oxide nant j 

(gm) (gm) (gm) (gm) (gm)  | 

1 1 0 0 0 1   | 

2 0.8 0.1 0.1 0 1   | 

3 0 0 0 1 1   I 

4 0.2 0.025 0.025 0.75 1 
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inlet at a rate of 11 grams/hour. The speed-pressure schedule was 
identical to that used during the endurance evaluation except that 
each cycle was 3 hours in duration. The percentage of time at each 
condition is shown in Table V. The JP-4 fuel was contaminated essen- 
tially as prescribed by MIL-E-5007-C except that the cotton linters, 
napthenic acid, and salt water were omitted. The latter components 
were omitted because the basic objective of the evaluation was to de- 
termine the abrasive-wear resistance of the fuel-pump hardware. The 
contamination rate of 12 grams/hour produces an average contaminant 
density of 40 grams/1000 gallons of fuel pumped. The mixture con- 
sisted of 75 percent 0- to 10-micron iron oxide, 5 percent 177- to 
420-micron silica sand, and 20 percent coarse Arizona road dust (A. C. 
Spark Plug Company Part No. 154363 7). 

The experimental fuel pump was operated for a total of 34 hours at the 
above conditions. At no time during this period was there evidence of 
a pump mechanical failure or an increase in the required input power 
at each condition. There was considerable flow degradation, however, 
and this is shown in Figure 8 for the 40,000 rpm, 650-psig conditions. 
The pump was disassembled once during the 34-hour period for a complete 
inspection at the 16-hour point. This was done to determine why there 
was a more rapid deterioration in the flow performance after the first 
10 hours. 

The inspection revealed considerable erosion of the end plates in the 
area where there is leakage past the  ends of the vane tips on the 
pumping lap space. The start of this erosion had been noted after 
Cycle No. 1 in the slug tests. The erosion is noted in the photograph 
presented in Figure 9.  The maximum depth of the cavities noted is 
approximately 0.004 inch. Although additional damage was found on 
some of the other components, it was not considered serious and should 
not have affected pump performance. The pivoting vane tips and cam 
ring bore showed no evidence to indicate relative contact. The per- 
formance of the pivoting tips was not affected by the contaminant at 
this point.  Inspection of the tip bearing pads revealed a slight 
deterioration of the surface finish, but no changes in the pad profile. 
A light erosion of the leading edge of the tip axially aligned with 
the two inlet ports was observed. The sealing lap space area also 
showed additional scuffing from the large silica sand particles and 
a resultant material removal of 50 microinches at the outer ends of 
the cam-ring bore.  The overall cam-ring bore surface finish had 
increased to 4.0 microinches CLA. 

The end-plate damage appeared to be due to the impingement of the 
contaminant perpendicular to the end plates. This action probably 
attacks the Ferro-Tic C binder material (tool steel) and suggests 
that a low-binder carbide should be used in place of the Ferro-Tic C, 
which is 50 percent binder. To confirm this, the end plates were 
refaced with a 0.040-inch-thick layer of tungsten carbide (G. E. Grade 
883). The tungsten carbide was bonded to the end plates with a high- 
temperature-cure epoxy adhesive. 
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TABLE V. CONTAMINATED-FUEL SCHEDULE 

Tirre at Percentage 
Speed Outlet Pressure Conditions    ( Df Total Time   | 
(rpm) (psig) (hr) 

26,000 510 1.7 5 

30,000 550 3.4 10 

32,000 570 8.5 25 

36,000 620 15.3 45.      j 

40,000 650 5.1 15 

Totals 34.0 100 
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It was intended to reassemble the pump with the same components, except 
for the refacing of the end plates. It was found, however, that the 
technique used to bond the tungsten carbide permitted slight distortions 
in the flatness of the faces when the journals were axially loaded 
during assembly. Tiis reduced the end clearance slightly, and one vane 
tip would not stroke properly because of insufficient end clearance. 
The rotor originally used at the start of the endurance evaluation was 
then installed because it was slightly longer and permitted proper vane 
stroking in spite of the end-plate distortion. The performance of 
the pump was then established after the noted changes using clean JP-4, 
and the contamination evaluation was continued. The flow performance 
after the changes is noted in Figure 8. Repairing the end plates did 
not eliminate all of the first 16-hour flow degradation.  It is felt 
that the remaining flow loss was due to increased leakage past the 
ends of the tips. The end corners of the tip pads and the edges of the 
cam-ring bore in the lap-space areas were chamfered by the contaminant. 
This still permitted excessive leakage past the ends of the tips because 
a small orifice that leaked continuously was produced. The increase in 
the flow rate after the refacing of the end plates represents the con- 
tribution of the original end plate damage to the total flow degradation 
experienced during the first 16 hours. 

The flow performance continued to degrade with continued operation. 
During the last 3 hours of operation, the rate of degradation increased 
considerably, and this led to the decision to terminate further evaluation. 
Aftor 34 hours, the volumetric efficiency had decreased from the original 
88 percent at 40,000 rpm, 650 psig, to 60 percent.  This represents a 
total leakage of 1020 Ib/hr, or 40 percent of the theoretical capacity 
of 2540 lb/hi at 40,000 rpm. 

The power required to drive the pump actually decreased during the 
contamination evaluation. This is due to the fact that the flow required 
by the vane stage from the centrifugal stage decreases as the vane-stage 
internal leakage increases.  This represents throttling of the centrifugal 
stage, which requires less power at lower flow conditions. The decrease 
in the required centrifugal-stage power represented 100 percent of the 
decrease in total pump inlet power. The required vane stage power 
remained essentially constant over the 34-hour period. 

A complete inspection of the components was made after termination of 
operation. Considerable damage was noted on all components, except for 
the refaced end plates. There was evidence that the tip performance 
was marginal, and areas of relative contact between the tips and the 
cam-ring bore were noted in the lap space, particularly at the axial 
center of the cam ring. The complete hydrodynamic film had not been 
destroyed, however, b cause this would have produced a considerable 
increase in the power requi.-c' to drive the vane stage. The above 
condition was quite encouraging, however, considering the level of 
damage encountered by the components. 

The cam-ring bore straightness, which was originally within 5 microinches, 
was found to have low areas with a maximum depth of 100 microinches. 
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Material removal at the ends of the sealing-lap-space area was as much 
as 100 microlnches.  The overall cam-ring bore surface finish had 
increased to a range of 6.5 to 12.0 microinches CLA. All vane tips 
had as much as 80 microinches removed from the bearing-pad surface, and 
the wear was axially distributed to reflect the location of the inlet 
ports. Where the two ports arc located, very little material removal 
was noted.  This condition is shown schematically in Figure 10.  The 
bearing-pad profile was also changed in the highly worn areas.  The 
pad radius in these areas was found to be approximately the same cs 
that of the cam ring, and in some cases if was larger. 

The wear pattern on the vane tips reduced the effective bearing length 
of tlui tip to approximately 25 percent of the tip length on the lap 
spaces.  In the port areas, only the damaged portions of the tip length 
wore available for load support because of the location of the ports 
relative to the erosion.  It appears that the tips were able to operate 
under such conditions only because of the extremely stiff bearing design, 
which permits overloading of the bearing without large reductions in 
the minimum film thickness. 

The axial alignment of the erosion of material on both the tips and 
the lap spaces would also produce a leakage path across the tip surface 
in this area.  This condition, once formed, probably permits acceleration 
of the erosion because more contaminant is allowed to enter the hydro- 
dynamic film.  It is felt that the potential for accelerated wear 
justified the marked increase in erosion noted during the last 18 hours 
as compared with the relatively light erosion noted during the first 
16 hours. 

The wear on the vane assemblies was considerably more than that en- 
countered during all previous operation on clean fuel. The wear repre- 
sented an average weight loss of 2.6 milligrams for the outer vanes, 
1.6 milligrams for the tips, and 1.5 milligrams for the inner vanes 
over the 34-hour period. The major damage occurred on the leading edges 
of all these components.  For example, in the vane socket area, no 
measurable damage occurred on the trailing portion of the socket where 
the tip is usually in intimate contact and the clearance is removed. 
On the leading portion, the clearance formed permitted the contaminant 
to enter and cause wear as the tip rotated.  The same is true for the 
sides of the outer vane.  Local wear on the leading edge produced as 
much as 500 microinches of material removal. The overall outer-vane 
width was reduced approximately 100 microinches. The wear pattern 
developed on the trailing edge during endurance testing showed negligible 
change, however. In addition, chipping of the leading edge ends of the 
outer vanes in the socket area was noted on two vanes. This was 
probably duü to the fact that much of the contaminant appeared to flow 
to the ends of the rotor, and this area on the vane must push the larger 
silica sand particles through the sealing lap space/rotor clearance 
(0.005 inch). 
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Tho rotor proved to be the most susceptible to damage from the con- 
taminated fuel.  The outer vane slot widths increased as much as 0.002 
inch on both rotors.  This should not have affected pump performance, 
however.  The inner-vanc slot widths had negligible wear on the first 
rotor, but three consecutive inncr-vane slots on the second rotor had 
localized increases in width from 0.001 inch to 0.005 inch.  The re- 
mainiiy; four slots were approximately the same as the first rotor.  The 
inner vanes did not have comparable wear, and their overall width and 
the trat 1ing-edge wear pattern noted during endurance testing remained 
essentially unchanged.  It is felt that the increased leakage produced 
on the inlet portion of the pumping cycle by the much larger inner vane 
clearance contributed a significant amount of the total flow loss 
encountered.  Unfortunately, no explanation of why just three consecutive 
inner-vane slots wore has been established. 

The chamfering of the edges of the cam-ring bore continued during the 
final 18 hours, and a maximum 0.010-inch chamfer was formed in the 
pumping lap-space area. The end-plate erosion noted with Ferro-Tic C 
was virtually climimted by the use of tungsten carbide.  Only very 
small cavities with a maximum depth of 170 microinches were formed. 
The thrust-bearing performance was excellent and no damage was en- 
countered.  The journal-diameter wear was also low, with a maximum 
diametral reduction of 100 microinches.  The bronze sleeves started 
to show some deterioration after 34 hours, but the overall journal 
bearing performance was good.  The sleeve diameters were tapered with 
a maximum diametral increase of 700 microinches where high-pressure 
fuel enters tin clearance. At the low-pressure ends, the wear was 
negligible.  This change in diameter allowed increased bearing leakage, 
but it represents only a small percentage of the total flow loss. 

It should be again noted that although the flow performance was unaccept- 
able with contaminated fuel, the mechanical performance remained good 
in spite of considerable deviation from the ideal in the component 
geometrical configurat ions. 

Discussion of Performance Results 

The experimental fuel pump has proven capable of meeting both the 
overall program objectives and the actual performance goals outlined 
at the start of the program; an exception is its ability to withstand 
long-term exposure to contaminated fuel.  The results demonstrate 
that the pump has turbine-speed capability with low-viscosity fluids 
without sacrificing the endurance performance of the equipment. 

The required fuel flow rates at design pressure have been achieved for 
both light-off and 100-percent speed (40,000 rpm) conditions.  In fact, 
the 100-percent speed fuel flow requirement of 2000 Ib/hr was exceeded 
at the 900-psig overpressure condition .  The flow-performance curves 
(Figure b) show that the pump leakage rate is essentially constant 
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and independent of changes in pump speed.  The maximum fuel temperature 

rise of ICPF at the 100-percent speed conditions represents a 50- 
percent reduction from that obtained during the previous research program. 
Approximately 70 percent of the temperature rise is generated by the cen- 
trifugal stage, which has a 29- to 33-percent overall efficiency over the 
pump speed range.  The centrifugal-stage efficiency is three times greater 
than previously obtained due to improvements in the diffuser design. 

The maximum test speed of 49,500 rpm established that the pivoting vane 
tip is capable of operating at surface speeds as high as 180 fps with 
significant load-carrying ability (122 lb/in.).  The contaminated-fuel 
experiments also demonstrated that this tip is not catastrophically 
sensitive to contamination damage. It verifies that the pivoting tip 
can perform its function of reducing vane drag at much less than the 
theoretically ideal conditions. Although the pump was operated for only 
2 hours at speeds above 40,000 rpm, the results were positive at these 
speeds and it appears that the upper speed limit of the tip concept has 
not been reached. 

The distribution of the pump input power at various operating conditions 
is outlined in Table VI.  It is important to note the low power loss 
assigned to the drag of the hydrodynamically lubricated pivoting vane 
tips.  On the basis of the early pump performance results obtained when 
hydrodynamic film bro.kdown occurred at the 25,000-rpm, 500-psig conditions, 
it is estimati I that this power loss would be as much as 25 times greater 
using boundary-lubrication techniques. The estimated coefficient of 
friction, based on the measured power loss, for boundary lubrication 
is 0.055. The coefficient of friction for the hydrodynamic tip is 
0.002 when estimated from power data taken at 49,000 rpm. 

During the 25,000-rpm tip failures, the input power required to drive the 
pump increased from 2.2 hp to 3 hp. The additional loss of 0.8 hp severely 
penalizes overall pump efficiency and demonstrates the need to maintain 
the hydrodynamic film.  Even though the carbide material used for the 
tips and cam ring is quite durable, the above failure also caused enough 
scoring of the respective surfaces to indicate limited endurance capa- 
bilitirs at the 90-fps surface speed. 

The overall pump efficiency is not high, as noted in Table II.  Con- 
sidering, however, the relatively low pump-flow capacity and the extremely 
high rotational speeds, it is still respectable.  The centrifugal charging 
pressure appears to be conservative, and once the minimum requirements 
of the vane stage are experimentally determined, it may be possible to 
require the more efficient vane stage to supply a greater percentage 
of the higher speed pump head.  This, plus optimization of the bearings 
and the leakage parameters, should allow for some improvement in the 
overall efficiency. The performance results indicate that smaller bearings 
are possible, since it appears that the present bearings are conservative 
in design for the loads they are required to support.  The smaller 
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bearings would  result   in  lower mechanical-power  losses.     It  is  doubtful 
that  the  flow  losses   in  the vane  pump can  be   reduced  significantly 
because  of  the  very  high fluid velocities  at   the  high  rotational   speeds. 

Generally,   reduced  efficiency  is   the  major   trade-off required   to achieve 
high  rotational   speeds.     This   takes   the  form  of  increased  mechanical 
and  flow   losses.  The   use  of  the   pivoting  vane   tip plays  a major   role, 
however,   in  keeping   the  losses  acceptable  as well  as  providing   the   neces- 
sary endurance  qualities. 

The  vane   redesign  proved  successful   during   the   performance   testing. 
The  previous   operational deficiencies,   such  as  undcrvanc   impact  conditions 
and  high  outlet   pressure  pulsations  experienced  witli   the   earlier  design, 
were   successfully  eliminated.   The   only   limitation  noted witli   the   present 
design  is   its   low vane  engagement   ratio,and   this  did not  affect   the 
pump's  general   performance. 

The contaminated-fuel   experiments  generally   indicate  that   to  endure   the 
MIL-E-5007C  contaminated-fuel   requirements,   the  component     materials 
must  be  more   erosion   resistant   than Ferro-Tic  C.     It  should   be   pointed 
out,  however,   that   the   12 grams/hour  of  contaminant  rate was  maintained 
in spite  of a  decrease  in  the  total  number  of gallons  pumped.     At   the 
start   of   the   test,this   represented  a contaminant  density  of 40  grams/1000 
gallons  of fuel   pumped.    After  3A   hours,   this  had  increased   to 60 grams/ 
100 gallons   of   fuel   pumped, which  exceeds   the   specification  requirements. 
It  is  felt   that  the   increasing contaminant  density  is  one  reason  for  the 
acceleration  of the  component damage with  time.     Although   the  flow per- 
formance   in  the  contaminated environment   is  not  acceptable,   the  results 
indicate   that   the basic design concepts  incorporated  in  the  experimental 
fuel  pump are   not unduly  sensitive   to  this  environment.     On  the  basis 
of the  superior  performance  of   the  tungsten  carbide end  plates,   it  would 
appear  that  its  use  in all other vane-stage  components would  practically 
eliminate  the   flow performance  difficulties.     A  tungsten carbide  rotor 
appears  impractical,   however,  and  compromises  will be  required.     The 
experience  gained with  the performance   of  the  pivoting  tip makes   the  use 
of tungsten carbide  vane-assembly components   reasonable,   in  spite  of 
its h igh density . 

CONCLUSIONS 

The experimental performance results obtained during this research program 
have been positive. The operational deficiencies experienced with earlier 
hardware which used the same basic technologies have been eliminated. The 
present experimental fuel pump represents a significant step toward the 
development of flight hardware capable of operating at engine shaft spt^d. 
It meets the basic performance requirements of a main-engine fuel pump 
typically  required  on  small,  high-speed  gas-turbine  engines. 

It presently appears   that a variable-displacement  capability  could  be 
developed directly  from the  present  hardware without altering  the 
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ostablishod  high-speed  capabilities.     This  is  important  because   significant 
gains  in  overall   Cvicl-system performance  can  result   from  the  use  of a 
variable-dlsplaccmont   fuel  pump.     In  addition,   the  basic  configuration 
appears   to provide  for  performance  over  a relatively wide  range  of pump 
capacities  and   speeds.     It   is   felt   that   the  configuration  is  best applied 
to   low-capacity,   very high-speed   fuel   pumps,   but   larger-capacity,   lower- 
speed   single-lobe  vanr   pumps   arc   feasible.     It would  appear,   however, 
that   the   basic  concepts   should   he  applied   only   to pumps with   100-percent 
design   speeds   greater   than   approximately   15,000  rpm  to  obtain   the neces- 
sary  journal-bearing   load  capacity with   low-viscosity  fluids. 

The  heart   of   the  pump,   the   pivoting vane   tip,   provides  definite  endurance 
and   power-consumption  advantages.     Both   the  experimental   results  and 
theoretical  analyses   indicate   that  even higher  surface   speeds   can be 
achieved   in   spite   of   the   poor   lubricating qualities   of   the   turbine  fuels. 
The  maximum  speeds  achieved  will   likely  be  limited   by  the   level  of  flow 
losses   in  the   vane   stage which   produce  unacceptable  efficiency  character- 
istics.     This   efficiency   limit  would   be   reached  at much   lower   speeds, 
however,   if   it  were not   for   the   low  levels  of vane-tip drag made  possible 
by   the   use   of   the  pivoting  vane   tip. 

The   pump   is   capable  of  operating  at  engine  shaft   speeds   in  the  contaminated- 
fuel environment.    To maintain   the   flow-performance  characteristics during 
long-term exposure  to this   environment,   it appears  necessary   to  incorporate 
the  use  of  tungsten carbide   for   the  vane-stage  components.     The use of 
tungsten  carbide  cermets will generally  increase  the manufacturing cost 
of   tiie   pump  components,   and   should  be   considered  only when  absolutely 
necessary,   since  they are  not  required   to achieve  high-speed   endurance 
characteristics  in  the   fuel  pump.     The   pump can accept  high-density  slugs 
of  contaminant  without   performance  degradation even  though  less  contamina- 
tion  resistant materials were  incorporated  in the  design. 

RECOMMENDATIONS 

Because   of   the   positive   results   obtained  during  this  research   program, 
it   is   recommended  that   the  basic  concepts generated  be  considered in  the 
planning  of  any   future   programs  dealing with high-speed  pump development. 
This applies  not only to  fuel  pumps,   but also to high-speed  hydraulic 
pumps where   it   is necessary  to maintain  reasonable   levels  of mechanical 
efficiency.     It  is  suggested  that the   Initial effort be directed  toward 
the  development  of hardware with variable-displacement  capability,  particu- 
larly  for  fuel-system applications which require high turn-down ratios 
and minimum  fuel  temperature  rise.     In addition,   It   Is   felt   that future 
hardware  should also be evaluated at higher   fuel   pressures   (up to approxi- 
mately   1500  pslg)  to Insure  that  the  basic concepts can  function properly 
across  the  full pressure  range  required by various  fuel-system applications, 

Although  the   performance of  the  basic  configuration was highly encouraging 
during  this  program,  details  remain which should be  investigated in 
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greater depth.  The following is a list of such details and suggestions 
on how they should be dealt with in the future: 

(1) The optimization of vane-stage component materials to insure 
satisfactory flow performance in the contaminated-fuel environ- 
ment.  Although tungsten carbide cermets appear to be ideally 
suited, less contamination-resistant materials may suffice 
for certain components and allow minimization of production 
costs.  It is suggested that this he considered once a particular 
pump application has been defined, rather than for a generalized 
configuration. 

(2) The experimental determination of the performance character- 
istics of the pivoting vane tip to establish its operational 
limits over a wider range of speeds, loads, and fluid viscosities 
than experienced during the present program.  Information on 
the required level of tip geometric accuracy should be developed 
before attempting to apply the tip to an actual flight hardware 
design.  The experimental evaluation of the generalized tip 
configuration discussed in Appendix II should also be considered, 
because of the apparent benefits that it may provide. 

(3) The optimization of the centrifugal stage design.  In conjunction 
with this effort, the charging pressure needed to provide proper 
vane stage filling should be experimentally determined.  This 
would probably be best handled, however, in conjunction with 
each particular fuel system. 

(4) The investigation of alternative or improved vane designs, 
with the basic objective being to provide larger vane engage- 
ment ratios in pumps with small rotor diameters. 
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APPENDIX I 

LABORATORY   SETUP AND EQUIPMENT 

A   10-hp motoring dynaniometer with a maximum speed of  6000 rpm was used 
to  drive  the  experimental   fuel  pump.    To achieve  the  pump speeds,   a 
flat  belt drive  specd-increaser  system was used which  provides  a  9.5/1 
speed  inccase.     The  pump was  directly driven through  keys by an exten- 
sion  to  the  high-speed  pulley.     An aluminum shear-pin  failure  link was 
used  to disconnect   the  drive   system in  the  event  of  a  pump failure  or 
overload.    The  keys were  provided to limit   the  axial   loading of the 
pump   thrust  bearings  by   the   speed-increaser  system.     The drive   shaft 
assembly was  sized   to  place  all  critical  shaft   speeds  above  50,000  rpm. 

The   specd-increaser  system and  the experimental  fuel  pump assembly are 
shown  in Figure   11.     The   torque  required  to drive   the   speed-increaser 
system is essentially  constant  across  a 25,000-   to  50,000-rpm speed 
range.     This  torque  is   approximately  10 percent   of  the   torque  required 
to drive  the  fuel  pump  at  the  40,000-rpm,   650-psig conditions.    The 
low  torque  level with   respect   to  the  required  pump drive  torque  permits 
a more  accurate  determination  of  the  required  fuel  pump input power. 
The   torque  required   to  drive   the  speed-increaser  system was checked 
frequently during  the   test  program to insure  that no variations  occurred. 
The  overall system proved to be  quite  reliable  at  speeds up to 40,000 rpm. 
At  higher  speeds,,onsiderable  belt  slippage was  encountered because  of  the 
increasing power  required  to drive  the  pump.     It was  difficult  to main- 
tain belt  tension  for   long periods at  the  higher  speeds  because  of  con- 
tinual  stretching  of  the belt.     These  problems  required that all endurance 
testing  be  conducted  at  a maximum speed of 40,000 rpm. 

The   fuel pump was   instrumented  so  that  flow rate;   inlet,   interstage,  and 
outlet  pressures;   inlet  and  outlet  temperatures;   speed and input  power 
could all be monitored  continuously during  the   test  program.    The  photo- 
graph  of  the   laboratory  control  room in Figure   12  shows  the arrangement 
of   the  instrumentation  and  the  dynamometer  controls. 

The  pump outlet  fuel was  filtered using a  10-micron nominal  filter prior 
to  being returned   to  the  reservoir.    The  test   fluid used  for ell  the 
experimental  pump evaluations was JP-4 turbine   fuel with a specific 
gravity  of 0.75 and  a  kinematic viscosity  of  0.9 centistoke at  80oF. 
The   flowmcters were  calibrated using the  same  fuel as  that used  for  the  test 
program.    They were  calibrated  before  the   test  program was  initiated 
and  after completion  of   the  contaminated  fuel experiments.    No changes 
in   the   flowmeter calibration curves occurred  over  this  period  of  time. 

Tho  continuous  belt  system used  to introduce  contaminant  into the  pump 
inlet  during  the  contamination  fuel evaluations   is  shown in Figure   13. 
The  motor-driven belt   introduced (. intaminant at  a  rate  of  12 grams/hour. 
Tho  contaminant dropped  off  the  bej.t and down  a  tube   in  the  reservoir. 
The   tube was   located  on  the  axis  of a  funnel  in  the  reservoir and 
directed  the  contaminant  to  the  outlet area of  the   funnel.    The  funnel 
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outlet was  connected  directly  to  the  pump  inlet,insuring  that all the 
contaminant was   introduced  into  the  pump  inlet  in a uniform manner.     Fuel 
was  returned   to  the   reservoir at   its  base  and   the  reservoir  level was  main- 
tained  above   the   top   of  the   funnel. 
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APPENDIX II 

DETAILS  OF VANE-TIP DESIGN ANALYSIS 

The   objective  of the  pivoting   vane tip concept   is   to  provide a vane   tip which 
acts  as a hydrodynamic   thrust   bearing capable  of  supporting all  radial 
vane   loading without  contact   between  the vane-tip  surface and  the cam- 
ring   surface.     The   loading is   supported by   the  self-generated hydrodynamic 
pressure produced  in  the  fluid  film between  tiic   tip and  cam-ring surfaces. 
The  generation of  the  hydrodynamic  film allows  for operation at increased 
relative  surface  speeds  between  the  tip and  cam ring witli  the corresponding 
reduction in friction  and component wear rates normally  characteristic 
of hydrodynamic  lubrication. 

The  pivot design provides  the   necessary tip  rotational   freedom that  allows 
the   tip bearing surface   to follow the  cam-ring  surface   as  the angle  be- 
tween  the normal  to   the  cam surface and  the vane  center   line varies during 
one  complete  rotational  cycle   of a vane.     This  rotational  freedom also 
provides  the  tip bearing with   the  self-adjusting   taper   angle capability 
of a   tilting-pad bearing  to produce optimum operation   over a wider  range 
of operation conditions. 

The  pivoting vane-tip design  for  the  fuel  pump  is  centrally pivoted. 
For centrally pivoted  pad bearings,  there must  be  a relative crown between 
the bearing pad and  the  thrust   surface it  runs against   in order  to produce 
a hydrodynamic film.     In the usual applications,the thrust  surface  is 
flat  and the bearing  pad  is  slightly convex.     The  convex crown on the 
pad is  approximately  the  same  magnitude as  the minimum  film thickness 
for maximum load support.     In  the pump application,   the   thrust  surface 
is the  circular cam ring surface.    To produce   the  relative crown between 
the bearing pad and  the cam ring,  the pad has  a  slightly  smaller radius 
than  the  cam ring.     The  bearing pad need only  be  convex  relative  to  the 
cam ring, but a true  radius is much easier to  produce in practice. 

A computer program developed  at   Battelie's  Columbus  Laboratories was 
used  to analyze  the  application  of  the bearing  to  a vane  pump.    The 
program is  based upon  the  solution of the Reynolds  equation  for  the  no- 
side-flow condition.     This  two-dimensional  analysis neglects bearing 
side   flow along the   length,  but   the  relatively   long vane-tip  length   in 
comparison to the  pad width makes  this assumption   reasonable.    The  addi- 
tional  assumptions  involved are   that the  fluid  viscosity  is  considered 
constant  and  that  the   fluid is   incompressible.     These assumptions are 
realized when  low-viscosity fluids  such as water are used.     Previous 
Battelle  research with JP-4 turbine fuel has also  indicated good cor- 
relation with this theoretical  approach. 

The resulting load capacity per unit  length developed using  this analysis 
is given by 
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The  load variable  (C)  is a function of the  relative  surface profiles as 
defined by the  parameters   6 and the minimum film thickness (h ).     6 is 
defined as follows: 

6' I2 L r ■ ir ] <2> t        cr 

The relationship between the load variable (C) and the ratio 6/h is given 
in Figure 14. This curve was developed from the computer analysis of two 
completely different tip geometrj-^s to demonstrate that the load variable 
is only a function of 6/h and independent of tip surface speed (U), and 

the geometrical size. It is a theoretical plot and tb-refore does not 
include the effects of temperature rise in the film of fluid and the 
resulting decrease in fluid viscosity. This nondimensional curve can be 
used to determine the tip design for any vane pump as long as it is cen- 
trally pivoted and the height of the pad surface from the pivot point is 
relatively small (less than approximately 0.050 inch). The analysis 
defines the parameters which allow the vane tip to be evaluated indepen- 
dently of the resulting pump diameter. 

The maximum load support is obtained when the ratio of 6/h is approxi- 

mately 0.5. Once a tip radius is chosen, then the maximum load variable 
(C) is obtained at only one minimum film thickness (h ). For the fuel 
pump, the tip radius was chosen so that the load capacity is essentially 
optimized when the operating minimum film thickness is in the 20- to 35- 
microinch range. This range of minimum film thicknesses is required in 
order to support the anticipated radial vane loads with a bearing size 
consistent with the overall pump geometry. Previous experience had 
indicated that a pivoting tip of reasonable geometric accuracy could be 
expected to operate at theoretical minimum film thic knesses as small as 
20 microinches. 

The 0.387-i.nch tip radius and the 0.395-inch cam-ring radius produces 
a 6 = 24 microinches for the fuel-pump tip-bearing design. The resulting 
theoretical load capacity for a tip surface speed of 180 fps is shown 
in Figure 15. This bearing design is extremely stiff within the antici- 
pated operating film-thickness range; and a bearing is provided that 
operates at a nearly constant film thickness over a wide range of loads. 
This bearing performance is obtained at all an^ulflr positions of a vane 
during the pumping cycle, and it is possible to achieve this condition 
only because the cam-ring radius of curvature is constant. The minimum 
theoretical film thickness anticipated for the fuel-pump design was 
26 microinches, and it occurs on the inlet port at 49,500 rpm. The 
bearing load support at this point is 122 lb/in. of bearing length. 
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Since the vane tips in a vane pump arc subjected to differential pres- 
sure across their width, the design must incorporate the necessary features 
which insure that the net hydrostatic rotational moment applied to the 
tip is essentially zero for all operating conditions. A pivoted-pad 
bearing exposed to a uniform hydrostatic pressure field will automatically 
rotate to a position of stable equilibrium. Equilibrium occurs when the 
resultant force produced by the hydrodynamic pressure profile passes 
through the pad pivot.  This position also provides the proper orienta- 
tion between the tip bearing surface and the cam-ring surface to promote 
the hydrodynamic load-carrying pressures in the film.  Tu maintain this 
orientation, the hydrostatic moments created by the pressure differential 
must be counterbalanced by additional moments proportional to the mag- 
nitude of the pressure differential.  In addition, it is necessary to 
insure that if the tip is disturbed from the equilibrium position, then 
the resulting moment created be of proper direction so as to return the 
tip to the equilibrium condition. 

The generalized pivoting vane-tip configuration shown in Figure 16 insures 
that the above conditions are met.  Hydrostatic pressure acting against 
Surfaces 1, 2, and 3 produce moments which counterbalance the hydro- 
static moment generated by the hydrostatic pressures acting on the bearing 
surface when the vane tip is subjected to a pressure differential. These 
moments automatiCc'Jly reverse direction in phase with the bearing pad 
surface moments. The higher the magnitude of the hydrostatic pressure 
relative to the self-generated hydrodynamic pressure, the more critical 
the need to maintain an essentially zero net hydrostatic moment. This 
condition occurs in the fuel pump at the low-speed light-off conditions. 
At higher speeds, the hydrodynamic pressure is dominant and capable of 
producing stable equilibrium in spite of a net hydrostatic moment. 

The tip configuration used in the fuel pump is a specific example of the 
generalized tip shown in Figure 16.  The fuel-pump tip only requires 
Surface 1 to provide the counterbalance moment and has a pad width smaller 
than the pivot socket diameter.  Continuing efforts directed toward 
improving the present tip design, however, resulted in a generalized 
configuration which appears to be superior. It was found that a tip 
with a bearing pad width greater than the socket diameter could be de- 
signed to be rotationally stable for the fuel pump application.  Surfaces 
1 and 2 actually provide a hydrostatic moment greater than the hydro- 
static moment applied to the bearing surface. The addition of Surface 3, 
however, produces a moment which makes the net hydrostatic moment essen- 
tially zero. 

The resulting tip design therefore has significantly increased load sup- 
port (larger bearing pad width) without producing additional acceleration 
loads.  This is due to the fact that the pad width can be made as large 
as the present vane width without appreciably increasing the vane-assembly 
mass.  For a 0.110-inch pad width, the rotational stiffness of the tip 
bearing is increased to 4.6 times that of the present tip. As a result, 
the maximum stable operating film thickness is increased from 70 microinches 
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Figure  16.    Generalized Pivoting Vane-Tip Configuration. 
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to  120 microinches on the  critical  sealing  lap  space  at  the  light-off 
conditions.     The  increased  bearing pad width would   provide  approximately 
50 percent more load  support  and a  10-microinch increase   in the  theoretical 
minimum  film thickness  at  50,000  rpm with  a vane  stage  differential  pres- 
sure  of   700 psi. 

In addition to the  operational  improvements,   this vane-tip design  sim- 
plifies   the  fabrication  of  the vane.    The  extension  of  Surface  3 provides 
stops  to  encapsulate   the   tip  in  the vane.     This  insures   that  tip/vane 
separation does not  occur  during  startup.     The  present vane  socket  tech- 
nique used  to insure  encapsulation  requires close   tolerances not  neces- 
sary with  the new design.     The  vane  slot  for  the  tip can  also be ground 
from the end,  a much more   simple   task than  producing  the  present  round 
vane  socket.    The  improved  rotational stiffnes  of  the  tip bearing also 
allows   for a relaxation in the  tip tolerances,   for an exact control of 
the  pressure balancing areas  is  not necessary  to  obtain  proper stability. 
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