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SUMMARY

The object of this program was to develop the technology necessary
for vane-pump operation at turbine rotational speeds. Major hardware
emphasis was devoted to the evaluation of a high-speed fuel pump
based upon this technology. A single-lobe vane pump with a centrifu-
gal charging stage has been designed and successfully operated at
40,000 rpm pumping JP-4 turbine fuel. The vane pump relies upon the
use of a hydrodynamically lubricated pivoting vane tip to support
vane assembly radial loading. The hydrodynamic film allows a signifi-
cant increase in tip surface speed without sacrificing the required
endurance life, A 200-hour endurance run at speeds from 24,000 to
40,000 rpm has been successfully completed with no noticeable perfor-
mance degradation. Successful contamination experiments were per-
formed after completion of 175 hours of the endurance schedule, The
contamination experiments were not extensive, but they verified that
the design concepts were not unduly sensitive to contaminated fuel.
Continued development will be required to establish life capability
at the design pressure of 650 psig, but short-term capability has been
established at outlet pressures up to 600 psig. No major limitations
with the basic pump design have been found, The 50,000-rpm goal
appears to be feasible, but further evaluation at speeds above 40,000
rpm was terminated due to bearing problems in the laboratory speed-
increaser system.
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INTRODUCTION

Recent advances in the field of small gas-turbine engines have made
possible a considerable reductiocn in the specific weight and volume

of basic engine components. The field of engine-mounted accessories,
however, has not produced comparable state-of~the-art advances. This
is particularly true for advanced-design small engines in the airflow
range of 10 pounds per second and less. Recent studies have indicated,
however, that considerable improvement can also be made in this area
of engine accessories.

The maximum allowable rotational speeds for present driven accesso-
ries, such as fluid pumps, make mechanical speed reduction necessary
to transmit power from the higher speed turbines to these accesso-
ries. Elimination of the accessory drive gear-box, by driving all
accessories at engine rotational speed, would result in a significant
improvement in accessory system weight, volume, and complexity. Even
if this is not entirely possible for certain very high-speed engines,
increasing the rotational speed of the accessories would represent a
significant advancement,

This report covers effort that was directed toward the development of
high-speed capability for engine-driven fluid pumps, with major
emphasis on the fuel pump. This report covers the time period from
May 11, 1967, to November 15, 1968, and descrilbes the design, fabrica-
tion, laboratory evaluation, and endurance evaluation of a high-speed
fuel pump. 1In addition, some contaminated fuel evaluations were

also accomplished.

Also considered from a theoretical standpoint were other aspects as
related to the high-speed fuel-pump design. These included packag-
ing considerations and emulsified fuels, and the feasibility of
hydraulic and lubrication pumps of similar design,

DISCUSSION OF RESEARCH

OBJECTIVE

The basic objectiv: of this program was the development of technology
which would make the operation of positive-displacement fluid pumps
at turbine engine rotational speeds practical. It is also fundamental
that this technology be compatible with the use of low-viscosity
fluids such as JP-4 turbine fuel without sacrificing the required
endurance 1life of the pump elements. For design purposes, the devel-
opment of a fuel pump capable of rotational speeds in the 30,000- to
50,000-rpm range was chosen as the primary goal of the program. The
hypothetical operational requirements are noted in Table I,
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TABLE I, FUEL PUMP REQUIREMENTS

Maximum speed: 50,000 rpm

Maximum fuel flow: 750 1b/hr

Light-off fuel flow: 185 1b/hr at 6000 rpm

Design fuel pressure at 100% speed: 650 psig

Light-off fuel pressure: 200 psig

Maximum overpressure capability: 900 psig

Fuel: MIL-F-5624 (JP-4 and JP-5) or MIL-F-46005A (CITE)
Fuel inlet temperature: =65°F to +135°F

Fuel inlet pressure: 5 psi above true vapor pressure of
the fuel

Maximum vapor/liquid ratio at inlet: 0,40

In addition to the above, the fuel pump development was to take into
consideration the following objectives:

1. Pump configurations which will have low contamination
sensitivity.

2, Pump configurations which demonstrate the feasibility of
cartridge construction.

FUEL PUMP DESIGN

Design Considerations

Based on earlier woik one at Battelle's Columbus Laboratories in
high-speed pumps(l’ )3 , & vane-type pump was chosen as the configura-
tion which appeared to have the most promise in achieving a high
rotational speed. A conventional vane pump is limited at high rota-
tional speeds due to the contact between the vane tip and the cam ring.
The boundary lubrication characteristic of this operation potentially
allows accelerated wear of the vane tip at high tip surface speeds
even when extremely hard materials are used. To avoid this limita-
tion, a pivoting vane tip concept (Figure 1) has been developed which

il
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relies upon hydrodynamic lubrication to support the vane centrifugal
loading. The pivoting vane tip acts as a pivoted pad thrust bearing
and the hydrodynamically generated film supports all radial vane
loading. This allows higher tip surface speeds without reducing the
life of the pump.

The high rotational speeds require that the inlet pressure to the
vane pump be much higher than required by a conventional fuel pump
system, Higher inlet pressure is necessary to accelerate the fuel to
the high vane tip speed in the pump. To achieve this acceleration,a
centrifugal charging stage has been designed which is capable of
accepting a low inlet pressure at high rotational speed. The charg-
ing stage was made a centrifugal pump because this conventional
approach had a high probability of success and allowed a greater
effort to be placed in the design of the vane pump stage.

A fixed-displacement vane pump stage was chosen as opposed to a
variable-displacement pump. Previous work at Battelle's Columbus
Laboratories has indicated the feasibility of a flexible cam ring
concept which allows for variable displacement., This, however, leads
to some difficult and expersive fabrication techniques which would
detract from the main objective of this program.

The early design work indicated that a two-lobe vane pump configuration
was preferred because radial hydrostatic balancing of the rotor was
achieved. This balancing produced low radial bearing loads and

reduced fatigue loading on the rotor assembly, Further work in the
design of the cam ring profile and the theoretical load-carrying
capability of the pivoting vane tip with low-viscosity fluids indi-
cated that a compromise was necessary to achieve high rotational
speeds. It was found that a single-lobe cam ring profile permitted
optimization of the load-carrying ability of the vane tip and there-
fore provided the greatest probability of success in achieving high
surface speeds. Although a single-lobe vane pump stage would not
produce radial rotor balance, it was decided that such a stage should
form the basis for further design effort in order to obtain the opti- ’
mum varne tip load support.

During the initial analysis of possible fuel pump configurations, a
number of pump pararneters were evaluated to determine their effect
on the overall design, The parameters were weighted according to
their importance in meeting the basic objective of high-speed per-
formance. In some areas, compromises were made in an attempt to
increase the probability of meeting the basic objective. Listed
below are the parameters, their effect on the design, the necessary
compromises, and the physical size requirements.




Rotor Diameter - Effect on Overall Design

1.

Because the required vane pump stage inlet pressure is
proportional to the square of the rotor diameter, a
smaller diameter allows most of the developed pump head
to be produced by the higher efficiency vane pump stage.
It permits a single-stage centrifugal pump to be used to
develop the required charging pressure.

Minimization of the rotor diameter allows for a relatively
small total pump envelope.

A smaller rotor diameter reduces the vane tip surface speed
and the centrifugal loading of the vane assembly, thereby
helping to minimize the fluid heating in the area of the
vane tip. The reduced fluid heating allows for increased
performance from the hydrodynamic vane tip.

The size is limited structurally, so that the advantages
listed above must be compromised to produce adequate rotor
strength,

Vane and Vane Tip Assembly - Structural Considerations

1.

Due to the low viscosity of turbine fuels, the hydrodynamic
load support capacity of a pivoting tip is low. To insure
non-contacting tip operation, it is necessary to minimize
the centrifugal loading of the vane assembly that the tip
is required to support,

To achieve this proper balance between load and load support,
it is necessary to consider the use of low-density materials.
Again, the structural requirements must be met. The vane
strength requirements are minimized by using a small vane
stroke, which transmits the major portion of the pressure
loads to the rotor,

Due to the small stroke required to obtain the necessary
fluid flow at high rotational speed, it is not necessary to
encapsulate the pivoting vane tip in a vane socket. The
removal of the socket requirements allows for a lighter
assembly and a decrease in rotor size. The wear capabili-
ties during stroking of the asgembly are reduced, however,
and for this reason the additional weight of the encapsulat-
ing socket technique was accepted to insure reasonable life
in this area.




Cam Ring - Profile Configuration

1. Because of the complications involved in obtaining complete
gside-to-side hydrostatic vane balance when the vanes are
subjected to a pressure differential on the pumping and
sealing lap spaces (Figure 1), it was determined that the
cam profile should not permit vane stroking in these areas.
High frictional drag produced by the pressure differential
would produce high vane tip loads when the vane is stroking
radially inward and might cause vane lift-off if the cen-
trifugal loading is not suf{icient when the vane is stroking
radially outward.

2, The profile must provide a continuously tangent path for
proper operation of the vane tip bearing and have the
variation in its radius of curvature bounded so that proper
match with the tip radius can be achieved for all operating
vane positions. The matching of the radii is necessary to
provide sufficient tip load support for noncontacting
operation.

3. It is advantageous to have a large stroking transition angle
for the inlet and outlet ports to minimize the vane stroking
velocity to help reduce wear on the sides of the vanes,.

Lydrodynamic Vane Tip

The pivoted pad bearing action of the vane tip is required to
support the entire centrifugal load of the vane assembly and
any radially outward pressure loading due to communication of
pump outlet pressure to the undervane area. With the low-
viscosity turbine fuels (kinematic viscosity = 0,8 centistokes
at 80°F), it is necessary to optimize the bearing load support
to insure that the hydrodynamic film is not dissipated, thereby
allowing high-speed contact with the cam ring. The bearing
width and the match between tip bearing radius and the cam ring
radius are the basic parameters that determine the load capa-
bility for fluid of a given viscosity. Although increasing the
bearing width (c.rcumferential dimension) does increase load
support, it makes a good match with the cam ring more difficult
to obtain and increases the mass of the vane assembly, There-
fore, compromises must be made which affect many other para-
meters in the pump design.

Final Pump Configuration

Shown in Figure 2 is a layout of the final laboratory version of the
complete fuel pump. Figure 1 gives the detailed rotor cross section,
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while Figure 3 shows an exploded view of the actual pump components.
Table II gives the physical size of the overall pump and the indivi-
dual pump parts in addition to the pump's theoretical capacity. This
configuration represents the "C" revision, single-lobe version of the
pump. Revisions "A" and "B" of the pump had the same centrifugal
stage, pump body, bearings, and cam ring, with the major changes
being incorporated in the design of the rotor and vane assembly in the
vane pump stage. These revisions are shown in Figure 4. A layout

of a tw -lobe vane pump stage configuration was also made, but the
inability of the two-lobe cam profile to supply the proper operating
conditions for the hydrodynamic pivoting tip bearing limited this
configuration's theoretical high-speed capability, Because of this,
all further work was devoted to the development of a single-lobe

vane pump stage for which 50,000-rpm capability was theoretically
predicted without having to rely upon boundary lubrication of the
vane tips. The packaging concepts and the centrifugal stage design
of the two-lobe version were carried over to the single-lobe configura-
tion, but additional work in bearing design was necessary to accept
the high journal bearing loads imposed by a radially unbalanced
single-lobe vane pump.

TABLE II. PUMP PHYSICAL SIZE

Theoretical capacity: 0.026 1n.3/rev
Number of vanes: 6

Vane stroke: 0.020 in,

Rotor diameter: 0,596 in.

Rotor axial length: 0.661 in,

Vane width: 0.110 in.

Vane tip socket diameter: 0.070 in,
Centrifugal impeller diameter: 1,12 in,
Axial inducer diameter: 0.63 in.
Journal bearing diameter: O0.75 in,
Basic pump envelope: 1.876 in. diameter by 3,0 in. long

Experimental pump envelope: 3.12 in. diameter by
3.7 in. long
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The final pump design is actually a three-stage pump. The vane pump
stage develops the major portion of the pump head. The centrifugal
stage, cantilevered on the pump shaft opposite the drive end, pro-
vides the necessary charging pressure for the vane pump. 1In series
with the centrifugal stage is an axial flow inducer which operates at
the high levels of suction specific speed necessary to meet the low
inlet pressure and high rotational speed conditions of the fuel pump.
The axial inducer suppresses the cavitation level at the inlet to the
centrifugal pump so that the centrifugal pump head is not radically
reduced when operating at low inlet pressure, high vapor/liquid ratio
conditions.

Vane Tip Design

The basic corcept which achieves high vane tip surface speeds
without sacrificing pump life is the pivoting vane tip. 1Its
action as a hydrodynamic pivoted pad thrust bearing generates

a fluid film between the tip and cam ring. Also, the operating
film thicknesses between the tip and cam ring are still small
enough (less than 100 wuin.) that it provides a satisfactory
seal when the vane assembly is subjected to a pressure differen-
tial, To analyze the capabilities of this concept, a computer
program was used that was developed for this purpose in con-
junction with previous Battelle efforts on high-speed hydraulic
vane pumps, It predicted a minimum operating film thickness of
30 pin, at 50,000 rpm pumping JP-4 fuel., The surface finish
required on the tip bearing and the cam ring surfaces to allow
this operation are of a precision level, but well within the
range of present-day machining capabilities,

A comparison of the two vane tip designs in Figure 4 reveals

a change in the tip that was indicated during the initial
tegsting of the pump with a pressure differential across the
vane pump stage at low speeds. The revision "B" tip has the
bearing pad surface raised 0,012 inch, producing a vertical
land on the leading and trailing edges of the tip. The function
of these lands is to counteract the moments generated on the
tip by hydrostatic pressures that tend “o cause unstable tip
rotation on the pumping and sealing lap spaces. Tip stability
is required so that proper orientation of the bearing surface
with the cam ring is maintained. Earlier computer simulations
had indicated that these lands were not necessary for proper
tip rotational balance because the hydrodynamic pressures
generated by the tip bearing were sufficient to overcome the
hydrostatic generated moments, This, however, was based upon

a false assumption that the high-speed, high-pressure operating
conditions were the most severe, Later computer gimulations

at the low-speed failure conditions with revision "A" parts
indicated that the tip would be unstable.
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At low speed, the tip hydrodynamic pressure forces are greatly
reduced due to the greatly reduced vane assembly centrifugal
forces and the corresponding larger operating film thicknesses.
The larger hydrostatic pressure forces create moments that are
not balanced by the small hydrodynamic moments, with the result
being unstable tip rotatioa for a revision "A" tip. Further
computer simulations predicted success for the revision "B" tip
at all pump operating conditions. Although the revision '"B"
tip is more difficult to fabricate, further pump evaluations
verified its contribution to tip stability at low speeds. A
theoretical discussion of the pivoting tip concept and predicted
performance is found in Appendix I.

Vane Design

The vane has a stepped configuration to provide proper radial
balancing of the hydrostatic pressures acting on the vane in the
pumping and sealing lap spaces. As indicated in Figure 1,
pressure ahead of the vane is communicated to the deep rotor
slot undervane area by a groove through the axial center of the
rotor and a relief in the leading edge of the vane. Pressure
behind the vane is communicated in a similar manner to the
shallow rotor slot undervane area. In the revision "A" design,
a seal between the two undervane areas was achieved by maintain-
ing very close clearances between the vane and rotor slot. On
the inlet and outlet ports, the vane is placed in a uniform
hydrostatic field and automatically balanced while the vane
centrifugal force is used to cause the assembly to track the cam
ring properly. The initial undervane split chosen placed 67% of
the vane width in the deep rotor slct, and this was predicted

to provide proper radial balance on both lap spaces at 50,000
rpm and 900 psig.

The early failure of the revision "A" parts also indicated a
deficliency in this part of the vane design. This failure and
the computer simulation at the failure conditions pointed out
that vane balance was not achieved at low speed. The simulation
predicted that a radial unbalance occurred and had caused the
vane assembly to be blown from contact with the cam ring on the
pumping lap space. This also contributed to tip instability,
because of the resultant large film thickness. It also indi-
cated that the balance predicted at 50,000 rpm was not a hydro-
static pressure force balance, but that thLe high centrifugal
loads were supplying the needed force to achieve the total
balance. At low speed, the centrifugal loading, which is
proportional to the square of speed, was not sufficient to com-
pensate for the hydrostatic unbalance.

12
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Further investigation showed that a single-piece stepped vane
could achieve complete hydrostatic radial balance on one lap
space only, with the other lap space having to rely on the cen-
trifugal loading for proper balance. The low-speed require-
ments of the fuel pump prohibited a compromise of this sort,
Increasing the mass of the vane assembly to permit low-speed
operation would also be a poor compromise because of excessive
centrifugal loads at the higher speed conditions. The vane tips
would not be capable of supporting these loads in the port
areas, and the high-speed capabilities would be definitely

limi ted.

The solution to the above problem was a two-piece vane that
produced two separate undervane splits, each providing balance
for a given lap space. This configuration is revision "B" in
Figure 4. The split in the stepped rotor slot produces the
required presgure distritution for the pumping lap space, while
the split on the stepped vane provides it for the sealing lap
space. The floating vane is positioned on each lap space so
that the proper percentage of undervane area is exposed to out-
let pressure. This provides for a complete hydrostatic balance
on both lap spaces which is independent of speed and therefore
meets the necessary low-speed fuel pump operational requirements,

A theoretical discussion of the radial vane balance question
is found in Appendix I in conjunction with the vane tip analysis.

It was also found that the floating vane of the two-piece con-
figuration solved another immortant problem, The position
assumed vy the floating vane on the lap spaces produced a line-
to-line contact seal between the undervane areas. This is indi-
cated in Figure 4, This factor removes the need to maintain
very close clearances to decrease the leakage rate at this point,
The low-viscosity turbine fuels made it necessary to insure

that the clearances in this area were approximately 0,0005 inch
in the revision "A" design to maintain reasonable leakage rates.
The floating vane seal essentially eliminates leakage, however,
and relaxes the need for precision fabrication techniques that
would have been required to insure minimum clearances.

Cam Ring Design

Because of the low viscosity of turbine fuels, the cam profile
chosen must be carefully considered if the abilities of a pivot-
ing vane tip are to be realized. The tip is charged with
supporting the centrifugal loading of the vane and tip plus any
chosen hydrostatic radial unbalance and the radial vane drag
forces due to inward stroking of the vane, At 50,000 rpm, this

13
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loadlag is high and requires that the tip load support be
optimized at all vane positions during the pumping of turbine
fuel. To irsure this, calculations predicted that the cam ring
radius of curvs ‘e could be permitted to vary only approximately
0.020 inch fo~  pump with a 0,6-inch basic rotor diameter,

To meet this requirement, the single-lobe cam ring profile shown
in Figure 5 was designed., This prefile is adaptable only to a
single-lobe vane pump and was the motivating factor in the deci-
sion to change from a two-lobe design. The profile is unique

in that it is constructed of only two radii which generate the
entire surface. The pumping and sealing lap space radii are
concentric with the rotor axis and therefore do not permit vane
stroking in the lap spaces. The stroking trangitions in the
inlet and outlet ports are identical; 120 degrees is required to
complete the full transition on each port. This leaves 60
degrees for the pumping and sealing lap spaces and requires at
least six vanes to be used in the rotor to obtain a seal at

all times on the lap spaces. The port areas are also generated
by using the lap space radii as shown, and therefore the varia-
tion in the radius oi curvature of the cam ring 1s bounded by
the difference between them, which is the pump stroke. Any
cther curve in the ports would produce larger and smaller radiil
of curvature and would increase the total variation, This would
make tip bearing profile to cam ring profile optimization very
difflcult,

Although a single-~lcbe configuration is not hydrostatically
balanced and requires the bearings to support this unbalance,
its ability to produce an optimized match with the tip bearing
radius greatly increases the maximum theoretical speed. 1In
addition, a single-lobe configuration allows a smaller rotor
diameter to be used because fewer vanes are needed and makes
the inlet and outlet porting arrangements simpler. The smaller
rotor diameter benefits many other pump considerations as long
as structural strength can be maintained.

The centrifugal force of the vane assembly is the only force
wulch insures that the vane tip tracks the cam profile without
lift-off during the inlet and outlet port stroking transitions.
This is due to the fact that the individual pressures are com-
municated to the complete undervane area in each port, producing
a theoretical hvdrostatic balance. On the inlet port, the under-
vane pressure is likely to be less than the inlet pressure due
to the outward stroke of the vane and the flow of fluid into

the undervane area. This produces inward radial unbalance that
the centrifugal vane loading must overcome to insure proper

vane tracking. On the outlet port the reverse is true,
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To maintain proper tracking under these conditions, the profile
generated by the center of gravity of the vane assembly must be
such that the center of curvature of the profile is always on
the rotor side of the curve. The large stroke transition and
small stroke of the cam profile in Figure 5 do an excellent job
of insuring that the previous condition is met. The radius of
curvature of the vane C.G. paths varies between 0,228 inch and
0.251 inch. It insures that the vane radial acceleration is
always radially inward and that the fluctuations in its magnitude
are minimized. Therefore, the cam ring profile provides suffi-
cient centrifugal vane loading on the cam ring to produce proper
vane tracking on the port transitions. This 1s particularly
important on the inlet port, where the drag forces due to out-
ward stroking and the slight reduction in undervane pressure
would tend to cause the vane assembly to lift off,

Centrifugal Stage Design

Two types of centrifugal charging stages were designed and
experimentally evaluated to determine their operational char-
acteristics. A single-shrouded, backward-curved vane type and

a fully open, radial vane type of impeller both proved to be
capable of producing the required charging pressure and flow
rate., The shrouded impeller created high axial thrust loads,
however, and therefore the radial vane impeller was selected.
The radial impeller not only minimized the thrust loading, but
the radial vanes were structurally stronger and easier to fabri-
cate, The original impeller was 1.5 inches in diametex, but
this produced significantly more head than was needed to charge
the vane pump stage, The final impeller is 1,12 inches in
diameter and will produce approximately 300 psig at 50,000 rpm
and design flow. This impeller, shown in Figure 2, has slightly
improved efficiency and produces negligible axial thrust load
due to the removal of all shrouding.

The axial inducer was designed using a trial-and-error experi-
mental technique, due to the lack of basic theoretical informa-
tion in this area. Although the 1,12-inch-diameter centrifugal
impeller operates at inlet pressures near 10 psia, the addition
of a single-pitch, 9.5-degree-pitch-angle axial inducer allows
operation at 7 psia. The axial inducer suppresses the formation
of cavitation at the impeller inlet, and therefore the centrifu-
gal head is not significantly degraded at low inlet pressures.

The head developed by the centrifugal stage is more than the
theoretical charging pressure required by a 0.6-inch-rotor
diameter vane pump. The pressure required is approximately 100
to 120 psi at 50,000 rpm operation, It was felt that the addi-
tional charging pressure would provide a safety margin during
the complete pump evaluation to insure that the expensive vane
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pump stage parts would not be lost due to marginal centrifugal
stage operation, This decision causes the final test version

of the pump to be somewhat less efficient when operating at high
speeds and the corresponding high centrifugal charging pressures.
The centrifugal diffuser section has not been optimized. As a
result, the recovery of the velocity head developed by the
impeller is very poor. This partially accounts for the low
efficiency level of the laboratory version centrifugal stage.
The charging pressure developed is sufficient in gpite of this,
and the simple radial diffuser section made fabrication of the
centrifugal stage relatively inexpensive.

Centrifugal impellers operating at the speed, head, and flow
conditions required by the fuel pump (low specific speed cen-
trifugals) are not highly efficient., In fact, low specific
speed conditions are usually served best by positive displace-
ment type pumps because of this low efficiency. It is very
possible that the centrifugal stage has a maximum efficiency
level of about 50 percent even if its design is optimized. No
attempt was made to optimize the centrifugal stage, for it was
felt that the major effort should be applied to the development
of the vane pump stage. To improve the efficiency of the cen-
trifugal stage, a better match between its flow capacity and
that of the vane pump stage should be made.

Bearing Design

Due to the high speeds involved, it was decided to use journal
bearings instead of antifriction type bearings to support the
radial loading. The only lubrication available is from the tur-
bine fuel being pumped. The fuel also makes the use of anti-
friction type bearings difficult unless they are grease lubri-
cated and completely sealed from the fuel. Fuel-lubricated
journal bearings, however, not only supply the necessary load
support at high speed but also act as seals to prevent excessive
pump leakage.

Hydrodynamic journal bearirigs were chosen in favor of hydro-
static bearings because the latter required greater leakage
flow to maintain their load support. The plain journals shown
in Figure 2 are very precise bearings, and close control of the
bearing clearances and alignment was maintained during their
fabrication, To provide the required hydrodynamic load support
at all speeds and pressure conditions, a nominal diametral
clearance of 0.0008 inch and a 0.75-inch journal diameter were
required. The large diameter was necessary so that the load
support could be achieved with shorter, more compact bearings.

17
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1 Operation at -65°F would cause the 0.0008-inch clearance to be

| reduced to 0.0002 inch because of a poor thermal match between

| the journal and sleeve materials, For the experimental pump,
this condition was accepted so that a sleeve material with a high
level of conformability could be used.

To accept the centrifugal-generated axial thrust loads and to
stabilize axial rotor motion at high speeds, two hydrodynamic
thrugt bearings were incorporated into the design., They are
fuel-lubricated stepped thrust bearings and use the sides of
the cam ring as a thrust surface as indicated in Figure 2, The
stepped configuration shown in Figure 6 generates a hydrodynamic
film that supports an axial thrust load. The two bearings act
against each other to maintain axial rotor equilibrium, They
support axial thrust loads in either direction and operate with
a nominal film thickness of 500 {in. when unloaded. The nomi-
nal clearance is maintained by controlling the difference be-
tween the rotor and cam ring lengths. Each thrust bearing has
a theoretical load capacity of 170 lbs at a 40-uin. film
thickness.

The thrust bearings also require precision fabrication to
insure proper operation, Because of the small film thicknesses
involved, all surfaces must be extremely flat and parallel.
Also, close control must be maintained over the step height

of these bearings. The step height should be approximately 200
pin. to optimize the bearing performance.

/«m | 0.0002"
: < T

View A-A

l Figure 6. Stepped Thrust Bearing Configuration,

7 B
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Rotor Assembly

The rotor and shaft are of one-piece construction. Two-piece
construction would be preferable, but it was relinquished so
that the rotor diameter could be minimized, The journals are
clamped to the rotor and shaft by the nuts at each end of the
shaft. These nuts are torqued to 25 in,-lbs to preload the
assembly. The placement cf the large-diameter journals in this
manner produces a relatively strong rotor assembly, which is
more capable of withstanding the radial load due to the hydro-
static unbalance of a single-lobe pump design., The preload,

or initial tension in the shaft, is advantageous in reducing
the fatigue effects of the cyclic side load. As in most fas-
tener applications, the preload is used to reduce the variation
in stress level. The fatigue effects, which depend on the
extent of the variation of the stress, are correspondingly
reduced. Fatigue is of prime concern due to the high number of
revolutions or stress cycles the pump will experience durings
its required life. The clamping action of the journals on the
sides of the rotor ic also beneficial, in that it helps to
support the rotor segments when they are loaded by a vane
exposed to a pressure differential,

|

F The rotor and journal assembly configuration causes all thrust

‘ loads to be accepted on the sides of the cam ring as previously
noted. The complete thrust face serves as a rotor end plate.
The fact that these end plates rotate with the rotor is a devia-
tion from conventional vane pump design, in which the end plates
are normally stationary. This configuration is a result of the
need for journal diameters which are larger than the rotor and
of the thrust bearing performance improvements derived from
placing a small area thrust runner at a larger diameter. The
latter conditions detract from the pump mechanical efficiency
because they require more power. The efficiency must be com-
promised, however, to produce the necessary load capabilities.

Because of the rotating end plates, there is no rotational rela-
tive motion between the ends of the vanes and the end plates.

The only relative motion is due to the radial stroking of the
vanes, This fact caused some concern about the ability of the
vane to stroke without jamming on the ends. Early pump evalua-
tions eliminated this concern, and it became apparent that jamming
would not occur as long as the vane tracked the cam ring properly.
The cam ring insures proper vane alignment with the end plates

and eliminates the axial vane cocking necessary for jamming.
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Vane Stage Porting

The radial porting of the vane pump stage is also a deviation
from conventional vane pump design, Normally, vane pumps are
ported axially. The small stroke (0,020 in.,) and relatively
long rotor length (0,66 in.) make this impractical. The radial
porting produces a much more direct flow path to and from the
vane pump stage. The fluid is not required to change direction
radically, and therefore the theoretical internal flow losses
are reduced, The large flow annulus from the centrifugal stage
produces low fluid velocity between stages, and the resultant
flow losses are also reduced in this area.

Pump Body Configuration

The pump body and the flow passages have been designed so that
they demonstrate the feasibility of cartridge construction. The
pump envelope shown in Figure 2 is larger than that required for
cartridge construction so that the pump could be adapted easily
to the existing Battelle test rig. The inlet and outlet mani-
folds also reflect this requirement in their configuration,

The basic pump cartridge envelope falls within the flow annulus
between the centrifugal stage and vane pump stage. If the flow
passages were made a part of an overall accessory system struc-
ture, then the basic pump envelope would be 1.876 inches in
diameter and approximately 3 inches long.

Pump Capacity

The pump was sized based on the light-off speed and fuel-flow
conditions of 6000 rpm and 185 lb/hr, This sizing is necessary
because of the low vane pump volumetric efficiency at the low
flow conditions. The sizing is based on a theoretical volu-
metric efficiency of 697 at the light-off pressure., The resul-
tant capacity is 0.026 in.3/rev and includes complete undervane
volume participation, A slight volumetric loss in the undervane
capacity will take place due to the floating vane motion on the
sealing lap space. This loss 1is due to physical undervane

clearances required to fabricate parts with reasonable tolerances.

This loss will reduce the theoretical capacity approximately
5%, but it is not the cause of the flow losses described in the
pump evaluation section of this report, Those losses are due
to an unexpected and unexplained motion of the floating vane
in the inlet port segment of the pumping cycle,
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Due to the fixed-displacement characteristic of the pump and

its sizing at 6000-rpm conditions, the pump capacity at 50,000
rpm will greatly exceed the flow requirement of 750 1b/hr even
when leakage losses are considered. The theoretical flow at this
speed was calculated to be approximately 2150 1lb/hr or 2.9

times the required flow. This fact points out the major dis-
advantage of a fixed-displacement fuel pump, The present fixed-
displacement fuel pump therefore represents a compromise in this ‘
area, The decision to build a fixed-displacement pump in light i
of this was made in order to establish the requirements for

high-speed operation with low-viscosity fluids. The addition

of the variable-displacement problem would have clouded the =
primary objectives and delayed early hardware evaluation of the

pump concepts.

[ Materials and Fabrication

Due to the high speed and the close clearances required for proper

per formance of the pump elements, many of the basic pump parts require
precision machining techniques. This fact plus other design and pump
environmental requirements makes the choice of materials very impor-
tant, Table III lists each part and the materials used in the final
laboratory version of the pump, It also gives a brief discussion of
the factors considered in making the choice for each particular part.

TABLE III, PUMP COMPONENT MATERIALS

/

Part Material Comments
!
{ Cam Ring "Ferro-Tic C", a Chosen because of its
‘ powder metal composite  stability, resistance to 3
! of titanium carbide galling or pickup, and low
| cemented by an alloy coefficient of friction,
1 tool steel matrix. These properties are par-

Hardness - 68 to 71 Rc. ticularly important for
high-speed thrust bearing
performance and to insure
that localized vane tip
film breakdown or contact
with the cam ring surface
does not cause material
transfer which would lead
to self-destruction. It
improves pump contamination
resistance., '"Ferro-Tic C",
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Comments

in its annealed form, can
be machined to form, then
heat treated to obtain
desired properties, This
fact allows conventional
fabrication techniques with
short lead times,

Chosen because of its self-
lubricating and non-galling
properties, and its low
coefficient of friction,
especially when a hydro-
dynamic film is maintained,
These properties meet the
requirements of the high-
speed pivoting pad bearing

concept used with the pivot-

ing vane tip, The material
is compatible with JP-4
fuel and has excellent
corrosion resistance, even
at high temperatures. Its
low density (8.G. = 2.35)
minimizes the centrifugal
loading of the vane
asgembly. Contamination
experiments have shown that
it has marginal contamina-
tion resistance.

Low density (S.G. = 2.7)

TABLE III - continued
Part Material
Vane Tip "Purebon'" Grade P-5AG,
a sllver-impregnated
carbon-graphite
material, Shore
scleroscope hardness
of 90,
Stepped 6061-T6 Aluminum
Vane

and resulting decrease in
vane assembly centrifugal
loading form the basic
reason for choice. Not
wear-resistant, but early
wear patterns provided
useful evidence of vane
position during operation.
Hard anodizing or ceramic
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TABLE IXYI - continued

Part Material

Comments

coatings would provide con-
tamination resistance with-
out a weight increase.

Floating 6061-T6 Aluminum with
Vane a 0.001-inch~thick
hard anodic coating

Low density (S.G. = 2.,7)
provides low centrifugal
loading. The anodized
surface provider wear and
contamination resistance,.

Combina- "Ferro-Tic C", Hard-
tion Thrust ness - 68 to 71 Rc.
Bearing and

Same reasons as with the
Cam Ring. The high hard-
ness level provides an
excellent journal material.

Good embeddability, which
allows it to absorb
foreign particles; also, a
high level of conforma-
bility, which allows it to
compensate for misalign-
ment and conform to geo-~
metric errors with a mini-
mum of scoring and wear,.
The latter was important
for the first experimental
pump so that any marginal
conditions would not pro-
duce major failures., High
levels of contamination
would probably require a
harder material to minimize
abrasive wear,

Journal

Sleeve SAE 67 Leaded Bronze
Bearing

Rotor & 4340 Steel, Hard-
Shaft ness ~ 40 to 45 Rc.

Chosen to obtain high
strength in combination
with toughness to minimize
stress concentration
effects,

23

el




ﬁ.ﬁ.ﬁ. E T

! TABIE III - continued
Part Material Comments
Centrifugal 6061-T6 Aluminum The ease of machining
Impeller & aluminum makes the fabrica-
Axial tion of the complex forms
Inducer faster and less expensive.

Allowed for quicker experi-
mental evaluation and modi-
fication required to obtain
a suitable design., Contami-
nation and cavitation resis-
tance could be improved by
using ceramic coatings.

Vane Pump 304 Stainless Steel This part needed only for

Stage Body the experimental version of
the pump. A cartridge
configuration would take a
completely different form.

Centrifugal 6061-T6 Aluminum Same as above
Stage Cover
& Spacer

The vane pump stage parts were fabricated by Speedring Corporation in
Warren, Michigan. They were responsible for the design of all tool-
ing necessary to fabricate one complete set of pump parts. In addi-
tion, they submitted documented inspection reports on all critical
part dimensions to insure that the drawing requirements were met.

The centrifugal stage parts were fabricated in the machine shop of
the Battelle Columbus Laboratories. .The short lead time required

for these parts, due to their less precise requirements, allowed

them to be completely evaluated prior to the completion of the vane
pump fabrication.

During the fabrication of the vane pump stage parts, close attention
was given to the techniques used to build the journal bearings,
Because of the close clearances required for both the journal and
thrust bearings, the alignment of the journal bearings with each
other and with respect to the thrust bearing is critical. Also, the
alignment must be repeatedly maintained during each reassembly of the
pump. To insure this, the following techniques were used:
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1. The finish journal diameters were ground to size, concentric
with each other and perpendicular to the thrust faces, as an
assembly with the rotor and shaft,

2. To insure repeatability, the shaft diameters and the mating
bore in the journals were matched with a maximum clearance
of 50 win. In addition, the angular position of the journals
was indexed using etched reference marks.

3. The nut faces were match lapped to the corresponding journal
faces to insure that the application of the torque to the
nut did not distort the shaft axis,

4., The sleeve bearings were line bored under conditions that
simulated the final assembly of the pump., They were lapped
to size concentric with each other and perpendicular to one
face of the cam ring. A spacer simulated the cam ring for
this operation and was manufactured to tighter tolerances
than those of the cam ring.

5. To insure repeatable assembly, each sleeve bearing was
doweled to the pump body. The dowel holes in the sleeves
were lapped to size so that a line-to-line fit with the pins
was achieved. This was done prior to final sizing of the
sleeve bores,

The care taken with the bearings allowed rotors fabricated at a later
date to incorporate design modifications to be interchangeable with
the original rotor.

The carbon-graphite tips used in the final version of the pump were
of two-piece construction to simplify the machining operations., The
bearing pad portion of the tip is bonded to the pivot section using
a high temperature adhesive (Armstrong A-701). This adhesive pro-
duces an excellent, repeatable bond between carbon surfaces in addi-
tion to being compatible with JP-4 fuel. The pivot section was
completed to finish dimensions prior to the bonding operation, but
the bearing pad radius was generated as the final operation on the
bonded assembly.

The revision "A" tips were each fabricated from a single piece of
beryllium oxide. This material proved to be abrasive and caused
wear in the aluminum vane socket during the preliminary pump evalua-
tion, Fabrication was also started on an electroless, nickel-
plated, 6061-T6 aluminum version of the tip., Though this technique
seemed feasible, the parts were never completed due to the early
success with the carbon version,
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The original rotor was fabricated from A-2 tool steel, hardened to

60 Rc. It proved to be very sensitive to stress concentration in

the thread areas, even though these areas were drawn back in hardness.
To overcome this problem, the material was changed to 4340 steel and
a special thread form was used. The thread form increased the thread
root radius and lowered the stress concentration factor in this area.
This thread form is normally used with brittle materials such as
beryllium.

The cam ring is held in place by a light, 200-pin. interference fit
with the pump body bore. This allows easy removal of the part by
heating the assembly due to the difference in the thermal expansion
rates of the two materials. It was found, however, that even this
light interference fit caused distortion of the ends of the cam ring.
These distortions affect the performance of the thrust bearings. The
resulting problem due to the interference fit indicates that an
adhesive bond would provide a better means of assembling these parts.

PERFORMANCE EVALUATION

Laboratory Equipment

A 10-hp motoring dynamometer was used to drive the experimental pump.
The dynamometer has a maximum speed of 6000 rpm, so a speed increaser
system was required. A 9.5/1 speed increase was achieved using the
flat belt drive system shown in Figure 7, The high belt side loads
required that a special support system be designed for the high-speed
pulley. The driven pulley shaft is positioned and rolls on four
large-diameter wheels., The result is that all bearings in the system
rotate at much lower speeds, allowing the use of standard pillow blocks.

This system proved to be a durable and irexpensive way of driving
the high-speed, low-power pump. The low power level required to
drive this system at high speeds also allows a more accurate deter-
mination of the required pump input power.

The pump was directly driven through keys by an extension to the
high-speed pulley. A shear pin type failure link was used ia an
attempt to minimize the effects of a pump failure or lockup. The
keys were provided so that axial loading of the pump bearings by the
speed increaser was limited. The drive shaft system was gized to
place all critical shaft speeds above 50,000 rpm.

The pump was instrumented so that flow rate, inlet and outlet pres-

sures, inlet aund outlet temperatures, speed, and input power could all
be monitored.
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The test fluid used for all of the experimental pump evaluation was
JP-4 turbine fuel. The fuel was filtered so that all evaluation and
endurance operation was performed with fluid essentially free of
contaminant. The nominal fuel inlet temperature was approximately
50° to 75°F for all evaluation and endurance operation., The pump
inlet pressure unless otherwise noted, was atmospheric.

Preliminary Evaluations

The performance characteristics of the centrifugal stage, including
the axial inducer, were evaluated prior to the completion of the vane
pump fabrication. The 1.12-inch-OD radial impeller was operated
successfully with JP-4 fuel at speeds as high as 45,000 rpm with the
inlet pressure reduced to 7 psia. This impeller produces sufficient
charging pressure for the vane pump stage and does not produce large
axial thrust loads. An earlier test with a 1.5-inch-0D shrouded
impeller produced thrust loads large enough to overload the test rig
thrust bearings and cause failure at 25,000 rpm.

The pressure~flow performance curve for the radial impeller is very
flat, Figure 8 demonstrates this for operation at 25,000 rpm. The
flow capability of the impeller also exceeds the required theoretical
flow rate of the vane pump stage. This mismatch between the stages
accounts to a large degree for the low centrifugal efficiency when
operating with the vane pump stage, Restricting the centrifugal flow
rate below the optimum capacity causes the centrifugal stage to
operate at a very inefficient point on its performance curve. This is
shown in Figure 8 for various flow rates,

The reduced inlet pressures were obtained by placing a throttling
valve at the inlet to the centrifugal stage. A disadvantage of this
technique was that the fuel cavitated as it passed through the valve
and the resulting fuel entering the pump had a very high level of
vapor. The vapor level was not measured, but operation under these
conditions does indicate that the centrifugal stage can perform
satisfactorily at high-vapor-content, low-inlet-pressure conditions.

The axial inducer operates in a cavitating regime at low inlet pres-
sures without being completely choked. With a 9-psia inlet pressure,
the centrifugal head is decreased by approximately 20 percent at 30,000
rpm, At 45,000 rpm, the inlet pressure can be reduced to 7 psia
before a 20-percent reduction in head is obtained. Under these con-
ditions, a stable cavitation ring forms at the ID of the centrifugal
impeller, but the discharge fuel appears to be vapor free. In
general, the ability of the axial inducer to suppress the cavitation
level at the centrifugal inlet improved with increasing speed and
flow rates, Continuous operation of the centrifugal stage at low
inlet pressures did not cause any wear of the aluminum parts.
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Figure 8. Centrifugal Stage Experimental
Pressure - Flow Performance.

Prior to operation of the complete pump assembly, the speed capability
of the bearings was established. The pump was assembled without vanes
and vane tips using a modified rotor without vane slots and with a
0.38-inch rotor diameter. The centrifugal stage was used to supply
flow to lubricate the bearings and to produce the actual operating
thrust loads. The bearings were successfully operated at 40,000 rpm
with no indication of marginal performance. This did not represent

a speed limit, but further testing at higher speeds was delayed unt’]
total pump capability was demonstrated at 40,000 rpm. This evaluat
also demonstrated the compatibility between the drive system and the
pump at high speed.

The initial pump evaluation was performed using revision "A" vane

and vane tips, Successful operation was obtained at 25,000 rpi. with

a zero differential pressure across the vane pump stage. The zero
pressure differential condition requires an outlet pressure of 80 ps?~
which corresponds to the centrifugal charging pressure at this speed.
The subsequent inspection of the cam ring revealed light axial polish
marks on its surface in the areas of lowest tip load support capa-
bility, The physical inspection of the surface indicated that these
polish marks corresponded to the removal of microinch surface
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asperities in the 20-30 pin., range. The transition irregularities
between the profile radii were also smoothed out considerably, The
localized contact between asperities is to be expected at this speed,
because film thicknesses in the 50-70 pin., range were theoretically
predicted with perfect surfaces. The carbide cam ring and beryllium
oxide tips were hard enough to accept this contact without galling
and self-destruction and, therefore, were able to accept the run-in
conditions without failure. To eliminate this type of run-in con-
tact, it would be necessary to specify surface finishes lower than
the 8-pin. center line average specified on the original parts. The
above operation, however, served as a run-in which produced the more
desirable operating surfaces.

The pump evaluation continued at 15,000 rpm with a pressure differen-
tial applied to the vane pump stage to obtaln preliminary operating
results as early in the program as possible. The pump failed at

this speed when an outlet pressure of 150 psig was applied. The
performance data at the time of failure, the subsequent inspection
of parts, and a theoretical simulation of the failure conditions all
indicated that the failure was due to vane and vane tip instability
at the test conditions.

The preliminary evaluation indicated that the pivoting tip had the
load support capability necessary for high-speed operation. The
failure, however, pointed up deficiencies in the vane and tip design,
and the changes incorporated in the revision "B" design reflect what
was learned from this early evaluation,

Final Pump Evaluation

That the changes in the revision "B'" vane assembly design improves
vane and vane tip stability was verified by successful operation of
the pump at design pressure for all speeds up to and including 30,000
rpm, The pressure envelope used was based on a linear pressure dis-
tribution from 6000 rpm, 200 psig to 50,000 rpm, 650 psig. 1In each
case, the test conditions were maintained for 15 minutes. Success-
ful operation at the 6000-rpm light-off condition is particularly
encouraging, because the most severe stability requirements were
predicted by the computer simulation for this operating point. 1In
addition, it is also the condition at which marginal journal bearing
operation was a possibility due to the low rotational speed and the
resulting minimization of the bearing load support capabilities.

Figure 9 shows the flow rate performance curves for various operating
conditions. The resulting velumetric efficiency is much lower than
the theoretical predictions. At 25,000 rpm, 400 psig, the efficiency
is only 68 percent whereas the predicted level would be approximately
90 percent. As a result of the reduced volumetric efficiency, the
pump capacity of 115 1lb/kr at 6000 rpm does not meet the required
light-off fuel flow of 185 lb/hr.
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The pump capacity with a zero pressure differential across the vane
pump stage correlates well with the theoretical pump capacity at each
speed. It is slightly less than predicted, but the leakage past the
bearings due to the centrifugal charging pressure accounts for the
deviation, The unusual shape of the flow rate performance curves,
however, suggests that more than pump leakage is the cause for the
reduced volumetric efficiency.

There is a rapid reduction in flow as outlet pressure is initially
increased. At higher pressures, the rapid reduction subsides and is
followed by a flow rate gradient of predicted magnitude. The high
pressure gradient can be explained by leakage, but it is difficult
to reason that the initial flow reduction is due to leakage because
of the low pressure differential range in which it occurs. To verify
this conclusion experimentally, the thrust bearing clearances were
increased so as to increase the leakage rate of the pump. Further
operation at 14,500 rpm produced similar results, with the only
change being an increase in the slope of the high-pressure section
of the curve The initial flow reduction remained unchanged.

In an effort to determine the cause of the initial flow reduction,

a series of experiments was performed., The effect of changes in
centrifugal charging pressure was determined by using a larger diame-
ter impeller, which increased the pressure 65 to 70 percent, The
outlet pressure corresponding to zero pressure differential across
the vane pump stage was increased a like amount., Operation at 14,500
and 25,000 rpm with no change in flow-rate performance indicated
that insufficient charging pressure was not the cause.

The vane pump stage was initially designed with approximately 11°
of vane sealing overlap in the pumping and sealing lap spaces. The
inlet and outlet ports had been so placed that two vanes were on a
lap space during the overlap angle of motion, It appeared that the
trapped volume betweer vanes might be expanding during this overlap
motion, creating a localized cavitation condition. This could
create vane tracking problems and leakage past the vane tips or
compressibility type flow losses. The overlap was reduced to 2° by
modification of the cam ring ports, but the succeeding tests failed
to show any changes in the pump operating characteristics,

To insure that the fuel in the undervane pumping volumes was not
cavitating due to undervane port restrictions during the inlet stroke
of the vane, the undervane ports were enlarged. The undervane pump-
ing volumes represent 34 percent of the total pump capacity, and com-
pressibility losses due to localized cavitation in these areas would
produce a large flow loss. The revision "C" design reflects the
modifications necessary to increase the size of the undervane ports,
The subsequent evaluation of this modification again failed to indi-
cate any changes in flow rate performance.
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The evaluation of the revision '"C' parts, however, did produce infor-
mation which has led to the cause of the flow reduction. During the
evaluation, a high-response pressure transducer was used to monitor
the outlet pressure. A pressure pulsation at six times rotor rpm
was noted for all speeds. The magnitude of this ripple increased as
outlet pressure increased, and the revision "C" modifications caused
this magnitude to increase rather than decrease. Pulsations as high
as 280 psi peak to peak at a frequency of 180,000 cycles per minute
were produced when the pump was operata=d at 30,000 rpm and 420 psig
outlet pressure. In addition, wear damage was noted on the underside
portion of the stepped vane where the top edge of the floating vane
contacted it durings its motion through the pumping lap space. A
slight amount of unexplained polishing had been noted with the
revision "B'" parts; inspection of the revision '"C" parts indicated
that the modifications had caused acceleration of this wear. The
appearance of the parts indicated that the floating vanes were
impacting in this area.

The floating vane is required to stroke out with the stepped vane

on the inlet port to be in proper position to insure pumping lap
space vane stability, If it does not stroke out at this time, it
will do so on the pumping lap space due to the pressure differential,
This delayed motion of the floating vane would cause a reduction in
pump flow rate by drawing fluid from the high-pressure discharge
port. The delayed motion produces a condition that is equivalent to
reducing the undervane pumping capacity. At a low pressure differen-
tial, the floating vane will not stroke completely as it passes
through the pumping lap space because the force is insufficient, Only
partial flow reduction occurs. As the pressure differential is
increased, however, the rate of motion is increased so that the com-
plete stroke occurs within the pumping lap space and so that the
maximum flow reduction occurs. This explains the initially rapid
reduction in flow as the outlet pressure is increased. Because the
floating vane's rate of motion would be dependent on the magnitude

of the outlet pressure, it is therefore possible that a delayed mo-
tion of this part could also cause a pressure-dependent outlet
ripple. The ripple frequency would also be six times rotor rpm due
to the use of six vanes. In addition, the delayed motion would pro-
duce the impacting situation on the stepped vane that was very evi-
dent with the revision "C" parts., The magnification of the wear and
ripple amplitude with the revision "C parts is due to the larger
undervane porting and the reduced flow restriction that this

porting provides. The reduced restriction allows for faster floating
vane motion, which would increase both the ripple amplitude and the
level of impact damage. The amount of flow reduction remains un-
changed due to the fact that the required floating vane stroke was
not modified,
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A theoretical analysis indicates that this motion would cause a 15-
percent reduction in flow. This added to the 5-percent expected
loss on the sealing lap space corresponds well with the experimental
loss of 15-25 percent for the various evaluation speeds, The experi-
mental loss is determined by using the high-precsure experimental
leakage rate to determine the total pump leakage. The remaining
flow loss is then attributed to the improper floating vane motion,

To verify the conclusions drawing from the evaluation of the revision
"C" parts, the pump was assembled with a 0.010-inch-thick shim
placed in the bottom of each deep rotor slot. The effect of this
shim is to take up all clearances allowed to provide reasonable
tolerances in the fabricatior of the pump parts. The shim minimizes
the amount that the floating vane is required to stroke in both lap
spaces. It was predicted that the flow rate would increase approxi-
mately 100 lb/hr at 25,000 rpm due to the stroke veduction, Opera-
tion at 25,000 rpm and 300 psig produced a flow of 830 lt/hr. The
same conditions, but without the added shims, produced a flow of 720
1b/hr, or 110 1b/hr less. The flow rate performance curves from
this experiment are shown in Figure 10.

In addition to the above experiments, pump evaluation was continued
at higher rotational speeds using the revision "B" parts.

The pump was operated successfully at 35,000 and 37,500 rpm with zero
pressure differential across the vane pump stage. In each case, the
test conditions were maintained for 15 minutes., Diassembly after
37,500 rpm revealed that the carbon vane tips were slightly dis-
colored, but they did not show evidence of wear. There was no evi-
dence that the hydrodynamic film between the vane tip and cam ring
was ‘breaking down or that this speed represented an upper limit.
Slight contact between the faces of one of the thrust bearings

was noted after the 37,500-rpm test. The carbide faces proved to be
resistant to galling under these conditions, but the cause of the
contact was not established. Previous bearing evaluations at higher
speeds had not produced contact, even though the cam ring thrust
faces were distorted due to the light press fit during cam ring
assembly, Thig thrust face does not support the centrifugal axial
thrust load, but it is possible that the drive system placed an
axial load on this bearing due to wear of the keyways and a result-
ing increase in axial drag. Further evaluation at higher speeds
was terminated at this pcint, however, until the pump endurance
capability of 37,500 rpm was verified.

A nminor structural failure of two revision "B" stepped vanes occurred
during the pump evaluation at 30,000 rpm with an outlet pressure of
470 psig., After 10 minutes at the cperating conditions, the 0,012~
inch vane wall separating the undervane areas fractured in both vanes.
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One vane tip was cracked by the resultant vane debris, but the
failure caused no other damage. During the revision "C" modifica-
tions, the stepped vane was strengthened in this area. Subsequent
evaluation at higher pressure with the revision "C" parts has been
attempted without additional failures.

The impact damage on the stepped vane had occurred at relatively low
pressures over a short period of pump operating time. The rate of
wear indicated that a premature failure of this part would occur if
the pump were operated at the 100 percent speed fuel pressure of 650
psig for extended periods of time. To increase the life capability
for further high-pressure and endurance evaluations, a hardened spring
steel shim was added to the vane assembly as shown in Figure 11.

The 0.0105-inch-thick shim provides a more impact-resistant surface
for the floating vane to impact against. The revision "C'" vanes were
modified slightly so that the required sealing lap space clearances
could be maintained with the addition of the shim. This configura-
tion has been successfully operated at 30,000 rpm with an outlet
pressure of 600 psig. The complete flow performance curve is shown
in Figure 12 and includes the 180,000-cycle-per-minute ripple magni-
tudes for various outlet pressures up to 600 psig. It is the con-
figuration in Figure 11 that was used during the endurance evaluation.

Several experiments were performed in an attempt to determine the
cause of and to eliminate the delayed motion of the floating vane.
It has been determined that proper floating vane motion occurs when
the vane pump stage is motoring at very low outlet pressures. Under
those conditions, the pump flow rate is greater than the theoretical
capacity due to floating vane action., The increased flow is due to
a portion of the undervane capacity participating twice per revolu-
tion in the pumping action. To obtain the increased flow, the
floating vane is required to stroke completely in the inlet port
prior to being subjected to a pressure differential at the pumping
lap space.

Proper floating vane motion was also produced in an experiment which
simulated reverse rotation of the vane pump stage. By reversing

the rotor axially and driving it from the end to which the centrifu-
gal stage is normally attached, the leading and trailing edges of
the vanes are reversed. This operational mode would produce
theoretical flow if the floating vane is delayed during the inlet
port phase of one revolution. If the floating vane strokes in the
inlet port, however, a significant reduction in flow would occur

due to a reverse stroking of the floating vane on the pumping lap
space. This reduction in flow was the reason for the rejection of this
type of design during the revision "B" modification studies. Opera-
tion of the pump, assembled as described, at 15,000 rpm produced a
very significant reduction in flow as outlet pressure was increased
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above the charging pressure. The results indicated that the float-
ing vane was stroking completely on the inlet port under these condi-
tions and not being delayed as earlier pumping configurations had
shown,

The magnitude and the nature of the retarding forces which delay

the floating vane motion on the inlet port have not been determined.
Floating vanes fabricated from steel in an effort to increase their
centrifugal force and to overcome the retarding forces also proved

to be inadequate. A crude modification to the steel floating vanes
and the revision '"B" stepped vanes which allowed the floating vane

to be pulled out by the stepped vane as the stepped vane stroked on
the inlet port was partially successful in reducing the amount of
flow reduction. This experiment verified earlier results, but the
parts were of inadequate structural strength to be used for further
pump evaluation, Their dimensional accuracy was also insufficient to
completely elimina.2 the flow reduction, Some additiong& concepts
have been developed tirat attack this problem without compromising the
advantages of the two-piece vane configuration. One of these is
shown in Figure 13. Further hardware evaluations were terminated,
however, due to insufficient time and funding.

It should be noted at this point that the pump is completely opera-
tional in spite of the delayed motion of the floating vane. The
resultant flow reduction and outlet pressure ripple conditions will
raquire additional study, but preliminary endurance and speed
capability limits have been established for the basic pump concept.
The 1mpact wear on the stepped vane is sufficiently reduced by the
additional steel shim to allow present pump hardware to perform
without having its life severely reduced.

The overall pump efficiency is lower than the original theoretical
predictions. Figure 14 gives this efficiency and the input power

for several operating points at speeds up to 30,000 rpm. In addition,
the input power for pump operation with zero pressure differential
across the vane pump stage is given for speeds up to 37,500 rpm to
indicate the total power allocated to the centrifugal stage, the
bearings, the vane tip and rotor drag, and the flow losses. Table
IV itemizes the individual experimental losses for the 30,000-rpm,
600-psig test condition results shown previously in Figure 12,

The low overall pump efficiency is due to two factors: (1) very low
centrifugal stage efficiency (approximately 11%) and (2) the low vane
pump volumetric efficiency. At the 30,000-rpm, 600-psig test condi-
tions, 447 of the input power was required to drive the centrifugal
stage, The 110-psig centrifugal head developed at this speed is
approximately 2.5 to 3 times that required to theoretically charge
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the vane pump stage. This level of charging pressure provides an
ample safety margin for low inlet pressure operation and also

reduces pump efficiency at high speeds, where a larger percentage

of the developed head is produced by the centrifugal stage. A

better flow match betwecen stages and a more efficient diffuser
section would reduce the power required by the centrifugal stage.

A 30%,centrifugal stage efficiency would increase the overall pump
efficiency to 37% at 30,000 rpm, 600 psig. Higher centrifugal stage
efficiencies above 307 would probably be difficult to obtain, con-
sidering the low specific speed requirements of this application.
Improvements in the undervane flow participation, however, could
easily raise the volumetric efficiency to 80%. This would increase
the overall efficiency to 42%, with a 307 efficiency centrifugal stage
producing the present head at 30,000 rpm. A decrease in the developed
centrifugal head would also help, but experimental verification of
total pump operation at low inlet pressure and high vapor/liquid
ratio would be required to determine how much th' 5 decrease would be.

TABLE IV, DISTRIBUTION OF INPUT POWER AT
30,000 RPM, 600 PSIG, AND 870 LB/HR

Power Con- % of
Description sumpticn (hp) Total Input
Bearing & rotor drag plus 0.67 22
flow losses
Centrifugal stage (Centrifugal 1.33 44

flow requirement is 870 lb/hr +
155 1b/hr leakage or 1025 1b/hr)

Theoretical hydraulic power 0.95 31.5
developed bty vane pump stage

(1260 1b/hr at a 490-psig

pressure differential)

Vane tip drag 0.08 2.5

Total input power (Sum of above 3.03 hp
experimental values)

Total input power as measured during 2.99 hp
complete pump evaluation

Hydraulic output power 0.81 hp
Pump overall efficiency 27
Pump volumetric eificiency 69
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The viscous drag due to the bearings is higher than the theoretical
predictions, but major reductions in the power consumed by the bear-
ings seems improbable due to the high rotational speeds and the close
clearances required for proper load capability, The vane tip drag,
however, is very low, and the resulting mechanical efficiency of the
vane pump stage is high,

Based on the above pump evaluation data, it appears that an overall
efficiency of approximately 507 at 30,000 rpm, 600 psig represents
a realistic maximum. At lower speeds, where the bearing and cen-
trifugal losses are reduced considerably, the overall efficiency
should increase in spite of the lower volumetric efficiency. With
increasing speed, however, the centrifugal and bearing losses will
become a larger percentage of the required input power,

The temperature rise across the pump for various operating conditions
is shown in Table V. The temperatures were measured at the pump
inlet and after the outlet pressure was reduced to inlet pressure

by dropping it across the pump discharge valve. The rise is also
given for operation without the vane and vane tip assembly, to indi-
cate the contribution of the bearings and the centrifugal stage.

TABLE V, FUEL-TEMPLRATURE RISE
Temperature
RPM Test Conditions Rise (°F)

6,000 Centrifugal + bearings; 4 psig, 115 1b/hr 4

Complete pump; 195 psig, 115 1b/hr 7

14,500 Centrifugal + bearing; 30 psig, 395 1lb/hr 5
Complete pump; 300 psig, 396 lb/hr 8

25,000 Centrifugal + bearings; 80 psig, 710 lb/hr 11
Complete pump; 400 psig, 710 1lb/hr 13

30,000 Centrifugal + bearings; 110 psig, 870 1b/hr 13
Complete pump; 600 psig, 870 1lb/hr 19

37,500 Complete pump; 160 psig, 1550 1b/hr 15

After completion of the 200-hour endurance run and the contaminated
fuel evaluation, the experimental fuel-pump performance was evaluated
when operating at a higher fuel inlet temperature and at a reduced
inlet pressure. These evaluations were of short duration and the
objective was to determine whether the pump design had any basic
limitations when operating under the more severe environmental
conditions,
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The pump was successfully operated at 25,000 rpm with a 7.6-psia
inlet pressure and a 100-psig outlet pressure. The fuel inlet
temperature was 51°F, A Plexiglas centrifugal stage housing was
used so that the flow through the centrifugal stage to the vane pump
stage could be visually observed. The centrifugal discharge pres-
sure was also monitored to determine the effect on its magnitude

and to insure that sufficient pressure was applied to the vane pump
stage inlet, With atmospheric pressure applied to the pump inlet,
the centrifugal discharge pressure was 80 psig and the pump flow
rate was 910 1lb/hr. When the inlet pressure was reduced to 7.6 psia,
the centrifugal discharge pressure decreased to 70 psig, and the

pump flow decreased slightly to 900 lb/hr, The flow through the
axial inducer visually appeared to have a high level of fuel vapor

or air entrained in it, A stable cavitation ring was formed at the
centrifugal impeller ID, but the centrifugal discharge flow was

free of entrained vapor. The 7.6-psia inlet pressure is approximately
6 psi above the true vapor pressure of the fuel at this fuel tempera-
ture, The operating time was only a few minutes, because of the
difficulty in maintaining a stable inlet pressure with the present
experimental equipment. Further reduction in the inlet pressure was
also not attempted because of this difficulty.

The pump was successfully operated at 30,000 rpm with a fuel inlet
temperature of 128°F, an outlet pressure of 152 psig, and an atmos-
pheric inlet pressure. The fuel outlet temperature under these con-
ditions was 139°F. The increased fuel temperature was obtained by
removing all coolant flow from the fuel heat exchangers. Coolant
flow was removed when the fuel inlet .emperature was 50°F, and 35
minutes of continuous operation were equired to reach the test con-
ditions. The pump flow rate decreased from 1090 1lb/hr to 1050 1b/hr
due to the increased leakage with the heated fuel. A 4.5-percent
decrease in input power was also noted. The 78°F increase in fuel
inlet temperature represents a change from 1.15 centistokes to 0.59
centistokes in the kinematic viscosity of the JP-4 turbine fuel at the
inlet to the pump. Further operation at higher temperatures was
terminated due to a high level of fuel vapor that was formed at the
unsealed outboard pump bearing. This presented a safety hazard in
the laboratory.

To determine the effects of the above evaluations on pump performance,
the initial 50°F, atmospheric inlet-pressure conditions were repeated.
The results definitely indicated that these evaluations did not cause
pump performance degradation. A subsequent inspection of the pump
components revealed no changes in their dimensions or visual appear-
ance. The pivoting vane tips performed without wear even though the
fuel viscosity was reduced. At no time during the above evaluations
did the performance data indicate that the pump was operating under
marginal conditions, All pump output data were stable.
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Endurance Evaluation

The experimental pump has successfully completed a 200-hour endurance
run using filtered JP-4 turbine fuel. The operating conditions, the
duration at each condition, and the general results and comments are
tabulated in Table VI and Figure 15, The basic objective of this
evaluation was to establish the life capabilities of the pivoting vane
tip, The outlet pressure was maintained at levels low enough to
insure that the floating vane impact damage was not excessive.

After the life capability of the pump was established in the 24,000-
to 30,000-rpm range, the operating speed was progressively increased
until 40,000 rpm was reached. Further evaluation at higher speeds
was terminated because of bearing wear in the speed increaser drive
system. The endurance run was then continued at 30,000 and 35,000
rpm until 200 hours were logged. At no time during the endurance
run was there any indication that the maximum speed limit of the fuel
pump had been reached. It appears that the 50,000-rpm gval may still
be practical with the present design. It should be noted that 200
hours were completed without replacement of the pivoting vane tips

or the cam ring, There was also no evidence to indicate that further
operation would require that they be replaced. In addition, the
bearings and the centrifugal stage are the same parts that have

been used for the entire experimental evaluation of the fuel pump.

During the endurance run, the outlet pressure, outlet pressure
ripple, input power, fuel flow rate, rpm, and temperature rise across
the fuel pump were continuously monitored and recorded at 15-minute
intervals. The pump was periodically disassembled for inspection of
wear. At each disassembly, the critical dimensions on the vane tips,
stepped vanes, and floating vanes were physically measured. All
other parts were visually inspected to insure that they were perform-
ing properly.

The successful completion of the endurance run has verified the ¢
fidence that has been placed in the hydrodynamic pivoting vane tip
concept for achieving high surface speeds in a vane pump. Both !
physical and visual inspections made on the vane tips during th:
endurance run gave no indication of wear on the tip bearing pa
surface. The results were achieved in spite of the inferior iuiri-
cating qualities of the low-viscosity JP-4 turbine fuel. Traces of
the pad crown surface made at intervols during the endurance run
are shown in Figure 16, These traces show the pad profile in the
direction of tip motion and were produced by a "Talysurf" surface
analyzer, which allows the surface to be analyzed at 1000X magnifi-
cation and reproduces the surface profile with an accuracy of + 20
pin, Three vane tips monitored during the endurance run had a
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30-uin, maximum variation in the pad profile when measured using the
above technique. The localized ripple shown in the traces in Figure
16 are due to the porosity of the carbon tip material and were found 1
in the tips after fabrication,

In addition, the inspection of the cam ring surrface produced no |
evidence of hydrodynamic film breakdown. Areas that had shown slight |
run-in contact during the preliminary pump evaluations with beryllium

oxide tips remained unchanged., The minor transition irregularities

between cam ring profile radii were the only areas to show any

evidence of polishing. This condition was noted at speeds higher

than 35,000 rpm. These irregularities were found to be in the 30- {
pin. range after fabrication, and at higher speeds it is possible
that localized contact occurs as the tip bearing pad crosses the
transisions., Further fabrication refinements could help to eliminate
irregularities, but the results indicate that this is not necessary
at speeds up to 40,000 rpm,

Some light scratches in the direction of tip motion were found on the
tip bearing surfaces throughout the pump evaluation and the later
endurance runs. These were found to have a maximum width of ,003
inch aid a maximum depth of 200 pin. It is believed that these were
caused by particles of the hard anodic coating that were chipping
off the sharp edges of the floating vanes. Some additional par-
ticles were found embedded in the soft aluminum stepped vanes. The
pump digests this level of contamination, however, without affecting
hydraulic or mechanical performance.

The trailing edge of the aluminum stepped vane, which had shown some 1
initial run-in wear during the 30 hours of pump evaluation, did not

continue to wear appreciably during the endurance run until 35,000

rpm was exceeded. The maximum metal removal after 135 hours at a

maximum speed of 35,000 rpm was 0,0003 inch. At higher speeds, two b
vanes exhibited increascd wear and were replaced when this wear |
exceeded 0,003 inch., The increased wear appeared to be associated !
with the amount of vane tilt possible in the rotor slot; the rate of
wear also increased when the outlet pressure was increased. The
leading edge of the stepped vane did not show measurable wear at any
time during the endurance run,

As noted above, the hard anodized floating vanes exhibited chipping

of the hard anodic coating. During the 32,500-rpm, 25-hour portion

of the endurance run, this chipping increased because a 400-psig
outlet pressure was maintained. In addition, two of the floating
vanes failed and broke into several pleces, This failure was probably
caused by the higher impact loading during higher pressure operation,
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TABIE VI, ENDURANCE SCHEDULE
Period Operating Conditions Results and Comments¥*
0-50 hr 30,000 rpm; 200 psig No indication of pump dis-
(outlet pressures to tress or excessive wear.
350 psig were main- No parts replaced.
tained for 6-1/2 hr)
50-100 hr 24,000 rpm; 250 psig No indication of pump dis-
tress or excessive wear. No
parts replaced.
100-114 hr 32,500 rpm; 400 psig Failure of one floating vane.
Stepped vane damaged by
failure - replaced with
spare., Steel floating vane
used for replacement, No
damage to pump otherwise.
114-125 hr 32,500 rpm; 300 psig 2nd failure of a floating
vane. All floating vanes
replaced with aluminum float-
ing vanes without the hard
anodic coating, The original,
hard anodized, floating vanes
show considerable chipping
of the hard anodic coating.
125-135 hr 35,000 rpm; 200 psig No indication of pump dis-
(pressure reduced to tress or excessive wear.
minimize floating
vane impact damage)

135-145 hr 37,500 rpm; 230 psig Stable operating conditions.

Flow rate shows no degrada-
tion to date. Trailing edge
of two stepped vanes shows
first sign of increased
wear, 0,002 in, maximum
metal removal. Other vanes
appear unchanged.

* No replacement of pump parts was made except as noted in this

column,

the entire 200-hr endurance run.
used in the conteminated fuel experiment performed after 175
hours of the endurance run.
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TABLE VI - continued

Period Operating Conditions Results and Comments
145 to 40,000 rpm; 256 psig Trailing edge wear on stepped
145-1/4 hr  (first time the pump vanes increasing. Outlet

has operated at this  pressure ripple frequency

speed) increased to 12X rotor rpm.
No indication of vane tip
wear. Tips still appear to
be maintaining a hydrodynamic
film. Attempts to increase
speed terminated at this
point due to bearing wear in
the speed increaser system.

145-1/4 to 35,000 rpm; 200 psig Continuing stepped vane wear.

155-1/4 hr Sides of aluminum floating

vanes show increasing wear
now that surface is not hard
anodized.

155-1/4 to 35,000 rpm; 350 psig Metal removal on trailing

156 hr (these conditions edge of one stepped vane has
used to establish increased to 0,003 in. Vane
effect of high pres- replaced with spare. Im-
sure on durability pact damage due to high pres-
of aluminum parts) sure not excessive; there-

fore, pump will be period-
ically cycled at higher
pressure levels,

156-166 hr 35,000 rpm, 200 psig Replaced 2nd stepped vane due
(outlet pressure to wear on trailing edge.
increased to 350 psig Vane tips in excellent con-
eight times for 15- dition.
minute period - total
time: 2 hr)

166-175 hr 30,000 rpm, 150 psig Speed decreased due to

(outlet pressure
increased to 250
psig four times for
10-minute period -
total time: 40 min)

increasing speed increaser
wear., Pump performance
stable. No degradation of
flow rate. Input power
steady.
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TABLE VI - continued

Period

Operating Conditions

Results and Comments

Contaminated Fuel Evaluation - See Table VII,

175-176 hr

25,000 rpm, 110 psig
to 35,000 rpm, 200
psig (these condi-
tions used to vecify
the pump's previous
high speed capabil-
ity after the con-
taminated experi-
ments)

No indication of pump dis-
tress or wear. Stable pump
performance. Flow rate
identical to results obtained
prior to contamination ex-
periments,

176-200 hr

30,000 rpm, 150 psig

No indication of pump dis-
tress or wear, Slight
decrease in input power. No
indication of vane tip wear.
Tips still appear to be
maintaining a hydrodynamic
film,
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Figure 16. Vane Tip Inspection Results.
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This failure was not noted, however, until the pump was disassembled,

Performance was maintained nevertheless, but one stepped vane had

! to be replaced because of increased undervane wear. The original

‘ hard anodized floating vanes were completely replaced with aluminum

| floating vanes without the hard anodized surfaces. After this, the

! . outlet pressure was not maintained at higher levels for long dura-
tions so that the impact damage could be minimized. All further
high-pressure operation was done on a cycling basis,

The fuel pump bearings and centrifugal stage performed well during
| the entire endurance run. They gave no evidence of marginal opera-
tion, The high-speed thrust bearing contact noted during the
evaluation stage did not increase or cause any problems, Measure-
ment of the journal bearing clearances indicated that the clearances
had increased a maximum of 0,0002-inch from the as-fabricated clear-
| ances of 0,0008 inch. This includes the damage that occurred during
l the beryllium oxide tip failures. The abrasive ceramic particles

did open up the clearances slightly at that time,

Contaminaticon Evaluation

After completing 175 hours of the endurance evaluation, the pump was
subjected to a short contamination evaluation. The objective was to
determine if the pump concepts were unduly sensitive to contaminated
fuel (MIL-E-5007-C). The endurance capability using contaminated fuel
¥ was not evaluated. Some endurance predictions can be made, however,
based upon the results of the short contamination runs, Given amounts
of contaminant were injected into the pump inlet on a single-pass
basis. The contaminated fuel was not continuously circulated from the
pump outlet back to the inlet, but it was fiitered as it left the
outlet 6f the pump. This was consistent with “he objective. It was
important to determine if the maximum required contaminant size
(420 microns) could pass through the vane pump stage without causing
major structural damage to the hydrodynamic vane tips.

Table VII gives a tabulation of the four contamination runs, The
pump was disassembled after each run for inspection and thoroughly
cleaned prior to the next evaluation. The contaminant was separated
into the particle size categories as noted in Table VII so that the
effects of a given size could be independently determined,

The contaminant was injected into the pump at 15,000 rpm. The speed
was then increased to 25,000 rpm and held to insure that 11 of the
contaminant was removed from the contaminant chamber at | e i let to
the pump. The increased flow at 25,000 rpm was sufficient to cause
| removal of all the contaminant,
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The results of the contamination evaluation are very encouraging.
Silica sand particles as large as 420 microns (.0165 in,) were accepted
by the pump without producing any structural failures. In fact, the
larger silica sand particles (177-420 microns) did not appear to have
any effect on the pump performance or to cause any abrasive type wear
on the pump components. The fine grade of Arizona road dust (A.C.
Spark Plug Co, Part No. 1543094), which had particle sizes ranging
from 0-80 microns, produced the most wear damage to the pump compo-
nents, After these fine particles were placed in the pump, approxi-
mately a 7% increase in input power was noted. The succeeding runs
with larger particles did not produce any further changes in the
input power, however. The increase in input power was the only per-~
formance deviation noted. The flow rate was stable both during and
after the contamination runs and did not deviate from previous
results obtained during the endurance evaluation,

Contamination produced visible damage to the aluminum stepped vaaes
and floating vanes. Some areas on these parts had a sand-blasted
appearance, and there was no indication that they had the required
endurance capability. The surface roughness of the tip bearing pad
surface increased from a 20 win, to a 40 pin. center line average.
The pad surface appeared roughened after the fine dust was used, but
this roughness did not increase with succeeding runs. The carbon
tip material appeared to have marginal contamination resistance in
the area of the bearing pad when subjected to fine, abrasive
particles, The tip socket area showed very little indication of
damage, however. This was also true of the aluminum vane socket.
The contaminant could not penetrate the small clearances in large
enough quantity to cause damage. At no time did the inspection after
the pump was disassembled reveal any evidence that either the vanes
or the tips were not free to move properly. After the fine dust
evaluation, there was definice evidence of residual contaminant in
the pump and indication of tip and vane drag in their regpective
motions. The amount of residual contaminant and the vane and tip
drag diminished as the particle size increased. After the last
silica sand run (250-420 micron), therc was no indication of any drag
and the results were the same as a run on clean fuel.

Figure 16 shows traces of the tip bearing pad crown after the con-
tamination schedule was performed, The overall configuration
remained unchanged on the pads, but considerable erocion was noted
in some localized areas. It is important that this configuration
remains unchanged sc that the tip hydrodynamic bearing capability is
not degraded. The erosion noted should not severely affect the load

capability, but it would probably cause the tip to run at a smaller
film thickness, The smaller film thickness is a likely explanation
for the increased input power.
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The remaining pump components were only slightly affected by the con-
tamination schedule, The '"Ferro Tic'C" cam ring and combination
journal and thrust bearings did not change in appearance. The bronze
sleeves did not show any evidence of wear, Light polish zones found
during a previous inspection of these parts remained unchanged and
indicated that very little of the contaminant reached the journal
bearing area., The results indicate that most of the contaminant ‘ i
remains in the main flow paths in the pump and is ejected through the ]
outlet port. The centrifugal impeller and axial inducer were unchanged.

l After the contamination schedule was completed, the pump was cleaned
and reassembled, and the endurance evaluation continued. Because of

_ problems with the speed increaser system, the maximum speed did not

l exceed 35,000 rpm. For 1 hour the fuel pump was operated in the

' 25,000~ to 35,000-rpm range to verify its previous capability. The

7% increase in input power was still noted. A disassembly revealed

no additional pump wear., The evaluation continued at 30,000 rpm for

24 more hours, bringing the total endurance time to 200 hours, A slight

decrease in input power was noted during the last 24 hours, but the

input power was still approximhtely 4 or 5 percent higher than obtained

prior to the contamination schedule. The results did not give any

indication that further operation would continue this trend, however.

The inspection revealed that subjecting the pump to the contamination J

schedule had not reduced the pump's high-speed capability and that it

was still operational. The flow rate was stable and corresponded to

the same level obtained prior to the contamination schedule.

CONCLUS IONS

The basic design concepts incorporated in the experimental fuel pump
appear very promising. The high-speed capabilities of the pivoting
vane tip concept have been clearly demonstrated, with encouraging
results. Speeds as high as 40,000 rpm have been experimentally
achieved, and the goal of 50,000 rpm still appears to be feasible.
The experimental pump has also provided the information necessary to
an understanding of the requirements for vane and vane tip stability
under the broad range of fuel pump operating speeds and pressures.

To date, the experimental fuel pump as fabricated is not completely
capable of meeting all of the realistic requirements of a gas-turbine
fuel pump. The flow reduction and outlet pressure ripple conditions
will require further design effort before the required high-pressure
pump life is obtained. The floating vane impact condition produces
accelerated wear in the undervane area when a vane stage differential
pressure of 200 psi is exceeded, The 200-hour endurance run indicates,
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TABLE VII. CONTAMINATION SCHEDULE
Duration After Con-
) Particle tamination Injected
Contaminant Size Quantity* Into Pump
(microns) (grams) minutes)
Fine Arizona Road 0-80 1/2 25
Dust. A.C. Spark
Plug Co. Part No.
1543094
Coarse Arizona Road 0-200 1/4 12
Dust. A.C, Spark
Plug Co. Part No.
1543637
Sharp Silica Sand 177-250 1/4 13
Sharp Silica Sand 250-420 1/4 10
* These quantities represent particle densities in the fuel that
far exceed the requirements of MIL-E-5007C, particularly since
the particles were introduced in a single slug of fuel into
the fuel pump. The higher level was chosen because the par-
ticles were injected on a single-pass basis,

however, that a high-speed, long-life fuel pump is definitely
feasible., The total vane tip bearing pad profile change of less
than 50 win, during the endurance run is a significant achievement,
considering the high surface speeds.

The overall efficiency of the experimental fuel pump is relatively
low, but significant improvements appear to be possible with opti-
mization of the centrifugal stage design and improved vane pump stage
volumetric efficiency. The centrifugal stage design proved to be
capable of supplying the required charging pressures at all speeds
and performed successfully at low inlet pressure conditions, High-
speed bearing life and performance have also been obtained using the
low-viscosity turbine fuels as a lubricant.
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The contaminated fuel experiments have indicated positively that the
basic design concepts are not unduly sensitive to contaminated fuel,
It is felt, however, that considerable effort will be required in

the area of component materials selection to insure that a high-speed
fuel pump of the type described will have adequate life under long-
term exposure to contaminated fuels,

The use of the basic fuel pump concepts with hydraulic pumps appears
to be feasible. It should be pointed out, however, that the speed
and pressure limits have not been experimentally established. Pre-
sently, it appears that speeds of 30,000 rpm and pressures approach-
ing 3000 psig are realistic, particularly for low-capacity pumps.

The low-outlet-pressure requirements of a lubrication pump make the

use of any high-speed positive-displacement pump unattractive for
lubrication pump applications.

RECOMMENDATIONS

It i~ recommended that the high-speed fuel pump development be con-
tinued because of the highly encouraging results obtained to date,
It is felt that further effort should be applied to the determina-
tion of the performance limits for the basic concepts and the de-
velopment of the high-pressure, endurance capability that has not
been demonstrated to date, The following is a list of suggested
areas for future research:

1. Development of an undervane pressure distribution system
that eliminates the present high-pressure floating vane
impact conditions.

2. Determination of the pivoting tip speed limitations. Not
only should this consider the present configuration, but it
also should attempt to establish more completely the geo~
metric conditions necessary for optimization of the tip
performance.

3, Basic materials studies to improve both the endurance and
the contamination capabilities of future hardware. The
effects on the ease of pump fabrication should also be
considered.

4. Investigation of structural improvements that could
increase pump performance and simplify pump fabrication.

5. Optimization of the centrifugal stage design to improve
overall pump efficiency.
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6. Determination of the effects of shock and vibration and the
sensitivity of the basic components to these environmental
conditions. 1

In addition, it is suggested that some consideration be given to a
variable-displacement fuel pump after the fixed-displacement concepts
have been fully established. The basic technology for high-speed
operation has been established, but a considerable improvement in

the overall fuel system performance could also be gained if a
variable-displacement capability could be developed. The development
of a variable-displacement fuel pump appears to be feasible, based

on the results of the present research., This development would
probably evolve directly from the present fixed-displacement vane

pump concepts.
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APPENDIX I
THEORETICAL ANALYSIS OF VANE ASSEMBLY DESIGN
NOMENCLATURE
Nominal
Parameter Description Value
, a (See Figure 17) 0.030
{ B Tip pad width 0.060
j b (See Figure 17) 0.030
i C Load variable ---
1 d1 (See Figure 17) 0,012
dz (See Figure 17) 0.012
i h Film thickness ---
h° Minimum film thickness -—-
P Pressure o=
P1 Pressure in front of vane cow
| ) Pressure behind vane ~e-
U Velocity of vane tip pad s
W Load capacity ==
x (See Figure 17) -—--
M Viscosity of JP-4 (80°F) 0.84 x 10-7
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Units
inches
inches
inches
dimensionless
inches
inches
inches
inches
psig
psig
psig
in./sec
1b/in.
inches

lb-sec/in.2
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Figure 17. Vane Tip Schematic.
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PIVOTING VANE TIP ANALYSIS

The pivoting vane tip operates as a centrally pivoted pad thrust bearing. ]
It is self-acting, and the pressure in the fluid film between the tip

bearing pad and the cam ring surface is hydrodynamically generated by

the relative motion between the surfaces. The resulting hydrodynamic

pressure profile is charged with supporting the centrifugal loading of |
the vane assembly plus any chosen hydrostatic radial unbalance and the
radial drag forces due to inward stroking of the vane, 2

The factor which is of most significance in contributing to the load
capacity of a centrally pivoted pad i§ the relative surface profile
between the pad and the cam ring.(4-5 For this reason, considerable
effort was devoted to determining the proper relationship between the
tip pad radius and the cam ring radii for various pad widths, B, The
results of this analysis played an important part in the final design
configuration of the vane pump stage.

A computer program developed by the Battelle Columbus Laboratories to ' 1
study this problem in previous high-speed vane pump designs was used d ]
during this analysis. The program is based upon the solution of the
usual Reynolds equation for the no-side-flow condition.

3
o hip) ., dh 1)
ax G ax = % ax '

This two-dimensional analysis neglects bearing side flow along the
length, but the long vane tip length in comparison to the pad width
makes the assumption reasonable. The additional assumptions involved
are that the fluid viscosity is considered constant and that the fluid
is incompressible. These assumptions are realized when low-viscosity
lubricants such as water are used. Preliminary experiments with JP-4
also indicated good correlation with this theoretical approack.

The resulting load capacity per unit length 1z given by 3

2
w=c"£§-— @)
hl:l'

The load variable (C) is a function of the relative surface profiles,
the magnitude of the minimum film thickness (h,), and the position of
the point of minimum film thickness as measured from the pad leading
edge.
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A plvoted pad exposed to a uniform hydrostatic pressure field will auto-
matically rotate to a position of stable equilibrium, Equilibrium

occurs when the resultant force produced by the hydrodynamic pressure
profile passes through the pad pivot, eliminating all moments applied to
the pivoting vane tip. The application of this concept to a vane pump
requires that the effects of a hydrostatic pressure differential across
the pad width also be investigated to determine the requirements for tip
rotational equilibrium under this condition, The computer program is
designed to calculate the hydrostatic pressure distribution on the bearing
pad and the resulting moment generated for varying tip positions and mini-
mum £iim thicknesses. This is combined with the results of the hydro-
dynamic profile analysis to determine if a condition of stable rotational
equilibrium exists for the operating conditions required for the fuel
pump application.

For a given minimum film thickness, the program calculates the net
moment applied to the tip and the load capacity of the tip as the point
of minimum film thickness is moved from the leading edge to the trailing
edge of the pad in small steps. The program essentially rotates the

tip through various positions until a position of stable equilibrium is
achieved. The achievement of equilibrium requires that the net moment
applied to the tip be zero and that if the tip is rotated slightly from
this position, the resulting moment be of proper direction so as to
return the tip to the equilibrium position,

A revision "A" tip design (without the raised pad) requires that the
moment generated by the hydrostatic pressure differential on either the
pumping or the sealing lap spaces be counterbalanced by the self-generated
hydrodynamic pressures of the bearing because all other pressures applied
to the tip produce forces whose resultants pass through the tip pivot
point., When the magnitude of the hydrostatic pressure profile is much
larger than that of the hydrodynamic pressure profile, a condition
results in which a stable rotational equilibrium point does not exist.
The required orientation between the tip bearing pad and the cam ring
necessary for noncontacting operation cannot then be maintained. The
lower hydrodynam.c pressures occur in the fuel pump at the low-speed
conditions when the resulting vane assembly centrifugal loading is con-
siderably reduced, Thz low relative surface speed and large film thick-
ness produce a situation in which the slightly reduced hydrostatic
pressures predominate by a large factor. This situation could also

occur at higher speeds if large film thicknesses were maintained, but the
high centrifugal loading can be supported by the bearing only at rela-
tively low film thicknesses in which the hydrodynamic pressure is large.

To produce stable tip equilibrium at the pump low-speed operating con-
ditions, it is necessary to provide a hydrostatically generated counter-
balancing moment. The revision "B" raised-pad design fulfills this
requirement, The vertical lands serve to produce counterbalancing
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moments which automatically reverse direction in phase with the normally
unbalanced bearing pad surface moments. The result is a tip which is
stable independent of the pump speed and the outlet pressure magnitude,
Figure 18 chows the hydrostatic pressure distributions on a tip of this
design for both the pumping and the sealing lap spaces.

VANE RADIAL STABILITY ANALYSIS

The object of the vane design is to produce an undervane pressure dis-
tribution which causes the vane assembly to track the pump cam ring pro-
file without lifting off the cam surface and which at the same time does
not produce excessive loading between the pad bearing surface and the
cam ring, The computer program described previously is designed also to
calculate the requirements for balancing the radial forces applied to
the vane assembly and therefore provides the tool by which this problem
can be analyzed.

The stepped vane and resulting undervane communication technique place
the vane assembly in a uniform hydrostatic field during the inlet and
outlet port segments of the pumping cycle, Proper tracking in these
areas is determined by the cam ring profile design. On the lap spaces,
however, the effect of a hydrostatic pressure distribution on the
bearing pad produces an inward force on the vane assembly. To insure
vane tracking at lower pump speeds and high outlet pressure, it is
necessary that this force be balanced by the undervane pressure distri-
bution as shown in Figure 18, The low-speed, high-pressure conditions
require a hydrostatic balance because the resulting vane assembly cen-
trifugal loading is not sufficient to provide overall stability, A
hydrostatic balance therefore provides vane stability over a wider
range of pump speeds and pressures.

The two-piece stepped vane configuration used in the final experimental
pump provides the required undervane pressure distribution for both the
pumping and the sealing lap spaces. As indicated in Figure 18, the bear-
ing pad hydrostatic pressure profile is not the same for both lap spaces,
because high pressure precedes the vane tip on the pumping lap space but
trails it on the sealing lap space. In addition, the bearing film
profile is not symmetrical about the tip center line, but has its posi-
tion of minimum film thickness approximately 75 percent of the tip width
behind the leading edge (§'= .75). It is therefore necessary to provide
a different undervane pressure distribution for each lap space.

To provide a complete balance of the radial hydrostatic forces, the
sealing lap space conditions require that 50 percent of the underva:
area be subjected to outlet pressure, with the remeining area at inlet
pressure, ~fror the pumping lap space conditions, a split of 67 percent
at outlet pressure and 33 percent at inlet pressure is required. On
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the pumping lap space, this is controlled by the split in the rotor slot;
on the sealing lap space, by the split on the stepped vane. The floating
vane provides the mechanism by which the urdervane distribution is varied.
The direction of the pressure differential across this part positions the
floating vane as shown in Tigure 1 on each lap space so that the proper
percentage of undervane area is exposed to outlet pressure.

RESULTS OF VANE ASSEMBLY PERFORMANCE ANALYSIS

The significance of the relative surface profile between the bearing pad
and the cam ring is demonstrated in Figure 19. The two curves shown

give the tip load capacity versus minimum film thickness for the two

radii used to generate the cam ring profile in the experimental fuel

pump., The tip pad radius was chosen so that the load capacity on the
0.30~inch cam ring radius is optimized when the operating minimum film
thickness is in the 25- to 60-uin. range at 50,000 rpm. The load variable
under these conditions ranges from 0.141 to 0,156; the latter value is
approximately the theoretical maximum for a centrally pivoted pad bear-
ing. To obtain this optimized condition for a pad width (B) of 0.060
inch, a tip pad radius of 0.295 inch was required. The results on the
0.32-inch cam ring radius are far from optimized, however, as a compari-
son of the two curves demonstrates. The load variable at a 25 fin. mini-
mum film thickness on the 0.32-inch radius is reduced to 0,038. There is '
also a marked reduction in the stiffness of the bearing under the unopti-
mized operating conditions. Therefore, only a very slight variation in
cam ring radius is required to reduce the tip load support a considerable
amount,

The sensitivity of the bearing design to the relative radii can be
reduced by decreasing the pad width (B). This is not a universal solu-
tion, however, for the load support is proportional to the square of B

as pointed out in equation (2). As a result, it is necessary to compro-
mise the sizing of the tip so that adequate load support is obtained with
a realistic variation in cam ring radii.

The above considerations were the basis for the design of the present
single-lobe cam ring profile, A stroke of 0,020 inch appeared to be a
practical minimum for a high-speed fuel pump and the resulting 0.020-inch
variation in cam ring radii appeared to be a practical maximum for suffi-
cient tip load capacity at all operating conditions, A smaller pad
width would have allowed for greater pump stroke and would have lowered
the vane assembly centrifugal loading, but the resulting load capecity
would have required that a minimum film thickness of less than 20 pin,

be maintained for 50,000-rpm operation. This appeared to be impractical,
for the resulting part surface finish requirements that would allow non-
contacting operation would have been extremely demanding.
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Curves showing the net tip load capacity versus minimum film thickness

at various speeds are given in Figures 20, 21 and 22 for the final experi-
mental pump design. These curves give the load capacity available to
support the vane assembly centrifugal loading, The effect of the hydro-
static pressure forces has been included in the results for both lap
spaces. The curves represent points of stable equilibrium for both the
tip and the vane assembly.

The centrifugal loadings for the various vane operating positions are
given in Table VIII for the speeds used in the previous figures. The
loading per unit length is increased in the port areas to account for

the shorter load-supporting length of the cam ring in these positions.
Fifty percent of the length is removed for radial porting on the 0.030-
inch radius in both ports, while twenty-five percent is removed on the
0.32-inch radius., Most of the porting is accomplished on the 0.30-inch
radius because of the superior load capacity in this portion of the ports.

On the pumping lap space, 67 percent of the undeivane area is subjected
to outlet pressure, resulting in a hydrostatic radial balance. The
sealing lap space was designed with 64 percent of the undervane area
exposed to outlet pressure. This exposure results in a radially outward
hydrostatic unbalance, but it insures tip stability at the 6000-rpm
operating conditions. The need for the unbalance on the sealing lap
space is shown in Table IX, which gives the predicted operating film
thickness and rotational position of the tip for all vane operating
conditions analyzed with the computer., It is arranged to give these
parameters for steady-state operation as a vane assembly progresses
through one complete pumping cycle. As a vane leaves the outlet port at
6000 rpm, 200 psig, it has a 150-pin, film thickness. On the sealing
lap space, however, the tip does not have rotational stability at film
thicknesses greater than 75 pin., To insure that operation occurs in

the stable range, the vane assembly is forced radially outward by the
hydrostatic unbalance. This requires a smaller film thickness to carry
the additional loading and places the tip within the stability range.
The same type of problem is not encountered of the pumping lap space
because the tip has rotational stability at much larger film thicknesses
when the high pressure is ahead of it,

Table IX points out that the minimum film thickness of 30 pin. occurs
at 50,000 rpm on the 0,.32-inch radius of the inlet and outlet ports,

At this speed, the tip is predicted to operate with a 30- to 45-Win.
range of film thicknesses during each complete pumping cycle. The

point of the minimum film thickness varies only slightly during the
cycle, however, The slight variation indicates that the tip is basicall
operating under steady-state conditions, with the effects of transients
minimized, It makes the predictions obtained from the steady-state
computer analysis more accurate.
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Figure 21. Theoretical Vane Tip Load
Capacity - 15,000 RPM.
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Drive speed, 6000 rpm
Inlet pressure, O psig
Cutlet pressure, 200 psig
12 Fluid: JP-4 (80°F) 4
Tip radius: 0.295 in.
| B = 0.060 in.
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Figure 22, Theoretical Vane Tip Load
Capacity - 6000 RPM.
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TABLE VIII., VANE ASSEMBLY CENTRIFUGAL LOADING - LB/IN.*
=—4=
Rotor RPM
Operating Position 50,000 15,000 6,000
Sealing Lap Space 18.5 1.7 0.27
0.32 in, Port Transition 24,5 2 42 0.35
0.30 in., Port Transition 43.0 3.9 0.62
Pumping Lap Space 19.5 1.8 0.28

} * Loading per inch of cam ring axial length,
| m
3

l TABLE IX, PREDICTED OPERATING FILM THICKNESSES

Rotor RPM
i 50,000 15,000 6,000
i
h h h
. o (x/B) 0 (x/B) o (x/B)
Operating .

g Position (bin,) at ho (in.) at ho (uin.) at ho
Sealing Lap Space 45 .77 50 .76 40 .74
0.32 in. Inlet 30 .76 85 .76 150 .76
Port Transition
0.30 in. Inlet 40 A7 75 .82 120 .86
Port Transition
Pumping Lap Space 37 .76 75 .77 80 .79
0.30 in. Qutlet 40 77 75 .82 120 .86
Port Transition
0.32 in, OQutlet 30 .76 85 .76 150 .76

Port Transition

73

Sealing Lap Space 45 .77 50 .76 40 .74




Larger film thicknesses are expected for low-speed operation except on
the sealing lap space. 1In the latter case, they actually decrease as
speed is decreased due to the hydrostatic radial unbalance required to
allow for tip stability. Load support is adequate in this area, however,
because the tip operates under optimized conditions by being matched
with the 0.30-inch cam ring radius.
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APPENDIX II
LUBRICATION AND HYDRAULIC PUMP CONSIDERATIONS

The hypothetical requirements for lubrication and hydraulic pumps that
this study is based on are given in Table X. Both of these pumps have
flow requirements in the same range as the experimental fuel pump at the
50,000-rpm operating conditions, The fluid used in each pump also has a
viscosity level that is of the same order of magnitude as the turbine
fuels at the expected operating temperatures. The viscosity may be three
or four times greater than with turbine fuels, but the same problems

that occurred in the fuel pump design due to low-viscosity fluids can

be expected to have a major effect on the design of these two pumps.

HYDRAULIC PUMP

This pump has two additional requirements that make the feasibility of
using the fuel pump concepts difficult to evaluate: the variable-
displacement requirement and the 4000-psig outlet pressure. To adapt
the pivoting tip concept to a high-speed, vane-type fuel pump, it was
necessary to use a hydrostatically unbalanced single-lobe design. At
outlet pressures above 1500 psig, the single-lobe design becomes much
less attractive due to the increased side loading that must be accepted
by the pump bearings. A circular, eccentric cam ring profile would pro-
duce a reasonably straightforward variable-displacement mechanism. In
fact, the single cam ring radius would allow the tip pad radius toc be
optimized at all positions during the complete pumping cycle and permit
an increase in the amount of vane stroke. The rotor, however, would need
to be small in diameter and short in axial length so that the area
exposed to high pressure and the resulting side loading are minimized.
The resulting pump would appear to be best suited for low flow applica-
tions; but as a result of this and the high pressure, it would probably
have a low volumetric efficiency., At best, the straight utilization of
the fuel pump as a high-pressure, variable-displacement hydraulic pump
appears to result in a pump of limited application.

A more universally attractive design would be a hydrostatically balanced
two-lobe configuration. Research in this area has been done by the
Battelle Columbus Laboratories for the Air Force Aero Propulsion Labora-
tory at Wright-Patterson Air Force Base, The emphasis of this program
was placed on the development of a similar hydraulic pump operating at
30,000 rpm and with a capacity of 50 gpm at 4000 psig. A flexible, two-
lobe, cam ring concept was used to provide for variable displacement in
addition to the use of the pivoting vane tip concept.

This effort has not yet produced hardware that demonstrates the required
operating characteristics. It has, however, provided considerable infor-
mation about the limitations of the design concepts as applied to a pump
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TABLE X, LUBRICATION AND HYDRAULIC PUMP REQUIREMENTS

Hydraulic Pump

Maximum speed:

Maximum flow rate:

Design pressure at 100 percent speed:

Hydraulic fluid:

Fluid inlet temperature:

Lubrication Pump

Maximum speed:
Flow rate at 100 percent speed:

Flow rate at 60 percent speed:

Design pressure at 100 percent speed:

Design pressure at 60 percent speed:
Lubrication oil:

Fluid inlet temperature:

50,000 rpm

5 gpm (variable displacement
required)

4000 psig
MIL-H-5606

250° to 300°F

50,000 rpm

3 gpm

2 gpm

40 to 100 psig

20 to 50 psig

MIL-L-7808 or MIL-L-23699

300°F maximum
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of this type. The effects of a low-viscosity fluid in combination with
the difficulty in obtaining the proper cam ring profile to provide

tip load capability and stability leave the feasibility of the pump
experimentally as yet undetermined.

The Battelle approach to the high tip surface speeds resulting from high
rotational speeds has been the use of the hydrodynamically lubricated
pivoting vane tip. Research to date indicates that although this
approach provides a theoretical advantage, a compromise of the hydraulic
aspects of the pump design appear to be necessary to obtain proper
mechanical operation of the tip with low viscosity fluids and high
differential pressures, The small, 0,020-inch fuel pump stroke is the
result of such a compromise,

A two-lobe cam ring profile produces a large variation in radius of
curvature, particularly as the stroke is increased. A high-speed pump
also requircs a minimization of the rotor diameter to reduce the charg-
ing pressure necessary to accelerate the fluid to vane tip velocity
without cavitation at the inlet. Both these factors produce conditions
which detract from the theoretical requirements necessary to produce
the proper relative surface profile between the tip pad and the cam
ring, Therefore, the high-speed capability of the tip and its ability
to achieve stable equilibrium when exposed to high differential pres-
sures are severely penalized.

By increasing the diameter and reducing the vane stroke, the feasibil-
ity of proper tip operation is increased., The hydraulic characteris-
tics of the pump would then be penalized, particularly the overall
efficiency under high-pressure operating conditions, Operation of a
1.5~inch-rotor-diameter pump at 50,000 rpm would require a minimum of
600 psi at the pump inlet, and this requirement is unattractive. Yet,
this diameter combined with a maximum stroke of 0,020 inch would pro-
vide a favorable relative surface profile between the tip pad and cam
ring,

Because of the conflicting design requirements noted above, it appears
that the pivoting vane tip concept may have feasibility only in certain
vane pump applications, Use of a solid vane operating with high tip
speeds and with boundary lubrication has not been thoroughly investi-
gated during the Battelle research to dace., The proper selection of
vane and cam ring materials will probably determine the surface speed
limit for these conditions., A design using this technique appears to
have less conflict with pump hydraulic requirements, but until the
design is thoroughly investigated, a prediction of the speed limita-
tions will be difficult,
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A reduction in the 50,000-rpm requirement to the 25,000~ to 30,000-rpm
range would make the development of the hypothetical hydraulic pump more
realistic with the information presently available, The lower speed
reduces the charging pressure requirements and makes the vane tip design
less critical., The choice of a solid vane versus a vane with a pivoting
tip is a difficult one that requires more research for this application.
The two-lobe flexible cam ring concept has shown experimental feasibility,
but satisfactory manufacturing techniques have not yet been established.

In general, the design of a high-speed, high-pressure hydraulic pump
appears to be feasible. The potential capabilities of such a pump have
not been established. It is hoped that further research will better
define the speed and pressure limits and provide more information about
the efficiencies to be expected, With this information, the potential
of the present concepts can be more fairly evaluated.

LUBRICATION PUMP

The low-pressure requirements of this pump at the maximum speed make the
use of a high-speed positive-displacement pump very unattractive, The
inlet pressure requirements at 50,000 rpm would be at least 50 psig, even
for a 0.5-inch-diameter rotor, This 1is approximately identical to the
required outlet pressure. It would appear that a small centrifugal pump
of the type used for the fuel pump charging stage would provide adequate
discharge pressure at 50,000 rpm, even for outlet pressures up to 200
psig. The major problem would be a need to maintain pressure at the
light-of f speed conditions. The developed head of a centrifugal pump
decreases 1in proportion to the square of the speed and the pump would
develop very little at 10 percent of maximum speed. This requirement
appears unlikely, however.

A direct utilization of the fuel pump concepts would appear practical
only where outlet pressures above 300 psig are required and when the
pressure must te maintained over a wide range of speeds.




APPENDIX III
FEASIBILITY OF UTILIZING AN EMULSIFIED FUEL

The information available on the present emulsified fuels(6’7) indicates
that the emulsions will break down to the liquid form when subjected to
high shear rates and recirculation through pumping devices. The prelimi- !
nary studies showed that fuel emulsions can be pumped by low-speed, high-
capacity pumps without changing their state. High-speed, low-capacity
pumps produced considerable breakdown.

Based on this information, it appears that the high-speed experimental
fuel pump would cause at least partial recovery of the liquid fuel by
pumping the emulsion. It is very likely that the centrifugal stage would
cause complete liquid fuel recovery at the centrifugal outlet due to the
high speed and the high level of recirculation that takes place within
this stage at present. Therefore, if no breakdown of the emulsion is a
requirement, a high-speed pump appears to be impiractical.

If breakdown of the emulsion at this point in the flow path to the tur-
bine nozzles is acceptable, then it appears that pumping the emulsion
with the experimental fuel pump is feasible., This is particularly true
if complete emulsion bLreakdown occurs within the less sensitive centrifu-

- —— it

gal stage. The vane pump stage would be supplied with liquid fuel under _
these conditions and should not show any changes in its overall pumping
characteristics. /

I1f partial liquid recovery is obtained in the centrifugal stage, the
resulting liquid-emulsion combination may present problems in the vane
pump stage. The abilities of the pivoting vane tip may be degraded due

to the presence of the emulsion, but only an experimental evaluation

could provide a firm answer. The effects of the emulsion clogging the
undervane areas and tip socket area could also produce potential problems.
The presence of the emulsion may be unimportant at the higher operating
speeds where considerable liquid recovery can be expected in the centrifu-
gal stage. At the low-speed, light-off conditions, however, the emulsion
may create difficulties,.

The preliminary studies(6’7) indicated that the emulsions can be readily
pumped, but they do not necessarily flow well into the pump inlet., The
poor inlet flow results in pump cavitation, which could be an increased
problem with the high-speed fuel pump. A high-speed pump is much more
sensitive to low inlet pressures, and the use of an emulsion may create
additional difficulties. Flow problems between the centrifugal and
vane stages may also present a potential problem because of the small
passages. The experimental pump has a wide safety margin in charging
the vane pump stage, but improvements in the overall efficiency may not
be possible if this margin is maintained to insure proper flow of the
emulsified fuel.
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The use of the emulsified fuels would require that the pump be able to
accept much higher than normal levels of contamination due to filtration
problems, The effects of corrosion may also increase with the use of a
water emulsion. Both of these additional problems are concerned with
materials selection in the pump, and verification of the pump's abilities
can only be determined experimentally, The effects of contamination will
definitely be the most difficult to eliminate. Contamination may have
both short-and long-term effects, depending on the contaminant particle
size,
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